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FOREWORD- 


This  three-volume  book  of  proceedings  includes  the  written  versions  of  the 
papers  presented  at  the  Second  International  Congress  on  Recent  Developments 
in  Air-  and  Structure-Bome  Sound  and  Vibration  held  at  Auburn  University 
March  4-6, 1992.  The  Congress  was  sponsored  by  AubUrh  University  in  cooperation 
with  the  International  Commission  on  Acoustics  of  lUPAP  and  the  20  professional 
societies  in  14  countries  listed  at  the  beginning  of  each  volume.  The  support  of 
this  Commission  and  the  professional  societies  has  been  invaluable  in  ensuring 
a  truly  international  congress  with  participation  from  30  countries.  This  support 
is  gratefully  acknowledged.  In  addition,  the  organizing  committee  would  like  to 
thank  the  National  Science  Foundation,  the  Office  of  Naval  Research,  the  Office 
of  Naval  Research — Europe,  the  Alabama  Space  Grant  Consortium,  NASA,  the 
College  of  Engineering  and  the  Department  of  Mechanical  Engineering  of  Auburn 
University  for  financial  assistance. 

Topics  covered  in  the  Proceedings  include  Sound  Intensity,  Structural  Intensity, 
Modal  Analysis  and  Synthesis,  Statistical  Energy  Analysis  and  Energy  Methods, 
Passive  and  Active  Damping,  Boundary  Element  Methods,  Diagnostics  and  Con¬ 
dition  Monitoring,  Material  Characterization  and  Non-Destructive  Evaluation, 
Active  Noise  and  Vibration  Control,  Sound  Radiation  and  Scattering,  and  Finite 
Element  Analysis. 

The  order  in  which  the  217  papers  appear  in  these  volumes  is  roughly  the 
same  as  they  were  pr  esented  at  the  Congress  although  the  order  is  modified 
somewhat  so  they  can  be  grouped  in  the  topics  above.  There  are  also  six  keynote 
papers,  including  Professor  Sir  James  Lighthill  on  Aeroacoustics  and  Atmospheric 
Sound,  Professor  Frank  J.  Fahy  on  Engineering  Applications  of  Vibro-Acoustic 
Reciprocity;  Dr.  Louis  Dragonette  on  Underwater  Acoustic  Scattering,  Professor 
Robert  E.  Green  on  Overview  of  Acoustical  Technology  for  Non-Destructive 
Evaluation,  Professor  David  Brown  on  Future  Trends  in  Modal  Testing  Technology 
and  Professor  Lothar  Gaul  on  Calculation  and  Measurement  of  Structure-bome 
Sound.  The  papers  in  this  book  cover  all  major  topics  of  interest  to  those  concerned 
with  engineering  acoustics  and  vibration  problems  in  machines,  aircraft,  spacecraft, 
other  vehicles  and  buildings. 

In  the  last  30  years,  improvements  in  computers  have  allowed  rapid  developments 
in  both  theoretical  and  experimental  analysis  of  acoustics  and  vibration  problems. 
In  the  early  1960s  statistical  energy  analysis  (SEA)  was  first  applied  to  coupled 
sound  and  vibration  problems.  In  the  early  1970s  the  finite  element  method  (FEM) 
was  first  used  in  acoustics  problems.  In  recent  years  considerable  progress  has 
been  made  with  the  boundary  element  method  (BEM)  in  which  discretization  is 
confined  to  two-dimensional  surfaces  instead  of  three-dimensional  fields.  Some 
of  these  approaches  have  been  combined  for  instance  in  iEA-FEM.  The  1980s, 
which  have  also  seen  rapid  advances  in  improved  measurement  techniques,  could 
be  called  the  decade  of  soimd  intensity,  as  it  can  now  be  used  for  rapid  meas¬ 
urements  of  the  in-situ  sound  power  of  a  machine,  to  rank  noise  sources  and 
determine  transmission  loss  of  structural  partitions.  Power  flow  in  structures  also 
now  can  be  determined  with  the  use  of  structural  intensity  measurements.  Sound 


and  vibration  signals  are  being  used  increasingly  to  diagnose  the  condition  of 
machinery  and  to  detect  faults  or  to  determine  the  properties  of  materials  through 
non-destructive  evaluation.  There  is  also  increased  knowledge  in  sound  radiation 
and  scattering;  in  particular  advances  have  occurred  in  scattering  theory  and  in 
numerical  solution  techniques. 

The  organization  and  hosting  of  a  conference  is  a  considerable  undertaking, 
and  this  Congress  is  no  different.  We  would  firstly  like  to  thank  all  the  authors 
who  submitted  their  contributions  promptly  making  publication  of  this  book 
before  the  Congress  possible.  We  would  also  like  to  acknowledge  the  assistance 
of  the  scientific  committee  and  organizing  committee  who  helped  to  completely 
organize  some  sessions.  The  staff  of  the  Mechanical  Engineering  Department  of 
Auburn  University  also  provided  valuable  assistance.  Our  special  thanks  are 
extended  to  Rose-Marie  Zuk  who  worked  untiringly  and  efficiently  on  all  aspects 
of  the  Congress  program  and  this  book,  to  Julia  Shvetz  who  provided  invaluable 
expert  assistance  in  all  areas  of  Congress  planning  in  particular  with  travel 
arrangements  for  foreign  guests,  and  to  Olga  Riabova  for  her  hard  work  on 
Congress  communications. 

Malcolm  J.  Crocker,  General  Chairman 

P.K.  Raju,  Program  Chairman 
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A  GENERAL  INTRODUCTION  TO  AEROACOUSTICS  AND  ATMOSPHERIC  SOUND 

James  Lighthill,  Department  of  Mathematics,  University  College,  London,  WCIE  6BT,  UK 

1.  BROAD  OVERVIEW 

This  general  introductory  paper  is  devoted  to  INTERACTIONS  OF  SOUND  WITH 
AIR,  including  transmission  through  the  atmosphere  and 

both  generation  of  sound  by 
and  propagation  of  sound  in  J 

(e,g.  manmade  flows  -  around  aircraft  or  air  machinery  -  or  natural 
winds)  as  affected  by  the  air's  boundaries  and  atmospheric  composition: 
with  (conversely)  generation  of  airflows  by  sound  (acoustic  streaming). 

From  linear  acoustics  i  utilise  the  properties  of  the  wave  equation, 
including 

(i)  the  the  short-wavelength  ray-acoustics  approximation  rnd 

(ii)  the  theory  of  multipole  sources  -  with  the  long-wavelength  compact- 
source  approximation; 

while  from  nonlinear  acoustics  I  use 

the  physics  of  waveform  shearing  and  shock  formationV 

Techniques  special  to  Aeroacoustics  and  Atmospheric  Sound  are  centred  on 
the  momentum  equation  for  air.  ITS  DIFFERENCES  FROM  A  WAVE-EQUATION 
APPROXIMATION  INCLUDE 

A.  Linear  effects,  of  gravity  acting  on  air  stratified  as  meteorologists 
observe;  effects  which  allow  independent  propagation  of  "internal" 
gravity  waves  and  of  sound,  except  at  wavelengths  of  many  kilometers 
when  the  atmosphere  becomes  a  waveguide  f or  global  propagation  of 
interactive  acoustic-gravity  waves'; 

AND  (STILL  MORE  IMPORTANTLY)  INCLUDE 

B.  Nonlinear  effects,  of  the  momentum  flux  pu^u^;  i.e.  the  flux  -  rate 
of  transport  across  unit  area  -  of  any  pu^  momentum  component  by  any  u^ 
velocity  component.  This  term,  neglected  in  linear  acoustics,  acts  like 
a  stress  (I.e.  force  per  unit  area  -  since  rate  of  change  of  momentum  is 
force).  In  particular. 

(i)  an  airflow's  momentum  flux  puu^  generates  sound  like  a 
distribution  of  (time-varying)  imposed  stresses;  thus  not  only  do 
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forces  between  the  airflow  and  its  boundary  radiate  sound  as 
distributed  dipoles,  but  also  such  stresses  (acting  on  fluid  elements 

with  equal  and  opposite  dipole-like  forces)  radiate  as  distributed 
2  3 

quadrupoles  ’  ; 

(ii)  the  mean  momentum  flux  <pu^u^>  in  any  sound  waves  propagating 

through  a  sheared  flow  (with  shear  flV  /9x )  is  a  stress  on  that 

14  ^  ^ 

flow  ’  .  and  the  consequent  energy  exchange  (from  sound  to  flow  when 

positive,  vice  versa  when  negative)  is 

<puu>av/dx  :  (1) 

I  i  I  i 

(iii)  even  without  any  pre-existing  flow,  energy-flux  attenuation  in  a 

sound  wave  allows  streaming  to  be  generated  by  unbalanced  stresses  due 

to  a  corresponding  attenuation  in  acoustic  momentum  flux  - 

essentially,  then,  as  acoustic  energy  flux  is  dissipated  into  heat, 

any  associated  acoustic  momentum  flux  is  transformed  into  a  mean 
i.s 

motion. 

AND  ANOTHER  (LESS  CRUCIAL)  MOMENTUM-EQUATION/WAVE-EQUATION  DIFFERENCE  IS 
C.  Nonlinear  deviation  of  pressure  excess  p-p  from  a  constant  multiple, 

O 

2 

c  (p-p  ),  of  density  excess. 

o  o 

(a)  For  sound  generation  by  airflows,  this  adds  an  isotropic  term  to 
the  quadrupole  strength  per  unit  volume 

+  [(p-p,)  -  ‘=>-P„)]«,j  -  <2) 

the  last  term  being  considered  important  mainly  for  flows  at  above¬ 
ambient  temperatures;^’^ 

(b)  for  propagation  of  sound  with  energy  density  E  through  flows  of 
air  with  adiabatic  index  y,  the  mean  deviation  is  about  (i)(y-l)E, 
and  the  total  radiation  stress’ 


<pu  u  >  ♦  -(y-l)ES  (3) 

I  )  2  IJ 

adds  an  isotropic  pressure  excess  to  the  mean  momentum  flux  (although 
the  energy  exchange  (1)  is  unchanged  in  typical  cases  with  9V^/9x^ 
essentially  zero). 

(And  we  may  note  that  the  very  special  case  of  sound  waves  interacting  on 
themselves  (in  other  words,  nonlinear  acoustics!  may  be  interpreted  as  a 
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combined  operation  of  the  "self -convection  effect"  B  and  the  (smaller) 
"sound-speed  deviation"  C.l 

2.  COMPACT  SOURCE  REGIONS 

2.1.  Sound  generation  by  low-Mach-number  airflows 

The  ma.i.  nondimensional  parameters  governing  airflows  of  characteristic 
speed  U  and  length-scale  L  are  Mach  number  M  =  U/c  (where,  in 
aeroacoustics,  c  is  taken  as  the  sound  speed  in  the  atmosphere  into 
which  sound  radiates)  and  Reynolds  number  R  =  UL/u  where  u  =  kinematic 
viscosity.  Low-Mach-number  airflows  are  compact  sources  of  sound,  with 
f  requencies 

narrow-banded  at  moderate  Rl.„_.j.,_.,  ._jP_Jregular  flow  oscillations; 
broad -banded  at  high  R  J  LEAD  TO  ^*xtremely  irregular  turbulence. 

Since,  in  either  case,  a  typical  frequency  u  scales  as  U/L  (Strouhal 
scaling),  the  compactness  condition  wL/c  small  is  satisfied  if  M  =  U/c 
is  small.  ^ 

A  solid  body  which,  because  of  flow  instability,  is  subjected  to  a 

2  2 

fluctuating  aerodynamic  force  F  scaling  as  pU  L  (at  frequencies  scaling 
as  U/L),  radiates  as  an  acoustic  dipole  of  strength  F,  with  mean 
radiated  power  <F  >/12npc  . 

This  acoustic  power  scales  as  pU^’lVc^  (a  sixth-power  dependence  on  flow 
speed).  Therefore  ACOUSTIC  EFFICIENCY,  defined  as  the  ratio  of  acoustic 
power  to  a  rate  of  delivery  (scaling  as  pU*L*)  of  energy  to  the  flow, 
SCALES  AS  (U/cf  =  M^. 

[Exceptions  to  compactness  include  bodies  of  high  aspect-ratio;  thus,  a 
long  wire  in  a  wind  (where  the  scale  L  determining  frequency  is  its 
diameter)  radiates  as  a  lengthwise  distribution  of  dipoles.) 

Away  from  any  solid  body  a  compact  flow  (oscillating  or  turbulent,  with 
frequencies  scaling  as  U/L)  leads  to  quadrupole  radiation  (see  B(i) 
above)  with  total  quadrupole  strength  scaling  as  pU*L^.  Acoustic  power 
then  scales  as  pU®lVc*:  an  eighth-power  dependence*’^  on  flow  speed.  In 
this  case  ACOUSTIC  EFFICIENCY  (see  above)  SCALES  AS  (U/c)^=M^. 


Such  quadrupole  radiation,  though  often  important,  may  become  negligible 
NEAR  A  SOLID  BODY  when  dipole  radiation  due  to  fluctuating  body  force 

8  9 

(with  its  sixth-power  dependence)  is  also  present.  ' 

NEAR  NOT  NECESSARILY  COMPACT  BODIES  a  more  refined  calculation  -  using 
Green’s  functions  not  for  free  space  but  for  internally  bounded  space  - 
leads  in  general  to  the  same  conclusion  :  that  quadrupole  radiation  with 
its  eighth-power  dependence  is  negligible  alongside  the  sixth-power 
dependence  of  dipole  radiation  due  to  fluctuating  body  forces;  BUT 
IMPORTANT  EXCEPTIONS  to  this  rule  include  SHARP-EDGED  BODIES,  where 
features  of  the  relevant  Green’s  function  imply  a  fifth-power  dependence 
on  flow  speed  of  acoustic  radiation  from  turbulence. ***’**‘*^**^ 

2.2.  Sound  generation  by  turbulence  at  not  so  low  Mach  number 

The  chaotic  character  of  turbulent  flow  fields  implies  that  velocity 
fluctuations  at  points  P  and  Q,  although  they  are  well  correlated  when  P 
and  0  are  very  close,  become  almost  uncorrelated  when  P  and  Q  are  not 
close  to  one  another. 

Reminder  statisticians  define  correlation  coefficient  C  for  the 

2  1/2  2  1/2 

velocities  u  and  u  as  C  =  <v  "V  >/<v  >  <v  >  in  terms  of  the 
p  0  p  0  p  0 

deviations,  v  =  u  -  <u  >  and  v  =  u  -  <u  >,  from  their  means. 

p  p  p  q  Q  o’ 

When  two  uncorrelated  quantities  are  combined,  their  mean  square 

2  2  2 
deviations  are  added  up  ;  <v  +  v  >  =  <v  >  +  2<v  "V  >  +  <v  > 

P  O  P  PQ  q 

=  <v*>  +  <v^>  if  C  =  0. 

P  q 

Theories  of  turbulence  define  a  correlation  length  t,  with 

.  (WELL  correlated)  _  ,  .ft)  . 

“p  “q  [  UNCORRELATED  =>^bstant.ally 

Roughly  speaking,  different  regions  of  size  t  ("eddies”)  generate  sound 
independently,  and  the  mean  square  radiated  noise  is  the  sum  of  the  mean 
square  outputs  from  all  the  regions.'* 

Typical  frequencies  in  the  turbulence  are  of  order  u  =  v/t,  where  v  is  a 

2  1/2 

typical  root  mean  square  velocity  deviation  <v  >  ,  so  that  for  each 

region  THE  COMPACTNESS  CONDITION  ut/c  SMALL  IS  SATISFIED  IF  v/c  IS 
S.MALL.  Compactness,  then,  requires  only  that  a  r.m.s.  velocity 
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dcvimtion  v  (rather  than  a  characteristic  mean  velocity  U)  be  small 
compared  with  c  -  which  is  less  of  a  restriction  on  M  ■  U/c  and  can  be 
satisfied  at  "not  to  low"  Mach  number.* 

3.  DOPPLER  EFFEXT 

How  is  the  radiation  from  such  "eddies"  modified  by  the  fact  that  they  are 
being  convected  at  "not  so  low"  Mach  number?  The  expression  DOPPLER 
EFFECT,  covering  all  aspects  of  how  the  movement  of  sources  of  sound  alters 
their  radiation  patterns,  comprises  (i)  frequency  changes,'  (ii)  volume 
changes,*'^  (iii)  compactness  changes.*’** 

3.1.  Frequency  changes 

When  a  source  of  sound  at  frequency  w  approaches  an  observer  at  velocity  w, 
then  in  a  single  period  T  =  2n/u  sound  emitted  at  the  beginning  travels  a 
distance  cT  while  at  the  end  of  the  period  sound  is  being  emitted  from  a 
source  that  is  closer  by  a  distance  wT.  The  wavelength  A  (distance  between 
crests)  is  reduced  to 


A  *  cT  -  wT  =  2n(c  -  w)/«  (4) 

and  the  frequency  heard  by  the  observer  (2»  divided  by  the  time  A/c  between 
arrival  of  crests)  is  incre.»^ed  to  the  Doppler-shifted  value* 


u 

<i»r  =  j - :  the  relative  frequency  (5) 

that  results  from  relative  motion  between  source  smd  observer. 

For  an  observer  located  on  a  line  making  an  angle  0  with  a  source’s 
direction  of  motion  at  speed  V,  the  source’s  velocity  of  approach  towards 
the  observer  is  w  =  Vcos0  and  the  relative  frequency  becomes 


*^r  *  1  -  (V/c)cos8 


{augmen 
dimini 


gmented  1 
shedj 


when  0  is  an 


/acute  \ 


jobtuse/  “*'8''’ 


Such  Doppler  shifts  in  frequency  are  familiar  everyday  experiences. 


3.2.  Volume  changes 

When  an  observer  is  approached  at  velocity  w  by  a  source  whose  dimension 
(in  the  direction  of  the  observer)  is  i.  sounds  arriving  simultaneously 
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from  the  source’s 


rfarj 

1 nearj 


sides  have  been  emitted 


fearlierl 
^  later  J 


by  a  time  t  (say). 


In  the  time  t  for  sound  from  the  far  side  to  reach  the  observer,  after 
travelling  a  distance  ct,  the  relative  distance  of  the  near  side  in  the 
direction  of  the  observer  was  increased  from  i  to  £  +  wt  before  it  emitted 
sound  which  then  travelled  a  distance  c(t  -  t).  Both  sounds  arrive 
simultaneously  if 


ct  =  £  +  WT  +  c(f  -  t),  giving  t  =  and  £  +  wr  =  ^  (w/c)  ~  ^ 

The  source’s  effective  volume  during  emission  is  increased,  then,  by  the 
Doppler  factor  u  /u  (since  dimension  in  the  direction  of  the  observer  is  so 

r 

2  3 

increased  whilst  other  dimensions  are  unaltered).  ’ 

If  turbulent  "eddies"  are  effectively  being  convected,  relative  to  the  air 

into  which  they  are  radiating,  at  velocity  V,  then  equation  (6)  gives,  for 

radiation  at  angle  0,  the  Doppler  f actor  w  /w  which  modifies  both  the 

r 

frequencies  at  which  they  radiate  and  the  effective  volume  occupied  by  a 
radiating  eddy. 

But  equation  (2)  specifies  the  quadrupole  strength  per  unit  volume  for 
such  an  eddy.  Without  convection  the  pattern  of  acoustic  intensity  around 
a  compact  eddy  of  volume  £  and  quadrupole  strength  £  would  be 

<(£^T  X  X  r'^)^>/16jtVV  c*  ;  (8) 

1)  ■  J  ® 

and,  since  different  eddies  of  volume  £  radiate  independently,  we  can 
simply  add  up  mean  squares  in  the  corresponding  expressions  for  their  far- 
field  intensities.  This  gives 


£^<(f  X  X  r’^)*>/16Ji^r^p  c*  (9) 

ij  I  j  o 

as  the  intensity  pattern  radiated  by  unit  volume  of  turbulence.  THE 
DOPPLER  EFFECT  MODIFIES  THIS,  when  the  compactness  condition  is  satisfied, 

BY  FIVE  FACTORS  u^/u  (one  for  the  change  in  source  volume  £*  and  four  for 
the  frequency  change  as  it  affects  the  mean  square  of  a  multiple  of  the 
second  time-derivative  of  T  ^1  AND  THIS  INTENSITY  MODIFICATION  BY  A  FACTOR 

II  -  (V/c)cos0l‘*  (10) 

brings  about  an  important  preference  for  forward  emission.'^ 
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3.3.  Compactness  changes 

As  (V/c)  increases,  however,  the  Doppler  effect  tends  to  degrade  the 
compactness  of  aeroacoustic  sources  in  relation  to  forward  emission.  Not 
only  does  uf/c  increase  in  proportion  to  Mach  number,  but  an  even  greater 
value  is  taken  by  u  l/c,  the  ratio  which  must  be  small  if  convected  sources 

r 

are  to  be  compact.  A  restriction  on  the  extent  (10)  of  intensity 
enhancement  for  forward  emission  as  V/c  increases  is  placed  by  these 

,  j  .  6,16,16 

tendencies. 

They  can  develop,  indeed,  to  a  point  where  the  compact-source  approximation 
may  appropriately  be  replaced  by  its  opposite  extreme:  THE  RAY-ACOUSTICS 
approximation'.  Thus,  for  supersonic  source  convection  (V/Ol),  the 
relative  frequency  (6)  becomes  infinite  in 

the  Mach  direction  0  =  cos''(c/V),  (11) 

and  radiation  from  the  source  proceeds  along  rays  emitted  at  this  angle. 

Explanatory  note:  the  source’s  velocity  of  approach  w  towards  2m  observer 

positioned  at  an  angle  (11)  to  its  direction  of  motion  is  the  sound  speed 

c;  thus,  not  only  is  the  generated  wavelength  (4)  reduced  indefinitely  (the 

ray-acoustics  limit)  but,  essentially,  different  parts  of  a  signai  are 

observed  simultaneously:  the  condition  of  stationary  phase  satisfied  on 
I 

rays  . 

Further  note:  the  influences  placing  a  limit  on  the  signal  propagated  along 
rays  may  include  the  duration  S  of  well-correlated  emission  from  turbulent 
"eddies";  and,  also,  may  include  nonlinear  effects  (see  §4.2.  Supersonic 
Booms). 


3.4.  Uniformly  valid  Doppler-effect  approximations 

Just  as  a  correlation  length  £  for  turbulence  was  specified  in  §2.2,  so 
a  correlation  duration  S  can  be  characterized  by  the  requirement  that 
moving  eddies  have 

velocities  at  times  differing  by  substantially 

Combined  use  of  correlation  length  t  and  duration  8  affords  an 
approximation  to  the  radiation  pattern  from  convected  "eddies"  that  has 


/well  correlated) 
\UNC0RRELATED  / 
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some  value  at  all  Mach  numbers,  spanning  the  areas  of  applicability  of 
the  compact-source  and  ray-acoustics  approximations. 

Figure  1  uses  space-time  diagrams  where  the  space-coordinate  (abscissa) 
is  DISTANCE  IN  THE  DIRECTION  OF  THE  OBSERVER.  Diagram  (a)  for 
unconvected  "eddies"  approximates  the  region  of  good  correlation  as  AN 
ELLIPSE  WITH  AXES  t  (in  the  space  direction)  AND  6  (in  the  time 
direction).  Diagram  (b)  shows  such  a  region  for  convected  "eddies" 
whose  velocity  of  approach  towards  the  observer  is  w;  thus,  it  is 
Diagram  (a)  sheared  by  distance  w  per  unit  time. 

Signals  from  far  points  F  and  near  points  N,  in  either  case,  reach  the 
observer  simultaneously  -  as  do  signals  from  other  points  on  the  line  FN 
-  if  this  line  slopes  by  distance  c  (the  sound  speed)  per  unit  time. 
COMPACT-SOURCE  CASE  (i)  WITH  w/c  SMALL  ;  the  space  component  of  FN  in 
Diagram  (b)  is  £[l-(w/c)l  \  just  as  in  equation  (7)  for  normal  Doppler 
effect  (neglecting  finite  5). 

RAY- ACOUSTICS  CASE  (ii)  WITH  w/c  =  1  :  the  space  component  of  FN  is  c5. 
INTERMEDIATE  CASE  (iii)  WITH  w/c  "MODERATELY"  <1  :  the  space  component  of 
FN  is  t  multiplied  by  an  enhancement  factor 

[(1-w/c)^  +  (12) 

which  represents  the  effective  augmentation  of  source  volume  due  to 

IS 

convection. 

3 

This  enhancement  factor  (12)  is  applied  not  only  to  the  volume  term  t 
in  the  quadrupole  field  (9)  but  also  twice  to  each  of  the  pair  of  twice- 
differentiated  terms  inside  the  mean  square;  essentially,  because  time- 
differentiations  in  quadrupole  fields  arise*  from  differences  in 
the  time  of  emission  by  different  parts  of  the  quadrupole  source  region 
(and  the  time  component  of  FN  in  Diagram  (b)  is  simply  the  space 
component  divided  by  c).  As  before,  then,  five  separate  factors  (12) 
enhance  the  intensity  field;  and,  with  w  replaced  by  VcosS,  expression 
(10)  for  the  overall  intensity  modification  factor  is  replaced  by 

{(l-(V/c)cosG)^  ♦  (13) 

This  modification  factor  (13)  affords  us  an  improved  description  of  the 
influence  of  Doppler  effect  not  only  on  the  preference  for  forward 
emission  but  also  on  the  overall  acoustic  power  output  from  convected 
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turbulence.*’’**  For  example.  Diagram  (c)  gives  (plain  line)  a  log-log 
plot  of  the  average  (spherical  mean)  of  (13)  as  a  function  of  V/c  on  the 
reasonable  assumption  that  I  =  0.6’VS.  As  V/c  increases  this  average 
modification  factor  rises  a  little  at  first,  but  falis  drastically  like 
5(V/c)’*  for  V/c  significantly  >1. 

Now  low-Mach-number  turbulence  away  from  solid  boundaries  (§2.1)  should 
radiate  sound  with  an  ACOUSTIC  EFFICIENCY  SCALING  AS  (U/c)*  where  U  is  a 
characteristic  velocity  in  the  flow.  With  V  taken  as  that  characteris¬ 
tic  velocity  (although  IN  A  JET  a  typical  velocity  V  of  eddy  convection 
would  be  between  0.5  and  0.6  times  the  Jet  exit  speed),  the  modification 
of  (say)  an  acoustic  efficiency  of  10  (V/c)  for  low  Vlach  number  by  the 
average  modification  factor  would  cause  acoustic  efficiency  to  follow 
the  broken-line  curve  in  Diagram  (c),  tending  asymptotically  to  A 
CONSTANT  VALUE,  0.005,  (aeroacoustic  saturation)  AT  HIGH  MACH  NUMBER. 
Such  a  tendency  is  often  observed  for  sound  radiation  from  "properly 
expanded"  supersonic  Jets  (see  below). 

4.  INTRODUCTION  TO  AIRCRAFT  NOISE 

4.1.  Aero-engine  and  airframe  noise 

How  are  aeroacoustic  principles  applied  to  practical  problems  -  such  as 

18  19  20 

those  of  studying  aircraft  noise  with  a  view  to  its  reduction?  ’ 

In  any  analysis  of  the  generation  of  sound  by  airflows,  we  may  need  first 
of  all  to  ask  whether  the  geometry  of  the  problem  has  features  that  tend  to 
promote  resonance.  For  example,  a  long  wire  in  a  wind  (§2.1)  generates 

most  sound  when  vortex-shedding  frequencies  I  **'*  .  I  the 

•  ^  1  and  so  can  lock  on  toj 

wire’s  lowest  natural  frequency  of  vibration;  giving  good  correlation  of 

sideforces,  and  so  also  of  dipole  strengths,  all  along  the  wire. 

Again,  a  Jet  emerging  from  a  thin  slit  may  interact  with  a  downstream  edge 
(parallel  to  the  slit)  in  a  resonant  way;^*’^^  with  very  small  directional 
disturbances  at  the  Jet  orifice  being  amplified  by  flow  instability  as  they 
move  downstream  to  the  edge,  where  they  produce  angle-of -attack  variations. 
Dipole  fields  associated  with  the  resulting  sideforces  can  at  particular 
frequencies  renew  the  directional  disturbances  at  the  orifice  with  the 
right  phase  to  produce  a  resonant  oscillation.  Some  musical  wind 


instruments  utilize  such  Jet-edge  resonances,  reinforced  by  coincidence 
with  standing-wave  resonances  in  an  adjacent  pipe. 

But  in  the  absence  of  such  resonances  (leading  to  enhanced  acoustic 
generation  at  fairly  well  defined  frequencies)  AIRFLOWS  TEND  TO  GENERATE 
ACOUSTIC  "NOISE"  whose  reaction  on  the  flow  instability  phenomena 
themselves  is  negligible. 

Resonances  analogous  to  the  above  which  need  to  be  avoided  in  aircraft 
design  include,  for  example, 

(a)  PANEL  FLUTTER,  generated  at  a  characteristic  frequency  as  an 
unstable  vibration  of  a  structural  pane!  in  the  presence  of  an  adjacent 
airflow; 

(b)  SCREECHING  OF  SUPERSONIC  JETS  from  nozzles  which,  instead  of  being 
"properly  expanded"  so  that  an  essentially  parallel  jet  emerges,  produce 
a  jet  in  an  initially  non-parallel  form  followed  by  shock  waves  in  the 
well  known  recurrent  "diamond”  shock-cell  pattern;  the  first  of  these, 
replacing  the  edge  in  the  above  description,  can  through  a  similar 
feedback  of  disturbances  to  the  Jet  orifice  generate  a  powerful 
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resonant  oscillation.  ’  ’ 

And  undesirable  resonances  may  also  be  associated  with  aeroengine 
combustion  processes.^*’  But  we  turn  now  to  the  aircraft  noise  of  a  broad- 
banded  character  that  remains  even  when  resontmces  have  been  avoided. 

Then  AERO-ENGINE  JET  NOISE  PROPER*  (that  is,  the  part  unrelated  to  any 
interaction  of  jet  turbulence  with  solid  boundaries)  tends  to  follow  a 
broad  trend  similar  to  that  in  Figure  1;  where,  however,  because  the  eddy 
convection  velocity  V  is  between  0.5  and  0.6  times  the  jet  exit  speed  U, 
the  acoustic  efficiency  makes  a  transition  between  a  value  of  around  10**M* 
in  order-of -magnitude  terms  for  subsonic  values  of  M  =  U/c  and  an 
asymptotically  constant  value  of  lO'*  or  a  little  less  for  M  exceeding 
about  2. 

The  above  tendency  for  M<1  implies  that  noise  emission  from  Jet  engines  may 
be  greatly  diminished  if  a  given  engine  power  can  be  achieved  with  a 
substantially  LOWER  JET  EXIT  SPEED,  requiring  of  course  a  correspondingly 
larger  jet  diameter,  L.  Furthermore,  with  acoustic  power  output  scaling  as 
PU*lVc*  (§2.1)  and  jet  thrust  as  pu\^  NOISE  EMISSION  FOR  GIVEN  THRUST 
can  be  greatly  reduced  if  U  can  be  decreased  and  L  increased  by  comparable 
factors. 


Trends  (along  these  lines)  in  aero-engine  design  towards  larfa  turbofan 
engines  with  higher  and  higher  bypass  ratios,  generating  very  wide  Jets  at 
relatively  modest  mean  tlach  numbers,  have  massively  contributed  to  jet 
noise  suppression  (whilst  also  winning  advantages  of  reduced  fuel 
consumption).  On  the  other  hand,  such  successes  in  suppressing  Jet  noise 
proper  (originally,  the  main  component  of  noise  from  jet  cdrcraft)  led  to 

needs  for  a  dedicated  focusing  of  attention  upon  parallel  reductions  of 
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other  aircraft-noise  sources: 

(a)  those  associated  with  the  interaction  of  jet  turbulence  with  solid 
boundaries  -  where  sharp-edged  boundaries  (§2.1)  pose  a  particular 
threat; 

(b)  fan  noise  emerging  from  the  front  of  the  engine  and  turbine  noise 
from  the  rear; 

(c)  airframe  noise  including  acoustic  radiation  from  boundary-layer 
turbulence  and  from  Interaction  of  that  turbulence  with  aerodynamic 
surfaces  for  control  purposes  or  lift  enhancement. 

Some  key  areas  of  modern  research  on  aero-engine  and  airframe  noise  are: 

FOR  JET  NOISE,  techniques  for  relating  acoustic  output  to  vorticity 
distributions,  '  and  to  any  coherent  structures  ’  ,  in  jet 

turbulence;  and  for  taking  into  account  (cf  §5.4)  propagation  through 
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the  sheared  flow  in  a  wide  jet;  ’ 

FOR  NOISE  FROM  FANS  AND  PROPELLERS,  mathematically  sophisticated  ways  of 
reliably  estimating  the  extent  of  cancellation  of  dipole  radiation  from 
different  parts  of  a  rotating-blade  system  (alongside  a  good  independent 
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estimate  of  quadrupole  radiation); 

FOR  AIRFRAME  NOISE,  a  recognition^’^  that  massive  cancellations  act  to 
minimise  noise  radiation  from  boundary-layer  turbulence  on  a  flat 
surface  of  uniform  compliance  -  and,  therefore,  that  avoidance  of  sharp 
nonuniformities  in  airframe  skin  compliance  may  promote  noise  reduction 

4.2.  Supersonic  booms 

In  addition  to  aero-engine  and  airframe  noise,  any  aircraft  flying  at  a 
supersonic  speed  V  emits  a  concentrated  "boom"-like  noise  along  rays  in  the 
Mach  direction  (11).  1  sketch  the  theory  of  supersonic  booms  with  the 
atmosphere  approximated  as  isothermai  (so  that  the  undisturbed  sound  speed 
takes  a  constant  value  c  even  though  the  undisturbed  density  p  varies  with 
altitude):  a  case  permitting  quite  a  simple  extension  of  the  nonlinear 
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analysis  of  waveform  shearing  and  shock  formation.  ’  Then  the  rays 


15 


continue  as  straight  lines  at  the  Mach  angle  for  reasons  summarized  in  the 
explanatory  note  below  expression  (11).  (Actually,  the  slight  refraction 
of  rays  by  temperature  stratification  in  the  atmosphere,  when  taken  into 
account  in  a  generalized  version  of  the  theory,  produces  only  somewhat 
minor  modifications  of  the  results.) 


As  such  straught  rays  stretch  out  from  a  straight  flight  path  aloi^  CONES 
with  semi-angle  (11),  any  narrow  tube  of  rays  has  its  cross-sectional  area 
A  increasing  in  proportion  to  distance  r  along  the  tube.  '  On  linear 
theory',  acoustic  energy  flux  u^pcA  is  propagated  unchanged  along 
such  a  ray  tube  (so  that  u(pr)  is  unchanged)  where  u  is  air  velocity 
along  it.  On  nonlinear  theory,  uipr)*^^  is  propagated  unchanged  but  at  a 
signal  speed  altered  to 

c  +  u  (14) 

by  self-convection  and  excess- wavespeed  effects. 


This  property  can  be  described'  by  an  equation 


r/i  -  ULi  iL  I  ^  .  1-1  u(pr)''^  -  0 

1-^.c  2  c  f  dt  dr-l 


(15) 


where  the  quantity  in  braces  is  the  altered  value  of  the  reciprocal  of  the 
signal  speed  (14).  Now  a  simple  transformation  of  variables 

X  *  r  -  ct,  t  =  (pr)  '^dr,  u  ■  ^  (pr)*^^  (16) 

1  1  J  o  1  ^  C 

is  found  to  convert  equation  (IS)  into  the  familiar  form 


du  du 


(17) 


which  describes  the  waveform  shearing  at  a  uniform  rate  that  is  associated 
with  shock  formation  and  propagation  in  nonlinear  plane-wave  acoustics. 


From  amongst  this  equation's  PHYSICALLY  RELEVANT  solutions  -  namely,  those 
with  area-conserving  discontinuities  (representing  shocks)  -  the  famous 
N-WAVE  solution  is  the  one  produced  by  an  initial  signal  (such  as  an 
aircraft's  passage  through  the  airl  that  is  first  comprcsaiva  and  then 
expansive.  The  rules'  governing  N-wave  solutions  of  equation  (17)  are  that 
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-1/2 

the  discontinuity  at  each  shock  falls  off  like  while  the  space 

(change  in  x^)  between  shocks .  increases  like  .  These  rules  for  the 
transformed  variables  (16)  have  the  following  consequences  for  the  true 
physical  variables:  at  a  large  distance  r  from  the  flight  path  THE  VELOCITY 
CHANGE  Au  AT  EACH  SHOCK  AND  THE  TIME  INTERVAL  At  BETWEEN  THE  TWO 
SHOCKS  VARY  AS 

Au  »  ^(pr)J^(pr)''^^drj’*^^  AND  At  ~  ^j'^(pr)’*'^^drj (18) 

On  horizontal  rays  (at  the  level  where  the  aircraft  is  flying),  p  is 
independent  of  r  and  the  equations  (18)  take  the  greatly  SIMPLIFIED  FORM 

Au  »  AND  At  »  r''*  (19) 

APPROPRIATE  TO  CONICAL  N-WAVES  IN  A  HOMOGENEOUS  ATMOSPHERE.  Actually,  the 
rules  (19)  apply  also  to  the  propagation  of  cylindrical  blast  waves 
generated  by  an  exploding  wire;  since,  here  also,  ray  tube  areas  increase 
in  proportion  to  r. 

On  downward  pointing  rays  in  an  isothermal  atmosphere  p  increases 

exponentially  in  such  a  way  that  the  time  interval  At  between  shocks 

approaches  the  constant  value  obtained  in  (18)  by  making  the  integral's 

upper  limit  infinite.  '  On  the  other  hand  the  shock  strength 

-1/2 

(proportional  to  the  velocity  change  Au)  includes  the  factor  (pr)  where 
the  large  increase  in  p  from  the  flight  path  to  the  ground  (as  well  as  in 
r)  enormously  attenuates  the  supersonic  boom.  BELOW  CONCORDE  cruising  at 
Mach  2,  for  example,  an  observer  on  the  ground  hears  two  clear  shocks  with 
an  interval  of  around  0.5s  between  them,  and  yet  with  strengths  Ap/p  only 
about  0.001. 

5.  PROPAGATION  OF  SOUND  THROUGH  STEADY  MEAN  FLOWS 
S.l.  Adaptations  of  ray  acoustics 

39  4 

Useful  information  on  sound  propagation  through  steady  mean  flows  '  can 
be  obtained  by  adaptations  of  the  ray-acoustics  approximation.  I  sketch 
these  here  before,  first,  applying  them  (in  §5.3  below)  to  propagation 
through  sheared  stratified  winds  and,  secondly,  giving  indications  of  how 
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effects  of  such  parallel  mean  flows  are  modified  at  wavelengths  too  large 
for  the  applicability  of  ray  acoustics. 


Sound  propagation  through  a  steady  airflow  represents  an  autonomous 
mechanical  system:  one  governed  by  laws  that  do  not  change  with  time.  Then 
small  disturbances  can  be  Fourier-analysed  in  the  knowledge  that 
propagation  of  signals  with  different  frequencies  u  must  proceed  without 
exchange  of  energy  between  them. 

Such  disturbances  of  frequency  u  involve  pressure  changes  in  the  form  Pcosa 
where  P  varies  with  position  and  the  phase  a  is  a  function  of  position  and 
time  satisfying 


^  =  u  :  THE  FREQUENCY;  AND  -  —  =  k  :  THE  WAVENUMBER.  (20) 
at  ox.  i 


A  VECTOR  with  its  direction  normal  to  crests  and  its  magnitude  2it  divided 
by  a  local  wavelength. 

j  4 

In  ray  theory  f or  any  wave  system.  we  assume  that  the  wavelength  is 
small  enough  (compared  with  distances  over  which  the  medium  -  and  its 
motion,  if  any  -  change  significantly)  for  a  well  defined  relationship 


u  =  n(kj,  Xj) 


to  link  frequency  with  wavenumber  at  each  position.  Equations  (20)  and 
(21)  require  that 

_  a^a  _  su  _  aa  (  a\  ]  aa  _  aa  an 

'at  ~  ax  at  ax  ~ak  1"  ax  ax  I  ax  “  ak  ax  ax  ’ 

j  j  I  I  V  1  II  j 

yielding  the  basic  law  (in  Hamiltonian  form)  for  any  wave  system: 


_i  £5. 
at  ~  ak. 


“S  an 
ffr  “  ■  aT 


equations  easy  to  solve  numerically  for  given  initial  position  and 
wavenumber.  However,  the  variations  (23)  of  wavenumber  ("refraction") 
produce  no  change  of  frequency  along  rays: 


18 


(24) 


dw  an^f  an^)  an  ao 

At  ”  akj  dt  aXj  dt  “  ak|  [  axj  ax^  ak^ 

so  that  rays  are  paths  of  propagation  of  the  excess  energy,  at  each 
frequency,  associated  with  the  waves’  presence. 

For  sound  waves  we  write  k  as  the  magnitude  of  the  wavenumber  vector, 
expecting  that  at  any  point  the  value  of  the  relative  frequency  in  a  frame 
of  reference  moving  at  the  local  steady  flow  velocity  u^^  will  be  c^k  (the 
local  sound  speed  times  k);  this  implies*’*  that 

“r  =  It  *  “fl  It  *  “  -  "f.''.’  “  =  “r  "  ‘25) 

AS  THE  ACOUSTIC  FORM  OF  THE  RELATIONSHIP  (21). 

[Note:  this  rule  (25)  for  relative  frequency  agrees  with  the  Doppler  rule 
(6),  since  the  velocity  of  a  source  of  frequency  u  relative  to  stationary 
fluid  into  which  it  radiates  is  minus  the  velocity  of  the  fluid  relative  to 
a  frame  in  which  the  acoustic  frequency  is  w.I 

Use  of  this  form  (25)  of  the  relationship  (21)  in  the  basic  law  (23)  tells 
us  that 


dk  Scj.  au  dx  k 

^  -  kg-J-  -  k  ON  RAYS  WITH  ^  =  c.-i  +  u,  ;  (26) 

dt  aXj  I  dx^  At  J  k  Ji 

where  the  last  terms  in  these  equations  represent  adaptations  of  ray 
acoustics  associated  with  the  mean  flow.  For  example,  the  velocity  of 
propagation  along  rays  is  the  vector  sum  of  the  mean  flow  velocity  u^^  with 
a  wave  velocity  of  magnitude  c^  and  direction  normal  to  crests. 

5.2.  Energy  exchange  between  sound  waves  and  mean  flow 

The  excess  energy  (say,  E  per  unit  volume)  associated  with  the  presence  of 
sound  waves  is  propagated  along  such  rays;  in  particular,  if  attenuation  of 
sound  energy  is  negligible,  then 

FLUX  OF  EXCESS  ENERGY  ALONG  A  RAY  TUBE  =  CONSTANT.  (27) 

Note:  this  excess  energy  density  E  is  by  no  means  identical  with  the  sound 
waves*  energy  density 
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(where  the  subscript  s  identifies  changes  due  to  the  sound  waves  and  the 
equality  of  the  kinetic  and  potential  energies  makes  simply  twice  the 
latter)  in  a  frame  of  reference  moving  at  the  local  flow  velocity  (compare 
the  definition  (25)  of  u^).  The  kinetic-energy  part  of  the  excess  energy 
density  E  is 


<-(p^  .  *  uj  >  - 

which  includes  an  extra  term 


<p  u,  u  >  =  <p  u.  —  p  =  E  '  ■  =  E  -  ll ; 

fi  .1  ^  fl  p^  ^  k  r  c^k  J 

and  E  is  the  sum  of  expressions  (28)  and  (30),  giving 

(i>  E  ^ 

E  =  E  -  j  or,  equivalently,  either  E  =  E-^  or  =  t: 
ru  ru  fc)U 

r  r 


(29) 


(30) 


(31) 


THE  QUANTITY  E/u,  CALLED  ACTION  DENSITY  IN  HAMILTONIAN  MECHANICS,  is 
identical  in  both  frames  of  reference,  and  equations  (24)  and  (27)  tell  us 

1  4 

that  its  flux  along  a  ray  tube  is  constant. 


But  equation  (31)  shows  too  that  energy  is  exchanged  between  (i)  the 
acoustic  motions  relative  to  the  mean  flow  and  (ii)  the  mean  flow  itself. 
For  example,  where  sound  waves  of  frequency  u  enter  a  region  of  opposing 
flow  (or  leave  a  region  where  the  mean  flow  is  along  their  direction  of 
propagation)  the  ratio  u  /u  increases  AND  SO  THEREFORE  DOES  E^/E:  the  sound 
waves  gain  energy  at  the  expense  of  the  mean  flow. 

The  rate  of  exchange  of  energy  takes  the  value  (1)  written  down  in  §1. 
This  is  readily  seen  from  the  laws  governing  motion  In  an  accelerating 
frame  of  reference,  which  feels 

an  inertial  force  =  -  (mass)  x  (acceleration  of  frame).  (32) 


If  we  use  at  each  point  of  space  a  local  frame  of  reference  moving  with 
velocity  u^^then  fluid  in  that  frame  has  velocity  u^^  BUT  IS  SUBJECT  TO  AN 
ADDITIONAL  FORCE  (32);  where,  per  unit  volume,  mass  is  p^  and  the  frame’s 


acceleration  is 


au.  Su,  dM. 

u  .  GIVING  FORCE  -  p.u  DOING  WORK  -  p,<u  u  >  (33) 

s)  sXj  .j  aXj  fi  .j  aXj 

per  unit  time  on  the  local  relative  motions.  This  rate  of  energy  exchange 
(33)  proves  to  be  consistent  with  the  fact  that  it  is  the  flux,  not  of  E 

r 

but  of  action  that  is  conserved  along  ray  tubes. 

Energy  can  be  extracted  from  a  mean  flow,  then,  not  only  by  turbulence  but 
also  by  sound  waves;  and,  in  both  cases,  the  rate  of  extraction  takes  the 
same  form  (33)  in  terms  of  perturbation  velocities  u  It  represents  the 
effect  (§1)  of  the 


MEAN  MOMENTUM  FLUX  pXu  u  >  (34) 

/  «1  »J 

40 

or  Reynolds  stress  with  which  either  the  sound  waves  or  the  turbulent 
motions  act  upon  the  mean  flow.  For  sound  waves,  by  equation  (28)  for  E 
and  by  the  substitution 


c.  k  k  k 

u  =  J-  p  ^  ,  MEAN  MOMENTUM  FLUX  =  E  ;  (35) 

/  k 

SO  that  the  Reynolds  stress  is  a  uniaxial  stress  in  the  direction  of  the 

wavenumber  vector  having  magnitude  E  . 

r 

[Note  :  strictly  speaking,  the  complete 

FOR  SOUND  WAVES  (36) 

> 

includes  not  only  the  momentum  flux  (35)  but  also  the  waves’  mean  pressure 
excess 


RADIATION  STRESS  E  + 

k^ 


1 

2 


P=P 


/ 


<pS  =  L- 


2 

-  ? 


E 


(37) 


acting  equally  in  all  directions;^  however  (§1)  this  isotropic  component 
produces  no  energy  exchange  with  solenoidal  mean  flows.  I 
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5.3.  Propagation  through  sheared  stratified  winds 

The  extremely  general  ray-acoustics  treatment  outlined  above  for  sound 
propagation  through  fluids  in  motion  has  far-reaching  applications  (in 
environmental  and,  also,  in  engineering  acoustics)  which,  however,  are 
illustrated  below  only  by  cases  of  propagation  through  parallel  flows,  with 
stratification  of  velocity  as  well  as  of  temperature.*’*  The  x^-direction 
is  taken  as  that  of  the  mean  flow  velocity  V(x^)  which,  together  with  the 
sound  speed  c{x^),  depends  only  on  the  coordinate  x^.  Thus,  V  replaces  u^^ 
in  the.  general  theory  while  c  replaces  c^  (and,  for  atmospheric 
propagation,  x^  is  altitude).  [Note  :  the  analysis  sketched  here  is 

readily  extended  to  cases  of  winds  veering  with  altitude,  where  well 

as  u^^  is  nonzero.] 

Either  the  basic  law  (23)  or  its  ray-acoustics  form  (26)  provides,  in 
general,  "refraction"  information  in  the  form  of  THREE  equations  for  change 
of  wavenumber;  while  the  single,  far  simpler,  equation  (24)  is  a 
consequence  of,  but  is  by  no  means  equivalent  to,  those  three.  By 

contrast,  in  the  particular  case  when  u^^  and  c^  are  independent  of  x^  and 
x^,  equations  (24)  and,  additionally,  (26)  in  the  cases  J  =  1  and  2  give 
THREE  simple  results, 

a  =  constant,  k^  =  constant  and  k^  =  constant  along  rays,  (38) 

that  may  be  shown  fully  equivalent  to  the  basic  law. 

If  now  we  write  the  wavenumber  (a  vector  normal  to  crests)  as 

(k  ,  k  ,  k  )  =  (k  cos  ill,  K  sin  ip,  k  cot  e),  (39) 

1  2  3 

so  that  K  is  its  constant  horizontal  resultant,  its  constant  azimuthal 
angle  to  the  wind  direction,  and  6  its  variable  angle  to  the  vertical,  and 
use  equation  (2S)  in  the  form 

u  =  c(x  )k  ♦  V(x  )k  =  c(x  )k  cosecO  ♦  V(x.,)k  cos  ili,  (40) 

3  3  13  3 

we  obtain  the  important 
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of  wave  action  flux  is  constant  along  rays;  from  which,  with  equation  (28), 
sound  amplitudes  su-e  readily  derived. 

Wind  shear  is  able  to  reproduce  all  the  main  types  of  ray  bending’ 
associated  with  temperature  stratification,  and  often  to  an  enhanced 
extent.  Roughly,  the  downward  curvature  of  near-horizontal  rays  in 
(km)"’  comes  to 

3  |v'(x^)  cos  0  +  c'(Xj)|  (44) 

where  the  velocity  gradients  are  in  s"’  and  the  factor  3(kra)'’s  outside 
the  braces  is  an  approximate  reciprocal  of  the  sound  speed.’’* 

Cases  when  (44)  is  negative;  curvature  is  UPWARD;  its  magnitude  with  zero 
wind  is  at  most  0.018  (km)"’  (because  temperature  lapse  rate  in  stable 
atmospheres  cannot  exceed  lO^C  per  km,  giving  c'  =  0.006s”')  but  with 
strong  wind  shear  can  take  much  bigger  values  for  upwind  propagation 
(ifi  =  It).  In  either  case  Figure  2(a)  shows  how  the  lowest  ray  emitted  by 
a  source  "lifts  off"  from  the  ground,  leaving  below  it  a  ZONE  OF  SILENCE 
(on  ray  theory  -  actually,  a  zone  where  amplitudes  decrease  exponential¬ 
ly  with  distance  below  that  ray). 

Cases  when  (44)  is  positive:  curvature  is  DOWNWARD,  as  found  with  zero  wind 

23 


in  temperature-inversion  conditions  (e.g.  over  a  calm  cold  lake)  and 
even  more  with  strong  wind  shear  for  downwind  propagation  (0  =  0). 
Figure  2(b)  shows  how  this  leads  to  signal  enhancement  through  multiple- 
path  communication. 

In  summary,  then,  the  very  familiar  augmentation  of  sound  levels  downwind, 
and  diminution  upwind,  of  a  source  are  effects  of  the  wind’s  shear 
(increase  with  altitude). 


5.4.  Wider  aspects  of  parallel-flow  acoustics 


The  propagation  of  sound  through  parallel  flows  at  wavelengths  too  great 
for  the  applicability  of  ray  acoustics  can  be  analysed  by  a  second-order 
ordinary  differential  equation.  Thus,  a  typical  Fourier  component  of  the 
sound  pressure  field  takes  the  form 


i(ut-k  X  -k  X  ) 

p  (x  )e  '  *  ^  with 

s  3 


d 


1  '‘p. 

r,  k*  +  k*  I 

1  1  2 

p(u-Vk  )^  dx 

c*  (w-Vkj)^ 

p  =  0.  (45) 


Equation  (45)  can  be  used  to  improve  on  ray  acoustics 

(a)  near  caustics  (envelopes  of  rays)  where  it  allows  a  uniformly  valid 
representation  of  amplitude  in  terms  of  the  famous  Airy  function,  giving 
"beats”  between  superimposed  waves  on  one  side  of  the  caustic  and 
exponential  decay  on  the  other;* 

(b)  at  larger  wavelengths  by  abandoning  ray  theory  altogether  in  favour 
of  extensive  numerical  solutions  of  equation  (45);  and 

(c)  to  obtain  waveguide  modes  for  sound  propagation  in  a  two-dimensional 
duct  (between  parallel  planes). **'*^'^^ 

On  the  other  hand,  in  the  case  of  a  three-dimensional  duct  carrying 
parallel  flow  V(x^,Xg)  in  the  x^-direction,  equation  (45)  is  converted  into 
a  partial  differential  equation  (the  first  term  being  supplemented  by 
another  with  d/dx  replacing  d/dx  ,  while  k  is  deleted)  which  is  used 

2  3  2 

(d)  to  obtain  waveguide  modes  in  such  ducts; 

(e)  in  calculations  of  propagaMon  of  sound  through  the  wide  jets  - 
modelled  as  parallel  flows  -  lypical  (§4.1)  of  modern  aero-engines; 
and, 

(f)  with  aeroacoustic  source  terms  included,  in  certain  enterprising 
attempts  at  modelling  jet  noise  generation  and  emission. ■’*’"*'* 
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6.  ACOUSTIC  STREAMING 


6.1.  Streaming  as  a  result  of  acoustic  attenuation 

Sound  waves  act  on  the  air  with  a  Reynolds  stress  (34)  even  when  mean  flow 
is  absent  (so  that  subscript  /  becomes  subscript  zero).  The  j-component  of 
force  acting  on  unit  volume  of  air  is  then 


F 

J 


3 

dx 


<p  u  u  > 

o  si  sj 


the  force  generating  acoustic  streaming. 


s 


(46) 


However  the  force  (46)  COULD  NOT  PRODUCE  STREAMING  FOR  UNATTENUATED  SOUND 
WAVES;  indeed,  their  linearised  equations  can  be  used  to  show  that 


IF  p" 


^12-12  1 

=5  <-C  p  p  -  -p  U  U  > 
2  0^0  2^0  si  $1 


then  F  - 

i  dx 


(47) 


WHICH  IS  NECESSARILY  ZERO  (as  the  mean  value  of  the  rate  of  change  of  a 

bounded  quantity).  Accordingly,  the  fluid  must  remain  at  rest,  responding 

M 

merely  by  setting  up  the  distribution  p  of  meem  pressure  whose  gradient 
can  balance  the  force.  [Note  :  actually,  on  the  ray-acoustic  approximation 
(28),  p**  is  itself  zero,  but  the  above  argument  does  not  need  to  use  this 
approximation.  1 


ATTENUATION  OF  SOUND  WAVES  takes  place 

(a)  in  the  bulk  of  the  fluid  through  the  action  of  viscosity,  thermal 
conductivity  and  lags  in  attaining  thermodynamic  equilibrium  (Ch.  6); 
and 

(b)  near  solid  walls  by  viscous  attenuation  in  Stokes  boundary  layers 


All  these  effects  produce  forces  (46)  which  act  to  generate  acoustic 
streaming.  It  is  important  to  note,  furthermore,  that  even  the  forces  due 
solely  to  viscous  attenuation  -  being  opposed  just  by  the  fluid’s  own 
viscous  resistance  -  generate  mean  motions  which  do  not  disappear  as  the 

.  j  44,4S,«6.47 

viscosity  p  tends  to  zero. 


6.2.  Jets  generated  by  attenuated  acoustic  beams 
Attenuation  of  type  (a)  produces  a  streaming  motion  Uj.^  satisfying 
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pu^^au^ /aX|  =  -  ap/axj  +  .  (48) 

Substantial  streaming  motions  can  be  calculated  from  this  equation  only 
with  the  left-hand  side  included;  although  in  pre-1966  literature  it  was 
misleadingly  regarded  as  "a  f ourth-order  term"  and  so  ignored  -  thus 
limiting  ali  the  theories  to  uninteresting  cases  when  the  streaming 
Reynolds  number  would  be  of  order  1  or  less. 

We  can  use  streaming  generated  by  acoustic  beams  to  illustrate  the  above 
principles.  If  acoustic  energy  is  attenuated  at  a  rate  p  per  unit  length, 
then  a  source  at  the  origin  which  beeuns  acoustic  power  P  along  the  x^-axis 
transmits  a  distribution  of 

-px,  -px 

power  Pe  ,  and  thertfore  energy  per  unit  length  c‘*Pe  '  ;  (49) 

which  is  necessarily  the  integral  of  energy  density,  and  so  also  of  the 
uniaxial  Reynolds  stress  (35),  over  the  beam’s  cross-section.  It  follows 
that  the  force  per  unit  volume  (46),  integrated  over  a  cross-section, 

produces* 

-1  '^*1 

A  FORCE  c  PPe  PER  UNIT  LENGTH  in  the  x^-direction.  (50) 

At  high  ultrasonic  frequencies  the  force  distribution  (50)  is  rather 
concentrated,  the  distance  of  its  center  of  application  from  the  origin 
being  just  p  '  (which  at  1  MHz,  for  example,  is  24mm  in  air).  Effectively, 

the  beam  applies  at  this  center  a  total  force  c  'p  (integral  of  the 

distribution  (50)). 

15^  -1 

The  type  ’  of  streaming  motion  generated  by  this  concentrated  force  c  P 

depends  criticaily  on  the  value  of  pc''Pp'^  :  a  sort  of  Reynolds  number 

squared,  which  is  about  loV  in  atmospheric  air  (with  P  in  watts). 

Streaming  of  the  low-Reynolds-number  "stol<eslet"  type  predicted  (for  a 

concentrated  force)  by  equation  (48)  with  the  left-hand  side  suppressed  is 

a  good  approximation  only  for  P<10''’W. 

For  a  source  of  power  10  *W,  by  contrast,  the  force  c  'p  generates  quite  a 
narrow  laminar  jet  with  momentum  transport  c  'p.  and  at  powers  exceeding 

-4 

3  X  10  W  this  jet  has  become  turbulent,  spreading  conically  with  semi- 
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angle  about  15°  and  continuing  to  transport  momentum  at  the  rate  c''p. 

Such  turbulent  Jeta  generated  by  sound  are  strikingly  reciprocal  to  a 
classical  aeroacoustic  theme! 

At  lower  frequencies  an  aeouetie  beam  of  aubetantial  power  delivera  a 
turbulent  Jet  with  a  somewhat  more  yariable  angle  of  spread  -  but  one  which 

at  each  point  carries  momentum  transport  c*'p(l  -  e”^*i),  (51) 

generated  by  the  total  force  (50)  acting  up  to  that  point.  This  momentum 

transport  in  the  jet  represents  the  source’s  original  rate  of  momentum 

delivery  minus  the  acoustic  beam’s  own  remaining  momentum  transport  (49). 
In  summary,  as  acoustic  power  is  dissipated  into  heat,  the  associated 

acoustic  momentum  transport  is  converted  into  a  mean  motion  (which,  at 
higher  Reynolds  numbers,  is  turbulent).® 

6.3.  Streaming  around  bodies  generated  by  boundary-layer  attenuation 

Sound  waves  of  frequency  u  well  below  high  ultrasonic  frequencies  have 
their  attenuation  concentrated,  if  solid  bodies  are  present  ,  in  thin 
Stokes  boundary  layers  attached  to  each  body*.  Then  the  streaming 
generated  near  a  particular  point  on  a  body  surface  is  rather  simply 
expressed  by  using  local  coordinates  with  that  point  as  origin,  with  the 
z-axis  normal  to  the  body  and  the  x-axis  in  the  direction  of  the  inviscid 
flow  just  outside  the  boundary  layer  :  the  EXTERIOR  flow.  The  Stokes 
boundary  layer  for  an  EXTERIOR  flow 

(U(x,y).V(x,y))e‘“^  has  INTERIOR  flow  (U(x,y),V(x,y))e‘“*^l-e'^*^“**''**'j  .(52) 

(Note  that  my  choice  of  ^  coordinates  makes  V(0,0)  =  0,  and  that  the 
expressions  (52)  become  identical  outside  the  layer.)  The  streaming 
motion*’®  is  calculated  from  the  equation 

_INT  _tXT  ,2  t  „ 

Fj  -  Fj  ♦  ltd  =  0.  (53) 

with  certain  differences  from  equation  (48)  explained  as  follows: 

(a)  the  first  term  is  the  force  (46)  generating  streaming  within  the 
boundary  layer: 

(b)  we  are  free,  however,  to  subtract  the  second,  since  (see  §24.6.1)  it 
can  produce  no  streaming,  and,  conveniently,  the  difference  is  zero 
outside  the  layer; 
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(c)  gradients  in  the  z-direction  are  so  steep  that  the  third  term 
dominates  the  viscous  force  -  and,  indeed,  in  such  a  boundary  layer, 
dominates  also  the  left-hand  side  of  equation  (48). 


The  solution  of  equation  (53)  which  vanishes  at  z  =  0  and  has  zero  gradient 
at  the  edge  of  the  layer  is  obtained  by  two  integrations,  and  its  E)CTERIOR 
value  is 


EXT  -l  Cm  f_INT  ,.EXt' 

/)  Jo  I  J  J  , 


zdz; 


(54) 


where  integration  extends  in  practice,  not  to  "infinity”,  but  to  the  edge 
of  the  layer  within  which  the  integrand  is  nonzero.  Expression  (54)  for 
the  E)fTERIOR  streaming  is  yet  again  (see  §6.1)  independent  of  the  viscosity 
(1  since  equation  (52)  makes  zdz  of  order  fi/po);  and  it  is  easily  evaluated. 

At  X  =  y  =  0  (in  the  coordinates  specified  earlier)  the  EXTERIOR  streaming 
(54)  has 


x-component 


3aU/dx  *  ZdV/dy 
4u 


and  y-component 


-U 


3v/ax 

4iiJ 


(55) 


with  zero  z-component.  This  is  a  generalized  form  of  the  century-old 
RAYLEIGH  LAW  OF  STREAMING  (which  covers  cases  when  V  is  identically  zero). 

For  the  complete  streaming  pattern,  expressions  (55)  are,  effectively, 
boundary  values  for  its  tangential  component  at  the  body  surface  (because 
the  Stokes  boundary  layer  is  so  thin).  Therefore,  any  simple  solver  for 
the  steady-flow  Navier-Stokes  equations  with  specified  tangential 
velocities  on  the  boundary  allows  the  pattern  to  be  determined.  Important 
note:  here,  the  inertia  terms  in  the  Navier-Stokes  equations  must  NOT  be 
neglected,  unless  the  Reynolds  number  R^  based  on  the  streaming  velocity 
(55)  be  of  order  1  or  less;  when,  however,  the  corresponding  streaming 
motions  would  (as  in  §6.2)  be  uninterestingly  small. 

3 

In  the  other  extreme  case  when  R^  is  rather  large  (at  least  10  )  the 
streaming  motion  remains  quite  close  to  the  body  within  a  steady  boundary 

layer  whose  dimension  (relative  to  that  of  the  body)  is  of  order 
This  layer  is  by  no  means  as  thin  as  the  Stokes  boundary  layer,  but  it  does 
confine  very  considerably  the  acoustic  streaming  motion.  Equations  (55) 


2a 


direct  this  motion  towards  one  of  the  EXTERIOR  flow's  stafnation  points, 
whence  the  steady-boundary-layer  flow  emerges  as  a  jet  -  yet  auiothcr  jet 
generated  by  sound/^'^ 
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Fifure  1.  A  uniformly  valid  Doppler-ef f ect  approximation. 

DIatram  (a)  Space-time  diagram  for  unconverted  “eddle*’  of  correlation 
length  (  and  duration  9. 

Diagram  (bj  Case  of  "eddies"  convected  towards  observer  at  velocity  w; 
being  Diagram  (a)  sheared  by  a  distance  w  per  unit  time.  Here,  lines 
sloping  by  a  distance  c  per  unit  time  represent  emissions  received 

simultaneously  by  observer. 

Case  (i):  w/c  small.  Case  (ii):  w/c  »  I.  Case  (Hi):  intermediate 

value  of  w/c. 

Diagram  (c) - Average  modification  factor  (13). 

-  Acoustic  efficiency,  obtained  by  applying  this  factor  to  a 

low-Mach-number  "quadrupole"  efficiency  of  (say)  10’  (V/c)  . 


Figure  2.  Effects  of  RAY  CURVATURE  (44)  on  propagation  from  a  source 
on  horizontal  ground. 

Diagram  (a).  Rays  of  given  UPWARD  curvature  (due  to  temperature  lapse  or 
upwind  propagation)  can  leave  a  Zone  of  Silence  (ZS)  below  the  ray 
emitted  horizontally. 

Diagram  (b).  Rays  of  given  DOWNWARD  curvature  (due  to  temperature 
inversion  or  downwind  propagation)  can  enhance  received  signals  through 
multiple-path  communication. 
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ABSTTRACr 

The  interaction  between  vortlcity  and  sound  is  twofold:  unsteady  vorttcity  generates  sound 
but  near  a  surface  with  a  sharp  edge  incoming  sound  leads  to  the  production  of  vortlcity. 
The  Influence  of  scattering  surfaces  on  the  generation  of  sound  by  vortlcity  is  reviewed 
within  a  unified  framework.  In  particular,  it  is  shown  that  the  additional  vorticity 
generated  at  the  edges  of  an  aperture  in  a  rigid  screen  can  act  to  reduce  the  scattered 
monopole  field.  Unsteady  vortex  shedding  also  occurs  when  a  sound  wave  is  incident  upon  a 
perforated  plate,  and  leads  to  a  reduction  in  the  sound  energy.  Criteria  are  given  for 
exploiting  this  mechanism  to  design  panels,  which  absorb  all  the  incident  sound  energy  at  a 
particular  frequency. 

INTRODUCTION 

Lighthill's  [1]  theory  of  aerodynamic  sound  identifies  the  turbulent  Reynolds  stresses  as  a 
qutulrupole  source  of  sound  in  an  unbounded  fluid.  It  is  sometimes  convenient  to  use 
Powell's  [2]  reformulation  of  this  theory,  which  emphasises  the  dependence  of  the 
noise-producing  elements  on  local  vortlcity.  One  advantage  of  doing  this  is  that  vortical 
regions  of  the  flow  are  often  much  more  concentrated  than  the  hydrodynamic  region  over 
which  the  Reynolds  stresses  are  nonzero.  Moreover,  the  development  of  the  vorticity  field 
can  be  described  by  simple  kinematics. 

We  begin  by  considering  the  sound  generated  by  a  compact  region  of  vortlcity  in  unbounded 
space,  and  then  go  on  to  review  the  effects  of  nearby  surfaces.  An  infinite  plane  rigid 
surface  acts  like  a  simple  reflector  [3]  and  produces,  at  most,  a  doubling  in  the 
quadrupole  sound  pressure  generated  by  the  vorticity  in  unbounded  space. 

A  nearby  rigid  compact  body  leads  to  a  scattered  dipole  field  and  can  greatly  enhance  the 
radiated  sound  [4-6].  We  illustrate  this  effect  by  discussing  vorticity  near  an 
infinitely,  long  rigid  cylinder  of  compact' radius. 

Vortlcity  near  an  aperture  in  plane  boundary  produces  a  fluctuating  mass  flux  through  the 
aperture  and  hence  a  scattered  monopole  sound  field.  The  presence  of  an  aperture  can 
therefore  lead  to  strong  augmentation  in  the  sound  pressure  generated  at  low  Ncuih  numbers 
by  vortlcity  near  a  plane.  We  Illustrate  these  effects  by  a  detailed  consideration  of  a 
compact  circular  aperture  in  an  infinite  plane  surface.  If  the  scattered  field  is  assumed 
to  be  potential,  infinite  velocities  are  predicted  around  the  rim  of  the  aperture.  In 
practice,  viscous  effects  would  be  Important  in  this  region  and  lead  to  the  generation  of 
additional  vorticity.  This  vortex  shedding  is  in  general  a  nonlinear  phenomenon,  but  the 
presence  of  a  mean  bias  flow  through  the  aperture  leads  to  vortlcity  that  depends  linearly 
on  the  local  pressure  fluctuations.  We  use  the  same  model  of  this  vortex  shedding  process 
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as  Howe  [7],  but  t^ly  a  different  technique  to  solve  the  resulting  Integral  equations. 

The  unsteady  vortex  shedding  Is  found  to  lead  to  a  reduction  In  the  amplitude  of  the 
scattered  monopole  sound,  and  to  a  change  In  Its  phase. 

A  sound  wave  Incident  upon  an  aperture  In  a  plane  surface  generates  unsteady  vortlclty  In  a 
similar  way  [7].  In  the  presence  of  a  mean  hlas  the  flow,  acoustic  energy  is  converted 
Into  unsteady  vortical  motion  and  the  unsteady  vortex  shedding  provides  a  linear  mechanism 
of  sound  absorption.  Howe  [7]  calculated  the  absorptive  properties  of  a  screen  with  many 
circular  apertures  closely  spaced  on  the  wavelength  scale.  We  suimarise  more  recent 
results  [8]  for  the  sound  absorbed  by  a  screen  perforated  with  a  regular  array  of  parallel 
silts.  While  absorption  by  circular  apertures  can  be  described  by  only  two  non-dimensional 
parameters,  the  slits  Interact  with  one  another  Introducing  an  additional  parameter.  The 
maximum  absorption  coefficient  for  an  Isolated  screen,  perforated  with  either  slits  or 
circular  holes  Is  found  to  be  1/2. 


The  effectiveness  of  a  perforated  screen  as  a  soimd  absorber  can  be  greatly  increased  when 
a  rigid  surface  Is  placed  behind  the  screen  [8,9].  We  show  that  it  is  theoretically 
possible  to  absorb  all  the  sound  energy  Incident  at  a  particular  frequency,  and  indicate 
how  the  geometry  and  bias  flow  should  be  chosen  to  produce  such  highly  absorptive  liners. 
High  absorption  Is  predicted  for  suitably  designed  backed  screens,  whether  they  are 
perforated  with  slits  or  circular  holes.  Experimental  results  are  presented,  which  show 
encouraging  agreement  with  the  theory. 

SOUND  GENERATED  BY  VORTICITY  IN  UNBOUNTOD  SPACE 


Howe  [10]  showed  the  stagnation  enthalpy.  B.  to  be  a  convenient  dependent  variable  to 
describe  sound  generation  by  vortlclty.  When  the  flow  Is  Isentropic,  B  Is  equal  to 
S  dp/p  +  VI  u®,  where  p  is  the  pressure,  p  the  density  and  u  the  particle  velocity.  In  a 
linear  acoustic  field,  B'(x,t)  reduces  to  p'(x,t)/p^.  The  prime  denotes  a  perturbation  and 

the  suffix  o  a  mean  value. 


In  a  low  Kach  number  Isentropic  flow,  B  satisfies  the  Inhomogeneous  wave  equation  [10]: 


1  a® 


B  =  div  L, 


where  L  =  u  x  u. 


(1) 


The  source  velocity  field,  u(x,t),  can  be  regarded  as  Incompressible  (and  therefore 
solenoidal)  at  low  enough  Mach  numbers,  u  Is  the  vortlclty  vector  and  c  the  speed  of 
sound. 


The  solution  to  Eq.  (1)  In  unbounded  space  can  be  written  down  immediately.  When  the 
observer  at  X  Is  in  the  far  field  and  the  vortlclty  is  close  to  the  origin.  It  is 


B(x.t) 


*1  3 

4w|x|®c  at 


Lj  (y,  t-|x|/c  +  x.y/|x|c)  d®y. 


(2) 


This  integral  would  vanish  were  It  not  for  the  retarded  time  variation  over  the  region  of 
vortlclty,  since  for  a  solenoidal  velocity  field  L  can  be  expressed  as  a  divergence: 


Lj  =  A  (UjU  )  -  (H  u®).  (3) 

For  a  compact  source  region,  the  retarded  time  variation  can  be  expanded  as  a  Taylor 
series.  The  result  in  Eq.  (3)  shows  that  the  first  term  in  the  expansion  integrates  to 
zero,  and  we  obtain 


B(*.t)  ,  1  a® 

p„  4w|x|®c®  at® 


(x.y)  x.L  (y.  t-lx|/c)  d®y. 


(4) 


Equation  (4)  shows  that  the  distant  sound  field  is  quadrupole  [2]  and  Llghthlll's 
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eighth-power  scaling  law  [1]  can  be  readily  recovered. 

SOUND  GENERATED  BY  VIKTICITY  NEAR  AN  INFINITE  RIGID  PLANE 

The  nioiDentum  equation  shows  that  vB  =  -  du/dt  -  4>  x  u.  The  boiuwlary  condition  of  no  normal 
acceleration  on  a  fixed  Inpenetrable  surface  S  therefore  reduces  to 

n.vB  =  0  on  S,  provided  that  the  vorticlty  vanishes  on  the  surface.  (5) 

To  determine  the  sound  generated  by  vorticlty  In  front  of  the  Infinite  rigid  plane  y^  =  0. 
we  need  to  solve  the  wave  equation  (1)  with  the  boundary  condition  dB/dy^  =  0  on  y^  =0. 
This  Is  readily  achieved  by  using  the  half-space  Green  function,  G^^, 


GB{y.T|x.t)  =  C(t-T-|x-y|/c)  ^  a(t-T-|x**-y|/c) 

4w|x--yl 


(6) 


n 

with  X  =  (-XpX2,x^)-  The  required  solution  Is 


B-(x.t) 


I 

L.  _ d  y  dr. 

^1 


(7) 


A  repetition  of  the  steps  between  Eqs.  (2)  and  (4)  shows  that  for  x  in  the  far  field  this 
reduces  to 

B-  {X.  t)  =  =  -  _ i _ fL  [{x.y)x  +  (x*‘.y)x“)  .L(y.  t-  |x|/c)]d“y  (8) 

4w|x|’c®  dt® 

By  comparison  with  Eq.  (4),  It  is  evident  that  the  infinite  plane  acts  like  a  simple 
reflector  leading  to  at  most  a  doubling  In  the  radiated  quadrupole  sound  field  [3]. 

SOUND  GENERATED  BY  VORTICITY  NEAR  A  CYLINDER 


A  nearby  rigid  compact  body  letuls  to  a  scattered  dipole  field  and  can  greatly  enhance  the 
sound  radiated  from  vorticlty  [4-6].  We  will  illustrate  this  effect  by  considering 
vorticlty  near  a  fixed  rigid  cylinder,  which  Is  infinitely  long  with  radius  a.  It  is 
convenient  to  introduce  a  cylindrical  coordinate  system  ard  write  y  =  The 

solution  to  Eq.  (1)  which  satisfies  n.vB  =  0  on  the  cylli  icr  is  given  by 
dG 

B  {x,t)=-  L.  _ld=’ydT,  (9) 

^1 

where  the  Green  function  G^  (y-rlx.t)  satisfies 


1_  f _ -  w*  G  =  6(x-y.t-T),  with  _ 2.  =  0  on  a  =  a.  (10) 

c®  dr®  J  do 

Howe  [11]  has  derived  an  approximation  to  G^(y,T|x.t)  for  use  with  competct  sources.  If  the 

source  at  y  is  located  well  within  a  wavelength  of  the  origin,  and  the  observer  at  x  is  in 
the  far  field. 

,  y.cosB  ♦  (a+a*/a)sln0  cos{4>-W) 

G  a  _ 5{t-T-|x|/c)  +  _  6' (t-T- |x|/c)  +  .  (11) 

“  4w|x|  4w|x|c 
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{|x|,6,^)  is  the  expansion  of  x  in  spherical  polar  coordinates,  where  6  is  the  angle 
between  x  and  the  1-axls  and  ^  is  the  azimuthal  angle. 


Substitution  for  dG^/dy^  from  Eq.  (11)  into  Eq.  (9)  would  lead  to  an  expression  for  the 

distant  stagnation  enthalpy  in  terms  of  the  nonlinear  source  term  L.  This  is  the  procedure 
followed  by  Hardin  and  Pope  [12]  when  investigating  the  sound  of  a  vortex  ring  moving  past 
a  cylinder.  But  here  we  will  apply  Hohrlng's  method  [13]  of  introducing  a  vector  Green 
function.  This  enables  us  to  obtain  a  source  which  depends  only  linearly  on  the  vorticity 
and  provides  insight  into  the  noise  producing  elements. 


The  approximation  to  in  Eq.  (11)  satisfies  =  0>  and  so  it  is  possible  to  define  a 

vector  Green  function  by  curl  C  =  grad  G^.  Simple  algebra  shows  that  the  solution  of  this 
equation  in  cylindrical  polar  coordinates  is 


G  = 


4rr|x 


xjt  [[  CT 


sln0  sln('p-4).  0.  lio  cossi  6‘(t-T-|x|/c). 


(12) 


Substitution  of  curl  G  for  dG^/dy^  in  Eq.  (9)  leads  to 


B(x.t)  .  P  =  - 


L  .  (curl  G)d^y  dr. 


After  integration  by  parts  and  use  of  the  vorticity  equation,  curl  L 
simplifies  to 


(13) 


-  du/dt,  this 


P'(x.t)  =  P  — 

°  at 


u.C  d“y  dr 


sine  a^ 
4r|x|c  it* 


sin('*  -  f)«j 


d*y  +  ^ 

8r|x|c  at* 


(14) 


where  the  square  brackets  denote  that  the  function  they  enclose  is  to  be  evaluated  at 
retarded  time  t-|x|/c.  The  second  term  of  the  right-hand  side  of  Eq.  (14)  appears  to 
describe  an  axial  dipole.  However,  the  strength  of  the  dipole  depends  on  the  rate  of 
change  of  I  ou^d*y.  which  is  the  axial  Impulse  of  the  vorticity  [14].  Since  an  infinitely 

long  cylinder  cannot  exert  an  axial  force  on  an  Invlscid  fluid,  this  component  of  the 
Impulse  of  the  vortex  system  is  constant  and.  as  we  might  expect,  the  axial  dipole  is 
identically  zero.  It  therefore  follows  from  Eq.  (14)  that  the  axial  component  of  the 
vorticity,  Uj,  must  be  nonzero  if  the  vortex  sound  field  is  to  be  of  dipole  type  [4]. 


This  has  implications  for  the  noise  radiated  by  towed  arrays.  These  are  instrumentation 
packages  in  the  form  of  long  flexible  cylinders,  and  are  towed  by  ships  and  submarines  to 
detect  weedc  sound  signals.  We  see  from  Eq.  (14)  that  the  main  boundary- layer  vorticity. 
which  is  azimuthal,  does  not  radiate  dipole  sound  unless  the  cylinder  axis  is  curved. 

SOUND  GENERATION  BY  VORTICITY  NEAR  A  CIRCULAR  APERTURE 

Let  us  now  consider  the  sound  generated  by  vorticity  near  a  circular  hole  of  radius  a.  in 
an  otherwise  rigid  screen  on  yj^O.  The  geometry  is  illustrated  In  Figure  1. 

additional  vortex  shedding 

We  will  suppose  that  both  a  and  the  distance  of  the  vorticity  from  the  aperture  are  small 
in  comparison  with  the  wavelength.  The  stagnation  enthalpy  satisfies  Eq.  (1)  with  dR/dy^  =■ 

0  on  the  rigid  parts  of  the  screen  and  B  continuous  through  the  aperture.  The  half-space 
Green  function  G||  in  Eq.  (6)  nay  be  used  to  convert  Eq.  (1)  into  an  integral  equation  for 
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B'(x.  t)  and  leads  to 


E'{x. t)  =  H(Xj)  B^(x. t)  +  H{-Xj)  B_(x. t)  -  sgn(Xj) 


®  dS  dr. 


(15) 


where  S  Is  the  surface  of  the  aperture-  =  0,  a  i  a.,  0  i  <1/  i  2w. 


H(Xj)  B^{x.t)  =  -  H{Xj) 


,  .a  ^ 

L  _ d  y  dr 


dy 


(16) 


1 


Is  the  B-fleld  produced  in  Xj  >  0  by  vortlclty  in  front  of  a  rigid  plane.  Similarly 


fO  f“  t" 


H(-Xj)  B_{x.t)  =  -  H(-Xj) 


I  .,1 

L.  _ d  y  dr 

^i 


(17) 


la  the  B-fleld  produced  in  Xj  <0  by  vortlclty  behind  a  rigid  plane.  The  last  term  in  Eq. 

(15)  describes  the  scattering  effect  of  the  aperture  and  represents  a  monopole  sound  field. 
For  a  low  Hach  number  flow,  this  term  makes  the  largest  contribution  to  the  distant  sound 
field,  and  equation  (15)  reduces  to 


B(x.t) 


p  (x,t)  ^  1^  ^(y.t  -  |x|/c)dS  for  large  |x|. 

P_  2w|x|  ay. 

jS 


(18) 


The  gradient  dB/dy^  within  the  aperture  is  to  be  determined  by  applying  the  requirement 
that  B'(x, t)  be  continuous  across  the  aperture  to  Eq.  (i5).  This  shows  that  dB/dy^  must  be 
the  solution  of  the  Integral  equation 


Gjj  ^  dS  dr  =  B^(x,t)  -  B_(x,t)  for  Xj  =  0  and  |x|  <  a, 


dy 


that  satisfies  dB/dx^  =  0  on  Xj  =0  for  |x|  >  a.  After  substituting  for 

and  expressing  x  and  y  in  terms  of  polar  coordinates  centred  on  the  origin, 
y  =  (O.a.’p).  this  Integral  equation  becomes 


(19) 


from  Eq.  (6) 
X  =  (0.p,«). 


1  dB  a  do  d^i 

'  Jg  dyj  (p*-K7“-2po  cos(^#))*‘ 


B^(x.t) 


B_(x. t)  for  p  <  a 


(20) 


An  identical  Integral  equation  arises  in  the  problem  of  determining  the  electrical  charge 
distribution  required  on  a  disc  to  maintain  a  specified  potential,  and  Copson  [15]  has 
determined  the  general  solution. 


In  particular,  if  the  vortlclty  is  at  a  distance  from  the  origin  large  in  comparison  with 
the  aperture  radius  (although  still  small  in  comparison  with  the  wavelength),  B^(x, t)  and 

B_(x, t)  are  approximately  constant  over  the  region  p  ^  a.  The  solution  to  Eq.  (20)  is  then 
given  in  reference  [15],  Section  4.1: 
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(21) 


dB 

ayi 


B^{0.t)  -  BJO.t) 
_  for  <7  <  a. 

/  2  2 
T(a  -  a  ) 


When  this  expression  for  dB/dy^  Is  substituted  Into  Eq.  (18),  It  leads  to  the  far-fleld 
pressure  perturbation 


-sgn(x,  )p  a  c  I 

(x.t)  =  - ,  ,  °..  B^(0.t-lx|/c)  -  BJO.t- |x|/c) 

t|x|  '■  J 


(22) 


This  sound  field  Is  of  monopole  type,  the  strength  of  the  equivalent  monopole  source 
depending  on  the  product  of  ±2p^a  with  the  difference  in  the  incident  B-fields,  [cf 

16,17],  When  the  rigid  plane  surface  had  no  aperture,  we  found  the  radiated  sound  field  to 
be  quadrupole  (see  Eq.  (8)).  Therefore,  for  a  plate  near  a  low  Hach  number  flow,  an 
aperture  may  lead  to  a  significant  enhancement  in  the  radiated  sound. 


With  vortex  shedding 

It  Is  evident  from  Eq.  (21)  that  the  gradient  dB/dy^.  and  hence  the  particle  velocity.  Is 

singular  as  a  tends  to  a.  Hence,  In  practice,  viscous  effects  will  be  important  near  the 
rim  of  the  aperture  and  vortlclty  will  be  generated  there.  In  general  this  vortex  shedding 
would  depend  nonilnearly  on  the  flow  perturbations,  but  if  there  is  a  mean  flow  through  the 
aperture  the  problem  becomes  linear. 

We  will  use  Howe's  [7]  simple  model  of  this  shedding  process.  Azimuthal  vortlclty  is 
assumed  to  be  generated  around  the  rim  of  the  aperture,  and  subsequently  to  be  convected  in 
the  positive  Xj-dlrectlon  with  the  mean  velocity  (U.O.O).  Hence,  for  linear  perturbations 

of  frequency  u,  the  shed  vortlclty  can  be  expressed  in  the  form 

"(y.T)  =  e^-r  H(yj)  6(a-a)  .  (23) 


ir,  the  amplitude  of  the  shed  circulation  per  unit  length,  is  to  be  determined  by  applying 
the  Kutta  condition  [18]  that  the  velocity  at  the  rim  of  the  aperture  remain  finite.  This 
shed  vortlclty  leads  to  an  additional  source  term. 


•J  X  u  =  e^  -rll  H(yj)  6(a-a)  e  _ 

in  Eq.  (15),  which  becomes 

B(x.t)  =  H(Xj)  B^(x.t)  +  H(-Xj)  B_(x,t)  -  H{Xj)  lUa 


(24) 


^  e-l“(T-yi/U)  dy.dvldr 
* 


-  sgn(Xj) 


da 


G-  ^  dS  dT. 

axi 


(25) 


For  a  low  Mach  number  flow,  the  last  term  in  Eq.  (25),  which  describes  a  monopole  source, 
makes  the  largest  contribution  to  the  distant  souixl  field  and 


B{x.t) 


P(x,t) 


dB 

2w|x| 

Js  ' 


(y.t-|x|/c)dS 


(26) 


Again  the  gradient  dB/dy^  is  to  be  determined  from  the  condition  that  B‘(x,t)  is  continuous 
across  the  aperture,  and  dB/dy^  vanishes  on  the  rigid  parts  of  the  screen. 
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The  problem  for  B'(x,  t]  Is  equivalent  to  that  solved  by  Howe  [7]  to  determine  the  so’ond 
transmitted  through  a  perforated  screen.  He  used  Tranter’s  method  [19]  to  obtain  the 
solution.  The  details  of  the  analysis  are  complicated  and  conceal  the  simplicity  of  the 
solution.  Here  we  will  adopt  a  different  approach. 

Since  B‘(x. t)  Is  to  be  continuous  across  the  aperture,  equation  (26)  shows  that  dB/dy^  is 
the  solution  of  the  Integral  equation: 


dB 


_  dS  dr  =  B^(x.t)  -  B  (x.t)  -  lUa 


^  plu(T-yj/U) 

da 


dyj  dll'  dr 


for  x^  =  0  and  p  <  a,  that  satisfies  dB/dx^  =  O  on  X|=  C  for  p  >  a.  After  substituting  for 
G|2  this  Integral  equation  becomes 


dB 


o  do  d'l' 


S  3y^  {p*+o®-2po  cos{>-^)) 


=  B^(O.t) 


BJO.t) 


lUa  1 
-  i 

r  a 

1 

2w  J 

1  dcr 

p*+<7®-2po  cos('l'-4) 

e-‘"{‘-yi^)  dy, 
a 

(28) 


provided  B^  and  B_  are  again  approximately  constant  over  the  region  p  $  a.  The  yj  and 

Integrals  In  the  last  term  In  Eq.  (28)  are  evaluated  In  the  Appendix  to  show  that  the 
integral  equation  reduces  to 


dB 


o  do  d'l> 


g  9yj  (p®+o*-2po  cos(>l'-^))’^ 


=  B^(O.t)  -  B_{0.t)  +  ItU  axe 


-lut 


"  AH[*^(Aa)  J^(Ap)  dX 
X*  +  X* 

'^O 

(29) 


where  x  =  u/U.  This  integral  equation  is  In  a  particularly  convenient  form  because  Copson 
[15]  has  considered  discs  with  a  uniform  potential  and  with  a  radial  distribution 
proportional  to  J^(Xp)  as  special  cases.  We  can  use  Copson's  results  to  write  down  the 

solution  to  Eq.  (29): 


dB 

^1 


B^(0.t)-B_(0.t) 


w(a='-o*)" 


+  ItU  aice 

“  XH|‘>(Xa) 

t  J  (Xo)  +  i 

fCP 

tcos(Xt)dt 

K®  +  X* 

O 

2  “  w 

^  (t*  - 

for  a<a. 
(30) 


We  have  already  noted  that  near  the  rim  of  the  aperture  where  o  tends  to  a,  the  first  term 
on  the  rig;ht-hand  side  of  Eq.  (30)  has  a  square-root  singularity.  The  last  term  on  the 
right-hand  side  is  also  singular.  We  can  bring  out  the  form  of  this  singularity  explicitly 
by  Integrating  the  t-integral  by  parts.  This  letuis  to 


^  B^(O.t)  -  B_(0.t)  1  1  U  a  X  F(St)  e'*"‘ 

_  =  _ +  _  +  terms  finite  as  o  -»  a  (31) 

dyj  ir(a*  -  o“)'*  w(a*  -  o*)*^ 

where  St  =  xa  is  the  Strouhal  number  of  the  shed  vorticity.  St  =  ua/U 


43 


and  F(St)  = 


zcosz  H|^^(z)dz 
z®  +  (St)® 


(^2) 


In  order  to  satisfy  the  Kutta  condition  that  dB/dy^  remain  finite  as  o  -»  a,  we  must  choose 


B^{0.t)  -  B_(0.t) 

1  =  _ 

UaicF(St) 


lut 

e 


(33) 


The  calculation  of  the  far-fleld  pressure  from  Eq.  (%),  involves  the  evaluation  of 
S  SB/dyjdS  =  2w  S  dR/dy^a  do.  After  substituting  for  3B/dy^  from  Eq.  (31)  and  exchanging 

the  order  of  the  t  and  a  integrals,  the  remaining  integrals  are  standard  and  lead  to 


^  dS  =  2a(B^(0,  t)  -  B_(0.t))  +  12-rU  x  a^  E(St)  e"*“*.  (34) 

^1 


where  E(St)  = 


sin  z  Hj^^(z)dz 
+  (St)* 


■•o 

Once  -r  has  been  replaced  by  the  form  in  Eq. 


(33). 


^  dS  =  2a[^B^(0,t)  -  B_(0.t)j  a(St), 

^1 


where  3(St)  =  1  -  E(St)/F(St). 

The  far~field  sound  pressure  Is  therefore  given  by  Eq.  (26)  to  be 

sen(x,)  f  ,  _  I 

p  (x.t)  =  -  — ^ aa(St)  B^(0,  t  -  |x|/c)  -  B  (O.t  -  |x|/c) 
v|x|  ■’ 


(35) 


(36) 


(37) 


(38) 


A  comparison  with  Eq.  (22)  shows  that  the  unsteady  vortex  shedding  alters  the  radiated 
sound  pressure  at  frequency  w.  by  the  complex  factor  a(St)  =  l-E(St)/F(St) ,  St  =  wa/U.  The 
integrals  defining  EfSt)  and  F(St)  in  Eqs.  (35)  and  (32)  can  be  converted  into  standard 
form  [7].  This  makes  it  straightforward  to  evaluate  the  function  a(St).  which  is  plotted 
in  Figure  2.  For  Strouhal  numbers  less  than  2.  the  unsteady  vortex  shedding  leads  to  a 
considerable  reduction  in  the  amplitude  of  scattered  monopole.  Its  phase  is  also  changed. 

TRANSMISSION  OF  SOUND  THROUGH  A  PERFORATED  SCREEN 


Having  considered  scattering  by  a  single  aperture,  we  will  now  go  on  to  investigate  a  rigid 
screen  perforated  by  a  uniform  distribution  of  small  circular  apertures,  each  of  radius  a. 

A  steady  pressure  difference  produces  a  low  Mach  numbe '  mean  flow  through  the  (>erforations . 
Let  us  suppose  that  this  is  perturbed  by  a  linear  plan<  ound  wave  incident  at  an  angle  0 

w  k  X-  1 1 

and  that  the  incident  pressure  perturbations  are  e  '  *  where  k  =  (k^.k^.k^), 

kj  =  u  cosQ/c. 


If  the  separation  between  apertures  is  small  in  comparison  with  the  wavelength,  averaging 
over  many  apertures  leads  to  a  smoothed  volume  flow  rate  in  the  1-dlrectlon,  which  we  write 
as  Q  exp  i(k2X2  +  ~  area  of  screen.  Hence,  far  from  the  screen,  the 

pressure  perturbations  are  described  by 
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p'(x.t)  =  e 


l(k.x-<at) 


+  *  V2  ♦  (1  -  Q  p^c/cos0)  in  Xj«  0 


=  Qp^c/cos0  In  Xj>X)  (39) 

[7.  equations  (3.15)  and  (3.16)] 

It  Is  convenient  to  characterise  the  permeability  of  the  screen^ by  an  effective  compliance, 
q.  defined  by 


Qel{V2 


Xj=0 

Xj=0 


(40) 


When  the  form  for  the  pressure  field  in  Eq.  (39)  Is  substituted  into  Eq.  (40),  it  leads  to 


QPoC  ^  1 

COS0  l-lkj/2T) 


(41) 


The  transmission  properties  of  the  screen  are  described  by  Eq.  (39)  and  depend  only  on  the 
ratio  kj/q. 

The  volume  flow  rate  through  a  single  aperture  is  (lu)~^  S  dB/dy^dS.  Through  Eq.  (36).  we 

have  obtained  an  expression  for  the  relationship  between  this  flux  and  the  local  difference 
in  the  B-field  on  either  side  of  the  aperture.  When  this  is  converted  into  the  form  in 
Eq.  (40)  it  leads  to 


q  =  2Na  a(St)  =  _  o(St)  (42) 

wa 

where  N  is  the  number  of  apertures/unlt  area  and  w  (=  Nwa“)  is  the  open-area  ratio  of  the 
screen.  a(St)  is  the  known  complex  function  of  Strouhal  number  defined  in  Eq.  (37).  By 
substitution  of  this  expression  for  q  Into  Eqs.  (39)  and  (41).  we  can  recover  Howe's  result 
[7]  for  scattering  from  a  screen  with  circular  apertures. 

A  plate  perforated  by  a  regular  array  of  parallel  slits  can  be  investigated  in  a  similar 
way.  Let  us  consider  slits  of  width  2s.  spaced  a  distance  d  apart.  We  are  interested  in 
the  limit  US  <<  ud  <<  c.  There  Is  one  major  difference  between  the  analysis  for  slits  and 
circular  apertures.  For  circular  apertures.  It  has  been  sufficient  to  consider  an  isolated 
hole  in  detail,  transmission  across  a  perforated  screen  then  being  determined  by 
superposition.  For  slits,  the  potential  field  of  each  slit  decays  slowly  with  distance  and 
the  geometry  of  the  array  of  slits  needs  to  be  considered  when  setting  up  the  integral 
equation  for  dB/dy^.  The  details  are  given  in  reference  [8]  euid  lead  to 

q  =  _ w^2d _  (reference  [8].  Eq.  (2.51)).  (43) 

<n2/#  -  tn(wv) 

V  is  again  the  open-area  ratio.  ♦(St)  is  a  complex  function  of  the  Strouhal  number  of  the 
flow  through  the  slits.  St  =  us/U.  and  is  given  in  reference  [8]  Eq.  (2.44). 

The  absorption  coefficient  A  can  be  readily  calculated  from  Eq.  (39). 

A  =  1  -  |l-Qp^c/cos6|®  -  |(3p^c/cos0|*.  (44) 

where  Q  is  given  by  Eq.  (41)  and  q  is  to  be  evaluated  from  Eq.  (42)  for  circular  apertures 
and  from  Eq.  (43)  for  slits.  A  is  plotted  against  Strouhal  numter  in  Figure  3  for  various 
values  of  the  parameters.  For  circular  holes  A  is  a  function  of  only  two  non-dimensional 
parameters.  St  and  u/Ncos0.  where  M  =  U/c  is  the  Mach  number  of  the  mean  bias  flow.  For 
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slits  there  Is  an  extra  parameter,  since  the  open-area  ratio  u  appears  explicitly. 

It  is  straightforward  to  show  that  for  any  complex  Q  the  maximum  value  of  the  function  A, 
as  described  by  Eq.  (44).  is  Vi.  Thus  Figure  3b  shows  an  optimal  case  for  both  screens. 

THE  ABSORPTION  OF  SOUND  BY  A  PERPC»ATED  SCREEN  WITH  AH  INFINITE  RIGID  BACKING  PLANE 

The  effectiveness  of  a  perforated  screen  as  a  sound  absorber  can  be  greatly  Increased  when 
a  rigid  surface  is  placed  behind  the  screen.  Consider  the  geometry  in  Figure  4.  Sound 
waves  are  incident  from  x^  >  0  onto  an  infinite  perforated  plate  positioned  at  Xj  =  0.  A 

rigid  wall  occupies  the  plane  Xj  =  -t.  For  small  ua/c  and  t  >>  a,  the  acoustic  properties 

of  the  screen  can  be  described  by  the  smoothed  boundary  condition  in  Eq.  (40).  This, 
together  with  the  condition  of  vanishing  normal  velocity  on  Xj  =  -i  and  continuity  of  the 

smoothed  volume  flow  rate  Q  at  x^  =  0.  specifies  the  sound  field.  We  find  that  the 
reflection  coefficient  R  is  given  by 

ik./r)  +  1  -  i/tank|< 

R  =  - L.  (45) 

ikj/T|  -  1  -  i/tankjj 

We  will  examine  the  case  of  circular  apertures  first.  Then  in  the  the  absence  of  a  bias 
flow  q  =  2u/ita  and.  with  the  additional  constraint  that  u<cose<<l,  the  reflection 
coefficient  in  Eq.  (45)  reduces  to  that  determined  by  Leppington  and  Levine  [20].  There  is 
then  a  resonance  for  incident  sound  at  frequency  where 

u*  =  2c*u/wafcos®0.  (46) 

the  Helmholtz  resonator  frequency  for  the  apertures  and  cavity.  The  screen  appears  to  be 
perfectly  soft  at  this  frequency.  When  there  is  a  mean  bias  flow  through  the  screen,  sound 
energy  is  converted  into  unsteady  vortical  flow.  We  c£ui  write  the  reflection  coefficient  R 
for  a  general  frequency  in  terms  of  the  non-dimensional  frequency  ufcosB/c  and  the 

Strouhal  number  ua/U.  We  are  particularly  Interested  in  the  absorption  coefficient 
A  =  1  -  |R|*,  which  can  be  readily  calculated  once  R  has  been  determined.  Intuitively,  one 
might  expect  the  maximum  absorption  to  occur  near  the  resonance  frequency  in  Eq.  (46). 

Figure  5  shows  a  comparison  between  the  theoretical  absorption  coefficient  and  measurements 
obtained  in  an  impedance  tube.  The  agreement  between  the  theory  and  experiment  is  very 
encouraging.  We  see  from  Figure  5a  that  the  theoretical  prediction  of  total  sound 
absorption,  at  a  particular  frequency,  can  be  obtained  in  practice  and  that  this  high 
absorption  is  indeed  obtained  near  the  resonance  frequency,  When  the  parameters  are 

altered  to  produce  a  less  efficient  sound  absorber,  the  correlation  between  the  theory  and 
experiment  is  still  good,  as  shown  in  Figure  5b. 

Figure  6  indicates  how  an  effective  sound  absorber  can  be  designed  with  circular  apertures. 
For  a  given  frequency,  angle  of  incidence  and  cavity  depth,  the  parameter  atcoae/c  is 
fixed.  The  plate  geometry  should  then  be  chosen  so  that  u  ,  as  defined  in  Eq.  (46),  is 

equal  to  the  frequency  of  the  incident  sound.  The  appropriate  Strouhal  number  can  then  be 
read  from  Figure  6,  thus  determining  the  bias  flow  velocity.  This  procedure  was  adopted  to 
design  the  highly  absorptive  panel  in  Figure  5a. 

We  now  turn  our  attention  to  parallel  slits.  Where  there  is  no  bias  flow,  4=1  and  q 
reduces  to  w/2d#n(2/wu) .  There  is  then  a  resoneuice  for  incident  sound  for  which 

2kj  d  <n(2/wu)  tan  kj<  =  w.  (47) 

Since  kjd  is  small,  tan  kj<  oust  be  large  at  the  resonance  condition,  l.e. 


kjf  91  (n  +  V()t  for  some  integer  n. 


(48) 


When  there  Is  a  mean  bias  flow  through  the  screen. we  might  expect  the  maximum  absorption  to 
occur  near  the  resonance  condition  in  Eq.  (48).  This  is  confirmed  by  both  the  experimental 
and  theoretical  results  in  Figure  7.  There  is  good  agreement  between  theory  and  experiment 
and  again  high  levels  of  absorption  can  be  achieved  if  the  plate  parameters  and  the  bias 
flow  are  chosen  appropriately. 

To  design  a  backed  screen,  which  will  absorb  all  the  sound  of  frequency  u  incident  at  an 
angle  6,  the  cavity  depth  should  be  chosen  so  that  k^£^/2.  Next  a  convenient  value  of  d/f 

may  be  specified.  Finally  u  and  M  must  be  chosen  to  ensure  that  the  absorption  coefficient 
at  kj#=ir/2  is  unity.  Plots  of  the  form  shown  in  Figure  8  aid  this  choice.  They  show  that 

in  fact  there  is  a  family  of  optimal  pairs  (u.N).  The  designer  can  choose  among  them. 

A  comparison  of  Figures  8a  and  8b  shows  that  the  absorption  coefficient  is  only  weakly 
dependent  on  the  ratio  A/t. 

CONCLUSIONS 

The  generation  of  sound  by  vortlclty  has  been  reviewed  within  a  unified  framework  and  the 
scattering  effects  of  surfaces  have  been  discussed.  In  particular,  it  is  shown  that  the 
additional  vortlclty  shed  at  the  rim  of  an  aperture  in  a  rigid  screen  can  significantly 
reduce  the  scattered  monopole  field.  The  same  mechanism  can  convert  the  energy  in  an 
incident  sound  wave  into  unsteady  vortical  flow.  Criteria  are  given  for  designing 
perforated  panels  which  absorb  all  the  Incident  sound  energy  at  a  particular  frequency. 
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APPENDIX 

Expanding  the  solution  of  =  fi(x-y)  In  cylindrical  polar  coordinates  shows  that 


- i - =  £  y  X  (Jar)  cosn(^0)  cos(ky,}dk 

^  b  n  n  n  x 

(yj  +  p*  -  <T*  -  2pa  cos('|r-6))  w  n=o 

for  p<a,  where  a  =1,  a  =2,  n^l.  (Al) 

on  '  ' 


For  the  form  on  the  right-hand  side  of  Eq.  (Al)  it  is  easy  to  evaluate  the  'I)  and  y^ 
integrals  in  Eq.  (28). 


O  ■> 


(yJ+p*+o*  -  2pa  cos(^0))^ 


=  41k 


K*-k* 


(A2) 


After  differentiation  with  respect  to  a,  this  leads  to 


a 

da 


1 


-  2pa  cos(^0) 


a 

e‘’‘^l  d^yj 

crsa 


I^(kp)  Kj(ka)  kdk 


K'-k' 


(A3) 


Howe  [7]  shows  how  the  contour  of  integration  In  the  last  term  In  Eq.  (A3)  may  be  rotated 
in  the  clockwise  direction  onto  the  negative  Imaginery  axis.  In  this  way,  we  obtain 


a 

da 


1 

+  p®  +  (7*  -  2pa  coa(^0) 


e'-^^l  d^y, 

C7^ 


-2irlK 


AHp)(Aa)J^(\p)dX 


(A4) 


a  result  that  is  used  In  Eq.  (29). 
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Absorption  coefficient,  A 


•circular  aperture 
.radius  c 


Figure  1  Scattering  of  sound  by  a 
circular  aperture. 


Figure  2  The  variation  of  a  with 

Strouhal  number;  _ |a(St)|, - 

-  phase  a(St)/T. 


Figure  3  The  absorption  coefficient  of 
a  perforated  screen  as  a  function  of  St; 

_  silts  (St=t)s/U), - circular 

apertures  (Staoa/U). 


Figure  4  The  geometry  of  the  backed 
screen. 
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ABSTRACT 

Computational  Aeroacoustics  (CAA)  involves  the  calculation  of  the  sound  produced  by  a 
flow  as  well  as  the  underlying  flowfield  itself  from  first  principles.  While  one  might  think  this 
endeavor  would  be  a  straightforward  application  of  standard  computational  fluid  dynamics  (CFD) 
techniques,  one  soon  finds  that  the  physics  of  sound  fields  require  careful  tailoring  of  numerical 
approaches  for  successful  aeroacoustic  computations. 

This  paper  describes  the  numerical  challenges  of  CAA  and  recent  research  efforts  to 
overcome  these  challenges.  In  addition,  it  includes  the  benefits  of  CAA  in  removing  restrictions  of 
linearity,  single  frequency,  constant  parameters,  low  Mach  numbers,  etc.  found  in  standard  acoustic 
analyses  as  well  as  means  for  evaluating  the  validity  of  these  numerical  approaches.  Finally, 
numerous  applications  of  CAA  to  both  classical  as  well  as  modern  problems  of  concern  to  the 
aerospace  industry  are  presented. 

INTRODUCTION 

Classical  acoustics  considered  small  perturbations  produced  by  a  given  source  of  sound  in 
an  ambient  or,  at  most,  a  uniformly  moving  medium.  The  governing  equations  were  linearized, 
restricting  their  validity  to  low  Mach  number,  usually  assumed  a  constant  speed  of  sound,  and  often 
specified  the  source  to  be  harmonic. 

The  first  significant  departure  from  this  classical  approach  was  made  by  Lighthill(’)  who 
considered  sound  generation  by  turbulent  jets.  His  theory  retained  the  appearance  of  linearity,  but 
did  not  specify  it~iC  SCuTCG,  which  appeared  in  the  analysis  through  the  nonlinear  terms.  Although 
Lighthill's  work  was  a  monumental  advance,  practical  applications  of  his  theory  were  still  limited  to 
low  Mach  numbers. 

With  the  development  of  larger  and  faster  computers,  the  field  of  Computational 
Aeroacoustics,  where  the  sound  produced  by  a  flow  as  well  as  the  underlying  flowrfield  itself  is 
computed  from  first  principles,  has  become  a  practical  reality.  However,  such  calculations  are  not 
trivial  extensions  of  compressive  computational  fluid  dynamics  codes,  which  are  usually  developed 
for  steady  flows  and  are  thus  designed  to  damp  out  oscillations,  but  must  be  carefully  tailored  to 
extract  the  acoustic  quantities  of  interest.  Successful  CAA  calculations  must  overcome  the 
challenges  produced  by  the  small  size  and  high  frequencies  of  the  quantities  of  interest,  which 
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make  damping  and  dispersion  of  waves  undt  s  .able,  and  the  need  for  long  time  solutions, 
nonreflecting  boundary  conditions  in  greater  tha:;  one  dimension,  as  well  as  the  nonlinear  behavior 
at  higher  Mach  numbers. 

GOVERNING  EQUATIONS 

The  complete  set  of  equationsl^)  governing  fluid  flow  are: 


Mass 


5£  +  pVu  =  0 
Dt 

Momentum 


=  pFi- 


iP+A 

dX|  dx^ 


Energy 


DT  pT  Dp  ,  1  3  f 
Dt  p  Dt  ^  p  3X|  [ 


State 

^{P.P.T)  =  0 


(1) 


(2) 


(3) 


(4) 


which  consist  of  six  equations  for  the  six  unknowns,  the  density,  p,  pressure,  p,  temperature  T,  and 
three  velocity  components,  ut,  if  the  energy  equation  is  viewed  as  defining  the  entropy  per  unit 
mass,  S.  Here,  Fj  is  the  applied  body  force  per  unit  mass,  Cp,  k,  p,  and  I3  are  the  specific  heat  at 
constant  pressure,  and  coefficients  of  thermal  conductivity,  viscosity  and  thermal  expansion 
respectively.  Also,  eij  is  the  rate  of  strain,  A=eii,  and  (j)  is  the  viscous  dissipation. 

Air  at  normal  temperatures  and  pressures  is  well  approximated  as  a  perfect  gas(^)  with  constant 
specific  heats.  Thus,  the  equation  of  state  may  be  taken  to  be 


P  =  pRT  (5) 

where  R  is  the  gas  constant.  If  this  relation  is  employed  in  Eq.  (3),  the  energy  equation  may  be 
integrated  to  show  that 

S-S„  =  c,log(p/p'')  (6) 

where  Cy  is  the  specific  heat  at  constant  volume  and  ■yi=Cp/Cv=1.4.  Finally,  Eq.  (6)  may  also  be 
utilized  to  define  fhe  speed  of  sound,  c,  in  the  medium  as 

NUMERICAL  SOLUTIONS 

The  governing  equations  developed  above  may,  in  theory,  be  solved  numerically  for  the 
sound  produced  by  any  fluctuating  fluid  flow.  Such  ’direct  simulations'  have  been  attempted  by 
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several  authors,  including  BrentnerO),  WatsonW,  and  Lelet^),  with  varying  degrees  of  success. 
These  mixed  reviews  are  not  surprising  when  one  considers  the  difficulties  inherent  in  the 
calculation,  especially  for  viscous  flows. 

The  first  of  these  difficulties  might  be  called  the  "dynamic  range"  problem.  Hydrodynamic 
pressure  fluctuations  in  turbulent  flows  are  typically  of  the  order  of  10'^  of  the  ambient  pressure, 
while  an  intense  sound  wave  (100  dB)  is  produced  by  pressure  fluctuations  of  the  order  of  10'^  of 
the  ambient  pressure.  Thus,  the  waves  one  is  seeking  are  tiny  compared  to  other  fluctuations  in  the 
flow.  Further,  the  frequencies  of  interest  of  these  waves  are  typically  of  the  order  of  kilohertz,  since 
that  is  where  the  ear  is  most  sensitive.  However,  numerical  algorithms  usually  act  as  low  pass 
filters.  For  example,  consider  the  simple  forward  difference 

df  _  f(t  +  At)-f(t) 
dt  ”  At 

applied  to  estimate  the  derivative  of  a  harmonic  function  of  frequency  to,  f(t)=e'“'.  One  finds 


dt 


sin- 


(oAt 


^t 

2~ 


(7) 


resulting  in  an  amplitude  dissipation  given  by  the  bracketed  term  in  Eq.  (7)  and  a  dispersive  phase 
error  coAt/S.  Figure  1  displays  the  dissipative  error  as  a  function  of  frequency.  Clearly,  coAt  must  be 
very  small  for  the  acoustic  frequencies  of  interest,  or  this  error,  which  occurs  every  time  step,  will 
soon  damp  out  the  acoustic  waves.  It  should  be  noted  that  this  error  can  be  reduced,  but  not 
eliminated,  by  more  sophisticated  higher  order  numerical  schemes. 

A  second  difficulty  might  be  called  the  "multiple  scales"  problem.  In  a  viscous  flow,  the 
smallest  energy  dissipating  eddies  have  sizes  which  scale  on  the  inverse  of  the  Reynolds  number, 
while  acoustic  waves  have  wave  lengths  that  are  proportional  to  the  speed  of  sound.  Thus,  the 
acoustic  scales  of  interest  are  ordinarily  much  larger  than  the  smallest  scales  in  the  flow.  Since 
numerical  spatial  derivatives  have  the  same  low  pass  characteristic  as  seen  earlier  for  temporal 
derivatives,  the  requirements  to  both  resolve  the  viscous  scales  and  have  a  reasonable  number  of 
wavelengths  of  the  acoustic  field  in  the  computational  domain  usually  result  in  a  prohibitive  number 
of  grid  points.  This  has  led  to  various  low  wavenumber  approaches(6),  such  as  Large  Eddy 
Simulation  (LES)  and  Renormalization  Group  Theory  (RNG),  which  attempt  to  model  the  energy 
drain  to  small  scales  and  compute  only  the  larger  ones.  These  techniques  are  based  on  the 
concept  that  the  larger  flow  structures  should  be  most  efficient  in  radiation  of  sound.  Other 
approaches  compute  only  the  near  hydrodynamic  field  and  use  the  Kirchhoff  theory  to  determine 
the  acoustic  field!®)  or  attempt  to  split  the  viscous  and  acoustic  parts  of  the  problem(7), 

A  third  difficulty  might  be  called  the  "anisotropy"  problem.  If  one  considers  the  two 
dimensional  wave  equation 

Pn  =  c1P«  +  Py,) 

Which  is  much  simpler  than  the  equations  of  interest,  but  to  which  they  reduce  for  small 
perturbations  in  an  ambient,  2D  medium,  one  finds  that  the  continuous  equation  admits  the  solution 

P(x,y,t)  =  e'<"-'"’-‘’''' 
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where  =  k*  and  k  =  -^  is  the  acoustic  wavenumber.  This  solution  corresponds  to  a  plane 

wave  propagating  in  the  direction  e=arctan  (ka/ki)  with  respect  to  the  positive  x-axis.  If  one  then 
discretizes  the  wave  equation  using  second  order  central  differences,  one  finds  that  the  solution  to 
the  continuous  equation  will  also  be  a  solution  to  the  discrete  equation  if  and  only  if 


’  k,cAt 

.  kjCAt 

l-cos-i— 

+  T 

1-COS-2 — 

P  . 

Y  . 

=  1-cos  kc  At 


where  6=cAt/Ax  and  y=cAt/Ay  are  the  CFL  numbers  in  the  two  coordinate  directions.  The  solution  of 
equation  (8) 


k  k  k 

which  is  plotted  on  Figure  2,  shows  that  the  optimum  numerical  parameters  depend  not  only  on  the 
frequency  of  the  wave,  but  also  on  its  direction  of  propagation!  Thus,  numerical  acoustic  solutions 
are  very  sensitive  to  the  grid  employed  in  their  computation.  Physically,  the  optimum  requires  the 
next  grid  point  to  be  at  precisely  the  distance  the  wave  will  travel  in  one  time  step.  Clearly  this 
cannot  be  achieved  in  the  general  case  and  thus  frequency  and  direction  dependent  dissipative 
and  dispersive  errors  will  creep  into  the  solution.  Again  these  errors  can  be  reduced,  but  not 
eliminated,  by  more  sophisticated  numerical  schemes  such  as  the  Finite  Volume  Methodic). 

A  final  difficulty  which  might  be  mentioned  is  the  need  for  "nonreflecting"  boundary 
conditions.  Typically,  one  Is  interested  in  radiation  into  an  unbounded  medium,  but  the 
computational  domain  is  of  necessity  bounded.  Thus,  one  must  prescribe  suitable  conditions  at  the 
computational  boundaries  such  that  outgoing  waves  are  not  reflected.  In  one  dimension,  this  is  a 
straightforward  task,  but  in  higher  dimensions,  where  waves  can  strike  the  boundary  non-normally, 
development  of  nonreflecting  conditions  is  more  problematic.  Some  success  has  been  achieved 
using  characteristic  conditions^)  and  asymptotic  conditions(8)  based  on  an  assumed  form  for  the 
farfield  solution. 

VALIDATION 

In  spite  of  the  difficulties  mentioned  above,  significant  progress  toward  the  development  of 
numerical  solutions  to  acoustic  problems,  i.e.  CAA,  has  been  made.  Most  of  this  work  has  been  of 
the  nature  of  building  a  firm  foundation  of  understanding  upon  which  later  work  could  stand. 

In  one  dimension,  the  classical  problems  of  a  piston  in  a  pipe  and  a  pulsating  sphere  have 
been  solved  and  compared  with  the  standard  linearized  solutions  at  low  Mach  number.  Figure  3 
shows  such  a  comparison.  Here  the  numerical  schemef^  solved  the  complete  set  of  inviscid 
governing  equations  using  a  MacCormack  predictor-corrector  scheme  with  8=cAt/Ar=1/1+M.  As 
can  be  seen,  the  solutions  at  M=0.05  are  identical.  At  higher  Mach  number,  the  numerical  solutions 
have  been  compared  with  a  perturbation  series  solutionis)  to  the  full  set  of  equations.  For  the  piston 
in  pipe  problem,  the  numerical  results  agreed  exactly  with  only  one  term  of  the  perturbation  series, 
even  for  Mach  numbers  where  significant  nonlinear  effects  were  apparent.  However,  for  the 
spherical  pulsating  sphere  problem,  differences  are  seen  even  with  two  terms  of  the  perturbation 
series.  Such  a  comparison  is  shown  in  Figure  4  at  M=0.3.  Here,  the  density  perturbation  has  been 
multiplied  by  the  distance  r  to  remove  the  spherical  spreading.  Note  that  the  numerical  solution 
appears  to  steepen  more  quickly  than  the  perturbation  series  result.  Which  of  these  results  is 
correct  and  the  reason  for  the  discrepancy  is  still  being  explored. 
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In  two  dimensions,  the  problems  of  a  pulsating  sphere,  piston  in  wall,  accelerating  cylinder, 
and  sound  propagation  in  a  variable  area  duct  with  flow  have  been  explored.  The  first,  second,  and 
some  cases  of  the  fourth  of  these  problems  are  classical  and  thus  linearized  solutions  exist  for 
validation.  A  nonlinear  perturbation  series  solutionf^)  has  also  bean  obtained  for  the  first  of  these 
problems.  Figure  5  displays  a  comparison  between  a  MacCormack  numerical  scheme!'*)  and  the 
linear  theory  for  a  straight  duct  carrying  M»0.5  flow  into  which  a  low  amplitude  non-planar  acoustic 
wave  is  inserted.  Characteristic  boundary  conditions  are  employed  at  inflow  and  outflow.  This  work 
goes  on  to  look  at  variable  area  ducts  where  no  analytic  solutions  are  available.  Figure  6  displays 
the  density  perturbation  radiated  by  a  cylinder  impulsively  accelerated  to  M=0.4.  Here,  density  is 
normalized  by  r*/^  to  remove  the  cylindrical  spreading.  This  calculation!^)  was  achieved  using  the 
five  stage  time  stepping  method  of  Jameson.  Although  no  analytic  solution  is  available  for  this 
problem,  the  solution  error  was  measured  by  computing  the  entropy  of  the  solution,  which  should 
be  zero  in  this  invisid  flow  in  the  absence  of  shocks.  The  entropy  was  found  to  vary  significantly 
with  the  fineness  of  the  grid,  again  emphasizing  the  anisotropy  problem  in  two  dimensions. 

Viscous  flow  computations  in  two  dimensions  include  the  compressible  free  shear  layer 
work  of  Lele!^)  mentioned  earlier  who  compared  a  direct  simulation  with  an  acoustic  analogy 
approach!*)  yielding  reasonable  agreement.  In  addition,  the  present  author  and  Lamkin  are 
attempting  such  a  comparison  for  the  Aeolian  tone  radiation  produced  by  uniform  flow  into  a 
stationary  cylinder. 

In  three  dimensions,  little  work  has  been  attempted  due  to  the  prohibitive  cost  of  the 
computations.  Berman  and  Orszag!*0)  are  in  the  process  of  computing  noise  from  a  circular,  but  not 
assumed  axisymmetric,  jet  using  a  spectral  technique  in  conjunction  with  RNG  modelling  of  the 
small  scales.  A  preliminary  result  for  the  farfleld  noise  spectrum  at  90°  to  the  jet  axis  of  a  Re-10,000 
and  M=1  jet  is  shown  in  Figure  7  as  a  function  of  Strouhal  number.  Note  that  the  expected  peak 
near  the  Strouhal  number  of  0.3  is  not  observed  which  may  be  attributed  to  aliasing  from  high  wave 
numbers. 

CONCLUSION 

This  paper  has  considered  the  development  of  Computational  Aeroacoustics  (CAA)  where 
the  sound  radiation  by  a  flow,  as  well  as  often  the  flow  itself,  are  numerically  computed  from  the  full 
governing  equations.  The  advantages  and  difficulties  of  this  approach  in  addition  to  methods  of 
verification  and  examples  of  its  use  are  discussed.  It  may  be  concluded  that  the  computational 
power  to  handle  such  problems,  at  least  in  two  dimensions,  now  exists.  Further,  the  physics  of 
sound  fields  require  tailoring  of  standard  compressible  fluid  dynamic  codes  in  order  to  successfully 
extract  acoustic  Information. 
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Figure  1 :  Frequency/Time  Step  Restriction 


M  =  0.05 


Figure  3:  Pulsating  Sphere  Comparison 


Figure  2;  Optimum  Numerical  Parameters 


Figure  4:  Pulsating  Sphere  Comparison, 
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Figure  6;  Accelerating  Cylinder  Radiation. 
r’'2p'  plotted 


Figure  7:  Predicted  Jet  Noise  Spectrum 
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ABSTRACT 

The  far-field  noise  of  rockets  is  primarily  generated  by  turbulence  in  the  transonic  region  of  the  plume.  Turbu¬ 
lence  convection  velocities  in  this  region  scale  on  the  speed  of  sound  in  the  exhaust,  Ce.  These  convection  velocities 
are  supersonic  with  respect  to  the  speed  of  sound  in  the  atmosphere,  resulting  in  a  high  “coustic  radiation  efficiency 
and  large  angle  of  maximum  directivity.  Since  Ce  is  the  characteristic  flow  velocity  in  this  region,  a  dimensionless 
frequency  based  on  the  exhaust  velocity,  fDfUc,  results  in  a  very  low  peak  Strouhal  number  in  the  sound  power 
spectrum.  In  this  paper,  properties  of  the  rocket  exhaust  plume  and  their  relationship  to  the  radiated  noise  are 
examined  and  contrasted  to  those  of  lower  temperature  supersonic  jets.  It  is  concluded  that  extrapolations  based 
on  supersonic  jet  data  are  unreliable  unless  the  data  includes  jets  for  which  I'e/C,  >  1  and  Ce/Co  >  1.4. 

NOMENCLATURE 

/  frequency  in  Hz 
p  static  pressure 

Cf  speed  of  sound  in  the  exhaust  at  the  nozzle  exit  plane 
D  nozzle  exit  diameter 

ER  nozzle  expansion  ratio  (ratio  of  exit  area  to  throat  area) 
tr  length  of  the  laminar  core 
/,,  length  of  the  supersonic  core 

LOXj LH2  liquid  engines  fueled  by  liquid  oxygen  and  liquid  hydrogen 

iOX/KP  —  I  liquid  engines  fueled  by  liquid  oxygen  and  rocket  propellant  (high  grade  carbon  fuel) 

.V/,  =  VrlC'r  .Mach  number  based  on  flpw  velocity  and  speed  of  sound  in  the  flow 

.Mo  =  V'r/Co  Mach  number  based  on  flow  velocity  and  speed  of  sound  in  the  atmosphere 

.V/ri,  Mc2  convective  Mach  number  of  large  scale  turbulence  structures  on  the  high  and  low  speed  sides,  respec¬ 
tively,  of  a  two-dimensional  shear  layer,  Mc\  =  ~ 

SRBs  solid  rocket  booster  engines 

SSM E»  second  stage  main  engines  on  the  Space  Shuttle 
T  mean  exhaust  temperature  (absolute)  at  nozzle  exit  plane 
exhaust  velocity  at  nozzle  exit  plane 

f'li  freestream  velocities  on  high  and  low  speed  sides,  respectively,  of  two-dimensional  shear  layer 
1,  ideal  gas  constant  of  the  exhaust  at  the  nozzle  exit  plane 
Pr  exhaust  density  at  nozzle  exit  plane 

INTRODUCTION 

The  experimental  studies  of  Cole,  von  Gierke,  el  al  [3,  19.57]  and  Mayes  et  al  |18,  1959],  among  others, 
established  the  key  characteristics  of  -ocket  noise.  These  studies  were  followed  by  work  by  Ffowes- Williams  [V, 
1963]  and  Lighthill  [15,  1963]  that  clarifierl  the  dependence  of  the  overall  sound  power  on  the  flow  velocity  and 
provided  a  qualitative  explanation  of  the  high  radiation  efficiency  and  large  directivity  angle  as  consequences  of 


Mach  wave  radiation  from  turbulence  in  the  plume.  However,  many  aspects  of  the  generation  and  radiation  of 
rocket  noise  remained  unclear.  More  recent  work  on  supersonic  shear  layers  and  supersonic  jets  has  provided  an 
explanation  for  the  extended  length  of  the  laminar  core.  Much  of  the  theoretical  work  has  been  concerned  with 
the  spatial  instability  of  the  shear  layer.  This  studies  have  identified  the  nature  of  the  dominant  how  disturbances 
in  the  shear  layer  as  well  as  their  phase  velocities  and  wavenumbers,  primarily  for  cold  supersonic  jets.  However, 
these  studies  do  not  permit  the  prediction  of  laminar  or  supersonic  core  length.:  and  until  recently  (see  Tam  [30, 
1989])  have  not  been  extended  to  the  high  temperatures  typical  of  rocket  exhausts.  See  Table  I. 

The  transition  from  instability  waves  to  fully  developed  turbulence  at  the  end  of  the  laminar  core  with  a 
subsequent  transition  from  supersonic  to  subsonic  how  is  a  very  complex  process,  even  for  perfectly  expanded 
flows.  This  process  depends  not  only  on  the  exhaust  Mach  number,  Me  -  VefCe^  but  also  on  the  ratio  of  the 
speed  of  sound  in  the  how  to  that  of  the  ambient  httld,  Ce/Co.  It  is  likely  that  this  process  will  continue  to  elude 
prediction  by  theoretical  and  numerical  methods  for  (at  least)  another  decade. 


Table  1;  Typical  Rocket  Exhaust  Parameters  at  Nozzle  Exit  Plane 


Titan  solids 

Saturn  V 

Saturn  IB 

Shuttle  SSMEs 

Engine  Type 

solids 

LOX/RPl 

LOX/RP-l 

L0X/LH2 

Nozzle  ER 

10 

16 

8 

(55-75) 

Ce  •  m/s 

780 

890 

950 

860 

7* 

1.19 

1.2 

1.2 

1.23 

0.12 

0.06 

0.09 

0.04 

TJT, 

6.2 

6.9 

7.3 

4.5 

pjpo 

0.71 

0.48 

0.78 

0.20 

Ve  ■  m/s 

2500 

2900 

2850 

4000 

K/C, 

3.2 

3.5 

3.0 

4.7 

K/C, 

7.4 

9.0 

8.4 

11.8 

OVERALL  SOUND  POWER 

For  high  thrust  rockets  (>  7  X  10*N)  the  mean  overall  sound  power  is  well  predicted  as  0.5%  of  the  engine 
mechanical  power .(25, 6, 15, 9]  The  en^ne  mechanical  power,  W,n,  is  equal  to  one  half  the  product  of  the  thrust,  T. 
times  the  exhaust  velocity.  Thus,  the  overall  acoustic  power  radiated  by  a  rocket  can  be  expressed  as 

W,  =  r,iTl/.  (1' 

where  tj  Is  generally  taken  to  be  0.005.  This  is  to  be  compared  to  an  efficiency  of  for  subsonic  jets.|1.5. 

Fig.  4]  The  high  acoustic  radiation  efficiency  of  rockets  was  explained  by  Ffowcs- Williams  (7)  and  LighlhiH  (15)  to 
be  the  result  of  Mach  wave  radiation. 

The  thrust,  neglecting  a  small  pressure  contribution  when  the  flow  is  imperfectly  expanded,  is  proportional 
to  U^.  This  results  in  a  dependence  for  the  noise  generated  by  rockets,  as  predicted  by  Ffowcs- Williams 
[7],  Lighthill  [15]  and  later  by  Tam.(29)  This  prediction  of  Ffowcs- Williams  was  based  on  an  order  of  magnitude 
estimate  using  the  nozzle  exhaust  velocity  as  the  characteristic  velocity  (for  a  stationary  nozzle)  and  the  nozzle  exit 
diameter  as  the  characteristic  length  scale.  Although  these  scales  do  not  appear  appropriate  without  modification 
for  prediction  of  peak  frequencies  or  the  peak  radiation  angle,  the  dependence  is  well  established. 

Figure  I  from  von  Gierke(33,  1961]  illustrates  the  transition  from  the  ff®  (nr  dependence  for  subsonic 

jets  to  the  asymptotic  f/®  dependence.  On  this  curve  von  Gierke  has  noted  that  the  rocket  data  shown  could 
equally  well  be  fitted  by  a  Cf  dependence  if  the  “jet  velocity  effective  fo'  acoustic  radiation"  is  taken  to  be  “the 
sound  velocitv  m  the  flow. "(331  Other  versions  of  Fig.  1  can  be  found  in  Tefs.  [7,19).  The  subsonic  ('*  and  high 
high  Mach  number  f/®  dependence  of  the  overall  sound  power  are  best  illustrated  in  Ref.  [7],  where  the  data  are 
plotted  against  the  exhaust  velocity  as  opposed  to  the  Lighthill  parameter. 
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Ffowcs- Williams  also  predicted  that  at  sufficiently  high  Mach  numbers  =  UtICo  >  1)  the  acoustic 
efficiency  of  a  stationary  rocket  would  depend  only  on  the  ratio  of  the  mean  exhaust  density  to  that  of  tne  ambient 
fluid.  Records  of  rocket  noise  experiments  do  not,  in  general,  contain  information  on  densities.  Exhaust  densities 
for  different  types  rocket  engines  designed  for  lift-off  (not  highly  too  overexpanded  at  sea  level)  do  not  vary  enough 
given  the  additional  uncertainties  introduced  by  multiple  en^ne,  trajectory  and  atmospheric  effects  to  draw  firm 
conclusions  from  launch  data.  However,  the  experiments  of  Hoch  et  al  support  Ffowcs- Williams’  prediction.[ll] 
Hoch  et  al  studied  the  effects  of  density  on  jet  noise  for  exhaust  velocities  that  were  both  subsonic  and  supersonic 
with  respect  to  the  atmospheric  speed  of  sound.  Their  data  indicate  that  the  overall  sound  power  decreases  with 
decreasing  density  when  >  1  and  that  this  decrease  is  proportional  to  {pelpo)^-  Since  the  jet  mechanical  power 
is  proportional  to  />„  this  finding  supports  an  acoustic  efficiency  of  ptjpo-  bn  their  experiments,  Hoch  et  al  used 
air  as  the  working  fluid  and  controlled  the  density  of  the  exhaust  by  increasing  the  temperature.  The  effect  of  the 
variation  in  Ce/Co  along  with  PelPi,  was  not  considered.  The  range  of  Af^  =  UtICo  investigated  was  0.4  to  2.5, 
whereas  Mt  =  Ue/Ct  varied  from  only  0.4  to  1.2. 


Figure  I.  Overall  Sound  Power  of 
model  jets,  turbo-jets,  and 
rocket  engines  as  funciotn 
of  the  Lighthill  parameter. 
From  Ref.  [35]. 


LOCATION  OF  THE  DOMINANT  SOURCE  REGION 

The  major  sound  source  region  for  a  rocket  is  some  25  to  35  exit  diameters  downstream  of  nozzle  exhaust  plane, 
compared  to  a  distance  of  four  to  six  diameters  for  subsonic  jets. [25,18, 19, 6]  See  Figure  2  from  Ref.  [33].  This 
region  is  concluded  to  be  the  transonic  region,  centered  on  the  supersonic  core  tip. [3,18,6]  There  do 

not  appear  to  have  been,  however,  any  direct  measurements  of  the  supersonic  core  iength  in  rockets  (for  obvious 
reasons,  see  Tabie  I).  In  fact,  in  some  experimental  rocket  noise  studies  the  transonic  region  seems  to  have  been 
located  by  the  region  of  maximum  sound  generation.  The  conclusion  that  this  was  this  supersonic  core  tip  was 
probabiy  based  on  supersonic  jet  expeiffinents  such  as  those  of  Anderson  et  al  [1,  1954]  cited  in  Reference  [5,  1963]. 

It  is  also  unlikey  that  the  length  of  the  laminar  core  was  ever  measured  in  a  rocket  piume.  References  provide  a 
variety  of  formuias  for  the  iengths  of  the  supersonic  core,  L,  [4,6,20],  and  the  iaminar  core,  Lc  [20,14],  as  functions  of 
Mf  These  formulas  do  not  predict  asymptotic  values  for  LdD  and  they  differ  widely  in  their  predictions  for  values 
of  Mt  typical  of  rockets.  Tracing  the  origin  of  these  formuias,  one  finds  that  they  are  based  primarily  on  supersonic 
jet  data  in  the  range  of  M,  =  0.5  to  2.4,  a  range  of  rapid  change  in  behavior  and  trends. [11, 14, 13, 31,32,27]  The 
influence  of  temperature  (or  C,/C„)  on  the  laminar  core  length  was  investigated  over  a  iimited  range  of  M,  by 
Laii  [13]  in  a  follow  on  study  to  Ref.  (14). 

Based  on  the  work  of  Papamoschou  and  Roshko  [22,23]  and  Papamoschou  [24],  the  ratio  of  the  iaminar  core  to 
the  nozzle  diameter  can  be  expected  to  have  an  asymptotic  value  at  high  Mach  numbers.  Papamoschou  and  Rosko 
have  shown  that  the  dynamics  and  deveiopment  of  turbulent  supersonic  shear  layers  (two  dimensional)  depend 
on  the  convective  Mach  numbers  of  the  turbuience  Met  =  ^c2  =  Ue  is  the  convection 

velocity  of  the  large  scale  turbulence  structures.  Papamoschou  and  Roshko's  experiments  indicate  that  the  spread 
rate  of  highly  supersonic  shear  layers  decreases  to  an  asymptotic  value  of  0.2-0.25  times  the  incompressible  rate  as 
Met  increases  from  0.2  to  somewhat  less  than  !  .0.(22,23]  Presuming  these  results  can  be  extended  to  axi-symmetric 
compressible  shear  layers  (see,  for  instance.  Ref.  [10])  Lc/D  can  be  expected  to  have  an  asymptotic  value  four 
to  five  times  its  subsonic  value.  This  places  the  laminar  core  tip  in  a  rocket  plume  some  16  to  22  diameters 
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downstream  of  the  nozzle  exit  plane. 

It  may  be  that  the  value  of  L,ID  also  reaches  an  asymptotic  value,  but  the  data  of  Lau  [13]  suggests  otherwise. 
Lau  found  that  the  mean  flow  velocity  on  the  jet  centerline  plotted  as  a  function  of  x/Lc,  where  x  is  the  distance 
downstream  of  the  nozzle  exit  plane,  formed  a  universal  curve.  His  data  included  jets  in  the  range  of  =  0.3  to 
1.7  and  Ce/C„  =  1.0  to  1.5.  The  decay  of  the  mean  velocity  went  through  two  stages,  one  upstream  of  the  sonic  core 
tip  and  one  downstream.  The  rate  of  decay  was  more  gradual  in  the  supersonic  region.  Extrapolating  (dangerous?) 
from  Lau’s  Figure  10,  one  would  expect  the  distance  between  the  laminar  and  sonic  core  tips  to  continue  to  increase 
as  M,  increases.  This  was  also  the  conclusion  of  Nagamatsu  et  al.[20]  The  influence  of  temperature  on  the  core 
lengths  must  also  be  accounted  for.  Space  does  not  permit  an  adequate  discussion  of  this  dependence,  but  the 
laminar  core  length  has  been  found  to  decrease,  at  least  initially,  with  increasing  temperature.[13,5] 


Rgure  2.  Dimensionless  frequency  as  a  function  of 
apparent  source  position  for  turbo-jet  engine 
and  supersonic  nozzles.  From  Ref.  [35]. 


WHY  THE  SUPERSONIC  CORE? 

For  any  jet  with  an  exit  velocity  greater  than  the  ambient  speed  of  sound  (Af„  >  1)  Mach  wave  radiation  can  be 
expected  downstream  of  the  nozzle  exit  plane.  The  existence  of  this  Mach  wave  radiation  has  been  well  established 
using  shadowgraphs,  schlieren  photographs,  holographic  interferograms  and  double  exposure  interferograms.  See, 
for  example.  Refs.  [18,12,26,21].  The  intensity  of  shadowgraphs  and  schlieren  records  are  proportional  to  the  second 
and  first  derivatives,  respectively,  of  the  density,  so  that  both  techniques  are  more  sensitive  to  high  frequencies 
and  steep  wavefronts.  Lowson  and  OUerhe^  noted  that  shadowgraphs  of  their  supersonic  jets  (M,  =  2.03  to  3.17, 
Afo  =  1.5  to  2.75,  Cf/Co  from  0.58  to  1.3)  indicated  that  the  greater  part  of  the  sound  is  generated  in  the  first 
few  diameters,  but  that  this  contradicted  the  results  of  sound  pressure  measurements. [16] 

Salant  et  al  used  holographic  interferometry  for  which  the  image  intensity  was  said  to  be  proportional  to  the 
density.[26]  In  their  photographs  the  “apparent  edge  of  the  jet  coincided  with  the  edge  of  the  supersonic  core...”  It 
was  suggested  that  “the  subsonic  mixing  region  is  not  visible,  since  the  density  difference  (from  ambient)  in  this 
region  is  too  small  to  be  detected.”  Measurements  of  density  profiles  (by  Godderum  [8])  which  indicated  a  rapid 
increase  in  density  in  the  immediate  vicinity  of  the  edge  of  the  supersonic  core  were  cited.  In  the  experiments, 
Salant  et  al  used  jets  of  Af,  =  2.1  to  2.7,  but  they  were  cold  jets.  Thus  it  is  not  suprising  that  the  images  did  not 
show  Mach  wave  radiation  from,  or  substantial  density  fluctuations  beyond,  the  supersonic  core. 

Oertel  has  used  double  exposure  interferograms  to  study  the  Mach  wave  radiation  of  hot  supersonic  jets. [21] 
These  jets  included  the  range  Af,  =  1  to  4.4  and  Ct/C„  =  0.5  to  3.2.  In  the  paper  reviewed  by  this  author,  the 
transonic  region  was  not  studied,  but  was  mentioned  as  the  focus  of  th"  next  phase  in  a  continuing  program. 
Only  one  photograph  with  the  transonic  region  in  the  field  of  view  was  included,  but  it  clearly  showed  Mach  wave 
radiation  from  the  transonic  region.  It  is  not  evident,  however,  what  the  values  of  Af,  and  C'e/C'o  were  for  the  jot 
In  this  photograph. 

In  the  case  of  rockets,  strong  Mach  wave  radiation  can  be  expected  over  a  distance  downstrean:  of  the  nozzle 
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as  great  as  thirty  to  fourty  diameters.  However,  the  dominant  sound  source  remains  fully  developed  turhulerce. 
In  contrast  to  subsonic  jets  it  is  the  turbulence  in  the  transonic  region  not  at  the  end  of  the  laminar  core.  As 
noted  by  von  Gierke,  “the  supersonic  portion  of  the  gas  stream  radiates  only  ne^i^ble  acoustic  power." 

Consider  the  case  of  fully  developed,  attached  turbulent  boundary  layers.  The  rms  pressure  fluctuation  at  the 
surface  can  be  expressed  as  a  percentage  of  the  freestream  head, 

Prm.  =  ^\pVi.  (2) 

where  the  coefficient  /3  is  a  function  of  the  freestream  Mach  number,  Afoo.[17,2,30]  Data  presented  by  Coe  et  al 
[2]  indicate  a  mean  value  for  /3  of  0.005  to  0.006  for  Moo  <  1,  a  large  spread  in  values  near  Moo  =  1  "'•fh  a 
maximum  of  0.006,  and  then  a  steady  decrease  to  a  mean  of  0.004  for  Moo  >  2.  The  data  in  Fig.  66  of  Speaker 
and  Ailman  [30]  show  a  much  more  dramatic  decrease  in  /?  with  increasing  Moo  with  a  mean  value  of  0.0015  for 
Moo  1.  One  curve  in  this  figure  (based  on  a  referenced  set  of  data)  indicates  a  pronounced  peak  in  at  Moo  = 
1.  The  boundary  layer  spectra  presented  in  Coe  et  al  and  Speaker  and  Ailman  also  show  a  consistent  decrease  in 
peak  levels  with  increasing  Mach  number.[30.  Fig.  70][2,  Fig.  10).  Wind  tunnel  data  measured  on  a  scale  model 
of  a  launch  vehicle  fairing  (unpublished  data),  when  normalized  by  the  freestream  head,  showed  peak  pressure 
fluctuation  levels  for  Moo  in  the  range  of  0.8  to  0.9  for  transducers  located  in  regions  unaffected  by  shocks.  A 
pressure  transducer  located  Just  downstream  of  a  model  seam  that  protruded  into  the  boundary  layer  measured 
peak  levels  5.0  dB  greater  than  at  other  unperturbed  locations  on  the  fairing.  Peak  normalized  pressure  power 
spectral  density  levels  for  this  transducer  decreased  7.0  dB  as  the  freestream  Mach  number  increased  from  0.86  to 
0.9  (the  local  Mach  number  was  higher),  indicating  a  high  sensitivity  to  small  changes  in  Mach  number. 

Based  on  the  “circumstantial”  evidence  presented  in  the  previous  paragraph,  the  pressure  fluctuation  coefficient 
in  a  rocket  plume  plume  can  be  expected  to  increase  downstream  of  the  laminar  core  with  a  possible  peak  in  the 
transonic  region.  Assuming  the  maximum  sound  source  region  is  associated  with  maximum  density  and  pressure 
fluctuations  in  the  plume,  this  would  help  explain  the  association  of  maximum  sound  generation  with  the  transonic 
region.  The  additional  effects,  in  Eq.  (2),  of  the  increase  in  mean  density  and  decrease  in  mean  flow  velocity  have 
not  been  considered  in  this  argument.  Nonetheless,  the  transonic  region  can  be  expected  to  generate  high  level 
pressure  fluctuations  due  to  the  extreme  sensitivity  to  disturbances  in  the  transonic  flow  regime. 

OVERALL  SOUND  POWER  DIRECTIVITY 


For  large  rockets,  T  >  7  X  10*fV,  the  predominant  radiation  angle  for  overall  sound  power  measured  relative 
to  the  downstream  exhaust  axis  is  between  50°  and  60°.[26,6]  This  is  a  much  larger  angle  than  that  for  subsonic 
jets  (20°  to  30°)  or  turbojets.  Overall  sound  power  plots  for  rocket  noise  indicate  a  secondary  lobe  in  the  forward 
quadrant  that  is  assumed  to  be  shock  associated  noise.]!  1,34,21]  Taking  the  peak  directivity  to  be  associated  with 
radiation  by  turbulence  in  the  transonic  region,  the  angle  of  maximum  sound  radiation  can  be  estimated  as 

9m.x=scos-‘-^  (3) 

aCe 


where  aCc  is  the  turbulence  convection  velocity.  Using  a  =  0.7  produces  values  of  tfmoi  =  of  51°  to  60°  for 
Cj  =  780  to  950  m/s  typical  of  rockets  (see  Table  I).  This  is  in  good  agreement  with  measured  peak  directivities. 
This  estimate  neglects  the  effects  of  heat  transfer  and  entrainment  on  Ce,  which  would  tend  to  reduce  dmoi,  and 
refraction  effects  due  to  the  high  temperature  gradients,  which  would  tend  to  increase 

The  ratio  of  the  convection  t^  freestream  velocity,  a,  for  large  turbulence  structures  is  not  well  defined  for 
supersonic  shear  layers.  Papamoschou  and  Roshko  proposed  equality  of  convection  Mach  numbers,  Mc\  =  M^j, 
and  obtained  a  formula  which  reduces  to 

r 

('t) 
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for  one  fluid  at  rest,  i.e.  f/j  =  0.(23]  However,  Papamoschou  found  that  the  measured  convection  velocities  of 
large  scale  structures  in  a  turbulent  shear  layer,  over  a  wide  range  of  combinations  of  Md  and  Md,  deviated 
substantially  from  the  predictions  of  Eq.  (4).  He  concluded  that  for  a  supersonic-subsonic  shear  layer,  that  is 
Ml  >  1  and  Mj  <  1,  the  convection  velocity  of  the  large  scale  turbulence  structures  approaches  the  speed  of  the 
high  speed  fluid  (i.e  Vc  V\).\25]  In  Papamoschou’s  experiments,  Ci  and  ("j  were  varied  by  using  different  gases 
on  the  two  sides  of  the  shear  layer.  Salant  et  al,  using  cold  jets,  measured  convection  velocities  (of  the  structures 
generating  Mach  waves  downstream  of  the  nozzle)  of  0.81  -  O.W,  for  Me  =  2.1  and  0.74  -  1.13f/e  with  an  average 
value  of  0.9  for  M,  =  2.6  and  2.7.[27]  These  results  are  similar  to  those  of  Papamoschou,  but  the  range  of  measured 
convection  velocities  for  two  the  higher  two  Mach  numbers  in  Salant’s  experiments  suggests  that  there  may  have 
been  two  families  of  waves  supported  by  the  jet  at  these  Mach  numbers,  like  those  identified  by  Oertel. 
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Oertel  identified  three  families  of  wave  structures  travelling  at  three  different  speeds  in  his  interferograms 
of  hot,  supersonic  jets  (M,  =  1  to  4.4  and  Ce/Co  =  0.5  to  3.2).[22]  The  preferred  speeds  of  these  structures, 
w  <  w  <  w  ,  could  be  fitted  to  the  equations 


Vi 

(5) 

W  —  /s 

.  Uj-i-Cj 

V]  = 

(6) 

..  Uj  -  Cj 

W  = 

i  +  S 

(7) 

where  Uj  is  the  jet  exit  velocity  and  Cj  the  speed  of  sound  in  the  jet.  The  first  equation  is  identical  to  Papamoschou 
and  Roshko’s  Eq.  (4).  Tam  has  identified  these  w  waves  as  Kelvin-Helmholtz  instability  waves  and  the  other 
families  as  supersonic  and  subsonic  instability  waves.[32]  The  subsonic  waves  are  confined  mainly  to  inside  the  jet 
and  do  not  radiate  sound.  Tam  predicted  that  the  supersonic  instability  waves  would  exist  only  when 

Uj  >  Cj  +  C„  (8) 

The  cause  for  differences  in  the  findings  of  Papamoschou  [25],  Saliuit  et  al  [27]  and  Oertel  [22]  is  not  clear. 
Neither  Pamoschou  nor  Salant  measured  the  velocities  predicted  by  Eiq.  (4)  or  (5).  Papamoschou  measured  con¬ 
vection  velocities  of  large  scale  structures  in  a  turbulent  two-dimensional  shear  layer  using  schlieren  photographs; 
whereas  Salant  and  Oertel  measured  velocities  of  the  structures  generating  Mach  waves  in  a  developing  annular 
shear  layer  using  interferograms.  Salant’s  jets  were  cold,  while  Oertel’s  were  both  hot  and  cold.  What  is  clear  is 
that  the  work  of  Papamoschou  and  Roshko,  Oertel  and  Tam  has  introduced  yet  another  significant  combination 
of  the  variables  Ue,  Ct  and  Co,  given  by  hlq.  (8);  and  that  it  has  not  been  proven  that  temperature  effects  are 
fully  accounted  for  in  Ce.  Returning  to  the  convection  velocity  in  the  transonic  region  of  a  rocket  plume,  in  this 
region  the  flow  Mach  number  is  near  1  so  that  use  of  the  subsonic  result  Vc  0^^U  is  not  unreasonable. 

SOUND  POWER  SPECTRAL  DISTRIBUTION 
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The  peak  in  the  sound  power  spectrum  of  rocket  noise  when  plotted  as  a  function  of  JDJUt  is  close  to  0.018. [6]. 
Cole,  von  Gierke,  Kyrazis,  Eldred,  and  Humphrey  found  that  a  Strouhal  number  based  on  the  speed  of  sound  in 
the  exhaust,  /D/C,,  provided  an  excellent  collapse  of  rocket  data,  but  did  not  fully  collapse  the  spectra  of  rockets 
and  cold,  subsonic  jets.[3]  See  Figure  3(a).  That  /D/C«  did  not  fully  collapse  rocket  and  subsonic  jet  data  might 
be  expected.  The  characteristic  velocity  for  subsonic  jets  is  less  than  Ct  (»  Co)  and  the  characteristic  length  for 
rockets  may  be  somewhat  larger  than  that  for  cold  jets  due  to  the  continued  spread  of  the  shear  layer  fn,„.  the 
laminar  core  to  the  transonic  region.  That  Ct  is  the  characteristic  velocity  for  rocket  noise  was  clearly  seen  by 
von  Gierke.[35] 

Eldred  used  a  dimensionless  frequency  of  /DcCr/VtCo.ldJ  The  characteristic  diameter,  Dc,  was  taken  equal  to 
Dt{p,lpo),  where  Dt  was  the  nozzle  throat  diameter,  pi  the  static  pressure  at  the  throat,  and  po  the  atmospheric 
pressure  beyond  the  nozzle  exit  plane.  The  characteristic  velocity,  K.,  was  taken  to  be  the  velocity  at  the  nozzle 
throat.  Since  the  velocity  at  the  throat  of  a  supersonic,  converpng-  diverging  nozzle  is  Ct,  this  form  of  the  Strouhal 
number  reduces  to  ijDilCo)(pilPo)  for  supersonic  exhausts.  This  dimensionless  frequency  provided  an  excellent 
collapse  of  rocket,  turbojet,  and  subsonic  model  jet  data,  as  shown  in  Pig.  3(b)  and  confirmed  by  Potter  and 
Crocker. [26]  Since  this  Strouhal  number  does  not  depend  on  the  flow  conditions  at  the  nozzle  exit  plane,  the  peak 
frequency  in  the  noise  spectra  of  overexpanded,  underexpanded,  and  perfectly  expanded  supersonic  exhausts  with 
the  same  throat  conditions  and  throat  diameter  are  predicted  to  be  equal.  Despite  the  favorable  collapse  of  data, 
and  presumably  due  to  a  lack  of  theoretical  justification,  the  Strouhal  number  in  Fig.  3(b)  was  not  carried  forward 
by  Eldred  in  later  work.[6] 

The  experiments  of  Cole  et  al  provided  a  wealth  of  information  and  a  few  additional  findings  are  worth  noting 
here.  Near-field  sound  pressure  levels  were  found  to  be  strongly  related  to  flame  front  stability  for  nozzles  and 
propellants  that  had  re-ignition  of  the  exhaust  gases  in  plume.  The  noise  generated  by  two  solid  rockets  of  equal 
thrust,  one  with  re-ignition  in  the  plume  and  the  other  without,  were  compared.  The  near-field  SPLs  of  the  engine 
without  reignition  were  found  to  be  consistently  lower.  The  far-field  levels,  however,  were  comparable.  The  effect 
of  nozzle  configurations  on  the  generated  noise  was  also  examined  “by  replacing  the  standard  conical  nozzle  of 
unit  C  (a  solid  rocket)  with  an  ideally  (shock  free)  expanded  nozzle  and  a  ‘corrugated’  nozzle.  Neither  the  ideal 
nozzle,  nor  the  corrugated  nozzle,  caused  any  significant  change  in  the  far  field  SPL  distribution,  or,  therefore, 
in  PWL  from  that  of  the  standard  nozzle.  Examination  of  the  near-field  SPL  distribution. ..shows  that  the  near 
field  is  definitely  affected  by  the  type  of  nozzle  in  use.  The  near  field  levels  produced  by  the  corrugated  nozzle 
were  uniformly  higher  than  those  of  either  the  standard  or  ideal  nozzles.  The  greatest  increases  were  at  positions 
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closest  to  the  nozzle  and  in  the  higher  frequency  bands.”  The  “corrugated”  nozzle  was  constructed  by  adding  six, 
equally  spaced,  tapered  top-hat  type  sections  inside  the  standard  nozzle.  These  sections  did  not  extend  into  the 
throat.  Norum  and  Seiner  found  a  similar  result  when  they  introduced  a  tab  at  the  nozzle  lip  in  their  shock  noise 
experiments.  They  noted  that  the  “use  of  a  tab  in  convergent-divergent  nozzles  ...  creates  shocks  of  its  own  that 
result  in  an  excess  high  frequency  broadband  noise.”[21]  These  tabs  were  used  to  eliminate  screech  (not  generated 
by  rockets).  The  measurements  of  Cole  et  al  did  not  include  the  forward  quadrant  where  differences  in  shock  noise 
levels  might  have  been  measured. 

Cole  et  al’s  nozzle  evaluation  included  studying  the  effects  of  a  “jetavator."  This  consisted  of  a  ring  that 
extended  180°  around  the  outside  of  the  nozzle  and  pivoted  “in  such  a  fashion  as  to  inpinge  into  the  jet  stream.” 
The  practical  use  of  the  “jetavator”  was  as  a  control  surface  used  to  effect  guidance  of  the  rocket  in  flight.  It  was 
found  that  “when  the  jetavator  moved  into  the  flow  boundary  there  was  an  immediate  and  significant  reduction 
in  near  field  sound  pressure  levels.  ...this  reduction  was  greatest  in  the  low  frequencies,  being  10-15  dB  below  the 
levels  generated  with  no  jetavator  in  the  stream.”  This  reduction  in  levels  was  correlated  with  a  stabilization  in 
the  flame  front  in  the  plume;  the  jetavator  moved  the  flame  front  up  to  the  nozzle  and  stopped  the  flame  front 
oscillations.  However,  “the  far  field  levels  and  consequently  the  acoustic  power  were  not  significantly  affected  by 
changes  in  the  flame  front  caused  bv  the  jetavator  action.” 


fDcCtA/cCo 


Figure  3.  Dimensionless  Rocket  Noise  Spectra.  In  a)  from  Ref.  [3J  the  smooth  solid  curve  is  “the  average  of  rocket, 
turbo-jet,  and  model  jet  data,"  symbols  are  rocket  data  for  thrusts  from  4450  N  to  578,000  N,  including  solids 
and  liquids.  Data  in  b)  from  Ref.  [4]  includes  afterburners,  turbo-jets  at  military  power,  and  supersonic  and 
subsonic  air  jets. 

CONCLUSION 

The  far-held  sound  power  of  rockets  is  controlled  by  turbulence  in  the  transonic  region  of  the  plume.  The 
characteristic  veloc  ty  is  the  speed  of  sound  in  the  exhaust,  as  seen  by  von  Gierke.(35]  Supersonic  jet  noise  studies 
cannot  be  expected  to  accurately  predict  far-field  rocket  noise  trends  unless  Me  >  1  and  CtjCo  >  1-4.  The  first 
condition  guarantees  an  extended  laminar  core  length  of  16  to  22  diameters.  The  second  insures  that  convection 
velocities  in  the  transonic  region  remain  supersonic  with  respect  to  the  atmosphere.  Differences  in  the  normalized 
distance  from  the  laminar  core  to  the  transonic  region  and,  correspondingly,  the  extent  of  the  dominant  source 
region  may  require  even  greater  values  of  C«/C„  for  similarity  with  rockets.  Results  obtained  using  supersonic 
jets  in  the  range  of  Me  =  0.7  to  2.0  should  not  be  extrapolated  to  higher  Mach  numbers  as  this  is  a  region  of 
rapid  change  in  trends.  Although  turbulence  in  the  transonic  region  controls  the  peak  sound  power  levels  in  the 
far-held,  shock  noise  appears  responsible  for  the  secondary  lobe  in  the  forward  quadrant  of  the  far-held  directivity 
plots.  Unlike  peak  far-held  levels,  shock  noise  in  rockets  may  be  sensitive  to  changes  in  nozzle  conhgurations  and 
protusions  into  the  shear  layer  at  nozzle  exit  plane.  Cole  et  aJ  found  that  near-held  sound  pressure  levels  are 
affected  by  such  changes  and  that  when  re- ignition  occurs  in  the  plume  the  near-held  levels  are  strongly  correlated 
with  the  hame  fronts.[3]  These  hndings  and  the  implications  of  the  work  of  Tam  (see  Eq.  8)  suggest  that  near-held 
sound  pressure  levels  generated  by  rockets  can  never  be  modelled  using  cold  jets. 
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ABSTRACT 

A  theoretical  model  was  developed  to  study  the  vail  pressure  and  vibratory  motion  of 
a  cylindrical  duct  which  is  excited  by  a  confined  turbulent  Jet  flow  resulting  from  fluid 
flow  through  orifices  in  the  duct.  Based  on  flow  field  measurements,  the  blocked  surface 
pressure  was  calculated  using  Llghthill's  method,  and  then  used  to  drive  the  fluid-filled 
shell.  The  vail  pressure  and  pipe  vail  acceleration  were  determined  by  solving  the 
coupled  fluid  solid  interaction  problem.  The  vail  pressure  was  obtained  by  summing  the 
blocked  surface  pressure  and  the  pressure  due  to  the  vail  vibration.  An  amplitude 
modulated  convecting  wave  field  vas  used  to  simulate  the  moving  acoustic  sources  of  the 
jet.  Analytical  and  experimental  results  for  vail  pressure  and  acceleration  then  were 
compared  for  a  wide  range  of  parameters  of  interest.  Results  from  comparisons  shoved 
reasonably  good  agreement. 

INTRODUCTION 

Turbulence-generated  noise  due  to  high  velocity  flow  through  valves  and  restrictors 
has  been  identified  as  one  of  the  major  noise  contributors  in  piping  systems.  To  predict 
and  reduce  piping  system  noise,  a  better  understanding  of  the  noise  generating  mechanisms 
and  their  interaction  with  the  flow  field  and  neighboring  structures  is  needed.  The  noise 
characteristics  of  flow  through  .valves  and  restrictors  with  air,  steam,  and  gases  have 
been  studied  quite  extensively.  ~  However,  studies  of  the  noise  characteristics  of  water 
flow  through  valves  and  regulators  have  been  limited,  and  the  understanding  of 
flow-induced  noise  is  far  from  satisfactory. 

The  physical  problem  under  investigation  is  illustrated  in  Fig.  1.  In  general,  a 
low-to-moderate  flow  approaches  the  flow  restriction  in  a  pipe.  A  high-velocity  jet  is 
formed  at  the  vena  contracta  Immediately  downstream  of  the  orifice  plate.  Near  the 
orifice  plate,  the  jet  is  surrounded  by  a  low  velocity  recirculation  zone  or  reversed  flow 
region.  Further  downstream,  the  jet  shear  layer  grows  until  it  reattaches  to  the  pipe 
wall.  As  shown  in  the  figure,  the  flow  field  can  be  divided  into  two  regions;  namely,  the 
recirculating  or  developing  region  and  the  fully  developed  region.  The  developing  region 
of  the  jet  is  the  noise  production  area  in  which  the  flow  and  noise  characteristics  are 
very  similar  to  those  of  a  free  jet.  In  this  region,  the  jet  mixing  noise  is  the  dominant 
noise  mechanism.  However,  the  flow  field  can  be  modified  by  the  presence  of  the  pipe 
wall,  which  can  alter  the  noise  generation.  As  compared  to  a  free  jet,  the  confined  jet 
differs  significantly  in  acoustic  radiation,  propagation,  and  fluid/structural  interaction 
processes. 

In  the  following  sections,  the  development  of  the  solution  for  the  wall  pressure  and 
acceleration  of  a  cylinder  with  an  internal  flow  as  shown  in  Fig.  1  is  presented.  First, 
the  development  of  the  expressions  for  the  blocked  surface  pressure  is  introduced  and  then 
the  vibratory  response  of  the  internally  fluid  loaded  shell  due  to  the  blocked  pressure  is 
addressed. 
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STRUCTURE  (PIPE  WALL) 


(DEVELOPING  FLOW) 


Fif(iirp  1  Dpvelopraent  of  confined  jet 

As  a  result  of  the  complexity  of  the  problem,  numerous  approximations  are  needed  to 
simplify  the  analysis.  Although  significant  extensions  to  the  Lighthill  theory  of 
aeroacou^tic  noise  have  been  developed  by  Bergeron”  and  most  recently  by  Chase  and 
Noiseux,'*  the  present  analysis  neglects  the  compressibility  of  the  fluid  and  is  based  on 
the  Lighthill  formulation  which  leads  to  an  inhomogeneous  Poisson's  equation. 

THEORETICAL  DEVELOPMENT 

The  acoustic  pressure  on  the  wall  of  a  cylinder  with  internal  flow  can  be  expressed 
as  a  superposition  of  two  components:  a  blocked  surface  pressure  and  a  pressure  due  to  the 
induced  vibration  of  the  shell.  The  blocked  surface  pressure  is  defined  as  the  near-field 
pressure  generated  by  the  fluid  on  the  pipe  wall  surface,  but  with  the  surface  rigid. 
This  pressure  is  primarily  due  to  the  near-field  hydrodynamic  component  of  the  turbulent 
jet  flow  which  is  Influenced  by  its  small  scale  and  large-scale  or  coherent  structures.  A 
computational  approach  to  this  jet  flow-induced  noise  model  is  shown  in  Fig.  2. 


Figure  2--Noise  model  for  fluid-filled  shell  vibration  excited  by  a  confined  jet 

Near-Field  Jet  Noise  and  Blocked  Surface  Pressure 

Consider  the  flow  field  of  a  turbulent  jet  as  shown  in  Fig.  1.  The  flow  and  pressure 
are  governed  by  the  conservation  of  mass  and  momentum  equations  for  fluids.  For  the  case 
of  an  incompressible  fluid,  the  combination  of  the  divergence  of  the  momentum  equation  and 
the  equation  of  conservation  of  mass,  leads  to  the  following  inhomogeneous  Poisson's 
equation^  for  the  pressure 

1  ,  3^ 

-r  p  .  -  - uju.  ,  (1) 

p  3Xj3Xj 

where  u  -  u(x,t)  and  p  -  p(x,t)  are  the  Instantaneous  velocity  and  pressure,  respectively. 
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In  turbulent  flow,  the  instantaneous  velocity  and  pressure  can  be  written  as  the  sum 
of  the  mean  and  fluctuating  quantities,  i.e.,  p(x,t)  •  P(x)  +  p'(x,t)  ,  and  Uj(x,t)  - 
U.(x)  +  u^'(x,t)  .  By  substituting  the  mean  and  fluctuating  quantities  into  Eq.  (1)  and 
then  averaging  with  respect  to  time,  the  fluctuating  pressure  and  momentum  have  been  shown 
by  Abdallah ■^™to  satisfy  the  following  Poisson's  equation,  i.e., 

'Tp'  -  -M  ,  (2) 
where  the  source  terms  are 


M  -  p  -  (u.'u.'  -  u.'u.'  +  2U,u,')  . 

3Xj3Xj  J  J  ‘  J 

Here,  the  overbar  denotes  the  time-averaged  value.  The  fluctuating  pressure  in  Eq.  (2)  is 
the  near-field  pressure  generated  by  the  turbulent  jet.  Since  the  compressibility  of  the 
fluid  has  been  ignored,  the  pressure  p'  does  not  propagate  as  sound  and  thus  is  referred 
to  as  "pseudo  sound."  The  blocked  surface  pressure  noted  earlier  is  equivalent  to  p'  at 
the  surface  of  the  rigid  wall. 

To  solve  the  Poisson's  equation,  a  Green's  function  approach  is  now  utilized.  The 
Green's  function  in  cylindrical  coordinates  G(r,e,x/rp,0  ,x  )  represents  the  response  at 
point  (r,e,x)  due  to  a  unit  point  source  at  (r  ,e;x  °  It  is  again  noted  that  time 
delays  effects  are  neglected  here  via  the  use  of”Po?ss8n's  equation  vis-a-vis  Helmholtz 
equation.  The  source  term  in  Eq.  (2)  consists  of  the  tim«"  dependent  pressure  fluctuations 
or  sources  at  (r  ,  0^,x^)  and  the  solution  of  Poisson's  equation  in  terms  of  the  Green's 
function  can  be  Interpreted  as  the  result  of  summing  responses  due  to  the  distribution  of 
source  fluctuations.  This  solution  of  Poisson's  equation  can  be  expressed  as 


p'(r,e,x,t) 


M  G(r,e,x/rg,9^,x^j)  dV 
•^v 


■  3P' 

—  G(r,9,x/r  ,e  ,x  )  dS  ,  (3) 

3r  o  o  o 

s 


where  G(r^,9^,x^)  is  the  solution  of  the  nonhomogeneous  equation 
V^G  =  -  -  S(r  -  r^)  8(9  -  9^)  8(x  -  x^)  , 


which  satisfies  the  boundary  condition  3G/9r  =  0  at  the  wall  (i.e.,  r  •  D/2  ). 

The  Green's  function  G(r,9,x/r  ,9  ,x  )  is  readily  obtained  by  standard  methods^ 
which  lead  to  ° 


G(r,0,x/r  ,0  ,x  )  =  V  3 

0-  o’  o^  iLj  nD 


^n 


n=0  m^l 


J  2  5 

W-"  Jn  t^n> 


♦  (r  ,9  ) 
mn  '  o’  o 


.♦mn(r,e)exp(-2£^nl’‘-’'ol^'’> 


W 


where 


♦mn  '  ®o>l  ’ 

-  1  n  =  0  , 

€  =2  n  P  0  . 
n 


J  ,  is  the  Bessel  function  of 
<Snn>  =  «■ 


the  first  kind  of  order  n,  and  satisfies  the  equation 
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As  shown  by  Abdallah^®,  the  dipole  surface  term  in  Eq.  (3)  is  small  compared  with  the 
Reynolds  shear  stress  component. of  the  quadrupole  source.  More  specifically,  on  order  of 
magnitude  analysis  by  Abdallah  ”  showed  that  the  ratio  of  the  volume  integral  to  the 
surface  integral  in  Eq.  (3)  is  (uL/u)  ,  where  L  is  the  length  scale  (i.e.  radius  of  the 
pipe),  u  is  the  turbulent  velocity  scale,  and  u  is  the  kinematic  viscosity. This 
conclusion  agrees  with  the  previous  experimental  work  by  Olsen,  Miles,  and  Dorsch  that 
the  surface  dipole  terra  is  Indeed  small. 

By  neglecting  the  surface  dipole  term,  Eq.  (3)  can  be  written  as 


p'(r,0,x,t) 


G(r,e,x/y) 


H,  .  dV 
Ij  y 


where  y  =  ^  *^0  •  ®<j  > 


“ij  '  -P<«i’Uj'  -  *  2UjUj')  . 

After  using  the  identity 

8  3H..  8  8G  8^H,.  8^G 

—  G  -iJ-  -  —  H - G  - ^  -  H  - 

9yj  3yj  3yj  ayj  ayiSy^  ■' 

to  eliminate  G{  8^/ 8yj  8yj  )Hj,  j  and  then  applying  the  divergence  theorem 

Eq.  (5)  becomes 

*  8^G  r  8  f  8G 

p'(r,0,x,t)  .  H..  - dV  +  G  n.  - dS  -  n.  H..  - dS 


Since  the  wall  is,  at  this  atage,  considered  to  be  rigid,  the  velocity  vanishes  at  the 
surface  and  the  wall  pressure  fluctuation  then  becomes 


p'(D/2,9,x 


8^G 

,t)  =  H  - 

Jv 


The  wall  pressure  fluctuation  can  thus  be  evaluated  by  multiplying  the  source  magnitude 
H..  at  each  point  of  the  flow  field  by  the  corresponding  local  weighting  function 
8*6/8x,8x,  and  integrating  over  the  whole  source  volume. 

Consider  the  specific  case  of  Interest,  i.e.,  an  axisymmetric  jet  whose  principal 
mean  velocity  is  the  axial  component,  and  8/8x  «  8/8r.  Representing  the  velocity  field 
as  =  (  Ujj,  U^,  0  ),  the  continuity  equation  can  be  written  as 


which  gives  U  /U  of  the  order  1/L  where  1  and  L  are  the  length  scales  in  the  r  and  x 
direction,  respectively.  Assuming  an  axially  symmetric  source  distribution  (i.e.,  8/86- 
0),  Eq.  (7)  becomes 


p'(D/2,x,t) 


8^G 

S  - d 

Jv 


where  the  source  term  is  defelned  to  be: 

®ij  '  ^I'^j'  “  '’l'*'j'  *  ^**l'*^J*Jl 
and  the  Green's  function  is  now 
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G(D/2,x/r^,x^)= 


m 

L 

m=l 


1  1 

V^n) 


exp(-2C^|x-x^|/D)  . 


Differentiating  the  Green's  function  with  respect  to  x^  and  r^,  the  local  weighting 
function  3  G/3x^3Xj  becomes 
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3x  dr 
o  o 


nD 


4^ 


0<V 


exp  (-J^|x-x^|/R) 


and  p'(D/2,x,t)  can  then  be  expressed  as 
p'(D/2,x,t) 
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(  Uj'U.' 


Uj'Uj'  +  2Uj'UjSj^) 


(9a) 
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exp  (-f^|x-x^|/R)  dV  . 


(9b) 


Vibratory  Response  and  Pressure  Field 

An  approach  is  presented  in  this  section  to  evaluate  the  vibratory  response  and 
pressure  field  of  a  fluid-filled  shell  excited  by  a  harmonic,  axisymmetric  axially  varying 
blocked  pressure.  The  vibratory  response  is  first  analyzed,  then  followed  by  an  analysis 
of  the  wall  pressure  due  to  the  wall  vibration. 

1 .  Forced  Vibration  of  Shell 

Consider  a  thin  circular  shell  of  infinite  length,  which  is  filled  with  a  dense  fluid 
(i.e.,  water).  The  vibratory  motion  oj^the  shell  can  be  described  by  the  Donnell-Hushtari 
shell  equations  as  presented  by  Leissa^  as 
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and  radial  components  of  the 
's  are  differential  operators, 
Pg,  and  p^  are  the  mechanical 

excitations  per  unit  area  which  act  on  the  shell  in  the  x,”©,  and  r  directions.  The 
additional  pressure  p  is  the  acoustic  pressure  which  acts  on  the  shell  as  a  result  of  the 
excitation  of  the  fluid  via  the  vibration  of  the  shell. 

To  analyze  the  response  of  a  cylindrical  shell  to  a  generalized  harmonic  excitation 
pressure,  it  is  convenient  to  express  the  shell  displacements  and  excitation  pressure  as 
spatial  Fourier  transforms,  i.e.. 


where  u  ,  v^,  and  w^  are  the  axial,  circumferential, 
displacement  vector  in  the  x,  9,  and  r  directions.  The  L 
m  is  the  mass  density  per  unit  area  of  the  shell. 
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Substituting  Eqns.  (11-a)  through  (11-d)  into  the  original  equations  of  motion  (Eq.  10) 
of  the  fluid-filled  shell  gives  the  spectral  equations  of  motion  for  Pj,  *  P0  “  0  = 
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In  these  expressions,  B  is  the  non-dimensional  frequency  9  *  ua/c^;  c^  is  the  extenslonal 
phase  speed  of  the  shell  material;  k  is  the  structural  wavenumber;  a  is  the  mean  r^ius 
of  the  shell;  v  is  the  Poisson's  "ratio;  $  is  the  thickness  parameter  given  by  (T  - 
h^/12a^;  n  is  the  circumferential  order  of  the  shell;  and  the  fluid  loading  term  FL  is 
associated  with  the  acoustic  pressure  which. is  due  to  the  presence  of  fluid  acting  on  the 
shell  wall.  In  the  FL  terra  given  by  Fuller*^,  Pj  is  the  fluid  density,  p^  is  the  density 
of  the  shell  material,  and  h  is  the  shell  thickness. 

The  solution  of  the  forced  vibration  problem  can  be  obtained  via  the  Fourier 
transform  technique.  From  the  spectral  equations  of  motion  (Eq.  12),  the  spectral  radial 
displacement,  as  a  function  of  k^^a,  is 
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The  radial  displacement  is  obtained  by  performing  the  inverse  transform  on  Eq.  (13).  It 
should  be  noted  that  for  the  axlsymmetrlc  case,  (i.e.,  n  -  0)  the  differential  operators 
*'12’  *'21'  43’  42  Ihus,  in  the  axlsymmetrlc  case,  the  radial  displacement 
becomes 


11  22 

P,  exp(jk  x)dk,  .  (14) 

.  det  |L| 

The  integral  in  Eq.  (14)  can  be  solved  using  the  residue  theorem.  Consequently,  the 
radial  velocity  and  acceleration  can  be  obtained  by  multiplying  Eq.  (14)  by  -Jw  and  (-Jw)^ 
respectively. 
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2.  Pipe  Wall  Pressure  Fluctuations 

As  discussed  previously,  the  pipe  wall  pressure  Is  the  sum  of  the  blocked  surface 
pressure  and  the  pressure  contribution  from  the  pipe  wall  vibration.  The  evaluation  of 
the  blocked  surface  pressure  was  presented  In  the  previous  section  and  the  pressure  due  to 
the  wall  vibration  Is  developed  here. 

Consider  an  Infinite-length  shell  with  radius  a,  filled  with  dense  fluid  (l.e., 
water).  The  shell  Is  set  In  motion  by  axlsymmetrically  distributed  sources  on  the  Inside 
of  the  pipe.  The  harmonic  pressure  due  to  the  vibratory  motion  of  the  pipe  wall  is 
governed  by  the  Helmholtz  equation: 

[V^  +  k^l  P(r,x,(o)  =  0  .  (15) 
Introducing  the  Fourier  transform  pair 
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the  Fourier  transform  of  Eq.  (15)  is 

1  +  (k^  -  kjj^)l  ^(r.k^.w)  =  0  ,  (16) 

2 

where  Is  the  operator  In  cylindrical  coordinates.  The  solution  of  Eq.  (16)  can  be 

written  as 


(17) 


where  J  Is  the  Bessel  function  of  order  zero  and  is  to  be  determined.  Applying  the 
boundary°conditlon  at  the  wall,  r  •,  a. 
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the  constant  A^  can  be  expressed  as 
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Eq.  (17)  now  becomes 
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By  taking  the  inverse  transform,  the  pressure  is 
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The  form  of  the  complex  integral,  Eq.  (20),  is  very  similar  to  Eq.  (14).  Again, 
using  the  residue  theorem,  the  pressure  due  to  shell  vail  vibration  at  x  .0  can  be 
written  as 
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where  the  terms  in  the  sura  are  evaluated  at  the  poles  of  the  integrand  and  '  represents 
differentiation  with  respect  to  the  argument. 


Wall  Pressure  Fluctuations  and  Forced  Vibration  in  Shell  Excited  by  Random  Sources 

ft  is  well  known  that  turbulent  jet  flow  is  a  random  process  in  space  and  time. 
Therefore  wall  pressure  and  flow-excited  vibration  fields  associated  with  the  confined 
jets  are  also  random  functions  of  space  and  time.  To  quantify  the  wall  pressure  and  pipe 
wall  vibratory  response,  a  statistical  averaging  method  must  be  used. 

First,  consider  the  blocked  surface  pressure  that  is  due  to  the  near-field 
hydrodynamic  component  of  the  axisymmetric  turbulent  jet  flow.  The  equation  relating  the 
blocked  harmonic  surface  pressure  to  the  fluctuations  in  momentum  is  obtained  by  Fourier 
transforming  Eq.  (9b),  i.e.. 
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w)  is  the  source  spectrum  at  point  (x^,r^)  and  is  given  by 
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The  complex  conjugate  of  blocked  pressure  P|j(x,a)  at  point  x'  is 
P^*(x'  ,a,u) 
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By  multiplying  Eq.  (8)  with  Eq.  (22)  and  ensemble  averaging  the  product,  the  following 
expression  for  the  cross  spectral  density  of  the  pressure  is  obtained: 
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The  mean  squared  blocked  pressure  at  a  point  x  is  simply  obtained  by  letting  x'  •  x  in  Eq. 
(23). 
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In  order  to  determine  the  velocity  of  the  vail  as  a  function  of  axial  position  in  the 
turbulent  jet  flow,  the  transfer  mobility  Y(x-x^),  which  is  defined  as  the  ratio  of  pipe 
wall  radial  velocity  at  x'  to  a  ring  harmonic  excitation  force  applied  at  point  x  is  now 
introduced.  It  then  follows  from  the  preceeding  definition  and  Eq.  (14)  that  Y(x-x  )  can 
be  expressed  as: 
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which  can  be  simply  evaluated  using  the  residue  theorem.  Finally,  after  a  straight 
forward  application  of  superposition,  it  follows  that  the  wall  velocity  can  be  expressed 
as 


V(x.<o)  = 


Y(x-Xo)  Pb(x^,a,(u)  dx^ 


(25) 


An  expression  for  the  mean  squared  velocity  of  the  wall  as  a  function  of  position  can 
now  be  obtained.  Following  a  similar  procedure  of  the  blocked  pressure,  the  cross 
spectral  density  of  the  velocity  can  be  expressed  as 


<V(x,u>)\l  (x',w)> 


Y(x-x^)Y*(x'-x^')<Pj^(a,x^,w)Pjj*(a,x^'  ,w)>dx^dXp' . 
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The  mean  squared  velocity  of  the  wall  as  a  function  of  x  is  simply  obtained  from  Eq.  (26) 
by  letting  x'  =  x.  It  is  noted  that  the  cross  spectral  density  of  the  blocked  pressure, 
as  specified  in  Eq.  (23)  is  contained  in  Eq.  (26). 


Special  Case 

The  solution  of  the  fluid-coupled  shell  vibration  problem  for  the  specific  blocked 
pressure  distribution  is  presented  in  this  section.  Results  are  presented  for  a  random 
blocked  surface  pressure.  The  random  blocked  surface  pressure  is  intended  to  represent 
the  physics  of  the  confined  jet  flow.  More  specifically,  the  cross  spectral  density  of 
the  pressure  is  assumed  to  result  from  hydrodynamic  pressure  fluctuations  which  are 
uncorrelated  in  the  radial  direction,  but  are  correlated  in  the  x  direction  near  the  jet 
exit.  The  uncorrelated  pressure  fluctuations  in  the  radial  direction  reflect  the  random 
motion  of  the  turbulent  jet,  whereas  the  correlated  pressure  fluctuations  in 
direction  reflect  the  motion  of  the  large-scale  coherent  structures  near  the  jet  exit. 

A  general  expression  for  evaluating  the  cross  spectral  density  of  the  blocked 
pressure  is  presented  in  Eq.  (23).  In  this  special  case,  it  was  assumed  that  the  pressure 
fluctuations  are  uncorrelated  in  the  radial  direction,  and  the  local  weighting  function 
3'‘g/3x,3x,  can  be  approximated  by  a  Dirac  delta  function  in  the  x  direction.  With  these 
assumptions,  Eq.  (23)  can  be  simplified  and  the  mean  squared  blocked  pressure  can  be 
expressed  as 
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In  the  pipe  wall  response  calculations,  it  was  assumed  that  the  blocked  pressure  has 
a  triangular  distribution,  and  the  pressure  fluctuations  are  correlated  in  the  x 
direction.  Vith  these  assumptions,  Eq.  (26)  could  be  reduced  to 


<W(x'u)U*(x' ,M)>  = 


Y(x-x^)Y  (x'-x^’ )A(x^,w)A  (x^',M) 
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where  A(x,(d)  is  the  triangular  pressure  distribution. 


NUMERICAL  AND  EXPERIMENTAL  RESULTS 


The  theoretical  development  of  the  blocked  surface  pressure,  pipe  wall  acceleration, 
and  pressure  contribution  due  to  shell  vibration  was  presented.  In  this  section,  results 
from  the  numerical  calculations  are  presented  and  discussed.  Calculations  of  the  blocked 
surface  pressure  are  presented  first,  followed  by  the  pipe  wall  acceleration  and  pressure 
contribution  from  tbe  wall  vibration.  Lastly,  the  numerical  results  of  the  wall  pressure 
and  acceleration  are  compared  with  the  experimental  data. 

Fluid-Filled  Shell  Vibration 

Consider  the  vibration  of  a  fluid-filled  shell.  For  a  free  vibration  solution  to 
exist,  the  determinant  of  the  matrix  operator  in  Eq.  (12)  must  be  equal  to  zero. 
Expansion  of  the  determinant  yields  the  characteristic  equation.  The  characteristic 
equation  of  the  coupled  system  is  complex  due  to  the  presence  of  the  desired  eigen  roots 
in  the  argument  of  the  Bessel  functions  in  the  fluid  loading  term.  The  roots  of  the 
characteristic  equation  were  found  by  using  a  complex  root  searching  technique  as 
introduced  by  Fuller.  For  the  cases  of  purely  real  or  imaginary  values,  a  simple 
stepping  procedure  was  used  to  locate  a  change  of  sign  in  the  characteristic  equation. 
The  roots  of  the  characteristic  equation  correspond  to  the  structural  wavenumber  and  are 
denoted  as  k 

In  the  present  study,  efforts  were  focused  on  the  calculations  of  the  wall  pressure 
and  pipe  wall  response  due  to  an  axlsymmetic  turbulent  jet  inside  the  pipe.  Before  the 
analysis  of  the  forced  response  of  the  fluid-filled  shell,  it  is  necessary  to  consider  the 
free  vibration  problem.  Furthermore,  the  roots  of  the  characteristic  equation  correspond 
to  the  poles  of  the  complex  Integral  that  appears  in  the  inverse  Fourier  transform.  In 
evaluating  the  complex  integral,  the  method  of  residues  was  used.  This  method  Involves 
the  summation  of  residues  at  the  poles.  The  roots  of  the  characteristic  equation  for  the 
various  branches  s  were  plotted  against  the  normalized  frequency. 

Dispersion  curves  for  the  axlsymmetric  mode  (n  =0)  of  a  5.1-cm  (2-in.)  diameter, 
6.A-mm  (0.25-ln.)  thick  Plexiglas  shell  have  been  obtained.  The  frequency  range  of 
interest  is  from  100  to  2500  Hz.  It  should  be  noted  that  this  frequency  range  is  much 
below  the  ring,  cut-off  and  critical  frequencies.  The  results  show  most  of  the  dispersion 
curves  are  independent  of  frequency,  except  the  first  two  branches  (  s  <  1  and  s  >  2  ). 
The  material  properties  used  in  the  calculations  are  representative  of  the  Plexiglas  test 
section  used  in  the  experimental  investigation.  Material  properties  are  summarized  in 
Table  1. 

Table  1 —  Material  properties  for  numerical  calculations 


Material 

Young's  Modulus 

(N/m^) 

Poisson's  Ratio 

Density 

(kg/m^) 

Wave  Speed 

(m/sec) 

Plexiglas 

4.137X10^ 

0.355 

1388 

1846 

Water 

“ 

- 

1000 

1500 

Near-Field  Jet  Noise  and  Blocked  Surface  Pressure 

The  equation  relating  the  near-field  jet  pressure  fluctuations  to  the  velocity 
fluctuations  was  presented  in  Eq.  (9b).  In  the  rigid  wall  case,  the  near-field  pressure 
fluctuations  are  equivalent  to  the  blocked  surface  pressure.  As  shown  in  Eq.  (8),  the 
biocxed  surface  pressure  is  obtained  by  integrating  the  product  of  the  source  term  and 

local  weighting  function  in  the  source  region.  The  nource  term  consists  of  t*.e 
velocity  fluctuations  u.'u.',  time-averaged  of  u.'u,',  and  the  Interaction  of  mean 
velocity  and  fluctuating  velocity  2u.'U,.  The  magnitude^of  the  source  term  was  determined 
experimentally,  l.e.,  from  the  laser  Doppler  veloclmeter  (LDV)  data;  and  the  weighting 
function  as  showt.  in  Eq.  (9a)  was  derived  analytically. 

In  general,  the  2u,'U,  is  the  dominant  component  in  the  source  term.  As  discussed 
previously,  near  the  jet  exit  the  axial  mean  velocity  U  Is  much  larger  than  the  radial 
mean  velocity  V,  and  Its  velocity  fluctuations  u'  and  v' (  thus,  the  major  contribution  in 
the  source  term  is  from  the  2u'U  term.  It  should  be  noted  that  further  downstream,  the 
axial  mean  velocity  U  decays,  and  hence  the  2u'U  term  may  not  be  dominant. 
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Theoretically,  the  source  term  can  be  determined  from  the  flow  field  data;  however, 
it  requires  that  the  measurements  of  all  points  be  taken  simultaneously.  During  the  test, 
the  LDV  measurements  were  taken  at  different  points  at  different  times.  Experimental 
results  showed  the  time  history  of  the  velocity  coir 'onents  are  relatively  Independent  of 
the  time  Interval.  Accordingly,  the  flow  field  da'.a  were  assumed  to  be  stat'onary,  and 
the  source  term  was  calculated  using  LDV  measured  data. 

It  was  pointed  out  earlier  that,  in  spite  of  the  forward  scattering  mode  and  particle 
filtering  efforts,  the  data  rates  of  the  LDV  measurement  were  only  up  to  5000  samples  per 
second.  As  compared  with  other  similar  LDV  systems,  these  data  rates  were  relatively 
high.  In  overcoming  the  low  data  rate  problem,  various  interpolation  schemes  were 
considered  to  enhance  the  velocity  data.  Since  the  source  calculations  were  performed  in 
the  frequency  domain,  the  interpolations  were  applied  on  a  velocity  versus  time  basis. 
Several  interpolation  schemes  and  various  curve  fittings  were  attempted.  Results  showed 
the  Lagranglan  interpolation  polynomial  to  be  the  most  appropriate  and  the  third  order  is 
sufficient.  The  third-order  polynomial  was  based  on  a  four-point  interpolation  scheme 
given  by  Abramowitz  and  Stegun.  2 

The  local  weighting  function  3^G/3x^3x.,  as  given  by  Eq.  (9a)  is  an  oscillatory 
function.  It  has  been  found  that  as  the  number  of  terms  m  Increases,  the  number  of  maxima 
and  minima  Increases;  and  also  the  weighting  is  substantially  large  near  the  wall.  It 
should  be  pointed  out  that  the  exponential  term  in  Eq.  (9a)  has  a  strong  influence  on  the 
weighting  function  in  the  axial  direction.  In  that  the  amplitude  of  the  weighting 
function  drops  off  rapidly  with  Increasing  x/R. 

During  the  test  program,  for  each  axial  location  x,  the  velocity  measurements  were 
taken  at  11  radial  points,  l.e.,  values  of  r/R  range  from  0.0  to  0.925.  Because  of  the 
oscillatory  nature  of  the  weighting  function,  spatial  averaged  values  of  the  weighting 
function  at  each  LDV  measurement  point  were  used  in  the  blocked  pressure  calculations. 
The  averaged  values  were  obtained  by  integrating  the  weighting  function  in  each  annular 
area  representing  the  particular  measurement  point.  Fig.  3  Illustrates  the  division  of 
the  annular  areas  or  bands.  Calculations  showed  that  the  averaged  weighting  function 
approach  was  independent  of  the  number  of  terms  used  in  Eq.  (9a),  and  the  amplitude  of  the 
weighting  function  was  bounded  near  the  wall.  The  value  of  m  (number  of  terms)  used  in 
the  numerical  calculations  was  32. 

Based  on  the  statistical  approach  as  presented  previously,  the  cross  spectral  density 
of  the  surface  pressure  fluctuations  were  evaluated  according  to  Eq.  (23).  In  the 
calculations,  it  was  assumed  that  the  velocity  fluctuations  are  uncorrelated  in  the  radial 
direction.  This  assumption  was  verified  by  the^g.perimental  results.  In  the  experimental 
study  of  confined  jets  conducted  by  Abdallah^'^,  she  also  observed  that  the  velocity 
fluctuations  are  uncorrelated  in  the  radial  direction. 

As  discussed  previously,  the  blocked  pressure  was  evaluated  by  multiplying  the  source 
magnitude  S..  at  each  point  of  the  flow  field  by  the  corresponding  local  weighting 
function  B^GrBx.Bx.  and  Integrating  over  the  whole  source  volume.  Because  the  local 
weighting  function^ decays  rapidly  with  x,  3‘^G/3x.9x,  was  approximated  by  a  Dirac  delta 
function  in  the  x  direction.  With  this  approximaHon,  Eq.  (23)  could  be  simplified  and 
the  mean  squared  blocked  pressure  can  be  expressed  as  Eq.  (27). 


QIIEEMt  FUNCTION  Xifl-O.O 


RIRAONM  *  iOC»il0*»  tlMC-i 


Figure  3 — Green's  function  and  division  of  Figure  4 — Blocked  surface  pressure  vs 

annular  bands  location 

Rased  on  calculations,  the  spectral  characteristics  of  the  blocked  surface  pressure 
are  very  similar  to  the  measured  wall  pressure.  As  discussed  previously,  the  total  wall 
pressure  is  the  sum  of  blocked  surface  pressure  and  pressure  contribution  from  the  wall 
vibration.  Therefore,  wall  pressure  comparison  cannot  be  made  until  the  pressure 
contribution  from  the  pipe  wall  vibration  is  quantified. 
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Results  of  the  pressure  calculations  showed  that  the  blocked  pressure  from  sources  at 
a  specific  x  indeed  decays  quite  rapidly  with  distance  |x-x  |.  For  example,  in  Fig.  4, 
the  blocked  suiiace  pressure  decays  more  than  20  dB  for  rela?ive  x  of  1.27  cm  (0.5  in.). 
Plots  of  blocked  pressure  versus  relative  axial  location  for  several  frequencies  are  shown 
in  Fig.  4.  In  general,  the  decay  of  blocked  pressure  is  independent  of  frequency.  These 
results  support  the  use  of  the  Dirac  delta  function  as  noted  previously. 

Fluid-Coupled  Shell  Vibration  with  Confined  Jet  Excitation 

As  discussed  previously,  the  pipe  wall  response  was  obtained  by  solving  the 
characteristic  or  spectral  equations  of  the  fluid-filled  shell  vibration  problem.  The 
spectral  radial  displacement  has  been  given  in  Eq.  (14).  Consequently,  the  radial 
velocity  and  acceleration  were  obtained  by  differentiating  Eq.  (14). 

To  calculate  the  pipe  wall  acceleration,  it  is  required  to  specify  the  blocked 
excitation  pressure  distribution  as  a  function  of  x.  As  discussed  previously,  the  blocked 
surface  pressure  decays  rapidly  and  linearly  with  x.  A  special  case  was  presented 
earlier,  in  which  a  relatively  simple  form  of  an  amplitude  modulated  convectlng  wave  field 
was  used  as  the  blocked  surface  pressure.  Hence,  the  blocked  excitation  pressure 
distribution  was  assumed  to  be  triangular.  The  width  of  the  triangular  distribution  2L, 
is  associated  with  the  pressure  correlation  length. 

The  response  of  the  pipe  wall  due  to  excitation  by  a  harmonic  ring  load  was 
calculated.  A  plot  of  the  ratio  of  wall  acceleration  to  peak  pressure  P  versus  location 
is  shown  in  Fig.  5  for  several  frequencies.  As  shown,  the  wall  acceleration  decays  quite 
rapidly  for  x  less  than  2.54  cm  (1  in.).  It  should  be  noted  that  the  decay  at  high 
frequencies  is  less  than  the  decay  at  low  frequencies. 

Based  on  the  statistical  approach  as  presented  previously,  the  cross  spectral  density 
of  the  pipe  wall  velocity  was  evaluated  according  to  Eq.  (26).  In  the  calculations,  it 
was  assumed  that  the  pressure  fluctuations  are  correlated  in  the  x  direction.  The 
correlated  pressure  fluctuations  reflect  the  occurrence  of  large-sjgle  coherent  structures 
in  the  jet  developing  region.  As  shown  and  discussed  by  Ng'^  ,  the  high  coherence 
functions  in  wall  pressure  data  are  attributed  to  the  large-scale  coherent  structures. 

The  expression  for  the  pipe  wall  velocity  due  to  an  amplitude  modulated  convectlng 
wave  field  was  presented  in  Eq.  (28).  As  discussed  previously,  the  blocked  pressure  was 
assumed  to  have  a  triangular  distribution.  In  the  calculations  the  half  width  L,  which 
here  corresponds  to  the  correlation  length  scale,  was  allowed  to  vary  wlt^gfrequency  in  a 
manner  which  is  similar  to  the  experimental  results  presented  by  Clinch  for  the  pipe 
flow.  The  correlation  length  was  assumed  to  be  a  function  of  the  jet  diameter. 
Specifically,  the  values  of  L  range  from  about  3  jet  diameters  at  2  kHi  to  about  12  jet 
diameters  at  100  Hz.  Results  showed  the  calculated  wall  acceleration  spectra  agree  well 
with  the  experimental  data. 


Pipe  Wall  Pressure  Due  to  Flexible  Wall  Vibration 

The  shell  wall  pressure  calculations  were  obtained  by  solving  the  fluid-filled  shell 
vibration  problem  with  the  blocked  surface  pressure  as  the  excitation  source.  An 
expression  relating  the  flexible  wall  pressure  to  the  blocked  pressure  was  given  in  Eq. 
(21).  In  the  evaluation  of  the  sum  of  residues,  the  summation  was  truncated  at  s  =  10. 

A  typical  flexible  wall  pressure  spectrum  is  shown  in  Fig.  6.  As  shown,  the  flexible 
wall  pressure  spectrum  is  lower  than  th,?  blocked  surface  pressure,  particularly  at  the  low 
frequencies.  For  the  range  of  frequencies  of  Interest,  the  blocked  surface  pressure  is 
dominant. 


Figure  6— Flexible  wall  pressure  spectrum 


Figure  5 — Wall  Acceleration  vs  location 
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1.  Wall  Pressure 

The  vail  pressure  was  calculated  by  summing  the  blocked  surface  pressure  and  flexible 
vail  pressure.  Because  the  blocked  surface  pressure  is  dominant  for  the  range  of 
frequencies  of  interest,  the  flexible  vail  pressure  has  no  significant  contribution  on  the 
vail  pressure  calculations.  The  expressions  for  the  blocked  pressure  and  flexible  vail 
pressure  vere  presented  in  Eqs.  (9b)  and  (21).  It  vas  assumed  that  the  pressure 
fluctuations  are  uncorrelated  in  the  radial  direction,  and  the  local  veighting  function 
3^G/3xj3x,  can  be  approximated  by  a  Dirac  delta  function  in  the  x  direction. 

A  typical  comparison  of  the  calculated  vail  pressure  vith  experimental  data  is  shovn 
in  Fig.  7  for  the  1.00-in  diameter  jet.  The  agreement  is  reasonably  good,  except  for  the 
pipe  flov  case  in  vhich  the  calculated  spectrum  is  higher  than  the  measured  spectrum  by 
about  6  db.  In  general,  the  calculated  vail  pressure  spectra  are  higher  than  the  measured 
spectra  in  the  high  frequencies.  Because  of  the  lov  data  rates  associated  vith  the  LDV 
data,  the  accuracy  of  the  calculated  vail  pressure  spectra  decreases  for  frequencies  above 
2  kHz. 

2.  Pipe  Wall  Acceleration 

Typical  calculated  vail  acceleration  spectrum  is  shovn  in  Fig.  8  for  the  1.50-ln 
diameter  jet.  For  comparison  purpose,  the  measured  vail  acceleration  spectrum  is  also 
plotted.  As  shovn,  the  calculated  vail  acceleration  spectrum  agrees  reasonably  veil  vith 
the  acceleration  measurements.  In  most  cases,  the  model  overpredicts  slightly  in  the  lov 
frequencies,  i.e,  for  frequencies  less  than  500  Hz. 
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Figure  7 — Wall  pressure  spectra  comparison 
l.OO-lnch  jet 
CONCLUSIONS 


Figure  8 — Wall  acceleration  spectra 
comparison  -  1.5inch  jet 


A  noise  model  vas  developed  to  calculate  the  vail  pressure  and  the  response  of  the 
pipe  vail  due  to  the  turbulent  jet  flov  in  the  pipe.  An  approach  has  been  presented  to 
evaluate  the  vail  pressure  fluctuations  and  pipe  vail  acceleration  due  to  the  excitation 
of  turbulent  jet  flovs.  Based  on  flov  field  measurements,  the  blocked  surface  presssure 
vas  calculated  using  the  Lighthlll  method,  and  then  used  to  drive  the  fluid-filled  shell. 
The  vail  pressure  and  pipe  vail  acceleration  vere  determined  by  solving  the  coupled  fluid 
solid  interaction  problem.  The  vail  pressure  vas  obtained  by  summing  the  blocked  surface 
pressure  and  the  pressure  due  to  the  vail  vibration. 

Principal  results  and  conclusions  to  be  dravn  from  the  study  are  as  follovs: 

1.  The  source  strength  based  on  the  Llghthlll's  method  vas  calculated  from  the 
experimentally  determined  turbulence  structure  of  the  jet  flov.  The  source  term  is 
controlled  by  the  interaction  of  the  mean  axial  velocity  and  axial  velocity  fluctuations. 

2.  The  blocked  surface  pressure  vas  obtained  by  integrating  the  product  of  the  source 
term  and  the  local  veighting  Green's  function  in  the  source  region.  Because  the  veighting 
function  is  an  oscillatory  function,  spatial  averaged  values  of  the  veighting  function  at 
each  LDV  measurement  point  vere  used  in  the  blocked  pressure  calculations.  The  amplitude 
of  the  local  veighting  function  increases  tovard  the  vail  and  decays  rapidly  in  the  axial 
direction.  The  blocked  pressure  is  controlled  by  the  sources  near  the  vail  since  the 
values  of  the  local  veighting  function  are  dominant  near  the  vail  region. 

3.  The  random  nature  of  the  turbulent  jet  vas  incorporated  into  a  statistical  analysis 
of  the  jet  sources.  Specifically,  the  acoustic  pressure  vas  assumed  to  result  from 
hydrodynamic  pressure  fluctuations  vhich  are  uncorrelated  in  the  radial  direction,  but  are 
correlated  in  the  axial  direction  near  the  jet  exit.  The  uncorrelated  pressure 
fluctuations  in  the  radial  direction  reflect  the  random  motion  of  the  turbulent  jet. 


whereas  the  correlated  pressure  fluctuations  in  the  axial  direction  reflect  the  motion  of 
the  large-scale  coherent  structures  near  the  jet  exit. 

4.  The  width  of  the  triangular  pressure  distrihutlon  for  the  statistical  calculations 
was  chosen  to  represent  the  correlation  length  scale  of  the  pressure  fluctuations.  The 
correlation  length  scale  is  a  function  of  frequency.  Specifically,  the  values  of  L  range 
from  about  3  jet  diameters  at  2  kHz  to  about  12  jet  diameters  at  100  Hz. 

5.  Numerical  results  showed  that  the  blocked  pressure  is  dominant  as  compared  to  the 
pressure  due  to  the  wall  motion.  The  blocked  pressure  decays  faster  than  the  pipe  wall 
acceleration  with  respect  to  the  axial  location.  In  the  pipe  wall  response,  the  low 
frequencies  decay  faster  than  the  high  frequencies. 

6.  Numerical  results  have  demonstrated  that  the  noise  model  is  capable  of  relating  the 
flow  field  and  acoustic  field  of  confined  jet  flows.  Results  from  the  analytical  model 
showed  good  agreement  with  the  measured  wall  pressure  and  pipe  wall  acceleration. 

7.  Although  the  analytical  development  and  noise  model  focused  on  the  prediction  of 
flow-induced  noise  and  vibration  of  confined  jets,  the  analytical  noise  model  can  also  be 
applied  to  the  pipe  flow  noise  prediction  problem. 

ACKNOWLEDGMENTS 

This  study  was  supported  in  parts  by  the  Office  of  Naval  Technology  (ONT)  and  the 
Naval  Underwater  Systems  Center's  Independent  Research/Independent  Exploratory  Development 
Program.  The  author  wishes  to  express  his  gratitude  to  Professor  P.  Stepanishen  for  his 
guidance  and  to  Mrs.  J.  Hillenbrand  for  her  assistance  in  computer  programs  relating  to 
the  shell  vibration  problem. 

REFERENCES 

1.  G.  Reethof,  "Turbulence-Generated  Noise  I  -  Pipe  Flow,”  Ann.  Rev.  Fluid  Mech.,  333-367 
(1978). 

2.  J.  L.  Walter,  "Coincidence  of  Higher  Order  Modes  -  A  Mechanism  of  the  Exciftlon  of 
Cylindrical  Shell  Vibrations  Via  Internal  Sound,"  Ph.D.  Thesis,  Penn  State  University 

1979. 

3.  A.  C.  Fagerlund,  "A  Theoretical  and  Experimental  Investigation  of  the  Effects  of  the 
Interaction  between  an  Acoustic  Field  and  Cylindrical  Structure  on  Sound  Transmission 
Loss,"  Ph.D.  Thesis,  University  of  Iowa,  1979. 

4.  K.  W.  Ng,  "Aerodynamic  Noise  Generation  in  Control  Valves,"  ASME  Paper  0O-WA/NC-8, 

1980. 

5.  H.  T.  Loh,  "Circular  Pipe  Wall  Vibratory  Response  Excited  by  Internal  Acoustic  Fields," 
M.S.  Thesis,  Penn  State  University,  1981. 

6.  M.  P.  Norton  and  M.  K.  Bull,  "Mechanisms  of  the  Generation  of  External  Acoustic 
Radiation  from  Pipes  due  to  Internal  Flow  Disturbances,"  J.  Sound  Vlb.,  94(1)  105-146 
(1984). 

7.  B.  Stahl,  "An  Experimental  Investigation  of  Noise  Generated  by  Turbulence  in  a  Pipe 
Flow  Behind  a  Discontinuous  Area  Enlargement,"  DFVLR,  Dissertation  (D.  of  Eng.), 
November  1985. 

8.  R.  F.  Bergeron,  "Aerodynamic  Sound  and  the  Low-Wavenumber  Wall-Pressure  Spectrum  of 

Nearly  Incompressible  Boundary-Layer  Turbulence,"  J.  Acoust.  Soc.  Am.,  54,  123-133 

(1973). 

9.  D.  M.  Chase,  and  C.  F.  Nolseux,  "Turbulent  Wall  Pressure  at  Low  Wavenumbers:  Relation 
to  Nonlinear  Sources  in  Pla.nar  and  Cylindrical  Flow,"  J.  Acoust.  Soc.  Am.,  72,  975-982 
(1982). 

10.  S.  A.  Abdallah,  "On  the  Wall  Pressure  Fluctuations  and  the  Flow  Field  Structure  Distal 
to  a  Modeled  Stenosis,"  Ph.D  Thesis,  University  of  Houston,  1984. 

11.  W.  A.  Olsen,  J.  H.  Miles,  and  R.  G.  Dorsch,  "Noise  Generated  by  Impingement  of  a  Jet 
upon  a  Large  Flat  Plate,"  NASA  TN  D-7075,  1972. 

12.  A.  W.  Lelssa,  "Vibration  of  Shells,"  NASA  SP-280,1973. 

13.  c.  R.  Fuller,  "The  Mobility  of  an  Infinite  Circular  Cylindrical  Elastic  Shell  Filled 
with  Fluid,"  J.  Sound  Vlb.,  87,  409-427  (1983). 

14.  K.  W.  Ng,  "Fluctuating  Wall  Pressure  and  Vibratory  Response  of  a  Cylindrical  Elastic 
Shell  due  to  Confined  Jet  Excitations,"  Ph.D.  Thesis,  University  of  Rhode  Island, 
1988. 

15.  C.  R.  Fuller  and  F.  J.  Fahy,  "Characteristics  of  Wave  Propagation  and  Energy 
Distributions  in  Cylindrical  Elastic  Shells  Filled  with  Fluid,"  J.  Sound  Vib. ,  81, 
501-518  (1982). 

16.  M.  Abramowitz  and  I.  A.  Steg'in,  "Handbook  of  Mathematical  Functions  with  Formulas, 
Graphs,  and  Mathematical  Tables,"  National  Bureau  of  Standards,  1964. 

17.  J.  M.  Clinch,  "Measurements  of  the  Wall  Pressure  Field  at  the  Surface  of  a 
Smooth-Walled  Pipe  Containing  Turbulent  Water  Flow,"  J.  Sound  Vlb.,  9,  398-419  (1969). 

80 


I 


SECOND  INTERNATIONAL  CONGRESS  ON 
RECENT  DEVELOPMENTS  IN  AIR-  AND 
STRUCTURE-BORNE  SOUND  AND  VIBRATION 

MARCH  4  6  1992  AUBURN  UNlVERSITV  USA 


STRUCTURAL-ACOUSTIC  COUPLING  IN  AIRCRAFT  FUSELAGE  STRUCTURES 

Gopal  P.  Mathur  and  Myles  A.  Simpson 

Douglas  Aircraft  Company 
McDonnell  Douglas  Corporation 
3855  Lakewood  Blvd,  MC  36-60 
Long  Beach,  CA  90846,  U.S.A. 


ABSTRACT 

Results  of  analytical  and  experimental  investigations  of  structural-acoustic  coupling  phenomenon  in  an 
aircraft  fuselage  are  described.  The  structural  and  acoustic  cavity  modes  of  DC-9  fuselage  were  determined 
using  a  finite  element  approach  to  vibration  analysis.  Predicted  structural  and  acoustic  dispersion  curves 
were  used  to  determine  possible  occurrences  of  structural-acoustic  coupling  for  the  fuselage.  An  aft  section 
of  DC-9  aircraft  fuselage,  housed  in  an  anechoic  chamber,  was  used  for  experimental  investigations.  The 
test  fuselage  was  excited  by  a  shaker  and  vibration  response  and  interior  sound  field  were  measured  using 
accelerometer  and  microplione  arrays.  The  wavenumber-frequency  structural  and  cavity  response  maps 
were  generated  from  the  measured  data.  Analysis  and  interpre'ation  of  the  spatial  plots  and  wavenumber 
maps  provided  the  required  information  on  modal  characteristics,  fuselage  response  and  structural-acoustic 
coupling. 

INTRODUCTION 

The  sound  transmission  and  radiation  characteristics  of  aircraft  fuselage  structures  are  strongly  depen¬ 
dent  on  the  structural-acoustic  coupling  Inside  the  fuselage  shell.  A  knowledge  of  fuselage  shell  modes 
and  their  coupling  with  the  cavity  modes  can  be  valuable  in  the  design  of  both  passive  and  active  noise 
control  treatments.  In  recent  yArs,  analytical  and  experimental  studies  have  been  conducted  on  the  cou¬ 
pling  mechanism  of  a  vibrating  finite  circular  cylindrical  shell  and  its  interior  cavity,  closed  with  rigid  end 
caps  using  mode  matching  technique  (1).  The  mode  matching  technique  requires  expanding  the  shell  wall 
displacement  in  terms  of  acoustic  modes.  In  the  case  of  practical  structures,  such  as  an  aircraft  fuselage,  it 
is  often  difficult  to  map  and  distinguish  between  different  spatial  modes  as  many  shell  modes  contribute  to 
the  response.  The  wavenumber  matching  method,  on  the  other  hand,  overcomes  this  difficulty  of  spatial 
mode  matching  technique. 

In  the  wavenumber  matching  technique,  acoustic  and  structural  wavenumber  maps  or  dispersion  di¬ 
agrams  are  superposed  to  study  structural-acoustic  coupling.  Some  of  the  lower  order  shell  modes  are 
acoustically  fast  below  the  ring  frequency.  Such  modes  can  be  efficient  radiators  if  they  can  couple  with 
similar  cavity  modes.  The  structural-acoustic  coupling  occurs  for  those  acoustic  and  structural  modes  that 
are  of  same  axial  and  circumferential  orders  [2|,  This  equality  of  circumferential  and  axial  wavenumbers  (or 
modes)  is  also  known  as  coincidence  condition.  Although  the  coupled  acoustic  and  structural  modes  differ 
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from  the  respective  uncoupled  modes,  they  may  be  assumed  to  resemble  closely  their  uncoupled  compo¬ 
nents  for  the  purposes  of  approximate  analysis.  This  paper  presents  results  of  analytical  and  experimental 
investigations  on  the  structural-acoustic  coupling  phenomenon  in  an  aircraft  fuselage  using  wavenumber 
matching  approach. 


THEORETICAL  BACKGROUND 


Aircraft  fuselage  structure,  in  general,  is  a  complex  stiffened  shell  and  does  not  conform  to  the  idealized 
form  of  a  circular  cylindrical  shell.  The  cylindrical  shell  analysis,  however,  is  useful  in  understanding  the 
flexural  wave  motion  in  such  structures.  A  brief  introduction  to  wavenumber  (or  fc-space  )  analysis  of 
structural-acoustic  coupling  is  first  presented  for  a  uniform  cylindrical  shell. 

The  flexural  wave  motion  in  a  uniform  cylindrical  shell  can  be  characterized  by  axial  (or  longitudinal) 
and  circumferential  wavenumbers,  and  k^.  The  non-dimensional  wavenumber  functions,  k^  and  k^.  for 
the  structural  vibration  of  an  idealized  cylindrical  shell  are  |3]: 
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where  (ir)  (r)'  m  is  the  axial  mode  number,  N  is  the  structural  circumferential  mode 

number,  R  and  L  are  the  radius  and  length  of  the  cylinder  respectively,  and  p  is  the  Poisson  ratio.  The 
formula  for  natural  frequencies  of  a  cylindrical  shell  can  be  expressed  in  the  following  form  (3): 
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where  u>r  is  the  ring  frequency  of  the  cylinder. 

The  acoustic  modes  of  a  rigid-walled  cylindrical  waveguide  take  the  following  form  |4|: 


Pm„(r,<i),z)  =  P„„  {n4i)J„{krr)co${k,z) 
cos 

where  J„  is  the  Bessel  function,  m  is  axial  mode  order,  n  is  the  acoustic  circumferential  mode  order, 
is  pressure  amplitude,  and  {r,<l),z)  denote  a  cylindrical  coordinate  system.  The  radial  wavenumber  kr 
is  determined  by  the  zero  normal-particle  wall  boundary  condition  as  characteristic  solutions  k"’’  of  the 
equation: 

dJ„{krr) 
dr 

where  n  indicates  the  number  of  diametral  pressure  nodes  and  p  the  number  of  concentric  circular  pressure 
nodes  (radial  mode  order). 

The  axial  and  radial  wavenumbers  satisfy  the  acoustic  wave  equation  resulting  in  the  following  dispersion 
relationship  for  the  cylindrical  cavity: 

k]  +  (fc;-)’  =  fc* 

where  k  is  acoustic  wavenumber  (=  ur/co)  and  co  is  speed  of  sound.  The  axial  (it„)  and  circumferential 
(fcc)  wavenumbers  and  the  modal  frequencies  for  the  cylindrical  cavity  are  given  by; 
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k,  =  (k7)UH=^ 

where  7„p  are  characteristic  solutions  of  the  equation  [J'„(kr)\r=R  =  0  for  the  cylindrical  ca>rlty. 

In  order  to  understand  the  acoustic  waveguide  behavior  of  aircraft  fuselage  cavity,  uncoupled  acoustic 
modal  characteristics  of  an  equivalent  hardwalled,  stiffened  cylindrical  shell  were  first  studied  using  the 
matrix  difference  equation  (MDE)  method  (51,  This  method  is  a  computer  code  developed  at  Douglas 
Aircraft  Company  using  a  finite  element  approach  to  vibration  analysis;  the  basic  simplifying  assumption 
is  that  the  structure  is  spatially  periodic  or  repetitive,  meaning  that  it  is  a  longitudinal  array  of  identical 
substructures.  The  computer  code  is  applicable  to  coupled  structural-acoustic  modes  representing  the 
fuselage  structure  and  the  air  inside. 


DESCRIPTION  OF  TEST  PROGRAM 

All  tests  were  conducted  in  the  Douglas  Aircraft  Company  (DAC)  Fuselage  Acoustics  Research  Facili'y 
(FARF).  The  facility  consists  of  the  aft  section  of  a  DC-9  aircraft  fuselage,  noise  and  vibration  sources, 
a  multi-channel  digital  data  acquisition  and  processing  system,  and  an  anechoic  chamber  to  house  the 
fuselage  section.  Figure  1  shows  the  fuselage  test  section,  with  the  frame  station  and  longeron  numbering 
system. 

The  fuselage  shell  and  cavity  were  excited  by  a  single  mechanical  shaker.  The  input  signal  to  the  shaker 
was  broadband  random  between  100  and  1000  Hz.  The  shaker  was  mounted  on  a  support  structure,  and 
attached  to  the  right  side  of  the  fuselage  at  station  718,  longeron  9.  An  array  of  accelerometers  was 
mounted  on  the  left  side  of  the  fuselage.  This  13x15  array  had  a  longitudinal  spacing  of  9.5  inches  and 
a  circumferential  spacing  of  15.4  inches.  The  accelerometer  on  the  left  side  at  station  718  just  under 
longeron  9  was  used  as  a  reference  accelerometer  for  vibration  measurements. 

Within  the  cabin,  an  array  of  75  microphones  shown  in  Figure  2  was  used  to  measure  interior  noise  levels 
at  13  stations  (approximately  19  inches  apart)  from  station  547  to  station  779,  For  these  measurements 
the  reference  microphone  was  located  on  the  cabin  centerline,  approximately  20  inches  above  the  floor  and 
40  inches  in  front  of  the  interior  loudspeaker  at  the  front  of  the  cabin.  Further  details  of  instrumentation 
and  measurements  are  given  in  Reference  [61. 


DISCUSSION  OF  RESULTS 

The  uncoupled  acoustic  modes  of  an  equivalent  hardwalled,  stiffened  cylindrical  shell  were  determined 
using  a  MDE  model.  The  radius  (R=65.8  inch)  and  length  (L=380  inch)  of  the  cylindrical  shell  cavity 
are  the  same  as  that  of  the  FARF  (DC-9)  fuselage.  The  MDE  model  of  the  hardwalled  cylindrical  shell 
consisted  of  20  substructures,  each  substructure  being  19  inches  long.  Figure  3  shows  sample  predicted 
acoustic  pressure  contours  for  the  (m— 3,  n=2,  p=0)  mode.  The  circumferential  (n)  and  radial  (p)  mode 
ordering  of  these  acoustic  modes  can  be  done  by  either  comparing  the  predicted  contours  with  those 
obtained  from  the  classical  theory  for  circular  cylindrical  shells  or  by  identifying  the  modal  distribution  of 
acoustic  pressures. 

The  acoustic  and  structural  dispersion  diagrams  for  uncoupled  modes  of  the  cylindrical  shell  are  shown 
superimposed  in  Figure  4.  For  a  given  circumferential  mode  order,  equality  of  axial  wavenumber  (or  mode 
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order)  gives  the  coincidence  condition.  At  coincidence,  optimum  conditions  exist  for  transfer  of  energy 
between  these  modes.  The  mode  coupling  would  occur  where  structural  and  acoustic  dispersion  curves 
coincide  or  cross  each  other  for  the  same  axial  and  circumferential  mode  order.  Figure  4  indicates  that 
the  coincidence  between  the  lower-order  circumferential  shell  modes  (e.g.  N=0  and  1)  and  the  lower-order 
circumferential  acoustic  modes  (e.g.  n=;0  and  1)  and  low  radial  order  (p=0),  can  occur  at  frequencies 
close  to  the  acoustic  mode  cutoff  frequencies.  Between  the  lowest  acoustic  mode  cutoff  frequency  and  the 
ring  frequency,  there  can  be  several  such  coincidences:  any  one  shell  mode  can  be  coincident  with  all  the 
acoustic  modes  of  equal  circumferential  order  (n)  and  increasing  radial  order  (p).  Multiple  coincidences 
between  the  lower  order  structural  and  acoustic  curves  may  also  occur  since  portions  of  these  curves  run 
parallel  to  each  other  (e  g.  the  N=0  structural  curve  and  the  (n=0,  p=4)  acoustic  curve).  The  chance  of 
coincidence  for  the  higher  order  shell  modes  (N  =  4  and  above),  however,  becomes  less  as  the  structural 
curves  tend  to  rise  rapidly  and  run  parallel  to  the  lower  order  acoustic  curves. 

The  MDE  model  of  the  hardwalled  cylindrical  cavity  was  modified  to  represent  the  flexible  wall  test 
fuselage.  The  coupled  modal  frequencies  and  mode  shapes  for  the  fuselage  were  determined  using  the 
MDE  model.  Figure  5  shows  the  cavity  spatial  pressures  predicted  at  118  Hz.  This  predicted  (n  =  2,  p=0) 
acoustic  mode  compares  very  well  with  the  measured  cavity  mode  at  105  Hz  (see  Figure  6).  The  difference 
in  frequencies  is  likely  due  to  the  simplified  model  used  for  predictions. 

The  structural  and  acoustic  dispersion  curves  for  the  fuselage  were  constructed  using  the  MDE  method 
and  are  shown  in  Figure  7.  These  dispersion  curves,  particularly  for  the  lower-order  modes,  appear  to  be 
very  similar  to  those  obtained  for  the  equivalent  cylindrical  shell.  It  may  be  observed  from  Figure  7  that 
structural-acoustic  coupling  can  occur  for  the  (1,1)  structural  mode  and  the  (1,1,0)  acoustic  mode,  in  the 
frequency  range  from  60  to  70  Hz  (below  the  frequency  range  measured  during  the  test  program).  The 
figure  also  shows  that  structural  acoustic  coupling  may  occur  for  the  (3.2)  structural  mode  and  the  (3,2,0) 
acoustic  mode,  in  the  frequency  range  from  120  to  150  Hz. 

Measured  fuselage  acceleration  levels  and  cabin  noise  levels  under  broadband  shaker  excitation  were 
used  to  define  the  structural  and  cavity  modal  characteristics  of  the  fuselage.  The  wavenumber  spectrum 
analysis  approach  was  used  to  examine  the  structural-acoustic  coupling  for  the  FARF  fuselage,  between  the 
(3.2)  structural  mode  and  the  (3.2.0)  acoustic  mode.  The  spatial  domain  data  for  the  vibration  response 
was  obtained  using  the  13x15  array  of  accelerometers  mounted  on  the  left  side  of  the  fuselage.  The  interior 
sound  field  was  mapped  using  a  three-dimensional  array  of  microphones,  comprised  of  the  microphones  in 
a  ring  around  the  periphery  of  the  cabin  adjacent  to  the  sidewall  (i.e.,  ring  5  on  Figure  2  ),  at  each  of  13 
stations  within  the  cabin.  The  k-space  vibration  resporre  was  obtained  by  implementing  two-dimensional 
spatial  Fourier  transforms  (at  each  temporal  frequency)  on  the  spatial  domain  data. 

The  circumferential  wavenumbers  and  mode  orders  of  the  structural  and  acoustic  cavity  modes  are 
related  by  the  following  relationships:  k,  =  N/R  for  the  structural  mode  and  k"’’  =  for  the 

acoustic  cavity  mode,  where  n  and  p  are  circumferential  and  radial  mode  numbers  for  acoustic  modes 
respectively.  The  axial  mode  numbers  may  also  be  calculated  from  the  axial  wavenumbers  using  k^  =  '^. 
Since  acceleration  and  pressure  wavenumber-frequency  spectra  are  complex  functions,  only  magnitude  of 
these  functions  will  be  shown  in  the  form  of  contour  plots. 

The  k-space  vibration  reponse  of  the  fuselage  at  105  Hz  due  to  the  shaker  broadband  excitation  is 
shown  in  Figure  8.  The  k-space  acoustic  response  of  the  FARF  cavity  at  the  same  frequency  obtained 
from  the  ring  5  array  of  microphones  is  shown  in  Figure  9.  It  may  be  observed  in  Figure  8  that  a  number 
of  structural  modes  (N  =  2  to  7)  contribute  to  the  response  of  the  FARF  structure  at  105  Hz.  The  acoustic 
modes  contributing  to  the  FARF  cavity  response  are  found  (Figure  9)  to  be  in  the  range  of  n=l  to  3 
with  the  n=2  mode  being  the  most  dominant.  Although  the  N=2  structural  mode  is  not  resonant  at  105 
Hz,  it  has  spatial  contribution  at  this  frequency  and  shows  up  with  somewhat  diminished  amplitude  in  the 
vibration  wavenumber  plot.  It  therefore  appears  from  Figures  8  and  9  that  the  N=2  structural  mode  Is 
coupling  with  the  n=2  acoustic  mode,  in  agreement  with  the  earlier  predictions. 


CONCLUSIONS 


Analytical  and  experimental  investigations  were  conducted  on  the  DC-9  aft  fuselage  test  section  to 
study  the  shell  and  cavity  modal  characteristics  and  the  structural-acoustic  coupling  characteristics  of  the 
fuselage.  The  matrix  difference  equation  (MDE)  method  based  on  finite  element  approach  was  used  to 
study  the  structural-acoustic  coupling  and  to  make  mode  coupling  predictions  for  a  cylindrical  shell  and  the 
FARE  fuselage.  Coupling  of  the  structure  and  acoustic  cavity  is  expected  to  occur  at  only  those  frequencies 
for  which  there  is  a  structural  mode  and  a  cavity  mode  of  identical  axial  and  circumferential  mode  order. 

The  test  fuselage  was  excited  by  a  shaker  with  broadband  random  input  and  vibration  response  was 
measured  with  an  array  of  accelerometers  on  the  left  side  of  the  structure.  Interior  noise  levels  were 
measured  at  13  locations  along  the  length  of  the  cabin  with  an  array  of  microphones  throughout  the  cabin 
cross-section.  The  structural  and  cavity  mode  shapes  were  derived  from  the  measured  accelerometer  and 
microphone  data. 

To  define  the  primary  modes  contributing  to  the  fuselage  vibration  and  cavity  acoustic  pressure  at  se¬ 
lected  frequencies,  a  wavenumber  analysis  of  the  measured  data  was  undertaken.  The  resulting  wavenumber 
maps  confirmed  the  MOE  predictions  that  the  N=2  structural  mode  would  couple  with  the  (n=2.  p=0) 
circumferential  cavity  mode;  from  the  measurements  this  was  found  to  occur  at  105  Hz. 

The  wavenumber  analyses  were  found  to  be  very  useful  in  defining  the  structural-acoustic  behavior  of 
the  fuselage.  The  wavenumber-frequency  maps  provide  information  about  the  structural-acoustic  response 
of  the  fuselage/cavity  that  is  usually  not  obtainable  from  conventional  analyses  based  in  the  spatial  domain. 
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Figure  1:  The  DC-9  fuselage  test  section,  showing  frame  and  longeron  numbering. 


Figure  3:  Predicted  uncoupled  (iii=3,  n=2,  p=0)  mode  for  a  cviiiidrical  cavity. 
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ABSTRACT 

One  of  the  most  difficult  concepts  to  grasp  in  Statistical  Energy  Analysis  is  that 
structural  response  can  be  considered  a  random  variable.  It  is  instructive  to  perform 
statistical  analyses  on  actual  test  data  in  order  to  investigate  assumptions  about  the 
distribution  of  response.  These  types  of  analyses  are  rarely  carried  out  because  of  the 
relatively  low  number  of  measurements  typically  obtained  during  a  test.  This  paper 
presents  a  statistical  analysis  of  the  structural  response  during  a  reverberant  acoustic 
test  of  a  prototype  aerospace  component.  The  test  article  was  the  mass/thermal/acoustic 
model  of  the  photovoltaic  power  management  and  distribution  system  for  the  NASA  Space 
Station  Freedom.  The  analysis  takes  advantage  of  the  large  number  of  acceleration 
sensors  located  on  component  attachment  screws  to  conclude  that  the  spatial  variation  of 
power  spectral  density  (PSD)  averaged  in  third  octave  bands  can  be  described  by  a 
lognormal  probability  distribution. 

INTRODUCTION 

One  of  the  most  useful  concepts  of  Statistical  Energy  Analysis  (SEA)  is  that  the 
dynamic  response  of  acoustical  and  structural  systems  can  be  modeled  as  a  random 
variable.  The  subject  of  this  paper  is  the  description  of  the  spatial  probability 
distribution  of  a  set  of  structural  responses  measured  during  a  reverberant  acoustic  test 
of  the  Mass/Thermal/Acoustic  Model  (MTAM)  of  the  photovoltaic  power  management  and 
distribution  system  for  the  NASA  Space  Station  Freedom.  Prediction  of  the  distribution 
of  responses  is  of  considerable  importance  in  setting  random  vibration  test  levels  for 
all  of  the  components  to  ensure  their  reliable  functioning  after  being  exposed  to  the 
launch  vibroacoustic  environment. 

Background 

Third  octave  band  sound  pressure  levels  measured  in  the  aerospace  launch  environment 
are  commonly  accepted  to  be  random  variables  following  a  normal  (gaussian)  probability 
distribution.  This  means  that  the  mean-square  pressure  responses  in  each  band  follow  a 
lognormal  distribution.  It  is  simple  to  envision  the  flight- to- flight  variability  of  the 
acoustic  environment  carrying  over  to  the  ensuing  structural  response  of  a  payload  More 
difficult  to  grasp  is  that  the  same  factors  contributing  to  the  spatial  variability  in 
the  interior  acoustic  field — distributed  excitation,  multi-modal  response,  and  spatial 
variation  of  mode  shapes — can  create  structural  responses  that  appear  spatially  random, 
even  if  the  structure  is  considered  perfectly  linear  and  deterministic. 

Once  the  concept  of  spatially  random  structural  response  is  accepted,  the  next 
problem  is  to  define  its  statistics.  The  U.S.  aerospace  industry  standard  for  describing 
the  maximum  expected  acoustic  environment  is  a  third  octave  band  spectrum  where  the  level 
in  each  band  is  defined  as  equal  to  or  greater  than  the  value  at  the  ninety- fifth 
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percentile  value  at  least  50  percent  of  the  time.  Prediction  of  this  value  from  test 
data  requires  an  assumption  of  the  underlying  probability  distribution  function  in  order 
to  estimate  the  ninety-fifth  percentile  at  a  50%  confidence  level.  The  set  of  band 
levels  predicted  by  this  method  is  commonly  denoted  as  the  P95/50  acoustic  spectrum. 

It  would  be  useful  if  similar  statistical  procedures  could  be  followed  in 
characterizing  structural  response.  In  particular,  SEA  predictions  of  average  response 
and  variability  require  an  assumption  of  a  probability  distribution  in  order  to  assign  a 
P95  level.  There  is  no  "/50"  involved  in  the  theoretical  prediction,  because  it  is 
determined  for  the  population  rather  than  being  estimated  from  sampled  data.  The  unknown 
variable  in  an  SEA  prediction  is  the  average — or  mean — of  the  mean-square  vibrational 
response  in  a  frequency  band.  The  actual  mean-square  response  of  a  structural  element 
varies  in  space.  With  an  infinite  number  of  sensors  during  a  test,  one  could  determine 
the  mean  and  higher  moments  of  spatial  variation.  Assuming  there  are  no  other  sources  of 
variability,  the  P95  response  is  the  mean-square  response  exceeded  by  only  5%  of  the 
structure.  Because  the  mean-square  is  non-negative,  its  amplitude  distribution  cannot  be 
symmetric  about  the  mean,  as  is  the  gaussian,  or  normal  distribution.  A  gamma  distri¬ 
bution  was  suggested  as  a  convenient  form  in  the  initial  paper  on  SEA  confidence 
intervals  by  Lyon  and  Elchler  [1],  but  they  did  not  present  any  experimental  data  or 
theory  to  support  that  particular  choice.  This  material  also  appeared  in  the  1975 
textbook  by  Lyon  (2]  describing  SEA  methods.  A  study  of  structural  responses  during 
several  reverberant  acoustic  tests  at  Lockheed  and  at  the  NASA  Jet  Propulsion  Laboratory 
is  presented  in  [3].  The  conclusion  of  that  study  was  that  third  octave  band  PSD  res¬ 
ponses  are  lognormally  distributed,  but  that  a  better  fit  to  data  is  obtained  if  a  skew 
factor  of  1.2  is  applied.  A  true  lognormal  distribution  would  have  a  skew  factor  of  one, 

Structural  similarity  between  measurement  locations — in  acoustic  coupling, 
structural  damping,  and  impedance — is  critically  important  for  the  assessment  of 
probability  distribution.  Because  of  the  relatively  few  structural  response  sensors 
available  from  flight  tests,  there  is  a  tendency  to  lump  all  of  the  sensors  from  a 
payload  into  a  single  ensemble.  Since  bare  panels  tend  to  respond  more  strongly  than 
those  highly  loaded  by  components,  there  are  often  two  or  more  distributions  with 
different  means  being  combined  into  a  single,  blmodal  distribution.  The  assumptions 
underlying  the  P95  calculations  are  then  violated. 

In  this  paper,  a  set  of  data  from  a  reverberant  acoustic  test  of  a  large  prototype 
aerospace  payload  is  analyzed  to  determine  whether  the  spatial  variation  of  structural 
response  can  be  described  by  a  lognormal  distribution.  Acceleration  PSD  spectra  from  73 
sensors  on  attachment  locations  of  similar  components  were  processed  into  third  octave 
band  average  PSD,  with  23  bands  per  spectrum  from  20  Hz  to  3.15  kHz  center  frequencies. 
The  raw  data  was  transformed  to  decibels,  and  the  levels  in  each  band  were  normalized  to 
zero  mean  and  unit  variance.  The  resulting  1679  samples  were  tested  for  goodness-of-fit 
to  a  normal  distribution.  The  Kolraogorov-Smirnov  test  statistic  indicated  that  the  log- 
scaled  data  could  have  been  drawn  from  a  normal  distribution  with  a  significance  level  of 
0.2.  This  means  that  one  in  five  datasets  of  this  size  drawn  from  a  true  normal 
distribution  would  have  poorer  fit  to  the  theoretical  gaussian  distribution.  The 
conclusion  is  that  the  third  octave  average  PSD  responses  on  these  components  were 
spatially  lognormal  when  excited  by  a  reverberant  acoustic  field. 

MTAM  ACOUSTIC  TEST 

The  test  article  was  the  Mass/Therraal/Acoustlc  model  (MTAM)  of  the  photovoltaic 
power  management  and  distribution  system  for  the  NASA  Space  Station  Freedom.  The  Work 
Package  Four  team  includes  the  NASA  Lewis  Research  Center,  Rocketdyne  Division  of 
Rockwell  International,  Ford  Aerospace,  and  Lockheed.  Cambridge  Collaborative,  Inc. 
provides  support  to  NASA  Lewis  on  acoustic  and  vibration  analysis.  The  MTAM  prototype 
was  constructed  and  tested  by  Rocketdyne  to  help  verify  the  structural  design  concepts, 
as  well  as  design  analysis  procedures. 

The  major  elements  included  a  structural  strongback  to  support  26  large  component 
boxes,  known  as  orbital  replacement  units  (ORUs);  bulkheads  supporting  a  thermal  radiator 
and  glmbal  cylinders  for  positioning  the  solar  array;  and  four  large  boxes  containing  the 
stowed  photovoltaic  array  blankets.  The  most  sensitive  electronic  equipment,  including 
batteries  for  the  entire  power  system,  Is  to  be  packaged  Into  ORUs  to  facilitate  on-orbit 
replacement.  Figure  1  is  a  sketch  of  the  structural  strongback  with  13  ORUs  on  each 
side.  The  longer  dimension  spans  the  cargo  bay  of  the  shuttle  orbiter  during  launch. 

Each  ORU  is  held  onto  the  structure  by  two  acme  screws — designed  for  quick  removal  and 
replacement  of  the  ORUs  after  the  space  station  is  assembled  and  operational.  The  six 
large  ORUs  on  each  side  contain  the  battery  cells  for  storing  the  solar  energy  converted 
by  the  photovoltaic  array.  The  smaller  ORUs  include  cooling  pumps  and  control 
electronics  for  the  power  management  system. 
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The  MTAM  acoustic  test  was  designed  and  run  by  Rocketdyne  and  took  place  in  October 
and  November  1990  at  the  Martin  Marietta  Waterton  Test  Facility  near  Denver,  Colorado. 

The  vibration  data  gathered  during  the  acoustic  test  was  extensive — 260  channels  of 
narrow  band  (1  Hz  Af)  acceleration  spectra  for  each  of  seven  acoustic  test  levels. 
Twenty-six  trlaxlal  accelerometers  were  allocated  to  the  acme  screw  attachment  locations, 
resulting  In  78  channels  of  vibration  data  for  structurally-similar  locations. 

DATA  REDUCTION 

For  this  study,  data  from  only  the  highest  of  the  seven  acoustic  test  levels  was 
considered.  The  following  steps  were  followed  in  reducing  the  test  data  from  the  acme 
screw  trlaxlal  accelerometers: 

1)  Calculate  one-third  octave  band  averages  of  PSD  for  each  channel  using  1  Hz  narrow 
band  PSD.  Reasonably  good  data  was  available  from  20  Hz  to  3.15  kHz  center 
frequencies  (23  bands). 

2)  Plot  the  reduced  data  on  a  log-log  scale  to  screen  out  any  channels  with  noise 
contamination  or  dropouts.  Five  of  78  channels  were  rejected  due  to  noise 
contamination,  leaving  73  spectra  for  further  analysis. 

3)  In  each  band,  calculate  mean  and  sample  standard  deviation  of  the  third  octave  PSD. 

4)  Convert  the  PSD  data  to  decibels  by  a  10  Log(PSD)  transformation.  In  each  band, 
calculate  decibel  mean  and  sample  standard  deviation. 

5)  Normalize  the  dB  data  to  a  single  zero-mean,  unit- variance  ensemble  by  subtracting 
the  band  mean  from  each  sample  and  then  dividing  the  result  by  the  standard 
deviation  in  that  band. 

Third _0ctave  Averaging  and  Da ta^ Screening 

Figure  2  illustrates  a  typical  third  octave  average  spectrum  compared  to  a  narrow 
band  curve.  The  third  octave  average  is  seen  to  follow  the  trend  of  the  narrow  band 
data,  but  the  peak  levels  are  reduced  about  3  to  6  dB  by  the  band  averaging.  Figure  3  is 
a  surface  plot  of  the  log  PSD  for  all  78  channels  and  23  frequency  bands.  In  Figure  4, 
the  same  data  is  shown  sorted  by  descending  response  in  the  20  Hz  band,  to  show  the 
contamination  by  low-frequency  noise.  One  channel  has  obvious  broadband  noise 
contamination,  and  several  others  appear  to  have  a  suspiciously  linear  frequency 
spectrum.  The  five  channels  with  20  Hz  PSD  greater  than  0.1  g^/Hz  were  rejected  from 
further  processing  because  of  the  apparent  noise  contamination. 


STATISTICS  OF  RESPONSE 

Means  and  sample  variances  in  each  frequency  band  were  calculated  on  both  PSD 
responses  and  PSD  levels  in  decibels. 
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Figure  1.  Sketch  of  the  MTAM  strongback 
with  26  orbital  replacement  units. 


Figure  2.  Example  of  third  octave  average 
data  reduction. 
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Figure  3.  Surface  plot  of  measured  PSD  for  Figure  4.  Data  from  Figure  3  sorted  by  20  Hz 
MTAM  acme  screws.  third  octave. 
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where  N  is  the  number  of  samples  (channels),  m  is  the  mean,  s  is  the  sample  standard 
deviation,  dB^  is  defined  as 


dB, 


10  Log^Q  PSDj^ 


(2) 


(3) 


(4) 
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and  PSDj^  is  the  value  of  the  power  spectral  density  for  the  i'th  accelerometer.  Assuming 
that  the  PSD  responses  are  drawn  from  a  lognormal  distribution,  the  PSD  levels  in  dB  are 
normally  distributed.  The  P95/50  level  is  obtained  from  the  sample  mean  and  the  sample 
standard  deviation  by 


P95/50 


where 
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The  1.645  factor  in  K  is  simply  the  number  of  true  standard  deviations  above  the  mean  for 
the  95th  percentile  in  a  normal  distribution — the  critical  value  of  a  standardized  normal 
distribution  for  a  probability  of  0.95.  The  second  factor  scales  the  sample  standard 
deviation  to  the  true  standard  deviation  with  50%  confidence  [4].  x^(N— 1,.5)  is  the 
critical  value  of  the  chi-square  distribution  with  N-1  degrees  of  freedom  for  a 
probability  of  one-half.  For  large  N  the  second  factor  tends  to  unity.  For  .small 
numbers  of  samples  the  chi-square  distribution  is  highly  skewed,  so  that  even  though  the 
sample  variance  is  an  unbiased  estimate  of  true  variance,  the  50%  confidence  limit  is 
somewhat  higher  than  the  expected  (mean)  value.  For  example,  x^(5~l > • 3)-3 . 36 .  so  that 
rhe  second  factor  in  Eq .  (7)  is  1.09  and  K-1.79  if  there  are  only  5  samples. 


The  value  p  of  the  P95/50  PSD  in  g^/Hz  is  obtained  from  the  P95/50, 
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Similarly,  the  value  of  the  lognormal  mean  in  g^/Hz  is  obtained  from  the  decibel  mean  bv 
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An  alternate  calculation  of  the  P95/50  was  performed  to  check  the  lognormal 
assumption.  If  the  PSD  distribution  is  truly  lognormal,  the  lognormal  mean  and  natural 
log  standard  deviation  can  be  calculated  from  the  corresponding  PSD  statistics  by  [3] 
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where  C  is  the  normalized  variance  of  the  PSD  data 
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Note  from  Eq.  (10)  that  the  PSD  mean  is  always  greater  than  the  lognormal  mean. 
P95/50  PSD  can  then  be  estimated  by 
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This  is  simply  a  restatement  of  Eq.  (6)  and  (8),  using  natural  rather  than  common 
logarithms,  except  that  the  estimates  of  mean  and  standard  deviation  will  be  biased  if 
the  responses  do  not  follow  a  lognormal  distribution.  A  non-dimensional  peak  factor  cai 
be  formed  by  taking  the  ratio  of  p  to  ra 


r  -  P/mp5jj  (14) 

Figure  5  is  a  plot  c  .  r  and  versus  frequency  bands  for  the  MTAM  acme  screw 
acceleration  measurements.  For  this  data,  the  normalized  variance  was  between  1  and  7. 
The  r  ratio  showed  much  less  variation,  staying  between  2.4  and  3.8,  with  an  average 
value  of  3.1  (5.0  dB) .  This  nondimensional  value  can  be  compared  to  similar  calculations 
from  other  data.  Reference  (3]  describes  a  data  study  of  several  reverberant  acoustic 
tests  on  spacecraft  that  suggests  an  r  factor  of  5.5  (7.4  dB)  for  third  octave  bands. 

This  ratio  is  affected  by  damping,  modal  density,  bandwidth,  and  mode  shape  [1]. 

Spectra  of  p,  mpgp,  and  for  the  test  data  are  shown  in  Figure  6.  A 

comparison  between  the  two  calculations  for  the  lognormal  mean  and  P95/50  is  displayed  in 
Figure  7.  The  decibel  mean  curve  given  by  Eq.  (9)  is  the  only  one  of  the  three  spectra 
in  Figure  7  not  dependent  on  the  lognormal  assumption.  The  agreement  between  the  two 
methods  suggests  that  the  distribution  of  the  data  is  very  close  to  lognormal. 


Comparison  to  Theoretical  Distributions 

Test  data  can  be  readily  compared  to  various  theoretical  distributions  by 
constructing  an  observed  cumulative  distribution  function 

S^(x)  -  P(PSD  <  x)  (15) 

that  is  the  probability  that  a  sample  will  be  less  than  a  given  level  x,  with  no  other 
knowledge  than  the  existing  sampled  data.  For  a  set  of  samples,  in  this  case  a  set  of 
PSDs  from  a  given  third  octave  band,  the  function  Is  calculated  by  sorting  the  numbers 
in  increasing  order.  The  PSDs  x^  are  each  assigned  a  probability  value  Sj-i/N,  where  i 
is  their  index  (position)  in  the  sorted  list.  The  resulting  cumulative  distribution 
function  (c.d.f.)  increases  by  a  fixed  value  1/N  at  each  sampled  PSD  value  in  a 
stairstep  curve. 

The  observed  c.d.f.  for  the  73  measured  MTAM  acme  screw  PSDs  from  the  20  Hz  third 
octave  band  are  shown  in  Figure  8.  The  PSD  values  are  plotted  on  the  abscissa  with  a  log 
scale.  Two  theoretical  distribution  functions  are  also  shown  for  comparison  in  Figure  8; 
a  lognormal  and  a  gamma  distribution.  The  lognormal  distribution  was  obtained  by 
normalizing  the  PSD  decibel  levels  to  have  zero  mean  and  unit  variance 

and  assigning  the  standardized  normal  distribution  c.d.f.  FCz^)  as  the  ordinate. 
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Figure  5.  Statistics  of  variation  for 
third  octave  response. 
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Figure  6.  Spectra  of  third  octave  PSD 
statistics . 
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Figure  7.  Spectra  of  statistics  with  and 
without  log  transformation. 


Figure  8.  Cumulative  distribution  function 
of  20  Hz  band  PSD. 
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For  the  gamma  distribution,  as  suggested  by  Lyon  and  Eichler  [1],  the  c.d.f.  is 
given  by 

where  7  is  the  incomplete  gamma  function,  F  is  the  gamma  function,  and  the  arguments  are 

[1] 

(19) 

(20) 


2  ,  2 

®  "  "'PSD^®PSD 


-  ^®'’rpSD/®PSD 


The  20  Hz  data  appears  symmetrical  (on  the  log  scale)  about  the  lognormal  mean,  while  the 
gamma  distribution  is  skewed.  The  fit  to  the  lognormal  curve  is  quite  good. 

Once  the  decibel  levels  are  standardized  to  zero  mean  and  unit  variance  by  Eq.  (16), 
data  from  all  of  the  23  frequency  bands  can  be  combined  into  a  single  set  of  1679 
samples — 73  channels  of  23  bands.  A  histogram  was  constructed  with  bln  edges  from  -5.5 
to  +5.5,  and  with  all  of  the  bins  having  unit  width — 1  standard  deviation.  Figure  9 
shows  the  relative  frequency  of  the  measured  acme  screw  levels  compared  with  that  of  the 
normal  distribution.  The  comparison  is  very  close.  Additional  summary  statistics  on  the 
complete  normalized  dataset  are  shown  in  Table  I. 
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TABLE  I.  SUMMARY  STATISTICS  ON  ACME 
SCREW  LOG  PSD 


Kolmogorov- Smirnov  Test  for  Goodness-of -Fit 
The  c.d.f.  curve  Sj  for  the  complete 
( log- transformed)  dataset  is  shown  in 


Figure  10,  compared  with  the  theoretical 
normal  curve.  The  data  is  nearly 

Statistic 

Test 

Standard  Normal 

indistinguishable  from  the  theoretical  curve 

Value 

Distribution 

over  much  of  the  range.  A  powerful 
quantitative  test  for  goodness-of-fit  with 

N 

1679 

1679 

continuous  data  is  the  Kolmogorov -Smirnov 
test  [6].  The  statistic  for  this  test  is 

Median 

0.038 

0 

the  maximum  absolute  difference  between  the 
observed  c.d.f.  and  the  theoretical  c.d.f. 

Skew 

-0.299 

'  0 

D  -  Max  IF.-S.I  (21) 

i 

Kurtosis 

3.35 

3 

The  larger  D  is,  the  more  confidence  we  have  that  the  test  data  does  not  come  from  the 
assumed  distribution.  Because  the  sampling  distribution  for  D  is  known,  a  probability 
can  be  calculated  of  the  likelihood  that  D  would  exceed  some  value  for  samples  taken 
from  a  known  distribution.  This  probability  can  be  called  the  level  of  significance  for 
setting  a  limit  on  the  maximum  D  that  might  be  accepted  as  being  from  the  assumed 
distribution.  The  level  of  significance  is  usually  set  at  a  relatively  small  value,  such 
as  0.05.  so  that  there  is  only  a  one  in  twenty  chance  of  rejecting  a  sample  actually 
drawn  from  the  assumed  distribution.  A  fairly  rigorous  test  would  set  the  level  of 
significance  to  0.2,  possibly  rejecting  one  in  five  ’’good"  tests.  The  corresponding 
critical  value  of  D  for  a  sample  size  over  35  is  given  by  (6] 

D  (0.2)  -  (22) 

Jn 

which  gives  0^(0 . 2)-0 . 026  for  N-1679.  For  the  data  in  Figure  10,  D-0.022.  which  is  less 
than  Dq(0.2).  The  hypothesis  chat  Che  band  PSDs  follow  a  lognormal  distribution  is 
accepted  at  a  0.2  level  of  significance. 
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Figure  9.  Relative  frequency  distribution 
of  1679  PSD  samples. 
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Figure  10.  Cumulative  distribution  function 
of  log  PSD. 


EXAMPLE  WITH  A  NON -HOMOGENEOUS  DATASET 

Several  of  the  MTAM  structures  had  acceleration  responses  that  were  clearly  bimodal 
at  lower  frequencies,  that  is,  the  responses  split  into  two  groups  with  different  means. 
Five  triaxial  and  eight  uniaxial  accelerometers  were  mounted  directly  to  the  strongback 
structure.  The  triaxial  sensors  were  located  on  Che  interior,  away  from  the  two  end 
bulkheads,  while  the  uniaxial  sensors  were  generally  within  0.4  m  of  the  bulkheads.  All 
of  the  uniaxial  sensors  were  oriented  in  the  z  (normal)  direction.  The  entire  test 
article  was  supported  in  the  z  direction  by  trunnion  pins  on  the  bulkheads,  close  to  the 
corners  of  the  strongback. 

Because  of  the  proximity  of  the  high- impedance  trunnion  supports,  the  eight  uniaxial 
sensor  responses  were  much  lower  below  200  Hz  than  the  fifteen  triaxial  channels. 

Grouping  the  two  sets  of  sensors  into  a  single  dataset  created  a  bimodal  distribution 
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chat  obviously  violated  the  lognormal  assumption  behind  the  P95/50  calculation.  In 
Figure  11,  the  lognormal  mean  in  third  octave  bands  is  displayed  for  the  two  calculation 
methods:  Eqs.  (9)  and  (10);  and  for  two  sample  sizes:  the  15  triaxial  channels  only,  and 
all  23  channels.  Only  the  decibel  mean  calculation  is  significantly  biased  by  the 
inclusion  of  the  eight  low  data  samples.  Figure  12  compares  the  same  datasets  with  the 
two  P95/50  calculation  methods:  Eqs.  (8)  and  (13).  Here  the  inclusion  of  the  eight  low 
data  samples  causes  the  P95/50  prediction  with  the  log  transformation  (decibel,  all)  to 
increase  by  up  to  4  dB.  This  occurs  in  spite  of  the  low  mean  prediction  in  Figure  11 
because  the  low  samples  greatly  increased  the  decibel  standard  deviation. 

CONCLUSIONS 

This  paper  has  described  the  spatial  probability  distribution  of  a  set  of  structural 
responses  measured  during  a  reverberant  acoustic  test  of  the  Mass/Thermal/Acoustic  Model 
(MTAM)  of  the  photovoltaic  power  management  and  distribution  system  for  the  NASA  Space 
Station  Freedom.  Structural  similarity  between  measurement  locations — in  acoustic 
coupling,  structural  damping,  and  impedance — is  important  for  the  assessment  of 
probability  distribution.  While  it  may  be  difficult  to  discard  data  from  the  limited 
quantity  available  from  a  test,  a  reasonable  procedure  would  be  to  separate  data  channels 
that  appear  to  have  a  different  response,  and  to  calculate  separate  P95/50  values  for  the 
different  groups. 

A  statistical  data  study  was  performed  for  a  subset  of  the  MTAM  test  data.  The 
Kolmogorov-Smirnov  test  statistic  indicated  chat  the  third  octave  average  PSD  responses 
on  these  components  were  spatially  lognormal  when  excited  by  a  reverberant  acoustic 
field.  Two  procedures  for  estimating  the  P95/50  level  were  demonstrated  to  agree  well 
for  the  component  attachment  sensors.  One  calculates  the  mean  and  standard  dt-viation  of 
log- transformed  PSD,  while  the  other  uses  PSD  mean  and  standard  deviation  directly.  The 
two  methods  gave  different  results  when  applied  to  another  set  of  responses  that 
contained  several  channels  of  much  lower  response  than  the  majority.  The  dataset  should 
be  at  least  approximately  lognormal  in  order  to  obtain  consistent  results. 
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ABSTRACT 

Two  solutions  (probabilistic  and  deterministic)  for  the  random  vibration  problem  are 
presented  in  this  paper  from  the  standpoint  of  their  applicability  to  predict  the  response  of  ground 
structures  subjected  to  acoustic  loading  during  the  launch  of  a  Space  Shuttle.  Deficiencies  of  the 
probabilistic  method,  especially  to  predict  response  in  the  low-frequency  regime,  prompted  the 
development  of  the  deterministic  analysis,  whi^  offers  a  valid  alternative.  Challenges  associated 
with  the  implementation  of  these  response  solutions  in  a  commercially  available  Finite  Element 
Method  (FEM)  code  are  briefly  addressed. 

INTRODUCTION 

The  design  of  launch  pad  structures,  particularly  those  having  a  large  area-to-mass  ratio, 
is  governed  by  launch-induced  acoustics,  a  relatively  short  random  transient  with  input  pressure 
amplitudes  having  a  non-Gaussian  distribution  (figure  1).  The  factors  inhuencing  the  acoustic 
excitation  and  resulting  structural  responses  are  numerous  and  cannot  be  predicted  precisely.  The 
purpose  of  this  on-going  research  program  at  NASA’s  Kennedy  Space  Center  (KSC)  is  threefold: 

a.  To  characterize  the  launch-induced  acoustic  environment 

b.  To  develop  methods  to  predict  the  response  of  pad  structures 

c.  To  implement  the  proposed  method  in  a  FEM  code 
BACKGROUND 

One  purpose  of  taking  acoustic  measurements  during  Space  Shuttle  launches  is  their 
application  to  structural  response  analysis  and  environmental  testing.  The  choice  of  a  response 
analysis  method  is  subject  to  observations  drawn  from  these  measurements.  Since  the  acoustic 
pressure  field  is  extremely  complex,  it  does  not  lend  itself  to  a  simple  analytical  description  or  field 
idealization  nor  does  there  exist  a  unique  response  analysis  method.  Based  on  experience  and 
observations,  however,  two  different  approaches  (probabilistic  and  deterministic)  to  the  response 
analysis  emerged  [1], 


The  first  approach,  called  probabilistic,  is  based  on  the  classical  solution  of  the  random 
vibration  theory  [2,3].  The  analysis  assumes  a  stationary  input/response  relation  and  requires  a 
definition  of  the  acoustic  field  in  terms  of  power  spectral  density  (PSD)  and  cross-power  spectral 
density  (CPSD).  The  second  approach,  called  deterministic,  is  a  more  recent  development 
prompted  primarily  by  a  deficiency  of  the  former  method  to  predict  response  in  the  low-frequency 
range  of  the  laimch  transient,  where  most  mgjor  pad  structure  resonances  are  observed.  Response 
spectra  (RS),  together  with  pressure  correlation  lengths  (PCL’s),  provide  a  platform  for 
deterministic  analysis  of  structural  responses  [4,5]. 

RESPONSE  ANALYSIS  METHODS 

Probabilistic  Method 

The  exact  solution  for  a  steady-state  response  of  a  linear  structure  in  a  random  stationary 
acoustic  field,  which  may  or  may  not  be  homogeneous,  written  in  terms  of  PSD  and  CPSD  of  modal 
coordinates  is: 
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where  <I>  is  the  solution  matrix  of  k  modal  coordinates  of  k  normal  modes  and  H,„  is  the  matrix  of 
modal  frequency  response  functions  (FRF’s).  0„,  b,  and  dA  are  the  acoustic  load  matrix,  the 
matrix  of  n  modal  displacements  at  n  loaded  points  due  to  k  normal  modes,  and  the  diagonal 
matrix  of  contributory  areas  at  n  nodal  points. 

Major  computational  problems  and  the  complexities  associated  with  the  definition  of  the 
acoustic  load  matrix,  6^,  in  the  exact  solution  necessitated  the  search  for  a  simplified  response 
solution.  This  search  was  also  influenced  by  two  concepts  from  the  theory  of  random  processes: 
the  white  noise  excitation  having  a  PSD  of  a  constant  intensity,  K  psi’/hertz,  which  extends  from 
zero  to  an  infinite  frequency;  and  the  white  noise  decay,  which  defines  CPSD  of  a  white  noise 
excitation.  The  variation  of  a  white  noise  CPSD  along  a  single  axis,  x,  between  points  x,  and  x, 
is  defined  by: 

^  '  «P(-o  I  I  )  •  e^-jpu(;^-z,))  (2) 

where  a  and  P  are  constants  that,  presumably,  may  be  adjusted  to  fit  experimental  data.  Terms 
containing  a  and  P  are  magnitude  and  phase  expressions  of  white  noise  decay  in  equation  2. 

The  concept  of  white  noise  decay  and  the  possibility  of  an  analytical  definition  appeared  to 
have  facilitated  the  definition  of  6^,  in  equations  1  and  2.  Recent  research  has  indicated  that  this 
is  true  even  if  the  acoustic  field  is  not  a  white  noise  [of  constant  intensity  K,  but  characterized  by 
a  frequency-dependent  PSD  given  by  Sp(f)].  Then  the  matrix  may  be  normalized  by  a  scalar 
function  Sp(f),  so  that: 

e_  =  •  Nc 

^  '  (3) 

KOI  KOI 

where  Nc  is  the  matrix  of  normalized  CPSD  (NCPSD).  The  concept  of  such  normalization  may  be 
applied  to  any  type  of  acoustic  field.  In  a  homogeneous  acoustic  field,  main  diagonal  elements  of 
Nc  are  all  constant,  real,  and  equal  to  1.0.  Phase  relations  in  Nc  remain  the  same  as  in  6^^.  If 
the  field  is  assumed  to  have  white  noise  decay,  then  off-diagonal  elements  are  complex  analytical 
functions  and  are  given  by  the  right-hand  side  of  equation  2  except  for  the  K  term. 

It  is  important  to  note  two  limitations  of  a  white  noise  decay  field.  First,  the  magnitude  is 
not  a  function  of  frequency;  and  secondly,  the  phase  is  a  linear  function  of  frequency  with  a  slope 
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being  proportional  to  the  relative  distance  X]-x„  in  equation  2.  Contrary  to  the  assumptions  of  a 
white  noise  decay  model,  Shuttle  measurements  in^cate  a  strong  dependence  on  Mag(Nc)  on 
frequency.  Consequently,  response  predictions  made  by  FEM  programs  that  do  not  allow  input 
of  frequency-dependent  and  general  complex  functions  in  the  definition  of  6^  or  Nc  matrices  will 
not  be  accurate.  Moreover,  the  measurements  confinn  a  linear  phase  trend  with  frequency  and 
the  dependence  of  slope  on  relative  distance,  this  dependence  is  not  quite  linear  (figure  2). 

Deterministic  Solution 

The  basic  premise  behind  the  concept  of  response  spectra  is  that  a  total  structural  response 
consists  of  uncoupled  responses  in  individual  structural  vibration  modes.  Then,  the  response  in 
a  mode  can  be  obtained  by  integrating  the  equation  of  motion  for  that  mode  in  the  time  domain. 
If  the  time  history  of  a  generalized  modal  load  is  known,  then  the  integration  is  possible  and  it 
does  not  matter  whether  or  not  the  generalized  modal  load  is  a  random  transient.  In  this  integra¬ 
tion  process,  the  input  is  treated  as  a  deterministic  pressure  time  history;  however,  the  definition 
of  a  corresponding  generalized  modal  load  contains  elements  of  a  random  response  analysis,  and 
it  is  uniquely  related  to  the  PSD  of  the  generalized  modal  load  contained  in  equation  1. 

A  given  transient  pressure  time  history,  p(t),  has  a  PSD,  Sp(0,  which  is  derivable  by  a  normalized 
averaging  procedure  and  does  not  require  an  assumption  of  a  stationary  random  process.  An 
examination  of  two  NCPSD’s  based  on  past  Shuttle  launches  for  "short"  and  "long"  processing 
intervals  indicates  similarity,  regardless  of  p(t)  being  a  transient.  Therefore,  functions  derivable 
from  NCPSD’s,  such  as  PCL’s  and  correlated  pressure  distribution  (CPD),  may  be  assumed  to  be 
time  invariant  for  the  duration  of  the  launch  pressure  transient.  Consequently,  for  a  structural 
vibration  mode,  the  product  of  a  normal  modal  displacement  and  a  corresponding  CPD  is  also  time 
invariant.  'This  product,  when  integrated  over  the  area  of  the  structure,  defines  a  generalized 
modal  load  for  a  constant  and  unit  p(t).  Thus,  for  a  time  variable  p(t),  the  generalized  modal  load 
for  a  j-th  mode  is  proportional  to  p(t),  and  may  be  written  as  follows: 

GL/t)  =  AJ^  •  p(0  (4) 

where  AJj  is  the  above-mentioned  integrated  product,  independent  of  time.  The  PSD  of  a 
generalized  modal  load  is  given  by: 

Sglf  (0  =  (A//  •  SJ^  (5) 

The  equation  of  motion  for  a  j-th  mode  (omitting  the  subscript  for  brevity)  in  terms  of 
generalized  modal  coordinate,  q,  is: 

^  +  25Q4  +  Q’q  =  (A//AO  pfO 

where  M,  D,  and  %  are  parameters  of  the  j-th  mode,  generalized  modal  mass,  circular  resonance 
frequency,  and  modal  damping.  The  equation  of  motion,  equation  6,  is  solved  (integrated)  for  a 
variable  q/(AJ/M),  assuming  zero  initial  conditions  and  an  array  of  frequencies,  f  =  D/2r,  so  as  to 
include  resonances  of  all  modes  of  interest.  Similar  to  well-known  shock  spectra,  only  the  peak 
(maximax)  values  are  retained  in  the  solution.  Since  a  solution  corresponds  to  each  of  the 
assumed  fiequencies,  q  =  q(D,  for  presentation  purposes  the  plotted  variable  on  response  spectra 
plots  is; 

Y(/)=q(/>  I 


Then,  in  applications,  the  maximax  value  of  q(D  is  obtained  from  the  plotted  quantity  Y(f), 
as  follows: 

(Af/M/O)’)  (8) 


99 


using  values  of  AJ,  M,  and  q>  =  O  for  a  particular  mode  of  interest.  When  response  coordinates 
are  computed  for  k  modes,  it  is  convenient  to  arrange  them  as  main  diagonal  elements  of  a  k^k 
maximax  response  matrix  Q.  Then  peak  response  values,  R„  of  internal  stresses,  reactions,  etc., 
are  computed  by  a  simple  multiplication  of  a  stress  matrix,  S,,  due  to  normalized  modes  by  the 
peak  values  of  corresponding  modal  response  coordinates: 


J*.  =  S,  Q 

Ixk  Ixk  kxk 


(9) 


The  total  response  from  all  k  modes  is  usually  computed  as  a  square  root  of  the  sum  of 
squared  responses  of  individual  modes.  Responses  in  closely  spaced  modes  are  often  summed  up 
directly.  The  m^or  diilicidty  in  obtaining  a  response  solution  by  means  of  response  spectra  is  in 
the  computation  of  the  AJ-factor  associated  with  each  generalized  modal  load.  Reference  [5] 
addresses  this  problem  and  provides  diagrams  of  J-coeffidents  for  a  few  types  of  beam  structures 
(corresponding  A  is  a  normalizing  constant  equal  to  a  beam  span).  Whenever  a  complete  (in  all 
three  dfrections  in  space:  X,  Y,  and  Z)  set  of  NCPSD’s  are  available,  AJ-factors  can  be  computed 
"exactly"  for  any  type  of  structure  by  means  of  equation  11. 

The  deterministic  solution  also  has  its  drawbacks.  The  main  drawback  is  the  peak 
generalized  modal  load  that,  in  multispan  structures  and  in  modes  higher  than  fundamental,  may 
require  a  few  trials  in  order  to  ensure  an  absolute  peak. 

Deterministic  Versus  Probabilistic 

The  relation  between  deterministic  and  probabilistic  solutions  is  much  doser  than  it  appears 
to  be,  although  the  results  of  analysis  by  each  method  may  differ.  An  important  relation  between 
the  two  is  obtained  by  the  comparison  of  PSD’s  of  generalized  modal  loads  defined  by  each  type 
of  solution.  For  the  probabilistic  solution,  from  equations  1  and  3,  the  PSD’s  are  defined  by  the 
main  diagonal  elements  of  the  matrix: 
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nxH  nxn  nxn 
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where  S,(f)  is  a  scalar  multiplier  with  a  physical  meaning  of  an  acoustic  pressure  PSD.  The 
matrix  in  brackets  is  a  complex  Hermitian  fimction  of  frequency,  since  its  component  matrix  Nc 
is  Hermitian  and  frequency  dependent.  A  corresponding  deterministic  definition  of  generalized 
modal  load  PSD’s  is  given  in  equation  5.  Note  that  each  AJ^  term  in  equation  5  is  a  function  of 
a  discrete  resonance  frequency  of  j-th  normal  mode. 

By  equating  5  and  10  and  cancelling  Sp(0  appearing  on  each  side  of  the  equation: 

\AJj  =  DIAG^  [b^  •  dA  ■  Nc  ■  dA  (11) 

where  DIAGj,  designates  a  j-th  element  on  the  main  diagonal  of  the  matrix  in  brackets,  computed 
at  the  frequency  ^  of  the  j-th  mode  resonance.  Thus,  each  method  (probabilistic  or  deterministic) 
defines  a  genermized  modal  load  and  its  PSD  in  a  consistent  maimer  through  identical 
computations. 

Factors  AJ(f)  in  equation  11  define  a  vibroacoustic  coupling  between  a  structure  through  its 
modal  matrix  b,  and  an  acoustic  field  correctly  characterized  by  its  matrix  Nc  of  NCPSD’s.  ’This 
definition  of  AJ(f)  is  a  smooth  and  continuous  function  of  frequency.  Beyond  this  common  point 
at  equation  11,  the  probabilistic  and  deterministic  methods  of  response  analysis  diverge.  ’The 
details  differentiating  a  probabilistic  from  a  deterministic  approach  to  response  analysis  are 
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addressed  in  three  areas;  the  account  of  modal  couplii^,  computations  of  peak  responses,  and  the 
effect  of  basic  assumptions  inherent  in  the  probabilistic  method. 

Effect  of  Modal  Coupling 

Whereas  a  probabilistic  solution  provides  an  exact  account  of  coupling  between  different 
modes,  the  deterministic  solution  does  not  account  for  modal  coupling.  The  question  is  how 
important  is  this  modal  coupling  effect;  when  and  where  does  it  occur;  and  can  it  be  neglected  in 
the  analysis? 

Modal  coupling  (energy  transfer  between  closely  spaced  modes)  becomes  significant  for  two 
reasons:  (1)  the  spacing  between  resonant  frequencies  is  less  than  the  larger  half-power-point 
bandwidth  of  adjacent  resonances  and  (2)  when  modal  displacements  of  coupled  modes  overlap 
within  a  substantial  area  of  a  structure. 

An  examination  of  measured  strain  PSD’s  on  diverse  laimch  pad  structures  did  not  disclose 
any  merged  or  closely  spaced  peaks  in  the  PSD’s.  Peaks  corresponding  to  fundamental  modes 
governing  the  design  were  all  distinct  in  these  strain  data.  Modal  coupling  commonly  occurs 
between  much  higher  modes  than  the  fundamental,  especially  in  the  high-frequency  range  where 
modal  density  is  also  high;  but  these  modes  seldom  if  ever  govern  the  design  of  launch  pad 
structures  having  resonances  below  20  hertz. 

Mean  Square  Versus  Peak  Response 

The  probabilistic  method  computes  a  mean  square  value  of  the  response.  The  peak 
response,  required  in  design  applications,  has  to  be  estimated  from  a  probabilistic  distribution  of 
amplitudes,  which  is  most  often  assumed.  More  often  than  not,  experimental  data  on  amplitude 
probability  distributions  is  lacking,  while  data  on  joint  probabilities  is  totally  nonexistent.  Thus, 
a  designer  has  little  choice  but  to  assume  a  normal  distribution.  Shuttle  measurements  are  clearly 
non-Gaussian. 

The  deterministic  method,  however,  computes  a  peak  response.  Since  input  response 
spectra  (RS)  are  obtained  from  Shuttle  measurements,  computed  peak  responses  reflect  a  prior 
experience,  eliminating  the  need  to  resort  to  a  hypothetical  distribution.  Clearly,  penalty  for 
Gaussian  distribution  assumption  leads  to  a  22-percent  error  in  design  values. 

Stationary  Versus  Transient  Response 

The  probabilistic  solution  contains  an  inherent  assumption  that  the  input  is  a  stationary 
(weakly  stationary)  random  process.  Consequently,  the  response  is  also  a  stationary  random 
process,  although  solutions  exist  for  a  case  when  a  structure  is  being  excited  from  zero  initial 
conditions  (the  input  still  must  remain  stationary  for  the  theory  to  apply). 

In  reality,  actual  input  is  a  transient  with  a  duration  that  for  some  frequencies  does  not 
contain  a  sufficient  number  of  cycles  to  induce  a  full  resonance.  Vibration  modes  with  resonances 
below  20  hertz  are  never  fully  excited.  If  one  considers  that  practically  all  fundamental  resonances 
of  launch  pad  structures  and  their  elements  are  below  20  hertz,  and  most  are  below  even  10  hertz, 
then  the  use  of  the  probabilistic  method  leads  to  overestimation  of  the  predicted  responses.  A 
deterministic  solution  fully  accoimts  for  the  transient  characteristic  of  an  input  pressure  time 
history.  To  appreciate  the  full  effect  of  a  lift-off  transient  (on  these  response  solutions),  the  reader 
is  directed  to  compare  response  spectra  and  power  spectra  for  the  Shuttle  (figure  3). 

FINITE  ELEMENT  IMPLEMENTATION 

In  the  past,  only  PSD’s  were  used  in  applications,  while  CPSD’s,  required  for  the  solution 
to  be  realistic  and  accurate,  were  substituted  by  assumed  models  of  acoustic  fields.  One  such 
model,  called  white  noise  decay,  was  incorporate  into  a  widely  used  FEM  code  [6]  for  random 
response  analysis  application.  For  example,  the  widely  used  MSC/NASTRAN  program  accepts  only 
a  constant  and  frequency-independent  ^finition  of  ffie  Nc  matrix  (X+iY  terms).  It  is  clear  from 
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Shuttle  measurements  that  the  white  noise  decay  model  does  not  reflect  the  reality  of  the  launch- 
induced  acoustic  field  as  outlined  in  the  section.  Probabilistic  Method. 

The  definition  of  the  acoustic  load  matrix  &„,  in  the  probabilistic  solution  (equation  1)  is 
a  formidable  task  even  if  it  were  available.  It  reqtiires  the  definition  of  a  CPSD  between  any  two 
loaded  points  of  a  structiu'al  model.  For  example,  a  structure  with  50  loaded  points  reqvdres  as 
many  as  2,500  complex  (real  and  imaginary)  functions.  Thus,  most  F£M  codes  never  incorporated 
exact  solutions  in  their  programs.  A  few  codes  (ASKA  11,  NISA  II,  etc.)  allowed  an  unrestricted 
definition  of  real  components  only  [7,8].  Recently,  NISA  11  has  incorporated  a  general  form  of  6„, 
which  includes  both  real  and  imaginary  functions.  However,  the  problem  of  inputting  a  large 
number  of  complex  functions  still  exists. 

Presently,  the  response  spectra  method  has  a  drawback.  There  is  not  a  single  commercial 
FEM  code  that  has  the  capability  to  use  response  spectra  (the  deterministic  method).  Their  use 
has  been  limited  to  simple  structures  where,  after  modal  analysis  is  completed,  responses  could 
be  computed  manually.  Thus,  both  deterministic  and  probabilistic  methods  face  a  setback  at  the 
present  time. 

SUMMARY  AND  CONCLUSIONS 

This  paper  attempts  to  focus  on  the  missing  characteristics  of  an  acoustic  field  that  involves 
cross-functions  and  defines  the  vibroacoustic  coupling  between  the  structure  and  the  acoustic  field. 
The  focus  is  on  the  normalized  form  of  CPSD  (NCPSD)  rather  than  CPSD.  The  former  is  more 
general  than  the  latter  for  characterizing  the  observed  acoustic  field  and  may  even  be  transport¬ 
able  to  other  pad  locations.  The  probabilistic  solution  for  a  mean  square  response  and  a 
deterministic  solution  based  on  response  spectra  both  require  information  contained  in  NCPSD’s. 
Literally,  thousands  are  needed  in  the  probabilistic  method;  however,  only  a  few  are  needed  in  the 
deterministic  method.  NCPSD’s  are  also  a  sole  source  for  computing  PCL  and  CPD  required  by 
the  deterministic  method. 

In  this  paper,  the  state-of-the-art  probabilistic  solution  is  reviewed  and  its  critique  presented 
to  alert  the  user  about  differences  between  the  exact  solution  and  its  simplified  versions 
implemented  in  various  commercially  available  FEM  codes.  Besides  describing  a  basic  theory 
behind  the  concept  of  response  spectra  (used  in  the  deterministic  method),  a  critical  comparison 
of  both  the  probabUistic  and  the  deterministic  methods  of  response  analysis  is  outlined.  Perhaps 
the  usefulness  of  each  method  should  be  judged  on  how  well  the  launch  environment  fits 
assumptions  of  each  model.  It  should  not  be  surprising  to  find  that  within  a  certain  range  of 
parameters,  fiequencies,  etc.,  either  method  may  be  preferred  over  the  other.  Within  the  low- 
fiequency  range  (0  to  20  hertz)  of  launch  pad  structure  resonances,  however,  the  deterministic 
method  is  simpler,  more  feasible,  and  more  accurate  than  the  probabilistic  solution,  thereby, 
offering  a  valid  alternative  technique  [1,9]. 

In  spite  of  limitations,  both  methods  have  a  rightful  place  in  the  analysis,  and  should  be 
evaluated  further.  Future  effort  should  be  directed  toward  implementation  of  these  methods  in 
a  commercially  available  FEM  code  for  general  purpose  application. 
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Figure  1.  Time  Periods,  Intervals  of  the  Launch  Environment, 
and  Typical  Acoustic  Input/Strain  Response  Distribution 


Figure  2.  Normalized  Mean  Pressure  Cross  Power  Spectra 
Magnitude  and  Phase 
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Figure  3.  Lifl-OfiFPeak  Pressure  Power  Spectra  and 
Response  Spectra  on  the  FSS  at  125  Feet 
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ABSTRACT 

Sonic  boom,  the  audible  shock  pattern  of  a  supersonic  vehicle,  is  an  Important  issue  for 
contemplated  advanced  supersonic  transports  and  for  operation  of  supersonic  military  aircraft. 
Physical  realities  make  sonic  boom  unavoidable.  However,  there  are  promising  opportunities  to 
shape  sonic  booms  from  supersonic  transports  so  that  their  perceived  loudness  may  be 
acceptable.  Current  efforts  toward  developing  acceptable  minimum-boom  aircraft  are 
discussed.  These  Include  both  aircraft  confl^ration  studies  and  psychoacoustic  studies  to 
establish  acceptability  criteria.  Atmospheric  turbulence  is  known  to  distort  sonic  booms.  The 
potential  for  turbulent  distortion  to  affect  the  loudness  of  sonic  booms  is  discussed. 

GENERATION  OF  SONIC  BOOM 


The  pressure  field  around  a  slender  axisymmetrlc  body  travelling  at  supersonic  speed  is 
given  by:  1 ’2 


8p  (X  -  pr,r)  =  p„ 


(1) 


where 


p  =  pressure 

Po  =  undisturbed  ambient  pressure 
X  =  axial  coordinate  (body  flxedl 
r  =  radius 

Y  =  ratio  of  specific  heats 

M  =  Mach  number 

P  =  1  =  Prandtl-Glauert  factor 


and 


Fix) 


A"  (x)  , 

(x-y>« 


(2) 


where  A  is  the  cross-sectional  area  of  the  body  as  measured  by  the  normal  projection  of  cuts 
along  planes  aligned  with  the  Mach  angle  4  =  sin-‘  (1/M).  The  quantity  F(x)  is  known  as  the 
Whltham  F-functton.*-*  and  represents  the  normalized  amplitude  pattern  of  a  cylindrical 
acoustic  wave.  Noting  that  the  second  derivative  of  A  with  respect  to  the  axial  coordinate 
appears  in  Eq.  (2),  it  is  straightforward  to  interpret  Eq.  (2)  as  an  axial  distribution  of  simple 
sources. 
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Eqs.  (1)  and  (2)  were  derived  for  an  axlsymmetrlc  body.  Walkden^  showed  that  the  same 
form  applies  to  complete  aircraft  bj'  considering  particular  azimuthal  directions 
(l.e..  downward,  to  the  side,  etc.)  and  replacing  area  A  with  an  equivalent  area  representing 
combinations  of  the  fuselage  area,  wing  thickness,  a  component  of  lift,  and  contributions  due  to 
wlng/fuselage  Interference.  E^ach  component  of  equivalent  area  depends  on  Mach  cuts  and 
load  components  aligned  with  the  particular  azimuth.  It  Is  common  to  view  the  equivalent  area 
and  resultant  F-functlon  to  be  a  combination  of  volume  and  lift  components.  For  simple 
configurations,  the  volume  component  Is  axlsymmetrlc  and  the  lift  component  depends  on  the 
cosine  of  the  azimuth.  It  is  important  to  note  that  the  net  boom  depends  on  the  combination 
of  components.  Desired  low-boom  F-functlons  are  obtained  by  balancing  the  components, 
analogous  to  minimization  of  supersonic  wave  drag  by  area  rule  techniques. 

The  F-functlon  Is  derived  from  linearized  supersonic  flow  theory  which  was  originally 
developed  to  calculate  aerodynamic  loads,'*'^  and  Is  intimately  related  to  those  loads.  Attempts 
to  avoid  sonic  boom  by  devising  vehicles  with  zero  F-functlons  have  Inevitably  met  with  failure. 
Certain  unique  bodies  (the  Busemann  biplane  and  Ferrl  rlrjg  wing)  have  finite  volume  but  zero 
F-funcUon.  They  also  have  zero  lift  and  zero  drag,  and  substantial  practical  difficulties.  With 
regard  to  the  component  of  boom  due  to  lift,  conservation  of  momentum  dictates  that  this 
must  reach  the  ground.  Reference  6  contains  a  good  evaluation  of  certain  classes  of  apparently 
boomless  aircraft.  While  unique  boomless  configurations  can  be  entertaining  (as  can  sleight  of 
hand),  they  are  beyond  the  scope  of  this  paper.  That  sonic  booms  w"!!  reach  the  ground  Is 
Inevitable.  It  is  not,  however.  Inevitable  that  they  will  be  a  problem,  as  will  be  discussed 
shortly. 

PROPAGATION  AND  AGING 

Eqs.  (1)  and  (2)  describe  linear  acoustic  waves  propagating  cyllndrlcally  In  a  uniform 
medium.  As  sonic  booms  propagate  toward  the  ground,  two  significant  phenomena  occur; 

•  Temperature  and  wind  gradients  cause  the  waves  to  curve,  affecting  amplitudes  and 
location  somewhat.  Amplitude  Is  also  affected  by  acoustic  Impedance  gradients. 
Except  for  particular  situations  (focusing  and  locations  where  rays  curve  upward),  the 
Impedance  gradient  affects  amplitude  much  more  than  refraction  does. 

•  Although  wave  amplitudes  are  sufficiently  weak  for  Eqs.  (1)  and  (2)  to  be  valid  near 
the  aircraft,  they  are  sufficiently  strong  that  over  long  propagation  distances  they 
cause  significant  distortion  to  the  shape  of  the  boom.  The  Increasing  distortion 
accompanying  increasing  distance  (or  increasing  propagation  time)  is  often  referred 
to  as  a^g. 

These  two  phenomena  are  Illustrated  In  Figure  1.  Refraction  causes  the  general  con¬ 
cavity  of  the  wave  pattern.  Nonlinear  distortion  is  illustrated  by  sketches  of  the  wave  at  three 
distances.  Nonlinearity  manifests  Itself  In  positive  portions  of  the  wave  propagating  faster,  and 
negative  portions  slower,  so  that  the  wave  "steepens",  and  shock  waves  will  eventually  form. 
Landau^  showed  that  the  ultimate  shape  of  a  weak  positive  pulse  Is  triangular:  a  shock  followed 
by  a  linear  expansion.  For  an  aircraft  signature  which  Is  generally  positive  In  the  front  and 
negative  In  the  rear,  the  asymptotic  far  field  shape  is  an  N-wave,  shown  at  the  bottom  of 
Figure  1.  N-waves  were  experimentally  demonstrated  by  DuMond  etoi®  In  the  1940s. 

In  the  early  1950s.  Whitham  developed  his  elegant  rule  for  calculating  aged  signature 
shapes.  His  rule  is  a  second-order  theory,  presented  in  the  context  of  being  a  uniformly  valid 
first-order  theory.  He  began  with  the  premise  that  the  linear  acoustic  solution  gave  the 
amplitude  correct  to  first  order.  This  solution,  however,  gave  a  wave  location  based  on  acoustic 
propagation,  which  was  exact  only  for  infinitesimal  waves;  a  zero  order  result.  His  rule  was 
thus  to  accept  the  pressure  given  by  Ek}.  (1),  but  to  correct  the  location  (the  argument  of  F.  x  - 
pr)  to  first  order.  The  ambient  sound  speed  is  replaced  by  the  first-order  perturbed  sound 
speed.  Since  this  is  a  linear  adjustment,  the  distortion  of  each  element  of  the  signature  is 
proportional  to  its  amplitude.  A  simple  construction  yields  the  shape  of  an  aged  signature,  as 
sketched  In  Figure  2.  At  some  point,  however,  a  positive  slope  will  steepen  into  a  shock  wave. 
Continuation  of  the  second-order  steepening  construction  yields  an  Impossible  triple-valued 
region.  By  Incorporating  the  linearized  Ranklne-Hugonlot  shock  relations,  Whitham  explicitly 
accounted  for  shock  formation.  He  also  showed  that  the  location  of  the  shock  was  determined 
by  a  simple  area  balance  (sketched  as  the  shaded  regions  in  Figure  2)  of  the  second-order 
(l.e..  first-order  corrected  location)  construction.  It  Is  fascinating  to  see  that  Whitham's  rule, 
which  is  presented  as  a  "uniform  first  order"  theory  and  Is  usually  viewed  as  second  order, 
actually  Incorporates  (via  the  shock)  third-order  elements. 
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Whltham  showed  that  the  asymptotic  far-fleld  signature  was  an  N-wave.  and  that  the 
amplitude  depended  only  on  an  Integral  of  the  F-functlon.  This  far-lleld  result  applies  when  so 
much  aging  has  occurred  that  most  of  the  original  signature  has  been  absorbed  Into  the  shock. 
The  loss  of  Information  of  the  original  signature  corresponds  to  the  entropy  Increase.  The 
presence  of  the  shock  also  provides  an  Implicit  accounting  for  dissipation.  TTie  amplitude  of  a 
cyllndrlcally  spreading  N-wave  In  a  uniform  atmosphere  decays  with  distance  as  r^/*,  versus 
for  a  linear  acoustic  wave. 

Whltham's  result  that  the  far-fleld  N-wave  result  Includes  the  aircraft  only  as  an  integral 
of  the  F-functlon  enables  the  development  of  simple  scaling  laws.  If  equivalent  area  Is  written 
as  a  normalized  form,  one  can  derive  this  Integral  as  a  product  of  alrcr^t  length,  weight,  and  a 
"shape  factor".  This  was  exploited  by  Carlson  in  a  simplified  boom  calculation  scheme.®  For 
the  present  discussion,  a  significant  result  of  Carlson's  analysis  Is  that  shape  factors  do  not  vary 
substantially  between  aircraft  types:  for  a  given  length  and  weight,  there  Is  perhaps  a 
20  percent  difference  across  most  aircraft  types.  Length  and  weight  enter  the  scaling  laws  as 
fractional  powers,  so  that  doubling  or  halving  size  or  weight  ^ects  boom  by  less  than  a 
factor  of  two, 

FAR-FIELD  VERSUS  MID-FIELD  SIGNATURES 

The  relative  insensitivity  of  N-wave  booms  to  aircraft  configuration  and  size  presents  an 
apparently  bleak  situation  for  reducing  boom.  The  two  shock  waves  in  an  N-wave  are  obviously 
Intrusive,  containing  substantial  acoustic  energy  within  the  audible  frequency  range.  Virtually 
all  flight  test  results  showed  N-waves,  In  good  agreement  with  the  Whltham/Walkden  theory. 
Except,  however,  for  the  occasional  extra  detail  seen  In  booms  from  large  aircraft  such  as 
the  B-70. 

A  significant  turning  point  In  boom  minimization  was  the  observation  by  McLean*®  that 
N-waves  were  not  Inevitable.  For  most  supersonic  aircraft  -  fighters  less  than  100  feet  long  - 
far-fleld  N-wave  conditions  were  usually  satisfied.  For  large  aircraft,  of  length  several  hundred 
feet,  he  noted  that  distortion  due  to  aging  was  not  necessarily  large  compared  to  the  original 
signature  length.  Signatures  at  the  ground  would  be  mid-field,  retaining  some  details 
associated  with  the  aircraft's  detailed  configuration,  rather  than  far-field  N-waves.  This 
observation  raised  the  possibility  of  designing  booms  which,  while  obeying  the  laws  of  physics, 
would  have  a  different  (and  possibly  less  Intrusive)  shape  than  N-waves. 

LOW-BOOM  SIGNATURES  AND  THEIR  LOUDNESS 

If  the  frequency  spectrum  of  an  N-wave  boom  Is  considered,  most  of  the  audible 
frequency  content  is  associated  with  the  shock  waves.  Duration  of  a  boom  affects  only  the 
lowest  frequencies.  Low-boom  concepts  concentrate  on  this  aural  dominance  of  the  shock 
waves  In  the  perception  of  booms.  Concepts  for  shaped  low  booms  thus  center  on  shock 
amplitude  being  the  single  most  import.'  nt  parameter,  to  be  minimized  with  little  regard  for 
the  effect  on  other  parts  of  the  signature 

Figure  3  shows  potential  low-boom  signatures  based  on  "reduce  the  shock"  concepts. 
Relative  to  a  "normal"  N-wave  (a),  one  might  use  added  aircraft  length  to  obtain  reduced  shocks 
at  the  cost  of  greater  duration  (b).  A  flat-top  boom  (c)  considers  that  shocks  may  be  reduced 
without  paying  a  duration  penalty  if  plateaus  are  allowed  after  the  bow  shock  and  before  the 
rear  shock.  Ihe  plateaus  are  considered  to  be  Inaudible.  A  minimum-shock  boom  (d)  is  an 
extension  of  this  concept,  in  that  there  could  be  maxima  not  associated  with  the  shocks.  The 
signature  shape  near  each  maximum  is  sufficiently  smooth  that  only  low  frequencies,  below  the 
range  of  hearing,  are  Involved. 

N-wave  sonic  booms  have  tended  to  be  described  only  by  thdr  peak  overpressure,  which 
Isolated  sonic  boom  response  studies  from  the  mainstream  of  psychoacoustic  descriptors. 
Several  researchers  have  applied  noisiness**  or  loudness*^  metrics  to  N-wave  booms,  with 
satisfactory  results.  A  key  issue  Is  whether  such  metrics  can  accurately  predict  the  perceived 
loudness  of  shaped  minimum  booms.  This  was  answered  In  dramatic  fashion  by  a  recent  study 
at  NASA-Langley.*®  where  human  subjects  were  exposed  to  a  variety  of  N-wave  and  shaped 
booms  In  a  sonic  boom  simulator.  Annoyance  ratings  by  the  subjects  were  Interpreted  as 
subjective  loudness,  and  correlated  with  various  calculated  metrics.  Figure  4  shows  the  results 
for  peak  overpressures  and  the  loudness  method  of  Reference  12.  which  is  based  on  Stevens 
Mark  VII  loudness.  Peak  pressure  Itself  Is  a  poor  predictor,  but  loudness  (perceived  level) 
shows  excellent  correlation  with  sul^ectlve  loudness. 
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The  significance  of  Figure  4  cannot  be  overemphasized.  The  potential  benefit  of  shaped 
signatures  Is  no  longer  based  on  qualitative  speculation  of  the  Importance  of  the  shocks,  but  is 
quantified  by  a  mainstream  psychoacoustic  metric.  While  these  results  were  for  booms  as 
heard  outdoors,  analysis  of  the  transmission  of  booms  Into  structures  Indicate  that  the  audible 
benefit  of  shaped  booms  applies  indoors  as  well.*^  The  effect  of  shaped  booms  on  structures 
(including  secondary  effects  such  as  rattle)  is  not  yet  clear,  but  studies  are  In  progress. 

DESIGNING  FOR  LOW  BOOM 

Designing  a  low-boom  aircraft  Is  an  inverse  process,  conducted  In  two  stages.  First,  It  Is 
necessary  to  taow  what  kind  of  F-functlon  will  age  into  the  desired  shape.  Second,  it  Is 
necessary  to  establish  what  configuration  will  yield  fiat  F-functton.  Neither  step  has  a  unique 
solution.  The  first  step  Is  particularly  difficult  when  considering  the  entropy  Increase  as  a 
signature  ages. 

The  first  stage  has  been  solved  for  N-waves.  flat-top  and  minimum  shock  signatures. 
Using  calculus  of  variations,  Jones*®  demonstrated  that  a  minimum  far-fleld  N-wave  would 
result  from  an  impulsive  (delta  function)  F-functlon.  George*®  noted  that  at  a  mld-fleld  position 
this  would  yield  an  N-wave  of  some  amplitude.  If  the  F-functlon  has  an  impulse  followed  by  a 
plateau  of  that  amplitude,  the  result  is  a  flat-top  boom.  If  a  compression  follows  the  Impulse, 
with  slope  gentle  enough  that  a  shock  does  not  form,  a  minimum  shock  signature  results. 
Figure  5  Illustrates  George's  general  low-boom  F-functlon,  considering  both  front  and  rear  shocks.” 

George's  result  Is  valuable  for  two  reasons.  First,  It  provides  an  optimum  solution  to  a 
formally  Intractable  problem.  Second,  it  is  a  form  which  Is  mostly  straight  lines  and  can  be 
easUy  described  by  about  half  a  dozen  parameters.  This  eases  the  second  part  of  the  problem, 
establishing  a  configuration  to  achieve  the  F-functlon.  Eq.  (2)  can  be  inverted  to  yield  Ihe 
required  equivalent  area  distribution,  and  for  the  parameterized  George  F-functlon  this  step  Is 
essentially  algebraic. 

The  above  process  does  not  uniquely  determine  a  configuration.  First,  the  number  of 
parameters  In  the  F-functlon  will  not  necessarily  correspond  to  the  number  of  Independent 
design  variables  available.  Second,  the  equivalent  area  distribution  can  be  any  combination  of 
lift  and  volume.  The  result  of  the  process  Is  additional  constraints  to  consider  in  aircraft 
configuration  design.  A  number  of  parametric  studies  have  been  performed  evaluating  tradeoffs 
between  low  boom  and  performance.  Reference  18  Is  a  very  good  example  of  such  analyses. 

Two  particular  aspects  of  George's  minimum  F-functlon  are  the  initial  impulse  and  the 
slow  growth  of  effective  area  following  the  Impulse,  The  Impulse  requires  high  load  at  the 
nose,  which  Is  often  Implemented  by  blunting  the  nose.  This  incurs  a  drag  penalty,  offset 
somewhat  by  the  fact  that  there  Is  less  drag  away  from  the  nose  and  that  Interior  room  may  be 
Increased.  Generally,  up  to  some  point,  useful  boom  reduction  can  be  achieved  with  modest 
drag  penalties.  Sohn*®  proposed  obtaining  the  initial  spike  via  a  canard,  obtaining  useful  lift  as 
a  by-product,  Eilthough  other  performance  penalties  were  found  to  exist.  The  slow  growth  of 
effective  area  following  the  Impulse  gener2dly  translates  into  the  lifting  surfaces  being  farther 
back  than  would  nomSdly  be  desirable,  causing  adverse  effects  on  balance  and  trim.  Structural 
difficulties  can  lae  introduced  by,  for  example,  requirements  for  particularly  slender  components. 

A  number  of  papers,  such  as  References  17  through  19.  provide  detailed  analyses  of 
boom  reduction.  The  bottom  line  Is  that  If  reduced  sonic  boom  Is  desirable.  It  Is  a  design  goal 
which  must  be  traded  with  other  design  parameters.  Potential  for  low  boom  Increases  If  other 
compromises  are  possible.  For  flrst-generatlon  SSTs  designed  In  the  1960s.  performance 
requirements  precluded  any  such  compromises.  Aircraft  technology  has  advanced  to  the  point 
where  tradeoffs  are  feasible.  Recent  studies,  such  as  Reference  20.  show  that  sonic  boom 
loudness  reductions  of  10  to  15  dB  (relative  to  flrst-generatlon  SSTs)  are  not  impossible.  As 
technology  improves,  the  practicality  of  such  improvements  will  increase. 

CONCLUSIONS 

A  review  has  been  presented  of  sonic  boom  theory  and  minimization  concepts.  We  have 
seen  the  Issue  of  boom  reduction  change  from  "Is  It  possible?"  to  "Is  It  feasible?"  to  "Is  It 
pracUcal?"  Sohn^®  has  pointed  out  that  boom  reducUon  Is  a  matter  of  advancing  technology, 
and  that  his  low-boom  results  follow  from  trading  on  such  advances.  It  is  encouraging  to  see 
that  some  recent  studies  of  low-boom  design  present  consequences  In  terms  of  design  and 
operating  costs.  This  Is  quite  different  from  questions  of  whether  boom  can  be  reduced  at  all. 
It  will  be  very  interesting  to  see  whether  the  current  generation  of  supersonic  transport 
studies  yields  practical  low-boom  designs,  or  whether  we  must  wait  for  the  next  generation. 
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Figure  1.  Sonic  Boom  Generation.  Propa^tlon.  and  Signature  Evolution. 


Figure  2.  Evolution  and  Steepening  of  Sonic  Boom  Signature. 
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ABSTRACT 

Substantial  improvements  in  supersonic  and  hypersonic  flight  vehicles  can  be  obtained  by  utilizing  supersonic 
throughflow  fans  and  compressors.  However,  the  environmental  impact  of  such  future  propulsion  systems  must 
be  considered,  for  example  their  noise  generation.  In  this  regard,  progress  in  engine  noise  control  is  dependent  on 
developing  an  increased  fundamental  understanding  of  turbomachinery  noise  generation  and  on  novel  methods  for 
controlling  this  noise  which  do  not  impose  performance  penalties  on  the  engine.  In  this  paper,  a  mathematical  is 
developed  to  analyze  the  effects  of  aerodynamic  detuning  on  the  discrete  frequency  noise  generation  of  supersonic 
axial  flow  rotors,  with  the  detuning  achieved  by  alternating  the  circumferential  spacing  of  adjacent  rotor  blades. 
This  model  is  then  applied  to  baseline  uniformly  spaced  twelve  bladed  rotors  and  detuned  configurations  of  these 
baseline  rotors,  with  the  effect  of  this  aerodynamic  detuning  on  the  discrete  frequency  noise  generation  determined 
by  considering  the  relative  magnitudes  of  the  gust  generate  unsteady  aerodynamic  lift.  This  study  demonstrated 
that,  dependent  on  the  specific  blade  row  and  flow  field  geometi^,  alternate  blade  circumferential  spacing 
aerodynamic  detuning  is  a  viable  passive  discrete  frequency  noise  generation  control  technique  for  supersonic 
throughflow  rotors. 

NOMENCLATURE 

C  airfoil  chord 

[CG]'’  gust  influence  coefficient  airfoil  n 

Moo  inlet  Mach  number 

R  ] ,  Rq  reference  airfoils  of  detuned  cascade 

S  baseline  tuned  cascade  spacing 

detuned  cascade  spacing 
c  perturbation  speed  of  sound 

Wg  transverse  gust  amplitude 

k  reduced  frequency,  (OCfU„ 

u  dimensionless  perturbation  chordwise  velocity 

V  dimensionless  perturbation  normal  velocity 

w  complex  amplitude  of  gust 

X  dimensionless  chordwise  coordinate 

y  dimensionless  normal  coordinate 

3  interblade  phase  angle 

3d  detuned  interblade  phase  angle 

AW  mean  and  instantaneous  velocity  difference  vector 

e  level  of  aerodynamic  detuning 

CO  gust  frequency 


INTRODUCTION 


In  the  design  of  high  performance  gas  turbine  engines,  acoustic  analyses  are  a  necessary  evil.  This  is  because 
overall  engine  performance  is  not  improved  by  noise  control  considerations.  In  fact,  state-of-the-art  noise  control 
techniques  often  decrease  performance  while  adding  weight  and  increasing  the  complexity  of  the  engine.  As  a 
result,  progress  in  engine  noise  control  is  dependent  on  developing  an  increased  fundamental  understanding  of 
turbomachinery  noise  generation,  i.e.,  fan,  compressor  and  turbine  generated  noise,  and  on  novel  methods  for 
controlling  this  noise  generation  which  do  not  impose  engine  performance  penalties  1 1 ). 

Unsteady  flow  phenomena  are  responsible  for  lurbomachinery  noise  generation,  with  the  discrete  frequency 
noise  generated  by  periodic  blade  row  interactions  a  primary  noise  source.  Namely,  turbomachine  blade  rows  are 
subject  to  spatially  nonuniform  inlet  flow  fields,  with  upstream  airfoil  wakes  convecting  downstream  widely 
believed  to  be  the  most  important  noise  generation  mechanism.  The  interaction  of  the  rotor  with  these  nonuniform 
spatial  inlet  flows  results  in  periodic  unsteady  aerodynamic  lift  forces  on  the  rotor  blading  which  are  the  source  of 
discrete  frequency  acoustic  radiation. 

This  paper  is  concerned  with  supersonic  blade  row  discrete  frequency  noise  generation  and  control.  This  is  a 
result  of  the  renewed  interest  in  supersonic  and  hypersonic  flight  vehicles  having  focused  attention  on  engines 
which  can  either  sustain  efficient  supersonic  cruise  or  serve  as  boosters  for  acceleration  to  moderate  supersonic 
velocities.  For  such  applications,  turbofan  engine  cycle  studies  have  shown  that  substantial  improvements  can  be 
obtained  with  supersonic  throughflow  fans  and  compressors.  With  the  increasing  concern  regarding 
environmental  issues,  such  advanced  propulsion  systems  are  being  scrutinized  closely  for  their  environmental- 
impact.  One  such  concern  is  the  noise  generation  of  the  engine,  with  the  discrete  frequency  noise  generation  of 
supersonic  throughflow  blade  rows  of  particular  interest  herein. 

Blade  row  unsteady  aerodynamic  analyses  are  ha.sed  on  two-dimensional  models  applied  in  a  strip  theoiy 
technique,  with  a  two-dimensional,  typical  element  of  the  blade  row  represented  by  an  equally  spaced  airfoil 
cascade.  TTius,  in  the  supersonic  axial  flow  regime  of  interest,  a  flat  plate  airfoil  cascade  embedded  in  a  supersonic 
flow  field  with  a  supersonic  leading  edge  locus  is  considered.  Figure  1 .  To  predict  the  discrete  frequency  noise 
generation  of  the  blade  row,  the  inlet  wake  is  decomposed  into  unsteady  aerodynamic  gust  components  parallel  and 
normal  to  the  blade  row,  u  and  v.  Figure  2.  These  gusts  are  then  harmonically  decomposed,  u"*"  and  v"'',  with  each 
harmonic  frequency  individually  considered.  The  harmonic  gust  generated  unsteady  aerodynamic  lift  forces  acting 
on  the  blading  are  then  calculated  with  blade  row  unsteady  aerodynamic  gust  response  models.  As  the  noise 
generation  is  proportional  to  the  square  of  the  magnitude  of  this  unsteady  lift,  it  is  essential  to  both  accurately 
analyze  these  unsteady  lift  forces  and  to  develop  passive  control  design  capabilities  to  minimize  the  discrete 
frequency  noise  generation. 

Aerodynamic  detuning  is  defined  as  designed  passage-to-passage  variations  in  the  unsteady  aerodynamic  flow 
field  of  a  blade  row.  As  small  changes  in  blade  row  solidity  typicily  do  not  have  a  large  effect  on  aerodynamic 
performance,  alternate  nonuniform  circumferential  blade  spacing  has  been  shown  theoretically  to  have  a  beneficial 
effect  on  blade  row  aeroelasticity  [2,  3,  4|.  Thus,  it  is  also  of  interest  to  investigate  the  effect  of  alternate 
nonuniform  circumferential  airfoil  spacing  on  the  fundamental  driving  mechanisms  associated  with  discrete 
frequency  noise  generation,  namely  the  unsteady  aerodynamic  lift  forces  generated  on  the  rotor  blading  as  well  as 
the  resulting  discrete  frequency  noise  generation. 

In  this  paper,  the  effect  of  aerodynamic  detuning  on  the  discrete  frequency  acoustic  radiation  of  a  rotor 
operating  with  a  supersonic  relative  inlet  velocity  with  a  supersonic  axial  component  is  investigated.  As  small 
changes  in  blade  row  solidity  typically  do  not  have  a  large  effect  on  aerodynamic  performance,  alternate 
nonuniform  circumferential  blade  spacing  is  the  aerodynamic  detuning  technique  considered.  A  two  dimensional 
typical  airfoil  section  approach  is  utilized.  A  mathematical  model  is  developed  to  predict  the  unsteady  aerodynamic 
forces  acting  on  the  airfoil  cascade.  The  inlet  distortion  is  modeled  as  a  transverse  gust  convected  with  the  mean 
flow  past  the  cascade.  The  unsteady  aerodynamics  due  to  the  convection  of  this  transverse  gust  past  a  stationary 
airfoil  cascade  are  determined  by  developing  an  influence  coefficient  technique  which  is  appropriate  for  both 
uniformly  spaced,  i.e.,  tuned,  rotors  and  aerodynamically  detuned  rotor  configurations.  The  effects  of  this 
aerodynamic  detuning  on  discrete  frequency  noise  generation  of  supersonic  axial  flow  rotors  are  then  demonstrated 
by  applying  this  math  model  to  baseline  twelve  bladed  rotors,  with  the  discrete  frequency  noise  generation 
determined  by  considering  the  relative  magnitude  of  the  gust  generated  unsteady  aerodynamic  lift  of  the  tuned  and 
detuned  cascades  [5]. 

UNSTEADY  AERODYNAMIC  MODEL 

To  predict  the  discrete  frequency  noise  generation  of  a  turbomachine  rotor  blade,  a  mathematical  model  is 
developed  to  analyze  the  unsteady  aerodynamic  lift  generated  on  a  supersonic  blade  row  by  a  convected  transverse 
gust. 
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Aemdvnamicallv  Detuned  Cascade 

Alternate  blade  circumferential  spacing  aerodynamic  detuning  is  considered.  Introducing  this  detuning  into 
the  baseline  uniformly  spaced  or  tuned  cascade  results  in  two  reference  passages:  an  increased  spacing  or 
decreased  solidity  passage  and  a  decreased  spacing  or  increased  solidity  passage.  Also,  as  schematically  depicted 
in  Figure  3,  there  are  two  reference  airfoils  for  each  passage,  denoted  by  Ro  and  R  ] .  The  aerodynamically  detuned 
airfoil  cascade  can  be  considered  as  being  comprised  of  two  uniformly  spaced  cascades,  each  having  a  spacing  of 
Sd  which  is  twice  that  of  the  baseline  cascade.  The  circumferential  spacing  between  adjacent  airfoils  Si  and  S2  is 

specified  by  the  level  of  aerodynamic  detuning  e. 


S2.1  =(1±£)S  (1) 

where  S  is  the  spacing  of  the  baseline  cascade  and  S]  and  S2  are  the  airfoil  spacings  of  the  detuned  cascades. 
Unsteady  Flow  Field 

The  fluid  is  assumed  to  be  a  perfect  gas  with  the  flow  inviscid,  irrotational,  adiabatic  and  isentropic.  The 
unsteady  continuity  and  Euler  equations  are  linearized  by  considering  the  unsteady  flow  to  be  small  as  compared  to 
the  steady  flow  field.  Assuming  harmonic  time  dependence,  the  dependent  variables  are  the  nondimensional 
chordwise,  normal,  and  sonic  perturbation  velocities,  u,  v  and  a,  respectively.  The  nondimensional  chordwise, 
normal,  and  sonic  perturbation  velocities  are  then  given  by  Equation  2. 

-1^+M:^  +  ikM  a  =  0 
dx  dy  ~dx  “ 


0U 

ay 


V  -  1  ^ 

3x 


=  0 


where  k  =  a)CAJ_  is  the  reduced  frequency. 

Boundary  Conditions 

The  airfoil  surface  flow  tangency  boundary  condition  requires  that  the  normal  component  of  the  perturbation 
velocity  v  is  equal  to  the  normal  velocity  of  the  airfoil.  The  gust  boundary  condition  on  the  n*li  airfoil  is  developed 
by  considering  a  small  transverse  gust  of  amplitude  wg  superimposed  on  and  convected  with  the  uniform 

throughflow  with  a  mean  velocity  U„. 


Vn(x,ys,  t)  =  Wg  (3) 

where  x  is  the  nondimensional  airfoil  chordwise  coordinate  as  measured  from  midchord,  t  is  nondimensional  time 
and  ys  denotes  the  airfoil  surface. 

This  boundary  condition  is  specified  in  terms  of  the  interblade  phase  angle  p.  For  blade  row  interaction 
discrete  frequency  noise  generation,  the  interblade  phase  angle  is  specified  a  priori,  being  fixed  by  the  aerodynamic 
forcing  function  and  the  circumferential  spacing  of  the  blade  row  of  interest.  For  a  uniform  circumferentially 
spaced  airfoil  cascade  subject  to  an  inlet  gust,  the  interblade  phase  angle  between  two  adjacent  airfoils  P  is  a 
function  of  the  airfoil  spacing  for  a  given  forcing  function  harmonic.  Analogously,  for  the  aerodynamically 
detuned  cascade,  the  interblade  phase  angle  between  two  adjacent  airfoils  of  each  set  Pd  is  a  function  of  the  airfoil 
spacing  for  a  given  harmonic  of  the  inlet  gust  wg. 

Flow  Field  Solution 

The  solution  to  the  system  of  partial  differential  equations  and  boundary  conditions  which  describe  the 
unsteady  flow  field.  Equations  1,  2  and  3,  are  obtained  by  the  method  of  characteristics  [b].  The  compatibility 
equations,  which  are  the  ordinary  differential  equations  that  act  along  the  characteristics,  arc  given  in  Equation  4. 
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where  the  subscripts  and  str  indicate  that  the  relation  is  valid  along  the  right  or  left  running  Mach  lines  of  the 
streamline  direction,  respectively. 

Uniformly  Spaced  ITunedl  Cascade  Solution 


The  formulation  of  the  basic  unsteady  aerodynamic  mathematical  model  is  now  complete.  For  the  uniformly 
spaced  or  tuned  cascade,  finite  differences  are  used  to  solve  the  system  of  three  differential  equations  in  three 
unknowns.  Equation  4,  at  the  intersection  of  the  characteristics  for  the  chordwise,  normal  and  sonic  dimensionless 
perturbation  velocities,  u,  v  and  a,  subject  to  the  specified  transverse  gust  boundary  condition.  The  unsteady 
perturbation  pressure  on  the  surfaces  of  the  reference  airfoil  are  then  determined  from  the  perturbation  sonic 
velocity.  Finally  the  airfoil  nondimensional  unsteady  aerodynamic  lift  L  is  calculated. 

L  =  I"  Ap  (x,  ys,  t)  dx  (5) 

Jo 

where  Ap  denotes  the  nondimensional  unsteady  pressure  difference  across  the  chordline  of  a  reference  airfoil  of 
the  uniformly  spaced  cascade. 

Detuned  Cascade  Solution 

This  method  of  characteristics  solution  procedure  for  the  perturbation  velocity  components  can  also  be  applied 
to  the  two  passages  of  the  supersonic  axial  flow  aerodynamically  detuned  cascade  under  consideration.  However, 
this  requires  complete  rcanalysis  of  the  cascade  for  every  detuned  interblade  phase  angle  of  interest.  This  limitation 
is  overcome  in  the  model  developed  herein  by  utilizing  an  unsteady  aerodynamic  influence  coefficient  technique  [3] 
to  predict  the  unsteady  aerodynamic  lift  on  the  two  reference  airfoils  of  the  alternate  circumferentially  spaced 
detuned  cascade  due  to  the  convected  gust. 

l-Ro.Ri  =  (1CG)'’ro,  R|  WRp  +  ICG)' R(,_R,  WRj)e>«t  (6) 

where  Wr^,  r,  are  the  complex  gust  amplitudes  and  the  double  subscript  notation  is  a  means  of  expressing  two 
equations,  one  for  each  of  the  two  reference  airfoils. 

To  determine  the  influence  coefficients  1CG|,  the  unsteady  aerodynamic  gust  response  model  for  the  two- 
reference  passage  detuned  cascade  is  utilized  directly  with  the  modification  of  the  airfoil  surface  boundary 
conditions  on  the  two  reference  airfoils.  The  gust  influence  coefficients  are  determined  by  specifying  a  unit 
amplitude  gust  on  the  reference  airfoil  Rq  and  the  detuned  interblade  phase  angle  Pd  with  a  zero  normal  velocity  on 

reference  airfoil  Rl.  The  influence  coefficients  ICG)’rq  Ri  are  determined  in  an  analogous  manner  but  with 
reference  airfoil  Rq  and  R)  reversed,  namely,  by  specifying  a  unit  amplitude  gust  nonrtal  velocity  on  reference 
airfoil  R  i  and  a  zero  normal  velocity  on  reference  airfoil  R{) . 

The  complex  gust  amplitudes  wr^  and  wr  j  are  related  to  the  Fourier  coefficients  or  a  general  inlet  distortion 
and  to  the  airfoil  spacing.  Thus,  for  a  given  harmonic  of  the  inlet  distortion,  these  amplitudes  are  related  by  the 
detuned  interblade  phase  angle  between  the  two  adjacent  reference  airfoils  Pd  and  the  level  of  aerodynamic 
detuning  e. 
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WRO  =  WR, 


e-i(l-£)Pd/2 


(7) 


The  resulting  unsteady  aerodynamic  lift  on  the  two  reference  airfoils  of  the  detuned  cascade  is  given  in 
Equation  8. 


Lro.Ri  =  wrq  ((CGjOro  r,  +  e‘(l-£)Pd/2|CGl' Ro,R,)eiwt  (8) 

Thus,  with  the  influence  coefficients  [CGl”  and  |CG|'  determined  for  a  given  detuned  cascade  configuration, 
the  unsteady  aerodynamic  lift  on  the  two  reference  airfoils  if  determined  for  any  detuned  interblade  phase  angle  by 
the  simple  complex  algebraic  addition  of  these  influence  coefficients. 

DISCRETE  FREQUENCY  NOISE  GENERATION 

This  unsteady  aerodynamic  model  is  utilized  to  predict  the  discrete  frequency  noise  generated  by  considering 
the  magnitude  of  the  gust  generated  unsteady  aerodynamic  lift  on  the  reference  airfoils  of  the  tuned  and  detuned 
cascades  [5].  In  panicular,  the  relative  noise  generation  is  determined  by  considering  the  magnitude  of  the  gust 
generated  unsteady  aerodynamic  lift  LWG  of  the  baseline  tuned  and  detuned  cascades. 


LWG  =  i|LR„  +Lr,|  (9) 

Thus  a  decrease  in  the  aerodynamically  detuned  cascade  value  of  LWG  as  compared  to  the  baseline  turned 
cascade  value  quantifies  the  reduction  in  the  noise  generation  due  to  the  aerodynamic  detuning.  As  the  sound 

pressure  level  is  proportional  to  (LWG)^,  the  effect  of  the  aerodynamic  detuning  on  noise  generation  can  also  be 
expressed  in  terms  of  decibels. 


where  the  subscript  £  indicates  LWG  for  the  detuned  cascade  and  £  =  0  denotes  the  LWG  for  the  baseline  tuned 
cascade. 


RESULTS 

The  effect  of  alternate  blade  aerodynamic  detuning  on  the  discrete  frequency  noise  generation  ch;u-aeteri sties  of 
a  supersonic  throughflow  rotor  is  demonstrated  by  considering  two  baseline  uniformly  spaced  twelve  bladed  rotors 
and  alternate  circumferentially  spaced  aerodynamically  detuned  variations  of  each.  In  particular,  the  mathematical 
model  developed  herein  is  utilized  to  predict  the  relative  noise  generation  of  the  detuned  rotors  as  compared  to  the 
tuned  rotor  over  the  complete  range  of  gust  interblade  phase  angle  values. 

Baseline  &  Detuned  Rotor  Geometries 

With  a  supersonic  inlet  flow  field,  waves  of  finite  .strength  originate  from  the  leading  and  trailing  edges  of  the 
airfoils  in  the  cascade  representing  the  flow  geometry  of  the  rotor.  With  a  supersonic  axial  velocity  component,  the 
airfoil  trailing  edge  waves  are  always  downstream  of  the  other  airfoils.  However,  the  airfoil  leading  edge  waves 
may  be  reflected  from  the  surfaces  of  adjacent  airfoils.  Two  such  cascade  flow  geometries  are  of  interest,  herein 
termed  Cascade  F  and  Cascade  K.  As  schematically  depicted  in  Figure  4,  Cascade  F  has  one  airfoil  leading  edge 
wave  reflection,  whereas  Cascades  K  has  one  reflection  of  both  the  airfoil  leading  edge  waves. 

Three  alternate  circumferential  spacing,  aerodynamically  detuned  configurations  of  each  cascade  geometry  arc- 
considered:  10%,  20%  and  30%  detuning.  For  Cascade  F,  as  the  level  of  aerodynamic  detuning  is  increased,  the 
wave  reflection  on  the  pressure  surface  of  reference  airfoil  Rj  moves  toward  the  leading  edge  whereas  the  pressure- 
surface  reflection  on  the  reference  airfoil  Rq  moves  toward  the  trailing  edge.  The  left  mnning  Mach  wave  from  thc 
leading  edge  of  reference  airfoil  R]  does  not  intersect  airfoil  Rq  for  the  ba.seline,  10%  or  20%  detuning.  However, 
with  30%  detuning,  it  intersects  the  .suction  surface  of  airfoil  R().  For  Cascade  K.  as  the  level  of  aerodynamic 
detuning  is  increased,  the  wave  reflection  on  the  pressure  surface  of  reference  airfoil  R)  also  moves  toward  ihc 
leading  edge  while  the  wave  reflection  on  the  pressure  surface  of  airfoil  R()  moves  toward  the  ffailing  edge.  The 
left  running  Mach  line  from  the  leading  edge  of  airfoil  R()  intersects  the  .suction  surface  of  airfoil  R )  with  10%  anil 
20%  aerodynamic  detuning  and  moves  toward  the  n-aiiing  edge  as  the  level  of  aerodynamic  detuning  increases. 
With  30%  aerodynamic  detuning,  the  Mach  line  does  not  intersect  the  suction  surface  of  blade  R).  The  left 
running  Mach  line  form  the  leading  edge  of  airfoil  R  i  intersects  the  suction  surface  of  blade  R{)  for  all  levels  of 
detuning  and  moves  toward  the  leading  edge  as  the  level  of  aerodynamic  detuning  is  increased. 
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Discrete  Frequency  Noise  Oenerarion 


For  cascades  utilizing  aerodynamic  detuning  without  the  incorporation  of  splitters,  the  results  of  the  noise 
generation  study  for  Cascades  F  and  K  are  shown  in  Figures  5  and  6.  Cascade  F  with  10%  and  20%  the  alternate 
blade  circumferential  spacing  aerodynamic  detuning  results  in  discrete  frequency  noise  reduction  for  all  interblade 
phase  angle  values,  with  a  maximum  decrease  for  detuned  interblade  phase  angle  of  180".  However,  with  30% 
aerodynamic  detuning,  there  is  an  increase  in  the  discrete  frequency  noise  generation  for  interblade  phases  of  120" 
and  240".  For  Cascade  K,  alternate  blade  spacing  aerodynamic  detuning  increases  the  discrete  frequency  noise 
generation  for  all  interblade  phase  angles,  with  the  exception  of  a  detuned  interblade  phase  angle  of  300"  with  10% 
and  20%  detuning. 

SUMMARY  AND  CONCLUSIONS 

A  mathematical  model  has  been  developed  to  analyze  the  effects  of  aerodynamic  detuning  on  the  discrete 
frequency  noise  generation  of  supersonic  axial  flow  rotors.  The  aerodynamic  detuning  was  achieved  by  alternating 
the  circumferential  spacing  of  adjacent  blades.  The  unsteady  aerodynamics  due  to  a  transverse  gust  convected 
past  a  stationary  cascade  was  determined  by  developing  an  influence  coefficient  technique  appropriate  for  both 
aerodynamically  tuned  (uniformly  spaced)  and  detuned  rotor  configurations.  The  discrete  frequency  noise 
generation  was  then  determined  by  considering  the  magnitude  of  the  gust  generated  unsteady  aerodynamic  lift  on 
the  reference  airfoils  of  the  tuned  and  detuned  cascades.  The  effects  of  this  unsteady  aerodynamic  detuning  on  the 
discrete  frequency  noise  generation  of  supersonic  axial  flow  rotors  were  then  demonstrated  by  applying  this  model 
to  two  baseline  twelve  biaded  rotors  and  aerodynamically  detuned  variations  of  these  rotors.  This  study 
demonstrated  that,  dependent  on  the  specific  blade  row  and  flow  field  geometry,  aerodynamic  detuning  is  a  viable 
passive  discrete  frequency  noise  generation  control  technique  for  supersonic  throughflow  rotors. 
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Figure  4.  Ba-seiine  cascade  flow  geometries 


CASCADE  F 


Figures.  Aerodynamic  detuning  effect  on  Cascade  Figure  6.  Aerodynamic  detuning  effect  on  Cascade 
F  noise  generation  K  noise  generation 


120 


SECOND  INTERNATIONAL  CONGRESS  ON 
RECENT  DEVELOPMENTS  IN  AIR-  AND 
STRUCTURE-BORNE  SOUND  AND  VIBRATION 

MARCH  4-6.  1 992  AUBURN  UNIVERSITY.  USA 

COMPARISON  OF  RADIATED  NOISE 
FROM  SHROUDED  AND  UNSHROUDED  PROPELLERS 

Walter  Eversman 

Mechanical  and  Aerospace  Engineering 
and  Engineering  Mechanics 
University  of  Missouri-Rolla 

ABSTRACT  Rolla,  Missouri  65401 

A  finite  element  model  is  created  for  the  generation,  propagation,  and  radiation  of  steady,  rotor 
alone  noise  and  rotor  and  exit  guide  vane  interaction  noise  of  a  ducted  fan.  In  the  case  of  rotor  alone 
noise  the  acoustic  source  is  represented  by  a  rotating  lifting  line  of  thrust  and  torque  dipoles  distributed 
radially  on  the  blade.  In  the  case  of  interaction  noise  the  acoustic  source  is  a  stationary  lifting  line  of 
torque  and  thrust  dipoles  which  represents  the  fluctuating  lift  on  the  exit  guide  vane  created  by  the 
velocity  deficit  associated  with  wakes  in  the  steady  velocity  field  behind  the  rotor.  In  the  configurations 
considered  in  the  present  study,  emphasis  is  on  ducted  fans  or  ducted  propellers  for  which  the  by-pass 
ratio  is  very  large.  In  this  case  the  usual  assumption  is  made  that  the  fan,  or  propeller,  is  operating  in 
a  mean  flow  environment  which  is  uniform  and  the  same  as  the  forward  flight  velocity.  The  flow 
acceleration  in  the  inlet,  acceleration  in  the  fan  duct,  and  jet  free  shear  layer  are  not  accounted  for  in 
the  present  model.  The  model  accounts  for  the  noise  generation  process,  the  propagation  through  the 
inlet  and  fan  duct,  and  the  radiation  to  the  near  and  far  field. 

The  major  issue  addressed  in  the  computational  examples  is  the  relationship  between  the  far  field 
radiated  Sound  Pressure  Level  (SPL)  and  directivity  and  the  fan  tip  speed.  In  the  case  of  rotor  alone 
noise  it  is  shown  that  due  to  the  effect  of  finite  duct  length  and  mean  flow  velocity  in  the  duct  there 
can  be  significant  SPL  in  the  far  Held  at  large  angles  to  the  duct  axis,  even  for  subsonic  tip  speeds.  In 
the  case  of  interaction  noise  it  is  found  that  the  radiated  Held  can  be  significant  near  the  duct  axis. 

INTRODUCTION 

Ultra  high  by-pass  ratio  turbo-fan  engines  and  ducted  or  shrouded  propellers  are  attractive  from 
the  standpoint  of  propulsive  efficiency.  In  addition  there  are  possible  advantages  to  be  gained  in 
radiated  noise  levels  due  to  the  imbedding  of  the  propeller  or  fan  acoustic  source  within  the  nacelle 
or  shroud.  An  unducted  propeller  generates  an  acoustic  field  which  tends  to  produce  high  levels  on  the 
sideline,  and  therefore  may  create  unaccceptable  noise  levels  in  the  interior  of  the  aircraft.  A  ducted 
propeller  is  restricted  in  the  way  in  which  it  can  radiate  to  the  near  and  far  field.  It  is  known  that 
steady,  rotor  alone  noise,  created  by  blade  loading,  is  a  principle  source  mechanism  for  unducted 
propellers.  It  is  generally  assumed  that  in  the  case  of  a  ducted  propeller  the  rotor  alone  noise  is  not 
propagated  to  the  far  field  if  the  tip  speed  does  not  exceed  the  speed  of  sound.  This  result,  due  to 
pioneering  work  of  Tyler  and  Sofrin  [1],  is  true  for  rotor  generated  noise  in  a  thin  annulus  with  the 
absence  of  duct  mean  flow. 

In  the  case  of  ducted  fans  and  propellers  an  additional  source  mechanism  exists  associated  with 
the  presence  of  exit  guide  vanes  (EGV).  The  EGV  operate  in  a  helical  velocity  field  behind  the  rotor, 
which  is  for  the  most  part  steady  and  defined  in  direction  by  the  thrust  of  the  rotor.  The  mainly  steady 
character  of  the  rotor  generated  velocity  is  periodically  interrupted  by  the  viscous  wakes  downstream 
of  the  individual  rotating  blades.  The  EGV  produce  lift  in  response  to  the  rotor  velocity  field,  and 
because  of  the  fluctuating  velocity  field  behind  the  rotor,  produce  fluctuating  lift  and  provide  an 
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acoustic  source  mechanism.  This  interaction  source  mechanism  was  also  addressed  by  Tyler  and  Sofrin 

[1]  and  was  shown  to  have  the  potential  for  the  creation  of  acoustic  modes  of  very  tow  angular  order. 
Modes  of  this  type  will  propagate  and  radiate  with  a  directivity  pattern  which  may  produce  high  levels 
near  the  axis  of  symmetry. 

The  purpose  of  the  work  presented  here  is  to  investigate  the  differences  in  the  radiated  acoustic 
fields  of  ducted  and  unducted  propellers  of  the  same  thrust  operating  under  similar  conditions.  Hanson 

[2]  has  created  a  comprehensive  acoustic  model  for  unducted  propellers  which  accounts  for  spanwise 
and  chordwise  details  of  the  blade  loading.  It  is  not  the  intent  in  the  present  study  to  focus  on  such  a 
refined  model.  Instead,  the  approach  is  to  generate  a  very  simple  source  model,  similar  to  the  lifting 
line  theory  suggested  by  Gutin  [3],  to  concentrate  on  the  propagation  and  radiation  effects  introduced 
by  the  duct,  and  to  compare  the  acoustic  performance  of  similar  ducted  and  unducted  propellers  based 
on  the  same  source  model. 


The  finite  element  method  (FEM)  has  been  used  in  previous  studies  to  model  the  wind  tunnel 
acoustic  testing  of  propellers  and  the  free  field  acoustic  radiation  of  propellers  [4-7].  In  the  present 
study  the  FEM  is  used  to  model  the  ducted  propeller  in  the  free  field.  This  combines  the  propeller 
modeling  previously  reported  and  some  aspects  of  earlier  work  on  the  pred-’ction  of  the  radiated 
acoustic  field  from  turbofan  engine  inlets  [8-9]. 

The  generation,  propagation,  and  radiation  of  sound  from  a  ducted  fan  is  described  in  this  study 
by  the  convected  wave  equation  with  volumetric  body  forces.  Body  forces  are  used  to  introduce  the 
blade  loading  for  rotating  blades  and  stationary  exit  guide  vanes.  For  an  axisymmetric  nacelle  or  shroud, 
the  problem  is  formulated  in  cylindrical  coordinates.  For  a  specified  angular  harmonic  the  angular 
coordinate  is  eliminated  and  a  two  dimensional  representation  results.  A  finite  element  discretization 
based  on  nine  node  quadratic  isoparametric  elements  is  used. 

Geometry  and  Coordinate  System 

In  this  investigation  the  acoustic  field  is  represented  in  a  cylindrical  geometry  with  the  axis  of 
the  propeller  or  rotor/nacelle  designated  as  the  x  axis.  It  is  assumed  that  the  nacelle/centerbody 
combination  is  axially  symmetric  and  that  the  inlet  flow  field  is  axially  symmetric.  The  acoustic  field 
is  periodic  in  the  angular  coordinate  of  the  cylindrical  system.  It  is  represented  as  the  components  of 
a  Fourier  Series  in  the  angular  coordinate  0.  The  acoustic  field  for  each  angular  component,  or 
"angular  mode,”  is  represented  by  a  field  equation  in  only  the  axial  and  radial  components  x,  r  of  the 
cylindrical  system. 

Figure  1  shows  an  idealized  geometry  for  a  rotor/nacelle  arrangement.  Noise  sources  related 
to  the  rotating  blades  and  the  interaction  of  the  blades  with  stationary  exit  guide  varies  can  be  modeled. 

The  steady  velocity  field  in  and  around  the  nacelle  is  assumed  to  be  uniform.  For  many 
applications,  notably  the  case  of  the  ultra  high  bypass  fan  or  the  ducted  propeller  this  is  probably 
satisfactory.  For  other  cases  it  may  be  necessary  to  model  the  flow  in  and  around  the  nacelle.  It  may 
also  be  required  to  consider  the  effects  of  the  shear  layer  in  the  interface  between  the  fan  exhaust  and 
the  surrounding  steady  flow. 

Mathematical  Model 

The  acoustic  field  is  described  by  the  convected  wave  equation  with  body  forces 


1  D^p' 
XTr** 


=  P,V/* 


(1) 


where  p*  is  the  acoustic  pressure,  p„  is  the  ambient  density,  c  is  the  ambient  speed  of  sound,  and  f' 
represents  the  body  force  per  unit  mass  acting  on  the  fluid,  is  the  body  force  per  unit  volume. 
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Equation  (1)  is  in  dimensional  form.  In  the  development  which  follows  a  nondimensional  form  of 
equation  (1)  is  used  with  the  following  scaling 


t*  is  the  dimensional  time,  x*  is  any  of  the  linear  spatial  coordinates,  and  u*  is  any  of  the  fluid  velocity 
components.  The  reference  length  L  is  the  propeller  radius  R.  The  nondimensional  form  of  the 
acoustic  field  equation  is 

V  •  (Vp  -  W’  J  r  -7)  -  2W  ^  =  0  (2) 

dx  dxdt 

where  M  is  the  mean  flow  Mach  number. 

The  body  force  per  unit  mass  f  is  related  to  the  force  exerted  on  the  fluid  by  the  rotating  blade  or 
stationary  vane. 

The  major  idealization  in  this  model  is  the  assumption  that  the  interior  and  external  flow  are 
uniform  and  at  the  flight  Mach  number.  This  is  required  because  a  pressure  formulation  has  been 
chosen  to  introduce  the  acoustic  source  model  for  the  rotor  or  EGV  via  equivalent  body  forces  acting 
on  the  fluid.  This  is  consistent  with  previous  models  of  propellers  [4-7].  In  the  pressure  formulation  it 
is  required  that  the  flow  field  be  uniform  in  order  that  the  acoustic  field  equations  can  be  reduced  to 
the  convected  wave  equation.  Nonuniform  flow  near  the  inlet  lip  and  the  jet  shear  layer  are  not 
considered. 

The  models  used  for  the  propeller  or  rotor  and  exit  guide  vane  acoustic  sources  are  discussed 
briefly  in  the  following  sections. 

Blade  Loading 

The  blade  loading  of  the  propeller  or  rotor  is  considered  as  the  only  source  of  rotor  alone  noise. 
No  effects  of  blade  thickness  are  modeled  in  this  investigation.  Blade  loading  is  based  on  isolated 
lifting  surface  theory  using  a  strip  analysis.  The  discussion  of  Dommasch,  Sherby  and  Connolly  [10]  is 
directly  relevant  to  the  model  used  here. 

Figure  2  shows  an  airfoil  section  at  the  radius  r  from  the  hub.  The  local  angle  of  attack  of  the 
section  at  radius  r  depends  on  the  inflow  velocity,  U,  the  relative  velocity  due  to  rotation  rfl/U,  where 
n  is  the  angular  velocity  of  the  rotor  or  propeller,  and  the  blade  twist  <p  .  If  the  total  thrust  T  is 
specified  and  if  the  loading  is  assumed  to  be  linearly  varying  from  hub  to  tip,  the  thrust  and  torque 
components  per  unit  propeller  span  can  be  written 

««p  L  =  (3) 

where  l,jp  is  the  lifting  per  unit  span  at  the  rotor  blade  tip,  R  is  the  rotor  blade  radius,  and  6  is  the 
inflow  angle  shown  in  Figure  1. 

Rotor  Alone  Noise 

Rotor  alone  noise  generation  is  viewed  from  the  perspective  of  a  source  fixed  in  space  which 
is  active  during  the  passage  of  a  blade  with  its  associated  lift  distribution.  It  is  assumed  that  the 
duration  of  passage  of  the  blade  past  a  fixed  point  is  t  =  a/flr  where  a(r)  is  the  projection  of  the  blade 
chord  on  the  rotor  plane,  r  is  the  radial  location,  and  n  is  the  angular  speed  of  the  rotor.  The  strength 
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of  the  source  representing  the  blade  passage  is  taken  as  the  negative  of  the  lifting  pressure  differential 
across  the  blade,  approximated  by  l(r)/c(r)  where  c(r)  is  the  local  chord. 


If  the  passage  of  Ng  blades  is  considered  at  arbitrary  angular  position  6,  the  nondimensional 
volumetric  force  representing  rotor  alone  noise  can  be  written 

/.  =  -  A  (— )  fiw  f:  c,  (4) 

pc*  a 

L  =  (—)  E  C,  e  (5) 

pel  ^ 


where 

sinmAf^Qt  +  i(cosmAfj,T  - 1) 

and  ti  =  nR/c  is  the  nondimensional  rotor  speed  which  is  also  the  rotor  tip  Mach  number. 

EGV  Interaction  Noise 

In  order  to  estimate  the  noise  generating  mechanism  of  the  exit  guide  vanes  (EGV)  in  their 
interaction  with  the  rotating  blades,  a  simplified  model  has  been  constructed.  This  model  assumes  that 
the  EGV  are  on  the  average  under  the  influence  of  a  steady  lift  dictated  by  the  magnitude  and 
direction  of  the  absolute  velocity  field  leaving  the  rotor.  This  can  be  approximated  from  a  knowledge 
of  the  steady  blade  loading  in  the  rotor  stage.  The  flow  field  downstream  of  the  rotor  is  not  steady, 
but  is  interrupted  by  the  wakes  downstream  of  the  blade  trailing  edges.  The  velocity  deficit  in  the 
wake,  which  is  dependent  on  the  distance  downstream  of  the  blade  trailing  edge,  creates  a  fluctuating 
lift  on  the  EGV.  It  is  this  fluctuation  which  becomes  the  noise  source.  The  model  used  is  based  on 
quasi-steady  strip  theory  aerodynamics  and  is  intended  only  as  an  estimate  of  the  actual  source 
mechanism. 


With  this  type  of  model  and  with  an  analysis  based  on  N„  guide  vanes  being  affected  by  Ng 
blades,  it  is  determined  that  an  approximation  for  the  nondimensional  volumetric  loading  for  EGV 
noise  source  can  be  written 


where 


/ ,  (1-0 
■'*  2 

sinoj  6(.x)N/lg 

_  —  inffMt  ~i{nSg-mNJ9 

(6) 

-  (1  -  0  I 
2 

1  cosa,  6(x)  N/lg 

(7) 

sinnAfgQT  +  ifcosnAf^QT  - 1) 

2KnNg 


(8) 


and  T  is  an  estimate  of  the  time  taken  for  a  rotor  wake  to  sweep  across  an  EGV. 
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The  steady  lift  per  unit  span  on  an  EGV,  1^,  can  be  estimated  from  an  elementary  theory  of 
turbomachines  [11].  The  velocity  deficit  parameter  t  in  the  wake  is  quantified  by 


and  Xj  is  the  distance  downstream  of  the  leading  edge  of  the  EGV  behind  the  rotating  blade  leading 
edge,  measured  in  blade  chords. 

Note  that  equations  (6)  and  (7),  the  temporal  harmonics,  are  integer  multiples  of  the  blade 
passage  frequency,  as  in  the  rotor  alone  case.  The  angular  harmonics  are  differences  in  integer 
multiples  of  the  numbers  of  blades  and  vanes.  For  example,  for  8  blades  and  7  vanes,  with  n  =  1  and 
M  =  1,  the  angular  harmonic  is  Mg  =  1.  For  the  rotor  alone  case  the  lowest  angular  harmonic  would 
be  Mg  =  8.  For  subsonic  tip  speed  the  rotor  alone  fundamental  angular  mode  may  be  cut  off  while 
the  EGV  fundamental  angular  mode  may  radiate  at  relatively  low  angles  to  the  axis  of  symmetry. 

FINITE  ELEMENT  FORMULATION 

Equation  (2)  is  the  field  equation  which  governs  the  radiated  sound  field  generated  by  the 
distribution  of  body  forces  J  which  are  defined  in  the  case  of  rotor  alone  noise  by  equations  (4)  and 
(5)  and  in  the  case  of  EGV  interaction  noise  by  equations  (6)  and  (7).  References  [4-9)  give  details 
of  the  finite  element  discretization  of  equation  (2). 

COMPUTATIONAL  RESULTS 

In  this  study  both  rotor  alone  noise  and  EGV  interaction  noise  for  a  shrouded  propeller  noise 
will  be  compared  to  unshrouded  propeller  noise  for  a  fixed  thrust.  In  the  case  of  rotor  alone  noise  both 
subsonic  and  supersonic  tip  speeds  are  considered,  while  for  EGV  interaction  noise  only  the  subsonic 
tip  speed  case  is  considered.  In  the  rotor  alone  case  there  is  a  distinct  difference  in  the  subsonic  and 
supersonic  tip  speed  cases,  while  in  the  EGV  interaction  no  fundamental  difference  is  attributed  to  the 
difference  in  rotor  speed. 

A.  Nacelle  and  Propeller  Configuration 

A  model  scale  propeller  and  nacelle  is  considered  here.  The  propeller  has  four  or  eight  blades 
and  is  of  dimensional  radius  0.31 1  m  (1.02  ft).  The  blade  chord  is  taken  to  be  uniform  at  0.052  m  (0.17 
ft).  The  nondimensional  propeller  angular  velocity  is  taken  as  yj  =0.8  in  the  subsonic  case  and  q  = 
1,2  in  the  supersonic  case.  For  a  speed  of  sound  of  1125  ft/sec,  this  corresponds  to  an  angular  speed 
n  =  8426  RPM  for  the  subsonic  case  and  n  =  12639  RPM  for  the  supersonic  case.  The  nacelle 
geometry  is  shown  in  Figure  3.  In  the  unshrouded  propeller  case  no  centerbody  is  present.  This  has 
only  a  slight  effect  on  the  propeller  loading.  The  source  location,  whether  rotor  alone  or  EGV 
interaction,  is  just  ahead  of  the  center  of  the  nacelle.  The  flow  velocity  inside  and  outside  of  the 
nacelle  is  M  =  0.4. 

B.  Rotor  Alone  Noise 

Figures  4  and  5  are  summaries  of  the  polar  radiation  directivity  for  four  and  eight  blade 
shrouded  propellers  with  comparisons  to  similar  unshrouded  propellers.  Both  supersonic  and  subsonic 
tip  speeds  are  shown.  Figure  4  is  the  four  blade  case.  For  supersonic  tip  speed,  q  =1.2,  the  (4,1)  mode 
(fourth  angular,  first  radial)  is  cut  off  with  cutoff  ratio  {4,  (1.2)=  0.988  while  at  subsonic  lip  speed  it 
is  cut  off  with  cut  off  ratio  ^4,  (0.8)  =  0.66.  The  corresponding  attenuations  based  on  the  cut  off  ratio 
in  the  duct  length  of  1.3R  are  8.6  dB  and  41  dB.  It  is  seen  that  the  peak  radiated  noise  at  a  distance 
of  ten  duct  radii  is  120  dB  created  by  (he  unshrouded  propeller  (this  sets  the  scale  level  for  the  plot). 
The  shrouded  supersonic  propeller  has  a  peak  level  of  about  109.  The  unshrouded  subsonic  propeller 
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peaks  at  113  dB  while  the  shrouded  subsonic  propeller  peaks  at  about  75  dB.  The  relationship  of  the 
SPL  levels  of  the  shrouded  propellers  below  those  of  the  unshrouded  propellers  is  consistent  with  the 
projected  attenuations  due  to  the  cutoff  phenomenon,  though  not  numerically  equivalent.  The 
comparison  of  the  SPL  levels  of  the  two  shrouded  propellers  shows  an  additional  attenuation  for  the 
subsonic  case  which  is  also  consistent,  and  close  to  the  33  dB  predicted  theoretically. 

For  the  eight  blade  propeller  a  somewhat  different  picture  emerges,  as  shown  in  Figure  5.  For 
supersonic  tip  speed  the  (8,1)  mode  is  propagating  with  Jgj  (1.2)=  1.085,  but  for  the  subsonic  tip  speed 
it  is  cut  off  with  {g,  (0.8)=  0.72  with  a  calculated  attenuation  of  69  dB.  Reference  to  Figure  5  shows 
that  the  shrouded  propeller  at  supersonic  tip  speed  creates  the  highest  SPL  and  sets  the  scale  level  at 
130  dB.  The  corresponding  unshrouded  propeller  has  a  peak  level  about  10  dB  lower.  The  unshrouded 
subsonic  propeller  peaks  at  about  108  db  and  the  corresponding  shrouded  case  is  heavily  attenuated 
at  only  about  39  dB  (just  barely  seen  near  the  origin  of  the  figure),  consistent  with,  but  larger  than,  the 
attenuation  attributable  to  the  cut  off  phenomenon.  The  interesting  feature  here  is  the  high  peak  SPL 
of  the  shrouded  propeller.  The  (8,1)  mode  for  the  supersonic  case  is  cut  on,  as  opposed  to  the  (4,1) 
mode  being  slightly  cut  off  for  the  four  blade  propeller.  It  appears  that  the  mechanics  of  wave 
propagation  in  the  duct  enhances  the  radiation  of  the  ducted  propeller  noise  when  the  mode  is  cut  on. 

C.  EGV  Interaction  Noise 

To  demonstrate  the  radiation  of  EGV  noise  a  case  with  eight  rotating  blades  and  seven  stationary 
vanes  located  one  blade  chord  downstream  is  considered.  The  lowest  angular  mode  excited  at  blade 
passage  frequency  is  M,  =  1.  Figure  6  shows  the  radiated  directivity  in  this  case  for  a  subsonic  rotor 
with  q  =  0.8.  The  radiated  field  is  noted  to  oeak  relatively  near  the  axis  of  symmetry,  characteristic 
of  the  well  cut  on  M*  =  1  mode.  The  lev,  's  in  this  case  are  much  lower  than  the  unshrouded 
propeller,  but  very  much  higher  than  the  subsonic  rotor  alone  case. 

SUMMARY 

Several  important  observations  can  be  made.  1)  Contrary  to  the  usual  understanding  of  the 
Tyler  and  Sofrin  result  [1],  supersonic  tip  speed  rotor  noise  can  be  cut  off  if  the  tip  Mach  number  is 
only  slightly  in  excess  of  unity  and  if  the  number  of  blades  is  relatively  small.  If  there  are  many  blades, 
the  fundamental  angular  mode  number  is  large,  and  the  Tyler  and  Sofrin  result  for  thin  annuli  becomes 
more  relevant.  2)  Shrouding  of  subsonic  tip  speed  propellers  is  a  very  effective  means  of  controlling 
rotor  alone  noise.  3)  There  appears  to  be  no  benefit  in  terms  of  the  peak  radiated  SPL  for  shrouded 
supersonic  propellers  when  the  fundamental  mode  is  propagating.  4)  For  shrouded  subsonic  rotors, 
EGV  noise  becomes  the  dominant  source. 
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ABSTRACT 

Noise  and  vibration  control  measures  in  large  structures  such  as  aircraft  need  the  development  of  a 
representative  model  of  the  complex  vibro-acoustic  system,  built  up  by  the  fuselage,  the  trim  panels 
and  the  cabin  cavity.  The  complexity  of  such  systems  often  results  in  a  failure  of  the  classical  multiple 
degree-of-freedom  parameter  estimation  techniques  to  obtain  a  consistent  modal  model. 

This  paper  discusses  some  alternative  experimental  modelling  techniques  for  such  complex 
vibro-acoustic  systems,  based  on  singular  value  decomposition  of  a  measured  FRF-matrix.  The 
physical  significance  of  this  orthogonal  decomposition  on  the  FRF-matrix  is  explored.  Two  related 
modeling  concepts,  Principal  Field  Shape  Analysis  and  the  U-vector  Expansion  Method  (Impedance 
Modelling)  are  introduced.  A  case  study  on  a  twin  propeller  aircraft,  featuring  Principal  Field  Shape 
Analysis  is  presented  and  commented.  Finally,  issues  to  be  investigated  more  thoroughly  are  mentioned 
and  current  research  topics  are  outlined. 

INTRODUCTION 

Noise  and  vibration  reduction  measures  in  complex  vibro-acoustic  systems,  such  as  aircraft,  not  only 
require  a  thorough  understanding  of  the  operating  (in-flight)  behaviour,  but  also  demand  the 
development  of  a  representative  model  for  the  system. 

In  the  case  of  an  aircraft,  the  investigated  structural-acoustical  system,  consisting  of  fuselage,  trim 
panels  and  cabin  cavity  is  very  complex  and  is  characterised  by  high  damping  values  and  high  modal 
density,  and  consequently  high  modal  coupling.  In  addition,  the  measured  response  fields  resulting 
from  forced  excitation  ground  tests  show  a  dominantly  propagating  nature,  even  around  resonance. 
This  is  due  to  dissipation  by  damping  and  outside  radiation  and  results  In  response  location  dependent 
phase  shifts. 

These  factors  make  that  the  classical  multiple  degree-of-freedom  modal  parameter  estimation 
techniques  fail  to  obtain  a  consistent  modal  model,  consisting  of  resonance  frequencies,  modeshapes 
and  damping  factors.  The  longitudinal  shape  and  the  strong  coupling  between  the  structure  and  the 
cabin  cavity  are  other  factors  that  jeopardise  the  success  of  a  full  scale  modal  analysis. 

The  application  of  Statistical  Energy  Analysis  (SEA)  might  also  not  be  appropriate,  because  the  problem 
frequencies  and  modal  overlapping  are  not  high  enough  (e.g.  propeller  blade  pass  frequencies  in  a 
propeller  aircraft),  and  because  one  is  still  interested  in  obtaining  detailed  characteristic  acoustic  field 
and  structural  deflection  shapes. 

This  "twilight  zone"  between  the  Modal  Analysis  application  area  and  the  SEA  application  field  is  often 
referred  to  as  the  "mid-frequencies”.  Some  recently  introduced  experimental  modeling  techniques  are 
based  on  Singular  Value  Decomposition,  which  is  an  established  robust  and  stable  data  reduction  tool. 

This  conceptual  paper  discusses  the  Singular  Value  Decomposition  on  measured  FRF-matrices  as  a 
basic  technique  for  some  experimental  impedance  modeling  methods.  The  physical  meaning  of  this 
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orthogonal  decomposition  is  explored  and  its  relation  to  the  Complex  Mode  Indication  Function  (CMIF) 
is  outlined.  A  more  appropriate  modeling  method  for  complex  vibro-acoustic  systems,  Principal  Field 
Shape  Analysis,  is  introduced.  An  example,  concerning  a  twin-propeller  aircraft  is  discussed.  The 
U-vector  Expansion  Method,  leading  to  a  more  global  impedance  modeling  is  presented  as  a  logical 
extension  of  Principal  Field  Shape  Analysis.  Finally,  some  current  research  topics  are  outlined. 

PRINCIPAL  FIELD  SHAPE  ANALYSIS 

Singular  Value  Decomposition  of  an  FRF-matrlx 

Suppose  a  system,  which  is  excited  in  degrees  of  freedom  (DOFs),  and  of  which  the  response  is 
measured  in  DOFs.  All  measured  Frequency  Response  Functions  (FRFs)  then  form  a 
(N,sp ^Np^ymaXnx  lH(f)]. 

At  each  spectral  line,  one  can  perform  a  singular  value  decomposition  of  [H{f)]  : 

(//(/)]  =  [i/(/)ir5(AJ[V(/)]"  (1) 

([..]"  ;  complex  conjugate  transpose,  Hermitian  transpose) 


[t/(/)]  is  a  (.NpspxNiisp)  unitary  matrix  ([U(f)f[U(f)]  =  f/J)  of  which  the  columns  are  the  left  singular 
vectors.  Fs(/}J  is  a  (Npsp  xNpif)  pseudo-diagonal  matrix,  with  diagonal  entries  containing  the  singular 
values  in  descending  order.  (V(/)]  is  a  (A/, unitary  matrix,  (tV(0]''[V'(/)]  =  f/J)  containing 
in  its  columns  he  right  singular  vectors. 

[t/(/)|  is  also  often  referred  to  as  a  (/V«s,  xNg^p)  matrix,  keeping  the  first  Nggp  columns,  f S'f/Xl  is  then 
denoted  as  a  square  diagonal  {NggpXNggf)  matrix. 

The  singular  values  are  real  and  non-negative  and  per  definition  ...a  square  roots  of  the  eigenvalues 
ofanormal  matrix  of  [//(()].  [[/(/)]  and[V(/)]  are  complex,  both  matrices  are  also  obtained  as  eigenvector 
matrices  by  an  eigenvalue  decomposition  of  the  resp.  normal  matrices  [H(f)]  [«(/)]"  and  [//(/)]"  [«(/)] . 

(2) 

(3) 

\L{f)\  contains  the  eigenvalues  /,  in  descending  order. 

m  (4) 


Some  remarks  about  the  complex  elements  of  the  singular  vectors  need  to  be  made.  The  Hermitian 
matrix  [//(/)]  [//(/)]"  can  be  written  as: 


=  {A\+m 


(5) 


The  eigenvalue  decomposition  of  the  symmetric  matrix  ([A]  symmetric,  [fl]  antisymmetric) 

Llo]  lAJ  J 


.[«!  [A] 

results  in  a  set  of  double  eigenvalues,  corresponding  with  couples  of  orthogonal  eigenvectors 


and 


{£/*} 


These  two  eigenvector  correspond  to  one  complex  eigenvector,  indeed. 
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+j{UB^)  j=-{VB}  +j{UA} 


(6) 


This  means  that  the  eigenvectors  are  determined  only  up  to  a  factor  e''“  =  cos6+;sin8.  The  same 
reasoning  can  be  followed  for  [V{f)].  However,  when  the  phase  of  a  singular  vector  {t/,}  is  chosen, 
{V,}  is  completely  defined. 

The  {/-vectors,  multiplied  by  the  corresponding  singular  values,  form  a  (Nnspy-NxER)  matrix 
=I(/(f)]rS(/)J,  they  can  be  considered  as  the  FRF-matrix  referring  to  a  set  of  virtual  or  principal 
inputs,  related  to  the  physical  references  by  the  unitary  transformation  matrix  [V'f/)!. 

[H(f)]  =  (7) 

Alternatively,  one  can  consider  [U(f)]  as  a  unitary  transformation  matrix  to  a  set  oINg^f  virtual  or  principal 
responses: 


(8) 


with  [/{'(/)]  =r5(nJ[V'(/)]''. 

The  singular  value  decomposition  of  [W(/^l  also  offers  some  data  reduction  possibilities.  At  a  specific 
frequency,  one  can  assume  that  the  response  of  the  structure  is  dominated  by  a  finite  number  of  modes. 
A  number  modes  will  be  dominant  and  will  describe  the  column  space  of  [//(/)].  As  the  number 
of  singular  values  different  from  zero,  ( or,  in  practice,  larger  than  a  certain  threshold )  denotes  the  rank 
of  the  matrix,  it  also  denotes  the  dimension  of  the  column  space  (and  of  the  row  space)  of  [H{f)]. 
Consequently,  the  number  of  effective  modes  at  frequency  /,  controllabie  at  the  reference  DOFs,  is 
revealed  by  the  number  of  significant  singular  values. 

The  FRF-matrix  can  then  be  approximated,  taking  into  account  a  limited  set  of  significant  singular 
values  and  corresponding  singular  vectors. 

The  first  {/-vectors  are  linear  combinations  of  the  (unknown)  mode  vectors. 

In  the  following,  it  will  be  implicitly  assumed  that  this  data  reduction  is  performed  and  that  the  smallest 
dimension  of  the  concerned  matrices  is 

Complex  Mode  Indication  Function  (CMIR 

The  SVD  of  the  FRF-matrix  at  each  spectral  line  may  form  the  basis  of  modal  parameter  estimation 
and  is  then  referred  to  as  the  Complex  Mode  Indication  Function  (CMIF)  [1).  The  CMIFs  are  defined 
as  the  squares  of  the  singular  values  of  the  FRF-matrix. 

CMlF,(f)  =  sl(f)  =  l,(f)  (10) 

{k  =  1,2, 


where  is  the  t-th  CMIF  at  frequency/.  In  practical  calculations,  as  the  number  of  responses 

might  largely  exceed  the  number  of  inputs,  the  {Nkef'>^Nkef)  normal  matrix  [«(/)]"[«(/)]  is  calculated 
at  and  its  eigenvalue  decomposition  performed,  with  much  less  memory  requirements.  The  CMIF  plot 
is  the  plot  of  these  eigenvalues  on  a  log  magnitude  scale  as  a  function  of  frequency. 
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For  lowly  damped  structures  and  frequency  bands  that  allow  clear  distinction  of  resonance  frequencies, 
the  peaks  of  CMIFif)  indicate  the  existence  of  modes  and  the  corresponding  damped  natural 
frequencies.  More  peaks  at  one  frequency  reveal  repeated  modes.  The  left  singular  vectors  {(/,(/),)} 
at  these  frequencies  4  denote  the  unsealed  modeshapes  and  the  right  singular  vectors  {^,(4)}  the 
modal  participation  vectors.  In  order  to  estimate  accurate  damped  natural  frequencies  and  damping 
factors,  single  DOF  parameter  estimation  methods  can  be  applied  to  enhanced  FRFs  for  each  mode. 
The  enhanced  FRF  /1(f)  for  the  it-th  repeated  mode  at  4  is  defined  as 

^(/)  =  { [«(/)]  {V'(4)}  (11) 

The  above  considerations  implicitly  assume  a  mass  matrix  to  be  identity.  In  practical  cases  however, 
as  the  modeshapes  and  modal  participation  vectors  are  only  orthogonal  w.r.t.  the  mass  matrix,  the 
FRF-matrix  need  to  be  weighted  by  some  estimation  of  the  mass  matrix,  resp.  the  reduced  mass  matrix, 
in  order  to  cope  with  the  fact  that  mode  shapes  are  orthogonal  to  the  mass  matrix.  Only  in  that  case, 
the  singular  vectors  will  coincide  with  the  modes,  resp.  modal  participation  vectors. 

(//(/)!  wor  =  [WJ""  [//(/))  (12) 


[f/(f)lwcT  is  the  weighted  (N^sp^/^ref)  FRF  matrix;  (MJ  is  the  mass  matrix  of  size  (N,sp  xNrsf),  Ml  is  the 
(tVppp  x/Vpjp)  reduced  mass  matrix.  The  a  priori  estimation  of  these  mass  matrices  is  certainly  a  weak 
point  of  the  CMIF  parameter  estimation  method. 

Principal  Field  Shapes 

When  dealing  with  the  kind  of  complex  systems  mentioned  in  the  introduction,  the  singular  values  of 
the  unweighted  FRF-matrix  will  not  clearly  reflect  the  existence  of  damped  natural  frequencies.  The 
high  damping  and  modal  overlapping  and  the  fact  of  not  taking  into  account  an  unknown  mass  matrix 
make  that  the  t/-vectors  related  to  the  CMIF-peaks  (if  peaks  are  distinguishable  at  all)  generally  are 
complex  linear  combinations  of  several  hidden  normal  modes.  The  corresponding  enhanced  FRFs 
also  would  show  different  peaks,  not  allowing  for  proper  resonance  frequency  and  damping  factor 
estimations. 

Principal  field  shape  analysis  only  makes  use  of  the  left  singular  vectors  as  such,  weighted  by  the 
corresponding  singular  values:  the  principal  field  shapes  are  defined  as  the  first  vectors 
{Ui(f)}  ■  s^(f).  The  principal  field  shapes  correspond  in  fact  to  the  columns  of  the  (N^sr  x  ^rnk)  FRF-matrix 
[H'if)] .  The  first  principal  inputs  relate  to  the  dominant  singular  values  and  correspond  to  the  responses 
with  maximum  amplitude. 


[H'if)]  =  [(/(/))  rs(Aj 


(13) 


Hence,  [H'if)]  is  related  to  the  original  FRF-matrix  by  a  unitary  coordinate  transformation  (V(/8 
(Equation  7). 

If  the  (/-vectors  must  describe  the  whole  system  response  vector  space  at  a  given  frequency,  all  system 
modes  should  be  controllable  by  the  chosen  set  of  input  locations.  This  means  that  no  mode  vector 
should  be  orthogonal  to  the  vector  space  formed  by  the  reference  DOFs.  Practicallv.  this  condition 
means  that,  for  structural  excitation,  at  least  one  shaker  should  not  be  positioned  in  a  node  of  a  mode. 
Also,  the  number  of  references  must  exceed  the  number  of  active  modes  at  each  frequency.  This 
condition  is  also  posed  for  classic  multiple  reference  modal  analysis  testing. 

If  not  all  system  modes  can  be  controlled  via  the  chosen  reference  DOFs,  one  only  obtains  a  partial 
model,  valid  for  the  chosen  excitation  locations.  In  that  case  one  should  try  to  represent  the  operating 
conrStions  as  close  as  possible,  so  that  at  least  these  system  modes,  contributing  in  operating 
conditions,  can  bo  excitoa  As  fora  twin-propeller  aircraft,  the  primary  in-flight  condition  is  direct  airborne 
sound  radiation  from  the  propellers,  leading  to  a  distributed  force  field  at  the  fuselage  exterior,  excitation 
of  the  fuselage  near  the  propeller  plane  is  to  be  preferred. 
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Anyhow,  even  if  all  system  modes  can  be  addressed,  the  calculated  {/-vectors  wiH  be  dependent  on 
the  choice  of  reference  DOFs.  Different  reference  DOF  configurations  may  iead  to  a  {/-vector  set 
describing  the  same  response  space,  but  the  principal  direction  vectors  generaily  will  be  different.  This 
means  the  principal  field  shapes  for  a  certain  set  of  references  are  not  a  property  of  the  system,  but 
only  a  way,  between  others,  to  describe  the  system. 

The  excited  system,  say  ^  (e.g.  the  aircraft  fuselage,  described  by  acceleration  signals)  may  be  coupled 
to  another  system  B  (e.g.  the  cabin  cavity,  described  by  acoustic  pressure  signals),  the  latter  being 
described  by  an  FRF-matrix  [H ,(/)].  The  coiumns  of  that  FRF-matrix  also  refer  to  the  same  references 

of  the  excited  system  A.  Consequently,  the  coordinate  transformation  [Vy)]"  can  be  applied  to  [//*(/)]  • 
The  coupled  system  responses  can  then  be  described  in  a  similar  way  by  the  column  vector  set  of 
[//'<(/)]  >  referring  to  the  principal  references  of  system  A.  These  field  shapes  are  directly  related  to  the 
principal  field  shapes  of  the  excited  structure  and  allow  an  understanding  of  the  coupling  between  both 
systems. 


(14) 


Again,  only  apartial  model  is  obtained:  only  the  subspace  of  fi  containing  the  modes  that  are  controllable 
by  the  used  references  in  A  is  spanned  by  [H'gif)]. 

A  singular  value  decomposition  of  the  complete  FRF-matrix,  containing  the  responses  of  both  coupled 
systems  is  also  possible.  In  that  case,  the  issue  of  correctly  scaling  different  types  of  DOFs,  sucn  as 
accelerations  or  velocities  and  sound  pressures,  may  rise,  as  this  directly  affects  the  resulting  {/-vectors 
and  singular  values.  This  issue  is  currently  being  investigated. 

Casfi  Study 

A  fully  trimmed  Saab  340  aircraft  was  instrumented  with  accelerometers  on  a  number  of  fuselage 
frames  and  with  microphones  in  several  cabin  cavity  sections.  In  total,  276  structural  DOFs  on  the 
fuselage  and  208  acoustical  DOFs  were  measured.  Different  excitation  configurations,  structural  as 
well  as  acoustical  (by  loudspeakers  inside  the  aircraft)  were  tried  out.  In  this  paper,  structural  excitation 
by  6  shakers  on  one  fuselage  frame  section  is  discussed. 

Fig.  1  shows  the  singular  values  of  the  FRF-matrix  as  a  function  of  frequency,  between  70  and  120 
Hz.  Estimating  the  number  of  dominant  singular  values,  and  hence  the  number  of  effective  modes,  is 
obvious;  neither  is  the  ueieinmiciiiod  oi  (eS'^nance  f.'cquencies.  Fig.  2  represents  the  first  principal 
field  and  clearly  shows  which  frame  was  excited.  It  is  revealed  that,  due  to  the  high  damping,  the 
fuselage  response  shows  a  forced  nature.  Except  for  their  amplitude,  the  individual  frame  responses 
are  similar,  but  shifted  in  phase,  which  jeopardises  the  success  of  any  modal  parameter  fitting  method. 

Further  analysis  was  focused  on  the  first  two  principal  deflection  shapes  of  the  excited  frame  and  the 
corresponding  acoustic  field  shapes  in  two  neighbouring  cabin  sections.  Two  frequencies  were 
selected:  1 02.5  Hz,  where  the  first  singular  value  slightly  peaks,  and  85  Hz,  which  is  the  first  bladepass 
frequency  in  normal  flight  conditions.  To  visualise  the  acoustic  fields,  the  microphone  grids  were 
presented  as  wireframes,  and  the  pressures  were  visualised  as  •— ;ctors,  orthogonal  to  the  sections. 
This  allows  for  an  animated  display  of  the  response  field,  making  it  possible  to  interpret  the 
amplitude/phase  information  as  sound  field  shapes  or  (combinations  of)  acoustic  modes.  Fig.  3  shows 
the  102.5  Hz  results  (A-structural,  B-cavity),  whereas  Fig.  4  shows  the  85  Hz  results.  In  both  figures, 
the  left  part  represents  the  first  principal  shape,  the  right  part  the  second  principal  shape. 

At  102.5  Hz,  some  real  modes  of  the  fuselage  frame  are  recognised,  each  one  clearly  coupled  to 
specific  acoustic  field  shapes  (Fig. 3).  The  second  deflection  shape  shows  at  earheight  out  of  phase 
vibrations  at  each  side,  favouring  an  acoustic  side-side  mode.  At  the  first  field  shape,  these  sides 
vibrate  in  phase  and  rather  favourise  longitudinal  modes;  the  top  of  the  frame  however  moves  out  of 
phase  and  corresponds  with  a  coupled  acoustic  top-down  mode. 

At  85  Hz,  the  more  forced  (one  side  dominant)  and  complex  (not  monophase;  less  clear  modes) 
deflection  shapes  of  the  excited  frame  again  correspond  well  with  the  coupled  acoustic  behaviour. 
{Fig.4) 
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U-VECTOR  EXPANSION  METHOD 

The  singular  value  decomposition  of  the  FRF-matrix  also  forms  the  first  step  in  the  procedure  of  obtaining 
an  impedance  model  of  the  total  system,  based  on  tz-vector  expansion  [2). 

Based  on  reciprocity  considerations  and  reduced  rank  assumptions  of  the  FRF-matrix,  the  orthogonal 
U-vector  set,  which  in  fact  describes  the  dynamic  behaviour  of  a  subset  of  the  total  dynamic  system, 
is  used  to  estimate  the  characteristics  of  the  whole  system.  Basically,  the  method  consists  of  a 
reconstruction  of  a  full  square  FRF-matrix,  based  on  the  measured  submatrix. 

A  full  (N„sf  xA'*sr)  FRF-matrix  can  be  decomposed  as  follows: 

in(f)]Fuu  =  mTAcaim'’  (i5) 

where  [4^  is  an  matrix  containing  in  its  columns  the  mode  shapes,  independent  (only 

orthogonal  w.r.t.  the  mass  matrix)  contributing  in  the  frequency  range  of  interest.  These  modeshapes 
are  independent  of  frequency  and  span  the  vector  space  of  the  system  responses.  rA(/)J  is  a 
frequency-dependent  (N^fk^I^iwk)  diagonal  matrix  based  on  the  system  eigenvalues  (resonance 
frequencies  and  damping  values). 

As  [HifAptiu  is  assumed  symmetrical,  it  can  also  be  decomposed  using  the  previously  calculated 
t/-vectors,  obtained  by  SVD  of  the  {N^sp  xN^cf)  submatrix  (W(/)). 


[H(f)]Fuu  =  [U(f)][H"(f)][U(f)f  (16) 

[H"(f)]  \sa(Np,i^xNpNK)  (Amit  depending  on  the  number  of  significant  singular  values  in  [W(/)])  square 
matrix,  generally  not  diagonal.  In  order  for  Equation  (16)  to  be  (approximately)  correct,  the  {/-vectors 
should  also  span  the  total  system  response  space,  or,  needs  to  be  the  rank  of  \H (f)]  as  well  as 
of  lH(f)]pi,u.-  This  means  that  the  vectors  of  ({/(/)1  not  only  span  the  column  space  of  [H(f)]  but  also 
the  column  space  of  [Hifjlpua-  H  all  system  modes,  active  at  frequency /,  are  present  in  the  measured 
FRF-matrix,  which  means  that  they  can  all  be  excited,  are  controllable,  all  column  vectors  of  the  full 
FRF-matrix  should  still  belong  to  that  space.  [H''(f)]  can  be  estimated  starting  from; 

lH(f)]  =  [U(f)]lH"(f)]lU(f)f  (17) 

({/(/)]  is  the  matrix  formed  by  the  (Arrrx/Vrrr)  elements  of  lU(f)],  related  to  the  excitation  DOFs.  It 
should  be  noted  that  this  matrix  is  not  unitary,  its  columns  are  not  orthogonal  and  might  even  be 
dependent.  The  column  vectors  of  [(/(/)|  are  the  projections  of  the  {/-vectors  in  the  /VR^R-dimensional 
space,  defined  by  the  right  singular  vector  basis  [V(/)I. 
can  then  be  computed  as  follows: 


[//"(/)]  =  (18) 

or  also, 

=  ^S(f)}[V(f)f(lU(f)f}'  (19) 

An  important  issue  is  the  inversion  of  the  truncated  matrix  [{7{/)|.  Indeed,  this  matrix  isn’t  unitary 
anymore  and  may  be  rectangular.  Possibly,  a  pseu^-inverse  solution  could  be  envisaged  here.  This 
can  be  done  by  a  singular  value  decomposition  of  [{/(/)|; 
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[U(f)] 


(20) 


Because  of  the  singular  vector  matrices  are  unitary  and  the  singular  values  matrix  is  diagonal,  the 
pseudo-inverse  of  [i/(/)]  can  be  written  as: 

[U(f)V  =  [V'(/)]/5(/)Jp'[t/(/)]p  (21) 


As  the  vectors  of  [U(f)]  describe  the  same  vector  space  as  (V'(/)],  it  can  be  expected  that  all  Ngmc 
singular  values  of  [U(f)]  are  significant. 

A  new  singular  value  decomposition  on  this  matrix  would  give  the  global  {/-vector  or  principal  field 
shape  set,  which  in  case  of  a  mass  matrix  proportional  to  the  identity  matrix,  would  be  proportional  to 
the  mode  vectors.  The  number  of  non-zero  singular  values  would  evidently  be 

CONCLUSIONS  AND  CURRENT  RESEARCH  TOPICS 

Principal  Field  Analysis  and  U-Vector  Expansion  are  currently  subject  to  a  feasibility  study.  Several 
issues  still  need  to  be  studied  more  thoroughly. 

In  order  to  obtain  a  global  vibro-acoustic  impedance  model  based  on  U-vector  expansion,  including  all 
coupled  systems,  not  only  the  scaling  of  the  different  responses,  but  also  fulfilling  the  reciprocity 
requirement  for  vibro-acoustic  and  acoustic-vibration  FRFs  (quantities  for  the  acoustic  inputs)  need  to 
be  investigated  more  thoroughly.  Vibro-acoustic  reciprocity  was  recently  discussed  by  Fahy  [3J. 

In  order  to  cancel  out  measurement  errors  due  to  frequency  shifts  and  data  inconsistencies  over  a 
certain  frequency  band,  methods  are  currently  developed  that  globally  describe  the  "average"  dynamic 
behaviour  in  that  frequency  band  (which  may  contain  several  resonance  frequencies)[4]  15].  The 
information  of  a  number  of  frequency  lines  may  be  reduced  to  one  "averaged"  FRF-matrix.  One  then 
obtains  a  principal  field  shape  set,  representing  the  dynamic  behaviour  in  that  frequency  range.  A 
feasibility  study  on  linking  this  method  to  the  U-vector  expansion  method  is  currently  on-going. 
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ABSTRACT 

Louvers  are  routinely  used  in  heating,  ventilation  and  air  conditioning 
(HVAC)  systems  to  direct  exit  airflow  in  preferred  directions.  Fundamentally, 
a  louver  system  is  a  cascade  of  small  airfoils  all  operating  at  a  common  angle 
of  attack.  The  noise  radiated  from  such  a  cascade  is  more  complicated  than 
simply  the  sura  of  the  emissions  from  N  Independent  airfoils,  where  N  is  the 
number  of  foils  In  the  cascade.  The  complication  arises  because  of  blade ‘to- 
blade  interactions  and  increasing  blockage  (solidity)  as  N  gets  large.  Indeed 
the  turbulence  structure  over  the  individual  blades  may  be  altered  as  the 
solidity  increases  which  can  have  an  effect  on  the  aerodynamic  noise  produced. 
In  this  study,  these  fundamental  Issues  are  addressed  experimentally.  A  typical, 
small,  plastic  louver  vent  (register)  used  in  automotive  HVAC  applications  is 
considered.  Sound  pressure  level  data  are  acquired  45^  off  the  exit  centerline 
in  an  anechoic  environment  when  air  is  supplied  to  the  louver  from  a  remote  quiet 
airflow  source.  Flow  velocity,  angle  of  attack,  and  N  are  the  primary 
independent  variables  in  these  experiments  from  which  velocity  and  solidity 
scaling  laws  are  being  developed. 

INTRODUCTION 

A  louver  is  oftentimes  placed  at  the  exit  of  a  heating,  ventilation  and  air 
conditioning  (HVAC)  system  to  cover  the  opening,  to  act  as  a  finger  or  hand 
guard,  and  to  provide  directional  control  of  the  exit  airflow.  The  louver  is 
basically  a  cascade  of  small  airfoils  each  operated  at  a  common  angle  of  attack. 
Airfoils  operated  under  steady  and  nonsteady  (as  well  as  uniform  and  nonuniform) 
Inflow  conditions  create  noise  because  of  several  different  mechanisms.  These 
mechanisms  relate  to  the  character  of  the  flow  •  laminar,  turbulent,  or 
separated;  to  the  geometry  of  the  leading  and  trailing  edges  -  sharp  or  blunt; 
and  to  the  angle  of  attack  which,  essentially,  influences  the  type  of  flow  over 
the  surface.  Under  subsonic  conditions,  turbulence  in  the  inflow,  wake,  or 
turbulent  boundary  layer  creates  relatively  inefficient  quadrupole  radiation. 
However,  as  the  turbulence  Interacts  with  the  leading  or  trailing  edges  of  an 
airfoil,  non-acoustic  wavenumber  components  of  the  turbulent  pressure 
fluctuations  get  scattered  into  more  efficient  dipole  radiators  [1-3]  .  In  many 
applications  it  Is  the  trailing  edge  Chat  is  responsible  for  most  of  the  noise 
radiation  from  small  airfoils  at  low  flow  velocities. 

The  Reynolds  number  based  on  airfoil  chord  length,  C  and  free-stream 
velocity.  U  Is  defined  by  UC/v,  where  v  is  the  kinematic  viscosity  of  air.  If 
the  Reynolds  number  Is  smaller  chan  about  2  x  10^,  Chen  the  flow  entering  the 
trailing  edge  (TE)  region  will  be  laminar.  The  noise  from  the  TE  will  be  tonal 
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in  nature  due  to  a  Helmholtz  Instability  in  the  periodic  wake  vorticity.  The 
frequency  of  the  radiation  will  scale  as  a  Strouhal  number,  fi/U  -  constant, 
where  i  is  typically  the  boundary  layer  thickness,  6  for  sharp  trailing  edges; 
or  h,  the  TE  thickness  for  blunt  terminations.  As  the  angle  of  attack  increases, 
local  flow  separation  will  occur  on  the  airfoil  and  the  tonal  nature  of  the 
radiation  disappears  and  the  sound  becomes  broadband  in  character.  For  high 
Reynolds  numbers,  the  boundary  layer  transitions  from  laminar- to -turbulent  on  the 
surface  of  the  foil.  Then  TE  noise  is  governed  by  the  scattering  of  the 
turbulent  boundary  layer  (TBL)  pressure  fluctuations  by  the  edge  discontinuity. 
For  sharp  or  blunt  edge  shapes,  the  spectrum  of  radiation  is  continuous.  For 
some  combinations  of  TBL  thickness  and  TE  bluntness,  a  broadband  "hump"  of  energy 
sometimes  appears  in  the  noise  spectrum  and  can  be  related  to  random  vortices 
being  shed  from  the  edge  which  form  a  quasi-random  wake  structure.  These  bands 
of  energy  scale,  usually,  on  the  thickness  of  the  near  wake. 

In  the  study  reported  here,  a  small  louver  vent  used  in  automotive  HVAC 
applications  is  considered.  The  study  Is  experimental  with  a  primary  goal  of 
determining  the  spectrum  of  radiated  sound  under  various  independent  operating 
conditions  (velocity,  angle  of  attack,  and  number  of  blades,  N)  and  relating 
these  data  to  the  physical  aeroacoustic  mechanisms  expected.  For  chose 
aerodynamic  mechanisms  identified,  efforts  are  devoted  to  modification  of  the 
device  to  alter  the  fluid  mechanics  and  hopefully  reduce  the  noise  radiation. 
Because  the  louver  is  a  set  of  several  small  airfoils,  the  experimental 
methodology  includes  measuring  the  noise  from  individual  foils  and  components  in 
order  to  establish  the  hierarchy  of  noise  sources.  The  results  presented  here 
are  preliminary  in  that  the  project  continues  at  this  writing.  The 
interpretations  and  conclusions  are  based  on  only  one  angle  of  attack,  zero 
degrees;  acoustic  data  for  other  angles  will  be  presented  at  a  later  time. 

EXPERIMENTAL  APPARATUS  AND  PROCEDURES 

Figure  1  shows  photographs  of  the  louver  vent  under  consideration.  In  the 
Fig.  la  view,  the  flow  is  from  left  to  right.  This  louver  Is  designed  to  fit 
into  a  9.5  cm  orifice.  A  tie  rod  connects  the  four  airfoils  together  so  that 
they  can  pivot  together  through  common  angles.  Vhen  closed  (90®  angle  of 
attack),  each  blade  nests  within  steps  molded  into  each  blade.  Thus,  the  flow 
surfaces  have  pronounced  discontinuities  as  sketched  In  Fig.  3.  As  seen,  the 
boundary  layer  formed  over  the  blade  is  prone  to  separation  induced  by  a  forward 
(FVD)  facing  step  on  the  bottom,  and  a  backward  (BWD)  facing  step  on  the  top 
side.  The  highest  flow  velocity  considered  is  16.2  fa/s,  and  the  chord  is  only 
27  mm,  so  the  maximum  chord  Reynolds  number  is  2900;  the  boundary  layer  is 
laminar  before  it  reaches  the  steps. 

Airflow  Is  supplied  by  a  20  HP  centrifugal  blower  situated  outside  a  large 
anechoic  chamber  and  contained  within  a  sound  isolation  box.  The  Inlet  to  the 
blower  is  acoustically  created  by  use  of  a  commercial  muffler.  As  sketched  in 
Fig.  U,  a  flexible  air  hose  connects  the  air  source  to  another  plenum  box  inside 
Che  anechoic  chamber.  This  plenum  eliminates  all  turbulence  in  the  approach 
stream  (due  to  its  large  volume)  and  provides  acoustically- treated  baffles  to 
attenuate  the  air  source  noise.  The  anechoic  chamber  [A)  is  reflection  free  down 
to  70  Hz  and  is  equipped  with  a  portable  wire  mesh  floor  to  support  the  test 
apparatus.  At  the  exit  of  the  plenum  box.  Investigators  have  the  option  of 
placing  Che  louver  vent  directly  within  the  opening  (circular  orifice) ,  or  adding 
pipe  and  turbulence  screens  for  the  study  of  turbulence  ingestion  noise.  For 
this  presentation,  the  louver  was  placed  directly  within  the  plenum  exit  orifice 
without  the  optional  piping  and  turbulence  generators.  The  air  source  is 
controlled  by  a  three-phase  Invertor,  so  the  flow  velocity  can  be  set  to  any 
desired  value  between  4.8  and  34  m/s. 

Velocity  is  measured  with  a  Pitot-static  pressure  probe.  Particular  volume 
flow  rates  were  required  in  the  tests  and  these  were  established  from  probe  scans 
across  the  open  Jet  orifice  without  the  louver.  When  the  louver  is  placed  in  the 
orifice,  flow  velocities  necessarily  increase  at  constant  airflow  due  to  the 
blockage  created  by  the  louver  blades.  Thus,  presented  data  for  the  open  Jet 
alone  will  show  a  lower  test  velocity  than  those  data  acquired  when  the  louver 
is  in  the  flow  path.  Velocities  for  the  louver  in  place,  were  measured  between 
the  two  center  louver  blades. 
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Sound  pressure  level  data  were  acquired  with  a  1/2 -Inch  microphone 
(Type  4133)  situated  45°  off  the  centerline  of  the  exit  Jet  and  at  1  meter  from 
the  plane  of  the  orifice.  Amplification  was  achieved  from  an  Ortec  Differential 
AC  Amplifier  (Type  9454).  Acoustic  data  acquisition  was  performed  using  a  Zonlc 
System  7000  8-channel  parallel  signal  processor.  A  VAX  Station  3100  computer 
controls  the  processor  and  performs  the  spectral  computations .  Data  were  taken 
at  a  12.8  kHz  sampling  rate  which  provides  spectral  estimates  up  to  5  kHz.  A 
Hanning  window  was  used  for  spectral  smoothing,  256  ensembles  were  used  In 
spectral  averaging,  and  the  effective  analysis  bandwidth  is  6.25  Hz. 

RESULTS  AND  DISCUSSION 

The  measured  overall  sound  pressure  level  as  a  function  of  airflow  velocity 
for  three  different  configurations  is  shown  in  Fig.  4.  The  open  jet  data  suggest 
classical  jet  noise  which  is  composed  of  acoustically  compact  quadrupoles;  the 
mean-square  acoustic  pressure  Increases  with  the  eighth  power  of  flow  velocity 
[5]  .  Uhen  the  louver  housing  containing  only  one  of  the  center  blades  is  placed 
In  the  exit  orifice  of  the  plenum  box,  the  acoustic  pressure  depends  on  the  sixth 
power  of  flow  velocity  which  Is  expected  for  the  dipole  source  mechanisms  of  TE 
flow.  The  same  acoustic  mechanism  exists  when  all  blades  are  In  the  louver  as 
indicated  by  the  "plus-circle"  data  points  of  Fig.  4.  The  louver  In  this 
particular  data  set  was  modified  by  removal  of  the  tie  rod  and  the  individual 
blades  were  filled  with  body  putty  and  sanded  smooth  as  to  eliminate  the  FUD  and 
BUD  facing  steps.  Other  data  obtained  before  the  blade  modification  also  show 
a  sixth  power  law  dependence  on  velocity. 

Power  spectra  of  the  radiated  acoustic  pressure  are  shown  In  Fig.  5  for  the 
housing  of  the  louver  vent  without  blades.  Within  one  or  two  dB,  these  spectra 
are  identical  to  those  measured  for  the  circular  orifice  without  the  housing. 
The  large  energy  band  at  very  low  frequencies  Is  velocity  dependent  (eighth  pover 
law)  and  Is  basically  jet  Induced.  As  will  be  shown  in  the  following  results, 
this  band  of  energy  persists  In  the  measured  spectra  regardless  of  the  number  or 
geometry  of  blades  installed  In  the  housing. 

When  all  four  blades  are  In  the  louver  vent  housing  (stock  configuration) . 
noise  Increases  occur  at  all  frequencies  above  500  Hz,  Fig.  6.  The  effect  of 
removing  blades,  one  at  a  time.  Is  demonstrated  In  Fig.  7  for  the  maximum 
velocity  considered.  Systematic  decreases  In  sound  pressure  levels  are  observed 
for  most  of  the  spectral  range  as  blades  are  eliminated,  but  a  pronounced  narrow- 
band  component  appears  In  the  3500  Hz  range  which  is  related  to  the  bottom  blade 
of  the  vent.  A  closer  examination  of  the  noise  radiated  by  this  bottom  blade  is 
given  In  Fig.  8.  Inspection  of  the  blade  <'see  Fig.  1)  reveals  a  "thumb  tread" 
molded  onto  the  blade  surface  which  appears  as  periodically- spaced  set  of  six 
ridges.  The  height,  h  of  these  ridges  Is  0.5  md  and  Strouhal  scaling  using  this 
height  causes  the  velocity-dependent  peaks  of  Fig.  8  to  collapse  to  a  common 
Strouhal  number  of  S  -  fh/U  -  0.12.  The  ridges  are  spaced  at  L  -  3  mm,  and  using 
this  length  scale,  S  -  0.72.  The  ridges  were  removed  from  the  blade  and  the 
acoustic  measurements  repeated.  Figure  9  shows  the  spectral  results  and  It  Is 
clear  that  the  thumb  tread  was  responsible  for  the  narrow-band  energy  observed 
In  the  previous  figure.  This  narrow-band  energy  does  not  appear  In  the  as- 
designed  stock  louver  runs  of  Fig.  7.  A  definite  reason  has  yet  to  be  proven, 
but  blade-to-blade  interaction  mechanisms  are  believed  to  be  the  underlying 
physics.  When  there  Is  a  blade  operating  adjacent  to  the  one  with  the  thumb 
tread,  the  thumb  tread- induced  Cone  Is  suppressed.  The  interaction  probably 
destroys  the  vortices  shed  from  the  ridges  which  cause  tonal  radiation. 

The  rearward  and  forward  facing  steps  on  the  individual  louver  blades  are 
responsible  for  a  considerable  portion  of  the  high-frequency  radiated  sound. 
This  can  be  demonstrated  by  comparing  Fig.  10  with  Fig.  6,  where  the  data  of  Fig. 
10  were  obtained  for  a  louver  vent  in  which  the  steps  were  filled  In  with  body 
putty  and  sanded  smooth.  Noise  reductions  above  500  Hz  are  In  the  3  to  6  dB 
range . 
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CONCLUSIONS 


A  systematic  investigation  is  underway  to  identify  the  mechanisms  of 
aerodynamic  sound  generation  from  small  subsonic  airfoils  operated  in  cascade, 
and  to  use  this  diagnostic  information  to  modify  the  designs  for  noise  reduction. 
Examples  of  our  findings  have  been  presented  here  and  initial  conclusions  are  as 
follows • 

•  When  individual  blades  are  added  one>at>a-time  to  make  up  a  louver 
vent,  the  noise  increases  in  proportion  to  the  number  of  blades  to 
a  point  where  blade-to-blade  interaction  may  alter  the  aerodynamics 
of  a  given  blade  and  the  noise  character  may  change. 

•  Rearward  and  forward  facing  steps  molded  into  individual  blades  are 
predominant  sources  of  radiated  sound.  By  removing  them,  3  to  6  dB 
noise  reduction  may  occur. 

•  A  circular  louver  housing  without  blades  radiates  predominantly 
quadrupole  sound  which  obeys  an  eighth  power  dependence  on  flow 
velocity. 

•  The  small  airfoils  mounted  in  the  louver  housing  radiate  more 
intensely  than  the  jet  alone  owing  to  the  dipole  mechanisms  of  flow 
over  surfaces  with  free  edges.  A  sixth  power  dependence  of  this 
dipole  noise  on  flow  velocity  was  found.  The  steps  that  are  present 
on  these  blades  also  behave  as  dipole  sources  of  sound  because  the 
power  law  dependence  doe?  not  change  with  blade  surface 
modification. 
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OASPL  in  dB  re  20^JpQ/Hz 


Figure  1- -Photograph  of  louver  vent  b)  side  view 

Investigated,  a)  front  view; 


Figure  2-“Cross-sectional  view  of  a  typical 
louver  blade  in  unit  evaluated 


Figure  3- -Louver  noise  experimental  setup 
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Figure  4- -Dependence  of  overall  sound 
pressure  level  on  flow  velocity 


OASPL  vs.  velocity 
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Figure  5> -Power  spectra  of  the  sound 
pressure  for  the  orifice  Jet  with  louver 
ring  housing 
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Figure  6- -Power  speccra  of  che  sound 
pressure  for  che  as-designed  stock  louver 
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Figure  7--Power  spectra  of  che  sound 
pressure  for  individual  and  multiple 
blades  in  the  louver 


Figure  8- -Power  spectra  of  the  sound 
pressure  for  the  bottom  blade  only  with 
thumb  tread  ridges  in  place 


Figure  9- -Power  spectra  of  the  sound 
pressure  for  the  bottom  blade  only  with 
thumb  tread  ridges  removed 


Figure  10- -Power  spectra  of  the  sound 
pressure  for  the  register  vent  when  the 
steps  on  all  blades  are  filled  and  smoothed 
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ABSTRACT 

Multiple  connection  structural  system  "engine-mount-ai rframe"  is  considered 
and  choice  strategy  for  vibration  Isolation  devices  is  presented i taking  into  ac¬ 
count  real  dynamic  characteristics  of  engines  and  airframe  in  attachment  points. 

In  the  present  paper  results  of  extensive  experimental  studies  of  various 
engines  and  aircraft  bodies  dynamic  compliances  are  generalized)  as  well  as  these 
of  airframe  acoustic  response  functions  calculated  by  the  impedance  testing  tech¬ 
nique  in  10. ■ .1000  Hz  frequency  range- 

As  an  example  we  consider  the  improved  D30-KU  engine  vibration  isolating  attach¬ 
ment  on  the  TU-154M  aircraft- 

INTRODUCTION 

Acoustic  comfort  in  flight  and  passenger  compartments  is  achieved  through 
the  matching  of  frequency-dependent  characteristics  of  engine  and  aircraft  bodies! 
this  is  of  special  importance  when  multi-shaft  turbine  engines  are  used  on  aircrafts. 

To  satisfy  the  requirements  of  vibration  and  acoustic  comfort  in  the  flight 
and  passenger  compartments  of  modern  aircrafts  expected  levels  of  noise  and  vibra¬ 
tion  from  main  sources  are  to  be  known  by  the  design  stage- 

One  of  the  main  aircraft  noise  and  vibration  sources  is  its  power  plant- 

The  present  paper  deals  with  the  structure-borne  noise  due  to  the  reemission 
by  the  structure  components-sush  as  fuselage  casing  excited  by  the  engine  vibra¬ 
tion  action  in  attachment  points- 

TRANSMISSION  MODEL 

Using  the  multiple  connection  mathematical  model  "engine-moint-airframe"  with 
general izad  dynamic  characteristics  Irechanical  impedance  etc.)  in  attachment  po- 
intS)the  equation  is  obtained  to  estimate  the  level  of  engine  power  dynamic  act 
ion  on  the  airframe  [li: 
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where  (^f«]i  [OaJ  are  square  matrices  of  dynamic  compliances  of  respectively  engine 
and  airframe  mount  structures  in  attachment  pointsi 

fQ-'^is  the  matrix  of  engine  structure  transferred  compliances  from  excitation  for¬ 
ces  application  points  to  attachment  ones;^^  is  the  matrix-column  of  excitation 
forces  in  engine  components* 

Using  real  engine  and  airframe  compliance  data  obtained  experimentally  [2]  the 
coupled  motion  limits  in  the  "engine-mount-airframe"  structural  system  were  studied 
anda  possibility  to  produce  a  one-dimensional  mathematical  model  for  each  attacment 
point  was  examined* 

The  analysis  of  obtained  characteristics  had  shown  considerable  yariation  of 
dynamic  compliances  (input  and  transferred)  ratios  in  the  excitation  frequency 
range  ( see  Fig*  t ) • 

Taking  into  account  these  dependencies  the  possibility  to  neglect  transferred 
compliances  may  be  examined  through  comparison  of  matrix  rates  of  the  following 
type  C33I _  _ _ _ 

y =1/5 lev  I"'  .  yv/f  le“i‘'  . 


y=y.5ievi^  ,  yv/gK-r  . 

where  N  and  N*are  euclidian  rates  of  full  and  diagonal  matrices  of  the  structure! 
respectively.  ^ 

Then  the  variable  — —  may  be  referend  to  as  the  system  connectivity 
ratio. 

The  calculations  executed  have  show  that. ^  being  sufficiently  small  (less  then 
0.5'/,) .  the  whole  system  "engine-mount-airframe"  decomposes  into  m  non -connected 
systems  which  are  considerably  easier  to  analise. 

If  engine  mounting  attachment  are  dynamically  independent  and  motion  is  uni- 
direct  i  onal  .  the  expression  for  the  force  acting  from  the  engine  side  in  the  i-th 
attachment  point  may  be  transformed  tol 

rI(^)  (3) 

where  is  engine  vibratory  motion  in  the  hypothetical  case  of 

the  engine  being  not  Cu^strained  in  the  vibration  sense. 

Considering  each  of  m  engine  structure  attachments  to  airframe  as  a  separate 
action  sourse.we  determine  the  total  acoustic  pressure  in  some  point  tV  of  the 
pressurized  cabin  as  a  sum  of  acoustic  pressures  due  to  each  of  these  sorcesi 


where  is  the  structure  frequency  response  defined  as  the  acoustic  pressure 

in  the  point  K  divided  bv  the  dynamic  force  applied  to  the  point  1. 

and  producing  this  pressure’. 


///%; 


The  noise  being  expressed  in  dB.let  us  rewrite  this  formula  in  the  following 
form  which  is  more  convenient  for  the  measurraent  of  the  characteristic: 

-Po£^  ,  ,  6 , 

where  5  soud  pressure  level  (SPL)  transfer  function.  is  the  noise 

level  in  dB  within  the  aircraf t_cabin  which  is  generated  by  a  constant  ,  for  the 
experiment.excication  force  ,  i*  the  exitation  force  amplitude  to  the  unit 

force  ratio. 
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SOffor  the  i-th  attachment  point  the  expected  noise  level  in  pressurized  ca- 
bin  due  to  the  vibratory  action  of  the  aircraft  power  plant  accounting  for  the 
engine  vibratory  motioniengine  and  airframe  dynamic  compliance  matrices  and  inte* 
rior  SPL  responsesimay  be  calculated  according  to  the  formula* 

where  is  the  vibrator  excitation  force  in  the  i-th  attachment  point i 

\s  the  amplitude  of  engine  body  vibration  in  the  i-th  attachment  point* 

CtJ  -circular  frequency. 

Adding  together  separate  sources  powers  we  get  the  total  noise  level  due  to 
the  vibratory  action  of  the  power  plant* 

The  analitical  expression  thus  obtained  allows  to  formulate  the  requirements 
to  the  power  plant  to  limit  vibroacoustic  action  and  to  choose  the  most  effec¬ 
tive  ways  to  decrease  it* 

EXPERIMENTAL  DATA 

A  well-known  test  technique  was  usedJstructures  were  excited  by  an  electro- 
dynamic  shaker  while  the  harmonic  input  force  amplitude  being  constant  and  its 
frequency  varying  authomatical ly  within  the  studied  range* 

Measurment  were  done  in  a  hangar  in  silence  modeiaircraf t  pressurized  cabin 
doors  being  baattened  down*During  the  tests  the  interferences  level  was  monitored* 

The  noise  was  measured  at  passenger's  and  pilot's  heads  level  according  to 
current  rules  of  sertif ication  testing  in  aircraft  passenger  and  flighting  compart¬ 
ments*  The  sound  pressure  level  data  presented  herein  are  refereced  to  . 

Vibration  pickups  were  placed  on  the  seat  rails  along  the  pressurized  cabin* 
on  the  presi  domeion  engine  nacelles*On  the  engines  *  vibration  pickups  were 
placed  at  mount  attachment  points  and  also  on  some  engine  components* 

The  information  was  processed  with  the  use  of  a  magnetic  recorder  unit  * 
a  2-channBl  analizer  and  an  XY-recorder*  From  the  digital  output  of  the  analizer 
the  information  was  transmitted  to  a  digital  cassette  recorder  in  order  to 
create  a  databank ? then  it  was  loaded  in  a  computer  to  make  necessery  calculations* 
e.g*  to  estimate  the  expected  ncice  level  due  to  the  engine  vibratory  action* 

The  dynamic  characteristics  analysis  of  several  turbofan  engine  demonstrates 
siroilaraty  and  allows  the  frequency  range  of  interest  to  be  divided  into  several 
sub-ranges*which  are  characterized  by  the  engine  cetrain  dynamic  behaviour J that  is* 
for  every  such  subrange  a  sufficienty  simple  and  reliable  mathematical  model  can  be 
provided* 

Thus  the  upper  limit  of  rigid  body  behaviour  of  a  turbine  engine  was  deterrai- 
nad-it  is  about  25-30  Hz.It  is  shown  that  above  30  Hz  the  engine  behaves  as  an 
elastic-inertial  system  with  multiple  resonances. The  identification  of  these  re¬ 
sonances  allowed  to  relate  them  to  natural  frequencies  of  some  engine  components 
<rotors*gear  boxes*accessaries  attached  to  engine  cassing  etc.) 

Above  100  Hz  the  engine  corresponds  to  the  elastic-dissipati ve  model* its  damping 
and  elasticity  levels  depending  on  the  action  appliication  point  and  direction* 

The  engine  body  dynamic  compliance  (module)  characteristics  are  represented  in 
Fig. 2  for  different  directions  of  mount  excitation? that  allows  to  identify  the 
transverse  motion  natural  frequency  of  one  of  the  rotors* 

In  the  experiments  the  linearity  principle  validity  was  checked  and  the  limits 
of  reciprocity  were  determined* 

The  spectrograms  of  acoustic  response  indicate  multiple  resonances  of  the  com¬ 
partment  air  volume  (noice  level  variations  are  up  to  20-30  dB).The  comparison  of 
the  acoustic  response  of  some  point  of  the  TU-154M  aircraft  with  the  same  cha¬ 
racteristic  of  the  DC-9  aircraft  C71  demonstrates  a  strong  similarity  of  aircraft 
structures  properties  (Fig*3). 
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An  example  of  the  dynamic  compliance  variation  of  the  structure  in  some  engine 
attachment  point  is  show  in  Fig«4?the  same  characteristic  of  the  DC-9  aircraft 
engine  attachment  bracket  is  also  show  CBl* 

The  use  of  real  dynamic  characteristics  for  separate  mount  was  earlier  consi¬ 
dered  in  a  one-dimensional  way  because  of  insufficient  informat  ion* but  even  then 
the  authors  in  the  conclusion  of  their  paper  laid  down  a  program  of  a  detailed  study 
and  pointed  out  the  necessity  of  the  relationship  between  the  sound  pressure  in  the 
compartment  and  the  forces  applied  to  the  fuselage  from  the  engine  side  to  be  taken 
into  account  C0] < 

A  study  is  known  where  the  light  airplane  transmission  model  included  engine 
mount  dynamic  characteristics  in  the  attachment  points  and  the  acoustic  response  of 
selected  cabin  interior  pointsidefermintd  by  what  is  generally  referred  to  as  point 
and  transfere  impedance  testingibut  the  engine  was  still  modeled  as  a  rigid  body  [93 

Our  analysis  of  body  dynamic  compliance  of  several  Soviet  engines  differing  both 
by  the  thrust  levels  ( 10000- . .20000  Kg)  and  the  bypass  ratios  (from  0-5  to  5-0) i 
allowed  to  improve  considerably  the  turbine  engine  dynamic  model  in  the  rotor 
frequency  range* 

The  investigation  of  the  airframe  SPL  transfer  f».mction  from  engine  vibratory 
action  application  of  the  points  (attachment  points)  to  the  cabin  resulted  in  de¬ 
termination  of  each  engine  (or  attachment  point)  constribution  to  the  pressurised 
cabin  vibroacoustic  field  and  allowed  to  dispose  the  vibration  isolation  means  ac¬ 
cordingly* 

This  method  application  is  exemplified  by  the  design  of  the  improved 
engine  mount  vibration  isolation  in  middle-sised  airliner*  where  the  matching  of 
frequency  dependent  characteristics  of  engine  bodies  and  aircraft  is  achieved 
through  the  right  choice  of  moint  parameters. 

To  evaluate  the  contribution  of  each  engine  vibration  isolating  mount  in  case 
of  roultiengine  power  plant  a  method  was  elaborated  in  flight  tests  to  dismatch 
the  operating  conditions  of  engines  taking  into  account  the  test  equipment  resolution 
and  rotor  slip  In  order  to  separate  individual  engine  contributions* 

Acoustic  characteristics  of  the  pressurized  cabin  were  determined  for  diffe¬ 
rent  cruising  conditions  -  firstly  for  rigid  engine  mounts  and  then  for  various 
vibration  isolating  mounts  (  elastic*  elastic-inertial  with  narrow-band  vibrati¬ 
on  absorbers  ) * 

The  use  of  the  new  vibration  isolating  engine  mount  resulted  in  reduction 
of  engine  discrete  tones  in  the  rotor  frequency  range  by  8* •■12  dB  and  of  the 
noise  in  octave  bands  containing  rotor  harmonics  -  by  6.**10  dB  (see  Fig. 5). 

This  allowed  to  reduce  the  total  SPL  within  the  compartments  by  3** -5  dB(A). 
The  results  obtained  agree  with  calculations* 


Frequency*  Hz 

Ftqurel*  Comparison  of  dynamic  compliances  (input  and  transferred^ 
l-I »2-2- input  12- I -transferred 
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Fiq»ire2- 


Frequencv*  Hs 

Enqine  dynamic  compliances  (module)  for  different  directions  of  exitation 
1-in  the  diametrical ;2-in  the  lonqitudinal ;3-50  from  diametrical 


Fiqure  3-  Comparison  of  SPL 

transfer  function  spectra 
1-TU-154M.2-DC-9 


Dynami c 
compliance 
ram/N 


Fiqure  ‘I-  Comparison  of  airframe 
dynamic  coraplances  in 
enqine  attachment  point 


Octave  center  frecuencv.  Ha 

Fiqure  5-  Effectivness  of  improved  vibration  isolation  mount 
1-reqular  isolatori2-improved  ,  3  •rt9i((. 
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ABSTRACT 

This  study  contains  a  mathematical  analysis  of  constrained-layer  damping 
(CLD)  in  plates  of  infinite  extent,  with  an  emphasis  on  the  physical 
understanding  of  some  special  features,  including  fluid  loading.  Previous  work 
is  expanded  to  cover  extensional  waves.  Some  essential  aspects  of  fluid 
loading  may  be  understood  by  applying  thin-plate  theory.  Therefore  thin-plate 
theory  of  extensional  waves  in  a  fluid-loaded  plate  was  developed  as  a 
counterpart  to  that  for  flexural  waves.  The  description  and  examples  of  CLD 
follow  three  models:  the  first  is  an  extension  of  Kerwin’s  1959  model,  the 
second  a  hybrid  model  for  which  the  base  plate  is  treated  by  exact  elasticity 
theory,  and  finally  a  fully  exact  model  for  all  three  layers.  Examples  and 
comparisons  are  given. 

NOUBNCUTURE 


c  extensional  wave  speed 
^  for  thin  base  plate 
c^  dilatational  wave  speed 
for  thin  base  plate 
c^  extensional  wave  speed  for 
thin  constraining  layer 
c^  wavespeed  in  medium 

d^  =  h^/2;  h^-layer  thickness 

E^  Young’s  modulus  for  three 

layers 

E.*  extensional  modulus  - 

for  three  layers;  E*  =  B/(l-i/^) 

F  fluid- loading  parameter 


i  index  of  layers:  1-base  plate,  2- 

elastomer,  3-constrained  layer 

k  wavenumber  in  plate,  k  =  k'-ia 

k  wavenumber  in  medium 

o 

s 

q  =  C  +  (f 
^  -f  - 

w  displacement  perpendicular  to  plate 

a  attenuation  coefficient 

1/^  Poisson’s  ratio  for  three  layers 

p.  density  of  three  layers 


density  of  Bsdium 

a  stresses  at  opposite  sides  of  plate 

r  =  [(k/k^)^ 

W  characteristic  frequency  for  exten- 

*'  sional  naves  in  fluid-loaded  plate 

0  dimensionless  frequency,  Q  = 

IMTEODUCTION 

The  principle  of  constrained-layer  damping  of  acoustic  waves  consists  of 
attaching  a  thin  elastomer  layer  with  high  viscoelastic  loss  plus  a  stiff 
covering  layer  to  a  bar,  plate,  or  structure.  This  stiff  layer  forces  the 
elastomer  into  shear,  with  concomitant  large  loss,  as  compared  with  purely 
extensional  loss  in  the  elMtomer  without  cover  layer.  Although  the  loss 
tangent  of  the  shear  modulus  6  is  almost  the  same  as  the  loss  tangent  in  the 
Young’s  modulus  B,  the  energy  loss  in  the  constrained  layer  is  of  the  order 
l/kh^of  that  in  an  unconstrained  layer. 

This  physical  explanation  of  the  effect  is  represented  in  a  classical  paper 
by  E.M.  Kerwin  [1] .  His  model  gives  good  results  within  the  given 
restrictions;  flexural  waves  at  low  frequency  in  a  main  plate  with  thin 
additional  layers.  Extensional  waves  are  not  considered,  and  fluid  loading  is 
not  readily  introduced. 

In  order  to  retain  the  advantage  of  Kerwin ’s  model  of  providing  an  explicit 
algebraic  expression  for  the  attenuation  coefficient  in  terms  of  geometric  and 
elastic  parameters,  the  model  was  extended  and  compared  with  more  exact 
formulations,  a  'hybrid*  model  and  an  exact  model  [2,3] . 

In  this  study  the  analysis  is  extended  to  cover  extensional  waves.  Since 
flexural  waves  were  discussed  in  previous  publications  [2,3] ,  only  some  of 
their  features  will  be  mentioned  here.  For  most  combinations  of  plate  and 
medium,  the  flexural  wave  speed  in  the  plate,  which  increases  from  zero  at 
sero  frequency,  reaches  a  value  equal  to  the  speed  in  the  medium,  at  a  certain 
frequency.  Thus  one  distinguishes  radiating  and  non-radiating  ('subsonic'] 
waves  in  the  plate.  This  phenomenon  does  not  occur  for  extensional  waves  in 
most  cases. 

HIERAECHY  OF  MODELS 


G„  complex  shear  modulus  of 
elastomer,  =  G2'  (1+i/J) 

g  complex  shear  parameter, 

=62/ (k*  2  Eg*  h2h3),  g=g'  (l+i/>) 

r  =3/4  for  flexural,  =1/2  for 

extensional  waves 


In  the  case  of  flexural  waves  in  a  fluid-loaded  plate,  physical  insight 
was  obtained  by  using  thin-plate  theory.  A  parallel  thin-plate  theory  for 
extensional  waves  in  a  fluid-loaded  plate  is  presented.  The  formalism  for 
extensional  waves  in  terms  of  the  hybrid  model  and  fully  exact  model  is  the 
same  as  for  flexural  waves. 

The  extended  Kerwin  model  includes  extensional  waves.  It  is  represented  by 
the  following  expression, 


a/k’  =  (r/J)  -5^  - 5 - ^ 

E  *h  [1  -  (0/03)=^  *  g']=^  ♦  A' 


(1) 


The  following  outline  lists  the  three  models  for  constrained  layer  damping 
used  in  the  examples,  with  their  characteristic  properties. 
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1.  Extended  Kemin  nodel 

n.  Flexural  or  extensional  eaves  b.  Inertia  of  constraining  layer 
c.  Complex  shear  parameter  d.  Wave  speed  from  thick-plate  theory 

2.  Hybrid  model 

a.  Exact  elasticity  theory  for  b.  Other  teo  layers  as  in  Kerein 
base  plate 

c.  Flexural  ac 1  extensional  waves  d.  With  or  without  fluid  loading 

3 .  Exact  model 

a.  Exact  theory  for  all  layers  b.  Flexural  and  extensional  waves 
c.  With  or  without  fluid  loading 

In  all  the  following  examples  of  the  analysis  the  base  plate  and  additional 
layers  have  physical  and  geometric  parameters  as  listed  in  table  I.  The 
(complex)  shear  modulus  of  the  elastomer  is  assumed  independent  of  frequency, 
in  order  to  emphasise  the  mechanical  aspects  of  the  technique  without 
viscoelastic  effects. 

TUN-PUTE  THEORY  FOR  EXTENSIONAL  WAVES  IN  FLUID-LOADED  PUTE 


Thin  plate  theory  for  flextxral  waves  in  a  fluid-loaded  plate  may  be  found 
in  Ref. [4].  It  appeared  difficult  to  derive  an  analogous  expression  for 
extensional  waves  directly.  Therefore  the  problem  was  approached  as  follows. 

One  starts  from  the  structural  equations  for  waves  in  plates  obtained  from 
exact  elasticity  theory  by  integrating  and  averaging  along  the  direction 
perpendicular  to  the  plate.  From  this,  one  may  derive  a  thick-plate  theory 
for  extensional  waves  [5]  .  Fluid  loading  is  represented  by  the  sum  of  the 
stresses  at  both  sides  of  the  plate,  given  as  q  -  ^  Thin-plate  theory 

follows  by  dropping  terms  containing  the  factor  (kd) .  (In  this  section  all 
quantities  refer  to  the  base  plate.)  The  result  is  equivalent  to  adding  a 
fluid-loading  term  F  to  the  familiar  equation  for  extensional  waves  in  a 
plate , 


=  p  a^at^ 


where  F  is  given  by 


F  =  [1  -  (c/cj)2]  (kd)2  q/(2d) 


(2) 


(3) 


Assuming  a  harmonic  wave,  with  space  and  time  dependence  expressed  by 
exp  i(wt-kx),  where  the  x-coordinate  is  ii  the  direction  of  the  wave  parallel 

2  2  2 

to  the  plate’s  surface,  and  introducing  a  new  variable  T  by  k  =  k^  (l+T  )  , 

Eq. (2)  is  replaced  by  an  algebraic  equation  in  terms  of  T.  For  fluid  loading 

2 

on  both  sides  one  has  q  =  2  w  Pq'"  (2)  becomes 

-  0  *  r  [l-(c^/Cp)2]  -  Q  (l-(cycj)2]  =  o  (4) 

where  a  characteristic  frequency  w  and  a  corresponding  dimensionless 

2 

frequency  Q  are  introduced  by  =  (.p/p^)  /(c^  d)  and  Q  = 


The  characteristic  frequency  for  brass  in  water  is  0.26x10  rad/s,  and 

thus  for  the  frequency  region  where  thin-plate  theory  nay  be  applied,  the  non- 
diaensional  frequency  Q  is  very  small.  As  a  consequence  there  exists  a  small 
real  root,  for  small  Q  namely 


r  "  Q 


^  -  Ccyc^)^ 

1  -  (co/Cp)^ 


(5) 


This  root  corresponds  to  a  non-radiating  wave  in  the  plate,  with  a  constant 
speed  slightly  less  than  the  speed  in  the  medium,  (for  low  frequency) . 

By  synthetic  division  one  determines  the  quadratic  equation  for  the  two 
remaining  complex  conjugate  roots. 


a  T  +  b  =  0, 


(6) 


where 


a 


-  0 


1  -  (<=o/%)^ 


and  b  =  1  -  (c  /c 

o  p 


One  of  these  gives  a  wave  number  with  positive  attenuation  constant  a. 

In  Fig.  1  a  comparison  is  shown  of  the  relative  attenuation  a/h'  , according 
to  thin-plate  theory  and  to  exact  elasticity  theory,  first  for  two-sided  fluid 
loading.  Although  the  boundary  conditions  for  extensional  waves  cannot  be 
satisfied  for  one-sided  fluid  loading  without  additional  flexural  waves,  one 

might  take  half  the  value  of  q*  as  given  before,  and  carry  this  through  the 
analysis.  The  results  in  Fig.  1  show  that  the  attenuation  for  one-sided 
fluid-loading  thus  computed  does  not  compare  well  with  the  exact-elasticity 
result. 


CONSTRAINED  PLATE  IN  VACUUM 


In  Fig.  2,  a  threefold  compairison  is  shown  for  the  relative  attenuation 
constant  for  extensional  waves  propagating  in  a  constrained  plate ,  without 
fluid  loading,  for  three  models.  The  sharp  dip  in  attenuation  near  15  kHz  is 
due  to  an  *equivoluminal  mode',  whereby  the  tangential  velocity  component  at 
the  faces  of  the  plate  is  sero,  thus  no  shear  exists  in  the  elastomer  layer. 
Of  course  this  feature  does  not  show  up  in  the  extended  Kerwin  model. 

FLUID-LOADED,  CONSTRAINED  PUTS 

Flexural  waves 

Various  typical  features  for  damping  of  flexural  waves  by  radiation  and 
viscoelastic  effects  may  be  seen  in  Fig.  3.  One  sees  that  in  the  high- 
frequency  range  the  total  attenuation  is  mostly  due  to  radiation.  In  the 
middle  range  the  attenuation  is  due  to  viscoelastic  damping  in  the  elastomer. 
At  the  low  frequency  end  a  feature  appears  of  high  damping  due  to  radiation. 
It  may  be  pointed  out  that  this  is  a  consequence  of  the  infinite  extent  of  the 
plate;  for  finite  plates  this  'radiation*  would  not  be  expected  to  be  found  in 
the  farfield.  See  Ref.  [3]  for  further  details. 
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Extensional  waves 

In  Fig. 4,  a  comparison  is  shoim  for  the  relative  attenuation  constant  as  a 
function  of  frequency  for  a  constrained  plate  loaded  by  fluid  on  both  sides, 
on  the  side  of  the  added  layers,  and  on  the  opposite  side,  computed  by  exact 
elasticity  theory.  One  sees  that  for  a  large  frequency  region  there  is  not 
much  difference  between  the  curves,  except  for  a  factor  of  two  between  the 
double-sided  and  one-sided  fluid  loading.  At  the  low  frequency  end  the  curves 
for  the  two  cases  part,  while  at  the  high  frequency  side  two  of  the  curves 
converge  and  the  third  one  follows  a  different  path .  If  one  compares  this 
figure  with  Fig.l,  one  sees  that  the  damping  due  to  the  elastomer  layer  does 
not  make  much  difference  in  the  total  attenuation,  except  for  a  different 
structure  at  the  high-frequency  end. 

In  all  the  various  configurations  for  extensional  waves  studied  here,  there 
is  little  variation  of  the  phase  speed  from  that  for  a  single,  unloaded  plate. 
This  is  quite  different  from  the  behavior  of  the  phase  speed  for  flexural 
waves  at  high  frequencies  [3] . 
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REL*nvC  ATTENUATION  »lpb»  /  k‘  (unit  -  O.OOl) 


TABLE  I.  Material  and  geometric  parameters  and  derived  quantities. 

Base  plate,  brass 

h^  =  10  cm  ^1  ~ 

=  0.37  =  8600  kg/m^ 

G,  =  38  GPa  c  =  3765  m/s 

1  p 

=  0.26  Mr ad/s 

Elastomer  layer  (hypothetical) 
hg  =  1.24  mm  ^2  ”  kg/m^ 

Gg'  =  10  MPa  p  =  1.0 

Bulk  modulus  =  1.0  GPa 

Constraining  layer,  aliminujD 

=  2.48  mm  =  71  GPa 

1/3  =  0.33  Pg  =  2700  kg/m^ 

Fluid,  water 

=  S98  kg/m^  c^  =  1481  m/s 

Figure  1.  Extensional  eave;  single, 
fluid-loaded  plate.  Fluid  on: 

1- both  sides;  a-exact  b-thin  plate 

2- one  side;  a-exact  b-thin  plate 


Figure  2.  Extensional  wave; 
constrained  plate  in  vacuum.  Model: 
1-exact;  2-bybrid;  3-extended  Kerwin 


Figure  3.  Flexural  ware;  exact  model. 
1 -constrained  plate,  water  on  elas¬ 
tomer  side;  2-single  plate,  water  on 
one  side;  3-constrained  plate  in 
vacuum 


Figure  4.  Extensional  wave,  constrained 
plate.  1-water  on  both  sides;  2-water  on 
elastomer  side;  3-water  on  opposite 
side.  Exact  model. 


156 


SECOND  INTERNATIONAL  CONGRESS  ON 
RECENT  DEVELOPMENTS  IN  AIR-  AND 
STRUCTURE-BORNE  SOUND  AND  VIBRATION 

MARCH  4-6.  1R92  AUBURN  UNIVERSITY.  USA 


Effect  of  Partial  Coverage  on  the  Effectiveness  of  a 
Constrained  Layer  Damper  on  a  Plate 

M.  R.  Garrison,  R.  N.  Miles, 

J.  Q.  Sun  and  W.  Bao 

Department  of  Mechanical  and  Industrial  Engineering 
State  University  of  New  York 
P.O.  6000 

Binghamton,  New  York  13902-6000 
U.S.A. 


ABSTRACT 

An  analysis  is  presented  of  the  random  vibration  of  a  plate  which  is  partially  covered  by  a  constrained 
layer  damper  that  incorporates  a  spacer  layer  to  enhance  damping  effectiveness.  The  spacer  layer  is  assumed  to 
be  rigid  in  shear  and  to  have  no  bending  stiffness.  The  spacer  enhances  the  damping  effectiveness  by  inducing 
additional  shear  deformation  in  the  adhesive  layer.  The  analytical  model  accounts  for  both  shear  and  thickness 
deformation  of  the  adhesive  layer.  A  parametric  study  is  conducted  to  optimize  the  position,  coverage  area,  and 
the  thickness  of  the  damper.  It  is  found  that  the  incorporation  of  the  spacer  layer  permits  the  use  of  a  damper 
having  reduced  coverage  area,  and  hence,  less  added  weight  without  compromising  damping  effectiveness. 

I.  INTRODUCTION 

In  the  past,  laminated  beams  and  plates  with  viscoelastic  cores  have  received  a  considerable  amount  of 
attention  in  an  attempt  to  reduce  the  resonant  bending  vibration  of  various  structures.  By  bonding  a  relatively 
thin  stiff  member  to  the  structure  with  a  viscoelastic  adhesive,  energy  from  the  structure  is  dissipated  when 
strain  is  induced  in  the  adhesive  during  vibration.  The  thin  stiff  member,  a  constraining  layer,  was  designed  to 
induce  shear  strain  in  the  adhesive  layer.  Previous  studies  have  shown  that  the  constraining  layer  should  be  stiff 
in  bending  as  well  as  in  tension  to  increase  the  effectiveness  of  the  damper  [1].  In  constrained  layer  damping 
applications,  it  has  been  accepted  that  by  increasing  the  thickness  of  the  constraining  layer  the  strain  in  the 
adhesive  layer  could  also  be  increased.  However,  the  constraining  layer  was  an  clastic  solid,  such  as  aluminum, 
which  added  a  considerable  mass  when  the  thickness  was  increased.  In  1959,  Whittier  [2]  was  the  first  to  observe 
that  the  addition  of  a  spacer  layer  to  a  laminated  structure  with  a  viscoelastic  core  could  enhance  the  damping 
performance  by  increasing  the  shear  strain  in  the  adhesive  layer.  This  configuration  is  commonly  referred  to  as  a 
stand  off  damper.  Ungar  [3]  presented  an  analysis  of  stand  off  dampers  for  simply-supported  beams  with  uniform 
coverage.  It  has  also  been  shown  experimentally  that  a  spacer  layer  can  be  constructed  which  has  the  desired 
properties  and  provides  the  predicted  performance  [4,5|.  In  the  present  study,  an  analytical  model  is  presented 
to  facilitate  the  design  of  stand  off  dampers  for  plates. 

The  incorporation  of  a  spacer  in  a  constrained  layer  damper  will  increase  both  the  effectiveness  and  the 
total  mass  of  the  treatment.  Since  the  added  mass  is  a  primary  concern,  especially  in  aerospace  applications, 
some  form  of  compensation  is  necessary.  One  way  to  off-set  the  increase  in  mass  is  to  use  only  partial  coverage 
of  the  primary  layer.  This  will,  of  course,  reduce  the  damping  performance.  It  is  very  difficult  to  anticipate  the 
amount  of  reduction  in  performance  that  will  result  from  reducing  the  coverage  area.  A  primary  objective  of  the 
present  study  is  to  examine  the  performance  of  a  spaced  damper  on  a  partially  covered  plate.  Partial  coverage 
of  the  structure  can  be  an  efficient  means  of  reducing  the  total  mass  by  eliminating  the  damping  treatment  in 
areas  where  the  effectiveness  is  low.  To  obtain  an  optimal  design,  it  is  helpful  to  employ  an  analytical  model  of 
the  system  response. 

Models  of  the  effects  of  partial  coverage  on  a  beam  have  been  presented  by  several  investigators  |6-8]. 
The  model  of  a  partially  covered  plate  is,  however,  considerably  more  complex  in  compari.son  to  the  beam. 
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For  example,  in  an  attempt  to  simplify  the  problem,  Ozguven  [9]  reduced  the  primary  layer  with  the  applied 
damping  treatment  down  to  a  single  layer  by  representing  the  system  as  a  single  hysteretic  damping  element  for 
each  mode.  LaU,  Asnani  and  Nakra  [10]  also  studied  the  partially  covered  plate,  using  only  single  term  solutions 
for  the  longitudinal  displacements  of  the  constraining  layer  and  the  transverse  displacement  of  the  primary  layer. 
The  model  generated  here  includes  a  large  number  of  complex  resonant  modes  to  describe  the  responses  of  the 
base  plate  and  the  constraining  layer  as  a  complete  system.  This  Is  the  first  study  of  a  partially  covered  plate 
that  includes  enough  detail  to  provide  reliable  design  guidelines. 

In  comparing  the  performance  of  the  dampers  that  do  not  cover  the  entire  primary  layer,  it  must  be  noted 
that  the  damping  effectiveness  will  depend  on  where  the  response  is  determined.  In  an  attempt  to  obtain  an 
unbiased  measure  of  damper  performance,  the  figure  of  merit  used  here  consists  of  the  spatial  average  of  the 
response  power  spectral  density  due  to  spatially  uncorrelated  homogeneous  white  noise. 

The  primary  result  of  the  present  study  is  that  the  incorporation  of  a  spacer  can  provide  better  performance 
with  less  added  weight  through  the  use  of  partial  cover^e.  As  the  coverage  area  is  reduced,  however,  it  is 
important  to  know  how  to  position  the  damping  treatment  to  obtain  optimum  performance.  The  results  presented 
in  the  following  indicate  that  a  thin  strip  of  stand  off  damping  treatment  placed  slightly  off-center  on  the  primary 
layer  provides  a  highly  weight  efficient  design. 

II.  ANALYTICAL  MODEL 

The  system  studied  here  consists  of  a  traditional  constrained  layer  damper  with  a  spacer  added  to  induce 
additional  strain,  as  shown  in  figure  1  (a).  The  analytical  model  is  created  beginning  with  the  formulation  of 
the  mass  and  stiffness  matrices.  The  solution  to  the  eigen  problem  is  then  used  in  modeling  the  response  of  the 
primary  layer  to  a  random  excitation.  The  basis  for  the  analytical  model  comes  from  Ilamillon’s  principle: 

h  h 

6j{r-V]dt  +  sjwdt  =  0.  (1) 
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II.l  Mass  and  Stiffness  Matrices 

The  first  step  in  formulating  the  mass  and  stiffness  matrices  is  to  obtain  the  kinetic  and  potential  energies. 
The  potential  energy  expression  for  each  layer  is  written  in  terms  of  the  elastic  stresses  and  strains.  It  is 
necessary  to  begin  by  defining  tlie  displacement  fields  of  each  layer.  Figure  1  shows  the  orientation  of  the  layer 
displacements.  The  displacement  field  for  the  adhesive  layer  is  written  in  terms  of  the  assumed  displacements 
of  the  primary  layer,  Ui{z,y,t),  Vi{x,y,t),  Wi(x,y,t),  and  of  the  constraining  layer,  U3{x,y,l),  l'3(i,j/,(), 
W3(r,  y,  t).  The  assumption  is  made  that  the  adhesive  layer  displacements  can  be  obtained  by  linear  interpolation 
between  the  two  outer  layer  displacements.  As  shown  in  figure  1  (b),  the  line  connecting  points  a  and  b  through 
the  adhesive  layer  is  assumed  to  be  straight.  Using  this  assumption,  the  relationships  for  the  displacement  field 
in  the  adhesive  layer  are 
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The  displacement  relationships  for  the  spacer  layer  may  be  expressed  in  terms  of  the  displacements  of  the  primary 
layer. 


l/,(x,y,z,t)  =  U,{x,y,t)  -  +  y  +  ^ 

V.(x,y,z,t)  =  -  ^(y  +  y  +  *)  (3) 


W,(x,y,z,t)  =  Wi(i,y,t) 

In  ordi  r  to  obtain  the  elements  of  the  mass  and  stiffness  matrices  we  will  first  ronstruct  expressions  for  the 
strain  and  kinetic  energies  of  the  system  [11].  The  assumption  that  the  material  in  each  layer  is  linearly  elastir 
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and  isotropic  leads  to  well  known  relationships  for  stress  and  strain  in  terms  of  the  displacements.  The  two  outer 
layers  are  assumed  to  behave  according  to  elementary  plate  theory.  Once  the  displacements,  stresses  and  strains 
have  been  defined,  the  strain  and  kinetic  energies  can  be  written  as 


lyi  Ixi 


V  ^Vi  ixi  ..  . 

Vi  =  i  y  j  J +  <ry,(y,  +  2T^,,^^y,)dxdydz  and  T,  =  j  j {Uf  +  +  W})dxdy.  (4) 
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The  same  procedure  is  followed  to  obtain  the  enei^  expressions  for  the  constraining  layer.  Similarly,  the  strain 
energy  of  the  adhesive  layer  is 


^  iV3 /X3 

-V  “  ® 

The  kinetic  energies  of  the  adhesive  layer  and  the  spacer  have  the  same  form  as  for  the  outer  two  layers. 
The  unknown  displacements  are  expanded  in  the  following  form 

l/i(x,y,t)  =  Ai(t)€Os(niirx/Ui)cos(miiri//ij/i) 
isl 

Vi(ar,J/,0=  ^  Ai(t)c<?s(ntirx//xi)cos(mi7ri///yj) 

i=l+Nv, 

+^1^1  +^tVi 

M'i(*.!/>0=  Ai(t)sin(nirz/ixt)sin(mixy/iy]) 

)=l  +  Nu,+l^v, 
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U3(x,y,t)  =  ^2  Ai{t)cos{niWx/lx3)cos{miTry/lyi) 

l=l  +  /Vyj  +iVvj+Nw, 

V^3(2:,J/,0  =  i4j(()oos(n,7ri//ii)cos(mi7ry//yi) 
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The  unknown  functions  /li(0  are  in  the  form  of  a  partitioned  vector,  which  provides  a  mapping  between  the 
displacement  fields,  equations  (6)  and  (7),  and  the  partitioned  mass  and  stiffness  matrices.  In  each  expansion  n, 
and  mi  are  selected  so  that  any  desired  number  of  half-waves  is  included  in  each  direction.  If  V  and  T  are  the 
total  strain  and  kinetic  energies  of  the  system,  the  elements  of  the  mass  and  stiffness  matrices,  [Af]  and  [A],  are 
written  as 
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11.2  Random  Excitation 

In  the  previous  section,  the  mass  and  stiffness  matrices  were  obtained  for  the  system.  Using  these  results, 
we  will  now  describe  the  effects  of  the  damping  treatment  on  the  plate  if  it  is  subjected  to  a  stationary  random 
loading.  It  will  be  assumed  that  the  excitation  is  applied  to  the  primary  layer  in  the  transverse  direction.  In 
this  study,  the  excitation  field  is  taken  to  be  totally  uncorrelated  in  both  space  and  lime,  or  a  “rain  on  the  roof" 
excitation.  In  order  to  develop  the  response  due  to  a  spatially  uncorrclatcd  random  excitation,  we  begin  by  using 
the  form  of  the  primary  layer  response  as  shown  in  equation  (6).  The  results  of  section  II.  1  are  substituted  into 
equation  (1)  to  give 


[A-]{/l}-h[Af]{4}  =  {/}. 


(9) 


The  elements  of  {/}  are 
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fi(t)  =  J  j  f(x,y,t)4>i(x,y)dydz,  (lo) 
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for  Nui  +  Nvi  <  *  <  Nuy  +  and  /,(«)  =  0  for  all  other  values  of  * 
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The  finite  Fourier  transform  of  equation  (9)  is  then 

[A']{^(w,T)}-i^2[M]{yl(u,,T)}  =  {F(w,T)}.  (12) 

The  damping  properties  of  the  viscoelastic  material  are  included  by  letting  the  elastic  moduli  be  complex. 
When  complex  moduli  are  used  in  the  results  of  section  ILl,  the  elements  of  the  stiffness  matrix  given  in 
equation  (8)  become  complex.  Modal  analysis  is  used  to  obtain  the  frequencies  and  mode  shapes  corresponding 
to  equation  (12).  The  solution  to  the  complex  eigen  problem  allows  A^(u;,T)  to  be  written  as 

Ai(u,T)  =  where  Huiw)  =  =  -5-!— y  (13) 

7^1  7^1 

and  Uij  are  the  elements  of  a  modal  column  matrix,  [{/). 

The  single  sided  power  spectral  density  [12]  of  1^1(1, 3(,()  is 

Gvv.w',(m,i,y)=  lim  ^E[\Wi{t,y,uj,T)\^],  (14) 

I  ^00  i 

where  £[  •  J  denotes  the  expected  value.  Because  the  performance  of  the  damping  material  is  likely  to  depend 
strongly  on  position,  a  figure  of  merit  is  used  in  this  study  that  consists  of  a  spatial  average  of  the  response  power 
spectral  density.  Determining  this  ‘averaged*  response  turns  out  to  be  computationally  simple  once  the  complex 
modal  column  matrix,  [t/],  has  been  obtained.  The  spatial  average  of  the  response  spectrum  over  the  plate  is 

ixi  tyi 

J  j Gw,w,(‘^,z,y)dydx.  (15) 

0  0 

For  a  spatially  uncorrelated  excitation  field  this  may  be  shown  to  be  [13] 

.  .  Nu,+Nvi-¥f^Wi  I^Ui+f^Vi+Nw^ 

E  (16) 
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111.  PESULTS  AND  CONCLUSIONS 

The  analytical  model  has  been  created  to  produce  the  spatial  average  of  the  response  spectrum  for  the 
simply-supported  plate  with  a  stand  off  damper.  The  goal  of  the  study  is  to  show  that  the  stand  off  damper 
provides  an  improvement  in  damping  effectiveness  over  the  conventional  constrained  layer  damper.  In  addition, 
some  general  guidelines  can  be  presented  for  the  optimization  of  position,  partial  coverage,  and  the  thickness  of 
the  adhesive  and  spacer  layers.  The  method  of  design  for  the  thickness  of  the  adhesive  and  spacer  layers  has 
been  outlined  using  the  results  obtained  from  the  analytical  model. 

All  of  the  results  are  obtained  using  an  aluminum  primary  layer  which  is  53.3cm  long,  20.3cm  wide  and 
0.190cm  thick.  The  material  properties  of  the  primary  layer  are  held  constant  throughout  the  study.  To  include 
structural  damping  in  the  primary  layer.  Young’s  modulus  is  allowed  to  be  complex  in  the  form  Ei(l  -t-  ifli), 
where  Ei  is  68.9GPa  and  the  loss  factor,  0\,  is  0.005.  The  specific  weight,  p\g,  is  27.1^  so  that  the  density  of 
the  aluminum  is  2762^.  Poisson's  ratio,  t/i,  is  0.3.  The  damping  treatment,  consisting  of  the  adhesive,  spacer 


.  The  finite  Fourier  transform  of 
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and  constraining  layers,  will  have  variable  geometry,  but  the  material  properties  will  be  constant.  It  will  be 
assumed  that  the  spacer  and  constraining  layers  always  have  the  same  i  and  y  dimensions  as  the  adhesive  layer. 
As  in  the  primary  layer,  the  Young’s  modulus  of  the  adhesive  layer  is  taken  to  be  is  complex,  where,  in  the  form 
£2(1  +  i/32),  £2  is  3.45MPa  and  ft  is  1.0.  For  the  adhesive  layer,  p^g  is  10.0^,  giving  a  density  of  1024^,  <ind 
Poisson’s  ratio,  is  0.3.  For  the  spacer  layer,  p,g  is  4.45^,  giving  a  density  of  454^.  The  spacer  is  assumed 
to  have  the  ideal  properties  of  an  infinite  shear  stiffness  and  a  negligible  bending  stiffness.  The  constraining  layer 
is  always  assumed  to  be  aluminum  with  the  same  material  properties  as  the  primary  layer  and  a  thickness  of 
0.025cm,  unless  otherwise  specified. 

In  this  study  the  primary  layer  is  simply  supported  and  the  damper  is  not  attached  with  any  mechanical 
fasteners  (see  figure  1),  but  only  through  the  adhesive  layer.  The  displacement  fields  for  the  primary  and 
constraining  layers  are  defined  in  equations  (6)  and  (7),  where  the  number  of  terms  in  the  expansion  has  been 
left  as  a  variable.  For  the  results  in  this  study  9  terms  were  used  in  both  the  x  and  y  directions  for  Wi{x,y,t) 
and  1^3(1, y,t).  The  displacements  tli(i,y,l),  ''i(i,y,l),  £3(1, y,t)  and  V3(i,y,f)  are  expanded  with  5  terms  in 
the  X  and  y  directions.  This  gives  a  total  of  262  degrees  of  freedom. 

In  the  process  of  optimization  of  partial  coverage  and  position  (see  figure  2),  the  goal  is  to  reduce  the 
coverage  area  of  the  damping  treatment  without  causing  a  substantial  loss  in  effectiveness.  Since  the  motion  is 
already  restricted  at  the  edges  due  to  the  boundary  conditions,  it  seems  reasonable  that  damping  the  motion 
some  distance  away  from  the  boundaries  will  be  the  most  effective  solution.  This  observation  is  evident  if  a  given 
coverage  area  is  positioned  differently  with  respect  to  the  edges  of  the  primary  layer. 

Figures  2.1,  2,  7,  and  8  show  a  strip  of  damping  material  at  four  different  positions  on  the  primary 
layer.  Figuu  3  shows  the  narrow  band  data  for  the  spatial  average  of  the  primary  layer  response  spectrum  as 
a  function  of  frequency.  From  this  plot  it  is  not  clear  which  configuration  provides  the  best  performance.  The 
process  of  selection  is  dependent  on  the  frequency  range  of  interest.  Since  the  configurations  perform  differently 
in  different  frequency  ranges,  it  is  not  reasonable  to  perform  the  optimization  based  only  on  a  single  number  or 
performance  index,  such  as  an  integration  over  frequency.  In  order  to  reduce  the  amount  of  data  for  comparison, 
the  narrowband  data  can  be  plotted  in  octave  band  format.  The  narrowband  data  is  added  up  over  each  octave 
band  and  plotted  as  a  single  value  for  the  corresponding  frequency  band.  Figure  4  shows  the  octave  band  data 
for  the  configurations  in  figure  2.  From  figure  4,  the  configuration  shown  in  figure  2.7  generally  has  the  best 
performance. 

A  similar  comparison  can  be  made  for  variation  of  coverage  shown  in  figures  2.3,  4,  9,  and  10,  placed  across 
the  plate  instead  of  along  the  length  of  the  plate.  Figure  5  shows  the  performance  of  this  set  of  configurations. 
From  the  data  presented  in  figures  4  and  5,  it  is  evident  that  the  long  thin  strip,  shown  in  figure  2.7,  is  able  to 
damp  more  of  the  modes  on  the  primary  plate.  This  suggests  that  the  strips  extending  the  length  of  the  plate 
can  damp  a  majority  of  the  modes  with  waves  in  both  directions  on  the  plate.  The  strip  extending  across  the 
primary  plate  is  not  able  to  damp  waves  traveling  across  the  plate  which  do  not  pass  through  the  coverage  area. 
Knowing  that  the  damping  treatment  has  low  performance  when  it  is  located  near  the  edges  of  the  primary  layer 
leads  to  the  conclusion  that  is  not  necessary  to  cover  that  area.  The  results  suggest  that  it  is  best  to  cover  nearly 
all  of  the  length  of  the  plate  and  as  much  of  the  width  as  possible,  but  position  the  damping  treatment  at  am 
offset  from  the  center  of  the  primary  plate  if  the  coverage  is  narrow. 

In  an  attempt  to  minimize  the  weight  which  the  damping  treatment  adds  to  the  primary  layer,  an  effort 
is  made  to  reduce  the  coverage  area.  The  effect  of  partial  coverage  is  not  only  an  optimization  of  the  size  of 
the  coverage  area,  but  also  the  position.  Figures  2.5,  6,  II,  and  12  show  what  might  be  an  obvious  way  to 
reduce  the  coverage  1  ca.  In  figure  6,  the  reduction  in  coverage  produces  an  approximately  uniform  reduction  in 
performance  over  the  frequency  range  of  interest.  From  the  information  obtained  in  figures  4  and  5,  however,  it 
seems  reasonable  to  pursue  a  coverage  which  is  as  long  as  possible,  while  not  reducing  the  width  unreasonably. 
This  method  produces  an  improved  performance. 

The  optimization  of  the  partial  coverage  of  a  structure  with  a  constrained  layer  damper  with  a  spacer  layer 
added  is  not  straight  forward.  The  coverage  area  and  position  must  be  optimized  simultaneously,  while  also 
considering  the  thickness  of  the  adhesive  and  sparer  layers. 
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Figure  1.  This  figure  shows  (a)  the  sandwich  plate  cross-section,  its  coordinate  system  and  (b)  the  deformed 
cross-sectional  view. 
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Predicted  Random  Response  Spectra 


Figure  3.  The  predicted  random  response  spectra 
due  to  a  spatially  uncorrelated,  stationary  Gaus¬ 
sian  white  noise,  for  the  geometries  shown  in  fig¬ 
ure  2.  An  expression  for  the  spatial  average  of  the 
response  spectrum  is  given  in  equation  (16). 


Predictet^  Random  Response  Band  Levels 


Figure  5.  The  predicted  random  response,  plotted 
in  normalized  octave  band  levels,  as  in  figure  4,  for 
the  geometries  in  figures  2, 


Predicted  Random  Response  Band  Levels 


Figure  4.  The  predicted  random  response,  plotted 
in  normalized  octave  band  levels  for  the  geometries 
shown  in  figure  2.  Each  band  level  is  obtained  by 
a  summation  of  the  narrow  band  data  over  each 
octave  band.  The  octave  band  levels  will  be  nor¬ 
malized  since  the  auto  spectrum  of  the  excitation 
is  assumed  to  be  unity. 

Predicted  Random  Response  Band  Levels 
Effect  of  Reduction  In  Coverife  Area 


Figure  6.  Predicted  random  response  spectra, 
plotted  in  normalized  octave  band  levels,  as  de 
scribed  in  figure  4,  for  the  geometries  shown  in 
figures  2. 
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In  machine  building,  ship  building  and  ship  repairs,  railway 
transport  works  and  other  industries  there  are  widely  used  production 
operations  connected  with  thin  steel  shells  working.  Important,  that 
a  steel  shell  itself  is  a  dominating  noise  source  where  high  frequency 
sound  vibration  (over  1000  Hz)  appears  as  a  consequence  of  its  mechanic 
excitation. 

In  production  such  operations  are  considered  as  the  most  unfavou¬ 
rable  to  their  noise  factor  (110-115  dBA) , 

Vibrodamplng  cover  has  been  developed  and  a  batch  of  it  has  been 
produced.  It  is  fixed  to  a  shell  owing  to  its  magnetic  properties.  The 
cover  is  made  of  rubber  base  with  finely  divided  magnetic  filler. 

Vibrodamplng  cover  of  multiple  use  (VCMU)  is  rather  elastic  to 
provide  its  tight  attaching  to  a  shell,  it  has  stable  magnetic  proper¬ 
ties  that  may  be  lost  in  the  result  of  structural  failure  during  its 
longterm  use. 

The  authors  after  theoretical  and  experimental  investigations 
have  developed  the  optimal  content  of  magnetic  filler  in  a  rubber  base 
to  ensure  highly  effective  damping  properties  of  VCMU  and  reliability 
of  magnetic  attachment  on  the  vibrating  shell. 

DEVELOMENT  OF  VCMU 

Rubber  with  finely  divided  magnetic  filler  is  a  well  known  condi¬ 
tioned  material  assTiming  magnetic  properties  at  pulsed  magnetization. 
Barita  ferrite  (BaO.bPe-OT)  posessing  rather  high  magnetic  properties 
at  low  cost  is  widely  used  as  a  magnetic  filler.  Such  rubber  possesses 
stable  magnetic  properties  even  in  the  conditions  ofnintensive  vibra¬ 
tion,  temperature  interval  of  VCMU  usage  is  from  -10“  to  +40°C. 

But  you  hardly  can  find  any  information  about  using  rubber  with 
magnetic  filler  as  damping  covers.  Thus, the  following  problems  were 
put  euTid  solved: 

-  inves’igations  in  formulation  and  technology  of  rubber  with  magnetic 
filler  to  find  out  the  effect  on  its  magnetic  and  damping  properties, 
optimization  of  compounding; 

-  has  been  received  raatematical  expression  of  conditions  of  reliable 
magnetic  fixing  of  VCMU  to  an  excited  shell; 

-  has  been  experimentally  researched  the  effect  of  magnetic  fixing  to  a 
cover  in  comparison  with  adhesive  fixing  on  the  efficiency  of  damping 
(loss  fact  or «  ) . 
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Aa  a  result  the  optimal  content  of  the  magnetic  filler  has  been 
determined  85-87^(weight)  when  acceptable  damping  properties  and  relia¬ 
ble  fixing  are  ensured.  It  has  been  proved  that  at  the  considerable 
amount  of  magnetic  filler  the  rubber  compounding  of  covering  material 
practically  does  not  Influence  the  loss  factor/;  .  So,  the  rubber  com¬ 
pounding  for  VCMU  should  be  delected  to  meet  the  conditions  of  its  pre¬ 
sumptive  application  and  chemical  properties  of  acceptable  rubbers. 

To  research  deimping  properties  of  cover  of  rubber  with  magnetic 
filler  the  Oberst  method  has  been  used,  according  to  which  research 
samples  were  attached  to  a  cajrrier  steel  rod  in  which  torsional  vibra¬ 
tion  was  excited.  This  method  allows  to  fix  the  cover  being  researched 
on  a  carrier  steel  rod  both  in  adtiBSive  and  magnetic  way. 

Thus,  one  could  observe  the  loss  factor  alteration  in  the  system 
rod-cover  in  dependence  of  excitation  frequency  (f)  and  way  of  cover 
fixing. 

Influence  of  excitation  vibration  t  on  h  value  of  cover  samples 
was  analized  using  magnetized  and  not  magnetized  cover  samples  with 
ma^etic  filler  of  Bl%  (weight)  at  magnetic  and  adhesive  way  of  fixing. 
Thickness  of  used  cover  samples  was  hg=4mm,  of  rod  h. =2mm.  There  was  de¬ 
termined  advancing  growth  of  h  at  magnetic  fixing  (in  comparison  with 
adhesive)  with  frequency  of  gtowth. 

It  was  assumed  that  the  effect  ,  characterizing  magnetic  fixing 
of  the  cover  is  connected  with  friction  of  cover  and  rod  on  the  contact 
surface  -  an  additionary  factor  of  vibrating  energy  dissipation. 

ESTIMATION  OP  VCMU  ACOUSTIC  EPPICIENCV 


To  estimate  acoustic  efficiency  of  VCMU  and  to  prove  positive 
effect  of  surface  friction  at  fixing  of  cover  a  special  method  and 
plant  for  experimental  research  have  been  developed.  The  plant  consists 
of  a  steel  plate  500x500x2mm  with  angles  fastenedto  a  frame  and  excita¬ 
tion  device  placed  under  the  plate.  The  excitation  device  is  a  motor 
with  rotation  speed  n=1 300rpm  with  a  flexible  shaft,  on  a  free  end  of 
which  a  shell  striker  is  fixed.  Thus,  in  these  excitation  conditions 
noise  emitted  by  the  plate  is  assumed  to  be  constant  by  aural  percep¬ 
tion,  because  time  interval  between  pulses  is  T<0,05  a.  The  plant  con¬ 
struction  ensures  stability  of  excitation  conditions,  that  is  very  im¬ 
portant  for  comparative  testing.  The  testing  was  carried  out  in  a  rever¬ 
beration  chamber. 


The  results  of  measurements  proved  good  efficiency  of  VCMU  and 
magnetic  fixing.  Spectral  analysys  of  acoustic  emission  of  the  plate 
with  covers  of  different  area  showed  efficiency  of  magnetic  way  of 
fixing  to  reduce  sound  vibration  of  frequencyover  500-1 OOOHz. 

Pig,  /  shows  dependences  of  reduction  of  noise  levels  I*  against 
areas  of  cover  S-  and  plate  S  and  magnetic  (1)  and  adhe3ive(2)  fixing. 
It  is  proved  that  damping  efficiency  is  higher  at  magnetic  fixing  rather 
than  at  adhesive,  that  is  caused  by  surface  friction.  In  fig. 2  there 
la  a  plot  of  L  aa  a  function  of  magnetic  attraction  P  .  It  is  evident 
that  growth  of  ^  L  depends  on  growth  of  P  value.  At  small  values  of  P 
that  can't  provide  cover  fixing, A  L  does  Hot  grow,  with  growth  of  P  “ 
value  A  L  grows  to  a  certain  limit.  At  the  constant  value  of  P  valSe 
of  friction  coefficient  M  was  varied  by  changing  of  the  plate  ?oughnesa 
and  addition  of  rough  lubricant  (to  imitate  contamination). 

In  fig. 3  there  is  a  plot  of  A  L  growth  against  M  ,  which  is 
approximated  by  a  linear  function.  '' 

On  the  base  of  above-stated  a  conclusion  was  made  that  vibration 
energy  W  losses  in  a  sandwich  plate-cover  (at  magnetic  fixing)  are 
svimmed  up  oft 


where  W.  -  internal  friction  losses  inside  cover,  W  .  -  dry  friction 
losses  "^to  cover  and  plate  contact  surface. 

Thus  damping  cover  can't  be  considered  "hard"  or  "soft"  type  of 
covers,  attached  by  adhesive  where  damping  occurs  only  at  the  expense 
of  internal  losses  in  the  cover  material  itself.  VCMU  forme  the  new  - 
third  -  type  of  covers,  named  by  the  authors  "movable". 
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RKSULTS  OP  PRACTICAL  APPLICATION  OP  VCMU 

The  main  positive  features  of  this  facility  for  noise  reduction 
are:  high  acoustic  efficiency,  low  price  and  easy  use  (at  any  culture 
of  production). 

The  experience  of  VCMU  application  at  overhaul  of  refrlgirator 
shells  showed  reduction  of  noise  in  a  shop  for  10-12  dBA,  inside  a 
shell  -  for  15  dBA.  In  both  cases  a  shell  is  covered  with  vibrodamping 
cover  of  multiple  use  for  only  25-30^  of  the  whole  area  of  the  shell. 
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ABSTRACT 

Structural  engineers  have  found  that  passive  damping  can  reduce  the  amount  of  active  damping 
required.  Conversely,  improperly  designed  passive  damping  can  inadvertantly  increase  system  reaction 
times,  reducing  control  effectiveness.  This  paper  presents  several  techniques  for  blending  active  vibration 
control  and  passive  viscoelststic  damping.  Viscoelasticity  is  modelled  using  classical  techniques.  To  avoid 
the  dependence  on  initial  conditions,  solution  techniques  for  sub-optimal,  state  independent  solutions  are 
developed,  including  a  closed  form  solution  for  classical  modelling  techniques. 

The  advantages  and  disadvantages  of  the  different  solution  techniques  are  discussed  with  respect 
to  computation  requirements  and  performance.  A  numerical  example  illustrates  the  similarities  and 
differences  of  the  various  techniques. 

l.VTRODUCTION 

.\o  existing  method  of  vibration  suppression  offers  an  optimal  blend  of  viscoelastic  damping  and  active 
control.  Traditional  methods  make  the  structure  a.s  rigid  as  possible,  approximate  the  residual  damping 
as  viscous,  and  then  design  an  optimal  controller  with  respect  to  a  predetermined  cost  function  [1]. 
.Although  the  controller  effectively  stabilizes  resonances  at  specific  frequencies,  problems  arise  when  the 
structure  has  modes  at  closely  spaced  frequencies.  This  is  typically  the  case  with  large  space  structures, 
which  often  have  closely  spaced,  low  resonant  frequencies.  To  .stabilize  the  associated  modes,  passive 
dampers  are  added  [2].  What  is  the  “best”  size  for  the  passive  dampers?  If  one  does  not  design  passive 
and  active  control  elements  simultaneously,  higher  weight  costs  are  likely,  which  is  important  for  space 
St  ructures. 

To  overcome  these  problems.  Mar  encouraged  viewing  damping  as  a  creative  force  in  design  (3j.  Along 
these  lines,  several  recent  research  efforts  have  been  aimed  at  designing  a  damped  structure,  then  designing 
a  controller  for  it  [4,  5,  6],  Simonian,  Major,  and  Gluck  point  out  that  incorporating  prussive  damping  iii 
an  active  control  design  must  be  done  so  that  the  deficiencies  of  one  technology  arc  compensated  by  the 
strengths  of  the  other  [7],  They  propose  an  iterative  scheme  that  uses  modal  strain  energy  analysis  to 
determine  the  modal  damping.  A  hybrid  cost  function  is  used  to  determine  the  tradeoffs,  Fowler,  et  ah. 
implemented  a  variation  of  this  method  in  a  computer  program  [8], 

Gaudreault,  et  al.  [9],  present  a  method  for  simultaneous  design  of  active  vibration  control  and  passive 
viscous  damping.  The  concept  is  expanded  to  the  case  of  viscoelastic  damping  in  this  paper, 

OR  I  i.MIZl.NG  VT.SCOEhA.STK'  DA.MPIiN’CJ  A.vD  ACTIVE  CONTROL  SIMULTANE OII.SI.Y 

We  will  consider  problems  in  which  the  viscoelastic  dampers  have  been  constructed  so  that  one 
component  of  strain  dissipates  the  energy.  Henee  the  mechanical  properties  of  the  damper  can  be  derived 
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from  a  scalar  relationship  between  stress  and  strain  in  the  material.  The  standard  linear  viscoelastic 
model  relating  stress  and  strain  is  [10] 


(1) 


Assuming  the  viscoelastic  material  is  initially  undisturbed,  the  equations  of  motion  of  a  structure  in  the 
Laplace  domain  using  this  classical  model  for  viscoelastic  damping  are 


.  Ga  +  E?=i 


s'^Mx  + 


I  +  EL,  ''.s' 


K,x  +  Kx  +  Bu  =  0 


(2) 


The  matrix  Kv  is  symmetric  and  can  be  written  as  bvC$,  where  and  C  is  a  diagonal  matrix 

of  the  unknown  damper  coefficients. 

Defining  6n  =  1  and  multiplying  through  In’  ELo^i’'**  obtains 


M'^b,s'^^x  +  by 


J 

1 

t=0 


c£g.s'$vX 


*  * 

+  K  ^  6,s'x  +  B  ^  b,s'  u  =  0 
1=0  1=0 


(3) 


Writing  the  equation  in  the  time  domain  with  the  highest  derivative  on  x  separated  out,  and  defining  the 
passive  damping  force.s  as 

v  =  C<I.„£G,^x 


gives 


tk+J  k+\  n  d'  ''  d' 

+  M  x:  +  bv V  +  K  6i— X  +  B  ^  =  0 


Hence  the  highest  derivative  on  x  can  be  written  as 


‘  aa- 


k+l  Ji  k  11 

M;r/;,_2  4-x+KVfc.-^x 
^  dv  ^  'll' 


'dl> 


-  ^M~'BTb,~u  -  -^M-'bv 

^  'di> 


dv 


bk 


(4) 


(■5) 


(6) 


This  can  also  be  written  as 

jk+2  , 


M-’Kx  +  M-'K6,x  +  Y,  (''.-2  +  M-'Kfr.)  ~x  +  &r._,  -^x 


dt' 


-M-'BY'ft.-f-u  -  Livi-'bvV 
!<■  ^  dt'  h' 


(7) 


I)y  letting 

y  =  [  x^'  x'l'  x'l' 
a,  =  -ll-M-'K 
a,  =  -i[l,.-2l  +  M-'KM 
ar^., 

F.q.  (7)  ran  be  written  as  the  following  first  order  system 


d‘’-^'xi'/dt''+'  ]'^ 


f  =  0, 1 

1  =  2 . k 


0  1  0  ■  ■■  0  ■ 

Of)  I  ■  ■  . 

0 

*  d' 

1=0 

0 

y 

:  0 

0  0  •  ■  0  I 

.  flo  flit+J  . 

y  + 

0 

M-'B 

<-  bit 

0 

-fM-'b, 

L  bfc  »  J 

Ay  +  B,  +  ByV 


(8) 
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For  active  control,  we  are  interested  primarily  in  constant  gain  feedback  of  x  and  x.  Therefore  we 
constrain 


u 


G.( 


=  Gj/y 


where 


.Vote  that  v  is  of  the  form 


I  0  0  ■  0  ] 
U  I  U  U  J 


V  —  C  I  Go$v  Gi$v 
=  C$y 


Go$ .  0  •  ■  ■  0  ]  y 


(9) 

(10) 


In  order  to  simultaneously  design  active  feedback  control  and  the  damper  coefficients,  consider  a 
variation  of  the  standard  linear  quadratic  regulator  (LQR)  performance  index  used  iu  control  theory  in 
which  the  passive  damping  forces  are  weighted  as  well: 

J  =  1^2  i  ^ 

We  have  specific  reasons  for  weighting  the  passive  damping  forces  like  the  active  control  forces.  When 
implementing  a  damping  design  using  viscoelastic  solids,  one  must  take  into  account  the  temperature 
sensitivity  of  the  damping  medium.  Modest  changes  in  temperature  due  to  absorbed  mechanical  energy 
can  dramatically  alter  the  damping  properties  of  both  fluids  and  solids.  Hence  we  are  motivated  to  limit 
in  some  fashion  the  mechanical  energy  absorbed  by  any  given  damper  as  well  as  limit  the  peak  value  of 
its  damping  force.  The  quadratic  damping  term  weighted  with  S  appearing  in  the  performance  index. 
Eq.  (11),  serves  this  end  rather  nicely. 

Define  Q  such  that 

y^Qy  =  [  x''  x'-  ]q,|  ^  I  (12) 

Thus  the  problem  is  to  determine  the  C  and  G,  that: 

Minimize;  J  =  /,^  |(y’Qy  +  u^Ru  +  v^Sv)dt 

subject  to:  y  =  Ay  +  B,  jfru  +  B,v  , 

U  =  Grir’y 

V  =  Ciy 


I'sing  the  method  of  Lagrange  multipliers  to  append  the  constraints  to  the  performance  index  gives 
•/  =  f^(y'Qy  +  u’Ru  +  v^Sv)-A[(y- Ay-B,^6.^u-Bvv) 


-A.[(u-G4r'y)-Aj(v-C#y) 


(It 


Now  y.u,  and  v  are  taken  to  be  independent,  which  implies  that  G,  and  C  are  independent  of  these 
quantities  also.  By  definition,  Ai.  Aj,  and  A3  are  independent  of  each  other  and  of  y.u,  v.G,  and  C. 
Hence,  to  minimize  ,/.  take  its  variation  and  set  it  equal  to  zero. 

Since  all  variations  are  independent,  we  obtain  the  following  equations  to  be  satisfied  in  addition  to 
the  three  constraint  equations. 


0  = 

Ai  i-  Aj  +  Qy 

(M 

u  = 

^R-'f(-l)'/,,B[|^A, 

(LV 

V  - 

-S'Bv'A, 

(1(1 

a;  ^ 

A(  =  0 

(ir 
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The  multiple  derivatives  on  Ai  in  Eq.  (15)  are  apparently  disconcerting,  but  the  special  form  of  the 
problem  resolves  this  difficulty  for  us  rather  nicelj'.  Note  that  Eq.  (14)  yields  Ai  =  — Qy  —  A^A],  so 

B[A,  =  B[(-Qy-A^A,)  =  -B[A^A,  (18) 

since  BfQ  =  0  for  ^  >  1.  Therefore. 

B[A,  =  -BfA^A,  =  B[A^(Qy  +  A^A,)  =  (-1)^B[(A^)'A,  (19) 

since  Bf  A^Q  =  0  for  i  >  2.  It  follows  easily  that 


=  (-’)'B[(A^j%  fort<fc  (20) 

Thus  we  have  that 

u  =  -R-'B[(^6.(A^)'jA,  (21) 

This  can  be  written  more  compactly  by  letting  U  =  Thus 

u  =  -R-'BfUA,  (22) 

Eqs.  (13),  (16),  and  (22)  imply  that 

G.l/y  =  -R-'BfUA,  (23) 

C*y  =  -S-‘B,’'A,  (24) 

Since  we  desire  Gr  and  C  to  be  constant,  these  two  equations  require  that  Ai  =  Py  where  P  =  0.  With 
this  constraint  and  y  not  specified,  Eqs.  (23)  and  (24)  lead  to 


G,I/  =  -R-'BfUP 

C$  =  -S"‘Bv^P 


Now  Ir^Ir  =  I.  so 


Gr  =  -R-'B[l4PIr 


In  our  attempt  to  solve  for  P,  the  multiple  derivatives  on  u  become  a  concern.  But  note  that 
u  =  Gr[  =  Grlr’^l'iy  where 


(25) 

(26) 

(27) 


It  follows  that 


Hence,  we  obtain 


Defining 


we  can  write  y  as 


I.  = 


0  I  0 
0  0  1 


0  0 


0 

I 

...  0 


-u  =  GrIr"(fr)'y 


=i:b,GA/  (i.)’y = Grir^  ie^.  (f.)‘ 


(^l) 

.1=0 

y  =  Ay  -  B,R-'B[l^PIrI„y-BvS-'B/Py 


(28) 


(29) 
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Note  that  Eq.  (M)  can  be  written 


Substituting  for  y  in  Eq.  (30)  gives 


0  =  Py  +  a’  J  y  +  Qy 


P(Ay  -  B,R-'B[l,,Pi;i,2y-BvS-'Bv'^Py)  +  A^Py  +  Qy  =  0  (31) 

which  leads  to  the  non-symmetric  quadratic  matrix  equation 

PA  +  A^P  -  PBiR-'Bfl^PIrlij  -  PB.S  'B.^P  +  Q  =  0  (32) 

riiis  equation  can  be  solved  for  P  using  the  technique  outlined  in  the  Appendix. 

Since  Eq,  (26)  in  general  will  not  be  satisfied  by  a  diagonal  C,  we  seek  the  diagonal  C  that  gives  the 
best  least  squares  fit.  Equivalently,  minimize  the  Frobenius  norm 

lie* +  S-'bTp||f  (33) 

where  P  is  the  solution  of  Eq.  (32).  (The  Frobenius  norm  of  a  matrix  w  is  defined  as  the  square  root  of 
the  sum  of  the  squares  of  the  elements  of  the  matrix  ■  ||w||  =  EEu-fj]''*^.)  This  is  a  linear  minimization 
problem  and  has  a  closed  form  solution  [9j.  The  elements  of  C  are 

=  c„=0  for  (34) 

2-j=i  Vxj 

If  m  is  the  number  of  damper  coefficients,  and  n  is  the  length  of  y,  $  and  w  are  m  x  n  matrices.  For 
our  problem, 

w  =  -S-'B.'-'P  (35) 

This  solution  also  has  the  added  attraction  of  guaranteed  positive  values  of  c,  [9],  The  active  control 
gains  are  given  by  Eq.  (27). 

If  the  viscoelcistic  material  is  modelled  using  onI»  one  derivative  on  stress  and  only  one  on  strain,  we 
can  consider  methods  of  refining  our  choice  of  damper  coefficients  and  active  control  gains.  One  method 
considers  minimizing  the  average  value  of  the  cost  functional  over  the  unit  ball  ||yo||  =  1.  The  second 
method  minimizes  the  maximum  value  of  the  cost  functional  over  the  unit  ball  ||yo||  =  I. 

The  value  of  the  cost  functional  can  be  expressed  in  terms  of  the  initial  state: 


J  =  ^^YoPiyo 


where  Pj  satisfies 


P,(A  +  B,G,I/Ii2+BvC$)  +  (A  +  B,GJ/I,2+BvC$)^P,  +  (Q  +  I,G/RG,1/+#^CSC$)  =  0 

(37) 

The  average  value  of  the  cost  functional  over  the  unit  ball  is  given  by 

J  =  ;^tracePi  (38) 

2n 

Hence,  minimizing  the  trace  of  Pi  minimizes  the  average  value  of  J  over  the  unit  ball  ||yo||  =  1,  regardless 
of  system  order.  In  this  method,  given  C,  one  solves  first  for  G,  using 


G,  =  -R-'B[I^PI, 


vhere  P  satisfies 


P(A  +  BvC$)  +  (A  +  BvC$)^P  -  PB,R-'B[laPIrIij(Q  +  ^^CSC^)  =  0  (40) 

(This  equation  is  derived  using  the  method  above,  but  assuming  C  is  known.  The  matrices  I.4  and  I12 
have  slightly  differen  definitions  in  Eq.  (40)  than  in  Eq.  (32).)  Then  Pi  is  calculated  using  Eq.  (37). 
Iteration  with  respect  to  C  is  carried  out  until  the  trace  of  Pi  is  minimized. 


173 


Figur('  1;  Exainpli’  Prol)lcm  ~  Truss  Structure 


A  similar  approach  is  used  for  minimizing  the  maximum  value  of  ./  for  all  ||yo!j 
requires  determining  the  two  norm  of  Pi.  since 

J  =  ^lyo"P.yol<5i|yoll^||P,||.  =  JllP.lb 

In  this  method,  iteration  with  respect  to  C  is  carried  out  until  IIP1II2  is  minimized,  using  Kc|s,  (37),  (3'J). 
and  (-10).  This  approach  might  he  very  conservative  in  general,  since  the  yo  that  maximizes  P]  may  not 
he  encountered  very  often. 

KXA.MPI.E  PROHLE.Vf 

Consider  the  two-dimensional  viscoelastically  damped  aluminum  truss  in  Fig.  1.  In  the  figuie.  the 
u,'s  represent  active  control  forces,  and  the  Ci’s  represent  the  unknown  damper  coefficients  that  we  wish 
to  determine.  The  viscoelastic  material  was  modelled  using  one  derivative  on  stress  and  one  on  strain. 
The  parameters  for  the  motlel  wore 


=  1 .  This  approach 

(•11) 


Go  =  0.8948  x!0^  X'/m^  (1.0  Ib/in^) 

G'l  =  4.8264  xlO'.N-s/rn^  (7.0  Ib-sec/in^j 

/)!  =  0.001  sec 

I  sing  (he  method  presented  above  the  equations  of  motion  can  be  written  in  the  state  space  form: 


y  = 


Ay  +  B|X^6.— u  +  BvV 


(42) 


The  state  space  vector  y  is  42x  1.  t  here  are  four  control  inputs  and  five  damping  coefficients,  so  u  is  4x  1 
and  C  is  5x,u  diagonal.  Therefore,  A  is  42x42,  B  is  42x4,  B»  is  42x5,  and  $  is  5x42.  The  parameters 
of  the  system  are: 


KA  =  1.5179  xl0«  N  (3.4125  xlO'  lb) 

pA  =  8.3564  N-sVm^  (I.2P2  xIO’^  Ib-sVin') 

I'he  length  of  the  horizontal  elements  is  4.572m  (15  ft)  while  the  vertical  elements  are  3.048  m  (10  ft). 
The  length  of  the  two  elements  with  dampers  q  and  C5  is  4.819  m  (15.81  ft).  Thus,  the  diagonal  elements 
with  dampers  ci,  Cj.  and  C3  are  5.495  m  (18.03  ft)  in  length.  There  arc  0.454  kg  (1  Ibm)  point  masses  at 

every  node,  with  an  0.907  kg  (2  Ibm)  point  ma.s.s  at  the  tip.  The  undamped  natural  frequencies  ranged 

from  1 .2  hz  to  50.8  hz. 

The  state  weighting  matrix  Q,  was  chosen  such  that  y^Qy  equalled  the  total  mechanical  energy 
in  the  .system.  Thus  Qj.  was  formed  using  the  mass  and  stiffness  matrices,  M  and  K.  The  weighting 
matrices  are 


Qr 


K  0 
0  M 


,  R  =  0.1I,  S  =  0.011 


(43) 
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Table  1:  Example  Problem  Results 


min  IIHIIf 

min  trace  P 

min  IIPII2 

Cl 

C2 

C3 

13.48 

13.59 

C4 

18.51 

18.20 

23.02 

C5 

17.85 

17.52 

18.91 

time 

2  min 

20  hr  4  min 

20  hr  43  min 

C  -  Pa,ssive 
only 

.0005  to  .0400 

.0005  to  .0397 

.0007  to  .0533 

(  -  Complete 
Solution 

.0110  to  .0409 

.0110  to  .0405 

.0116  to  .0537 

The  values  of  the  clamper  coefficients  for  the  three  solution  techniques,  along  with  their  approximate 
computation  times,  are  given  in  Table  1.  The  solution  techniques  were  run  on  a  VAX  6420  using  MATLAB 
routines.  The  minimization  algorithm  utilized  is  the  Nelder-Mead  simplex  method  [11].  The  active  control 
gains  are  computed  using  Eq.  (27).  The  range  of  damping  ratios  with  just  the  viscoelastic  portion  of 
the  solution  implemented  is  shown  in  Table  1,  as  well  as  the  range  of  damping  ratios  for  the  complete 
solution.  Although  the  active  control  did  not  noticeably  increase  the  higher  damping  ratios,  there  was  a 
significant  improvement  in  the  lightly  damped  modes,  which  tended  to  occur  at  the  lower  frequencies. 

SUMMARY 

The  need  for  simultaneous  optimization  of  damping  and  active  vibration  control  is  driven  primarily  by 
the  potential  use  of  large  flexible  structures  in  space.  This  paper  presents  several  new  design  techniques  to 
determine  optimal  blending  of  passive  viscoelastic  damping  and  active  vibration  control.  The  techniques 
are  based  on  modified  versions  of  the  standard  linear  quadratic  regulator  cost  functional  of  optimal  control 
theory.  Two  iterative  techniques  are  developed  in  addition  to  a  closed  form  solution. 

The  proposed  cost  functional  treats  passive  damping  as  a  separate  control  force,  which  results  in  an 
additional  energy  term  in  the  cost  functional.  The  closed  form  solution  is  a  least  squares  solution.  One 
iterative  technique  minimizes  the  maximum  value  of  the  proposed  cost  functional.  The  other  iterative 
technique  minimizes  the  average  value  of  the  proposed  cost  functional.  .All  three  techniques  yielded  similar 
performance  relative  to  each  other,  although  the  closed  form  solution  took  considerably  less  computation 
time. 
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APPENDIX 


This  appendix  describes  the  method  for  solving  Eqs.  (32)  and  (40).  The  method  will  be  demonstrated 
using  Eq.  (32): 

Q  +  PA  -)-  A^P  -  PB,R-‘Bfl^Pi;i,2  -  PBvS-'Bv^P  -  0 

1  his  equation  is  quadialic  in  P,  but  is  not  solvable  by  any  handy  algorithms.  .Nevton-Raphson  is  a 
standard  technique  and  we  employed  it  as  follows:  First  define 

Q(P)  =  Q  -1-  PA  -b  A^P  -  PB,R-'B[laPfrIi2  -  PBvS-'B,^P  (44) 

We  wish  to  find  P  such  that  CJ(P)=0.  Approximate  Q(P)  by 

Q(P)  a.  Q(Po)-hOQ[Po](P  -  Po)-l-o(|lP  -  Poll)  (45) 

where  the  operator  DQ(Po|  represents  the  Frechol  derivative  of  Q  at  Po  and  o(P)  represents  terms  of 
higher  order.  Let  H  =  P  —  Pq- 
Since  Q  is  a  function  of  P, 

DQ[Po](H)  =  -^Q(Po  +  oH)U=„  (46) 

da 

('arrying  out  the  calculation, 

DQ[P„](H)  =  HA  +  A^H-HB,R-'B,UAPoIrI.2-PoB,R-’B[lAHf,I,2 

-HBvS'Bv^Po-PoB.S'B.^H  (47) 

This  may  nut  look  much  better  than  Q{P),  but  at  least  it  is  linear  in  H.  The  equation  we  wish  to  solve 
for  H  is 

DQ[P„1(H)  t  Q(Po)  =  0  (48) 

.Note  that  this  equation  is  similar  to  a  Lyapunov  equation,  although  some  of  the  terms  do  not  have  H 
on  the  left  or  right,  but  in  the  middle.  To  get  around  this  difficulty,  note  that  Ir  is  an  identity  matrix 
with  the  bottom  third  diagonal  all  zeros.  Therefore  approximate  HI,  and  HIj2  by  H  where  appropriate 
in  /JQ[Po](H).  This  results  in  the  simplification, 

DQ[Po](H)  =  HA+A^H-HB,R-'B[lAPofrIi2-PoB[lAH 

-HBvS'Bv'^Po-PoBvS'Bv^H  (49) 


With  this  approximation, 


DQ[P„](H)  -f  Q(Po)  =  0 


(50) 


becomes  a  Lvapunov  equation,  easily  solved  by  a  simple  routine  in  MATLAB.  The  updated  estimate  of 
P  is  Po  +  h! 
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ABSTRACT 

A  method  for  accurately  determining  the  inherent,  possibly  low,  damping  of  engineering  materials  at  low 
frequencies  is  presented.  A  specimen  made  of  the  material  to  be  characterized  is  connected  in  series  with  a 
reference  specimen  of  low  or  calibrated  damping  and  forced  in  low  frequency  (<  10  hz)  uniaxial  vibration. 

Because  the  specimens  are  instrumented  idenbc^ly  with  strain  gages  and  forced  at  frequencies  orders  of 
magnitude  lower  than  any  resonant  frequencies,  the  phase  difference  between  the  resulting  strain  signals  is 
proportional  to  the  difference  in  damping  between  the  specimens.  The  phase  difference  at  a  given  forcing 
frequency  is  measured  in  the  time  domain  as  a  time  delay  between  the  signals.  Relative  material  loss  factors 
(tangents  of  phase  angles)  are  measured  with  accuracy  better  than  lO''.  Potential  applications  are  discussed. 

INTRODUCTION  AND  BACKGROUND 

Passive  damping  is  important  because  it  governs  resonant  response  levels  and  transient  settling  times  of 
uncontrolled  dynamic  systems.  However,  when  structural  motion  due  to  operational  disturbances  must  be 
minimized  to  meet  demanding  performance  requirements,  control  augmentabon  may  be  appropriate.  An  accurate 
description  of  the  dynamic  behavior,  including  damping,  of  such  precision  structures  is  necessary  to  facilitate  the 
design  of  robust,  fast-responding,  linear-time-invariant  structural  control  systems  1 1 1. 

The  damping  of  large  precision  space  truss  structures  is  of  particular  interest  Several  features  of  such 
structures  indicate  the  need  for  a  test  method  capable  of  measuring  low  damping  in  low  frequency  axial  vibration: 

*  Advanced  composite  materials  are  ideal  for  such  applications  because  of  excellent  tailorable  mechanical 
and  thermal  properties,  as  well  as  the  possibility  of  modest  levels  of  damping  12).  For  reasons  of  precision, 
integrity  and  pr^ctability  of  performance,  composite  structures  often  have  relatively  few  mechanical  joints  at 
which  relative  motion  of  adjacent  surfaces  is  allowed.  One  result  of  such  construction  is  that  structural  damping 
can  be  dominated  by  material  contributions  and  can  often  be  quite  low  (modal  damping  ratios  of  <0.001 )  |3|. 

•  In  addition,  large  truss  structures  being  considered  for  future  space  missions  will  often  have  vibration 
modes  with  frequencies  below  1  hz  |4|.  For  typical  member  sizes,  especially  with  pinned  end  connections, 
individi  al  struts  experience  such  globi  vibration  as  oscillatory.  low  frequency  axitil  loads  [2|. 

Available  resonant  and  subresonant  test  methods  are  inadequate  for  direct  characterization  of  low  damping 
in  low  frequency  axial  vibration.  Resonant  techniques,  generally  reliable  for  low  damping  measurements,  require 
the  use  of  impractically  large  specimens  or  added  mass  to  lower  the  natural  frequency  into  a  range  of  interest.  Due 
to  the  difficulty  of  measuring  very  small  phase  angles,  subresonant  techniques  in  common  use  are  typically  limited 
to  the  characterization  of  relatively  high  damping  materials  such  as  viscoelastic  polymers  |3|. 

The  goal  of  this  work  was  to  develop  and  demonstrate  a  test  method  capable  of  accurately  measuring  the 
frequetKy-dependent  low  damping  of  materials  in  low  frequency  axial  vibration. 
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OVERVIEW  OF  THE  TECHNIQUE  AND  RELATED  WORK 


In  the  subject  technique,  a  specimen  made  of  the  material  to  be  characterized  is  connected  in  series  with  a 
reference  specimen  of  low  or  calibrated  damping  and  forced  in  low  frequency  uniaxial  vibration.  The  specimens 
are  instrumented  identically  with  strain  gages  and  forced  at  frequencies  orders  of  magnitude  lower  than  any 
resonant  frequencies,  ensuring  that  the  phase  difference  between  the  resulting  strain  signals,  iSif,  is  proportional  to 
the  difference  in  axial  damping  between  the  specimens.  In  this  approach,  the  phase  difference  at  a  given  forcing 
frequency  is  measured  directly  in  the  time  domain  as  a  delay  or  time  shift  between  the  signals. 

Consider  a  time  harmonic  uniaxial  stress,  o,  common  to  both  specimens: 

fi  =  ' ) 

where  o„  is  the  amplitude,  and  tc  is  the  circular  frequency.  Material  damping  causes  the  strain  to  lag  the  stress: 

E  =  E,^'(tot-4i)  (2) 

where  e,,  is  the  cyclic  strain  amplitude  and  ((>,  the  loss  angle,  is  non-negative.  Note  that  the  loss  angle  will 
generally  be  different  for  the  reference  and  primary  specimens.  Since  the  strain  field  in  the  specimens  is 
homogeneous,  the  material  loss  factor,  n.  is  related  to  the  loss  angle: 

n  =  tan«|))  (.1) 

And.  for  "light"  damping,  the  effective  modal  damping  ratio,  C,  for  a  larger  structure  made  from  the  material  is: 

C  =  0.5  n  (4) 

The  small  relative  loss  factor  of  the  specimen  with  respect  to  the  reference  specimen,  nrei.  is  given  by: 

Hrel  =  Hspec  "  Href  =  tan(<J)sp«,.)  -  tan(<J)ref)  -  A4>  (5) 

Several  other  approaches  have  been  used  to  experimentally  determine  axial  material  damping  properties  at 
low  frequencies.  A  classical  approach  involves  measuring  the  area  of  the  stress-sffain  hysteresis  loop  obtained 
under  cyclic  loading  (3, 4, 6,  7).  The  area  enclosed  by  the  hysteresis  loop.  A,  is  given  approximately  by: 

A  =  TTO^iEo  n  (6) 

The  accuracy  of  the  hysteresis  loop  area  technique  can  be  sensitive  to  truncation  and  numerical  integration 
errors  |6|.  Moreover,  the  use  of  hydraulic  testing  machines  and  associated  load  cells  can  introduce  undesirable 
mechanical  noise  and  phase  errors  (2, 8|. 

Gibson  14 1  estimated  the  area  of  the  hysteresis  loop  using  an  electromechanical  plotter.  However,  the 
useful  frequency  range  was  limited  to  below  0. 1  hz  due  to  phase  lags  introduced  by  the  plotter.  More  recently, 
Ray  ef  al.  (7)  and  Wren  and  Kinra  18|  employed  a  FFT  technique  to  transform  the  generally  noisy  stress  and  strain 
signals  to  the  frequency  domain  and  retained  the  6  terms  nearest  to  the  excitation  fit^uency  to  reconstruct  the  time 
signals  and  hysteresis  loops.  Un  et  al.  16|  used  a  strain-strain  hysteresis  loop  technique  with  truncation  error 
compensation  to  determine  the  relative  loss  factors  of  two  materials. 

This  paper  describes  an  experimental  technique  developed  to  make  accurate  phase  and  damping 
measurements  in  the  time  domain.  Initial  error  analysis  indicated  the  feasibility  of  making  low  frequency  damping 
measurements  of  suitable  accuracy  (<  1(H  radians)  using  available,  moderately-priced  precision  instrumentation. 

EXPERIMENTAL  APPARATUS  AND  PROCEDURE 


Fig.  1  shows  a  schematic  of  the  experiment  setup.  Cylindrical  specimens  of  various  materials  were 
insPumented  "identically"  with  a  pair  of  semiconductor  strain  gages  (Micron  Instr.  SS-080-050-500P,  gage  factor 
of  140)  aligned  with  the  specimen  axis,  on  diametrically  opposite  sides.  A  half  bridge  circuit  was  used  for 
increased  sensitivity  to  axial  strains,  with  two  passive  gages  for  temperature  compensation.  Both  strain  bridges 
were  excited  by  a  single  precision  voltage  source  (Lamb^  Electronics  LQ4I  I).  Polycrystalline  aluminum  was 
chosen  as  a  reference  material  because  its  loss  factor  at  low  frequencies  and  strain  levels  in  uniaxial  vibraticm  is 
very  small  (<10^). 

An  electrostrictive  actuator  (AVX  Corp.  C060020A)  was  used  to  force  axial  vibration  of  the  specimens. 
The  specimens  were  sized  on  the  basis  of  the  actuator  characteristics,  with  nominal  dimensions  of  20  mm  length. 

4  mm  outer  diameter  and  3  mm  inner  diameter.  A  linear  region  of  actuator  operation  (SO  ±  14  Volts)  was 
identified  in  an  initial  calibration  run.  The  actuator  was  connected  in  series  with  the  reference  and  primary 
specimens,  and  the  assembly  placed  under  a  compressive  preload  of  about  40  N  in  a  micrometer  clamp.  The 
compressive  preload  ensured  that  the  specimens  remained  loaded  throughout  testing. 
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A  tunction  generator  (HP  33I4A)  was  used  in  conjunction  with  a  power  amplifier  (Burleigh  Instr.  PZ- 
150M)  to  drive  the  actuator.  Electrically-shielded  wires  and  boxes  were  used  to  reduce  noise,  and  differential 
connections  used  to  avoid  ground  loops.  The  strain  signals  were  digitized  by  a  16  bit  A/D  board  (National  Instr. 
NB-MI016X)  installed  in  a  Macintosh  llfx.  Digitized  data  was  acquired  and  partially  analyzed  under  the  control 
of  a  Virtual  Instrument  (V.I.)  built  using  LabVIEW  software  (National  Instr.).  Fig.  2  shows  the  front  panel  of  the 
V.l.  including  two  axial  strain  waveforms  acquired  during  a  test  of  different  aluminum  specimens. 


Figure  1  -A  schematic  of  the  experimental  setup.  Figure  2-Ftont  panel  of  the  Data  Acquisition  V.l. 


DATA  ANALYSIS 

A  design  stage  uncertainty  analysis  was  peri'ormed  to  identify  the  parameters  that  govern  the  accuracy  of 
the  phase  measurement  |9|.  The  results  were  used  to  define  the  following  data  analysis  approach. 

The  sampling  rate  and/or  the  number  of  points  per  channel  are  varied  with  frequency  to  ensure  that  a  fixed, 
integer  number  of  cycles  are  sampled  in  each  channel  at  the  specified  forcing  frequencies.  The  D.C.  bias  in  each 
channel  is  removed  by  numerical  averaging  and  approximate  signal  zero  crossing  times  are  identified  on  each 
channel.  In  the  vicinity  of  each  of  these  crossings,  least  square  lines  are  fit  over  a  small  fraction  of  a  cycle  to 
better  estimate  the  "true"  zero  crossing  times.  These  zero  crossing  times  are  then  corrected  to  account  for  the  time 
delay  in  sampling  between  channels,  and  the  net  time  delay  (phase  difference)  between  the  channels  is  found. 

The  phase  difference  between  channels  is  calculated  at  all  the  available  zero  crossings  and  a  mean  loss 
factor  and  the  standard  deviation  are  calculated.  This  statistical  apfn'oach  employs  "noisy"  time  domain  data 
directly,  avoiding  possible  phase  corruption  associated  with  various  filter  concepts. 

INITIAL  RESULTS 

At  the  time  of  writing  of  this  paper,  some  testing  was  still  in  progress.  In  an  initial  run,  two  channels  of 
sine  signals  were  acquired  directly  from  the  function  generator.  The  amplitude  of  the  signals  was  adjusted  to 
simulate  those  that  would  ensue  from  two  instrument^  aluminum  specimens  under  test  conditions.  The 
oscillation  frequency  was  varied  from  O.S  hz  to  10  hz  and  the  apparent  loss  factor  and  the  standard  deviation  were 
computed  at  each  frequency.  Six  thousand  points  were  sampM  per  channel  and  six  cycles  were  used  for  the 
calculations.  The  sampling  rate  ranged  from  500  hz  to  10,000  s  •  for  forcing  frequencies  ranging  from  0.5  to  10 
hz,  respectively. 

The  apparent  loss  lactor  varied  randomly  about  zero,  with  no  frequency-dependent  trend  observed.  The 
average  of  these  apparent  loss  factors  was  6.1  x  tO-s  radians  (3.5  x  10-3  degrees),  with  typical  standard  deviations 
of  2.4  X  Ift^.  At  a  forcing  frequency  of  1  hz,  this  phase  angle  corresponds  to  a  time  lag  of  9.76  psec. 

A  test  run  was  made  with  two  aluminum  specimens  over  the  frequency  range  from  0.5  to  10  hz.  The 
relative  loss  factors  were  very  repeatable,  with  standard  deviations  on  the  ordw  of  those  obtained  using  the 
function  generator  signals  directly.  However,  the  loss  factors  did  vary  with  frequency,  with  values  on  the  order 
of  10-3.  These  are  believed  to  be  real  differences  arising  from  the  use  of  excessive  acStesive  on  the  specimens. 
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POTENTIAL  APPLICATIONS 


As  previously  noted,  this  technique  is  suitable  for  characterization  of  the  possibly  low  damping  of 
structural  materials  envisioned  for  use  in  large  precision  space  strucmres.  In  addition,  it  is  also  well-suited  for 
accurate  characterization  of  materials  with  higher  damping,  such  as  viscoelastic  polymers. 

The  damping  of  a  structural  component  is  also  sensitive  to  the  kind,  locabon  and  density  of  any 
microstructural  flaws  present  Because  specimens  are  subject  to  a  macroscopically  homogeneous  strain  field  in 
this  technique,  it  might  be  especially  useAil  for  non-destructive  evaluation  of  materials  with  uniformly-distributed 
flaws.  Such  materisds  include  ceramic  composites  subjected  to  repeated  high-temperature  thermal  cycling. 

Finally,  this  technique  could  be  used  in  any  application  requiring  an  accurate  determinabon  of  the  phase 
difference  between  two  sinusoidal  signals. 

SUMMARY 

A  low-cost  method  for  accurately  determining  the  possibly  low  inherent  damping  of  various  engineering 
materials  at  low  frequencies  in  uniaxial  vibration  has  been  developed.  Accuracies  of  better  than  1  (H  in  loss  factor 
have  been  demonstrated.  This  approach  is  distinguished  from  others  by: 

•  the  use  of  identically-instrumented  reference  and  primary  specimens  to  determine  relative  damping; 

•  the  determination  of  small  phase  differences  between  noisy  signals  directly  in  the  rime  domain  as  time  delays 
between  zero  crossings;  and 

•  the  use  of  statistical  methods  and  straightforward  data  reduction  to  provide  high,  quantifiable  accuracy. 
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ABSTRACT 

This  paper  presents  a  brief  review  of  techniques  for  designed-in  passive  damping  for  noise  and  vibration 
control.  Designed-in  passive  damping  for  structures  is  usually  based  on  one  of  four  damping  technologies: 
viscoelastic  materials,  viscous  fluids,  magnetics,  or  passive  piezoelectrics.  These  methods  are  discussed 
and  compared.  The  technology  of  using  viscoelastic  materials  for  passive  damping  is  discussed  in  more 
detail  than  the  other  methods  since  it  is  presently  the  most  applicable  for  surface  treatments  for  noise 
control.  Testing  and  characterization  of  viscoelastic  materials  and  design  methods  for  passive  damping  are 
discussed.  An  example  showing  the  benefits  of  a  passive  damping  treatment  for  an  acoustic  problem  is 
presented. 

INTRODUCTION 

Passive  damping  plays  a  major  role  in  suppressing  structure-borne  sound  and  vibrations.  The  primary 
effects  of  increased  damping  in  a  structure  are  reduction  of  vibration  amplitudes  at  resonances,  with 
corresponding  decreases  in  stresses,  displacements,  fatigue,  and  soimd  radiation;  increase  sound  isolation 
(tramnission  loss)  of  the  structure  above  the  frequency  at  which  the  propagation  speed  of  the  bending 
wave  in  the  structure  equals  the  speed  of  sound  in  air;  attenuation  of  structure-borne  waves  propagating  in 
the  structure;  and  more  rapid  decay  of  free  vibrations  and  therefore  reduction  of  noise  generation.  Passive 
damping  may  be  broken  into  two  classes:  inherent  and  designed-in.  Inherent  damping  is  damping  that 
exists  in  a  structure  due  to  friction  in  joints,  material  damping,  rubbing  of  cables,  etc.  The  level  of  inherent 
damping  in  a  structure  is  usually  less  than  2  percent  structural.  Designed-in  damping  refers  to  passive 
damping  that  is  added  to  a  structure  by  design.  This  damping  supplements  inhei  nt  damping,  and  it  can 
increase  the  passive  damping  of  a  structure  by  substantial,  predictable  amounts. 

Designed-in  passive  damping  for  structures  is  usually  based  on  one  of  four  damping  technologies:  vis¬ 
coelastic  materials,  viscous  fluids,  magnetics,  or  passive  piezoelectrics.  Each  of  these  damping  mechanisms 
must  be  understood  in  order  to  select  the  most  appropriate  type  of  damping  treatment.  The  paragraphs 
below  describe  each  mechanism,  and  Table  1  presents  a  comparison. 

Viscoelastic  Materials 

Passive  damping  using  viscoelastic  materials  (VEMs)  is  found  widely  in  both  commercisJ  and  aerospace 
applications.  Viscoelastic  materials  are  elastomeric  materials  whose  long-chain  molecules  cause  them  to 
convert  mechanical  energy  into  heat  when  they  are  deformed.  Perhaps  the  most  important  advantage  of 
VEMs  is  their  high  loss  factor  and  low  storage  modulus.  The  loss  factor  is  a  measure  of  the  energy  dissi¬ 
pation  capacity  of  the  material,  and  the  storage  modulus  is  a  measure  of  the  stiffness  of  the  material.  The 
storage  modulus  (shear  modulus)  is  important  in  determining  how  much  energy  gets  into  the  viscoelastic 
material,  and  the  loss  factor  determines  how  much  energy  is  dissipated.  Both  the  shear  modulus  and  loss 


Table  1:  Primary  passive  damping  mechanisms  and  related  information 


TYPE  OF  DAMPING  MECHANISM 

Viscoelastic 

Materials 

Viscous 

Devices 

Magnetic 

Devices 

Passive 

Piezoelectrics 

Types  of 
Treatments 

All 

Strut  Dampers 
and  TMDs 

Strut  Dampers 
and  TMDs 

Strut 

Dampers 

Temperature 

Sensitivity 

High 

Moderate 

Low 

Low 

Temperature 

Control 

Embedded 

Heaters 

Heaters 

None 

Needed 

Embedded 

Heaters 

Loss 

Factor 

High 

High 

Low 

Low 

Frequency 

Range 

Wide 

Moderate 

Moderate 

Moderate 

Weight 

Low 

Moderate 

High 

Moderate 

factor  of  VEMs  are  temperature  and  frequency  dependent,  though  of  the  two  temperature  has  a  greater 
effect  on  damping  performance. 

-Viscous  Devices 

These  devices  dissipate  energy  via  a  true  velocity-dependent  mechanism,  typically  by  forcing  a  fluid 
through  a  precision  orifice.  Although  the  actual  viscous  damping  coefficient  is  usueJly  not  frequency 
dependent,  the  viscous  damping  force  (oj)  is  obviously  frequency  dependent.  Viscous  dampers  are  most 
effective  for  axial  deformations.  The  levels  of  loss  obtainable  by  a  viscous  device  are  higher  than  those 
obtainable  with  VEM-based  struts,  but  a  price  is  paid  in  the  “bandwidth”  of  effectiveness.  That  is,  a 
viscous  damper  is  usually  effective  at  damping  only  modes  in  a  relatively  narrow  frequency  range.  As  with 
VEM  damping  treatments,  the  effectiveness  of  viscous  dampers  is  affected  by  changes  in  temperature,  but 
to  a  lesser  degree.  This  change  is  due  to  the  viscosity  of  the  fluid  changing. 

Viscous  damping  mechanisms  have  been  adapted  to  address  bending  deformations,  but  it  is  not  the 
most  direct  and  efficient  use  of  the  technology.  This  approach  is  thus  not  attractive  for  situations  dominated 
by  panel  bending,  such  as  many  acoustics-driven  problems. 

Magnetic  Devices 

With  eulvancements  in  the  production  of  powerful  magnetics,  magnetic  (eddy  current)  damping  is 
proving  to  be  a  viable  solution  to  problems  where  temperature  extremes  are  a  factor.  As  with  fluid-based 
systems,  this  technology  produces  a  true,  velocity-dependent  viscous  damping  force.  However,  the  damping 
coefficients  of  magnetic  devices  are  much  less  than  viscous  devices.  The  power  and  effectiveness  of  the 
magnetics  are  relatively  unaffected  by  changes  in  temperatures. 

This  is  another  technology  that  is  not  well  suited  for  most  bending  problems.  However,  magnetic 
TMDs  have  been  shown  to  be  effective  in  harsh  environments  where  neither  viscoelastic  or  viscous  damping 
mechanisms  are  possible. 

Passive  Piezoelectrics 

Piezoelectric  ceramic  materials  have  the  unique  ability  to  produce  a  strain  when  subjected  to  an  elec¬ 
trical  charge,  and,  conversely,  they  produce  a  charge  when  strained  mechanically.  A  piezoelectric  material 
can  be  used  as  a  passive  damping  element  in  a  structure  by  shunting  it  with  a  passive  electrical  circuit, 
thereby  turning  vibrational  strain  energy  into  electrical  energy  that  can  be  dissipated  as  heat  energy  by 
a  resistor.  Two  types  of  shunted  circuits  exist:  a  resistor  alone  and  a  resistor  in  series  with  an  inductor. 
In  resistor-shunting,  the  voltage  created  is  run  through  a  circuit  in  series  with  a  resistor  that  dissipates 
the  electric  energy.  The  theoretical  maximum  loss  factor  for  this  configuration  is  0.425,  this  making  it  less 
efficient  than  a  good  viscoelastic  material.  Shunting  with  a  resistor  and  inductor,  along  with  the  inherent 
capacitance  of  the  piezoceramic,  creates  a  resonant  LRC  circuit  that  is  analogous  to  a  mechanical  tuned- 
mass  damper  (TMD),  except  that  it  counters  vibrational  strain  energy  instesid  of  kinetic  energy.  This  can 
result  in  loss  factors  higher  than  0.425,  but  how  much  higher  depends  on  the  amount  of  inductance.  For 
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Table  2;  Primary  implementations  of  passive  damping  and  associated  design  methods  for  space  structures 


1  TYPE  OF  TREATMENT  I 

Strut 

Dampers 

Constrained 

Layers 

IXined-Mass 

Dan:4>ers 

Joint/Interface 

Dampers 

Embedded 

Dampers 

Target 

Modes 

_ 

Member  Bending 
and  Extension 

Loc^ 
or  Global 

Member  Bending 
and  Extension 

Primary 

Design 

Method 

Modal 

Strain  Energy 

Modal 

Strain  Energy 

Complex 

Eigenvalues 

Joint  Teat  or 
Modal  Strain 
Energy 

Modal 

Strain  Energy 

Special 

Features 

Removable, 

Lightweight 

Flexible, 

Wide  Bandwidth 

Low  Cost, 

Low  Weight 

Low  Wei^t 

Low  Volume 

Embedded, 

Low  Outgassing 

large  inductance,  one  needs  a  large,  heavy  inductor.  Active  inductors  using  power  amplifiers  have  been 
built,  but  this  defeats  the  purpose  of  a  passive  system.  Some  advantages  of  piezoceramics  are  that  they 
have  some  structural  stiffness,  are  relatively  temperature  independent,  and  can  be  used  for  both  sensors 
and  actuators. 

PASSIVE  DAMPING  CONCEPTS 

Although  passive  damping  if  often  attributed  to  friction  or  other  such  “accidental”  mechanisms, 
designed-in  damping  using  high-loss  materials  and  techniques  can  yield  energy  dissipation  that  is  orders 
of  magnitude  higher  and  much  more  predictable.  AH  passive  damping  treatments  share  a  common  goal; 
absorb  significant  eimounts  of  strain  energy  in  the  modes  of  interest  and  dissipate  this  energy  through  some 
energy-dissipation  mechanism.  The  effectiveness  of  all  passive  damping  methods  varies  with  frequency  and 
temperature,  through  some  more  than  others. 

For  each  of  the  basic  passive  damping  mechanisms,  there  are  several  choices  for  implementation. 
Damped  struts  are  commonly  used  in  truss-type  structures,  though  they  can  also  be  used  to  damp  struc¬ 
tures  where  two  or  more  parts  of  the  structure  are  deforming  relative  to  each  other.  Constrained  layer 
treatments  are  surface  treatments  where  the  damping  material  is  sandwiched  between  the  base  structure 
and  a  constraining  layer.  This  type  of  damping  treatment  is  most  commonly  used  to  damp  bending  modes 
of  surf2K:es  (shell-type  modes).  A  tuned-mass  damper  (TMD)  is  a  vibration  damping  device  attached  to 
the  structure  at  or  near  an  antinode  of  a  troublesome  mode  of  vibration.  These  devices  transfer  energy  at 
a  particular  resonance  to  two  new  system  resonances,  each  highly  damped.  A  small  increase  in  damping 
may  be  achieved  by  placing  damping  materisJ  in  joints.  The  advantage  of  this  type  of  damping  is  that 
it  requires  very  little  added  weight.  Embedded  dampers  can  be  constructed  of  viscoelastic  materials  or 
passive  piezoelectrics.  Table  2  summarizes  the  primary  passive  damping  concepts  along  with  their  typical 
uses. 

VEM  TESTING  AND  CHARACTERIZATION 

As  stated  previously,  viscoelastic  materials  are  temperature  and  frequency  dependent.  VEMs  must 
therefore  be  tested  over  both  temperature  and  frequency  ranges  to  characterize  the  material  accurately. 
VEM  test  methods  fall  into  two  broad  classes:  resonant  and  nonresonant. 

Resonant  tests  infer  VEM  properties  from  measured  normal  mode  properties  of  some  simple  structure 
that  includes  the  viscoelastic  material,  such  as  a  sandwich  beam.  Resonant  tests  have  the  advantage  of 
being  relatively  insensitive  to  both  gain  and  phase  errors  in  the  transducing  systems.  However,  a  major 
disadvantage  is  that  the  measurement  is  indirect;  material  prop  rties  are  inferred  from  modal  properties 
by  working  backwards  through  some  theoretical  solution.  Also,  materied  properties  are  obtained  only  at 
discrete  frequencies. 

Nonresonant  tests,  often  called  complex  stiffness  tests,  utilize  a  VEM  sample  connected  to  a  rigid  fixture 
and  loaded  dynamically,  usually  in  shear.  The  force  transmitted  through  the  specimen  and  the  resulting 
deformation  across  it  are  transduced  directly.  Damping  is  determined  from  the  phase  angle  by  which  the 
displacement  lags  the  force.  Stiffness,  or  storage  modulus,  is  determined  from  the  ratio  of  in-phase  force 
to  displacement.  Stiffness  and  loss  factor  are  obtained  as  almost  continuous  functions  of  frequency  and  at 
discrete  temperatures. 
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Reduced  Frequency  (Hz) 

Figure  1:  Reduced-temperature  nomogram 

Using  the  test  data  measured  at  selected  temperatures  and  frequencies,  a  process  known  as  character¬ 
ization  is  used  to  determine  the  material  properties  at  all  combinations  of  temperature  and  frequency  [1] 
[2].  The  actual  process  of  characterization  is  complex  and  rather  involved.  A  layman’s  view  is  to  deter¬ 
mine  a  functional  relationship  (the  temperature  shift  function  (ay))  between  temperature  and  frequency 
such  that  both  the  storage  modulus  and  loss  factor  at  any  temperature  eind  frequency  can  be  determined. 
Incorrect  characterization  can  lead  to  major  errors  in  property  data.  The  end  result  of  characterization  is 
a  viscoelastic  material  nomogram  (also  called  the  international  plot).  Figure  1  gives  an  example  and  its 
use  for  3M’s  Y-966. 

Once  a  material  has  been  characterized  accurately,  its  parameters  may  be  placed  into  a  database.  The 
computer  may  then  perform  searches  for  materials  that  meet  specific  engineering  criteria  in  a  method 
exactly  analogous  to  reading  the  international  plot.  Since  these  searches  are  based  solely  on  the  charac¬ 
terization  parameters,  the  importance  of  quality  data  and  characterization  methods  should  not  be  under¬ 
estimated. 

PASSIVE  DAMPING  DESIGN  METHODS 

Passive  damping  treatments  for  complex  structures  are  usually  designed  using  finite  element  techniques. 
The  frequency  and  temperature  dependencies  of  passive  damping  mechanisms  must  be  taken  into  account 
during  the  design.  Damping  design  is  not  just  the  selection  of  a  high  loss  mechanism  (material,  device) 
for  the  temperature  range  of  interest;  it  is  an  integrated  structural  and  materials  design  process.  To 
achieve  damping,  two  conditions  must  be  met;  significant  strain  energy  must  be  directed  into  the  high 
loss  mechanism  for  all  modes  of  interest,  and  the  energy  in  the  mechanism  must  be  dissipated.  The  first 
condition  requires  most  of  the  design  effort  and  is  dependent  on  structural  properties,  location,  mode 
shapes,  stiffness,  wave  lengths,  thickness  of  material,  etc.  The  second  condition  is  met  by  selecting  the 
mechanism  with  the  proper  loss  factor  that  matches  the  designed  stiffness. 

Before  the  design  of  the  passive  damping  treatment  can  begin,  it  is  imperative  that  the  true  nature 
of  the  problem  be  understood  thoroughly.  The  designer  must  have  in  mind  some  figme  of  merit,  which 
could  be  as  simple  as  the  response  of  a  fundamental  mode  of  a  panel  or  as  complicated  as  the  RMS  beam 
jitter  of  multiple  optics  in  an  optical  system  due  to  acoustic  excitation.  In  any  case,  the  engineer  must 
determine  whether  the  problem  is  a  single  mode  or  many  modes  over  a  broad  frequency  band.  In  the  later 
case,  the  precise  modes  that  are  driving  the  figure  of  merit  must  be  identified.  Knowing  all  of  this,  the 
proper  damping  mechanism,  analysis  technique,  and  hardware  can  be  chosen. 

Methods  for  finite  element  analysis  of  damped  structures  can  generally  be  categorized  as  either  a 
damping  treatment  design  method  or  a  response  prediction  method.  The  damping  treatment  design 
methods  are  used  to  determine  the  proper  selection  of  design  variables  that  will  lead  to  high  damping  in 
modes  of  interest.  These  methods  predict  the  amount  of  damping  in  each  mode.  The  response  prediction 
methods  are  used  to  predict  the  performance  of  damped  structures  but  may  be  used  for  design  purposes. 
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Figure  2:  Finite  element  model  of  the  stiffened  panel 


The  two  major  damping  treatment  design  methods  are  the  Modal  Strain  Energy  (MSE)  (3]  method 
and  the  complex  eigenvalue  (CEV)  method,  with  the  MSE  method  being  the  most  widely  used.  Using  the 
MSE  method,  the  modal  damping  of  a  structure  may  be  approximated  by  the  sum  of  the  products  of  the 
loss  factor  of  each  material  and  the  fraction  of  strain  energy  in  that  material  for  each  mode.  In  the  case  of 
a  multi-material  system,  the  system  loss  is  given  by 


M  cr'l’’) 

=  -- 

ial 


(1) 


where  t/i  =  material  loss  factor  for  material  t,  SE\^^  =  strain  energy  in  material  i  when  the  structure 
deforms  in  natural  vibration  mode  r,  and  =  total  strain  energy  in  natural  vibration  mode  r. 

The  MSE  method  is  an  approximation  of  the  complex  eigenvalue  method,  which  treats  the  viscoelastic 
material  as  complex.  The  advantages  of  the  MSE  method  are  that  it  uses  normal  mode  analysis,  which  is 
much  more  efficient  computationally  than  complex  eigenanalysis,  and  that  it  calculates  the  distribution  of 
strain  energy  in  the  structure,  which  aids  in  determining  the  best  location  for  the  damping  treatment. 

The  response  prediction  methods  include  the  modal  and  direct  frequency  response  methods  and  the 
modal  and  direct  transient  response  methods.  The  modal  frequency  response  analysis  method  is  efficient, 
but  uses  modes  based  on  constant  stiffness,  even  though  the  damping  may  be  a  function  of  frequency.  This 
method  is  reasonably  accurate  as  long  as  the  calculated  response  frequency  range  is  not  over  a  decade.  The 
direct  frequency  response  method  uses  frequency-dependent  complex  material  properties,  which  makes  this 
method  eiccurate  but  very  expensive  computationdly.  The  modal  transient  response  method  again  uses 
modes  calculated  tising  constant  stiffness,  while  the  direct  transient  response  analysis  method  can  handle 
complex  material  properties. 

PASSIVE  DAMPING  EXAMPLE 

One  example  of  the  application  of  passive  damping  is  a  stiffened  panel  supporting  a  simulated  compo¬ 
nent  that  is  sensitive  to  its  vibration  environment.  To  simulate  excitation  by  an  acoustic  field,  a  random 
pressure  loading  is  applied  over  the  surface  of  the  panel.  The  chosen  figure  of  merit  is  the  RMS  (0-1,000 
Hz)  of  the  displacement  PSDs  normal  to  the  panel  and  about  the  axes  in  the  plane  of  the  panel.  The 
analysis  is  performed  with  a  finite  element  model  using  MSC/NASTRAN  in  which  the  panel  and  ribs  are 
modeled  with  plate  elements,  and  the  component  is  a  lumped  mass.  For  visualization,  a  massless  box  had 
been  attached  to  the  lumped  mass,  as  shown  in  Figure  2. 

The  first  step  is  to  determine  which  modes  contribute  the  most  to  the  figure  of  merit.  For  the  dis¬ 
placement  normal  to  the  panel,  it  is  easy  to  rationalize  that  the  fundamental  bending  mode  dominates 
this  resonance.  However,  for  the  rotational  displacements,  the  fundamental  mode  along  with  the  either  the 
second  (for  9x)  or  third  (for  9y)  modes  are  of  equal  importance.  The  displacement  PSD  for  the  x  rotation, 
along  with  its  forward  sum,  is  shown  in  Figure  3. 

If  only  the  normal  displacement  were  important,  this  problem  would  be  a  good  candidate  for  a  tuned- 
mass  damper,  since  this  displacement  PSD  is  strongly  dominated  by  just  the  fundamental  mode.  However, 
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Pressure  Looding  on  a  Stiffened  Panel 
Displacement  PSD  at  Lumped  Mass  (  theto  x  direction  ) 


Frequency  (Hz) 

Figure  3:  Displacement  PSD  for  with  forward  sum 


there  are  several  modes  that  need  to  be  addressed,  so  a  constrained-layer  treatment  is  more  appropriate 
for  this  case. 

There  are  five  basic  design  parameters  for  a  constrained-layer  treatment:  thickness  of  the  constraining 
layer,  modulus  of  the  constraining  layer,  thickness  of  the  VEM,  modulus  of  the  VEM,  and  placement  of  the 
treatment.  In  most  practical  situations,  some  of  this  parameters  are  determined  by  outside  feictors  such 
as  constraints  on  weight,  CTE,  space,  etc.  Where  weight  is  a  factor,  it  usually  advantageous  to  make  the 
constraining  layer  from  advanced  materials,  such  as  metal  matrbc  or  graphite-epoxy  [5].  For  this  example, 
the  constraining  layer  is  made  from  the  same  material  as  the  base  panel:  aluminum.  Also,  assume  that 
the  entire  top  surface  of  the  panel,  including  under  the  component,  is  covered  by  the  constrained-layer 
damping  treatment.  A  brief  trade  study  with  the  remaining  parameters  showed  that  the  VEM  should  be 
0.006”  thick  and  have  a  shear  modulus  near  250  psi.  This  trade  study  is  documented  in  Table  3. 


Table  3:  Summary  of  trade  study  for  add-on  constrained-layer  damping  treatment 


VEMT 

VEMG 

CL 

%  MSE  in  VEM 

(inches) 

(psi) 

(inches) 

Mode  1 

Mode  2 

Mode  3 

0.010 

MM 

5.41 

6.57 

5.43 

0.010 

H9 

WninB 

10.0 

11.43 

8.93 

0.010 

250 

0.15 

13.65 

15.02 

11.49 

use  CUT  =  ( 

.10  as  baseline,  now  vary  VEMG 

0.010 

50 

0.10 

5.61 

4.93 

3.15 

0.010 

2000 

0.10 

7.18 

9.44 

10.05 

0.010 

1000 

0.10 

9.09 

11.82 

11.42 

1  use  VEMG  = 

250  for  baseline,  now  vary  VEMT 

MM 

0.10 

■  HiUM 

10.44 

■!fm 

mSm 

0.10 

1 WM 

10.53 

0.004 

mSm 

0.10 

9.49 

m 

10.77 

0.006 

0.10 

9.93 

12.11 

10.22 

Runs  for  final  predictions  of  MSE  in  modes  1-3 

0.006 

95« 

0.10 

8.88 

n/a 

n/a 

0.006 

280t 

0.10 

n/a 

12.21 

10.48 

*3M  Y-966  shear  modulus  at  ~  25  Hz 
t3M  Y-966  shear  modulus  at  ~  ’30  Hz 
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Table  4:  Reductions  in  RMS  values  resulting  from  passive  damping 


1  RMS  1 

Untreated 

483 

153 

191 

With  Damping 

83 

40 

43 

There  are  three  variations  on  this  concept  that  bear  mentioning: 

1.  The  damping  treatment  could  be  shrunk  so  that  it  covered  a  smaller  portion  of  the  base  panel. 

2.  The  panels  themselves  could  be  constructed  from  a  sandwich  of  metal  and  VEM. 

3.  Instead  of  a  constraining  layer,  the  VEM  could  be  sandwiched  between  the  base  structure  and  built- 
up  sections  (I-Beams,  C-channels,  hat  sections,  etc.).[5j  [6] 


Each  of  these  alternatives  is  likely  to  result  in  additional  weight  savings,  though  they  are  not  discussed  in 
this  paper. 

A  trade  study  showed  that  the  shear  modulus  of  the  VEM  should  be  approximately  250  psi.  One 
material  that  fits  this  closely  for  the  three  modes  of  interest  is  3M’s  Y-966  (see  Figure  1).  The  shear 
modulus  and  loss  factor  for  this  VEM  at  25  and  130  Hz  are  approximately  (95  psi,1.17)  and  (280  psi,1.3), 
respectively  [7].  Two  additional  runs  were  then  made  with  these  values  to  get  a  better  approximation  for 
the  MSE  in  the  modes  of  interest.  They  are  also  reported  in  Table  3.  These  values  of  modal  strain  energy 
were  subsequently  multiplied  by  the  loss  factors  for  their  respective  frequencies  and  used  to  predict  the 
responses  of  the  structure  with  the  added  damping  treatment.  The  RMS  values  are  given  in  Table  4,  and 
the  effects  are  shown  clearly  by  the  PSD  in  Figure  4. 


Pressure  Loading  on  o  Stiffened  Ponel 
Displocement  PSD  ol  Lumped  Moss  (  theto  x  direction  ) 


Frequency  (Hz) 

Figure  4:  Effect  of  Passive  Damping 
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ABSTRACT 

The  use  of  damping  technology  to  control  the  vibrational  amplitude  of  structures  has  been 
increasing  recently  due  to  the  availability  of  an  extensive  data  base  on  the  properties  of 
materials  with  different  environments,  and  efficient  experimental  and  analytical  techniques 
to  evaluate  the  effectiveness  of  damping  treatments  when  used  in  different  applications. 
This  paper  describes  some  of  the  recent  passive  damping  applications  that  have  been  used 
in  different  industries.  Specifically,  the  application  of  this  technology  to  control  the 
vibrational  amplitude  in  various  components  found  in  the  automotive,  sporting  goods, 
aerospace,  and  computer  industries  is  described. 

INTRODUCTION 

Passive  damping  as  a  technology  has  been  around  for  many  years.  Specifically,  the 
unconstrained  and  constrained  layer  damping  treatments  have  been  analyzed  and  developed, 
at  least  for  simple  structures,  since  the  early  50's  fl.2J.  The  tuned  vibration  absorber 
has  been  investigated  even  earlier  for  the  case  of  low  (3)  and  high  (4)  damping  capabilities 
in  the  spring  elements.  Since  those  early  days,  this  technology  continued  to  be  refined 
by  many  researchers  and  organizations,  but  its  impact  to  solve  noise  and  vibration  problems 
has  been  limited  until  the  last  few  years.  This  can  be  mainly  attributed  to  the 
availability  of  better  damping  materials,  and  analytical  and  experimental  tools  to  determine 
the  effectiveness  of  damping  treatments  when  applied  to  various  structural  components  [b] . 

Advances  in  the  material  technology  include  new  materials  that  have  high  damping 
capabilities,  while  being  resistant  to  the  operating  environment  such  as  temperature, 
solvents,  aging,  loading,  etc.  These  materials  have  been  measured  for  their  dynamic 
behavior  and  characterized  as  analytical  functions  in  terms  of  temperature,  frequency, 
static  loading,  dynamic  loading,  creep,  and  stress  relaxation.  Several  data  bases  now  exist 
to  assist  the  users  in  selecting  the  appropriate  materials  for  given  requirements. 

Using  this  material  technology,  along  with  newer  and  more  efficient  analytical  and 
experimental  tools  for  modeling  the  dynamic  behavior  of  structures,  designers  have  been  able 
to  concentrate  on  the  practical  aspects  of  implementing  damping  into  various  products 
Including  those  of  mass  production.  Actually,  the  majority  of  applications  today  for  the 
damping  technology  are  found  in  both  the  automotive  and  appliance  industries  which  are  high 
volumes  and  usually  cost  conscience  (5). 
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This  paper  describes  some  of  the  latest  and  most  interesting  applications  for  various 
industries.  Two  types  of  damping  treatments  will  be  discussed.  The  first  type  is  the 
constrained  layer  damping  with  its  application  to  control  disc  brake  squeal  in  the 
automotive  industry  and  the  suspension  of  disc  drives  in  the  computer  industries.  The 
second  type  is  the  tuned  vibration  absorber  for  two  different  applications.  One,  is  where 
this  device  is  used  to  introduce  damping  into  the  system  as  for  controlling  tennis  racket 
vibration,  and  the  other  when  used  to  increase  the  dynamic  stiffness  for  reducing  the 
aircraft  fuselage  vibrations. 

Damping  of  Automotive  Disc  Brakes 

Analyzing  and  controlling  brake  noise  have  been  going  on  for  many  years  for  a  variety  of 
vehicles.  However,  as  asbestos  lining  materials  are  being  phased  out.  especially  wher 
replaced  with  semi*metallic  ones,  controlling  brake  noise  became  an  important  issue  in  the 
automotive  industry  to  reduce  warranty  costs.  Such  new  lining  materials  have  higher 
friction  forces  and  lower  damping  capabilities  than  the  old  asbestos  ones,  and  therefore 
create  the  conditions  for  a  number  of  noise  problems  to  occur  in  the  vehicle.  Of  these, 
the  most  important  one  occurs  whenever  the  dynamics  of  the  rotor  match  those  of  the  brake 
pads  at  a  given  frequency  or  a  number  of  frequencies  which  lead  to  brake  squeal  [6], 

To  illustrate  the  dynamics  affecting  brake  squeal  consider  Figure  1  in  which  a  dynamic  force 
(in  the  brake  static  condition  at  room  temperature)  is  applied  to  a  rotor  and  the  response 
is  measured  as  a  function  of  brake  line  pressure.  The  frequency  range  that  is  selected  in 
this  figure  is  similar  to  that  where  the  brake  squeal  occurs.  Other  conditions  such  as 
temperature  and  humidity  also  affect  brake  squeal  and,  therefore,  should  also  be 
investigated,  but  will  not  be  discussed  here. 

At  zero  pressure  when  the  rotor  is  not  in  contact  with  the  brake  pads,  the  frequency 
response  is  high  with  low  damping.  However,  as  the  pressure  is  increased  and  the  pads  start 
to  contact  the  rotor,  the  response  becomes  considerably  lower  and  with  much  higher  damping. 
This  is  due  to  the  high  joint  damping  between  the  rotor,  and  the  pads  which  are  still 
vibrating  as  rigid  bodies,  while  the  rotor  is  deforming  in  a  given  modal  pattern  at  this 
frequency.  As  the  pressure  continues  to  increase,  it  can  be  seen  that  the  response  becomes 
higher  again  and  with  low  damping.  This  condition  occurs  whenever  the  dynamics  of  the  rotor 
match  those  of  the  pads  and  the  new  system  starts  to  vibrate  in-phase  which  generates  little 
joint  damping.  The  deformation  pattern  for  the  system  at  this  condition  is  shown  in  Figure 
2,  which  matches  the  actual  operating  deflection  shape  that  occurs  during  squeal  condition. 

Two  approaches  are  usually  used  to  control  the  above  mentioned  condition.  One  is  to 
mismatch  the  two  dynamics  between  the  rotor  and  the  pads,  however,  this  approach  is  not 
always  satisfactory  because  of  the  large  number  of  resonances  in  the  system,  especially  as 
they  continue  to  change  with  increasing  wear.  The  other  is  to  introduce  enough  damping  into 
the  system.  Several  ways  and  locations  have  been  investigated  to  introduce  damping  into 
disc  brakes  and  the  most  successful  has  been  the  constrained  layer  damping  treatment  when 
applied  to  the  back  of  the  brake  pads,  as  illustrated  in  Figure  3.  Such  a  treatment  works 
whenever  the  pad  starts  vibrating  in-phase  with  the  rotor  in  a  given  mode  so  that  the  steel 
constraining  layer  causes  the  damping  layer  to  undergo  shear  deformation  and  thereby 
dissipates  the  unwanted  vibrational  energies.  Typical  performance  for  such  a  treatment  is 
shown  in  Figure  4.  As  can  be  seen  in  this  figure,  and  as  always  expected,  the  constrained 
layer  damping  treatment  works  effectively  over  a  given  temperature  range  that  is  governed 
by  the  material  properties,  geometry  and  the  dynamics  of  the  system.  If  such  a  temperature 
range  is  not  sufficient,  then  it  Is  necessary  to  use  different  materials,  geometries,  and/or 
multiple  constrained  layers.  Most  new  vehicles  now  arc  equipped  with  constrained  layer 
damping  treatments  on  the  brake  pads. 

Damping  Qf_Dlsc  Drive  Suspension 

Damping  of  the  flexures  in  disc  drives  is  needed  to  control  the  resonant  vibration  in  the 
suspension  and  thereby  eliminates  the  read/write  errors  associated  with  such  resonances  |7] . 
A  typical  constrained  layer  damping  treatment  on  a  flexure  is  shown  in  Figure  .•>.  The  design 
of  the  damping  treatment  Includes  the  determination  of  the  dynamic  behavior  of  the  flexure, 
the  measurements  of  the  properties  of  the  damping  material  to  be  used,  the  design  of  the 
damping  configuration  and  its  location  on  the  flexure  and  finally  the  verification  of  the 
performance  of  the  treatment. 


190 


The  dynamic  response  of  the  flexure  is  shown  in  Figure  6  which  is  measured  while  the  di se¬ 
ts  spinning  to  properly  simulate  the  boundary  conditions.  A  number  of  resonances  are  .seei 
in  the  frequency  refjponse,  and  their  importance  is  dependent  on  the  specific  application. 
For  example,  earlier  disc  drives  were  affected  by  the  first  bending  mode  of  the  suspension, 
while  present  designs  are  more  affected  by  the  sway  mode.  The  mode  shapes  of  vibration  of 
those  two  resonances  are  shown  in  Figure  7.  Knowing  which  one  of  the  two  modes  to  control 
IS  an  important  factor  in  the  design  of  the  damping  treatment.  To  illustrate  this  point, 
the  modal  strain  energy  is  shown  in  Figure  8  for  each  mode.  Since  the  damping  treatment 
needs  to  be  applied  at  the  locations  of  maximum  strain  enerp,v  for  optimum  performance,  then 
It  can  be  seen  that  the  damping  treatmeiit  of  Figure  6  is  good  for  the  l.st  bending  mode  and 
not  for  the  sway  mode. 

Figure  9  represents  the  measured  and  analytically  predicted  performance  for  a  constrained 
layer  damping  treatment  as  a  function  of  temperature  for  the  first  bending  mode  of 
vibration.  The  design  of  this  treatment  included  the  optimization  of  the  selection  of  the 
damping  material,  its  thickness,  and  the  thickness  of  the  constraining  layer  to  achieve  a 
given  damping  level  over  the  operating  temperature  range.  This  type  of  damping  treatmerd 
plays  an  important  role  in  the  design  of  the  high  performance  disc  drives. 

Damping  of  Tennis  Racket  Vibration 

The  response  of  several  sporting  goods,  especially  those  that  are  hand  held,  such  as  tennis 
rackets,  baseball  bats,  and  golf  clubs  are  being  investigated  today  as  for  the  case  of  hand¬ 
held  tools.  This  is  because  whenever  such  devices  are  hand  held  and  operated,  their 
dynamics  couple  with  those  of  the  arm.  or  whole  bodv,  and  in  many  case.s  lead  to 
objectionable  feel  from  the  vibration.  In  the  case  of  tennis  rackets,  both  noise  and 
vibration  conditions  occur  during  ball  impacts.  However,  the  vibration  felt  the  hand 
Is  becoming  more  important  to  control  especially  as  new  high  stiffness  composite  racKeis 
are  being  developed. 

Figure  10  represents  the  driving  point  frequency  response  measured  on  a  composite  racket 
to  illustrate  its  resonances  up  to  1000  Hz  in  the  case  of  free-free  boundary  conditions  (not 
hand-held).  The  first  bending  mode  of  the  racket  and  first  bending  mode  of  the  strings  are 
illustrated  In  Figures  11  and  \2 .  The  string  mode  illustrated  in  Figure  l2  is  the  dominant 
one  for  noise,  while  the  bending  mode  of  the  racket  is  the  one  that  is  felt  in  the  arm. 
This  is  illustrated  in  Figure  13  for  the  hand-held  condition  and  measurements  were  made  on 
both  the  arm  and  the  racket.  It  can  be  seen  in  this  figure  that  the  arm  now  is  coupled  with 
the  racket  and  the  new  system  mode  of  vibration  is  causing  bending  in  the  arm. 

In  the  case  of  high  stiffness  rackets,  which  have  low  inherent  damping,  the  arm  becomes  the 
dominant  damping  mechanism  for  the  racket  vibration.  In  other  words,  as  the  system 
resonates  in  the  mode  ot  Figure  13,  the  arm  is  dissipating  the  majority  of  the  vibrational 
energy  which  leads  to  tiring  in  the  arm,  and  In  part  to  aggravating  "tennis-elbow".  This 
is  perhaps  better  seen  in  Figure  14  which  illustrates  two  responses  of  the  racket  when  it 
is  hand-held  and  free-free.  It  can  be  seen  form  this  figure  that  the  damping  in  the  system 
is  increased  by  about  a  factor  of  ten  when  the  racket  is  hand-held. 

To  improve  on  the  response  of  the  system  it  is  necessary  to  introduce  higher  damping  into 
the  racket,  either  by  a  material  change  or  additional  devices,  than  that  introduced  by  the 
arm.  Whenever  this  occurs,  then  the  racket  or  the  device  will  do  the  work  to  dissipate  the 
energy  instead  of  the  arm,  and  thereby  lead  to  better  and  more  comfortable  feel  during 
playing  conditions.  Even  though  many  devices  have  been  tried,  and  claim  to  reduce  the 
vibration  of  the  racket,  very  few  have  been  as  good  as  the  damping  introduced  by  the  hand, 
and  therefore  become  ineffective  when  the  racket  is  hand-held.  However,  tuned  vibration 
absorbers,  when  properly  designed  and  ««^lected  to  ha''e  high  damping  in  the  rubber  element, 
could  introduce  high  damping  into  the  system  for  a  low  weight  penalty. 

Figure  15  represents  the  response  of  the  hand-held  racket  with  a  tuned  vibration  absorber 
that  has  a  weight  of  only  3%  of  the  racket.  It  can  be  seen  in  the  figure  that  significant 
damping  has  been  introduced  into  the  system,  which  leads  to  more  comfortable  playing 
conditions.  Because  of  such  improvements,  similar  tuned  devices  are  now  being  considered 
for  other  hand  held  sporting  goods,  such  as  baseball  bats. 
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Damping  ot  Aircraft  Fuselage  Vibration 

Controlling  the  amplitude  of  vibration  of  the  fuselages  on  aircrafts  is  a  key  factor  in 
reducing  t!ie  interior  noise,  especially  for  the  propeller  driven  ones.  For  such  aircrafts 
the  impoilant  frequencies  to  address  are  the  fundamental  atid  stcond  blade  passage 
frequencies.  However,  because  such  frequencies  are  usually  below  200  Hz.  the  damping 
approach  is  not  very  effective  because  the  response  of  the  frames  of  the  fuselage  is  more 
of  the  forced  type  rather  than  of  resonant  one.  Thus,  increasing  the  stiffness  of  the 
frames  becomes  the  recommended  approach  to  rt-duce  the  vibrational  response  for  a  given  input 
force  . 

Typical  ways  of  introducing  higher  stiffness  into  the  fuselage,  .sucli  as  increased  skin 
thickness  or  stiffer  frames  are  not  very  effective  for  significant  noise  reductions,  because' 
of  the  weight  penalty  involved.  An  alternate  approach  is  to  increase  the  dynamic  stiffness 
around  the  frequency  of  excitation  to  introduce  a  r>otch  in  the  frequency  response.  This 
can  he  accomplished  bv  using  tuned  vibration  absorbers  that  are  attached  to  the  frames  at 
the  point  of  maximum  amplitude  so  that  when  tiie  frame  js  vibrating,  the  mass  of  the  absorber 
is  vibrating  out-of-phase  with  the  frame,  which  leads  to  the  desired  reduction. 

Figure  16  illustrates  the  response  of  an  aircraft  frame  before  and  after  the  addition  of 
tuned  vibration  absorbers  that  are  tuned  for  different  frequencies.  This  figure  illustrates 
that  tht''  response  of  the  frame  is  of  the  forced  vibration  type  and  that  the  tuned  vibration 
absorbers  could  introduce  significant  stiffness  into  tlie  system.  I. over  damping  in  the 
rubber  element  will  lead  to  further  increases  in  stiffness,  but  the  width  of  the  notch 
becomes  narrower,  which  could  cause  the  absorber  to  be  ineffectiv'e  if  the  operating  engine- 
speed  is  going  to  vary  greatly.  Proper  desigrts  of  the  damping  in  the  rubber  element  and 
mass  is  based  on  the  operating  engine  speed  and  weigVtl  budget. 

Figure  17  represents  the  actual  vibration  of  a  number  of  frames  during  typical  flight 
conditions  with  and  without  the  tuned  vibration  absorbers.  This  l(vel  of  vibration 
reduction  is  also  seen  in  the  response  of  the  trim  panel  (see  Figure  18)  which  is  the 
primary  radiator  affecting  the  interior  noise.  Typical  interior  noise  reductions  of  four 
to  six  dBA's  have  been  achieved  by  using  this  approach,  which  is  significant  for  the  low 
weight  and  cost  penal  i  ies.  Becatise  such  reduct  iotis.  tuned  vibrat  ion  absorbers  are  now  being 
considered  not  only  to  retrofit  existing  aircrafts,  but  also  in  the  design  of  new  ones  [8]. 

CONCLUSIONS 

The  application  of  the  passive  damping  technology  to  control  t  i\e  noise  and  vibration  levels 
of  components  found  in  various  industries  has  been  discussed.  The  increased  use  of  this 
technology  Illustrates  that  it  i.s  now  one  of  the  important  tools  available  to  designers  when 
dealing  with  controlling  the  unwanted  dynamics  of  structures  in  an  efficient  and  cost 
effective  ways. 
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ABSTRACT 

The  objectives  of  the  current  research  are  to:  (1)  evaluate  the  static  and  dynamic  material 
and  structural  properties  of  different  types  of  baseball  bats  and  (2)  develop  relationships  between  ' 
design  parameters  and  hitting  performance.  A  new  6.35  cm  (2.5  in.)  OD  wood  composite  bat  and  a 
professional  hardwood  bat  have  comparable  stiffnesses,  material  ela.sticity,  modal  response  and 
acoustic  signatures.  The  wood  composite  bat.  however,  has  experienced  no  breakage  in  extended 
field  hitting  due  to  its  enhanced  fracture  toughness  and  higher  breaking  strength.  Controlled  hitting 
tests  yield  statistically  comparable  performance  levels  for  both  bats.  The  performance  of  the  wood 
composite  bat  remains  unchanged  after  2(XX)  hits.  The  dynamic  properties  of  6.98  cm  (2.75  in). 

OD  high  performance  tubular  construction  aluminum  alloy  bats  and  their  acoustic  signatures  differ 
significantly  from  those  of  wood  and  wood  composite  bats. 

INTRODUCTION 

To  our  knowledge,  there  are  no  standard  laboratory  test  procedures  for  measuring  the  structural 
characteristics  and  properties  of  baseball  bats  and  only  relatively  simple  analytical  models  for 
relating  these  measurements  to  field  performance.  As  Profes.sor  Adair  of  Yie  University  states  in 
his  recent  book.  The  Physics  of  Ba.seball.(l) 

"It  may  seem  curious  that  the  physics  of  baseball  is  not  at  all  under  control.  We  cannot  calculate 
from  first  principles  the  character  of  the  collision  of  an  ash  bat  with  a  sphere  made  up  of  layers  of 
tightly  wound  yams...",  and 

"Baseball,  albeit  rich  in  anecdote,  has  not  been  subject  to  extensive  quantitative  studies  of  its 
mechanics,  hence,  models  of  baseball  are  not  as  well  founded  as  they  might  be..." 

The  overall  objective  of  the  research  discussed  in  this  paper  is  to  develop  a  practical  understanding 
of  the  relationships  between  the  engineering  propenies  of  baseball  bats  and  their  field  performance 
as  a  component  of  the  batter-bat-ball  dynamic  system.  The  specific  objectives  are  to: 

{ 1 )  Analyze  the  material  properties  and  structural  characteristics  of  three  types  of  bats: 
wood,  wood  composite,  and  aluminum. 

(2)  Develop  and  validate  analytical  models  for  exchange  of  energy  in  bat-ball  collisions 
including  the  role  of  surface  elasticity  and  the  extent  of  the  "sweet-spot"  area. 

(.3)  Develop  and  implement  laboratory  static  and  dynamic  te.sting  methods  and  demonstrate 
their  relevance  to  design  parameters  and  performance  characteristics  of  baseball  bats. 


(4)  Develop  and  implement  field  testing  measurement  and  analysis  procedures  to 
complement  laboratory  testing  methods  and  to  quantify  batter-bat-ball  performance 
metrics. 

(5)  Develop  and  implement  integrated  laboratory  and  field  testing  procedures  to  detemiine 
durability  of  all  types  of  bats. 

The  experimental  results  presented  in  this  paper  were  devised  to  obtain  relative 
structural  static  and  dynamic  data  for  three  purposes:  (I)  provide  bat  design  guidance 
for  selection  of  materials  and  structural  parameters  of  wood  composite  bats;  (2) 
develop  a  more  comprehensive  understanding  of  how  and  why  the  various  bat  designs 
work  and  perform  as  they  do;  and  (3)  establish  hitting  performance  and  durability 
measures. 

The  initial  technical  approach  is  to  conduct  full  scale  laboratory  experiments  on  the  three  types  of 
bats  and  correlate  the  results  with  full  scale  field  hitting  performance  measurements.  This  paper 
deals  only  with  the  experimental  phase  of  the  research;  concurrent  analytical  models  and  research  in 
the  dynamics  of  the  bat-ball  collision  and  energy  exchange  and  will  be  discussed  in  subsequent 
papers. 

Table  1  lists  the  major  bat  design  factors  and  physical  measurement  issues  which  relate  to  bat 
performance. 

TABLE  1.  Baseball  Bat  Properties 


WEIGHT 

total 

Distribution 

Centers  of  Mass 

VIBRATION 

Modal  analysis 

Impact  Response 

DURABILITY 

Structural  integrity 

Surface  elasticity 

Dents  and  plasticity 

DIMENSIONS 

MATERIAL  ELASTICITY 

ACOUSTICS 

Diameter  and  length 

Ball  deformation 

Time  wave  forms 

Shape  and  form 

Bat  deformation 

Sound  signatures 

Surface  strain 

Hit  location 

STIFFNESS 

STRENGTH 

SWEETSPOT 

Modulus 

Fracture 

Size  and  location 

Beam  deflection 

Deformation 

Energy  Transfer 

Adjustability 

Table  2  lists  representative  weights,  lengths  and  diameters  of  the  bats  discussed  in  this  paper. 

TABLE  2  Bat  Description 


[TYPE 

LENGTH  CM. 

WT.  GMS.  1 

IWOOD 

904.1  (31.9oz)  1 

[WOOD 

1  COMPOSITE 

6.35  (2.5in) 

86.36  (34in) 

906.5  (32.007.) 

HBB^HI 

1  ALUMINUM 

86.36  (34in) 

878.5  (3 1. Ooz)  1 
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A  general  description  of  the  bat  materials  and  structural  configuration  is  as  follows: 

1 ,  Professional  hardwood:  solid  northern  white  ash,  2.  Baum  wood  composite:  solid 
unibody,  composite  core  with  integrated  northern  white  ash  outer  structure;  and  3.  Aluminum 
alloy:  'niin-wall  tube,  (0. 127-0.343cm/0.050-0. 135in)  thickness. 


Note:  Aluminum  bats  are  designed  for  higher  performance  with  a  larger  diameter  and  longer 
barrels.  A  high  performance  wood  composite  bat  has  also  been  designed  and  tested  with 
comparable  performance  to  that  of  the  aluminum  bat. 

LABORATORY  MEASURPMENTS-STATIC  PROPERTIES 

There  are  three  principal  material-stmctural  properties  of  baseball  bats  which  relate  to  performance 
and  durability:  (1)  stiffness;  (2)  fracture  mechanics  and  breaking  strength;  and  (3)  material 
elasticity. 

( 1 )  The  overall  sriffness  in  bending  is  measured  with  the  Instron  universal  testing 
machine  as  illustrated  in  Figure  1.  A  specially  designed  fixture  was 
developed  for  positioning  and  clamping  the  bats.  Representative  results  are 
shown  in  Figure  2  for  the  three  types  of  bats.  The  wood  and  wood  composite 
bats  have  comparable  stiffnesses  although  it  should  be  noted  that  wood  bats 
have  a  larger  range  of  stiffnesses  due  to  the  variableness  in  natural  wood 
materials.  The  aluminum  bats,  on  the  other  hand  are  generally  about  twice  as 
stiff  as  the  wood  and  wood  composite  structures.  The  stiffness  of  wood 
composites  can  be  adjusted  through  selection  of  materials  and  structural 
configurations. 

(2)  The  static  breaking  strength  of  bats  has  been  measured  in  both  the  fixed 
cantilever  and  three  point  bending  test  configurations.  Comparative  results 
for  the  latter  configuration  are  shown  in  Figure  3  where  the  load  is  applied 
through  a  baseball  on  the  barrel  of  a  simply  supported  bat.  The  load- 
deflection  curve  is  based  on  the  maximum  deflection  measured  in  the  handle 
where  the  breakage  occurs  (wood  and  wood  composite)  or  permanent 
deformation  (aluminum)  occurs.  The  results  indicate  that  the  breaking 
strength  of  wood  composites  approaches  the  limit  of  aluminum  bats  and  is 
significantly  greater  than  natural  wood  bats.  The  breaking  strength  of  bats 
under  large  static  deflections  in  either  laboratory  test  configuration  does  not, 
of  course,  simulate  the  breaking  strength  of  bats  under  dynamic  impact  loads 
in  actual  batting  situations.  However,  these  tests  have  provided  information 
on  fracture  mechanisms  which  are  useful  for  design  and  manufacturing 
objectives. 

The  results  of  full  scale  durability  hitting  tests  corroborate  laboratory  results  in 
that  no  wood  composite  bats  have  been  broken  during  major  league  testing  by 
14  teams  nor  in  the  2000  hit  live  hitting  tests  with  121  kni/hr  (75  mph)  Jug 
machine  pitching.  Wood  bats,  as  is  well  known,  can  fracture  readily  if  the 
ball-bat  collision  takes  place  off  the  sweet  spot.  Aluminum  bats  do  not 
fracture  under  normal  conditions. 

(3)  The  material  elasticity  of  bats  plays  an  important  role  in  the  energy  exchange 
during  bat-ball  contact.  The  material  deforms  under  impact  and  this 
deformation  must  remain  in  the  elastic  range  in  order  to  maintain  its  structural 
integrity  and  bat  performance.  Figure  4  shows  that  the  relative  local 
displacement  of  a  typical  hardwo^  is  50%  or  more  greater  than  that  of  an 
aluminum  cylinder.  The  relative  local  displacement  of  the  wood  composites 
depends  on  the  combination  of  materials  and  thus  can  be  designed  to  meet  a 
given  elasticity  requirement.  In  the  case  under  discussion,  the  elasticity  of  the 
wood  and  wood  composite  bats  under  cycling  loads  are  found  to  be  directly 
comparable  and  remain  in  the  elastic  range  for  cycling  loads  up  to  several 
thousand  pounds.  The  relationship  of  material  elasticity  to  durability  and 
performance  is  the  subject  of  current  research. 
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LABORATORY  MEASUREMENTS-DYNAMIC  PROPERTIES 


Modal  analysis  of  the  baseball  bats  provides  information  on  the  dynamic  properties  including  (i) 
resonant  frequencies;  (ii)  mode  shapes;  and  (iii)  vibration  damping.  The  resonant  frequencies  and 
their  associated  vibration  damping  values  are  shown  in  Table  3  below. 

TABLE  3.  Bat  Natural  Frequencies  and  Damping  Values 

FREQUENCY  AND  DAMPING 


1 1  tr.« 

_ 

3 

4 

IZ] 

1 

y£B 

ma^ 

Wood 

H&BC271 

150 

2.54 

518 

1.27 

1041 

1655 

0.79 

2339 

mi 

Aluminum 

Easton 

204 

1324 

mi 

mn 

mi 

1.24 

2387 

m 

The  fundamental  frequency  of  the  Baum  wood  composite  is  slightly  higher  (160  vs.  150Hz)  than 
the  H&B  C27 1 .  The  higher  ordered  resonant  frequencies  are  essentially  the  same.  The  damping 
values  are  also  comparable  for  all  resonant  frequencies.  The  aluminum  bat  has  higher  natural 
frequencies  and  lower  damping.  The  frequency  response  functions  (for  a  given  impact  point)  are 
shown  in  Figure  5  for  the  wood  and  aluminum  bats.  The  two  higher  frequencies  of  the  aluminum 
bat  at  2. 1  and  2.8  KHz  are  dqi  beam  modes  but  rather  shell  vibrations  of  the  aluminum  barrel 
which,  of  course,  are  not  present  in  the  solid  bats.  These  are  the  frequencies  which  radiate 
efficiently  and  are  shown  to  correspond  with  the  acoustic  signature,  i.e.,  ringing  sound  of  the 
aluminum  bat. 

The  vibration  modes  of  the  wood  and  wood  composite  bats  associated  with  the  natural  frequencies 
tabulated  in  Table  2  are  shown  in  Figure  6.  The  location  of  the  nodes  are  the  same  for  both  bats 
for  all  frequencies.  For  example,  for  the  fundamental  frequency,  the  node  of  the  barrel  for  both 
bats  i.s  preci.sely  18.1cm  (7-l/8in)  from  the  end  of  the  bat. 

FIELD  MEASUREMENTS 

Full  scale  evaluation  of  bats  has  been  performed  with  the  participation  of  the  Tufts  Varsity  baseball 
team.  The  evaluation  includes  measurement  and  analysis  of:  (1)  acoustic  signatures,  (2)  hitting 
performance  comparisons;  and  (3)  durability  testing.  Pitching  is  accomplished  with  a  Jugs 
machine  standardized  to  a  121  krrt/hr  (75  mph)  ball  velocity.  Batters  hit  in  a  statistical  procedure 
with  alternative  bats  and  distances  were  measured  by  radial  markers  within  the  first  third  base 
lines.  Results  are  summarized  as  follows: 

( 1 )  Acoustics:  Three  typical  signatures  are  shown  in  Figure  7  for  the  wood,  wood 
composite  and  aluminum  bats  respectively.  The  time  records  of  the  bat-ball 
collision  indicate  contact  times  during  ball  and  bat  deformation  in  the  order  of 
1-4  ms.  The  broadband  impulse  and  frequency  response  functions  of  the 
wood  and  wood  composite  bats  yield  an  acoustic  signature  dominated  by  a 
broadband  of  frequencies  characterizing  the  familiar  "crack-of-the-bat".  The 
trained  ears  of  the  majority  of  batters,  coaches  and  audio  experts  are  unable  to 
distinguish  between  these  two  solid  bats.  On  the  other  hand,  the  acoustic 
signature  of  the  aluminum  bat  is  dominated  by  resonant  frequencies  associated 
with  the  two  shell  modes  identified  in  modal  analysis  at  frequencies  of  2. 1  -2.3 
and  2.8  KHz.  This  is  the  instantly  recognizable  "ping"  and,  due  to  the  highly 
correlated  modal  responses  of  the  barrel  and  their  radiation  efficiencies,  results 
in  significantly  higher  radiated  sound  pressure  levels. 
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(2)  Hirtiny  Performance:  The  hitting  performance  of  the  6.35  cm  (2.5in)  diameter 
wood  and  wood  composites  bats  are  shown  to  be  statistically  comparable  in 
Figure  8.  Each  of  the  first  three  test  acts  involved  a  total  of  300  hits  on  each  of 
the  new  bats.  The  overall  differences  in  average  hitting  distances  was  2.5%. 
The  second  three  sets  of  tests  (4,  5  and  6)  demonstrated  comparable 
performance  between  a  used  wood  composite  bat  (2000  plus  hits)  and  a  new 
wood  bat  with  an  overall  difference  in  average  hitting  distances  of  less  than 
0.6%. 

The  results  of  the  field  tests  confirmed  laboratory  measurements  in  as  much  as 
the  similar  static  and  dynamic  properties  of  the  wood  and  wood  composite  bats 
resulted  in  comparable  performance  levels. 

(3)  Durability:  The  strength  and  durability  of  the  wood  composite  exceeded  the 
design  objective  of  2,000  hits  without  a  fracture.  The  sustained  performance 
of  the  wood  composite  indicates  that  the  material  elasticity  and  structural 
integrity  did  not  change  as  a  result  of  durability  testing. 
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INSTRON  I FST  CONncURATION  FOR  STtFTNESS 


FIGURE  1 


FIGURE  2 
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FIGURE  5 


LOUISVILLE  (H  A  B)  ALUMINUM  BAT  MODEL  TPX  BBL 
ACCELERATION  FREQUENCY  RESPONSE,  POSITION  1 
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.  PERFORMANCE  TEST  RESULTS  . 

COOPER  C271  WOOD  AND  BAUM  AAA  PRO  MODEL  WOOD  COMPOSITE. 


PERFORMANCE  TESTS:  PRE-OURABHITV.  SETS  1-3 
NEW  BAIIM  P17  ANO  NEW  COOPER  C271/Cr 
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ABSTRACT 

The  dissipation  of  energy  in  metal  and  composite  free  panels  has  been 
experimentally  measured  using  two  independent  techniques  in  both  air  and  water.  The 
measured  loss  factors  resulting  from  the  two  measurement  techniques  compare  favorably  In 
both  media. 

The  damping  efficiency,  as  defined  by  Dubbleday  and  Fausett  [3],  is  experimentally 
determined  for  each  of  the  panels.  Frequency  regimes  of  effectiveness  for  mechanical 
damping  treatments  are  indicated,  and  Che  dominance  of  radiation  losses  is  shown  for 
panels  in  water  near  the  coincidence  frequency. 

NOMENCLATURE 

Ap  surface  area  of  panels 

Bj  flexural  rigidity  of  layer  i 

Cq  wave  speed  of  fluid  medium 

Cl  wave  speed  of  panel  material 

fi  frequency,  Hz 

storage  shear  modulus  of  layer  i  (imaginary  part) 
n  distance  between  neutral  axes  of  layers  "n"  and  •’n" 

h  panel  thickness 

Kj  extensional  stiffness  of  layer  i 

m"  mass  per  unit  area  of  panel 

R(f)  room  constant 

radiation  efficiency 
A  wavelength 

Pq  density  of  fluid 

Pp  density  of  panel  material 

^pp  spectral  density  of  radiated  acoustic  pressure 

spectral  density  of  panel  acceleration 
r)g  loss  factor  of  viscoelastic  material 

Poisson's  ratio 

u>  circular  frequency,  2irf,  rads/sec 

1/  kinematic  viscosity 
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1.0  INTRODUCTION 


The  ability  to  minimize  the  vibrational  response  of  structures  to  various  forms  of 
excitation  is  highly  desirable  for  many  reasons.  Many  methods  are  employed  to  control 
unwanted  vibration  such  as  constrained  layer  damping  treatments  [1],  the  use  of  highly 
damped  composite  materials  [2],  and  active  control  schemes.  However,  some  of  the 
methods  are  very  expensive  and  difficult  to  Incorporate  into  the  design  and  the 
manufacture  of  a  structure.  If  a  structure  happens  to  be  loaded  by  a  fluid,  the 
structural  engineer  can  often  utilize  an  alternate  damping  mechanism  inherent  to  the 
structure,  the  energy  loss  due  to  acoustic  radiation.  Kinetic  energy  in  a  panel  is 
partially  dissipated  by  conversion  into  acoustic  radiation  and  at  some  frequencies, 
especially  in  a  dense  fluid,  this  means  of  energy  dissipation  can  be  the  dominant 
damping  mechanism.  In  fact,  at  frequencies  greater  than  the  acoustic  coincidence 
frequency,  most  of  the  structural  energy  is  converted  into  acoustic  radiation. 

Energy  decay  is  viewed  herein  as  the  result  of  the  dissipation  of  energy  from  a 
structure  without  regard  for  the  dissipation  mechanism.  A  more  rigorous  term  for  this 
decay  is  the  loss  factor.  The  loss  factor  is  the  fraction  of  the  kinetic  energy  in  a 
structure  which  is  dissipated  in  a  cycle  of  vibration.  Damping  is  the  process  by  which 
the  energy  decay  occurs.  When  not  associated  with  a  specific  mechanism,  the  terms 
energy  decay,  loss  factor,  and  damping  are  roughly  comparable.  If  the  specific 
mechanism  is  known,  or  thought  to  be  known,  we  refer  to  it  by  the  specific  mechanism, 
i.e.  the  mechanical  loss  factor,  or  mechanical  damping. 

Damping  efficiency  is  defined  by  Dubbleday  and  Fausett  [3]  as  the  ratio  of  the 
energy  dissipated  through  mechanical  damping  to  the  total  energy  dissipation  by  all 
possible  means.  As  alluded  to  auove,  the  damping  efficiency  decreases  as  frequencies 
approach  the  acoustic  coincidence  frequency  and  the  radiation  damping  becomes  the 
dominant  energy  dissipation  mechanism.  Recently.  Dubbleday  and  Fausett  have  presented 
an  analytical  expression  for  the  determination  of  damping  efficiency.  In  this  article, 
wc  will  present  experimental  evidence  which  supports  the  theoretical  developments 
presented  by  Dubbleday  and  Fausett. 

Loss  factor  measurements  are  made  in  air  and  in  water  on  undamped  and  highly  damped 
metal  and  composite  material  panels.  When  the  loss  factor  measurements  from  air  and 
water  are  compared,  the  data  from  the  denser  fluid  are  shown  to  yield  elevated  loss 
factors  at  all  frequencies.  However,  the  increase  in  loss  factor  is  especially  dramatic 
as  the  coincidence  frequency  is  approached  and  these  data  are  seen  to  be  Independent  of 
the  mechanical  loss  factor  of  the  panels  and  depend  only  on  the  radiation  damping  of  the 
panels . 

As  a  result,  we  conclude  that  for  panels  in  a  dense  fluid  medium,  the  mechanical 
damping  efficiency  decreases  at  frequencies  approaching  Che  coincidence  frequency. 
Therefore  the  effectiveness  of  mechanical  damping  treatments  to  control  structural 
vibration  as  frequencies  approach  the  coincidence  frequency  is  limited.  Instead,  the 
radiation  loss  factor  becomes  the  dominant  loss  mechanism  above  coincidence  where  the 
damping  efficiency  is  low, 

2.0  DESCRIPTION  OF  PANELS 

The  panels  used  in  these  experiments  varied  In  materials  and  construction.  Four 
panels  were  used;  two  were  made  of  a  metal  alloy,  and  two  were  made  of  a  composite 
material.  All  of  the  panels  had  dimensions  of  10  inches  width  and  16  inches  length. 

The  metal  panels  were  1.1  inches  thick  and  the  composite  panels  were  1.5  Inches  thick. 

Two  variations  of  the  metal  panels  were  tested.  The  first  panel  was  simply  a  solid 
block  of  metal  machined  to  the  appropriate  dimensions.  The  second  panel  contained  a 
layer  of  constrained  layer  damping  material.  The  damping  layer  was  a  1/32 -Inch  thick 
viscoelastic  material  bonded  to  the  base  of  the  panel  with  binary  epoxy.  The 
constraining  layer  was  a  1/16- inch  thick  metal  sheet  bolted  into  place.  Figure  1  shows 
the  metal  panels  used  in  these  experiments. 

The  composite  material  panels  were  fabricated  from  layers  of  woven  graphite  fibers 
embedded  in  an  ep'>xy  resin.  The  first  panel  was  made  up  of  two  solid  panels  of  3/4-inch 
thickness  glued  face  to  face  to  give  a  total  thickness  of  1.5  Inches.  The  second  panel 
was  more  complicated  since  it  contained  two  constrained  layers  of  damping  and  a  filled 
void.  Figure  2  shows  Che  construction  details  of  this  panel.  The  constrained  damping 
layers  were  1/32 -inch  thick  and  were  deeply  embedded  on  only  one  side  of  the  panel.  The 
void  was  created  by  casting  a  pocket  in  each  of  two  3/4-lnch  panels  which  were  then 
glued  together  to  give  the  total  panel  thickness  of  1.5  Inches.  The  void  was  filled 
with  an  enhanced  molding  compound. 

For  ease  of  identification,  we  have  assigned  the  following  designations  to  each  of 
the  panels  and  these  will  be  used  throughout  the  remainder  of  this  article.  Panel  I 
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refers  to  the  solid  metal  alloy  panel,  Panel  2  is  the  damped  metal  alloy  panel,  Panel  3 
is  the  solid  composite  panel,  and  Panel  4  is  the  damped  composite  panel.  Table  1 
sunmiarizes  the  panels  used  during  these  experiments. 

3.0  LOSS  FACTOR  MEASUREKENT  PROCEDURE 

Loss  factor  measurements  were  conducted  in  air  and  water  for  each  of  the  panels. 

Two  independent  methods  were  used  to  make  the  measurements.  The  first,  referred  to  as 
the  reverberation  time  method  is  based  on  measuring  the  60  dB  decay  time  of  the  panel 
vibrational  energy  in  1/3  octave  bands.  The  second,  referred  to  as  the  3  dB  down 
method,  is  based  upon  measuring  the  half  power  points  associated  with  the  resonance 
frequencies  of  the  panel.  Both  of  these  methods  are  well  known  techniques  for  the 
determination  of  the  loss  factor  of  a  structure  (7]. 

The  reverberation  time  method  relates  the  exponential  decay  of  vibrational  energy 
in  a  panel  to  the  loss  factor  of  the  panel.  The  measurement  Is  relatively  simple  to 
conduct.  The  panel  is  suspended  by  a  thin  elastic  chord  from  a  single  attachment  point 
to  approximate  the  free -free  boundary  condition.  An  elastic  chord  is  recommended  so 
that  any  losses  caused  by  the  attachment  are  kept  to  a  minimum.  The  panel  is  then 
excited  by  an  impact,  typically  by  a  small  hammer.  An  accelerometer  mounted  at  a  corner 
of  the  panel  senses  the  acceleration  and  the  decaying  signal  Is  passed  to  a  1/3  octave 
filter,  amplified,  and  finally  stored  In  a  digital  oscilloscope.  The  oscilloscope  trace 
is  read  by  a  computer  which  displays  the  logarithm  of  the  signal  resulting  in  a  straight 
line.  The  straight  line  is  analytically  fit  and  the  loss  factor  can  be  directly 
determined  from  the  slope  of  the  line.  Equation  (1)  shows  the  relationship: 

11(f)  -  l/(BtfJ  (1) 

where  fj  is  Che  frequency  dependent  loss  factor.  B  is  a  constant,  r  is  the  slope  of  the 
line,  and  is  the  center  frequency  of  the  1/3  octave  band  of  interest. 

The  3  dB  down  method  is  a  classic  measurement  technique  that  Involves  locating  the 
resonance  frequencies  of  the  panel  and  observing  the  frequency  bandwidth  for  which  Che 
magnitude  of  the  resonance  response  has  decayed  by  one-half,  or  3  dB.  Equation  (2) 
shows  how  the  loss  factor  is  calculated  using  this  method: 

T|(f)  •  Aw/Wq  (2) 

where  ri  is  the  frequency  dependent  loss  factor,  is  the  bandwidth  about  the  frequency 
of  resonance  defined  by  the  3  dB  down  points  from  the  peak,  and  is  the  frequency  at 
resonance . 

Care  must  be  taken  to  locate  resonance  frequencies  that  represent  only  one  node  of 
vibration  of  the  panel.  Multiple  modes  may  be  smeared  together  and  distort  the  results 
if  their  frequencies  are  in  close  proximity  to  one  another.  Therefore,  this  method  is 
usually  handicapped  as  the  frequency  and  the  modal  density  of  the  panel  increase. 
Contrasting  the  limitation  Imposed  on  the  3  dB  down  method  Is  the  fact  that  as  the  modal 
density  of  the  panel  Increases,  the  more  effective  the  reverberation  time  method 
becomes,  since  averaging  Che  decay  rates  of  all  of  the  modes  gives  a  better  estimate  of 
Che  loss  factor.  At  low  frequencies  where  there  are  few  modes,  or  in  bands  where  no 
modes  exist,  the  reverberation  time  method  must  be  used  with  caution. 

The  3  dB  down  measurements  were  conducted  by  hanging  the  panels  In  the  same  manner 
as  described  for  the  reverberation  time  method  to  simulate  free- free  boundary 
conditions.  One  of  two  sources  was  used  to  excite  the  panels  Into  vibration.  All  of 
the  panels  were  excited  with  a  mechanical  shaker  that  was  glued  directly  to  the  panel 
through  a  force  gauge  and  driven  by  a  swept  sine  wave.  Some  of  the  panels  were  excited 
acoustically  by  placing  a  speaker  near  the  panel  and  driving  Che  speaker  with  a  swept 
sine  wave.  The  advantage  of  Che  acoustic  method  is  its  nonintruslve  nature;  however, 
its  results,  particularly  in  water,  tended  to  be  limited  In  frequency  since  the  source 
output  rolled  off  significantly  as  the  frequency  increased  making  it  difficult  to  excite 
the  panel.  The  panel  vibrational  responses  were  measured  using  an  accelerometer,  or  in 
some  cases  a  laser  vlbrometer.  Agreement  In  loss  factor  between  the  two  means  of 
excitation  was  very  good  and  no  effort  has  been  made  here  to  distinguish  between  the 
methods  in  the  results. 

It  should  be  pointed  out  that  all  of  the  panel  loss  factor  measurements  that  used 
the  reverberation  time  method  were  conducted  at  the  David  Taylor  Research  Center  (DTRC) , 
and  the  3  dB  down  measurements  were  made  at  both  the  Applied  Research  Lab  at  Penn  State 
(ARL)  and  DTRC.  Part  of  the  interest  in  conducting  these  measurements  was  to  see  If  the 
results  of  the  two  Independent  measurement  techniques  agreed.  In  air  it  was  expected 
that  they  would  be  the  same,  but  In  water  there  were  fundamental  differences  In  the 
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facilities  where  the  measurements  were  conducted  that  raised  concerns.  At  DTRC  the 
water  measurements  were  conducted  In  a  large  10*  x  13'  x  13*  tank,  which  is  described  in 
detail  by  Blake,  et.  al.  [5];  while  at  ARL  the  water  measurements  were  conducted  in  a 
small  5.83*  x  2.42*  x  1.83*  tank.  However,  as  the  results  will  show,  the  resulting  loss 
factor  values  agreed  quite  well. 

Comparisons  of  the  measured  loss  factors  via  the  reverberation  time  method  and  the 
3  dB  down  method  were  made  for  all  of  the  panels  in  air  and  water.  In  general,  the 
agreement  between  the  methods  is  good.  Figures  3  and  4  show  typical  results  of  such  a 
comparison.  Figure  3  shows  the  comparison  of  the  two  methods  for  a  composite  panel  in 
air,  and  Figure  4  shows  the  comparison  for  a  composite  panel  in  water.  The  frequency 
limitation  of  the  3  dB  down  method  is  clearly  evident  in  the  figures.  The  method's 
reliance  on  low  modal  density  hinders  its  use  as  frequency  increases.  The  reverberation 
time  method  is  inherently  subjective  when  it  comes  to  fitting  a  line  to  the  energy  decay 
slope.  As  a  result,  these  data  can  appear  quite  scattered  and  It  is  best  to  present 
them  as  a  group  of  individual  points  or  as  a  band  describing  the  limits  of  the  range  of 
those  points. 

4.0  DETERMINATION  OF  DAMPING  EFFICIENCY 

Recall  chat  Che  damping  efficiency  is  defined  by  Dubbleday  and  FausetC  [3]  as  the 
ratio  of  the  energy  decay  which  can  be  attributed  solely  to  the  mechanical  damping  of 
Che  structure  to  the  total  energy  decay  in  that  structure.  In  an  analytical 
investigation,  it  is  relatively  simple  to  separate  the  effects  of  different  loss 
mechanisms.  Experimentally,  it  is  more  difficult  because  the  techniques  that  measure 
energy  loss  cannot  usually  discriminate  between  the  causes  of  the  loss. 

The  principal  mechanisms  for  energy  dissipation  in  panels  which  are  suspended  in  a 
free*free  boundary  condition  are  viscous  losses,  mechanical  losses,  and  radiation 
losses.  Viscous  losses  can  be  attributed  to  the  energy  expended  by  the  panel  during  the 
creation  of  local  disturbances  in  the  surrounding  fluid.  Mechanical  losses  can  be 
attributed  to  energy  transfer  Into  the  support  fixtures  and  to  energy  dissipation  by 
strains  induced  within  the  vibrating  panel.  According  to  Nashif,  et.  al.  [1),  this  is 
the  primary  means  by  which  constrained  layer  damping  treatments  Increase  the  energy 
decay  rate  in  a  structure.  Finally,  energy  can  be  dissipated  by  the  conversion  of 
kinetic  energy  into  acoustically  radiated  energy. 

The  first  part  of  this  investigation  is  to  experimentally  determine  the  energy 
loss,  or  damping  level  which  is  due  solely  to  the  mechanical  losses  associated  with  the 
panels.  Ideally,  the  measurement  of  the  mechanical  energy  decay  in  a  freely  suspended 
panel  would  be  made  in  a  vacuum  in  order  to  eliminate  the  likelihood  of  viscous  and 
acoustic  radiation  losses.  Then  the  measured  decay  would  be  due  solely  to  the 
mechanical  losses  within  the  panel.  However,  from  a  practical  point  of  view,  in’\acuo 
measurements  were  not  possible.  Instead,  the  experimental  method  Is  based  on  two 
approximations.  First,  it  can  be  shown  that  a  panel  freely  suspended  in  air  will 
experience  such  light  fluid  loading  that  viscous  loading  will  be  negligible.  Secondly, 
if  Che  panels  are  suspended  using  a  relatively  thin  elastic  chord,  then  the  panel  is 
essentially  In  a  free-free  boundary  condition  and  experiences  no  losses  due  to  the 
support  fixtures. 

Guidance  was  supplied  to  the  experimental  determination  of  the  mechanical  losses  by 
making  two  supporting  calculations.  The  radiation  loss  factor  of  the  panels  in  air  is 
calculated  so  that  an  estimate  may  be  made  of  the  frequency  at  which  acoustic  radiation 
represents  the  dominant  loss  mechanism.  The  mechanical  loss  factor  Is  also  calculated. 
Note  Chat  it  is  this  mechanical  damping  level  which  the  experiment  seeks  to  obtain. 

The  loss  factor  due  to  viscous  losses  is  calculated  according  to  Blake  [5).  He 
defines  the  viscous  loss  factor  as: 

n,  •  4.4  P„/Pp  1/h  (v/u)'/*  (3) 

Figure  3  is  the  result  of  this  calculation  i'or  the  metal  and  composite  panels  freely 
suspended  in  air. 

When  the  wave  speed  in  the  panel  equals  the  wave  speed  in  the  surrounding  fluid, 
most  of  the  vibrational  energy  will  be  converted  and  radiate  as  acoustic  energy.  The 
frequency  at  which  this  occurs  Is  referred  to  as  the  coincidence  frequency.  Blake  [6] 
shows  that  the  coincidence  frequency  for  a  panel  Is: 

f ,,  -  c’/»  1/Cih  (3(1  - 

Below  the  coincidence  frequency,  a  fraction  of  ths  panel  vibrational  energy  Is 
converted  to  acoustic  radiation.  This  anount  can  be  described  by  Che  radiation  loss 
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factor  which  can  be  estimated  using  the  theory  of  Cremer,  Heckl,  and  Ungar  [7]: 

’ll  • 

The  estimated  radiation  loss  factors  of  the  metal  and  composite  panels  in  air  according 
to  Equations  (4)  and  (5)  are  shown  in  Figure  6.  This  estimate  of  the  radiation  loss 
factor  is  made  by  using  Equation  (5).  The  radiation  efficiency  is  assumed  to  have  a 
positive  slope  of  approximately  25  dB/decade  as  the  frequencies  approach  coincidence. 
This  assumption  is  based  on  prior  experience  and  Is  consistent  with  other  published  work 
(10] .  The  acoustic  coincidence  frequency  for  these  panels  in  air  is  determined  from 
Equation  4 . 

The  amount  of  mechanical  damping  which  a  constrained  layer  damping  treatment  will 
cause  in  a  panel  has  been  described  by  Ungar  [91.  If  rfa  the  mechanical  damping  of 
the  panel,  It  can  be  calculated  by: 

’)«  =■  ’l.YX  (l  »  (2  Y)  X  ♦  (1  -  Y)  (l  +  ril) 

where  X  -  G' 2^u^(X/2n)^  (l/Ki  +  I/K3)  and  Y  -  HjiVdAi  +  l/KjXBi  +  B3).  Figure  7  shows 
the  results  of  the  calculation  based  on  Equation  (6)  of  the  mechanical  damping  in  the 
damped  composite  and  the  damped  metallic  panels.  Figures  8  and  9  contain  all  of  the 
calculated  loss  mechanisms  for  the  freely  suspended  damped  metal  and  composite  panels  in 
air,  respectively. 

The  measurements  of  the  loss  factor  of  the  panels  in  air  should  result  in  the 
levels  depleted  in  Figures  8  and  9.  Observe  that  the  mechanical  loss  factor  is  the 
dominant  I'^ss  mechanism  over  the  majority  of  the  frequencies.  The  experimental  methods 
limit  the  upper  frequency  of  the  experimental  data  to  40  kHz.  Therefore,  over  the 
entire  frequency  range  of  this  experiment,  the  energy  loss  measurements  in  air  are 
controlled  by  the  mechanical  damping.  It  should  be  noted  that  the  upper  frequency  limit 
of  accelerometer  data  is  typically  considered  to  be  approximately  20  kHz  in  the  most 
ideal  situation.  However,  because  these  measurements  require  only  relative  acceleration 
levels,  and  not  absolute  levels,  data  up  to  40  kHz  has  been  included. 

5 . 0  EXPERIMENTAL  RESULTS 

The  dissipation  of  energy  in  both  metal  and  in  both  composite  material  panels  has 
been  measured  In  air  and  in  water  using  the  experimental  methods  described  in  section 
3.0.  In  the  following  sections,  we  will  discuss  the  results  of  these  measurements ,  and 
make  comparisons  to  the  calculations  described  above. 

5 . 1  Results  in  Air 

In  Figure  10,  the  loss  factor  measurements  of  composite  material  Panels  3  and  4  are 
presented.  A  comparison  of  the  loss  factor  measurement  of  Panel  4  with  the  mechanical, 
radiation,  and  viscous  loss  factor  calculations  shown  in  Figure  9  Indicates  that  all  of 
the  measured  energy  decay  is  due  to  the  mechanical  damping. 

Similarly,  Figure  11  shows  the  loss  factor  measurements  of  metal  Panels  1  and  2.  A 
comparison  of  the  measured  losses  of  panel  2  to  the  calculated  mechanical,  radiation, 
and  viscous  loss  factors  for  Panel  2  shown  in  Figure  8  also  shows  that  all  of  the 
measured  energy  dissipation  is  due  to  the  mechanical  damping.  Therefore,  the  energy 
decay  of  both  the  metal  and  composite  material  panels  in  air  Is  dominated  by  mechanical 
losses . 

The  undamped  metal  and  composite  material  panels  (I  and  3)  are  not  included  in  the 
above  comparisons  since  the  Ungar  equations  for  calculating  the  mechanical  damping  of  a 
panel  require  the  application  of  a  constrained  layer  damping  treatment. 

These  results  demonstrate  that  the  first  requirement  for  determining  the  damping 
efficiency,  the  mechanical  damping  quantity,  has  been  satisfied. 

5.2  ReauLts  in  Watex 

Figure  12  Is  a  comparison  of  the  in-air  and  in-water  loss  factor  measurements  from 
Panel  3.  Observe  that  for  the  in-water  measurements  the  loss  factor  in  the  nld- 
frequency  range  has  been  elevated  slightly  while  significant  increases  have  occurred  In 
the  higher  frequencies.  Figures  13-15  are  the  In-vater  energy  decay  measurements  for 
Panels  4,  1,  and  2  respectively,  compared  with  the  In-alr  measured  data  for  i ach  of  the 
panels.  Note  that  these  comparisons  are  qualitatively  similar  to  the  results  shown  In 
Figure  12.  The  in-water  data  for  all  of  the  panels  show  total  losses  which  are  elevated 
above  the  mechanical  loss  factors  of  the  panels,  particularly  at  higher  frequencies. 

The  cause  of  the  Increased  high  frequency  loss  factors  can  be  determined  by 
calculating  the  radiation  loss  factor  In  water.  For  improved  accuracy,  this  calculation 
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is  not  based  upon  an  estimate  of  the  panel  radiation  efficiency,  as  was  sufficient  in 
air.  Rather,  this  calculation  is  based  upon  a  direct  measurement  of  the  radiation 
efficiency  of  these  panels.  The  in*water  data  analysis  is  felt  to  require  a  more 
rigorous  determination  of  the  radiadon  loss  factor  because  preliminary  data  indicated 
that  radiation  damping  had  become  the  dominant  mechanism  of  energy  loss  for  the  panels 
In  water. 

The  experimental  approach  for  the  determination  of  the  radiation  efficiency  is 
summarized  both  by  Blake  [6]  and  Cremer,  HeckI,  and  Ungar  [7}.  In  short,  the  panels  are 
suspended  in  a  reverberant  tank,  excited  with  random  noise  via  an  electrodynamic  shaker, 
and  the  ratio  of  the  resulting  average  sound  pressure  levels  in  the  tank  to  the 
spatially  averaged  vibration  levels  of  the  panels  is  obtained.  As  developed  by  Blake 
[6],  the  relationship  between  the  acoustic  pressure,  the  vibration  amplitude  of  the 
panels,  and  the  radiation  efficiency  of  the  panels  is: 

The  radiation  loss  factor  is  calculated  from  the  measured  radiation  efficiency  by 
the  relationship  in  Equation  (5). 

Figure  16  shows  the  measured  radiation  efficiency  of  the  four  panels  in  water.  The 
radiation  loss  factor  is  calculated  using  the  data  in  Figure  16  and  Equation  (5)  and 
compared  to  the  energy  decay  measurements  of  each  of  the  four  panels  in  water. 

In  Figure  17,  the  loss  factor  measurements  of  metal  Panels  1  and  2  are  plotted 
along  with  the  calculation  of  the  radiation  loss  factor  for  these  panels.  Observe  the 
good  agreement  between  the  measured  high  frequency  data  and  the  calculated  radiation 
loss  factor.  Similarly,  Figure  18  Is  a  comparison  of  the  measured  loss  factor  from 
composite  material  panels  1  and  4  and  the  calculation  of  the  radiation  loss  factor  for 
each  of  them.  Good  agreement  is  also  seen  in  the  high  frequency  region  here. 

The  comparison  in  Figures  17  and  18  suggests  that  the  elevation  In  the  loss  factors 
at  high  frequencies  after  submerging  the  panels  in  water  is  due  to  acoustic  radiation 
damping  of  the  panels.  The  earlier  comparisons  in  Figures  13-15  suggested  that  the  low 
to  mid- frequency  loss  factors  are  controlled  by  the  mechanical  damping.  Clearly  these 
data  show  that  mechanical  damping  is  not  the  most  efficient  mechanism  of  energy  decay 
for  the  fluid  loaded  panels  in  the  frequency  range  near  and  above  the  coincidence 
frequency. 

5.3  D3mp.tn&  EfttiStSPcy 

The  damping  efficiency  of  Panels  1-4  in  water  is  now  determined  based  upon  the 
definition  given  by  Dubbleday  and  Fausett  [3],  Figure  19  shows  the  damping  efficiency 
for  Panels  1  and  2,  and  Figure  20  shows  It  for  Panels  3  and  4.  The  damping  efficiency 
Is  easily  determined  by  taking  the  ratio  of  the  curves  displayed  in  Figures  12-15,  since 
it  has  been  shown  that  the  in-air  loss  factors  are  dominated  by  the  mechanical  damping 
of  the  panels.  In  all  cases,  the  damping  efficiency  decreases  as  the  frequency 
increases.  This  behavior  qualitatively  agrees  with  the  findings  of  Dubbleday  and 
Fausett  as  Illustrated  In  Figure  21.  Note  that  Figure  21  is  taken  directly  from  the 
paper  by  Dubbleday  and  Fausett. 

For  Panels  1  and  2,  where  the  mechanical  damping  of  Panel  2  has  been  increased 
greatly  by  the  application  of  the  constrained  layer  damping  treatment,  the  damping 
efficiency  has  been  greatly  Increased.  The  effectiveness  of  the  mechanical  damping  on 
controlling  the  vibration  of  the  panel  has  resulted  in  an  extension  of  the  frequency 
range  where  the  damping  treatment  is  beneficial. 

For  Panels  3  and  4,  although  the  mechanical  damping  of  the  Panel  4  has  been 
Increased  by  approximately  two,  the  frequency  range  where  the  damping  treatment  has  an 
Impact  on  the  vibration  is  barely  affected.  The  damping  efficiency  has  been  largely 
unaffected  by  the  application  of  the  constraining  layer  to  Panel  4. 

6.0  CONCLUSIONS 

We  have  addressed  several  of  the  mechanisms  that  cause  the  dissipation  of 
vibrational  energy  in  structural  panels.  It  has  been  shown  for  a  panel  Immersed  in  a 
dense  fluid,  such  as  water,  that  energy  dissipation  due  to  acoustic  radiation  dominates 
the  loss  mechanisms  as  frequencies  approach  the  coincidence  frequency.  As  a  result,  the 
use  of  mechanical  damping  treatments  to  control  energy  decay  in  this  frequency  regime  is 
Inefficient. 

Observe  in  Figure  19  that  the  application  of  a  damping  treatment  to  an  undamped 
metal  panel  extended  the  frequency  range  of  high  values  of  damping  efficiency.  This 
result  occurred  because  of  the  significant  increase  in  energy  decay  caused  by  the 
damping  treatment.  However,  in  Figure  20,  the  damping  efficiency  of  the  composite 
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panels  was  barely  affected  by  Che  application  of  the  damping  treatment.  This  result  is. 
due  to  the  relatively  high  damping  level  of  Che  initial  composite  panel,  Panel  3. 

It  is  Important  to  make  the  distinction  that  although  the  amount  of  energy  decay 
attributable  to  the  mechanical  damping  treatment  did  increase  on  Panel  4  when  compared 
to  Panel  3  (Figure  10),  the  damping  efficiency  was  largely  unaffected.  So,  there  are 
benefits  to  applying  constrained  layer  damping  treatments  in  the  frequency  region  where 
the  mechanical  damping  is  the  dominant  loss  mechanism;  however,  the  treatment  will  not 
always  expand  the  frequency  range  for  which  the  damping  treatment  is  intended  to  control 
Che  vibration. 

This  is  significant  to  Che  structural  engineer  who  is  trying  to  decrease  the 
vibration  of  a  fluid  loaded  panel  over  a  broader  frequency  range.  VIhac  has  been 
demonstrated  here  is  that  if  a  panel  already  has  a  high  level  of  mechanical  damping, 
increasing  the  energy  decay  through  Che  use  of  mechanical  damping  treatments  will  not 
necessarily  extend  the  frequency  range  of  its  effectiveness.  The  relatively  simple 
calculations  employed  in  this  document  can  provide  a  designer  with  enough  information  to 
decide  if  it  would  be  advantageous  Co  Increase  Che  mechanical  damping  if  Che  goal  is  to 
control  the  vibration  at  frequencies  in  the  vicinity  of  coincidence. 

Another  important  point  demonstrated  by  these  results  comes  from  the  comparison  of 
several  methods  of  determining  the  loss  factor  of  a  panel.  Energy  decay  was  measured  by 
observing  Che  half-power  bandwidth  of  panel  resonances  and  the  reverberation  time  of 
energy  in  the  panel.  Both  contact  and  non-contact  measurement  techniques  were  employed, 
and  both  mechanical  impact  and  acoustic  energy  were  used  to  excite  the  panel  into 
vibration.  Despite  these  variables,  the  loss  factor  data  from  all  of  the  measurements 
was  in  good  agreement.  Energy  loss  due  to  acoustic  radiation  was  also  determined  by 
measuring  the  radiation  efficiency  of  the  panels  and  calculating  the  radiation  loss 
factor.  The  radiation  loss  factor  obtained  in  this  manner  was  found  to  be  in  good 
agreement  with  the  measured  loss  factors  near  the  coincidence  frequency. 
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Figure  1.  Metal  Panel  With  and  Without  Constrained 
Layer  Damping  Treatment 


Figure  2.  Composite  Panel  with  Constrained  Layer  Damping 
Treatment  Embedded  in  Panel 
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Panel  Nunber 

Panel  Description 
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Solid  metal  alloy 
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Metal  alloy  with  constrained 
layer  damping  treatment 
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Solid  composite  material 
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Figure  .1.  Comparison  of  Loss  Factor  Data  Measured  with 
Various  Methods  on  a  Composite  Panel  in  Air. 


Figure  4.  Comparison  of  Data  Measured  with  Various 
Methods  on  a  Composite  Pane)  in  Water. 
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Figure  5.  Viscous  Loss  Factor  Calculations,  Based  on 
Blake  (4). 


and  Composite  Panels  in  Air. 


Figure  7.  Estimated  Mechanical  Loss  Factor  of  Panels  2  and  4. 
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Figure  9.  Summary  of  Estimated  Loss  Mechanisms  for 
Panel  4  in  Air. 


Figure  8.  Summary  of  E.slimaied  Lo.ss  Mechanisms  for 
Panel  2  in  Air. 


Figure  10.  Comparison  of  Energy  Decay  Measurements  on 
Panels  }  and  4  in  Air, 
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Figure  17.  Comparison  of  Energy  Decay  Measurements  of 

Panels  1  and  2  in  Water  and  Radiation  Loss  Factor 
(based  on  Figure  16). 


Figure  i9.  Experimenta^/y  Defenmined  Damping  Efficiency 
of  Panels  1  and  2  in  Water. 
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Figure  18.  Comparison  of  Energy  Decay  Measurements  of 
Panels  3  and  4  in  Water,  and  Radiation  Loss 
Factor  (Based  on  Figure  14). 


Figure  20.  Experimentally  Determined  Damping  Efficiency 
of  Panels  3  and  4  in  Water. 


Frvq,  kHz 

Figure  21 .  Analytically  Determined  Damping  Efficiency  of 
Damped  Metal  Panel  in  Water  (from  ref.  3). 
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ABSTRACT 

The  objective  of  this  research  effort  is  to  characterize  the  effect  of  impact  damage  on  the  damping  capac¬ 
ity  and  dynamic  modulus  of  glass  fiber/epoxy  composites.  Unidirectional  and  cross-ply  laminates  were  impacted 
over  a  range  of  impact  energies.  The  absorbed  energy  was  measured  during  the  test.  Damaged  modes  were  char¬ 
acterized  using  a  scanning  electron  microscope  for  the  various  combinations  of  layup  and  impact  energy.  Damp¬ 
ing  measurements  were  made  before  and  after  impact  and  the  results  ate  correlated  to  the  observed  damage 
modes  and  measured  values  of  absorbed  impact  energy.  Assessment  of  damage  using  damping  as  a  parameter 
shows  good  promise  as  a  non-destructive  test  tool  in  composites,  as  the  method  does  not  involve  time-consuming 
scanning  of  the  whole  structure. 

INTRODUCTION 

A  thorough  understanding  of  the  vibration  damping  capacity  of  fiber  reinforced  polymer  composites  is 
essential  for  the  successful  design  and  use  of  these  materials  in  structural  and  non-structural  applications.  Most 
structural  systems  subjected  to  dynamic  loading  accumulate  damage  in  their  service  environment.  In  order  to 
assure  safety,  it  is  necessary  that  this  damage  be  monitored  to  assess  its  occurrence,  location  and  extent  for  subse¬ 
quent  repair  and  compensation.  Damage  may  be  interpreted  and  monitored  horn  changes  in  the  dynamic  proper¬ 
ties,  viz.  stiffness  and  damping  of  the  structure.  It  has  been  recognized  that  damage  due  to  impact  in  any  mode 
will  greatly  influence  on  the  damping  capacity  of  the  material  which  will  have  to  be  characterized  by  experiment 
and  analysis.  Previous  attempts  in  this  area  of  damage  assessment  from  vibradon  tests  can  be  found  in  references 
1  through  4. 

In  this  pilot  snidy,  the  effect  of  impact  damage  on  the  damping  and  natural  frequency  (related  to  the 
dynamic  sdfThess)  of  unidirecdonal  and  cross-ply  glass  reinforced  epoxy  composites  have  been  studied  through 
experiments.  Damping  capacity  and  natural  fl^uencies  of  samples  before  and  after  impact  have  been  measured 
using  the  frequency  response  function  obtained  by  modal  analysis  type  experiments.  Damage  modes  have  been 
characterized  through  a  scanning  electron  microscope  and  attempts  ate  made  to  correlate  the  measured  changes 
in  sdffness  and  damping  of  samples  to  observed  damage  modes. 
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EXPERIMENTAL  PROCEDURE 


Scotchply  Type  1002  Glass  fiber-reinforced  composite  laminates  from  3M  Corporation  were  used  in  the 
experiments.  Both  ‘unidirectional’  and  [0/90]  cfoss-ply  laminates  were  used.  The  ‘unidirectional'  material 
actually  has  a  spring  orientation  (denoted  SO),  the  commercially  available  form  of  the  unidirectional  composite. 
A  cross-ply  is  placed  near  the  top  and  bottom  of  the  laminate  to  provide  strength  in  the  90^  direction  without  sig¬ 
nificantly  affecting  the  properties  in  the  (f  fiber  direction.  The  laminate  layup  is  thus  (0/90/04]s.  15.2  x  8.9  cm 
impact  specimens  were  machined  with  the  0°  fiber  direction  in  the  long  specimen  axis.  The  laminate  thicknesses 
were  3.5  mm  and  3.2  mm  for  the  SO  and  cross-ply  material,  respectively. 

The  impact  tests  were  performed  using  an  instrumented  drop  weight  tower.  The  impact  fixture,  which 
holds  the  impactor  tup,  slides  along  steel  guiding  columns  which  are  equipped  with  linear  bearings.  These  linear 
bearings  reduce  the  friction  between  the  impact  fixture  and  steel  guiding  columns,  allowing  the  impactor  to  fall 
perpendicular  to  the  specimen.  The  specimen  is  clamped  along  the  short  sides  to  supports  providing  a  1 1  cm  x 
8.9  cm  rectangular  opening. 

The  impact  tup  is  conical  steel  impactor  instrumented  with  two  strain  gages  cemented  180^  apart.  The 
strain  gages  are  connected  to  a  strain  gage  conditioner  and  amplifier  through  a  quarter-bridge  circuit  and  this 
arrangement  serves  as  a  load  cell.  Using  the  quaner-bridge  circuit,  the  two  active  gages  act  to  eliminate  bending 
contributions.  The  amplified  output  of  strain-gage  voltage  is  sent  to  a  Nicolet  4094C  digital  oscilloscope  which 
records  the  voluge  vs.  time  impact  history.  The  impactor  was  calibrated  by  loading  it  in  compression  and 
recording  the  linear  relationship  of  strain  voltage  to  the  applied  load.  Using  this  calibration  curve,  the  output 
voltage  of  the  strain  gage  can  be  converted  to  impact  load. 

The  energy  absorbed  by  the  impact  specimen  is  given  by  the  following  formula; 

I  I  > 

U=  Voff  dt  +  g tdt  -  1/2M(  Jfdt/ 

0  0  0 

where  U  is  impact  energy  absorbed  by  the  specimen,  Vg  is  the  velocity  just  before  impact,  M  is  the  mass  of  the 
impactor,  F  is  the  impact  force,  g  is  acceleration  due  to  gravity,  and  t  is  time.  The  last  two  terms  of  this  equation 
represent  higher  order  terms  with  respect  to  time  and  are  neglected  in  the  actual  calculation  of  impact  energy. 

The  velocity  just  before  impact  is  measured  using  two  photo  diodes  located  near  the  bonom  of  one  of  the 
steel  guiding  columns.  A  timer  is  used  to  record  the  time  interval  when  the  impactor  travels  the  15.2  cm  distance 
between  the  two  photo-diode  detectors.  The  average  velocity  over  the  15.2  cm  is  then  calculated.  To  allow 
investigations  of  impact  energy  on  the  material  response,  two  additional  impact  weights  were  used  with  the  con¬ 
ical  impactor  to  provide  three  levels  of  impact  weight;  1.02  kg,  1.25  kg,  and  1.66  kg. 

The  frequency  response  function  of  each  of  damaged  as  well  as  the  undamaged  plates  was  measured 
using  the  semp  as  shown  in  Figure  1.  The  structure’s  frequency  response  function  (ratio  of  acceleration  to  force) 
was  utilized  to  determine  the  damping  ratio  ^  and  the  natural  frequency  cd„.  The  structure  was  excited  with  an 
instrumented  hammer  at  a  point  on  one  side  of  the  damaged  area  and  then  the  response  was  measured  with  a  mini 
accelerometer.  The  frequency  response  function  was  measured  on  only  the  top  layer  of  the  laminate  where  the 
damaged  was  introduced  The  structure  was  fixed  at  both  ends  so  as  to  simulate  the  same  boundary  conditions 
that  were  used  during  impact  tests.  The  fixed  supports  were  made  of  two  steel  clamps  with  two  steel  spacers  in 
between  the  plate.  The  specimen  with  the  steel  clamp  was  then  fastened  to  a  steel  b^  plate  to  prevent  any 
motion  between  the  support  and  the  plate.  The  frequency  range  of  interest  was  limited  to  3kHz.  Three  modes  of 
vibrations  were  analyzed  to  determine  the  damping  ratio  (Q  and  the  natural  frequency  (0^,).  The  impact  energy 
absorbed  by  the  glass  fiber  composites  ranged  from  0  to  1 26  Joule  for  the  unidirKtional  fibers  and  0  to  1 1 5  Joule 
for  the  cross-ply  laminates. 
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FFT  DIGITAL  SIGNAL  ANALYZER 


RESULTS 

A  typical  frequency  response  plot  as  obtained  using  the  HP35660  FFT  analyzer  is  shown  in  Figure  2.  It 
shows  three  modes  in  the  frequency  range  of  interest.  Damping  ratios  for  each  mode  was  estimated  using  a 
single-degree  of  freedom  curve-fitting  technique  available  in  the  SMS  Modal  Analysis  Software.  Figures  3 
through  6  show  the  variation  of  (ii„  and  C  with  respect  to  impact  energy  for  both  the  unidirectional  and  cross-ply 
samples.  These  results  are  summarized  in  Tables  1  and  2.  Table  1  shows  the  dmnping  ratio  and  natural  fn^uen- 
cies  for  the  unidirectional  fiber  orientation  composites  for  three  modes  of  vibration.  A  general  increase  in  5  for 
the  first  mode  can  be  seen  as  the  amount  of  impact  energy  is  increased  in  the  plates. 


Table  1.  Damping  and  Frequency  Results 
Unidirectional  Fibers 


Mode  1 

Mode  2 

Mode  3 

EnentY(J) 

Hz 

C 

KHz 

KHz 

_£ _ 

0 

710 

1.76 

1.52 

0.66 

2.75 

0.84 

69 

623 

1.67 

1.45 

0.72 

2.56 

0.98 

73 

722 

1.76 

1.55 

0.71 

2.83 

0.82 

94 

mm 

■il 

019 

98 

691 

3.17 

mm 

0.71 

2.72 

1.24 

121 

626 

2.37 

1.49 

0.67 

2.71 

0.84 

126 

677 

3.31 

1.54 

0.68 

2.84 

0.84 

Table  2.  Damping  and  Frequency  Results 
Cross-Ply  Fibers 


Mode  1 

Mode  2 

Mo 

de3 

Enerey  (J) 

Hz 

C 

KHz 

C 

KHz 

_ 

0 

652 

3.37 

1.42 

0.68 

2.56 

0.84 

56 

608 

1.47 

0.68 

2.57 

1.04 

60 

584 

1.53 

1.47 

0.58 

2.52 

0.79 

89 

605 

1.83 

1.42 

0.61 

2.49 

0.83 

92 

iim 

mm 

mm 

no 

595 

1.63 

0.60 

2.45 

mm 

594 

2.92 

1.47 

0.58 

2.56 
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Analysis  of  the  microstnicture  of  the  unidirectional  plates  reveals  a  significant  crack  that  formed  through  the 
thickness.  As  the  number  of  events  and  amount  of  energy  increases,  the  number  of  cracks  through  the  interior  0° 
plies  increases.  These  cracks  interact  as  shown  in  Figure  7.  A  100%  to  200%  increase  in  damping  is  noticed  for 
the  first  mode  of  the  unidirectional  laminate.  There  is  always  delamination  where  the  crack  meets  the  first  0/90 
interface.  The  cracks  interface  with  one  another  cause  an  increase  in  the  energy  absorption  of  the  plate  which  in 
turn  results  in  a  higher  damping  capacity.  The  second  and  third  modes  for  the  unidirecdonal  fibers  has  a  some¬ 
what  similar  increase  in  damping  ratios  as  compared  to  the  undamaged  plate,  but  this  increase  appears  to  be  less 
significant  for  higher  frequencies. 

Table  2  shows  the  damping  and  natural  frequencies  for  the  cross-ply  laminated  plates.  The  damping 
ratio  ^  appears  to  decrease  for  the  first  mode  as  the  impact  energy  absorbed  by  the  plates  is  increased.  Analysis 
of  the  microstructure  for  the  cross-ply  laminates  reveals  some  interesting  results.  At  low  amounts  of  impact 
energy  and  events,  matrix  cracks  are  predominately  seen  through  the  bottom  ply  and  some  delamination  at  the  0/ 
90  interface.  As  the  number  of  events  and  amount  of  energy  is  increased,  the  number  of  delaminated  interfaces 
increase  and  finally  cracks  form  between  them.  This  microstructure  can  be  seen  in  Figtue  8.  For  the  second  and 
third  modes,  the  damping  ratio  shows  no  noticeable  increase  or  decrease  that  would  be  significant  to  be  attributed 
to  impact  damage.  The  damping  ratio  decrease  in  the  first  mode  for  the  cross-ply  plates  was  significant  enough 
to  show  that  if  damage  occurred  at  a  low  frequency,  the  structure’s  fiequency  response  function  can  be  utilized  to 
detect  damage.  The  damage  is  more  evenly  distributed  and  is  horizontal  to  the  impact  with  the  cross-ply  lami¬ 
nates  while  the  cracks  are  large  and  through  the  thickness  in  the  unidirectional  laminates.  The  plane  of  measure¬ 
ment  for  the  unidirectional  and  cross-ply  plates  was  the  top  plane  where  the  damage  was  induced.  For  the 
unidirectional  plates,  the  effect  of  the  damage  could  be  measured  since  the  crack  was  through  the  thickness  while 
for  the  cross-ply,  the  damage  was  initially  at  the  bottom  surface  and  finally  propagate  toward  the  surface  where 
the  measurement  was  made. 
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CONCLUSION 


The  use  of  glass  fiber/epoxy  composites  for  many  structural  applications  has  greatly  increased  in  the 
recent  years  along  with  a  need  to  monitor  the  structure  to  insure  its  safety  in  a  dynamic  environment.  Impact 
damage  to  these  structures  can  be  monitored  by  utilizing  the  structure’s  frequency  response  function  to  measure 
its  damping  capacity.  For  damage  induced  at  low  frequencies  (below  1  KHz),  an  increase  in  damping  capacity  is 
very  evident  for  unidirectional  orientated  fibers  while  a  significant  decrease  in  damping  capacity  for  cross-ply 
orientated  fibers  was  noticed.  Damping  changes  at  the  higher  frequencies  (greater  than  1  KHz)  were  not  signifi¬ 
cant  enough  to  detect  damage  induced  into  the  structure.  The  increase  in  the  damping  capacity  for  the  unidirec¬ 
tional  fibers  can  be  attributed  to  the  formation  of  microcracks  as  noticed  in  the  microstructure.  The  matrix  crack 
develops  through  the  entire  thickness  as  the  damaged  is  increased  causing  crack  interfacing  which  perhaps 
improves  the  laminate’s  energy  absorption.  For  the  cross-ply  fibers,  the  damage  affected  the  bottom  surface  ini¬ 
tially  and  as  the  damaged  increased  the  cracks  propagate  horizontally  toward  the  surface.  The  damage  lowered 
the  damping  capacity  of  the  cross-ply  fibers  at  low  frequencies  (below  1  KHz),  the  reason  for  this  is  not  clear  and 
needs  further  research.  To  determine  the  effects  of  damage  to  the  damping  characteristics  of  cross-ply  fibers,  the 
structure’s  frequency  response  function  must  be  measured  on  the  damaged  surface.  Further  v/ork  needs  to  be 
done  on  how  to  monitor  damage  at  higher  frequencies  (above  IKHz)  and  detect  the  damage  through  non-contact 
methods. 
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Abstract 

The  dimensional  extent  of  large  space  structures  make  them  prone  to  vibrations  which  can  attain  large 
amplitudes  even  under  modest  impulsive  or  cyclic  loading.  In  addition,  stability  during  dynamic  manoeuvres 
requires  short  settling  times.  Therefore,  the  incorporation  of  damping  into  space  stiuctuies  is  necessary.  The 
need  to  develop  low-complexily,  lightweight,  high-strength,  dynamically  stable  structures  for  the  space 
environment  has  necessitated  the  search  high  damping  materials.  Studies  of  magnesium  and  its  alloys  demonstrate 
that  these  materials  possess  very  high  datqting  compared  to  other  metals.  Recent  studies  have  shown  that  when 
magnesium  is  alloyed  with  particular  solute  species  having  very  low  solid  solubilities  (<  I  %)  such  as  Al,  Cu,  Sn, 
Zr,  Mn  or  Si,  the  characteristically  high  damping  of  magnesium  is  preserved  while  the  mechanical  properties  are 
enhanced.  In  addition,  both  damping  and  the  amplitude  dependence  of  damping  increases  with  decreasing  solute 
atom  concentration.  This  paper  presents  damping  data  on  a  recent  magnesium  MMC,  Pilch  55  graphite  fibres  in  a 
matrix  of  Mg-0.67(Zr  (PSSGr/Mg-0.6%Zr)  and  two  magnesium  alloys,  Mg-0.6%Zr  and  Mg-1.0%Mn.  These 
data  support  the  conclusions  of  other  researchers  who  estimated  and  measured  the  damping  of  Mg-0.6%Zr  and  a 
similar  alloy,  Mg-MgjNi,  having  a  very  low  solid  solubilily  of  Ni  (0.1%).  Finally,  a  comparison  between  the 
measured  damping  of  the  Mg-0.6%Zr  alloy  and  the  [Og]  PSSGr/Mg-0.6%Zr  composite  is  presented  to  quantify 
whether  the  addition  of  strength-enhancing  fibres  contributes  to,  detracts  from,  or  otherwise  influences  the  high 
damping  properties  of  the  matrix.  It  is  noted  that  the  data  presented  herein  pertains  to  flexural  damping  and  thus 
provides  a  globally-averaged  measure  of  damping.  This  compendious  study  is  an  extract  from  a  more 
comprehensive  doctoral  investigation  of  damping  in  advanced  composites. 

NoalENCLATURE 

Ag  amplitude  at  tg 

A(t)  amplitude  at  time  t 

E  Young's  modulus 

E’  Storage  modulus  (real  part  of  the  complex  modulus) 

E*  Loss  Modulus  (imaginary  part  of  the  complex  modulus) 
tf  resonant  frequency  (cycles/aecond) 

m  slope  of  straight  line 

inverse  quality  factor 
t  time 

tg  iiutializaUon  time,  1=0 

W  maximum  elastic  energy  stored  during  a  cycle 


6  logarithmic  decremeot 

fte  imcn>*8tiaia 

accuracy  of  cxpuimeatal  measuremeat,  i 
(  damping  ratio 

II  loss  fiKtor 

^  phase  angle  by  which  the  ^^lied  stress  leads  the  resulting  strain  (loss  angle). 

^  ^wcific  damping  —  AW/W 

<i)  frequency  in  radians/second  »  2ir^ 

iNnoDucnoN 

Composite  materials,  in  general,  have  been  utilized  for  many  aerospace  structural  applications  because  of 
their  ability  to  be  taylored  to  meet  specific  strength  and  weight  requirements.  In  particular,  recent  attention  has 
focused  on  the  use  of  metal-matrU  composites  (MMC*s)  for  space  structural  applications  because  of  the  growing 
need  for  high-strength,  low-weight  materials  which  are  inq>ervious  to  the  inherently  hostile  environment.  The 
tnateriala  io  be  used  in  the  fobfication  of  MMC*s  are  varied.  Of  the  avail^le  fibres.  Pitch  5S  or  Pitch 
100  gr^)hite  fibres  semn  to  be  favoured  [1,2,3].  Of  the  many  metals  available,  matrices  possessing  a  high  level  of 
matMial  damping  have  been  viewed  as  the  most  promising  candidates  for  use  in  advanc^  coiiq)osite8  to  enhance 
dynamic  stability  [4-7]. 

Studies  of  magnesium  and  its  alloys  have  riiown  that  these  materials  possess  very  high  damping  compared 
to  other  metals  [8,9];  one  alloy,  Mg-0.6%Zr,  has  been  known  to  possess  high  damping  for  some  time  [10]. 
Recent  studies  [11]  ^ve  shown  that  when  magnesium  is  alloyed  with  particular  solute  species  having  very  low 
solid  solubilities  ( <  1  %)  such  as  Al,  Cu,  So,  Zr,  Mn  or  Si,  the  characteristically  high  damping  of  magnesium  is 
preserved  while  the  mechanical  pit^rties  are  enhanced.  In  addition,  both  damping  and  the  amplitu^  dependence 
of  damping  increases  with  decreasing  solute  atom  concentration  [12]. 

Although  the  literature  presents  some  studies  of  damping  in  magnesium  alloys  [10,11,12,13],  there  is 
very  limited  data  on  the  damping  capacity  of  magnesium  MMC’s  [14,15].  Because  of  the  continuing  need  to 
investigate  the  degree  of  damping  offered  by  new  MMC  candidates  for  use  in  space  structural  applications,  this 
paper  ^  been  cooqnled  to  present  danq>iog  data  on  a  recent  magnesium  MMC,  namely  Pitch  55  graphite  fibres 
in  a  matrix  of  Mg-0.6%Zr  (P55Gr/Mg-0.6%Zr>.  In  addition,  the  damping  measurements  of  two  magnesium 
alloys,  namely  Mg-0.6%Zr  and  Mg-1.0%Mn,  are  presented  to  support  the  conclusions  of  other  researchers 
[10,11,12]  Mrifo  estimated  and  measmnd  the  damping  of  Mg-0.6%Zr  and  a  similar  alloy,  Mg-Mg2Ni,  having  a 
very  low  sc^d  solubility  of  Ni  (0. 1  %).  Finally,  a  comparison  between  the  measured  damping  of  the  Mg-0.6%Zr 
alloy  and  the  [Og]  P55Gr/Mg-0.6%Zr  cooqKwite  is  presented  to  quantify  whether  the  addition  of  strength- 
enhancing  fibres  contributes  to,  detracts  from,  or  otheiwise  influences  the  high  damping  pn^rties  of  tbe  matrix. 

It  is  noted  that  tbe  data  presented  herein  pertains  to  flexural  damping  and  thus  provides  a  globally- 
avMiged  measure  of  damping.  A  detailed  discussion  of  the  various  measures  of  damping  is  presented  in  a 
comprehensive  doctoral  investigation  of  damping  in  advanced  composites  [16]  from  which  this  paper  was 
extracted. 

ntEvious  Research 

When  magnesium  is  alloyed  with  particular  solute  species  which  have  very  low  solid  solubilities  (<  1  %), 
such  as  Zr,  Mo,  Al,  Cu,  So,  Ni,  or  Si,  the  charactmistically  high  damping  of  magnesium  is  presmved  while  Che 
mechanical  properties  are  enhanced  [10,11].  Tbe  high  dancing  of  pure  magnesium  and  these  particular  alloys  is 
due  to  the  ease  of  dislocation  motion  along  tbe  basal  slip  planes.  Small  additions  of  alloying  elements  (<  1%) 
result  to  tbe  formation  of  localized  precipitates.  It  is  believed  that  the  presence  of  this  second  phase  increases  tbe 
dislocation  density  in  tbe  high-purity  magnesium  phase  without  inhibiting  dislocation  movement  to  a  significant 
degree.  This  re^ts  in  these  alloys  displaying  a  higher  damping  capacity  than  that  observed  in  unalloyed 
magnesium  [12].  Tbe  typical  microstructure  of  these  hypoeutectic  alloys  consists  of  large  grains  of  primary  Mg 
surrounded  by  a  eutectic  mixture  io  a  matrix  of  Mg;  the  eutectic  mixture  is  typically  of  the  form  Mg2R>  where  R 
represents  tbe  alloying  species  [14].  Tbe  grains  produced  by  the  small  additioiu  of  an  alloying  element, 
particularly  zirconium,  are  evenly  distributed,  equiaxed  sod  have  random  orientations.  Because  tbe  grains  are 
equiaxed,  tbe  break-away  phenomena  can  occur  al  very  low  applied  stresses  io  grains  where  tbe  orientation  is  45*. 
ind  therefore  subject  to  the  maximum  resolved  shear  stress  (121. 
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Sugimoto.  Niiy«,  Okamoto  and  Kiahitake  (11)  mveatigated  the  damping  capacity  of  Ni,  Cu»  Al,  and  So 
magneaium  alloys  using  a  reeonant  beam  ^iparatua.  They  showed  that  the  damping  and  Young's  modulus  woe 
strong  Afficdons  of  the  grain  size  of  the  primary  magnesium.  It  was  observed  that  when  the  grain  size  was  smaller 
than  10^,  the  mobility  of  the  dislocatioas  was  decreased  which  in  turn  decreased  the  damping.  They  concluded 
that  anhtirad  dandling  and  an^litude-dqMndence  of  damping  in  magnesium  alloys  was  produced  vdien  (1)  the 
solubility  of  alloying  elements  was  very  low  (<1%)  and  (2)  when  the  primary  magnesium  grains  were  dendritic 
or  ^obi^  in  shape  and  larger  than  about  10  microns  in  size.  Weissmann  and  Babington  [10]  developed  a  cast 
polycrystalline  Mg^.65(Zr  alloy  for  the  making  of  guided  missile  con^wnents^  such  as  die  housing,  instrument 
plate  and  gyro  mounting  brackets  for  the  t?Min  guidance  section,  becmise  of  its  high  damping  characteristics. 
They  determined  that  the  damping  propertiee  of  this  alloy  are  not  affected  by  machining,  aging  or  finishing  and, 
although  heat  treatments  do  not  affkt  the  un  machined  alloy,  a  reduction  in  damping  has  been  observed  following 
beat  treatments  of  machined  samples. 

Factors  \^ch  decrease  damping  are  increased  alloy  concentration,  rapid  solidification  and  defonnatioo. 
It  has  been  shown  that  both  dandling  and  the  amplitude  dependence  of  damping  increase  with  decreasing  sc^ute 
atom  concentratiott  [10,11]  and  that  dow  solidificatioo  rates  of  these  alloys  damping  by  allowing 

greats  dislocation  mobility  due  to  largM  grain  sizes  [14).  The  decrease  in  damping  following  deformation  occurs 
by  the  formation  of  preferred  orientations  due  to  the  deformatim  [12,13]. 

Thb  DEPiNmoN  OP  Dampino  Used 

The  defittitiem  of  damping  used  herein  is  the  specific  damping  capacity,  which  is  defiiied  as  the  extetgy 

dissipated  during  one  cycle  of  motiem  divided  by  the  maximum  elastic  energy  stored  during  the  cycle: 


Although  there  are  many  other  definitions  and  interpretations  for  this  quantity  in  the  literature,  they  will  not  be 
discussed  here;  the  reader  is  referred  to  a  detailed  discussion  of  these  definitions  elsewhere  [16].  The  reader  is 
strongly  cautioned  that  the  origins  of  each  d^nition  of  damping  are  varied  and  that  the  mathematical  meaning  of 
each  d^nition,  although  supposedly  being  for  the  same  quantity,  can  in  fact  be  quite  different.  However,  these 
definitions  approach  equality  for  small  daiiq)ing,  say,  tan^<0.1,  and  the  relationships  between  them  are  given 
by: 


^  =  2ini  =  2irt«i*  =  2irE'/E’  =  2«  =  2»Q-'  =  =  4»i  (2) 


Spbcmens 

The  specimau  eumiaed  in  this  study  tie  neat  Mg-0.6%Zr  and  Mg-I.0%Mn  magnesium  alloys  and  a 
PSSGr/Mg-0.6XZr  metal-matrix  composite.  The  dimensions  and  thennoelastic  properties  of  all  specimen 
constituents  are  given  in  Tables  I  a^  2,  respectfully.  All  specimens  were  provided  by  Martin  Marietta 
Aerospace  Coiporation,  Denver,  Colorado. 

The  P55Gr/M2  Lminate  Specimens 

[Og]  P55Gr/KlA-Mg  (Mg-0.6%Zr)  composite  specimens  were  fabricated  by  FMl  Incorporated  [17] 
using  a  vacuum  investment  casting  process  as  shown  in  Figure  1  [18].  The  panels  were  carefiUly  hand^sanded  to  a 
thiclmess  of  approximately  2  mm  (0.08  in)  and  specimens  were  cut  from  the  panels  using  a  diamond  wheel.  This 

was  examined  using  a  ^ectron  microscope  (SEM).  Representative  SEM  samples  were  cut  from 

the  using  a  diamond  saw  and  then  polished  to  a  mirror  finish  of  0.5  micron  using  successively  finer 

grades  of  diamond  paste.  The  samples  were  ultrasonically  cleaned  Mlowing  each  polishing  step  to  remove 
residue  which  may  cause  scoring  of  the  surface  and  obscure  detail.  Examination  of  the  four  electron-micrographs, 
Figure  2,  show  t^  in  general  thm  is  good  matrix  infiltration.  However,  the  lowest  magnification  micrographs 
show  a  small  degree  of  voiding  in  these  composites.  This  qualitative  evidence  of  voiding  is  presented  to  aid 
interpretation  of  the  expwimental  results  presented  herein  and  demonstrate  that  a  continuum  mechanics  approach 
to  modelling  of  damping  in  these  composites  could  be  justified. 
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The  ExpoAfEKTAL  Method 
Apparatus 

The  experiuMots]  apparatus,  shown  in  Figure  3,  comprises  a  cantUeveted  beam,  a  Bniel  and  Kjaer 
M0002  electromagnetic  tranuducCT  for  vibratioaal  excitation,  a  Wavetek  Model  164  frequency  generator  and  a 
NAD  2200  pown*  amplifier  to  drive  the  excitation  transducer,  a  strain  gage  connected  to  a  Micro-Measumneots 
BAM-1  strain  gage  bridge  to  detect  vibrational  nv>ti<m,  and  a  DiUa  Precision  Model  6000/61 1  waveform  analyzer 
interfoced  with  a  Hewlett  Packard  217/9000  comptUCT  via  an  IEEE  bus  to  acquire  and  reduce  data.  To  exclude 
air-damping  all  teats  were  conducted  in  a  vacuum  chamber  at  a  vacuum  of  0.013  Pa  (0. 1  micron  of  Hg);  a  Cenco 
Hypervac  2S  vacuum  pump  was  used  for  this  purpose.  All  specimens  tested  were  non^osagnetic.  Therefore,  to 
coi^e  the  ^Mcinien  with  the  magnetic  fidd  of  the  transducer,  high  permeability  discs  9mm  in  diameter  and 
0.3mffl  thick  wme  bonded  to  the  extreme  ends  of  each  specimen  using  super  glue.  The  confined  mass  of  these 
end  tabs  were  typicsUy  less  thso  0.2%  of  the  specimen  mass.  The  transducers  are  specified  to  exert  an  attractive 
magnetic  force  of  0.02  Newtons  at  a  qwcimen/transducer  separation  of  two  millimetres  (mm)  from  the 
permeability  diacs  [19].  The  NAD  2200  amplifier  was  used  so  that  strain  amplitudes  of  tq>  to  600ft£  could  be 
attained.  Calibration  procedures  are  discussed  in  Reference  [16].  The  estimate  of  error  in  iht  measured  values  of 
specific  damping  and  modulus  are  ±  1x10*^  and  £g=  ±4%,  respectively. 

ExpcrirocnUl  Procedure 

With  refiMence  to  Figure  3,  the  output  voltage  from  the  waveform  generator  was  coonected  via  the 
amplifier  to  the  electromagnetic  transducer.  The  waveform  generator  was  tuned  to  the  flexural  resonant  frequency 
of  the  ^weimen.  Vibrational  motion  was  detected  by  the  strix  gage  attached  near  the  beam  root  and  resonance 
was  determined  by  monitoring  the  amplitude  of  oscillation  c  v  digital  oscilloscope.  After  steady-state  vibration 
was  achieved,  Che  current  to  tte  excitation  transducer  was  tOv  ..uptad  tJtowing  the  specimen's  oscillation  to  freely 
decay.  At  the  same  time  a  computer  program  was  initiated.  The  free  vibrational  decay  of  the  specimen  was 
anq)lified  and  stored  in  digital  form  by  the  Data  6000  which  Chen  determined  the  voltage  of  each  positive  peak  of 
the  waveform.  Tbeee  values  wm  passed  to  the  computer  via  an  IEEE  488  inierfoce.  The  inlernal  clock  of  the 
computer  was  used  to  obtain  the  time  correspemding  to  each  anq>litude  data  point.  Damping  was  determined  using 
the  logarithmic  decrement  technique. 

It  is  not  uncommon  for  ^rious  modes  to  become  excited.  Whenever  this  happens,  nn^rhanirai  energy  is 
consumed  by  both  modes  but  is  attributed  only  to  the  oaode  under  examination.  Therefore,  the  measured  damping 
is  greater  than  its  true  value.  This  phenomenon  is  virtually  iaqxwsible  to  detect  in  the  time  domain.  However,  it 
is  yefy  easy  to  guard  against  it  in  the  fmpieocy  domain:  Mra  modes  will  show  up  very  clearly  as  two  separate 

peaks  in  the  Fourier  transform  of  the  signal.  A  typical  time  domain  signal  is  shown  in  Figure  4;  the 
correqKmding  FFT  is  given  in  Figure  5.  It  is  clear  thiu  no  spurious  modes  are  excited. 

DmH  Rgduftion  ■  The  LoBariUimk  Decrement  Ttchnioue 

The  logerithiiiic  decremoit  is  e  well  known  messun  of  din^g  obtiined  from  the  cyclic  deciy  of  free 
vibntioiis  end  provides  t  globeUy-eveiaged  meesure  of  damping  |I6).  This  technique  involvee  inducing  steedy- 
stale  vibration  at  the  reeooant  frequency  of  the  specimen  end  then  allowing  the  vibratioiia  to  decay  freely.  In  tto 
pest  the  damping  capacity  has  beeo  calculated  using  only  two  experimental  data  values  obtained  from  the 
amplitude  decay  curve.  Therefore,  the  experimental  error  of  the  reaultant  damping  value  is  dependent  on  the 
experimental  error  (acetter)  of  only  two  data  points  out  of  typically  100  data  values  collected.  A  more  accurate 
method  is  to  average  out  the  scatter  inherent  in  each  data  point  by  using  as  many  data  points  as  possible  to 
detenniiw  the  value  of  damping.  By  rearranging  the  well-known  expreeiioo  for  the  logarithmic  decrnnenl,  the 
reeult  can  be  viewed  as  a  linear  equation: 


Plotting  hi(Ao/A(t)l  u  a  functioa  of  [t-tg]  the  gradient  of  the  reeulting  curve  is  O.SVf,.  The  material  damping 
value  is  then: 
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Typical  free-decay  and  reduced  curves  are  given  in  Figure  6.  The  points  between  90%  and  10%  of  the 
maximum  amplitude  were  used  to  calculate  damping.  A  least  squares  fit  algorithm  was  then  used  to  determine  an 
interpolated  line  of  best  fit  passing  through  the  experimental  data  and  the  damping  calculated  from  the  gradient  of 
this  line.  Typical  standard  errors  tor  the  linear  interpolation  rmitme  wm  of  the  order  of  Ix  10"^. 

Results  and  Dbcussion 

Flexural  Damping  of  Mg-l%Mn  and  Mg-0.6%Zr  Allova 

Results  for  Mg'l %Mn  and  Mg-0.6%Zr  are  shown  in  Figures  7  and  8,  respectively,  and  Table  3.  The 
size  of  the  symbols  used  represent  the  mean  plus  one  standard  deviation.  The  mean  damping  of  the  Mg*!  %Mn 
alloy  between  IS-SO  Hz  and  55  iie  was  \^«>3.5xl0~^  and  that  few  the  Mg-0.6%Zr  alloy  was  ^«>7xl0~^.  The 
expefimental  data  is  oon^wred  with  the  tbermoelastic  damping  calculated  using  the  thermoelastic  pn^>erties  listed 
in  Table  2.  Figures  7  and  8  show  that  the  daiiq>tog  of  the  Mg-0.6%Zr  alloy  is  higher  and  more  strain-amplitude 
dependent  over  the  range  l5/t£  to  55^  than  for  the  Mg-1  %Mn  alloy.  In  both  cases  the  measured  damping  is 
significantly  higher  than  the  thennoelastic  damping.  These  observations  support  the  following  findings,  the  latter 
of  which  was  observed  by  Sugimoto,  Niiya,  Okamoto  and  Kishitake  (1 1]: 

a.  due  to  the  prominence  of  the  dislocation  damping  mechanism  in  pure  magnesium  and  low 
conceoCratfon  magnesium  alloys,  <xie  would  expect  the  measured  damping  of  tbe^  materials  to  be 
significantly  higher  than  the  tbermoelastic  damping;  and 

b.  higher  damping  and  strain  amplitude  depeodesce  is  observed  for  lower  alloy  cooceatrations. 

Flexural  Damping  of  Ihe  rOgl  PS5Gr/Mg-0.6%Zr  Composite 

Since  the  experimental  evidence  suppocta  the  conjecture  that  the  high  damping  in  pure  magneaium  and 
low  concentration  magnesium  alloys  is  primarily  due  to  dislocation  motion,  then  one  would  suspect  that  the 
addition  of  46%  volume  fraction  of  fibres  would  have  a  noticeable  effect  on  denoting.  The  mobility  of 
dislocationa  will  not  only  be  dependent  upon  the  inter-fiber  ^laciog,  which  aa  shown  in  Figure  2  varies  greatly 
throughout  (he  composite,  but  also  upon  the  spacing  between  the  Mg2Zr  and  Mg2Mn  precipitates  within  the 
mnlrix.  Although  there  is  no  quantitative  information  pertaining  to  the  'inter-precipilate'  spacing  for  the 
PSSGr/0.6%Zr  composite,  Sleckef  and  Nelson  (14)  measured  the  distance  (or  ‘plate  spacing'  in  their 
terminology)  between  Mg2Si  precipitates  in  a  P5SGr/Mg-l  %Si  composite  to  be  approximately  Spm;  this 
comparison  is  based  on  the  issamption  that  (he  microstructure  of  the  PS5Cr/Mg-l  KSi  composite  is  representative 
of  the  microstructure  of  the  PSKjr/0.6%Zr  composite  based  on  a  comparison  of  damping  measurements  found  in 
the  literature  (16,  Figures  29  and  64],  If  this  assumption  holds,  then  one  explanation  ^  the  decreased  level  of 
damping  in  the  PSSCr/0.6XZr  composite  could  be  1^  the  10  mknin  minimum  size  of  the  primary  magnesium 
regions  necessary  for  the  high  damping  properties  observed  Sugimoto,  Niiya,  Okamoto  and  Kishitake  [11],  is 
clearly  not  satisfied.  In  addition  to  inter-fiber  and  inter-precipitate  spacing,  the  mobility  of  dislocations  will  be 
hindered  by  the  fiber-matrix  interface.  Even  though  the  internees  themselvea  may  be  regions  of  dislocation 
fonnatian  due  to  the  difference  in  Ihe  thermal  expansion  coefficients  of  Ihe  fibre  and  matrix  (Table  2),  they  will 
impede  dislocation  motion  by  being  both  a  physical  barrier,  and  potential  sites  for  dislocation  pinning.  It  is 
dimfoie  reasonable  to  expect  that  Ite  measured  damping  of  a  Cr/Mg-Zr  conqxwite  will  be  signifu^tly  less  than 
that  of  Ihe  nett  magnesium  alloy  matrix. 

The  damping  of  three  PSSCr/0.6ff  Zr  specimens  (designated  A-25,  B-I I  and  B-12)  was  measured.  The 
data  from  three  apecimeiu  is  shown  in  Figure  9  and  Table  3.  As  axpacled  Ihe  damping  of  Ihe  compoeite  is  much 
leae  than  that  of  the  neat  magnatium  alloy.  Thit  ia  shown  more  clearly  in  Figure  10  in  wl^  a  separate 
exparimanlal  coeoparison  of  the  damping  in  a  Mg-0.6%Zr  alloy  and  Ihe  PSSOr/D.6XZr  compoeite  was  conducted. 
The  mean  damping  of  ^*6x10'^  for  the  Mg-0.6%Zr  alloy  between  15-50  Hz  comparec  to  a  mean  damping  for 
the  PS5Cr/Mg-0.6%Zr  composite  of  approxiinetely  |^a>l.5xl(r2.  It  is  evident  from  thia  comperieon  that  the  high 
dunping  propertiee  of  Ihe  m.gii««iiini  elfoyt  inveetigeted  ere  not  preaerved  in  Ihe  compocile;  that  is,  the  high 
dempiof  propertiee  of  Ihe  fnegneeium  alloyi  inveetigeted  do  not  provide  enhanced  damping  of  the  composite. 
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A  closing  comment.  Although  we  have  shown  that  the  damping  of  a  Gr/Mg  composite  is  significantly 
leas  than  that  possessed  by  the  neat  matrix,  the  presence  of  an  alloying  element  having  very  low  solid  solubility  in 
the  matrix  still  enhances  the  damping  of  the  composite  to  some  degree.  This  is  evidenced  by  the  work  of  Steckel 
in  which  the  Mg2Si  precipitates  in  a  Gr/Mg-l%Si  composite  produced  higher  damping  than  in  a  Gr/Mg-0%Si 
composite  [IS], 

CONCXUStONS 

The  damping  of  neat  Mg-0.6%Zr  and  Mg-l%Mn  alloys  and  a  PSSGr/Mg-0.6%Zr  composite  was 
measured.  The  results  for  the  neat  alloys  show  that  the  measured  damping  of  these  materials  was  significantly 
higher  than  the  thennoelastic  danqting  and  that  higher  damping  and  strain  amplitude  dependence  is  observed  for 
lower  alloy  coocentralions.  The  comparison  between  the  neat  alloys  and  the  PSSGr/Mg-0.6fCZr  composite 
showed  thm  the  high  damping  properties  of  the  magnesium  alloys  investigated  ate  not  preserved  in  the  composite. 
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Tabie  1.  Dimensions  of  the  Flexural  Specimens 


Spedmcn  ID 

Ui/0.6%Zr 
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Mg/l%Mn 
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I4.«g 
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1.26 
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mi  P55Gr/Mg-C.6%Zr 

A-25 

20.70 
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B-ll 
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1.28 

B-12 
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1.28 
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Table  2.  Thermoelastic  Properties  of  the  Materials  Studied 
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Table  3.  Experimental  Values  of  the  Mechanical  Properties  in  Flexure 


Material 

P 

E 

glaa^ 

GPa 

Mg/0.6%Zr 

Specimn  1 

1.83 

46.88 

7.0 

Specimen  2 

1.74 

44.13 

6.8 

Mg/l%Mn 

Specimea  1 

1.85 

45.51 

3.6 

Specimen  2 

1.80 

44.68 

3.4 

[Ogl  P5SGr/Ug-0.6%Zr 

Specimen  A-25 

1.94 
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1.3 

Specimen  B-ll 

1.91 

165.68 
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Specimen  B-12 

1.91 
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1.6 
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Figure  I  SdieoiRtic  of  InvesUneot  Casting  Procedure  Used  to  FiUnicate  tfaie  Gr/Mg  Composite  [20] 
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figure  2  Eleclroo-Micrographs  of  (Og)  PSSCrfMg  Composite  (4S0X) 
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Figure  4  Time  Dofnain  Signal  of  Decay  Wavefonn 
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Figure  6  Typictl  Frae-Deci)'  and  Reduced  bxpenanilei  Uete 


Flexural  Damping  v  ^  ^0*  Flexural  Damping  y  x  10' 


Figure  7  Flexunl  Utinping  vs  hrequency  tor  me  Mg-i  %md  AUoy 


Figure  8  Flexunl  Dunpiiif  vx  Frequency  tor  tbe  Mg-V.«WZx  AJioy 
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Figure  10  Compuieon  Between  the  Dunping  of  the  Mg-0.6%Zr  Alloy  and  the  (Og)  PSSGr/Mg-0.6%Zr 
Coinpoeile 
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ABSTRACT 

In  this  work  some  experimental  results  gained  by  the  authors  are  presented; in  particular  the  ones 
on  specimens  of  carbon  and  Kevlar  fibers  in  epoxy  resin,  materials  which  are  used  in  many  aerospace 
structures  (control  surfaces  and  wings  in  aircraft,  large  antennas  in  spacecraft,  etc.).  In  the  first  part  of 
the  paper  some  experimental  methods  of  estimating  damping  ratios  are  reviewed:  either  in  the  time 
domain  and  in  the  frequency  domain.  In  a  second  section,  some  damping  factor  estimates  from 
experimental  tests  are  shown;  in  order  to  evaluate  the  effects  of  the  aerospace  environment,  damping 
factors  have  been  obtained  in  a  typical  range  of  tc^nerature,  namely  between  +  120°C  and  -120‘’C,  and 
in  a  pressure  range  from  room  pressure  to  lO*  torr.  Finally  a  theoretical  approach  for  predicting  the 
bounds  of  the  damping  coefficients  is  shown  and  predictional  data  is  compared  with  experimental  results. 

NOMENCLATURE 


a’s,  b’s  polynomial  coefficients 

f,  natural  frequency  (Hz) 

h(t)  impulse  response 

h„(t)  Hilbert  transform  of  the  impulse  response 

n  number  of  modes  considered  in  the  FRF 

I  r  I  residue  amplitude 

s  complex  variable  of  the  Laplace  transform 

u(t)  Heaviside  step  function 

w(t)  free  decay  response  amplitude 

z(t)  complex  signal 

A’s,  R’s  fitting  constants 

E,  storage  modulus  (Pa) 

E."  loss  modulus  (Pa) 

E,  fiber  Young’s  modulus  (Pa) 

E„  matrix  Young’s  modulus  (Pa) 

T40  time  at  which  the  amplitude  decays  at  -60dB 

matrix  volume  fraction 
f  damping  ratio 


lower  bound  value  of  composite  damping  ratio 
upper  bound  value  of  composite  damping  ratio 
fiber  damping  ratio 
matrix  damping  ratio 

fd  damping  ratio  at  room  temperature 

^HiLBEKT  damping  ratio  estimated  by  Hilbert  method 
fwooF  damping  ratio  estimated  by  a  MDOF  FRF  fitting 

Tsms  damping  ratio  estimated  by  SMS  code 

I)  loss  factor 

a  decay  rate 

T  time  constant 

0  residue  phase 

Uj  damped  angular  frequency 

natural  angular  frequencv 
Af  frequency  increment 

At  time  interval  (s) 

INTRODUCTION 

Damping  characteristics  are  of  the  utmost  importance  in  evaluating  the  behaviour  of  the  aerospace 
structures  under  mechanical  and  acoustic  excitations;  in  fact  these  excitations  are  of  the  broadband  type 
and  it  is  impossible  to  avoid  mechanical  resonances.  Therefore  it  is  the  damping  of  the  structure  that 
limits  the  effects  of  the  vibration  environment.  Of  course  an  high  damping  in  a  structure  can  be  obtained 
by  using  additive  high-loss  non-structural  materials  or  concentrate  dampers,  taking  account  of  some 
restrictions  due  to  weight  penalties,  material  outgassing  and  temperature  effects. 

This  paper  focuses  its  attention  on  damping  characteristics  of  composite  structural  materials  and 
outlines  the  work  carried  out  by  the  authors  on  damping  ratio  predictions  and  estimates  in  aerospace 
composite  materials. 

Damping  in  composite  materials  is  the  sum  of  the  damping  in  the  constitutive  phases  weighted  by 
the  contribute  of  each  of  them  to  total  strain  energy:  fiber  modulus  is  much  greater  than  the  one  of  the 
matrix,  so  most  of  the  strain  energy  is  in  the  fiber  and  it  is  possible  to  increase  the  material  damping  by 
increasing  the  fiber  damping. 

A  particular  attention  has  been  paid  to  the  different  behaviour  of  carbon  and  Kevlar  fiber 
composites:  in  CFRP  an  inverse  relationship  between  damping  and  Young’s  modulus  has  been  found  out, 
whereas  in  Kevlar  compo.site.s  the  damping  ratio  is  nearly  independent  of  stiffness  and  composite 
technology  iT. or  laminate). 

Tests  have  been  carried  out  in  order  to  evaluate  the  effects  of  pressure  and  temperature,  in  a  range 
of  interest  of  aerospace  structures,  on  damping  ratios  of  carbon  and  Kevlar  fiber  composites. 

Experimental  methods  to  estimate  damping  factors  have  been  investigated,  particularly  with  the  aim 
of  evaluating  light  damping  values,  as  it  is  necessary  when  losses  in  carbon,  glass  and  Kevlar  fibers  must 
be  measured. 

DAMPING  ESTIMATION  TECHNIQUES 


A  particular  attention  has  been  paid  by  the  authors  to  the  evaluation  of  the  damping  ratio  especially 
from  signals  truncated  at  the  end  of  the  observation  window  [1],  [2],  [3],  [4],  that  is  from  im¬ 
pulse  responses  characterized  by  low  natural  frequencies  and  light  damping  ratios,  typical  for  large  space 
structures. 

A  short  description  of  some  methods,  used  to  estimate  the  damping  factor,  is  presented. 


Time  Domain  Techniques 


A  classic  approach  of  damping  measurement  from  a  free  decay  response  is  the  logarithmic 
decrement,  since  iis  estimation  is  based  on  the  determination  of  successive  cycle  amplitudes,  when  the 
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decay  rate  is  low  enough,  only  few  cycles  are  contained  within  the  observation  window,  and  therefore 
it  is  not  possible,  especially  in  presence  of  noise,  to  get  statistically  reliable  results.  An  improvement  of 
the  method  can  be  obtained  rectifying  the  free  response,  so  that  also  the  negative  half  periods  are 
available  for  the  measurements. 

A  further  improvement  is  achieved  by  the  Bruel  &  Kjaer  Complex  Modulus  Apparatus,  which  is 
particularly  suitable  for  damping  factor  evaluation  from  low-loss  small  specimens.  The  sample,  generally 
clamped  at  one  end,  is  excited  at  its  natural  frequency  (fj  tuning  the  oscillator  of  the  electronic 
equipment  to  resonance  and,  once  the  maximum  amplitude  of  oscillations  is  gained,  the  input  signal  is 
cut  out  and  the  free  decay  is  rectified,  demodulated,  filtered  (in  order  to  remove  the  ripple)  and  finally 
sent  to  a  paper  level  recorder.  Because  the  amplitude  is  plotted  in  semi-log  scale,  measured  the 
amplitudes  w(t)  at  two  time  instants  (t,  and  tj),  the  loss  factor  is  given  by  [5]: 


In 

[*v(t,)  _ 

T(f,M 

where  At=t2-t|.  If  the  fmal  value  of  the  amplitude  is  chosen  such  as  w(t2)  =  10  ’  w(t,),  that  is  -60dB  below 
the  initial  value,  the  previous  equation  is  reduced  to  the  classic  Tjo  relationship:  = 

A  similar  technique,  used  by  Herlufsen  (6],  takes  advantage  of  the  Hilbert  transform  as  amplitude 
demodulator  of  the  impulse  response,  h(t).  In  fact,  far  a  SDOF  system,  the  time  function: 

*tf(0  cos(«jr+d>)  (2) 


(where  <7  is  the  decay  rate,  Uj  is  the  damped  angular  frequency,  |  r|  and  <t>  are  the  residue  magnitude  and 
phase  respectively)  under  proper  conditions,  can  be  considered  the  Hilbert  transform  of  the  impulse 
response: 

h(f)  =  [  |rt  sin(Q/+<f>)]  «(0  (3) 


where  u(t)  is  the  Heaviside  function,  that  takes  account  of  the  causality  of  the  impulse  response.  Thus 
from  the  complex  signal  z(t)  =  h(t)+jhH(t)  it  is  possible  to  achieve  the  decaying  exponential  envelope: 


|z(/)|  =  /[h(o]^[M»)f  = 


(4) 


Plotting  it  on  the  dB  scale,  the  time  constant  t=<7  '  corresponds  to  the  interval  within  which  the  envelope 
decays  of  about  -8.7dB.  For  light  damping,  the  natural  angular  frequency  can  be  estimated  from  the  peak 
of  the  frequency  response  function  magnitude  and  then  the  damping  factor  is  given  by:  f=(Tu„) '  In 
presence  of  additive  noise,  because  r  is  estimated  using  only  two  points  of  the  envelope,  it  is  necessary 
to  lower  it  by  averaging  a  certain  number  of  FRFs.  This  trouble  is  overcome,  at  least  for  not  very  high 
noise  levels,  estimating  the  decay  rate  from  the  slope  of  the  straight  line  obtained  by  a  linear  least  square 
fitting  of  the  instantaneous  envelope,  plotted  in  a  semi-log  plane  [1].  On  the  other  hand,  the  damped 
angular  frequency  is  given  by  the  slope  of  the  straight  line,  which  fits  (in  the  least  square  sense)  the  total 
phase,  that  is  the  argument  of  the  complex  function  z(t)  [2]: 


6(1)  =  arctan 


h(l) 


(5) 


From  a  and  it  is  straightforward  to  get  the  damping  ratio: 


239 


(6) 


This  approach  thoroughly  exploits  the  advantages  resulting  from  the  complex  signal  [3],  [4],  Obviously, 
as  the  previous  techniques,  the  ones  based  on  the  Hilbert  transform  can  analyste  a  single  mode  and 
therefore  it  must  be  filtered  out  from  the  FRF  before  the  processing  mentioned  above. 

Frequency  Domain  Techniques 

The  half  power  approach  is  a  rapid  and  simple  method,  but  provides  damping  ratio  estimations  with 
unacceptable  errors  when  the  signal  is  truncated  at  the  end  of  the  observation  window.  Errors  due  to  this 
phenomenon,  firstly  pointed  out  by  Clarkson  and  Mercer  for  correlation  functions  [7],  were  studied 
and  quantified  by  White  [8],  [9].  This  drawback  could  be  overcome  multiplying  the  decaying  time 
function  by  an  exponential  window,  in  order  to  limitate  truncation,  and  later  on  correcting  the  estimated 
damping  ratio ;  unfortunatelly ,  the  use  of  this  type  of  window  produces  an  artificial  coupling  between  near 
modes  and  then  the  method  could  produce  another  type  of  error  and  estimates  could  be  again 
unacceptable. 

A  much  better  approach  consists  in  a  least  square  fitting  of  the  FRF,  or  of  a  part  of  it,  by  a  rational 
fraction  (MDOF  technique): 


(7) 


m 


The  method  consists  in  finding  the  roots  -  poles,  which  contain  all  the  information  (damping  ratios 
and  damped  angular  frequencies)  necessary  to  obtain  damping  ratios  -  of  the  characteristic  polinomial, 
denominator  of  the  above  fraction,  and  after  to  expand  Eq.(7)  into  partial  fractions,  that  in  turns  permits 
to  get  complex  residues: 


II 

E 

*Ris) 

M 

^-Pt  S-pi 

(8) 


If  the  software  can  only  fit  a  mode  at  a  time,  as  it  happens  for  the  release  of  the  SMS  Modal 
Analysis  System  3.0  (10),  Eq.(7)  can  be  reduced  to: 


His) 


L. 


Rj(j +<7) 

j*+(2a)  s  +<i)\ 


(9) 


where  a„  is  the  natural  angular  frequency  and  the  terms  A®,  A,  and  A2  take  account  of  the  effects  due 
to  the  modes  out  of  the  considered  frequency  band.  Generally  no  problems  arise  if  the  modes  are  not 
tightly  coupled,  but  also  in  this  case,  if  impulse  responses  arc  truncated  and  the  residues  must  be 
correctly  estimated,  an  exponential  window  could  be  applied  and  so  coupling  increases  and  damping 
ratios  might  result  to  be  misestimated.  In  this  case,  the  method  based  on  the  Poisson’s  sum  formula  could 
be  appUed,  in  fact  it  does  not  procure  coupling  and  permits  to  correct  the  estimated  residue  values  in 
magnitude  and  phase  [11|. 

A  comparison  of  damping  ratios  estimated  by  different  methods  is  reported  in  Tab.l  and  Tab. 2; 
all  the  evaluations  have  been  obtained  from  FRFs  and  from  reconstructed  impulse  responses  achieved  by 
a  dual  channel  analyzer  (SD  375).  Broadband  excitations  have  been  gained  by  a  PCB  impact  hammer. 
The  different  specimens,  clamped  at  one  end,  were  made  of  Kevlar  fiber  composites. 
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Table  1  -  First  mode  damping  ratios  obtained  by  SMS,  MDOP  and  Hilbert  approaches. 


frequency  (Hz) 

fsMS  10^) 

^MOOF  (*  fO*) 

Thilbert  (*  10*) 

25.5 

6.95 

7.01 

6.78 

35.0 

9.34 

8.95 

8.85 

47.5 

8.36 

8.16 

8.05 

Table  2  -  Higher  mode  damping  ratios  obtained  by  MDOF  and  Hilbert  approaches. 


frequency  (Hz) 

226.1 

290.8 

308.6 

655.1 

915.5 

1011.0 

1683.8 

1888.9 

12.09 

13.84 

12.04 

11.60 

10.81 

10.55 

8.45 

14.28 

fuiL  (X  10’) 

11.66 

13.75 

12.02 

11.54 

10.85 

10.32 

8.71 

16.85 

In  the  following  figures  (Fig.  1 ,  Fig. 2  and  Fig.3)  are  presented  the  instantaneous  envelope,  the  total 
phase  and  the  FRF,  real  and  imaginary  parts,  relative  to  a  test  case. 


Fig.l  -  Instantaneous  envelope  obtained  by  the  Hilbert  approach 


Fig. 2  -  Total  phase  obtained  by  the  Hilbert  approach 
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FRF  FRF 


Fig. 3  -  Fitting  of  real  and  imaginary  parts  of  experimental  data  (+)  by  MDOF 


EXPERIMENTAL  TESTS 

A  series  of  experimental  results  gained  by  the  authors  in  the  last  years  is  presented.  The  effects 
connected  with  space  environment,  namely  pressure  and  temperature,  on  damping  factors  have  been 
considered.  Some  tests  have  been  carried  out  in  room  conditions  and  other  ones  in  the  environmental 
chamber  of  the  Aerospace  Department,  where  a  vacuum  level  in  the  order  of  10®  torr  can  be  achieved; 
other  tests  have  been  done  in  function  of  the  temperature,  from  room  conditions  to  +  120‘’C  and  -120°C. 

Damping  factors  have  been  measured  by  the  free  decay  method  in  a  frequency  range  from  10  (Hz) 
to  800  (Hz).  Frequencies  have  been  gained  from  different  geometry  specimens,  excited  at  their  first  three 
modes. 

Tests  have  been  carried  out  on  laminated  and  fabric  aerospace  composite  materials  (carbon  and 
Kevlar  fibers  in  epoxy  resin)  supplied  by  Italian  firms  Agusta  and  Alenia. 

Carbon  Fiber  Composites 

A  set  of  specimens  in  carbon  fiber  have  been  tested:  the  specifications  of  all  the  specimens  are 
shown  in  Tab. 3,  the  prepreg  has  been  made  by  Ciba-Gcigy  (fiber  type  Courtaulds  E/HMS,  resin  type 
920). 


Pressure  effects.  In  Fig. 4  damping  coefficients  versus  pressure  are  shown.  A  decrease  of  damping 
ratio  as  the  pressure  lowers  from  the  atmospheric  value  to  10®  torr  has  been  pointed  out:  this  effect  is 
more  significant  for  the  thinnest  samples,  that  present  a  decrease  in  the  order  of  25%  of  the  value 
estimated  at  atmospheric  pressure.  The  pressure  variation  causes  also  a  frequency  shift,  due  to  the  air 
mass  around  the  specimen:  frequencies  increase  with  the  decreasing  of  pressure  as  shown  in  Fig. 5,  where 
the  Af/f  ratio  (Af  is  the  frequency  increment  and  f  is  the  value  at  10®  torr)  versus  frequency  is  reported 
(12|. 
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Table  3  -  Carbon  fiber  specimen  characteristics 


Specimen 

Number  of 
laminae 

Laminate 

lay-up 

Length 

(mm) 

1 

A1 

8 

[90/90/90/90], 

250 

A2 

8 

[O/O/O/O], 

250 

B1-B2-B3 

8 

[0/90/90/0], 

200-250400 

C1-C2-C3 

16 

[0/90/90/0], 

250-300400 

Fig. 4  -  CFRP  damping  ratios  vs.  pressure  [12J 


1. 


IL.10* 

f 


.6. 

,4. 

2. 

O.. 

0 


■  ■ 

A  A 

30  60  90  120  f  (hz) 

Fig. 5  -  Af/f  versus  frequency  [12] 


Temperature  effects.  Some  tests,  in  the  temperature  range  between  room  conditions  and  120'C,  are 
shown  in  Fig. 6:  fo  is  the  damping  ratio  at  room  temperature  and  f  is  its  value  at  the  current  temperature. 
It  is  possible  to  see  a  remarkable  increase  of  damping  starting  from  a  temperature  of  about  90°C,  this 
effect  is  consistent  with  the  cure  cycle  of  the  laminating  procedure  at  125°C  and  around  the  curing 
temperature  there  is  also  a  significant  decreasing  for  the  storage  modulus  value:  this  is  a  typical  effect 
of  the  a-transition  for  the  epoxy  resin  [12].  The  effects  on  damping  coefficient  of  low  temperatures,  until 
-120°C,  have  been  investigated:  in  Fig. 7  damping  values  versus  temperature  are  shown.  Damping 
factors,  in  a  first  range  of  decreasing  temperature,  increase  and  reache  a  maximum  for  a  typical 
temperature  value  and  after  they  decrease.  This  behaviour  is  peculiar  for  the  /3-lransition  in  epoxy  resin, 
besides  the  temperature  range,  from  -30°C  to  -90‘’C,  and  the  value  where  the  maximum  damping  ratio 
occurs  are  also  typical  of  Ihe  /3-transition  in  the  material  mentioned  above  113]. 
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Fig.6  -  CFRP  f’s  vs.  high  temperatures  [12]  Fig.7  -  CFRP  f’s  vs.  low  temperatures  [13] 


Kevlar  Fiber  Composites 

Some  Kevlar  fiber  laminate  and  fabric  specimens  in  epoxy  resin,  reported  in  Tab. 4,  have  been 
tested.  The  damping  ratio  in  Kevlar  composites  is  generally  higher  than  in  similar  carbon  or  glass  fiber 
composites  and  it  is  significantly  higher  in  high  stiffness  composites. 

Table  4  -  Kevlar  fiber  specimen  characteristics 


Specimen 

F  =  fabric 

L  =  laminate 

Number  of 
laminae 

Laminate 

lay-up 

Cut-off 

angle 

(degree) 

Length 

(mm) 

A  (L) 

16 

unidirectional 

0 

200 

B  (L) 

16 

unidirectional 

45 

200 

C  (F  style  285) 

18 

[(0/90)4/0], 

0 

200 

D  (F  style  285) 

18 

[(0/90)4/0], 

45 

200 

E  (F  style  285) 

18 

[(0/90±45)j/45], 

0 

200 

F  (F  style  120) 

20 

[(0/90),]. 

0 

230 

G  (F  style  120) 

20 

[(0/90)j(±45)j/(0/90)j], 

0 

230 

Frequency  effects.  Damping  ratios  in  function  of  frequency  are  shown  in  the  following  figure 
(Fig. 8):  an  insignificant  variation  in  damping  values  has  been  obtained,  as  it  appears  from  the  previous 
figure  [14]. 

Temperature  effects.  Damping  ratios  versus  temperature,  in  the  range  from  the  room  value  to  -120 
°C,  are  presented  in  Fig. 9:  as  the  temperature  decreases,  the  damping  factor  reaches  values  that  are 
lower  than  the  ones  measured  at  room  temperature  and  this  effect  can  be  connected  with  a  significant 
decreasmgof  the  damping  ratio  in  fibers  [13]. 
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/  (H2|  Tfd) 


Fig. 8  -  Kevlar  damping  ratio  vs.  frequency  [14]  Fig. 9  -  Kevlar  f’s  vs.  low  temperatures  [13] 

The  analysis  of  the  experimental  tests,  in  carbon  fiber  composites,  has  confirmed  the  intuitive  idea 
that  it  is  possible  to  get  a  relationship  between  damping  ratios  and  storage  modulus:  that  is  a  significant 
decreasing  of  damping  factor  with  the  increasing  of  stiffness,  as  it  also  happens  in  glass  fiber  composites. 
On  the  contrary,  damping  factor  in  Kevlar  composites  is  nearly  constant  in  function  of  Young’s  modulus 
ami  it  does  not  depend  on  the  composite  type,  fabric  or  laminate. 

Damping  ratio  versus  Young’s  modulus  for  Kevlar  fiber  are  compared  with  the  similar  data  for 
carbon  and  glass  fiber  composites  in  Fig.  10;  the  Kevlar  different  behaviour  is  due  to  the  fact  that  in  its 
case  both  the  two  constitutive  phases,  fiber  and  matrix,  behave  as  viscoelastic  materials  and  the  fiber 
damping  has  the  same  order  of  magnitude  of  the  matrix  damping,  whereas  in  carbon  and  glass  fiber 
composites,  fibers  may  be  considered  as  an  elastic  phase  [14]. 


DAMPING  PREDICTION  IN  COMPOSITE  MATERIALS 


Basic  properties  of  fiber  and  matrix  (Young’s  moduli  Ej  and  E„,  damping  ratios  f,  and  must  be 
used  in  evaluating  damping  characteristics  of  composites;  if  it  is  possible  to  consider  that  only  one  phase 
in  the  composite  material  behaves  as  a  viscoelastic  one,  then  the  correspondence  principle  may  be  used 
to  evaluate  upper  and  lower  bounds  for  damping  factors  [15].  The  lower  bound  is  given  by  the 
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following  relationship: 


f 


cL 


(10) 


while  the  upper  bound  is  provided  by: 


K.r„£„£;^(i-vjrygygi 

g,(V„g,.(l-V)£J^ 


(11) 


where  V„  is  the  matrix  volume  fraction  and  the  subscript  c  stands  for  composite. 

These  relationships  can  be  used  in  the  case  of  CFRP  and  GFRP,  but  not  in  the  case  of  Kevlar  fiber 
composites,  where  the  fiber  too  behaves  as  a  viscoelastic  phase.  It  is  possible  to  predict  the  damping 
factor  by  strain  energy  methods.  If  the  specimen  is  considered  as  a  bending  composite  beam,  the  damping 
factor  can  be  evaluated  by: 


(i’«-i>>*i'/g/-i'»gm  ()2) 

Some  experimental  results,  carried  out  on  carbon  fiber  specimens,  are  compared  with  the  predicted 
lower  and  upper  bounds  in  Fig.  11  (where  E  ",  is  the  coefficient  of  the  imaginary  part  of  the  complex 
modulus,  that  is  E  In  Fig.  12  the  predicted  Kevlar  fiber  damping  is  compared  with  experimental 

results. 


Fig.  11  -  CFRP  loss  modulus,  upper  and  lower 
bounds  vs.  frequency  [15] 


Fig.  12  -  Kevlar  experimental  {’’s  with  the 
predicted  line  [14] 


Many  authors  have  considered  the  behaviour  of  damping  characteristics  in  composite  materials  both 
by  theoretical  analysis  and  by  experimental  tests  [16],  [17],  [18].  Finite  element  codes  have 
been  studied  in  order  to  evaluate  the  damped  response  of  composite  structures  [19].  In  damping 
evaluation  of  structural  elements,  the  effects  of  the  mode  shapes  on  t 's  have  been  also  pointed  out. 

Studies  on  metal  matrix  composites  [20],  proposed  improvements  of  damping  in  carbon  fiber 
composites  by  using  high  damping  fibers  [21]  and  studies  on  damping  in  composite  structural  joints 
(22)  are  of  particular  interest  for  applications  in  aerospace  structures. 
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ABSTRACT 

This  paper  presents  an  analytical  model  to  predict  the  damping  of  adhesively  bonded  double-strap  joints  under 
transverse  vibration.  The  differential  equations  of  motion  of  the  joint  system  are  derived  using  the  energy 
method  and  Hamilton’s  principle.  It  is  assumed  that  the  energy  dissipated  by  the  joint  system  is  contributed  by 
both  the  shear  and  longitudinal  deformation  of  the  adhesive  layers.  The  combination  of  natural  boundary  condi¬ 
tions,  forced  boundary  conditions,  and  continuity  conditions  yields  the  frequency  equations  to  predict  the  system 
resonance  frequencies  and  modal  loss  factors.  The  effects  of  structural  parameters  and  material  properties  of  the 
adhesive  layer  on  the  system  modal  loss  factors  and  resonance  frequencies  are  also  studied. 

INTRODUCTION 

Double-strap  joints  are  one  type  of  structural  joints  that  are  gaining  wide  applications  in  many  aerospace 
structures  which  are  joint  dominate.  All  structures  must  have  sufficient  damping  to  keep  vibration  and  acoustic 
response  within  acceptable  limits.  It  is  well  known  that  adding  a  layer  of  viscoelastic  material  between  any  two 
bonded  parts  of  the  joint  (as  in  a  sandwich  structure)  will  improve  both  the  soess  distribution  and  damping 
capacity  of  the  joint  system.  This  would,  however,  results  in  certain  penalties  in  other  structural  properties  such 
as  stiffness,  strength  and  weight.  There  is  a  strong  need  to  develop  passively  damped  joints  which  would  give 
favorable  trade-offs  between  damping  benefits  and  associated  stiffness  and  strength  penalties.  The  current  trend 
in  the  designed-in  incorporation  of  viscoelastic  materials  in  the  joints  for  passive  vibration  control  has  resulted  in 
many  innovative  means  to  enhance  the  inherent  damping  in  structures  subjected  to  dynamic  loading.  Despite 
these  impressive  developments,  unfortunately,  research  in  the  area  of  analytical  modeling  of  damping  of  struc¬ 
tural  joints,  especially  double-strap  joints  is  relatively  unexplored.  The  objective  of  this  research  is  a  continuing 
effort  to  develop  theoretical  models  to  predict  the  damping  capacity  of  adhesively  bonded  simple  structural  joints 
incorporating  viscoelastic  damping  materials.  Previous  modeling  efforts  by  the  authors  have  included  damping 
of  single  lap  joints  [2,  3],  curved  sandwich  beams  [4J,  longitudinal  vibration  of  double-strap  joints  [5]. 

In  this  paper,  the  authors  have  developed  a  dynamic  model  to  predict  the  damping  and  resonance  frequency  of 
a  double-strap  joint  system  under  transverse  vibration.  A  parametric  study  has  been  conducted  to  study  the 
effects  of  various  design  parameters  on  the  system  modal  damping  capacity  and  resonance  frequencies.  This  is 
an  extension  of  the  wwk  on  the  longitudinal  vibration  of  the  same  system  formulated  by  the  authors  [5]. 


*  This  is  an  abridged  version  of  a  paper  submitted  for  review  by  the  Journal  of  the  Acoustical  Society  of  Amer¬ 
ica  111- 


I.  FORMULATION  OF  THE  ANALYTICAL  MODEL 


Figure  1  --  The  double-strap  joint  system  chosen  for  study 

The  double-strap  joint  system  is  shown  in  Figure  1.  The  two  primary  beams  and  the  upper  and  lower  con- 
strmning  beams  are  assumed  to  be  orthotropic,  wh>'e  the  adhesive  layers  are  modeled  as  linear  viscoelastic  mate¬ 
rials.  The  middle  connecting  beam  (spacer  material)  is  a  small  piece  of  aluminum  usually  included  to  strengthen 
the  joint.  The  shear  and  longitudinal  deformations  of  the  adhesive  layers  are  included.  But  the  longitudinal  iner¬ 
tia  of  the  joint  system  is  neglected.  Also,  the  joint  is  assumed  to  be  symmetric  with  the  primary  bc^s.  The  total 
system  is  hypothetically  divided  into  five  parts,  as  shown  in  Figure  2. 


(a)  Pan  1 1  (b)  Pan  m  (e)  Pan  22 


(d)  Part  1  (e,  Pan  2 

Figure  2  -  Hypothetical  division  of  the  joint  system  for  study 
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A.  Analysis  of  part  11  and  part  22 

Figure  2(a)  shows  the  coordinate  system  and  free  body  diagram  of  part  11  with  all  the  forces  acting  on  it.  Due 
to  the  symmetry  of  the  composite  beam,  the  middle  surface  of  beam  1  is  the  neutral  surface  of  the  composite  sys¬ 
tem. 

Suppose  the  composite  system  has  unit  width.  Let  wn  be  the  transverse  displacement  of  the  composite  beam, 
and  U3,  and  U41  be  the  longitudinal  deformations  of  beams  3  and  4  respectively.  Then  from  =  0,  we  can 

show  that 

“31  =-“«!■ 

The  potential  energy  in  Cj  and  C2  are  given  by 


L 


+  r 

K  J  3  ( 1  -  uj) 


(2) 


t  2  >• 


,  ^“31  .  .  ^“41 

ax,!  aj:„  ax,, 


where  c  =  *, 

The  contribution  of  potential  energy  of  beams  1,  3  and  4  is 

L 

0 

The  total  potential  energy  is  then  v  =  +  V3  +  V4  +  +  Vc,- 

The  total  kinetic  energy  of  the  composite  beam  in  pan  1 1  after  neglecting  longitudinal  inenia  is 


r,  +  r,  +  £4  +  r^,  +  7-^2  =  i  J  (p  (//  +  2A)  +  2p^\]  >v?,4x„ 


(3) 


(4) 


where  in  Eqs.  (4)  and  (5),  w,,  =  and  w,,"  =  E  is  the  Young’s  modulus  of  the  three  beams.  H,  h  and 

'  ax,, 

h(.  are  the  thicknesses  of  the  primary  beams,  constraining  beams  and  adhesive  layers  respectively,  p  and  p^  are 
the  material  density  of  the  beams  and  the  adhesive  layers.  E’  and  G'  are  the  complex  elastic  and  shear  modu¬ 
lus  of  the  viscoelastic  layer.  Under  harmonic  vibration,  we  can  express  £/  and  G’  as  E'  =  E^'d  -utIj,)  and 
G’  =  G/  ( 1  +  11I42) ' 'vhich  £/  and  G/  are  the  storage  moduli,  and  n,,  and  are  the  loss  factors  correspond¬ 
ing  to  extensional  and  shear  deformation  of  the  viscoelastic  material.  In  current  analysis,  we  assume  that 
Id  'Lr  '  It  which  is  a  common  assumption  made  with  many  damping  materials.  Values  of  £/  and  G/  corre¬ 
sponding  to  a  frequency  and  temperature  can  be  obtained  from  material  data  sheets  supplied  by  the  manufactur¬ 
ers  (6). 

Work  done  by  external  forces  is  given  by 

W=  - S,,w,,)  1^^^ ^ (WjjKj,  4- /V4,U4,  +  (5j,  +  54,  +  5,)  w,,!  1^^^ 

L 

-  (Af„  +  M4,  +  A/|)  1^^  ^,^4  J<?,|8w||dx,,,  (5) 


where  i?,,  (x,,,  t)  is  the  distributed  excitation  force  applied  to  part  11  which  is  not  shown  in  Figure  2(a),  Applying 

‘7 

Hamilton’s  principle  8[ (£-  V+  tvij;  =  0  and  using  Eq.  (1).  we  obtain  the  differential  equations  of  motion  for 


part  1 1  to  be 


,  8V,|  2ir^G  *  8^,,  8V,,  2cG  * 
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-|a‘ii4,  g;  cg; 
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3(1  v;)jJx;i 

where  m  =  put  *2h)  *  2p^A,.  m  represents  the  mass  per  unit  length  of  the  composite  beam.  The  natural  bound¬ 
ary  conditions  obtained  as  a  by  product  of  the  variational  principle  are  given  by 


Te  1  ,  d'tv 


d  w,,  IcG*  dH-,, 


*  ’‘ax, 


■  “41) 


6*^,; 


E  \  t 
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Since  the  study  of  the  modal  loss  factors  and  system  resonance  frequencies  is  our  interest,  we  can  assume  the 
whole  joint  system  have  resonance  frequencies  o>,,  and  let  =H',|(x„)«''  and 

«4i  (x,|,  0  =  Ui,  (x,, Then  under  harmonic  vibration  at  a  resonance,  excitation  force  ij,,  (x,,,  t)  will  be  ^ 
degree  out  of  phase  with  h-uCx,,,/)  and  balance  the  damping  force  of  the  composite  beam.  Therefore,  similar 
to  what  is  discussed  by  Mead  and  Markus  [7],  we  can  assume  that  4,,  (x„,  t)  =  /tojtimw,,  (x,,.  1) ,  where  n  corre¬ 
sponding  to  the  system  modal  loss  factors.  Then  Eq.  (6)  and  Eq.  (7)  become 

£  ,  ,  aV,,  2c’G*  aV,,  ,  2cg;  du„  ^  ^ 

(6-a) 


K  ax?, 


r  £4'/!,  -ia^4,  g;  cGfdw,, 

Eh  + - ^5 - -  -r^5-i  =  0. 

3(i-u?)  ax?,  K  K  3-»ii 


Using  non'dimensional  quantities  jt,j  =  Wj,  =  t/4,  =  — ,  he  ■■  ^  ~  jf* 


p,  =  —  and  (0  =  where  o)„  =  -^4:  /^,  and  let  D,,  =  we  can  express  Eq.  (6-a)  and  Eq. 

W’ P  “o  2z,?3/3p’  "  ax„  M  “3 

(7-a)  in  a  matrix  form; 

-6,D?, -c,  -a,D|,  VP,,  _  0 

-CjG,,  fljD?, -62  {/41_  -Q 


24c,f-i  ’  = 


where,  a|  =  l  +  2A,  6,  =  -^  (-jr)  G^,  c,  =  (1  +  2A  +  2p,,A4)6?,  d,  =  -j- (-p)  G,,  a^^h* - j-, 

he  ”  n  3  ^ 

^  .  C  - 

ande2=^(;^)G4. 

Solving  Eq.  (9)  by  applying  iPi,  (x,,)  =  /t<‘'"  and  Gxi  (x,,)  =  Be'’’"  ,  we  obtain 

and  c74,(x,.)  =  £/A*  (10) 

1  I 

/  c  X 

where  05x,,  — 5-^.  "  =  ' . 6,  and  k,, ...,  \  are  the  six  eigenvalues  of  Eq.  (9).  A] . Ag  are  six 

£,  fljX.?  -  (>2 

arbitrary  constants. 

Analysis  of  Part  22  of  the  joint  system,  shown  in  Figure  2(c),  is  exactly  the  same  as  part  11  except  for  the 
boundary  conditions.  Here  let  W22<3:22- ')  =  Vi'jjCJ'r)*'*'' ^nd  ii42(x2j,f)  =  G42(x22)e'’’',  we  get 

1^22(^22)  =  and  £742(i22)  =  (11) 

N  >  I  «  «  1 

X  W  U 

where  X22  =  1^22  =  ^i'  •—  Q  another  six  arbitrary  constants.  In  addition,  there  are 

six  boundary  conditions  corresponding  to  part  22. 


The  analysis  of  part  m,  shown  in  Figure  2(b),  is  similar  to  part  11  or  part  22  except  for  some  minor  difference. 
The  central  beam  here  has  a  different  material  from  the  two  constraining  beams.  Suppose  the  density  of  the 

material  of  the  central  beam  be  p,  and  Young’s  modulus  be  E^.  Let  )>',(x,,  1)  =  ik.lx.)*"'', 
=  y4.(x.)e'“‘' and  external  excitation  load  be  ?.(x.,  I)  =  i<i)?ii(p.H  +  2pA  +  2p^*,)w,(x.,/).  we  get 


W.CxJ  = 


where  X,  =  — n  =  1 . 6.  and  a . a,  are  the  six  eigenvalues  for  this  part.  Bj . are  six  arbitrary 

constants.  Again,  here  we  get  six  additional  boundary  conditions. 


The  coordinate  systems  for  part  1  and  part  2  are  shown  in  Figure  2(d)  and  2(e)  respectively.  The  analysis  of 
these  two  parts  are  straight  forward  Euler-Bcmouli  beam  analysis.  Let  w,  (x,,  n  =  iv,  ix,  and 
w,(Xj,i)  =  Wjtx,)*'*’’.  We  have 
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H'l  (X,)  =  D,,sinPx, +D,2SinhPx, 


(13) 

(14) 


IVjfxj)  =  Dji  ^sinpxj- tanP(l  -  i)  cospijj +D22j^siiihpx2- lanhP(l -^-)coshPx2 

_  }Y  \H^  X  X  I 

where  H'l  = -ji,  iV2  = x,  =  ji,  p  =  7m  and  0sx22S  (i-^).  D]].  D12  >  su'd  D22  are  four 

it  it  Z<  j  Z<j 

arbitrary  constants.  There  are  four  natural  boundary  condition  equations  corresponding  to  these  two  parts. 


The  foregoing  analysis  has  produced  22  boundary  equations  with  22  arbitrary  constants  and  10  intcifacial 
forces.  Considering  the  continuity  of  displacements  and  slopes  at  interfaces  X]  j  =  0,  x,„  =  0,  X22  =  0  and  X2  =  0, 
we  get  10  more  continuity  equations.  We  can  eliminate  the  10  interfacial  forces  and  the  four  arbitrary  constants 

Dji,  Di2,  D21  and  D22  from  the  above  32  boundary  equations  and  get  18  homogeneous  equations  with  Aj . 

Ag,  B] . Bg,  C], ....  Cg  being  unknowns.  Expressed  in  a  matrix  form,  it  is  [A](  V)  =  0,  where  { V)  =  [A1...A5, 


Bj  ...  Bg,  Cl ...  Cg]^  and  [A]  is  an  18  x  18  matrix  with  complex  elements. 


For  a  non-trivial  solution  of  ( V|,  we  must  have 


det[A)=0,  (15) 

which  is  the  system  frequency  equation.  The  roots  of  Eq.  (15)  yield  the  eigenvalues  10,  and  n  of  the  joint  system. 
Once  the  eigenvalues  ate  evaluated,  the  corresponding  eigenvectors  IV)  can  be  found.  A  computer  program  has 
been  developed  on  an  IBM  4381  system  to  obtain  the  numerical  solution  of  Eq.  (15). 


II.  NUMERICAL  RESULTS 


Let  Dr  and  D|  be  the  real  and  imaginary  parts  of  the  determinant  of  matrix  [A].  Then  both  Dr  and  Dj  will  be 
_  _  ^ 

functions  of  q  and  (o,,  where  m,  =  — .  As  every  non-zero  element  of  [A)  is  a  complex  transcendental  function 

“0 

with  =  (oj ( 1  +  iq)  appearing  as  an  independent  variable,  special  searching  technique  needs  to  be  employed  to 
find  the  roots  of  Eq.  (15).  One  such  searching  strategy  that  has  been  preciously  developed  by  the  authors  [5J  is 
also  employed  here  to  obtain  the  numerical  results.  The  details  of  this  search  strategy  are  described  in  [5]. 

The  material  properties  of  the  adhesive  layer  and  their  frequency,  temperature  dependence  are  needed  for 
input  to  the  program.  Considerable  research  is  being  done  in  the  area  of  analytical  modeling  of  frequency  and 
temperature  effects  on  the  damping  and  modulus  of  viscoelastic  materials  [7].  Although  data  on  the  shear  modu¬ 
lus  and  loss  factor  of  damping  materials  corresponding  to  a  frequency  and  temperature  are  available  in  the  data 
sheets  supplied  by  the  manufacturers,  these  data  are  not  useful,  here,  since  we  don’t  know  the  resonance  frequen¬ 
cies  of  the  system.  However,  based  on  the  experimental  data,  and  curve-fitting,  some  formulae  are  available  to 
find  the  values  of  G/  and  q^  corresponding  to  a  frequency  F  and  a  temperature  T.  The  empirical  formulae  for 
0/(7,  F)  andq^'(T,  F)  developed  in  reference  (8)  by  Drake  is  utilized  in  this  study. 

The  material  of  the  beam  chosen  here  is  Graphite/Epoxy  which  has  an  clastic  modulus  E  along  the  fiber  direc¬ 
tion  and  the  connecting  part  in  the  middle  is  chosen  to  be  aluminum. 

The  variations  of  system  resonance  frequency  w,  and  modal  loss  factor  q  with  the  adhesive  thickness  hj  for 
the  first  four  modes  are  plotted  in  Figure  3  and  Figure  4. 


Figure  3  —  Variation  of  cd,  with  adhesive  thickness  A,  Figure  4  —  Variation  of  q  with  adhesive  thickness  A, 
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The  lap  ratio  ^  was  set  to  be  O.S.  3M  ISD-1 12  damping  material  was  chosen  and  the  operating  temperature 

was  assumed  to  be  atmospheric  (T  =  21.1°C  or  70°F).  h^  was  varied  from  0.02  mm  to  2  mm  in  Figures  3  and  4. 
Observation  of  these  figures  shows  that  decrease  with  h^  for  all  the  four  modes,  but  ii  takes  on  maximum  val¬ 
ues  near  =  0. 1mm. 

The  overlap  ratio  ^  is  another  parameter  being  studied.  The  S,  -  (^)  and  r)  -  (^)  curves  are  shown  in  Fig- 

i-i  L,  L, 

ure  5  and  Figure  6.  The  damping  material  and  temperature  are  kept  unchanged.  The  adhesive  thickness  h^  was 
kept  to  be  0.5  mm.  From  Figure  5  it  is  clear  that  the  variation  of  S,  with  (^)  is  not  very  significant  for  all  the 

four  modes.  But  increasing  ^  will  greatly  increase  the  system  modal  loss  factors  r|  especially  when  ^  <  0.3  as 
t,  '  L| 

seen  in  Figure  6. 


I 

i 

! 

} 
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Figure  5  --  Variation  of  or,  with  overlap  ratio  Figure  6  -  Variation  of  ri  with  overlap  ratio 

The  variation  of  <5,  and  rj  with  temperature  T  is  also  studied.  The  shear  modulus  C/  and  loss  factor  of 
almost  all  damping  materials  are  highly  temperature  dependent  [6j.  The  damping  material  in  this  case  was  sdll 
unchanged,  and  we  set  hj.  =  0.5  mm  and  ^  =  0.5.  T  was  varied  from  -12.2°C  (10°F)  to  65.6°C  (150°F).  The 

results  ate  plotted  in  Figure  7  and  Figure  8.  Observation  shows  that  for  ISD- 1 1 2  damping  material,  io,  decreases 
with  T  for  the  first  two  modes.  For  the  third  and  fourth  modes,  ro,  takes  on  peak  values  somewhere  between  T  = 
-12.2°C  (+10°F)  and  T  =  10°C  (50°F),  and  then  decrease  with  T.  The  variation  of  it  with  T  is  more  dramatic  and 
intere.sting.  Figure  8  shows  that  for  3M  lSD-112  material,  ii  reaches  its  maximum  values  between  T  =  -1.11°C 
(-t-20°F)  and  T  =  21.11°C  (-t-70°F)  and  decrease  sharply  with  T  afterT  >  21.11°C.  This  behavior  is  consistent 
with  what  is  observed  normally  with  these  type  of  damping  materials  |6]. 


Ovtdop  rotle 


Figure  7  -  Variation  of  u,  with  temperature  T  Figure  8  -  Variation  of  ii  with  temperature  T 
Table  I  shows  the  m,  and  n  values  for  seven  different  damping  materials  chosen  here  for  the  case  when  h^  = 
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O.S  mm,  j-  =  0.5  and  T  =  21.H°C.  Data  like  these  are  invaluable  in  the  selection  of  damping  material  in  the 
joint  design. 


Table  1:  Resonance  Frequency  and  Modal  Loss  Factor  of  the  Joint  System  for  Different  Damping 

Materials  at  Room  Temperature 


Damping 

Material 

Model 
(5^  1] 

Mode  2 

S.  q 

Mode  3 

Mode  4 

9 

Soundcoat  LT 

2.2245  Q.0Q567 

8.5779  0.00133 

21.824  0.01445 

40.368  0.00755 

3M  ISD-113 

2.2005  0.02382 

8.5881  0.00578 

21.759  0.06619 

40.447  0.03335 

Soundcoat  MN 

2.2175  0.02839 

8.6258  0.01135 

22.478  0.16703 

41.257  0.10144 

3M  ISD-112 

2.2913  0.06779 

8.6680  0.02022 

23.199  0.21322 

42.505  0.11969 

Dyad  601 

1.9210  0.04855 

7.5777  0.02376 

22.571  0.33232 

40.896  0.22611 

3MISD-II0 

2.5916  0.14535 

8.9468  0.03706 

29.933  0.16385 

47.508  0.08961 

Soundcoat  D 

2.6671  0.02573 

8.5565  0.01562 

38.193  0.03580 

56.846  0.03313 

The  accuracy  of  the  numerical  data  obtained  in  the  study  can  be  checked  by  the  mode  shape  plotting.  As 
eigenvalues  are  complex  quantities,  we  may  plot  the  real  and  imaginary  parts,  or  the  magnitude  and  phase  of  the 

mode  shape  function.  One  example  of  mode  shape  plotting  for  the  first  four  modes  when  1\.  =  0.5  mm,  ^  =0.5, 

T  =  21.1 1°C  and  ISD-112  damping  material  is  shown  in  reference  (1).  These  plots  clear  show  the  validity  of  the 
numerical  data  obtained  in  the  searching  process. 

III.  CONCLUSION 

A  theoretical  analysis  for  the  study  of  transverse  vibration  of  adhesively  bonded  composite  double-strap  joint 
system  is  presented  in  this  paper.  Energy  method  and  Hamilton’s  principle  are  used  to  derive  the  system  govern¬ 
ing  equations  of  motion  and  natural  boundary  conditions.  The  adhesive  material  is  modeled  as  a  viscoelastic  and 
complex  modulus  approach  is  utilized  to  model  its  material  propenies.  The  solution  of  the  governing  equations 
for  simply  supported  ends  of  the  system  has  been  achieved  by  solving  a  I8x  18  matrix  equation  with  complex 
elements.  A  special  searching  strategy  has  been  employed  to  predict  the  system  the  resonance  frequencies  (to,) 
and  modal  loss  factors  (q).  A  parametric  study  has  been  conducted  to  study  the  variation  of  to,  and  q  with  vari¬ 
ous  structural  and  geometric  parameters  of  the  system. 

It  has  been  found  that  an  increase  in  the  overlap  ratio  leads  to  an  increase  in  the  damping  capacity  of  the  joint 
without  significant  loss  in  the  system  stiffness.  But  an  increase  in  adhesive  thickness  A,  results  in  increased 
damping  only  up  to  a  certain  limit.  Values  of  A,  beyond  0. 1  mm  leads  to  significant  decrease  in  the  stiffness  of 
the  system  with  little  damping  benefits.  Temperature  plays  a  major  role  in  the  damping  of  the  system.  As 
expected,  the  resonance  frequency  of  the  joint  system  decreases  with  temperature,  while  the  loss  factor  increases 
gradually  and  appears  to  take  on  a  maximum  value  near  the  glass  transition  temperature  of  the  damping  material. 
Values  of  to,  and  q  are  generated  for  seven  different  damping  materials  which  will  be  useful  in  the  design  of 
these  joints. 
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ABSTRACT 

Recent  demonstrations  have  shown  that  commercially  available  damping  materials  and  advanced  composite 
materials  can  be  cocured  into  hybrid  structural  forms.  Experiments  indicate  that  the  processing  does  not  degrade  the 
damping  materials  and  that  excellent  structural  damping  properties  can  be  obtained.  In  construction,  the  thin  film 
damping  materials  are  manipulated  and  placed  essentially  the  same  as  the  plies  of  graphite-epoxy.  Damping  materials 
can  therefore  be  easily  incorporated  into  complex  structural  parts.  This  paper  discusses  the  design  opportunities  that 
are  possible  through  the  use  of  this  type  of  construction. 

INTRODUCTION 

The  oscillating  aerodynamic  loads  that  aircraft  experience  have  grown  in  intensity  as  the  speed  and  maneuvera¬ 
bility  of  aircraft  have  improved.  These  loads  excite  resonant  responses  in  the  aircraft  structure  that  o.ften  lead  to 
fatigue,  damage  and  component  failure.  Damped  strucU  ral  parts  offer  a  way  of  safely  resisting  these  dynamic  load¬ 
ings  and,  out  of  necessity,  such  parts  will  be  a  feature  of  future  aerospace  vehicles. 

A  novel  method  of  constructing  damped  parts  is  the  cocuring  of  damping  materials  and  advanced  composite 
materials  into  hybrid  structural  forms.  Several  researchers  have  experimented  with  this  method  of  fabrication  and  they 
have  reported  good  success  (1-5).  From  their  work  it  can  be  concluded  that  commercially  available  damping  materi¬ 
als.  that  have  good  thermal  stability,  can  be  routinely  incorporated  into  advanced  composite  parts.  The  damping 
materials  were  found  to  retain  their  favorable  properties  under  the  pressures  and  temperatures  of  a  standard  autoclave 
cure  cycle  for  graphite-epoxy  without  any  special  precautions  being  required  during  the  construction  and  processing. 
The  hnished  advanced  composite  parts  were  found  to  have  excellent  damping  properties. 

Besides  offering  an  efficient  method  of  construction,  the  cocuring  of  damping  materials  and  advanced  composite 
materials  intrrxiuces  new  design  opportunities.  For  instance,  structural  designs  can  be  considered  which  take  advan¬ 
tage  of  the  orthotropic  properties  of  advanced  composites  to  increase  the  effectiveness  of  damping  treatments  |6-I2). 
Laminated  construction  can  also  offer  design  options  that  can  lead  to  improved  structural  performance  |II-I4|. 
Finally,  the  flexibility  of  placing  and  arranging  uncuted  materials  prior  to  consolidation  allows  for  the  design  and 
construction  of  new  laminate  architecture  that  can  lead  to  improvements  in  stiffness,  strength  and  structural  damping. 

COCURED  PARTS 

An  example  of  cocured  construction  can  be  found  in  an  effort  [5]  that  examined  both  unstiffened  and  hat 
stiffened  panels.  The  panels  were  made  of  IM6/3501-6  tape  using  a  staixlard  (1.5  mm  (.006  in))  and  an  ultrathin 
(  094  mm  (.0037  in))  thickness.  The  damping  materials  were  3M's  AF-32  and  ISD-II2  film  adhesives  each  with  a 
thickness  of  .254  mm  (.010  in). 


The  unstifTened  panels  were  made  with  the  standard  (dy  thickness.  A  baseline  undamped  panel  was  constnicted 
with  a  stacking  sequence  of  [0,3].  The  damped  panels  were  laid  up  in  a  [Oj/d/Os]  stacking  sequence  (the  letter  d  is 
used  to  indicate  the  location  of  the  damping  layer).  In  all  cases  the  plates  were  square  with  an  edge  dimension  of 
300  mm  (12  in). 

A  baseline  undamped  hat-stiffened  panel  was  made  of  ultrathin  plies  laid  up  in  a  combination  of  0°.±4S°  and 
90“  layers.  Two  damped  hat  stiffened  panels  were  made  identical  to  the  baseline  case  except  for  the  addition  of 
damping  layers  of  AF-32  in  one  and  ISD-1 12  in  the  other.  The  damping  layers  were  placed  in  the  flange  and  legs  of 
the  hat  and  in  the  mid-surface  of  the  skin  (see  Figure  1).  In  each  case  the  hat  was  formed  with  a  Teflon  mandrel 
whose  cross-section  was  57  mm  (2  25  in)  wide  at  the  base,  38  mm  (1.5  in)  wide  at  the  top,  and  23  mm  (.90  in)  in 
height.  The  iiat  stiffened  panels  had  edge  dimensions  of  180  mm  (7  in)  by  460  mm  (18  in). 

During  laminate  fabrication  the  adhesive  films  were  handled  in  essentially  the  same  way  as  the  stiffness  plies. 
All  panels  were  cured  in  an  autoclave  at  177“C  (350“F)  and  550  KPa  (80  psi)  using  a  conventional  cycle.  Micros¬ 
copic  examinations  of  the  cured-part  cross  sections  revealed  that  the  damping  layers  had  remained  intact,  had  bonded 
well  to  the  stiffness  layers,  and  showed  no  evidence  of  excessive  flow,  absorption  into  the  epoxy,  or  thermal  degrada¬ 
tion.  C-scans  confirmed  that  good  bonding  was  achieved  in  all  cases. 

After  curing,  the  unstiffened  panels  were  cut  into  beam  specimens  25  mm  wide  x  250  mm  (1  in  x  10  in)  long, 
with  the  fibers  aligned  parallel  to  the  longer  dimension.  The  first  two  namral  frequencies  and  modal  damping  values 
were  measured  at  room  temperature  with  the  beams  cantilevered  from  a  rigid  support.  The  beam  specimens  were 
also  tested  statically  to  determine  their  stiffness  and  strength.  The  results  of  these  tests  are  summarized  in  Table  I . 

As  expected  the  beam  study  showed  that  there  is  a  trade-off  between  static  and  dynamic  properties  in  that 
increases  in  damping  were  accompanied  with  a  loss  in  static  properties.  For  example,  the  values  of  the  modal  damp¬ 
ing  at  the  first  natural  frequency  were  increased  230%  for  the  AF-32  panel  and  600%  for  the  lSD-112  panel,  while 
the  flexural  strengths  were  decreased  to  55%  and  39%  of  their  original  levels,  respectively.  In  evaluating  these  results 
it  should  be  realized  that  in  many  situations  the  value  of  damped  structure  can  far  outweigh  any  concern  over 
stiffness  and  strength.  For  example,  a  structural  element  may  be  far  overdesigned  for  static  strength  to  prevent  it  from 
failing  in  fatigue. 

The  hat-stiffened  panels  were  tested  in  a  free-free  configuration.  Sufficient  tests  were  run  to  determine  the 
natural  frequencies,  modal  damping  values,  and  mode  shapes  of  the  first  three  modes  of  vibration.  The  measured 
dynamic  properties  ate  summarized  in  Table  2. 

The  lowest  vibration  mode  consisted  of  the  panel  flanges  bending  in  the  vertical  direction  (flange  flapping).  For 
this  mode,  the  damping  of  the  AF-32  panel  was  slightly  hi^r  than  that  of  the  baseline.  However,  the  damping  in 
the  ISD-1 12  panel  was  three  limes  higher. 

The  next  measured  response  was  deduced  to  be  a  twisting  of  the  panel  flanges.  The  results  show  that  in  this 
mode  the  baseline  panel  exhibited  a  relatively  high  inherent  damping,  presumably  due  to  the  shearing  of  the 
graphite-epoxy.  Although  the  damped  panels  were  not  specifically  designed  to  resist  this  mode  of  response,  either 
through  the  selection  or  placement  of  the  damping  materials,  the  ISD-1 12  panel  still  showed  an  increase  in  damping. 

The  third  mode  consisted  of  a  longitudinal  bending  of  the  whole  specimen.  In  the  design  of  the  test  articles, 
the  damping  layer  in  the  flange  of  the  hat  was  carried  down  into  the  legs.  This  allowed  the  inner  and  outer  faces  of 
the  hat  to  flex  relative  to  one  another.  Because  of  this  the  damping  layer  could  be  sheared  in  longitudinal  bending 
and  thereby  be  able  to  dissipate  bending  energies  of  vibration.  In  this  mode  the  damping  increased  by  more  than  a 
100%  for  the  AF-32  panel  and  by  nearly  1000%  for  the  ISD-1 12  panel. 

The  high  damping  in  the  longitudirud  bending  mode  indicated  that  the  internal  design  features  were  working 
successfully.  The  fundamental  skin  mode  was  also  significantly  damped.  The  most  efficient  design  of  the  hat 
stiffened  panel  would  be  to  use  ISD-1 12  in  the  base  panel  (to  maximize  the  damping  in  the  skin)  and  AF-32  in  the 
hat  stiffener  (to  retain  good  static  properties  while  achieving  desirable  levels  of  damping). 

STRESS  COUPLING 

Orthotropic  materials  can  be  used  in  structures  to  create  a  coupling  between  normal  and  shear  strains  (Stress 
Coupling).  For  instance,  a  ply  of  fiber  reinforced  graphite-epoxy  will  behave  anisotropically  if  the  fibers  are  oriented 
off-axis  with  respect  to  the  direction  of  any  in-plane  loads.  That  is,  an  in-plane  tensile  force  will  produce  an  in-planc 
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shear  deformation  as  well  as  an  in-plane  extensioa  In  a  part  that  is  a  hybrid  of  composite  materials  and  damping 
materials,  the  shear  deformations  due  to  stress  coupling  can  be  used  to  load  the  damping  layers.  Therefore  the  possi¬ 
bility  exists  that  stress  coupling  could  be  used  to  increase  the  energy  dissipation. 

An  example  of  a  hybrid  stress  coupled  part  is  a  tension-compression  tubular  member  consisting  of  three  con¬ 
centric  cylinders  (see  Figure  2).  In  this  design  the  inner  and  outer  cylinders  consist  of  a  fiber  reinforced  material 
while  the  middle  cylinder  is  formed  fiom  a  layer  of  damping  material  When  the  fibers  in  the  cylinders  ate  oriented 
at  an  angle  with  respect  to  the  central  axis  of  the  member,  the  inner  and  outer  cylinders  will  rotate  and  deform  under 
axial  loads.  These  rotations  will  shear  the  damping  layer  and  thereby  provide  a  means  to  dissipate  vibrational 
energy.  An  initial  analysis  of  this  design  concluded  that  maximum  effectiveness  could  be  achieved  if  the  fiber  orien¬ 
tations  were  varied  along  the  cylinder’s  length  [6].  A  recent  work  [10]  has  examined  a  tube  in  which  the  fiber  orien¬ 
tations  are  varied  by  reversing  the  ply  orientations  at  several  specially  desigtted  joints  along  the  tube.  Analytical  and 
experimental  analysis  found  this  design  to  yield  good  stiffitess  and  damping  properties. 

Stress  coupling  can  also  be  applied  to  flexural  members,  such  as  the  damped  panels  previously  discussed. 
Depending  upon  the  ply  layup,  laminates  can  be  constructed  that  contain  extensional-shear,  extensional- 
bendingAwisting  and  bending-twisting  couplings.  Damping  plies  located  in  the  layup  can  be  made  to  shear  under  the 
deformations  associated  with  these  couplings. 

Previous  work  on  stress  coupled  hybrid  laminates  has  yielded  disappointing  results  [11  &  12].  Ply  layups  were 
found  that  could  improve  the  structural  damping,  but  this  beiKfit  was  achieved  at  a  greatly  reduced  static  stiffness. 
The  overall  effea  was,  in  spite  of  the  improved  damping  level,  an  increase  in  the  forced  response  of  the  suess  cou¬ 
pled  plates. 

To  examine  this  point,  consider  the  dynamic  response  of  a  simply  supported  semi-infinite  plate  subjected  to  a 
steady  state  transverse  harmonic  excitation.  The  dynamic  properties  and  response  of  this  plate  were  determined 
through  an  analysis  based  on  an  anisotropic  laminated  damped  plate  theory  (11)  that  employs  Mead’s  Forced  Mode 
Method  [IS].  The  plate  is  a  three  layered  construction  consisting  of  top  and  bottom  face  sheets  and  a  core  of  damp¬ 
ing  material.  The  face  sheets  consist  of  AS4/3501-6  graphite-epoxy  with  a  fiber  volume  fraction  of  60%  and  a  ply 
thickness  of  .127  mm  (.005  in).  The  damping  layer  consists  of  Soundcoal’s  D  polymer  with  a  thickness  of  .051  mm 
(.002  in).  The  computations  accounted  for  the  temperature  and  frequency  dependence  of  the  material  properties  and 
were  performed  for  a  temperature  of  115‘’C  (240''F).  The  plate’s  width  was  taken  to  be  50  cm  (20  in). 

The  ply  orientations  were  referenced  with  respect  to  the  plate’s  width  with  the  iayup  specifications  being 
[diZ-OsId  19,1-9}].  Stress  coupling  occurs  in  this  design  when  the  angles  of  theta  are  greater  than  0  degrees.  Note 
that  no  stress  coupling  occurs  for  the  laminate  [Oj/Os/d  /Oj/Os],  which  will  serve  as  the  baseline  structure  from  which 
to  judge  the  performance  of  the  stress  coupled  designs.  The  amplitude  of  the  midspan  transverse  deflection  was  used 
to  measure  the  response  of  the  plate.  For  each  individual  forced  mode  this  measure  was  normalized  with  respect  to 
the  corresponding  re^nse  of  the  baseline  plate. 

Table  3  shows  the  results  of  the  computations  for  the  first  six  forced  flexural  modes.  In  each  mode  the  struc¬ 
tural  damping  in  seen  to  increase  with  increasing  off-axis  fiber  orientations.  However,  in  spite  of  the  improvement  in 
damping,  the  forced  response  also  increases.  As  in  previous  studies,  this  increased  response  is  attributed  to  the  loss 
in  static  stiffness. 

If  in  the  stress  coupled  (dates,  some  of  the  plies  are  restricted  to  remain  oriented  across  the  width  of  the  plate, 
then  the  loss  of  stiffness  is  minimized.  In  a  previous  work  [12]  laminates  with  ply  specifications  of 
lON/0|ii)-wy-0|io-w/Ow/d'ON/0|i(>-w)/-fl|i»-MA)v]  where  N  ranges  from  I  to  4  were  analyzed.  These  laminates  were 
found  to  have  no  design  advantages.  Another  analytical  snidy  [13]  examined  a  laminate  in  which  the  off-axis  plies 
were  confined  to  the  irmer  sides  of  the  face  sheets.  Favorable  results  were  found  as  will  be  demonstrated  here. 

Consider  a  set  of  plates  with  ply  layu(>s  of  [0,1 -9,1  d  19,19,].  The  dynamic  profieities  of  these  plates  were  com¬ 
puted  (see  Table  4)  and  it  was  found  that  the  structural  damping  increases  with  increasing  off-axis  orientations.  Now 
however,  the  dynamic  res{)onse  decreases  since  the  loss  in  stiffness  is  not  as  great. 

Table  4  also  shows  that  the  best  performance  is  obtained  with  theta  values  of  90  degrees.  This  is  at  first  puz¬ 
zling,  since  cross-ply  plates  in  this  situation  do  not  contain  any  stress  coupling.  The  conclusion  then  is  that  an  effect 
other  than  stress  coupling  is  acting  to  improve  the  sttuaural  (terformancc.  These  im(>rovements  have  been  attributed 
to  compliant  layering. 
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COMPLIANT  LAYERING 

In  the  previous  example,  the  face  sheets  of  the  roost  effective  design  had  inner  plies  that  were  oriented  90 
degrees  from  the  direction  of  the  plate’s  width.  Since  a  ply  of  graphite-epoxy  is  flexible  in  the  directiotts  transverse 
to  the  fibers,  the  inner  plies  of  this  configuration  are  more  compliant  along  the  width  than  the  baseline  design.  This 
type  of  layup  is  called  a  compliant  layered  design  and  studies  of  such  configurations  have  found  interesting  results. 

Compliant  layering  in  a  sandwich  construction  is  defined  as  the  replacement  of  the  inner  sides  of  the  face  sheets 
with  a  material  that  is  less  stiff  than  the  removed  material  The  effea  of  this  replacement  is  to  reduce  the  in-plane 
extensional  sfiffhess  of  the  face  sheets.  This  allows  the  face  sheets  to  undergo  greater  in-pIane  translations.  These 
translations  were  found  to  increase  the  rate  of  core  shearing  which  reduced  the  amplitude  of  the  response  [13]. 

To  demonstrate  the  effect  of  compliant  layering,  a  sandwich  construction  with  metallic  face  sheets  was  exam¬ 
ined  (metallic  face  sheets  were  chosen  to  simplify  the  demonstration  and  to  broaden  the  solution  base).  The  semi- 
infinite  plate  again  served  as  the  analytical  test  structure.  The  plate  has  a  width  of  610  mm  (24  in).  The  face  sheets  of 
the  baseline  structure  are  composed  of  .762  mm  (.030  in)  of  carbon  steel.  The  damping  material  is  ISD-112  with  a 
thickness  of  .051  mm  (.002  in).  The  compliant  layered  plate  has  bimetallic  face  sheets.  The  outside  layer  is  a  carbon 
steel  sheet  with  a  thickness  of  .635  mm  (.025  in)  while  the  inner  layer  is  a  2024  aluminum  sheet  with  a  thickness  of 
.127  mm  (.005  in).  The  aluminum  and  steel  layers  are  assumed  to  be  rigidly  bonded  together.  The  computations 
were  run  for  room  temperature  properties  using  the  previous  analysis  procedure. 

Table  5  shows  the  results  of  the  computations  for  the  first  ten  forced  flexural  modes.  In  each  mode  the  compli¬ 
ant  layer  design  led  to  an  increased  loss  faaor  and  a  reduced  resonant  response.  Note  that  the  compliant  layer  design 
is  1 1%  lighter  than  the  baseline  design.  The  increase  in  resonant  frequency  in  the  lower  modes  is  attributed  to  this 
reduction  in  mass. 

NEW  DESIGNS 

One  of  the  advantages  of  cocuring  damped  composite  parts  is  that  new  designs  are  achievable.  The  ease  of  cut¬ 
ting,  draping  and  intetleafing  uncured  materials  makes  this  possible.  Also,  simple  fabrication  procedures  allow  the 
build-up  of  complex  but  desirable  laminate  architecture. 

As  an  example,  consider  the  "Floating  Layer"  design  shown  in  Ftgure  3.  The  name  comes  from  the  strips  of 
fiber  reinforced  tape  that  are  attached  to  the  ituier  sides  of  Uie  face  sheets  at  only  one  end  of  a  strip.  The  rest  of  the 
strip  extends  ituo  and  is  surrounded  by  the  damping  material.  As  the  face  sheets  deflect  under  transverse  vibration, 
the  floating  layers  will  be  pushed  and  pulled  through  the  damping  material.  This  should  lead  to  additional  shearing  of 
the  damping  material  and  higher  energy  dissipation.  Note  that  floating  layers  can  be  used  to  stress  "dead"  areas  of  the 
damping  layer  such  as  the  midspan  region  of  a  simply  supported  damped  sandwich  beam  vibrating  in  it's  fundamen¬ 
tal  mode. 

Another  design  example  is  a  glass  reinforced  damping  layer.  Preliminary  fabrication  experiments  have  shown 
that  if  a  layer  of  ISD  112  is  placed  on  top  of  a  dry  glass  mat,  then  during  autoclave  processing  the  damping  material 
will  penetrate  the  mat  and  coat  the  glass  fibers.  Additional  experiments  have  shown  that  plies  of  graphite  epoxy  can 
be  added  as  top  and  bottom  face  sheets  to  the  damping  layer  and  the  dry  mat  prior  to  curing.  The  cured  assembly 
was  found  to  remain  intaa.  Future  specimens  of  this  type  will  be  tested  for  stiffness,  suength  and  structural  damping. 
If  the  glass  mat  can  be  prevented  from  binding  the  face  sheets  together,  then  the  damping  layer  wiU  be  properly 
sheared.  In  addition,  the  glass  mat  will  increase  the  stiffness,  possibly  the  strength  and,  by  making  the  stress  fields  in 
the  damping  layer  more  complex,  the  structural  damping. 

CONCLUSIONS 

From  this  body  of  work  several  conclusions  can  be  made: 

1 .  Cocuring  is  a  viable  construction  option  for  the  building  of  damped  primary  (stiffeners  and  structural  shapes) 
and  secondary  (skins)  structure. 

2.  Stress  coupling  and  compliant  layering  offer  design  advantages  in  special  structural  situatioru. 

3.  Internal  architectural  features  can  be  designed  to  promote  the  efficiency  of  damping  applications. 

4.  Damped  advanced  composite  parts  will  be  a  fruitful  area  for  further  research  and  development. 
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TABl.E  1  SUMMARY  OF  TFST  RESULTS  FOR  BEAM  SPECIMENS 
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TABLE  2  SUNfMARY  OF  TEST  RESULTS  FOR  HAT-STIFFENED  PANEL  SPECIMENS 


Measured  Nanifil  Frequencies  and  Modal  Damping  tot  Hat-Siiffened  Panels 
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Note:  (1)  is  the  natural  frequency  ami  T|  ihc  modal  damping  for  the  indicaccJ  mode. 


TABLE  3  RESULTS  Oh  THE  STRESS  COUPLED  PLATE  STLJDY 


TABLE  4  RESULTS  OF  THE  STRESS  COUPLED  PLATE  STUDY 


riouti  s.  Mi*n  or  ’HOaiimo  lATcr-  m»ion 
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ABSTRACT 

This  paper  presents  a  theory  for  the  damping  and  vibration  analysis  of  composite  beams  with  multiple  viscoelas¬ 
tic  damping  layers.  The  doping  layers  are  constrained  (or  sandwiched)  by  anisotropic  laminated  beams.  The 
laminate  theory  for  composite  materials  as  well  as  the  energy  method  are  employed  in  the  analysis.  The  in-plane 
shear  strains  of  the  damping  layers  and  the  constraining  laminated  beams  are  included.  Closed  form  solutions 
are  obtained  for  a  general  composite  beam  with  N  layers  of  damping  material  under  simply  supported  boundary 
conditions.  Numerical  examples  are  presented  for  the  cases  of  single,  double  and  triple  damping  layers  along 
with  a  study  of  the  variation  of  loss  factors  with  structural  parameters  such  as  the  ply  orientation  of  a  laminae  in 
a  certain  constraining  laminated  beam. 

INTRODUCTION 

In  recent  years,  lot  of  research  work  has  been  focused  on  the  analysis  of  anisotropic  laminated  damped  beams 
and  plates.  Tujimota,  et  al  ( 1 )  used  both  experimental  work  and  theory  for  a  sandwich  beam  with  isotropic  face 
plates  to  study  the  damping  characteristics  of  multi-layer  composite  sandwich  plates.  In  some  cases,  especially 
for  anisotropic  case,  their  experimental  results  diverged  a  lot  from  the  numerical  results.  This  discrepancy  was 
attributed  to  the  anisotropicity  of  each  of  the  face  plates.  Mukhopa^yay  and  Kingsbury  12]  pointed  out  that 
when  the  sandwich  plate  undergoes  flexural  deformation,  the  anisotropic  facings  will  not  only  deform  under  nor¬ 
mal  strain,  but  also  undergo  shear  deformation  in  its  own  plane.  This  is  due  to  the  coupling  tetween  the  bending 
and  extensional  motion,  and  also  between  shear  and  extensional  deformation.  The  additional  in-plane  shear 
deformation  in  the  face  plates  will  influence  the  in-plane  shear  deformation  of  the  damping  layer,  which  will  not 
happen  in  conventional  sandwich  beams  with  isotropic  facings.  Also  when  the  beams  or  plates  are  composite 
materials,  the  material  damping  of  the  face  plates  ne^  to  be  included  in  the  analysis.  A  comprehensive  mo^I  to 
predict  the  damping  of  composite  laminated  beams  with  a  single  damping  layer  is  developed  by  Barrett  [3], 

In  this  paper,  the  authors  have  derived  a  comprehensive,  yet  simple  model  to  study  the  dynamic  behavior  of 
multi-damping  layer  composite  beams  with  laminated  composite  constraining  layers.  The  authors  believe  that 
the  dominating  factors  which  affect  the  damping  efficiency  of  the  composite  beam  include  the  shear  deformation 
of  the  damping  layers  both  in  xz-plane  and  in  xy-plane  (in-plane).  In  current  analysis,  the  in-plane  shear  defor¬ 
mations  of  the  damping  layers  as  well  as  that  of  the  constraining  layers  are  included.  The  model  also  shows  why 
the  theory  for  convention^  sandwich  beam  and  plate  doesn’t  work  for  the  case  in  which  the  constraining  layers 
are  anisotropic  beams. 

I.  THEORY 

The  multi-damping  layer  composite  beam  with  laminated  constraining  layers  (beams)  is  shown  in  Figure  1 . 
The  following  basic  assumptions  are  made  in  current  analysis. 

(1)  The  composite  beam  has  unit  width  and  total  length  L  and  has  (2N-1)  damping  layers  and  2N  constraining 
laminated  beams  and  the  i*  laminated  beam  has  N;  layers  of  plies. 

U)  The  composite  beam  is  symmetric  with  respect  to  the  xy-plane  and  is  simply  supported. 

(3)  The  in-plane  (xy  plane)  shear  strain  of  the  damping  layers  and  the  constraining  laminated  beams  as  well  as 
the  extensional  strain  of  the  constraining  laminated  beams  and  the  shear  strain  of  the  damping  layers  in  xz- 
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plane  are  included.  But  the  in-plane  shear  strains  in  the  laminated  beams  and  the  xz-plane  shear  strains  of 
the  damping  layers  are  constant  through  their  thickness. 

(4)  The  extensional  strains  in  the  damping  layers  are  included,  but  only  the  transversely  inertia  of  the  compos¬ 
ite  beam  is  included. 

(5)  The  shear  and  elastic  moduli  of  the  damping  material  is  linear  viscoelastic  and  complex  modulus  approach 
is  used  for  both  the  damping  material  and  the  lamina  material. 

(6)  All  the  o ’s  and  a ’s  of  each  layer  are  zero. 

y  * 
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Figure  1  --  Configuration  of  the  composite  beam  with  multiple  damping  layers 


In  addition,  the  transverse  displacement  w(x,t)  is  assumed  to  be  the  same  for  every  layer  of  the  composite  beam 
as  shown  in  Figure  1.  Also  we  introduce  another  2N  independent  variables  to  describe  the  strain  and  deforma- 

c  c 

tion  field  of  the  whole  system.  Let  be  the  xz-plane  shear  strains  of  damping  layers  C,  to  C^y  respec¬ 


tively  and  7^^*' . be  the  xy-plane  (in-plane)  shear  strains  of  laminated  beams  1  to  layer  N  respectively. 

Due  to  the  symmetry  of  the  composite  beam  with  respect  to  xy-plane,  we  have 
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where  y^^,  i  =  N  +\, 2N  -  1 ,  are  the  xz-plane  shear  strains  of  the  damping  layers  N+1  to  2N- 1  which  locate 
on  the  negative  z  direction  and  y^J^ ,  i  =  /V+  1, ...,  2N,  are  the  xy-plane  shear  strains  of  the  constraining  lami¬ 
nated  beams  N-t-1  to  2N  which  also  locate  on  the  negative  z  direction. 


1.1.  Strain  energy  analysis  of  the  composite  beam 

Since  the  y  and  z  directional  normal  stresses  of  each  layer  are  assumed  to  be  zero,  only  the  displacement  along 
the  X  direction  (axial  direction)  of  the  beam  needs  to  be  defined.  The  longitudinal  displacement  field  of  the  com¬ 
posite  beam  can  be  described  as  follows. 

For  the  i’*'  laminated  beam: 


M,(z,Jt,  0 


(1) 


He 


where  rj.  5  z  S  zj,  +  W,-,  X 

A  =  (  A  =  i  +  I 

Ui(z,x,t)  =  -«2\+i (-z.-r.  0  , «  =  (V-f  l,Af+2 . 2N.  (2) 

The  longitudinal  displacements  of  the  damping  layers  are  approximated  as  constant  through  their  thickness.  For 

damping  layer  C(,  we  have  Me  (x,  r)  =  ^[“,1  ■*■“!+ ll  l.'-c- 


,  ,  /  i  1 

Mc(x,f)  =  (^c-2^c)^- 


N-\ 


I  "c.r; 

k-  i*\ 


for  I  =  1,2,  ...,/V-  1, 


and 


Ue  (x,  f)  = -Hr  (x,  r)  for  I  =  A/+ 1, ....  2N- 1. 


(3) 

(4) 


266 


Through  the  above  displacement  descripdon,  we  can  determine  the  strain  field  of  the  composite  beam.  The 
strain  field  of  the  i***  laminated  beam  corresponding  to  and  can  be  shown  to  be 

£^‘>  (z.  X,  t)  =  z^  -  [y  vi;’  (Jc.  0  =  Yi‘>  (X,  r)  for  i  =  1 . N.  (5) 


and  (-z,  x,  t)  =  (z,  x,  t) .  (x,  r)  = 


'  (x,t)  fori  =  N,  ...,2N. 


c  c  c 

The  strain  field  of  damping  layer  C-  corresponding  to  <3^‘,  and  can  be  shown  to  be 


1  ,,  ^dw 


1  .  .. 


Fii\  N~  1  ;wC, 


■i%  (2.  X,  t)  =  vi; ^  ^  [z  -  (z‘  -  He)  1  (Yi;*  -  Yi; "  ■>  l .  z‘  -  Wc,  <  ^  ^  4.  (8) 

and  Yf;(x,t)  =Y^j(x.t)  for  i  =  1, 2, ...,  Ai- 1.  (9) 

Also,  e^'(x,/)  = -e^“-'(x,r),  y‘;‘(-z,x,t)  = -y^“ -(z.x,  r) ,  Y^;(-z>x,r)  =  y^^‘(z,x,t)  (10) 

fori  =  Ai+ 1, 2A/- 1.  As  for  the  damping  layer  C^,  since  the  middle  surface  of  this  layer  is  the  neutral  sur- 
face,  is  approximated  to  be  zero.  The  shear  strains  of  this  layer  are  given  by 

Y^/  (^.  0  =  Y^j*  (X,  ‘) ,  and  y^^  (z,  x,  t)  =  ^y^Jp  (x,  t) ,  — ^ 

Consider  the  i*  laminated  beam  in  the  positive  z  direction  (i  =  1 , 2, . . .,  iV)  which  has  layers  of  laminae 
and  assume  that  the  angle  between  the  fiber  direction  of  the  j*  layer  and  the  x-axial  direction  is  0  .  For  the 

j*  layer  of  the  i*  beam,  applying  the  stress-strain  formula  relations  (see  reference  5),  we  have 

s"'"’  =  Qli'’  (12) 

Ai.i)  ;-(>,/)  p(i./) 

J-xy  J  [1216  1226  V?66  J  [Sjr 

where  Q\\'^  to  C«  are  the  element  of  the  transformed  reduced  stiffness  matrix  of  the  j***  layer  of  the  i'*'  con¬ 
straining  beam.  Here  =  0  is  assumed.  Then  the  strain  energy  density  of  the  j**’  layer  of  the  i*^  beam  is 

given  by 

{ (Qu  (ij))  (4'’'*)'+ 1  (e66('-y))  (Y‘;^*)'+G,6(<\y)E^'*Yi;’'\  (i3) 

where  G„  (ij)  =  0,6  UJ)  =  0,*^’  -  .  066  UJ)  = 

Qn  G22'*  G22'' 

Then  the  strain  energy  of  the  i**"  constraining  laminated  beam  can  be  integrated  by 

L\  N;  rr".  >,] 

(/(')  =  J  X  J  Vp>Uz  dx  (14) 

oLy=i  J 

for  unit  width  and  1  =  1,  2,  ....IV,  in  which  zj'*  =  z^  and  Zj^‘*  =  z'^  +  H^. 


Due  to  the  symmetry  of  the  composite  beam,  we  can  show  that  t/'*'  =  U 


('■)  _  ,,(2At+l-i) 


fort  =  . IN. 


The  total  strain  energy  contributed  by  the  laminated  beams  then  is  given  by  t/g  = 

i=  1 

The  strain  energy  in  damping  layer  C,,  i  =  1 . iV  -  I ,  can  be  caiculated  from 


where  and  are  the  complex  elastic  and  shear  modulus  of  the  damping  layer. 


The  strain  energy  of  damping  layer  is  given  by 

0 

(C )  (C  ) 

As  for  the  other  N-1  damping  layers,  we  can  show  that  U  ’  =s  1/  for  i  =  N+  1, 2N-  1 .  Then  the 

N-  1 

total  straining  energy  contributed  by  the  2N-1  damping  layers  are  given  by  Ug  =  ^  . 

*  =  1 

Considering  only  the  transverse  inertia,  we  can  find  that  kinetic  energy  of  the  composite  to  be 

(17) 

0 

N-\ 

where  m  =  2p^//yy  +  //^  +  ^2  (p,/f,  +  p^  //^ )  ‘s  the  density  of  the  composite  beam  in  unit  length  and 

"  i=  1 

p^.  and  p^  ,  (  =  1,  2, ....  are  the  lamina  material  and  the  damping  material  densities  respectively. 

Assume  the  energy  dissipated  in  the  composite  beam  is  balanced  by  the  work  done  by  the  external  distribution 
load  q  {x,  t) .  Then  work  done  by  q  (;c,  t)  is  given  by 
L 

W  jq(x,t)w(x,t)dx  (18) 

0 

The  system  differential  equations  of  motion  can  be  retrieved  by  the  application  of  the  Hamilton’s  principle  which 
is  given  by 

ar 

S\[T-(UB  +  Uc)+W]dt  =  0.  (19) 

0 

1.2.  Dgrivation  of  the  frequency  equation 

To  find  the  system  modal  loss  factors  and  resonance  frequency,  we  can  use  the  Ritz  method.  Suppose  the  sim- 
ply  supported  composite  beam  is  under  time  harmonic  vibration.  The  comparison  functions  for  w  {x,  e) ,  and 
y^'^ ,  i  =  1,  2, ...,  N  can  be  written  as 

n  =  1  «  s=  I  rt  =  1 

where  A^,  Cj„,  i  =  1,2 . N  and  n  =  1, 2, ...  are  arbitrary  constants  to  be  determined,  o)  is  the  vibra¬ 

tion  frequency. 

Considering  the  first  n  modes  of  vibration,  we  can  substitute  Eqs.  (20)  into  Eq.  (19)  by  setting  q  (z,  f)  =  0 
and  to  to  be  a  complex  quantity,  i.e.  O)^  =  o)^  ( 1  -i-  iq) ,  where  corresponds  to  the  resonance  frequency  and  q 

corresponds  to  the  modal  loss  factor.  The  variation  of  w,  y^^  and  y^‘^  can  be  carried  on  the  arbitrary  constants 
i4„,  C,.„.  After  some  mathematical  manipulation,  we  obtain  the  following  homogeneous  equations 


*1.  I J  +'^)  *1,2 


,  °\n  0 


I  ...  .  11  '"I  I 

L  *l.2«+l  *2,2n+l  •  *2B  +  l,2n+lJ|^^J  [oj 

where  k-  ■,  i  =  1,2 . 2n  and  j  =  1,2 . 2n  are  constant  coefficients  resulted  from  the  variational  process. 

Let  the  cofactor  of  x,  ^  in  the  coefficient  matrix  be  fC^j  and  let  the  deteiminant  of  fC^  j  be  AAT.  j.  Then  setting 
the  determinant  of  the  coefficient  matrix  of  Eq.  (21)  to  zero,  we  have 

2(1  fl 

[*1. 1  -  ( 1  fq)  1 AAT,  ,  +  £  .  =  0  (22) 

;  =  2 
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First,  numerical  results  are  generated  to  compare  the  present  model  with  Barrett's  model  [3],  The  composite 
sandwich  beam  has  layups  of  which  d  is  the  damping  layer.  Barrett’s  data  are  input  to  our  pro¬ 

gram.  The  least-squares  curve  fitting  method  is  used  to  define  a  six  order  polynomial  to  find  the  shear  modulus  of 
the  SJ  2015X,  Type  112  damping  material  corresponding  to  a  frequency  at  20°  C.  Loss  factors  ri  of  the  compos¬ 
ite  beam  corresponding  to  the  first  three  modes  are  plotted  in  Figure  2.  It  can  be  observed  that  data  resulted  from 
our  model  is  very  close  that  of  Barrett’s  model  for  the  first  mode.  As  for  the  second  and  third  modes,  some  minor 
difference  exists  between  these  two  models  when  the  ply  angle  varies  from  10  degrees  to  60  degrees.  Figure  3 
plots  the  normalized  resonance  frequency  of  the  first  three  modes  versus  the  ply  angle  0,  from  which  we  can  see 
that  the  ply  angle  doesn’t  seem  to  affect  the  stiffness  of  the  composite  beam.  It  could  be  due  to  the  fact  that  those 
plies  with  angle  0  are  close  to  the  neutral  surface  and  the  total  number  of  these  plies  are  only  half  of  all  the  plies 
with  zero  ply  angle.  So  changing  the  ply  angles  of  the  inner  layers  can  enhance  the  damping  capacity  of  the 
sandwich  composite  beam  without  significantly  reducing  the  stiffness  of  the  composite  beam. 


0M10]04aMHnMM  tioao  WMIoni  UN 


Tlwto  (d*gra*)  ttiita  (d*grM) 

Figure  2.  Comparison  of  T]  of  present  model  Figure  3.  Variation  of  resonance  frequency  with 

with  Barrett’s  model  ply  angle  in  current  modd 


Th^  (dagru)  lhala  (dagru) 

Figure  4.  Variation  of  t|  with  the  ply  angle  Figure  5.  Variation  of  with  the  ply  angle  of  the 
0  of  the  central  beam  inner  two  layers  of  two  outer  beams 

Next,  consider  the  case  of  double  damping  layer  composite  beams  which  have  laminate  code  of  Og/d/04  /dAle 
and  /d/0204.  Each  lamina  has  the  same  geometrical  and  mechanical  properties  as  that  in  Barrett’s 

model,  and  the  3M ISD- 1 1 2  damping  material  is  chosen.  The  formulae  for  calculating  the  shear  storage  modulus 
G'c  iT,f)  and  material  loss  factor  t|^  {T,f)  of  the  damping  material  corresponding  to  a  frequency  /  and  envi¬ 
ronmental  temperature  T  can  be  referred  from  reference  (4].  Figure  4  (laminate  code  Oe/d/64  /d/Og )  and  Figure 
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5  (laminate  code  /d/0204)  show  the  variation  of  modal  loss  factor  Ti  of  the  composite  beam  with  0  for 

the  first  four  modes  at  7"  =  20°.  Numerical  results  shows  that  although  increasing  the  ply  angle  of  the  central 
beam  or  the  that  of  the  two  inner  layers  of  the  two  outer  beams  can  increase  the  increase  of  t\  with  the  ply 
angle  of  the  two  inner  layers  of  the  top  and  bottom  beams  is  more  significant  as  can  be  observed  from  Figure  5. 
It  is  obvious  that  the  ply  angle  of  the  central  beam  and  that  of  the  two  outer  beams  have  different  effect  in  chang¬ 
ing  the  modal  loss  factor  of  the  double  damping  layer  composite  beam. 

Numerical  example  of  the  triple  damping  layer  composite  beam  is  also  studied.  Again  each  lamina  and  the 
damping  material  is  kept  as  the  same  above.  Figure  6  and  Figure  7  show  the  composite  beam  loss  factor  versus 

0  for  two  different  layups  and  O402/d/O2/d/O2/d/02O4  at  7"  =  20°  respectively.  It  can  be 

observed  that  both  the  ply  angle  of  the  two  inner  beams  (corresponding  to  layups  and  those  of 

the  two  outer  beams  (corresponding  to  layups  O402/d/O2/dA)2/d/02O4)  have  significant  effect  on  the  modal  loss 
factor.  It  is  interesting  to  observe  that  T)  of  the  first  mode  decreases  with  0  in  Figure  6. 


Figure  6.  Variation  of  t]  with  the  ply  angle  Figure  7.  Variation  of  t)  with  the  ply  angle  of  the 
0  of  the  two  inner  beams  inner  two  layers  of  beam  1  and  beam  4 

Further  parametric  study  will  be  conducted  in  the  future  to  observe  the  effects  of  the  different  damping  mate¬ 
rials,  operating  temperature,  thickness  of  damping  layers  on  the  modal  loss  factor  of  the  composite  beam.  Also, 
effects  of  different  layups  of  a  composite  beam  with  same  number  of  damping  layers  on  the  modal  loss  factor  of 
the  composite  beam  will  also  be  studied.. 

ni.  CONCLUSION 

This  paper  describes  a  comprehensive  vibration  analysis  of  laminated  composite  beams  that  incorporate  mul¬ 
tiple  viscoelastic  damping  layers.  The  location  of  damping  layers  are  chosen  to  maximize  the  energy  dissipation 
capacity  and  thus  damping  of  the  beam  system.  Laminated  composite  beam  theory,  Hamilton's  principle  and 
Ritz  method  are  utilized  to  develop  equations  for  predicting  the  system  natural  frequencies  and  modal  loss  fac¬ 
tors  of  simply  supported  beams  in  closed  form.  Numerical  results  for  the  case  of  single,  double  and  triple  damp¬ 
ing  layers  show  that  changing  the  ply  angles  of  the  laminae  in  the  inner  beams  or  near  to  the  symmetric  plane  of 
the  composite  beam  may  benefit  the  damping  capacity  without  losing  the  stiffness  of  the  composite  beam.  Opti¬ 
mal  ply  angles  of  the  laminas  of  a  composite  beam  with  multi-damping  layers  can  be  found  to  get  maximum 
modal  loss  factor  for  certain  damping  material  and  environmental  temperature  using  the  above  analytical  model. 

REFERENCES 

1.  Tujimoto,  J.,  et  al,  “Mechanical  Properties  for  CFRP/Damping-Material  Laminates,”  Paper  presented  at  the 
International  Clonference  on  Composite  Materials,  July,  1991,  Honolulu,  Hawaii. 

2.  Mukhopadhyay,  A.  K.,  and  Kingsbury,  H.  B.,  “On  the  Dynamic  Response  of  A  Rectangular  Sandwich  Plate 
with  Viscoelastic  Core  and  Generally  Orthotropic  Facings,"  J.  Sound  and  Vibration,  Vol.  47,  NO.  3, 1976,  pp. 
347  -  358. 

3.  Barrett,  D.  J.,  “An  Anisotropic  Laminated  Damped  Plate  Theoty,”  NADC-90066-60,  1990. 

4.  Vibration  Damping  Short  Course  Notes,  University  of  Dayton  Research  Institute,  Dayton,  Ohio, 

5.  Jones,  R.  M.,  “Mechanics  of  Composite  Materials,”  Hemisphere  Publishing  Company,  1980. 


270 


SECOND  INTERNATIONAL  CONGRESS  ON 
RECENT  DEVELOPMENTS  IN  AIR-  AND 
STRUCTURE-BORNE  SOUND  AND  VIBRATION 

MARCH  4-6  199?  AUBURN  UNIVERSITY  USA 


FUNDAMENTAL  STUDY  ON  DEVELOPMENT  OF 
HIGH-DAMPING  STRUCTURAL  CABLE 


Hiroki  Yamaguchi  and  Rajesh  Adhikari 
Division  of  Structural  Engineering  and  Construction 
Asian  Institute  of  Technology 
GPO  Box  2754,  Bangkok  10501 
Thailand 


ABSTRACT 

The  modal  damping  of  structural  cables  is  conceived  to  be  increased  by  using  a  damping  treatment.  An 
attempt  is  made  to  analytically  estimate  the  modal  damping  of  a  composite  Parallel-Wire-Strand  Cable  which 
is  to  be  made  by  introducing  some  viscoelastic  material  between  strands  and  the  outer  cover  pipe.  The  effect 
of  such  damping  treatment  on  the  modal  damping  is  discussed  in  terms  of  energy  loss  factors  in  axial  and 
bending  deformations.  It  is  found  that  the  magnitude  of  the  bending  loss  factor  is  higher  than  that  of  the  axial 
loss  factor  and  hence  the  contribution  of  the  bending  loss  factor  to  the  modal  damping  can  be  significant.  The 
possibility  of  developing  structural  cables  with  high  damping  performance  is  finally  discussed. 

INTRODUCTION 

The  use  of  viscoelastic  layer  as  a  mean  to  increase  energy  loss  in  plates  under  flexural  vibrations  is 
frequently  encountered  in  the  acoustic,  mechanical  and  aerospace  engineering  fields  [1,  2].  Viscoelastic 
materials  in  this  damping  treatment  are  found  to  dissipate  energy  when  subjected  to  alternating  stresses  through 
the  disruption  of  the  molecular  bonds  of  their  long  chain  molecules.  A  similar  treatment  when  applied  to 
structural  cables  may  also  be  expected  to  yield  higher  amount  of  energy  loss  in  them  and  thereby  increasing 
damping  in  the  structural  cables.  If  such  a  treatment  is  found  to  be  effective  then  external  devices  like  oil 
dampers  or  cable-tie  systems,  which  arc  present-day-practice  [3j,  would  be  unnecessary  in  order  to  reduce 
wind-induced  cable  vibrations  in  cable  stayed  bridges.  Since  the  treated  damping  will  inherently  be  associated 
with  the  cable,  the  effectiveness  would  be  wider  ranged  than  the  external  damping  devices. 

In  the  present  paper,  the  possibility  of  developing  a  high-damping  structural  cable  by  utilizing  high 
strength  of  steel  and  high  energy  dissipation  characteristics  of  some  viscoelastic  materials  is  investigated. 
Since  the  prefabricated  strand  cables,  such  as  New-PWS  (Nippon  Steel  Corporation)  or  Hi-Am  cable  (BBR), 
have  a  thin  outer  cover  pipe  for  the  protection  of  strands  against  environmental  effects,  some  viscoelastic 
material  might  be  introduce  between  strands  and  the  outer  cover  during  their  fabrication  process.  An  attempt 
is  made  to  analytically  estimate  the  loss  factor  of  a  composite  parallel-wire-strand  (PWS)  cable  which  is  made 
by  introducing  some  viscoelastic  material  in  between  the  gaps  left  by  the  strands  and  also  between  strands  and 
the  outer  cover  pipe.  Here  the  loss  factor  is  defined  as  the  ratio  of  the  dynamically  dissipated  energy  to  the 
elastic  energy  stored  per  cycle  and  is  conveniently  represented  by  the  coefficient  of  the  imaginary  part  of  the 
complex  stiffness.  It  is  assumed  in  the  analysis  that  the  introduction  of  viscoelastic  material  in  the  gaps  does 
not  alter  the  strand  configuration  and  hence  the  damping  characteristics  of  the  original  cable.  Only  the 
additional  damping  due  to  the  introduction  of  viscoelastic  material  is  discussed. 

DAMPING  TREATMENT  IN  STRUCTURAL  CABLE 

Composite  Cable 

The  cross  section  of  a  typical  prefabricated  PWS  Cable  is  shown  in  Fig.  l.(a).  This  type  of  cable  is 
provided  with  an  outer  cover  pipe,  usually  made  of  polyethylene,  which  protects  the  inner  strands  against  the 
environmental  effects.  In  this  paper,  viscoelastic  material  is  to  be  introduced  between  the  strands  and  the  outer 
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cover  pipe  in  order  to  increase  the  vibration  damping  of  the  cable.  The  outer  cover  pipe  in  such  cables  with 
the  damping  treatment  can  act  as  so  called  constraining  layer  to  the  viscoelastic  layer  inside  and  the  properties 
of  the  outer  cover  is  also  to  be  changed.  The  schematic  diagram  of  such  a  cable,  hereafter  termed  as  composite 
cable,  is  shown  in  Fig.  l.(b) 


Tco 

Tv 


Outer  Cover 
(Constraining  Layer) 

Viscoelastic  Layer 

Suands  with 
Viscoelastic  Material 


(a)  Typical  Prefabricated  Cable 


(b)  Composite  Cable 


Fig.  1  Cross  Section  of  Structural  Cable. 


Modal  Damning  in  Composite  Cable 

The  total  potential  ener^  U  associated  with  a  cable  under  flexural  vibration  may  be  attributed  to  the 
sum  of  potential  energy  of  initial  tension  U„  the  strain  energy  due  to  the  axial  deformation  U,  and  the  strain 
energy  due  to  the  bending  deformation  f/^.  Of  all  these  energies,  the  contribution  of  the  initial  tension  is 
dominant  in  the  case  of  cable  and  the  contribution  of  strain  energy  of  axial  and  bending  deformation  can  be 
generally  neglected,  i.e. 


U  =  l/,  +  t/.  +  f/,  =  U.  (1) 

As  for  the  energy  dissipation  D  in  the  ordinary  cable,  it  has  been  found  that  the  major  source  of 
damping  energy  is  the  energy  dissipated  in  axial  deformation,  £».  (4].  The  energy  dissipated  in  bending 
deformation,  D^,  however,  may  not  be  negligible  in  the  case  of  the  above  mentioned  composite  cable  and  hence 
the  energy  dissipation  of  composite  cable  is  assumed  to  have  two  sources.  Using  energy  loss  factors  T|,  and 
n*  associated  with  both  of  the  deformational  modes,  the  total  dissipated  energy  can  be  represented  by 


D  =  D,  +  D,  =  2jt(n,t/,  +  Ti.U,) 


(2) 


Therefore  the  modal  damping  ratio,  which  is  defined  as  the  ratio  of  the  damping  energy  to  the  potential 
energy,  is  obtained  for  the  flexural  vibration  in  the  composite  cable  as 


4 


D 

4kU 


2(t// 


(3) 


Since  all  of  the  potential  energies  can  be  estimated  analytically  by  using  the  calculated  mode  shape,  it  is 
essential  to  estimate  two  kinds  of  loss  factor  of  the  composite  cable,  i.e.  the  loss  factor  in  axial  deformation 
T|„  and  the  loss  factor  in  bending  deformation  t)^,  for  discussing  the  effectiveness  of  the  damping  treatment 
based  on  the  modal  damping  ratio  of  Eq.  (3). 

LOSS  FACTOR  OF  COMPOSITE  CABLE  IN  AXIAL  DEFORMATION 

Analysis 

In  the  present  analysis  of  the  composite  cable  with  regular  hexagonal  arrangement  of  strands  the 
following  assumptions  are  introduced  : 

a)  The  lay  angles  of  the  strands  are  quite  small  and  can  be  neglected.  This  assumption  is  justifiable 
because  the  lay  angle  of  the  outermost  strand  in  a  PWS  Cable  is  only  about  3.5°  (5,  6]. 

b)  The  introduction  of  viscoelastic  material  and  the  modification  of  the  cover  pipe  do  not  affect  on  the 
configuration  of  the  strand  cable. 

c)  The  strands  and  the  outer  cover  are  treated  to  be  nondissipative.  Only  the  additional  damping  due  to 
the  damping  treatment  of  viscoelastic  material  is  considered. 

d)  The  bond  between  strands  and  viscoelastic  fiiaments,  and  the  bond  between  the  viscoelastic  layer  and 
the  outer  cover  are  perfect.  There  is  no  relative  slip  at  the  interfaces. 
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Suppose  the  composite  cable  is  subjected  to  axial  loading  P,  the  total  axial  load  is  then  to  be  taken  by 
three  parts  of  the  composite  cable  in  Fig.  1(b);  the  part  of  strands  with  viscoelastic  material,  the  viscoelastic 
layer  and  the  outer  cover  pipe  or  the  constraining  layer.  Considering  the  compatibility  condition  of  equal  axial 
strains  in  three  parts  of  the  cable  in  Fig.  1(b),  one  can  easily  obtain  the  equivalent  axial  stiffness  EA  of  the 
composite  cable,  which  is  nondimensionalised  by  the  stiffness  of  the  original  untreated  cable  (EA)^^,„  as 


EA 


+ 


{4ex(t,+  l)  +  4c„t,„(4„  +  2t.+  1)} 


(1+2.M^ 
\+3N  +  -iN\ 


(4) 


where  the  following  nondimensional  parameters  are  introduced: 


i5.a.b,c,d) 


£„,  £„  and  E^^,,  are  Young’s  moduli  of  viscoelastic  layer,  the  outer  cover  and  the  cable  (2.0x10"  N/m^ 
assumed),  respectively,  d  is  the  diameter  of  original  cable  as  defined  in  Fig.  1(a)  without  damping  treatment. 
7,  and  7„  are  thickness  of  the  viscoelastic  layer  and  the  thickness  of  the  outer  cover  both  of  which  are  shown 
in  Fig.  1(b).  N  in  Eq.  (4)  is  the  number  of  strand  layers  in  the  cable. 

The  possible  range  of  the  Young’s  modulus  ratio  of  the  viscoelastic  material  e,  is  estimated  to  be  from 
5xl0‘  to  2.5x10'^  by  considering  the  Young's  modulus  of  some  commonly  available  viscoelastic  materials, 
which  can  be  estimated  to  be  in  the  range  of  IxlCT"  N/m^  to  SxlO’N/m^  (see  Appendix),  whereas  the  modulus 
ratio  of  the  cover  material  c„can  be  made  to  have  any  value  between  0.005  (for  some  epoxy  resins)  and  1.0 
(for  steel  pipe).  As  for  the  ranges  of  thickness  ratios  of  both  of  the  added  layers,  i.e.  t„  and  t„,  these 
nondimensional  parameters  can  not  be  more  than  0.1  to  0.2  because  of  practical  constraints.  Furthermore,  it 
is  mathematically  evident  that  the  term  in  brackets  containing  At  in  Eq.  (4)  is  insensitive  to  the  value  of  A 
and  can  be  of  the  order  of  one.  Therefore,  the  second  term  of  Eq.  (4)  can  be  considerably  small  and  the 
nondimensional  equivalent  axial  stiffness  given  by  Eq.  (4)  is  close  to  1 . 

With  this  characteristics  of  the  equivalent  axial  stiffness,  introducing  the  complex  modulus 
£‘  =  E„(1  +iriJ  for  the  viscoelastic  material  and  separating  real  and  imaginary  parts  gives  the  approximate 
expression  for  the  equivalent  axial  loss  factor  of  the  composite  cable,  nondimensionalised  by  the  loss  factor  of 
the  viscoelastic  material,  as 


Tlv 


ej{4e, -t/r,  +  1)  + 


1} 


(1+2N)' 

1  +  .W  +  3A/\ 


(6) 


Possible  Magnitude  of  Axial  Loss  Factor 

In  view  of  the  insensitivity  of  the  term  containing  N  in  Eq,  (6),  the  equivalent  axial  loss  factor  of  the 
composite  cable  is  affected  only  by  the  parameters  associated  with  the  viscoelastic  layer,  i.e.  the  Young’s 
modulus  ratio  of  the  material  e^  and  the  thickness  ratio  l„. 


Modulus  Ratio  of 
Viscoelastic  Material  e. 


Fig.  2  Axial  Loss  Factor  versus  Young’s  Modulus  Ratio  for  Different 
Thickness  Ratio  t,  of  Viscoelastic  Layer. 


In  order  to  investigate  the  axial  loss  factor  quantitatively,  the  effect  of  the  modulus  ratio  of  the 
viscoelastic  layer  on  the  axial  loss  factor  ratio  of  composite  cable  is  shown  in  Fig.  2  for  different  values  of 
thickness  ratio  of  the  viscoelastic  layer.  As  can  be  seen  in  Fig.  2.  the  axial  loss  factor  of  composite  cable  is 
greatly  influenced  by  the  modulus  of  viscoelastic  material  while  the  thickness  does  not  affect  much  on  the  loss 
factor.  It  can  be  estimated  from  Fig.  2  that  a  moderate  value  of  e,  =  5x10  ‘  and  t),  =  1.0  with  r,  =  0,05  for  the 
viscoelastic  layer  would  give  us  a  loss  factor  of  about  3x10  *  which  is  very  small.  However,  if  e,  is  increased 
to  say  2.5xl0’  and  f,  to  0.1  then  the  expected  loss  factor  can  be  about  2x10^  which  would  give  a  modal 
damping  equal  to  1  percent  of  the  critical  damping  (^  =  11/2  =  0.01). 

Therefore,  it  can  be  concluded  here  that  viscoelastic  material  with  higher  Young’s  modulus  and  higher 
loss  factor  is  preferable  in  order  to  get  larger  axial  loss  factor  in  composite  cable. 

LOSS  FACTOR  OF  COMPOSITE  CABLE  IN  BENDING  DEFORMATION 

Analysis 

In  case  of  bending  deformation,  the  composite  cable  is  modelled  as  a  central  rod  (for  the  strand  cable) 
placed  inside  laminated  cylindrical  shells  (for  the  viscoelastic  layer  and  the  outer  cover)  with  radii  equal  to  Ri 
and  Rj  (Fig.  3(a))  and  this  model  of  composite  cable  subjected  to  pure  bending  as  shown  in  Fig.  3(b). 
Timoshenko  type  shell  theory  is  applied  [7]  only  to  the  viscoelastic  layer  in  order  to  take  into  account  of  the 
shear  deformation  in  the  viscoelastic  layer  whereas  the  shear  deformations  in  the  central  rod  and  in  the  outer 
cover  are  neglected.  Following  assumptions  are  made  here  in  addition  to  the  previous  assumptions  on  the 
axial  deformarion: 


Viscoelastic  Layer  !  Outer  Cover 

1  / 


(a)  Cross  Section  (b)  Applied  Moment  (c)  Strain  Profile 


Fig.  3  Composite  Cable  in  Bending. 


aj  The  shear  deformation  is  taken  into  account  oniy  in  the  viscoelastic  layer.  This  assumption  is 
justifiable  for  the  case  of  a  viscoelastic  layer  which  has  modulus  of  elasticity  lower  than  those  of  the  central 
rod  and  the  outer  cover  material. 

b)  There  is  no  radial  deformation  in  the  shell  walls  because  of  the  high  rigidity  of  the  central  solid  rod 
and  perfect  bond  at  the  interfaces. 

c)  The  loss  factor  of  the  strands  with  viscoelastic  filaments  in  the  gaps  is  neglected. 

The  applied  bending  moment  is  again  to  be  carried  by  three  parts  of  the  composite  cable;  the  central 
rod,  the  viscoelastic  layer  and  the  outer  cover.  The  bending  moment  carried  by  each  part  can  be  evaluated  by 
considering  the  bending  stress  distribution  in  each  part  which  is  obtained  from  the  strain  profile  as  shown  in 
Fig.  3(c).  Thus  obtained  total  Ending  moment  is  a  function  of  the  curvature  and  the  shear  deformation,  and 
the  equivalent  bending  stiffness  of  the  composite  cable  can  be  defined  as  the  ratio  of  the  bending  moment  to 
the  curvatures.  After  some  manipulations,  the  equivalent  stiffness  of  the  composite  cable,  nondimensionalised 
by  the  bending  stiffness  of  the  cable  without  damping  treatment,  is  easily  derived  as 
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where  ((i  and  \|r  are  the  deflection  angle  and  the  shear  deformation  as  defined  in  Fig.  3(c)  and  the  bending 
stiffness  of  cable  (EI)cm.  is  taken  to  be  equal  to  the  bending  stiffness  of  a  rod  of  diameter  d.  The  first  three 
terms  in  Eq.  (7)  account  for  the  bending  stiffnesses  of  the  central  rod,  viscoelastic  layer  and  the  outer  cover, 
respectively,  and  the  last  two  negative  terms  are  the  reduction  in  l  ending  stiffness  due  to  the  shear  deformation 
in  the  viscoelastic  layer. 

In  order  to  specify  the  relation  between  the  shear  angle  y  and  the  deflection  angle  $,  it  is  assumed,  same 
as  the  case  of  laminated  plate  [1],  that  both  the  added  layers  and  the  central  rod  experience  the  same  sinusoidal 
flexural  vibration.  Since  the  shear  strain  in  the  viscoelastic  layer  is  to  be  caused  by  the  net  force  increment  in 
the  outer  cover  layer,  the  following  relation  is  derived  after  some  manipulations  [8,  9): 


9\|r  d\|/  d(|) 

3<ti  LdxJLdicJ  1+g 


(8) 


The  nondimensional  parameter  g  in  Eq.  (8)  is  termed  as  shear  parameter  and  is  defined  as 


(9) 


where  G.  is  the  shear  modulus  of  the  viscoelastic  layer  and  p  is  the  wave  number  which,  in  case  of  cables 
with  mode  number  n  and  length  L,  is  given  by 


p  =  nrVL  (10) 

The  characteristics  of  the  equivalent  stiffness  in  Eq.  (7)  with  Eqs.  (8~  10)  is  investigated  by  estimating 
the  possible  ranges  of  each  of  parameters.  The  ranges  of  f,and  r„  remain  same  as  in  the  case  of  axii 
deformation.  The  range  of  G,  can  be  approximated  to  be  equal  to  that  of  E,  which  was  discussed  earlier 
{Appendix).  Therefore,  for  cables  with  the  mode  number  n  equal  to  1  to  5  and  the  diameter  equal  to  about  1 
percent  of  the  cable  length,  the  range  of  the  shear  parameter  g  is  estimated  to  be  IxlO'^  to  IxlO’.  For  this 
range  of  g  and  the  ranges  of  «„  e„,  f,  and  f„,  it  can  be  shown  that  the  stiffness  ratio  of  composite  cable  as 
defined  by  Eq.  (7)  can  be  approximately  equal  to  1. 

With  this  approximation,  the  bending  loss  factor  of  the  composite  cable  can  now  be  determined  as 
follows  by  substituting  complex  elastic  moduli.  £,  and  G„  of  the  viscoelastic  layer  and  assuming  the  same 
loss  factors  for  the  shear  modulus  and  Young’s  modulus. 

T|t  =  (a,  -  Oj  +  a3)Ti,  (11) 

where 
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c.((l+20'  - 

1) 
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8e„f„  (l+2f,  +  r„)'  + 

V 

yj(l+2r.  +  r„)^^_^^^,  +  (gTi.)^ 

(12.C) 

The  first  term  in  the  bracket  in  Eq.  (11)  is  the  contribution  to  the  total  equivalent  bending  loss  factor 
due  to  the  bending  of  the  viscoelastic  layer,  the  second  negative  term  is  due  to  the  interaction  of  bending  and 
shear  deformation  in  the  viscoelastic  layer  and  the  third  term  is  due  to  the  shear  in  viscoelastic  layer  caused 
by  the  outer  cover. 

le  Magnitude  of  Loss  Factor  in  Bending  Deformation 

It  is  seen  from  Eq.  (11)  that  the  equivalent  bending  loss  factor  Tit  of  the  composite  cable  is  roughly 
proportional  to  the  loss  factor  of  the  viscoelastic  material  although  there  are  small  contributions  of  nonlinear 
terms  of  ti,  in  Eqs.  (12.b,c). 

The  effect  of  the  properties  of  the  viscoelastic  layer  on  the  equivalent  bending  loss  factor  Tit  can  be 
depicted  in  Figs.  4  and  5.  Fig.  4  shows  the  effect  of  Young's  modulus  of  viscoelastic  material  e,  on  bending 
loss  factor  and  Fig.  5  shows  the  effect  of  thickness  of  viscoelastic  layer  f,  on  bending  loss  factor.  In  both  of 
the  Figs.  4  and  5  the  bending  loss  factor  is  plotted  versus  the  shear  parameter  g  which  is  ranged  within  a 


275 


previously  discussed  values.  The  presence  of  a  peak  value  of  loss  factor  is  clearly  observed  in  both  of  the 
figures  and  the  bending  loss  factor  is  much  dependent  on  the  shear  parameter.  Moreover,  it  is  found  from  these 
two  figures  that  the  maximum  bending  loss  factor  is  not  affected  significantly  by  the  modulus  and  thickness 
of  the  viscoelastic  layer,  instead  the  bending  loss  factor  is  found  to  go  through  a  maximum  value  as  a  function 
of  shear  parameter  g. 

Since  the  deformation  in  the  viscoelastic  layer  is  primarily  shear  deformation,  the  effect  of  the  properties 
associated  with  the  outer  cover,  i.e.  its  modulus  ratio  and  thickness  ratio  t„,  would  have  greater  effect 
on  the  equivalent  bending  loss  factor.  Therefore  the  effect  of  the  properties  of  the  outer  cover  on  maximum 
bending  loss  factor  T|k  „„  is  next  discussed.  Fig.  6  gives  the  maximum  value  of  the  bending  loss  factor  which 
can  be  obtained  for  the  case  of  e,  =  5xl0  ‘,  r.  =  0.05  and  q,  =  1.0.  It  is  found  from  Fig.  6  that  the  maximum 
bending  loss  factor  can  be  increased  by  increasing  either  or  or  both.  For  example,  if  f„  =  0.01  then 
for  €„  =  0.005  a  loss  factor  of  the  order  of  1x10°  is  obtained  whereas  for  the  same  value  of  the  expected 
loss  factor  increases  to  0.02  when  e„  is  increased  to  1.  Suppose  t„  is  also  increased  to  0.05  then  the  expected 
loss  factor  can  be  about  0. 1  which  would  give  us  a  modal  damping  (for  the  case  of  bending  only)  equal  to  5 
percent  of  critical  damping. 


Fig.4  Bending  Loss  Factor  versus  Shear 
Parameter  for  Different  Modulus  of 
Viscoelastic  Layer. 

(/,  =  0.05,  q.  =  1.0,  l„  =  0.05,  e„  =  0.005) 


Fig.5  Bending  Loss  Factor  versus  Shear 
Parameter  for  Different  Thickness  of 
Viscoelastic  Layer. 

(e.  =  5x10^  q.  =  1.0,  =  0.05,  e„  =  0.005) 


Outer  Cover  Thickness  Ratio 

Fig.6  Maximum  Loss  Factor  with  modulus  and  thickness  of  outer  cover. 
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Therefore,  ii  can  be  concluded  from  above  discussions  that  the  equivalent  bending  loss  factor  is 
affected  significantly  by  three  major  factors;  loss  factor  of  the  viscoelastic  material,  the  shear  parameter  and 
the  properties  of  the  outer  cover.  The  dependency  of  the  bending  loss  factor  on  the  loss  factor  of  the 
viscoelastic  material  is  roughly  propordonid,  whereas  the  maximum  bending  loss  factor  (obtained  under  the 
condition  of  optimum  shear  parameter)  can  be  increased  by  increasing  either  the  Young’s  modulus  of  the  outer 
cover  or  thiclmess  of  the  outer  cover  or  both. 

ODtimum  Shear  Parameter  and  Maximum  Loss  Factor 

The  presence  of  optimum  shear  parameter  g,  for  which  the  loss  factor  in  bending  deformation  is 
maximum,  was  discussed  above  and  also  it  was  found  that  the  maximum  loss  factor  in  bending  deformation 
is  not  affected  by  the  modulus  ratio  e,  and  thickness  ratio  t,  of  the  viscoelastic  layer.  Theiefore  an  approximate 
expression  for  the  maximum  loss  factor  can  be  obtained  by  neglecting  the  effect  of  viscoelastic  layer  on  the 
loss  factor  of  the  composite  cable  as 

=  o^'n. 
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with  the  following  optimum  value  of  the  shear  parameter  which  is  determined  by  setting  dr)/dg=0. 
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The  accuracy  of  above  formula  was  checked  numerically  and  was  found  to  be  satisfactory. 

POSSIBILITY  OF  DEVELOPING  HIGH-DAMPING-CABLE 

It  was  found  in  the  above  two  sections  that  for  a  composite  cable  with  e,  =  5xl0‘,  r,  =  0.05,  tj,  =  1.0 
and  e„  =  0.005,  the  axial  loss  factor  T|.  is  equal  to  3xl0‘  while  the  bending  loss  factor  1)^  can  be  6x10“*.  That 
is,  the  magnitude  of  the  bending  loss  factor  for  the  composite  cable  is  found  to  be  greater  than  the  axial  loss 
factor  whereas  the  bending  loss  factor  of  ordinary  cable  is  generally  negligible.  Therefore  the  damping  caused 
by  bending  loss  factor  may  not  be  negligible  in  case  of  composite  cables.  Since  the  contribution  of  the  bending 
loss  factor  to  the  modal  damping  of  the  composite  cable  depends  on  the  ratio  of  the  bending  strain  energy  Ut 
to  the  potential  energy  of  initial  tension  U,  as  shown  in  Eq.  (3),  a  further  study  on  the  damping  analysis  [10] 
of  the  composite  cable  is  hence  needed  in  order  to  estimate  the  effectiveness  of  such  type  of  damping  treatment 
on  modal  damping  of  structural  cable. 

Based  on  above  discussions,  it  can  be  said  that  there  is  a  possibility  of  increasing  the  modal  damping 
of  the  usual  structural  cables  by  giving  them  a  damping  treatment  as  outlined  in  present  paper. 

CONCLUDING  REM'XKS 

The  magnitude  of  energy  loss  factor  of  a  composite  structural  cable,  which  is  made  by  introducing 
viscoelastic  material  in  between  strands  and  the  outer  cover  of  a  Parallel-Wire-Strand  (PWS),  was  investigated 
analytically.  Two  modes  of  deformations,  i.e.  axial  and  bending  deformations,  were  considered.  The  brief 
conclusions  obtained  through  the  present  study  are  summarized  as  follows  : 

1)  Effect  of  viscoelastic  layer,  i.e.  its  modulus  and  relative  thickness,  has  a  significant  effect  on  the  a''ial 
loss  factor  whereas  its  effect  on  bending  loss  factor  is  not  significant  and  can  be  neglected. 

2)  The  loss  factor  in  bending  deformation  can  be  greater  than  the  loss  factor  in  axial  deformation.  This 
means  that  the  energy  loss  caused  by  bending  may  play  an  important  role  in  the  damping  of  the  composite 
cable. 

3)  There  is  an  optimum  value  of  shear  parameter  for  which  the  bending  loss  factor  is  maximum. 

4)  The  loss  factor  in  bending  deformation  can  be  increased  by  increasing  either  the  Young’s  modulus 
or  thickness  of  the  outer  cover  or  both. 

Increased  bending  loss  factor  may  increase  the  modal  damping  of  the  composite  cable  and  hence  a  new 
type  of  cables  with  superior  damping  performance,  i.e.  High-Damping  Cables,  may  be  developed,  while 
further  study  on  the  damping  analysis  of  the  composite  cable  are  next  to  be  done. 
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APPENDIX 

The  elastic  and  the  damping  properties  of  commonly  available  viscoelastic  materials  for  damping 
treatments  are  given  in  References  [11]  and  [12].  The  relations  between  Young’s  and  shear  moduli  and  the 
corresponding  loss  factors  are  summarized  for  various  viscoelastic  materials  in  Figs.  A(a)  and  A(b).  The 
figures  were  obtained  by  using  the  data  in  the  references  with  the  conditions  of  temperature  of  20°  C  and  the 
frequency  of  10  Hz  which  are  reasonable  for  the  vibration  problems  of  structural  cables. 


Young’s  Modulus  (N/m’)  Shear  Modulus  (N/m’) 


(a)  Young’s  Modulus  and  its  Loss  Factor  (b)  Shear  Modulus  and  its  Loss  Factor 

Fig.  A  Elastic  and  Damping  Properties  of  Viscoelastic  Materials 
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ABSTRACT 

For  many  years,  viscoelastic  materials  have  been  used  in  damping  treatments  to  control  vibration.  To  optimize 
a  design,  the  designer  must  predict  frequencies  and  loss  factors  as  a  function  of  design  parameters.  Models  of 
layered  beams  have  been  developed,  but  to  date,  analytical  solutions  have  assumed  boundary  conditions  to  be  the 
same  for  all  layers. 

Solutions  to  equations  of  motion  of  a  layered  beam  are  presented  which  permit  each  elastic  layer  to  have  its 
own  boundary  conditions.  The  equations  are  .solved  for  the  longitudinal  displacement  of  both  elastic  layers,  as 
well  as  the  lateral  displacement  of  the  composite  beam.  Results  of  test  cases  verify  the  equations  against  known 
.solutions,  and  illustrate  the  effect  of  mixed  boundary  conditions  on  the  calculation  of  frequency  and  damping 
factor. 

INTRODUCTION 

(’onstiained  layer  damping  treatments,  usually  in  the  form  of  damping  tape,  have  been  used  for  many  years  to 
reduce  structural  vibration.  In  order  to  understand  the  damping  mechanism,  ajidlysls  liave  studied  the  equations 
of  motion  of  layered  beams,  such  as  the  one  shown  in  Figure  1.  A  layered  beam  consists  of  a  viscoelastic  layer 
between  two  elastic  layers. 

Analytical  solutions  to  the  equations  of  motion  of  a  layered  beam  have  historically  assumed  the  boundary 
conditions  for  all  layers  to  be  the  same.  In  this  paper,  the  equations  of  motion  are  solved  for  the  more  general 
case  in  which  the  elastic  layers  can  have  different  boundary  conditions. 

This  paper  presents  solutions  to  the  equations  of  motion  of  a  layered  beam,  in  which  the  elastic  layers  can 
have  different  boundary  conditions.  The  equations  of  motion,  the  general  solution,  and  numerical  results  for 
several  interesting  boundary  conditions  are  shown.  It  is  shown  that  considering  different  boundary  conditions 
for  each  elastic  layer  can  significantly  effect  the  calculation  of  the  beam  equivalent  damping.  This  has  important 
implications  for  design  of  damping  treatments.  A  more  detailed  treatment  can  be  found  in  reference  [2|. 

.V-v 

1 _ x,u 


constraining  layer,  or  1st  elastic  layer 
1st  viscoelastic  layer 


base  layer,  or  Otli  elastic  layer 


Figure  1:  Constrained  Layer  Damping  Treatment 
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CONVENTIONS 


It  is  nocpssary  to  briefly  explain  the  convention  used  in  this  paper  to  quantify  viscous  damping,  and  to  explain 
the  functional  form  of  the  frequency  dependency  of  the  complex  shear  modulus. 

There  arc  a  number  of  ways  to  quantify  the  damping  of  a  system.  They  include  the  loss  factor,  percent  critical 
damping,  viscous  damping  factor,  log  decrement,  complex  frequency,  etc.  These  quantities  are  related  [10,  2  7], 
Only  two  quantities  will  be  used  in  this  paper.  One  will  be  the  complex  damped  natural  frequency  of  vibration, 
cj  =  where  the  subscripts  R  and  /  denote  the  real  and  imaginary  parts  of  a  quantity,  and  i  =  y/^-  The 

other  will  be  the  loss  factor  r/. 

The  relationship  between  the  loss  factor  and  the  complex  frequency  is: 

‘2ujnu>i  _  2a;/ 

77  =  y  or  7/  % -  for  oji  oJ/i  ( 1 ) 

Wfl  -  Ujj  a)ft 

A  distinction  must  be  made  between  the  ‘beam  equivalent  loss  factor’,  ijf,,  and  the  loss  factor  of  the  material 
in  the  beam.  For  a  homogeneous  beam,  the  loss  factor  of  the  beam  is  equal  to  the  loss  factor  of  the  material. 
However,  for  the  layered  beam,  the  toss  factor  defined  by  Eqn  I,  will,  in  general,  be  different  than  the  loss  factor 
of  the  material  in  the  adhesive  layer.  In  this  paper,  the  beam  equivalent  loss  factor,  r/^,  will  be  defined  in  terms  of 
the  complex  natural  frequency  of  vibration,  as  shown  in  Eqn  1. 

The  development  which  follows  permits  all  moduli  to  be  complex,  and  to  be  functions  of  frequency  and 
temperature.  However,  for  the  calculations  in  this  paper,  only  the  shear  modulus  of  the  viscoelastic  layer  was 
considered  frequency  dependent,  and  temperature  dependence  was  not  considered.  The  functional  form  of  the 
frequency  dependence  of  the  shear  modulus  was  taken  from  reference  [12,  1- 13,503  51 1).  It  has  the  form 


G  =  1 )  + - dttt - ^  where 


G  =  Complex  shear  modulus 
/  =  frequency 

=  curve  fit  parameters 


Material  properties  were  taken  from  reference  [12,  263-270),  and  are  listed  in  Table  1. 

EQUATIONS  OF  MOTION 

The  equations  of  motion  are  similar  to  those  which  have  been  derived  in  the  literature  [5]  [8]  [13].  The  equations 
can  be  derived  by  applying  Hamilton’s  principle  [6,  44]  to  the  layered  beam.  Figure  1  shows  the  directions  of  the 
lateral  displacements,  v,  and  the  longitudinal  displacements,  w.  Plane  strain  is  assumed  [9,  220).  It  is  also  assumed 
that  kinetic  energy  of  rotation  is  small  compared  to  translational  kinetic  energy.  The  beam  is  assumed  to  have  unit 
width.  Lateral  (y-direction)  displacements  are  assumed  equal  for  all  layers.  Finally,  it  has  been  assumed  [3]  [5] 
that 

^  G^(cOT'pO  d"  Gel  Gl  7el  (^) 


The  equations  of  motion  are 
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)  = 

spatial  coordinate  (see  Figure  1) 
spatial  coordinate  (see  Figure  1) 
time  (no  subscript) 
density 

thicknes.s  (subscripted) 
lateral  (y-direction)  displacement 
longitudinal  (i-direction)  displace¬ 
ment 


PeOfeO  +  Pelfel  PvlKl 
mass  per  unit  area 
modulus  of  elasticity 
shear  modulus 

f  +  (<el  +  *ro)/(2<i,i) 

( 1  -  )1  +  (^., )/[12(  1  -  )1 

(ii;i  -  Urt))/t„i  +  didv/dx 

shear  strain  in  the  viscoelastic  layer 
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The  subscripts  rO,  iT,  and  cl  denote  the  0th  elastic  layer,  the  1st  viscoelastic  layer,  and  the  1st  elastic  layer, 
as  shown  in  Figure  I.  The  notation  is  intended  to  facilitate  generalization  to  multiple  viscoelastic  and  elastic 
layers  [13]. 

The  boundary  conditions  result  from  the  integration  by  parts  in  the  application  of  Hamilton’s  principle.  The 
conditions  which  must  be  satisfied,  at  i  =  0  and  x  =  L,  are 

DurtilUx  =  0  or  «,o  =  0 

dUr\ldx  =  0  or  Uel  =  0 

+  dtidv/Ox)]-  DriO^v/dx^)  =  0  or  v  =  0 

d^t>IOx^  =  0  or  dv/dx  =  0 

These  equations  of  motion  and  boundary  conditions  compare  with  published  results  in  the  early  litera¬ 
ture  [3]  [.5]  [8],  except  Eqns  6  consider  the  longitudinal  displacements  of  the  elastic  layers  separately  [1.3].  Note 
that  in  Eqns  .5,  Uco  and  Uc\  appear  only  as  a  difference.  Considering  boundary  conditions  on  the  composite  beam, 
as  has  been  done  historically,  is  equivalent  to  considering  boundary  conditions  on  the  difference  between  u,o  and 
Uf|.  In  that  case,  only  six  boundary  condition  equations  result  [8|. 


GENERAL  SOLUTION  OF  THE  EQUATIONS  OF  MOTION 


Eqns  5  will  be  solved  simultaneously,  rather  than  combining  them  into  a  single  sixth  order  equation,  as  is  usually 
done  [5]  [8]  [13].  Since  the  problem  of  interest  is  steady  state  oscillatory  motion,  displacements  will  be  assumed 
to  be  periodic  functions  of  time.  It  is  customary  [4]  [3]  [5]  to  assume  a  solution  of  the  form 


•Ae"^ 


Ueo  =  c'“"Bc'’^ 


Uel  =  C‘“''CC'”’  (7) 

Solving  the  equations  requires  finding  values  for  p.  A,  B,  C,  and  u>  which  satisfy  Eqns  5  and  6.  Note  that  Eqns  7 
assume  the  solution  is  separable.  Assuming  a  separable  solution  implies  that  mode  shapes  arc  expected  which  are 
not  a  function  of  time,  as  in  the  steady  state.  The  orthogonality  of  the  solutions  [5]  guarantees  the  uniquene,ss  of 
the  steady  state  solution,  but  a  transient  solution  of  this  form  may  not  be  unique. 

Substituting  Eqns  7  into  Eqns  5  and  dividing  through  by  c""'  and  c'”'  results  in  a  set  of  simultaneous  algebraic 
equations.  They  can  be  written  in  matrix  form  as  follows 

[Dtp*  -  -  G„it^id]p^]  6\.|dip  -Ov\d\P 

Gvld\P  [EfOfrOT  (^vl/fvl)]  fcyl/tyl 

—Gvid\p  f>ui/fvi  (EViLiP^  -  (C^i/tvi )J 

Finding  the  solution  to  Eqns  8  is  an  eigenvalue  problem.  A  nontrivial  solution  requires  the  determinant  of  the 
three  by  three  matrix  to  =  0: 


0  ] 

X  - 
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[c  J 

0  j 

(8) 


j?  -  G„i 


Lidi  1  1 

f  '  1  '  \ 

Dt  Iv,  ' 

^cOfeO/ 

Dt  ”  ^  DtK,  ’ 

X^el^el  ^eO^eO  / 

=  0 


(9) 


Eqn  9  is  the  characteristic  equation.  It  differs  from  the  characteristic  equation  published  in  the  literature  [3]  [8] 
in  that  it  has  a  double  zero  root.  The  double  zero  root  is  the  result  of  considering  longitudinal  displacements  of 
the  individual  elastic  layers  .separately. 

The  roots  of  Eqn  9  will  be  designated  p,.  These  are  eigenvalues  of  the  system.  Mead  and  Markus  [.'>]  demon¬ 
strated  that,  for  pj  /  0,  the  associated  eigenfunctions  are  orthogonal.  For  p  =  0,  the  eigenfunctions  can  be  made 
orthogonal  by  choosing  proper  linear  combinations  of  them  [6,  142). 

For  pj  ^  0,  the  eigenfunctions  are  determined  by  solving  for  B  and  C  in  terms  of  A  in  Eqns  8.  It  can  be  shown 
that  [2] 

\(pt)ju'^  -  p* Dr] 


B, 


A  -  a  A  An  (a  .  ~  p]G„iK,d]  ■ 

Aj  —  (ijAj  and  Cj  —  13 j  3 - C~\d\p~ 


Li d. EVcopT - TT:^. - =  (10) 

Thpse  expressions  relate  the  lateral  displacement  of  the  composite  beam  to  the  longitudinal  displacements  of  the 
individual  elastic  layers. 

For  Pj  /  0,  there  are  now  only  six  unspecified  censtantSf  A\  . .  .A^.  Since  there  are  eight  boundary  conditions, 
two  more  constants  are  expected.  The  two  additional  constants  will  result  from  the  double  zero  root  in  the 
characteristic  equation.  For  pj  =  0,  it  can  be  shown  that  (2| 

for  u;  ^  0  for  u>  =  0 

=  Cg  Bs  =  Cg 

/?7  =  Cj  ^7—07  =  f^xUilAg 

At  =  Ag  =  0  At  and  Ag  unspecified 


The  two  unspecified  constants,  >17  and  /Ig,  correspond  to  rigid  body  lateral  translation  and  rotation.  If  uj  =  0 
satisfies  the  boundary  conditions,  that  case  must  be  considered  separately.  It  will  not  be  treated  here. 

The  general  solution  to  Eqns  5  is  then 

’el  r  6  1  r  6 

V  =  e"-‘  Y,  ;  «e0  =  e'“'  ^  +  Bgi  ;  uh  =  e'“"  ^  +  Ih  +  Hgi 

.j=i  [j=i  >=< 


The  solution  is  now  determined  to  within  eight  arbitrary  constants,  /4|  . . .  /Is,  Ih  and  Us.  corresponding  to  the 
eight  boundary  conditions  which  need  to  be  satisfied.  It  now  remains  to  find  the  complex  frequency  of  vibration, 
uj,  which  satisfies  a  particular  set  of  boundary  conditions.  Specific  boundary  conditions  are  considered  next. 

BOUNDARY  CONDITION  MATRICES 

Substituting  Eqns  1 1  into  Eqns  6  results  in  a  set  of  eight  simultaneous  equations  in  the  eight  constants  Ai  . . . .!«, 
fl?  and  Ba,  and  frequency.  Nontrivial  solutions  will  exist  only  when  the  determinani  of  the  boundary  condition 
matrix  is  aero.  Solving  the  equations  requires  finding  the  complex  frequency  which  drives  the  determinani  to  zero. 
In  contrast  to  the  boundary  conditions  on  the  composite  beam,  where  the  boundary  condition  matrix  is  six  by 
six  [8],  for  mixed  boundary  conditions,  in  general  the  matrix  will  be  eight  by  eight.  When  the  boundary  conditions 
are  the  same  for  each  elastic  layer,  the  matrix  reduces  to  six  by  six.  In  this  section,  boundary  conditions  arc 
presented  for  several  important  cases.  Numerical  results  will  be  presented  in  the  next  section. 

Both  Base  and  Constraining  Layers  Fixed-Free 

The  case  where  both  the  base  and  constraining  layers  fixed  at  x  =  0  and  free  at  j  =  /,  is  of  interest  because  it 
duplicates  approximate  solutions  whirb  are  available  in  the  literature  [11,  5-21).  It  will  be  used  for  comparison 
purposes.  The  boundary  conditions  arc 


di’ldz  = 


du^aldx 

du^ildx 

d^v/dx^ 


Substituting  Eqns  11  into  Eqns  12  produces  a  set  of  eight  simultaneous  equations  in  the  eight  constants,  /4i, . . . .  /to. 
By  and  Bg.  In  this  case,  because  both  elastic  layers  have  the  same  boundary  condiiion.  the  constants  B7  and  Bs. 
can  be  eliminated  from  the  system,  reducing  the  number  of  simultaneous  equations  to  be  satislied  to  six. 

Base  Layer  Fixed-Free^  Constraining  Layer  Free-Free 

This  is  an  example  of  mixed  boundary  conditions.  Comparing  this  case  to  the  previous  one  will  illustrate  the 
effect  of  considering  mixed  boundary  conditions  on  the  loss  factor.  The  boundary  conditions  are 

at  X  =  0  at  X  —  L 

dvjdx  =  0  Ou^qIOx  =  0 

V  =  0  du^i/dx  =  0  (13) 

«e0  =  0  d^v/Ox^  -  0 

du,i/dx  =  0  =  I) 

Since  the  boundary  conditions  on  the  elastic  layers  are  different  at  i  =  0,  the  constants  By  and  Ba  cannot  be 
eliminated.  In  this  case,  the  boundary  condition  matrix  will  be  eight  by  eight,  and  all  eight  constants,  /li  , .  ./1,„ 
By,  and  Ba  must  be  found. 


Base  Layer  Simply  Supported;  Constraining  Layer  Free-Free 

This  boundary  condition  was  selected  for  comparison  with  known  solutions.  It  is  similar  to  the  simply  supported 
composite  boundary  condition  which  was  the  first  case  solved  in  the  literature  [5].  The  boundary  conditions  are; 
at  both  X  =  0  and  x  =  i, 

u  =  0  d^vldx^  =  0 

«<o  =  0  durxfdx  =  0 

In  this  case.  By  can  be  eliminated  from  the  system,  and  the  boundary  condition  matrix  will  be  seven  by  seven. 


Table  1:  Test  Case  Data  [11,  5-26]  [12,  263-270] 
Base  Layer,  aluminum;  Adhesive  Layer,  SoundCoat 
UlAD  no.  606;  Constraining  Layer,  aluminum 


Variable 

Value 

Units 

Variable 

Value 

Units 

Variable 

Value 

Units 

L 

0.254 

meter 

Eto 

6.8900cl0 

Pascal 

B(l) 

0.2e6 

Pascal 

teO 

5.0800e-3 

meter 

PeO 

2.7700e  3 

(kg)/meter^ 

B(2) 

1200.0e6 

Pascal 

0.3300 

tvl 

2.5400e-4 

meter 

B(3) 

0.3e7 

Hz 

Pul 

9.6900e  2 

(kg)/meter^ 

Eei 

6.8900el0 

Pascal 

B(4) 

0.55 

tgy 

2.5400e-4 

meter 

1.0 

(kg)/meter^ 

B(5) 

1.5 

t'el 

0.3300 

B(6) 

0.1 

Base  Layer  Simply  Supported;  Constraining  Layer  Attached-Free 

This  is  a  variation  on  the  simply  supported  boundary  condition  shown  in  Eqns  14,  and  will  be  used  to  illustrate 
the  effect  of  permitting  mixed  boundary  conditions.  The  constraining  layer  is  ‘rigidly  connected’  to  the  base  layer 
at  a:  =  0,  such  that  rdl  layers  rotate  together  at  that  end;  and  is  free  at  i  =  L.  The  constraining  layer  will  have  a 
non-zero  enforced  displacement  at  i  =  0. 

At  first  glance  this  appears  to  be  a  non-homogeneous  boundary  condition.  Ail  the  boundary  conditions 
considered  so  far  have  been  homogeneous.  An  arbitrary  enforced  nonzero  displacement  is  a  non-homogeneous 
boundary  condition.  However,  the  enforced  displacement  in  this  case  is  not  arbitrary,  but  is  related  to  the  slope 
of  the  beam.  For  small  rotations,  at  i  =  0 


Uel 


('tjO  +  tel  ,  ,  \  dv 


dv 

dx 


(15) 


Since  dvjdx  contains  only  terms 
boundary  condition  equation,  and 
are 


V 

d^vjdx^ 

UeO 

Uel 


in  At...  Ad,  this  displacement  can  be  included  in  the  left-hand  side  of  the 
the  boundary  condition  is  seen  to  be  homogeneous.  The  boundary  conditions 


at  1  =  0 

at  X  —  L 

=  0 

V  =  0 

=  0 

d^v/dx'^  =  0 

(16) 

=  0 

o 

II 

o 

=  -tyidi{dv/dx) 

ffUel  /dx  =  0 

Neither  Br  nor  Bs  can  be  eliminated,  and  the  boundary  condition  matrix  will  be  eight 


by  eight. 


NUMERICAL  RESULTS 

Numerical  results  of  sample  calculations  are  presented  for  the  boundary  conditions  in  the  previous  section.  Several 
test  cases  are  presented.  The  first  demonstrates  that  the  formulation  which  has  been  presented  correctly  predicts 
the  natural  frequencies  of  a  cantilever  beam.  The  next  case  predicts  the  natural  frequencies  of  e  simply  supported 
beam,  to  compare  the  predictions  with  those  based  on  sixth  order  theory  [5].  Finally,  for  both  the  cantilever  and 
simply  supported  boundary  conditions,  a  comparison  is  made  between  cases  in  which  the  boundary  conditions 
are  the  same  for  each  layer,  and  those  in  which  the  boundary  conditions  differ  between  layers.  The  loss  factor  is 
calculated  for  these  cases,  to  illustrate  that  the  different  predicted  results  can  effect  damping  design. 

A  note  must  be  made  about  coding  the  equations  for  solution  on  a  computer.  The  boundary  condii-ion  matrices 
tend  to  be  very  ill  conditioned  [1,  175].  Care  must  be  taken  to  maximize  accuracy.  The  numerical  results  .nresented 
here  were  calculated  using  double  precision  complex  arithmetic.  Also,  to  improve  the  accuracy  of  the  calculation 
of  the  determinant,  total  pivoting  was  used  in  the  gaussian  elimination  algorithm,  rather  than  the  more  common 
scaled  partial  pivoting  [1,  1.59]. 

In  order  to  have  a  test  case  against  which  the  results  could  be  compared,  the  physical  parameters  were  taken 
from  a  sample  calculation  in  the  damping  design  guide  listed  as  Ref  [11,  5-26].  The  material  properties  and  curve 
fit  parameters  for  ii.se  in  Eqn  2  were  taken  from  the  third  volume  of  the  design  guide  [12,  263  270].  Except  where 
noted,  the  shear  modulus  of  the  viscoelastic  layer  was  permited  to  vary  with  frequency  according  to  Eqn  2,  but 
temperature  was  held  constant.  Except  where  noted,  the  data  listed  in  Table  I  was  used  for  the  test  cases. 

Comparing  Cantilever  Boundary  Conditions  With  Simple  Theory 

If  the  ma.ss  and  stiffness  of  the  top  two  layers  of  the  beam  are  made  small,  the  natural  frequencies  predicted 
by  Eqns  11  and  12  should  approach  the  frequencies  of  a  homogeneous  cantilever  beam.  The  frequencies  of  a 
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Table  2:  Data  Used  for  Cantilever  Boundary  Condition  Calculations 


Data  Used  In  Eqns  11  and  12 
Variable  Value  Units 

Data  Used  In  Eqn  17 
Variable  Value  Units 

Eel 

l.OOe  4  +  O.Oi 

Pascal 

E 

6.89el0 

Pascal 

Gel 

1.00  +  l.Of 

Pascal 

/ 

1.09c- 8 

meter** 

Pv\ 

1.00 

(kg)/meter^ 

L 

0.254 

meter 

Pel 

1.0 

(kg)/meter^ 

mjL 

14.0716 

(kg)/meter 

Table  3:  Results  of  Cantilever  Boundary  Condition  Calculations 
_ Frequencies  are  in  radians /second 


Mode 

Eqn  17 
Predicted 

Eqns  1 1  and  12 
Real  Imag 

error  in 
Real  freq 

Mode 

Eqn  17 
Predicted 

Eqns  1 1  and  12 
Real  Imag 

error  in 
Rea)  freq 

1 

398.59 

422.23  0.0000 

5.9  % 

4 

13705.93 

14519.03  0.0000 

5.9  % 

2 

2497.92 

2646.10  0.0000 

5.9  % 

5 

22656.89 

24000.99  0.0001 

5.9  % 

3 

6994.25 

7409.17  0.0000 

5.9% 

6 

.33851.47 

.3.5853..33  0.0001 

5.9  % 

homogeneous  cantilever  beam  are  the  roots  of  the  transcendental  equation  [7,  224-227] 


(  OS  A  L  cosh  A  //  =  —  I  where 


(17) 


Data  listed  in  Table  2  was  used  to  predict  natural  frequencies  using  both  formulations.  The  mass  and  stiffnes.ses 
of  the  upper  two  layers  we.e  made  as  small  as  possible  without  causing  numerical  problems.  Data  not  listed  in 
Table  2  was  unchanged  from  that  shown  in  Table  1.  Note  that,  in  this  case,  the  shear  modulus.  f.\|,  was  held 
constant  for  all  frequencies,  rather  than  U'tting  it  vary  according  to  Eqn  2.  Table  3  lists  the  resulting  natural 
frequencies  for  the  first  six  modes  as  predicted  by  Eqn  17,  and  the  complex  frequencies  predicted  by  Fqns  11 
and  12. 

Note  in  Table  3  that  the  imaginary  frequencies  predicted  by  Eqns  1 1  and  12  are  zero  or  very  small,  suggesting 
small  damping,  as  required.  All  real  frequencies  are  .5.9%  high.  This  could  be  the  result  of  letting  the  parameters 
of  the  top  layers  be  small,  but  not  zero. 


Comparing  Simply  Supported  Boundary  Conditions  With  Simple  Theory 

Historically,  the  first  boundary  condition  solved  for  the  layered  beam  was  the  simply  supported  case  [5].  The 
solution  is  of  the  form 

„  .  / nwx\  /nirT\ 

t'=Dsinl— and  Mei=fcos(— (18) 

where 


/A  =  a  constant 

n  =  the  mode  number 

X  =  distance  along  the  length  of  the  beam 


F  =  a.  constant 
ir  =  3.141-59... 
i  =  the  length  of  the  beam 


1  he  exprc.ssion  for  v  in  Eqn  18  can  be  found  in  the  literature  [5],  The  expression  for  11,1  can  be  justified  intuitively 
with  a  simple  argument.  When  the  composite  beam  is  deflected  upward  in  the  center,  the  longitudinal  displacement 
of  the  top  layer  should  be  zero  in  the  center,  it  should  also  be  some  negative  value  at  x  =  0  and  the  same  positive 
value  at  X  =  L.  It  is  not  immediately  apparent  what  form  the  longitudinal  deflection  of  the  base  layer  ( u^o)  would 
take,  since  it  is  restrained  at  both  ends.  It  now  remains  to  be  demonstrated  that  the  formulation  presented  in  this 
paper  degenerates  to  solutions  of  the  form  in  Eqn  18  for  the  case  in  which  the  base  layer  is  simply  supported  and 
the  constraining  layer  is  free. 

It  can  be  shown  that,  in  order  for  the  solution  to  Eqns  11  and  14  to  degenerate  into  the  form  of  Eqns  18.  the 
following  conditions  must  be  met  [2].  First,  exactly  one  pair  of  roots  to  Eqn  9  must  satisfy 

PH  =  0  and  PI  =  ±~  (1!)) 

I'he  subscript  li  denotes  the  real  part  and  the  subscript  /  denotes  the  imaginary  part  of  a  (piatility.  The  (  (jellit  ients 
/li  . . .  A(i  from  Eqn  1 1  and  71  . .  .">«  from  Eqn  10  must  satisfy  the  following  conditions: 


-  fk.l'^k.l)  F  ^1l.ll^l.H  -  11,1  Al  l)  /  0 

(7*.Hz1|r.;  -  7C.;rU.H)  -  (7l.Hrl(,(  -  7(,/(1|,h)  =  0 


Ak.ii  +  /1|.H  =  0 

Ak.i  -  Aij  ^  0 
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(20) 


Table  4:  Conditions  on  Constants  A  and  7,  Simply  Supported  Boundary  Condition 

Model:  pi  =  2L15  +  8-49i;  P3  =  0.00  -  l‘2.38i;  ps  =  T2.18  +  .'2:ji: 

P'2  =  -'21.15 -8.49i;  P4  =  0.00  +  12.38i';  p«  =  -1*2.18  -  .23i' 

=  -8.18A’-04;  (7i.R^i./?  “  7i,/^i,/)  +  -  72./'42,/)  =  +4.937^-04 

'^i,l  -  ^2,1  =  -l.‘24iv-03;  (7i.ft^^i./ "  7i./^i./i)  “  (72.«/^2./ -  72./^2.h)  =  +5.57f;-04 

Aii,R-\- A4  ft  =  -‘2.07£-03;  (73.fl^l3,«  -  7;j./'d3,/)  +  (74./i^4.«  -  74./>l4,/ )  =  -3.787v-02 

A3,i  -  A4J  =  +1.32  ;  (73,flA'i,/ “  73./>43,/f)  -  (74,/?/t-i,/ ~  74,//i4,/i)  =  +5.52^' -  05 

A^m  +  A^jt  -  +2.89£’  -  03;  (75.H^l5.H  -  7.s./^Vs,/)  +  ilaM'^a.R  -  ~  +0.677:,'  -  05 

^5,/  -  Aej  —  +1.147.-  03;  {75.K^^s./  -  7S.//I5.H)  -  (1g,r^^g,i  -  =  +1.897-’  -  05 

Mode  2:  p,  =  29.95  +  I2.00*‘;  P3  =  '24.19+1.00?;  p^  =  0.00 -'24.74? 

P2  =  -'29.95-  12.00?;  p4  -  -24.19  -  1.00?;  pfi  =  0.00  +  24.74i 

=  -8.627^-12;  (7i./i^i,/i  “  7i.//ti./)  +  (72,p42,/i  -  72,/427)  =  +1.167.-11 

■di,/-/l2./  =  -2.14£’-  11;  (71./?-'^!./ -  7i./^l|./?)  -  (72./?^^2./ -  72./>‘I2,h)  =  +1  207;-  11 

-da.K  +  ^'4,/?  =  -1.18E-10;  {73./?^'3.K  -  73.//b./)  +  (74,«‘'^4,«  -  74./^4./)  =  -2.07/;- II 

-  ^4J  =  +1.85E  -  10;  (7:t.K^l3./  -  73.//I3.K)  -  (74./?^^4./  -  14.I^4.r)  =  +'*?197;  -  1 1 

-^s.R  + =  -1.347,'- 10;  ('J.s.R^Vs./i  -  7.';./^l5./)  +  {76.rA>.R  -  76./-'^6,/)  =  +l.HH7;-02 

-  ■'Ir,,/  =  -0.83  ;  (7.s./i>l5./ -  75,/45.«)  -  (7(i.R-‘'r>.;  -  7(i./^i'>.R)  =  +8.08/;  -  12 


for  constants  A  and  7  corresponding  tbe  root  pair  p^y  which  satisfy  Krpj  19,  and 

Ak.R-i-Aijt  =  0  (lit.R/U-./?  -  7*,//U./)  +  (7/.R^l(.R  -  7/./^'/./)  =  9  /2l) 

A/ij  -  Aij  =  0  (7i.R^U./  -  7jt./^U.H)  -  (7/.R''l/./  -  71./''^/.r)  =  9 

for  constants  A  and  7  corresponding  root  pairs  pk,t  which  do  not  satisfy  Eqn  19. 

The  results  of  calculations  for  the  data  in  Table  1  are  shown  in  Table  4.  The  calculated  results  demonstrate 
that,  when  the  ba.so  layer  is  simply  supported,  the  solution  to  Kqiis  1 1  and  14  degenerate  into  the  form  of  Eqns  18, 
as  required. 


Solving  the  equations  of  motion  of  a  layered  beam  sheds  light  on  the  prediction  of  the  damping  of  a  structure. 
Tables  5  and  6  illustrate  that  considering  mixed  boundary  conditions  in  the  solution  of  the  equations  of  motion 
does  effect  the  calculation  of  the  bram  equivalent  damping.  Beam  equivalent  damping  was  calculated  according 
to  Eqn  I,  after  finding  the  complex  frequency,  u;,  which  satisfied  the  boundary  conditions.  7'he  shear  modulus  of 
the  viscoelastic  layer,  0\>i,  wa.s  permitted  to  vary  with  frequency  according  to  Eqn  2. 

Table  5  compares  tlie  damping  predicted  by  7>pis  12  and  13  for  the  two  cantilever  boundary  conditions.  Also 
shown  for  comparison,  is  the  calculation  of  the  damping  acconiing  to  approximate  formulae  in  a  damping  design 
guide  [11,  5-29],  for  a  three  layer  cantilever  beam.  'I'he  damping  differs  for  the  different  boundary  conditions.  The 
damping  predicted  by  Eqns  12  and  13  also  differ  from  the  predictions  of  the  design  guide,  sometimes  markedly. 
It  is  also  important  to  note  that  each  case  predicts  a  different  frequency  and  mode  shape  at  which  maximum 
damping  occurs.  7'hat  has  important  implications  for  design  optimization. 

Table  6  makes  similar  comparisons  for  the  simply  supported  boundary  conditions  in  Eqns  14  and  16.  Again, 
the  damping  differs  between  boundary  conditions,  as  does  the  frequency  and  mode  at  which  maximum  damping 
occurs. 

CONCLUSION 

This  paper  has  pre.sented  .solutions  to  the  equations  of  motion  of  a  layered  beam  in  which  the  elastic  layers  are 
permitted  to  have  different  boundary  conditions.  It  wa,s  shown  that,  for  boundary  conditions  which  approximate 
rases  for  which  simple  theoretical  solutions  are  available,  the  formulation  presented  In  this  paper  compares  well  with 
those  theoretical  solutions.  It  was  also  shown  that  considering  mixed  boundary  conditions  affects  the  prediction 
of  beam  equivalent  damping,  and  the  frequency  and  mode  at  which  maximum  damping  occurs. 


285 


Table  5:  Comparison  of  Complex  Frequencies  for  Cantilovor  Boundary  Conditions 


Mode 

Const.  Layer  Fixed-Free 
Real  Imag  Vi 

Const. 

Real 

Layer  Free 
Imag 

-Free 

Design  Guide 

Real  Imag  rp, 

1 

437.14 

2.78 

0.0127 

421.02 

4.17 

0.0198 

410.48 

4.17 

0.0203 

2 

2697.53 

36.32 

0.0269 

2678.24 

2.5.19 

0.0188 

2511.78 

40.46 

0.0322 

3 

7495.15 

114.71 

0.0306 

7474.49 

96.74 

0.0259 

6946.62 

105.29 

0.0303 

4 

14588.14 

234.25 

0.0321 

14570.69 

212.39 

0.0292 

13525.28 

180.31 

0.0267 

5 

23990.36 

381.06 

0.0318 

23976.29 

358.02 

0.0299 

22271.59 

260.66 

0.0234 

6 

35692.67 

547.31 

0.0307 

35681.46 

524.36 

0.0294 

33184.20 

.344.23 

0.0207 

Table  6:  Comparison  of  Complex  Frequencies  for  Simply  Supported  Boundary  Conditions 


Mode 

Const.  Layer  Rigid-Free 
Real  Imag  r/l, 

Const.  Layer  Free-Free 
Real  Imag  Vt> 

1 

1199.22 

14.07 

0.0235 

1221.86 

14.46 

0.0237 

2 

4780.24 

66.14 

0.0277 

4820.67 

75.75 

0.0314 

3 

10704.32 

161.38 

0.0302 

10753.82 

182.75 

0.0340 

4 

18942.83 

288.94 

0.0305 

18996.25 

319.32 

0.0336 

5 

29488.11 

440.83 

0.0299 

29.542.05 

478..50 

0.0324 

6 

42331.97 

608.42 

0.0287 

42385.70 

651.11 

0.0.307 
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ABSTRACT 

The  puipose  of  this  investigation  was  to  develop  candidate  add-on  damping  treatments  for 
the  F-15  upper-outer  wing  skin.  The  upper-outer  wing  skin  has  experienced  high  cycle  fatigue 
cracks  caused  by  separated  flow  on  the  upper  wing  surface.  The  separated  flow  results  during 
high  load  factor  maneuvers  and  in  turn,  induces  large  vibratory  loads  on  the  upper  wing  skin  and 
associated  substructure.  Damage  accumulates  due  to  the  resonant  vibration  of  local  skin/stiffener 
modes.  Two  damping  treatments  resulted  from  the  investigation.  One  was  an  external 
constrained-layer  treatment  and  the  other  was  an  internal  "stand-off  treatment.  Estimates  of  the 
life  extension  factors  for  the  external  and  internal  damping  treatments  were  5  and  34  respectively. 

INTRODUCTION 

Modem  fighter  aircraft  are  expected  to  deliver  high  levels  of  performance  resulting  in  large 
structural  loads  and  often  consequent  premature  failure  of  aircraft  stmctural  elements.  Inherent 
with  high  performance  are  high  vibration  levels.  One  cause  of  large  vibratory  loads  in  fighter 
aircraft  is  separated  flow.  Within  the  separated  flow  environment  it  is  often  impossible  to 
estimate  the  precise  dynamic  flow  characteristics  or  loading  conditions  that  aircraft  components 
may  experience  during  flight.  Aircraft  skins,  in  particular  outboard  wing  skins,  are  relatively  light 
weight  structures  which  are  extremely  susceptible  to  vibration  response  induced  by  separated 
flow.  These  large  vibratory  loads  can  result  in  high  cycle  fatigue  and  a  substantial  reduction  in 
the  useful  service  life  of  the  component. 

The  F-15  upper-outer  wing  skin  (UOWS)  panel  has  experienced  cracks  resulting  from  high 
cycle  fatigue.  The  F-15  aircraft,  shown  in  Figure  I,  has  sufficient  thrust  to  perform  sustained, 
high  load  maneuvers  causing  separated  flow  over  the  wing  panel.  This  separated  flow  region 
contains  high-level  broad-band  random  pressure  fluctuations  and  induces  large  vibratory  response 
in  the  UOWS  panel  and  associated  wing  substructure.  The  resulting  elevated  stresses  over  time 
cause  high  cycle  fatigue  cracks  to  form  in  the  wing  skin.  Initially,  the  cracks  were  considered  to 
occur  only  over  a  small  portion  of  the  skin  closest  to  the  wing  tip.  Later  findings  show  that  the 
entire  UOWS  is  prone  to  cracking. 

The  UOWS  was  originally  designed  for  a  service  life  of  8000  hours.  Unfortunately,  the 


initial  service  life  realized  was  only  250  hours.  Several  modifications  were  incorporated  by  the 
contractor  in  the  early  1980s  to  improve  the  fatigue  life  of  the  skin,  including  fortifying  critical 
locations  on  the  wing  skin.  These  modifications  only  increased  the  life  of  the  skin  to 
approximately  1250  hours.  The  need  still  remained  to  increase  the  service  life  to  the  original 
design  value  of  8000  hours. 

BACKGROUND 

The  F-15  UOWS  is  machined  from  a  single  block  of  2024  aluminum  and  consist  of  the  skin, 
integrally  machined  "T"  stiffeners,  and  chemically  milled  pockets  between  the  stiffeners.  The 
thickness  varies  from  location  to  location  on  the  panel,  but  assuming  a  constant  thickness  of 
2.032  mm  (0.080  in)  is  sufficient  for  understanding  the  problem.  Figure  2  shows  the  major 
substructure  for  the  left  wing.  The  UOWS  extends  from  rib  155  to  rib  224,  and  from  the  front 
spar  to  the  rear  spar.  There  are  intermediate  ribs  at  locations  172,  188,  and  206.  At  rib  188,  the 
front,  main,  and  rear  spars  are  at  10%,  45%,  and  65%  chord,  respectively.  Collectively,  these 
members  constitute  the  outer  wing  torque  box.  The  wing  skin  measures  approximately  1.524  m 
(5  ft)  wide  by  2.134  m  (7  ft)  long  measuring  along  rib  188  and  the  main  spar,  respectively. 
Inboard  of  rib  155  the  wing  is  "wet,"  that  is,  the  volume  is  used  for  fuel  storage.  The  outer 
torque  box  is  "dry."  Blind  threaded,  flush  fasteners  are  used  to  attach  the  skin  to  the  rib  and  spar 
substnicture.  A  scrapped  right-hand  UOWS  is  shown  in  Figure  3.  Visible  in  Figure  3  are  the 
integral  stiffeners  and  their  runouts,  spar  and  rib  fastener  holes,  and  various  panel  access  holes. 
Stiffeners  are  numbered  consecutively  starting  at  the  UOWS  leading  edge.  The  stiffeners  are  not 
clipped  to  the  ribs  but  are  allowed  to  move  freely  within  the  rib  notch.  Damage  accumulates  due 
to  resonant  vibration  of  local  skin/stiffener  modes.  The  cracks  develop  in  the  rib  fastener  holes 
adjacent  to  the  stiffeners.  Predominantly,  the  cracks  initiate  either  perpendicular  to  the  ribs  or 
parallel  to  the  stiffeners.  Figure  4  shows  a  close-up  of  the  cracks  in  the  scnqtped  UOWS.  Based 
on  the  crack  patterns  and  the  unclipped  stiffener  design,  it  was  concluded  that  the  skin  cracks 
were  most  likely  induced  by  stiffener  rotation.  Figure  5  gives  a  convenient  shorthand  designation 
for  the  spar-rib  bays  which  will  be  used  throughout  the  remainder  of  this  report  to  aid  the  reader 
in  locating  specific  portions  of  the  UOWS. 

FLIGHT  TESTS 

Flight  test  data  were  gathered  to  obtain  UOWS  response  data  during  high  load  factor 
maneuvers  and  to  assess  the  effectiveness  of  the  damping  systems.  These  test  were  conducted  by 
McDonnell  Aircraft  Coiporation,  St.  Louis  MO.  (MCAIR).  The  flight  data  collected  for  this 
investigation  included  the  baseline  response  of  the  F-15  UOWS  as  well  as  the  UOWS  response 
with  various  candidate  damping  treatment  configurations.  Strain  gages  placed  on  internal  and 
external  surfaces  of  the  panel  were  used  to  record  the  bulk  of  the  response  data.  In  some  cases 
internal  accelerometers  were  also  used.  Historically,  many  cracks  have  been  discovered  along 
stiffener  #4.  Based  on  past  analyses,  it  was  observed  that  the  response  data  obtained  at  the 
intersection  of  stiffener  #4  and  rib  188  could  be  used  to  represent  the  response  over  the  remaining 
panel.  Thus,  the  analysis  performed  centered  on  the  UOWS  response  measurements  taken  at  this 
location. 

The  power  spectral  density  (PSD),  shown  in  Figure  6,  was  typical  of  the  UOWS  response  at 
the  intersection  of  stiffener  #4  and  rib  188  for  an  undamped  panel.  The  flight  conditions  for  this 
PSD  were:  1 1°  AOA,  5.9  g  load  factor,  0.80  Mach,  6096  m  (20,0(X)  ft)  altitude,  and  20.30  kPa 
(2.94  psi)  dynamic  pressure.  Figure  6  shows  high  strain  levels  occurred  in  the  300  Hz  to  400  Hz 
band.  It  was  obvious  that  this  peak  results  in  the  most  significant  contribution  to  cumulative  high 


28B 


cycle  fatigue  crack  damage. 

Several  damping  treatment  configurations  were  flight  tested.  Unfortunately  detailed  data  is 
not  yet  available  and  will  not  be  available  before  printing  of  this  report;  thus  no  specific  flight 
test  results  can  be  presented.  The  preliminary  flight  test  results  received  from  MCAIR  are  very 
promising  and  appear  to  significantly  improve  the  UOWS  fatigue  Ufe. 

MODAL  TESTS 

To  ascertain  the  cause  of  the  problem,  modal  tests  were  conducted  on  a  full-scale  F-15A 
wing  in  the  laboratory.  Modal  tests  were  performed  on  the  baseline  UOWS  and  the  UOWS  with 
various  damping  treatments  applied.  These  tests  were  conducted  using  laser  video  holography 
and  more  traditional  multi-accelerometer  surveys.  Tests  were  performed  which  concentrated 
separately  on  the  individual  responses  of  the  skin  and  stiffeners.  As  a  result  of  the  modal  testing, 
numerous  closely  spaced  skin/stiffener  modes  were  observed  in  the  300  Hz  to  400  Hz  frequency 
band  which  match  the  frequency  band  of  the  dominate  peak  observed  in  Figure  6.  Mode  shapes 
and  other  modal  parameters  were  obtained  from  the  transfer  functions  gathered  during  the  modal 
surveys  on  the  skin  and  stiffeners.  A  strong  correlation  was  found  between  the  resonant 
frequencies  of  the  skin  and  the  resonant  frequencies  of  the  stiffeners.  This  suggested  that  a 
damping  treatment  applied  to  both  the  skin  and  stiffeners  may  attenuate  the  vibration  enough  to 
yield  a  substantial  increase  in  the  service  life  of  the  UOWS. 

DAMPING  TREATMENTS 

This  study  investigated  the  perfoimance  of  13  different  candidate  add-on  damping  treatment 
configurations  under  laboratory  conditions.  For  brevity,  only  the  two  new  damping  treatments 
which  were  recommended  for  F-IS  fleet  retrofit  are  discussed  in  this  paper.  Past  damping 
experience  suggested  that  a  constrained-layer  damping  treatment  would  offer  the  most  viable,  cost 
effective  solution.  A  constrained-layer  damping  system  consists  of  a  layer  of  viscoelastic  material 
(VEM)  which  is  constrained  by  a  metal  layer.  Often  this  type  of  damping  system  will  be 
constructed  of  multiple  constrained  layers  to  achieve  the  desired  level  of  damping.  Whenever  the 
structure  undergoes  bending,  the  metal  layer  will  constrain  the  viscoelastic  material,  resulting  in 
shear  deformation  of  the  VEM.  Energy  is  dissipated  due  to  this  shear  deformation. 

An  important  part  of  designing  a  damping  treatment  is  determining  the  environmental 
condition  to  which  the  treatment  will  be  exposed  and  ensuring  that  the  selected  treatment  will 
withstand  and  perform  properly  under  these  conditions.  Critical  environmental  considerations 
include  the  operatiorutl  temperature  range  for  which  damping  is  desired,  the  effects  of  the 
damping  treatment  on  corrosion  of  the  structure,  and  the  effects  of  thermal  aging  on  the 
performance  of  the  damping  treatment.  Based  on  the  flight  conditions  at  which  most  of  the 
damage  is  expected  to  occur,  a  temperature  range  of  10  "C  (50  °F)  to  23.9  °C  (75  °F)  was  selected 
as  the  design  temperature  range  of  the  damping  treatments.  Laboratory  corrosion  tests  showed  no 
degradation  in  corrosion  resistance  caused  by  the  application  of  the  recommended  damping 
treatments.  The  corrosion  test  panels  were  exposed  to  a  standard  30-day  humidity  corrosion 
environment  in  the  laboratory  consisting  of  48.9  *C  (120  °F).  98%  relative  humidity,  and  salt 
spray.  The  addition  of  the  damping  treatments  had  no  effect  on  corrosion,  primarily  because  the 
UOWS  paint  was  not  disturbed  during  installation.  Extensive  service  experience  with  similar 
damping  treatments  has  not  revealed  any  corrosion  problems.  Satisfactory  thermal  aging 
characteristics  were  demonstrated  in  the  laboratory  for  all  materials  used  in  the  new  damping 
treatments.  The  temperature  exposure  of  8  hours  at  171.1  °C  (340  °F)  plus  48  hours  at  132.2  ”C 
(270  T)  was  intended  to  be  a  conservative  design  condition  for  the  8000  hour  life;  however,  these 
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exposure  levels  are  believed  to  be  much  more  severe  than  necessary.  Thousands  of  hours  of 
P-111  service  data  establish  that  the  stagnation  temperature  exceeds  51.7  °C  (125  °F)  less  than  1% 
of  the  time.  Laboratory  tests  confirmed  that  thermal  aging  caused  the  damping  material  to  stiffen 
slightly,  which  tended  to  increase  damping  treatment  effectiveness.  An  ad^tional  issue  of 
practicality  is  the  ability  to  inspect  the  UOWS  for  structural  integrity  with  the  damping  treatment 
installed.  The  damping  treatment  configurations  used,  in  no  instance  covered  up  fasteners  or 
locations  where  the  cracks  initiate.  Therefore,  the  damping  treatments  will  not  hinder  inspection 
of  the  UOWS  either  visually  or  radiographically  and  the  treatments  also  will  not  impact  removal 
or  installation  of  the  UOWS  or  other  maintenance  functions. 

As  previously  mentioned,  two  new  damping  treatments  were  developed  as  a  result  of  this 
investigation  and  recommended  for  F-15  fleet  retrofit.  The  treatments  consisted  of  an  externally 
applied,  field  installable  system  and  an  internally  applied,  depot  installable  system.  Figure  7 
shows  the  reconunended  external  multiple  (4)  constrained  layer  configuration.  Two  different 
constrained  layers  were  used  in  the  external  treatment  design.  One  consisted  of  a  0.05 1  mm 
(0.(X)2  in)  layer  of  ISD-1 12  VEM  constrained  by  a  0.127  mm  (0.005  in)  layer  of  aluminum  and 
the  other  was  made  of  a  0.051  mm  (0.002  in)  layer  of  ISD-1 13  VEM  also  constrained  by  a  0.127 
mm  (0.005  in)  layer  of  aluminum.  Two  each  of  these  different  constrained  layers  were  used  to 
buUd  up  the  total  of  four  constrained  layers  in  the  external  treatment  design.  Two  VEMs  were 
used  to  broadened  the  effective  temperature  range  of  the  damping  treatment.  The  six  outer  most 
spar-rib  bays  were  covered  (Rl,  R2,  R3,  LI,  L2,  and  L3)  by  the  external  treatment.  Figure  8  is  a 
photo  of  the  external  treatment  installed  on  an  F-15  wing. 

The  recommended  internal  treatment  design  is  summarized  in  Figure  9.  Starting  at  the  wing 
skin,  there  was  a  0.102  mm  (0.004  in)  layer  of  pressure  sensitive  adhesive  (PSA)  which 
performed  as  a  VEM.  Next  there  was  a  2.032  mm  (0.080  in)  stand-off  layer  of  syntactic  foam 
configured  to  maintain  high  shear  stiffness  and  low  flexural  stiffness.  This  was  achieved  by 
cutting  a  checker  board  pattern  into  the  syntactic  foam.  Finally,  three  constrained  layers  of 
damping  material  were  placed  on  top  of  the  stand-off  layer.  The  first  constrained  layer  (from  the 
bottom)  consisted  of  0.102  mm  (0.004  in)  of  VEM  constrained  by  0.127  mm  (0.005  in)  of 
aluminum.  The  other  two  constrained  layers  each  consisted  of  0.05 1  nun  (0.002  in)  of  VEM 
constrained  by  0.127  mm  (0.005  in)  of  aluminum.  For  all  layers  the  Hueston  Industries  F-440 
VEM  was  used.  The  internal  damping  treatment  was  applied  in  the  chemically-milled  pockets 
between  the  integral  stiffeners  for  all  8  spar-rib  bays  shown  in  Figure  5.  Additionally,  there  were 
viscoelastic  links  (VELs)  placed  between  the  caps  of  the  integral  stiffeners  and  the  notches  in  the 
ribs.  The  VELs  were  located  in  all  rib  notch  locations.  The  VEL  material  was  slightly  tacky  at 
room  temperature.  A  VEL  thickness  of  12.7  mm  (0.50  in)  was  used  to  provide  an  interference 
fit.  The  purpose  of  the  VEL  was  to  provide  a  link  (having  both  stiffness  and  damping)  from  the 
stiffener  cap  to  ground  (rib  notch),  thereby  reducing  stiffener  rotation.  Figure  10  shows  the 
stand-off  damping  treatment  applied  to  the  internal  surface  of  the  wing  skin.  Figure  1 1  shows  the 
VELs  located  in  the  rib  notches. 

RESULTS 

A  comparison  between  the  frequency  response  of  the  baseline  UOWS  and  the  UOWS  with 
the  external  damping  treatment  installed  is  presented  in  Figure  12.  The  acceleration  Frequency 
Response  Functions  (FRFs)  were  integrated  twice  to  obtain  the  compliance  (displacement)  FRFs; 
the  compliance  FRFs  were  assumed  to  be  proportional  to  strain.  Figure  13  makes  a  similar 
comparison  for  the  internal  damping  configuration.  Notice  the  dramatic,  beneficial  reduction  in 
response  due  to  the  internal  treatment.  The  comparisons  in  this  report  were  made  on  the  basis  of 
RMS  stress  rather  than  by  considering  peak  values.  Figure  14  presents  the  equation  used  to 
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calculate  the  life  extension  factor.  The  ratio  of  the  damped  to  the  baseline  response  was  raised  to 
the  proper  exponent  to  give  the  life  extension  factor  (ie,  ratio  of  lifetimes).  The  RMS  of  the 
compliance  FRF  between  300  Hz  and  400  Hz  was  the  basis  of  the  calculation. 

Calculations  made  in  this  manner  reveal  that  the  UOWS  with  the  external  damping  treatment 
will  last  5  times  as  long  as  the  baseline  UOWS  (bare  UOWS);  thus  the  life  extension  factor  is  S. 
The  life  of  the  baseline  UOWS  is  approximately  1250  hours;  therefore,  the  projected  life  with  the 
external  damping  treatment  is  6250  hours.  Obviously,  this  is  only  an  estimate;  however,  it  does 
provide  a  measure  of  performance  for  the  damping  treatments.  A  similar  estimate  for  the  internal 
damping  treatment  yielded  a  life  extension  factor  of  34.  The  internal  treatment  is  considered  the 
primary  configuration  for  resolving  the  UOWS  high  cycle  fatigue  cracking.  This  is  because  of 
the  dramatic  reduction  in  response  achieved  with  it  installed.  Its  large  life  extension  factor  should 
offset  a  variety  of  uncertainties  not  accounted  for  by  this  investigation,  such  as  precise 
temperature  at  which  damage  accumulates,  the  fact  that  RMS  strains  were  used  instead  of  peak 
values,  and  potential  changes  in  future  operational  usage. 

CONCLUSIONS 

Tests  were  conducted  on  13  candidate  add-on  damping  treatments  for  the  F-15  UOWS.  Of 
those  tested,  two  damping  treatments  were  recommended  for  F-15  fleet  retrofit.  One  treatment 
was  an  externally  applied  constrained-layer  treatment  and  the  other  was  an  internally  applied 
stand-off  treatment  with  viscoelastic  links  in  the  rib  notches.  The  external  and  internal  treatments 
resulted  in  life  extension  factors  of  5  and  34,  respectively.  The  damping  treatments  were 
thermally  aged  and  corrosion  tested;  no  adverse  effects  were  noted.  The  recommended  damping 
treatments  are  fully  qualified  for  F-15  fleet  retrofit  and  represent  a  viable,  cost  effective  solution 
which  wilt  substantially  iirprove  the  F-15  UOWS  service  life. 

REFERENCES 

1.  Levraea,  V.,  Rogers,  L.,  Parin,  M.,  and  Pacia  A.,  "Add-on  Damping  Treatment  for  Life 
Extension  of  the  F-15  Upper-Outer  Wing  Skin",  WL-TM-91-307-FIBG,  WPAFB,  OH,  1991. 

2.  Parin,  M.,  Rogers  L.,  Moon  Y.,  and  Falugi  M.  "Practical  Stand  Off  Damping  Treatment  for 
Sheet  Metal,"  Proceedings  of  Damping  ’89,  Volume  II,  Paper  No.  IBA,  February  1989. 

3.  Nashif,  A.,  Jones,  D.,  and  Henderson,  J.,  Vibration  Damping.  John  Wiley  &  Sons,  1985. 

4.  Miles,  R.  "The  Prediction  of  the  Damping  Effectiveness  of  Multiple  Constrained  Layer 
Damping  Treatments"  Presented  at  Acoustical  Society  of  America,  Massachusetts  Institute  of 
Technology  June  11-15,  1979. 


291 


Figure  1.  F“15  Aircraft 


Figure  2.  F-15  Wing  Structure 


Figure  4.  Close-up  of  OOWS  Fatigue  Cracks 
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Figure  5.  UOWS  Spar-Rib  Bay  Designation 


Figure  10.  Installed  Internal  Damping  Treatment  Figure  11.  Typical  Placement  of  VELs 


and  Externally  Damped  UOWS 


Figure  13.  Comparison  of  Baseline  UOWS 
and  Internally  Damped  UOWS 


Nd/Nu=(Sd/Su) 


WHCRE 

Nd  =  DAMPED  LIFE 
Nu  =  UNDAMPED  LIFE 
Sd  s  DAMPED  STRESS 
Su  n  UNDAMPED  STRESS 

Figure  lA.  Life  Extension  Calculation 
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ABSTRACT 

A  forced  vibration  technique  for  the  measurement  of  elastic  modulus  and  loss  factor  of  concrete 
beams,  which  includes  resonant  frequencies,  is  described.  Several  different  beams  made  of  plain 
concrete  have  been  cast  and  deflections,  exciting  forces  and  phase  shifts  measured.  The  results 
indicate  large  differences  of  damping  between  resonant  and  non-resonant  regions,  but  also 
considerable  damping  dependency  on  the  concrete  mix.  The  damping  dependency  on  frequency 
and  mix  design  could  be  used  for  a  passive  control  of  vibrations  for  structures.  Furthermore,  the 
method,  which  is  exact  in  terms  of  the  governing  differential  equation,  can  be  also  used  for  testing 
other  materials. 

1.  INTRODUCTION 

An  important  property  in  the  analytical  investigation  of  vibration  of  structures  is  damping  of  the 
material.  In  particular,  for  the  analytical  model  of  hysteretic  damping,  the  determination  of  the 
properties  of  dynamic  elastic  modulus  and  loss  factor  is  important.  These  properties  are  normally 
estimated  from  the  response  of  a  structure  around  its  resonance  frequency.  This  resonance 
condition  leads  typically  to  large  amplitudes  of  vibrations  and  likely  to  some  distortion  of  results  if 
applied  in  the  nonresonant  part  of  a  spectrum  of  the  structure.  An  additional  disadvantage  is 
restriction  of  measured  properties  to  the  resonant  frequency  only. 

A  forced  vibration  of  a  simple  beam  for  asphalt  by  Zaveri  and  Olsen  [1]  was  adopted  here  and 
improved.  The  improvement  was  achieved  by  using  dynamic  deformation  method  for  a  simply 
supported  beam.  The  advantage  of  the  method  is  removal  of  the  upper  limit  for  a  tested  frequency, 
which  is  the  first  natural  frequency  of  the  tested  specimen.  The  method  presented  here  makes  it 
possible  to  measure  both  properties,  the  elastic  mrfoulus  and  the  loss  factor  for  a  frequency  above 
as  well  as  below  the  first  and  higher  natural  frequencies  of  the  specimen.  Furthermore,  additional 
influences  such  as  the  mass  of  the  core  of  the  shaker  and  the  accelerometer  mass  acting  at 
midspan;  shear  deformations  and  rotary  inertia  of  the  beam;  and  overhang  on  both  ends  can  be  also 
included  in  the  measured  modulus  and  the  loss  factor. 

To  consider  the  need  for  a  range  of  frequencies  it  must  kept  in  mind  that  the  first  frequency  of  a 
building  is  within  the  first  decades  from  zero,  where  the  exciting  frequency  induced  by  machinery  is 
50  or  60  Hz,  depending  on  the  country,  but  also  below  as  well  as  above  this  value,  because  of  the 
need  of  gear  boxes  when  rotating  speeds  of  motors  are  unsuited  to  various  needs  in  buildings. 
Hence,  the  range  of  frequency  of  interest  is  broad  and  not  only  related  (preferably)  to  the  resonant 
frequency  of  a  structure. 


2.  PROBLEM  FORMULATION 

The  theoretical  model  is  shown  in  Figure  1  with  the  basic  geometrical  properties  as  indicated.  It  is 
assumed  that  the  sinusoidal  load  applied  will  develop  only  small  amplitudes  of  deformation,  which  will 
be  within  the  linear  range  of  the  material  of  the  specimen.  Only  the  bending  stress  is  considered  to 
contribute  to  the  deflection,  which  is  furthermore  small  in  respect  to  the  dimensions  of  the  beam.  The 
bending  of  such  a  beam  may  be  then  described  by  an  ordinary  differential  equation  of  fourth  order 
and  the  dynamic  load  may  be  expressed  in  a  matrix  using  frequency  functions  as  presented  in 
Kohoutek  [2]. 
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FIGURE  1:  Geometry  of  a  simply  supported  beam. 

The  most  common  types  of  damping  are  viscous,  dry  friction  and  hysteretic.  The  model  of  damping 
used  here  is  that  of  hysteretic  damping,  where  the  stress-strain  relationship  is  that  the  stress 
(harmonic  force)  leads  the  strain  (deformation)  by  a  constant  angle, 

An  harmonic  strain,  e  =  sin  <p  t.  where  the  induced  stress  is  a  =  CTo  $in(d  t  +  y>).  Hence,  an 
harmonic  stress  is  a  =  CToCos  sin  0  f  OoSin  <p  cos  0 1  which  is  also  a  =  Oocos  ip  sin  dt  +  a^sin  ip 
sin  (0t  +  n/2).  The  last  expression  can  be  rewritten  with  use  of  a  complex  variable  as: 

a  -  OoCOS  <p  sin  9t  +  i  OoSin  (p  sin  Gt.  (1) 

Hence  a  complex  modulus  E  *  is, 

E  '  =  a/ £  =  CTo/EoCOS  ip  +  i  Oo/^sin  p  =  E'  +  E",  (2) 

where  the  first  component  is  storage  modulus  and  the  second  is  loss  modulus.  The  loss  factor  17  Is  a 
measure  of  hysteretic  damping,  77  =  (an  ^  =  E’'IE'.  The  relationships  above  lead  to  the  angular 
difference  between  applied  force  P(t)  =  Po  sin  0t  and  the  displacement  vi  by  a  phase  angle  p  as 
derived  thus. 

Consider  a  beam  loaded  by  a  single  periodic  force  P(t)  =  Po  sin  9t  in  the  midspan  as  shown  in 
Figure  2.  Three  different  models  are  considered  here,  a)  simply  supported  beam  on  ideal  hinges,  b) 
semi-rigidly  supported  beam  on  marked  with  a  cross  inside  of  the  circle,  and  c)  semi-rigidly 
supported  beam  with  overhang. 


P(t)  =  Po  sin  0t  P(t)  =  P„  sin  9t  P(,)  = 


a)  Ideal  hinges  b)  Semi-rigid  supports  c)  Semi-rigid  supports  with  overhang 
FIGURE  2:  Three  models  of  simply  supported  bMm  subjected  to  dynamic  ioad. 
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TTie  equilibrium  of  the  dynamic  moment  and  the  dynamic  shear  force  at  the  point  under  the  load 
must  be  maintained  for  any  value  of  f. 


E  M(i)  =  0  and  for  the  amplitudes  Mi}  +  Me  =  0 
where  Mio  and  M12  are 


El  El 

Afo  =  -F7(X,)f  +  -F9(X,)v, 
/,  I? 


El  El 

Me  =  —  Fy  (Xi)  - F9(Xi)  Vi, 

/i  1^ 


similarly  for  the  periodic  shear  force 


E  V(t)  =  P(t)  Ve  +  Ve  =  P 


El  El 

Vat  =  —  Ft  (X)  Vi  +  -  Fa(\)  ^2 
li^ 


El  El 

Ve  =  -Ft(\)vt--Fa(\)i2 

y  l2^ 


(3) 

(4) 

(5) 

(6) 


The  matrix  elements,  after  grouping  the  same  components  where  is  a  rotation  under  the  load  P  and 
vi,  is  the  deflection  at  the  same  point  1 : 


El  El 

an  =  ~  F7(Xi)  +  -  F7(X2)  at2  =  0 

It  I2 

El  El 

822  =  “  Ffl(Xi)  +  -  Fh(X2)  a2i  =  0 

1^ 

The  system  for  the  amplitudes  of  (1  and  Vi,  for  any  frequency  of  the  load,  is 

an^^t  +  at2  Vi  =  0 

a2i?i  +  a22Vi=  P(t) 


(7) 


(8) 


and  the  solutions  can  be  found  exactly,  in  this  case  decoupled.  The  solution  vector  has  the  first 
component  =  0  for  any  6,  and  taking  the  amplitudes  only,  the  second  component  vi  (real  part)  Is; 


4  P  F  ((-1  +  exp('-2X))  cos  X  +  (1  +  exp('-2X))  sin  X) 

V,  - -  (9) 

X*  £'  /  (1  +  exp(-2X))  cos  X 

and  subsequently  taking  a  ratio  of  the  arnplitudes  FM  in  combination  of  the  relationship  E  ’  =  E'(1  +  / 

v), 

4  E'  /X’  (1  +  exp('-2Xj)  cos  X  +  r;  4f/X*  (1  +  oxpf-2X))  cos  X 

P/vi  - - .  (1 0) 

P  {(-1  +  exp(-2X))  cos  X  +  (1  +  exp(-2\))  sin  X) 


The  loss  factor  t)  =  tan  <p  and  the  modulus  of  elasticity  can  be  calculated  from  the  equation  (10). 
Because  the  modulus  is  also  included  on  the  right  hand  side  of  the  equation  in  X,  the  iteratiye 
process  used  is  numerical.  However,  the  equation  (10)  is  the  exact  solution  of  the  differential 
equation  [2]  for  flexural  deformations  of  a  beam.  The  solution  for  the  basic  support  conditions  is 
summarized  in  Appendix,  and  also  in  [2].  Where  the  rotary  inertia  and  shear  deformations  can  be 
included  by  using  frequency  functions  of  [2].  The  result  of  application  to  equation  (9),  when  including 
the  influences  of  shear  deformations  and  rotary  inertia  on  the  total  deflection  vi 
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Vi  = 


4  P  \^(aao  +  ddj{d^1  +  eyip(-2d))  sin  a  -  a^l  -  expf-2d))cos  a} 
E'  I  acdo(aao  +  ddj^(1  +  exp(-2d))  cos  a 


(11) 


and  similar  expressions  can  be  derived  for  the  ratio  of  P/vi,  followed  by  an  iterative  evaluation  of  E, 
thus  including  the  influence  of  shear  deformations  and  rotary  inertia. 

2.1  Influence  of  Support  Conditions  and  Overhang 

It  is  very  difficult  to  create  ideal  support  conditions,  especially  for  a  structure  dynamically  loaded. 
The  dynamic  performance  is  very  sensitive  to  the  support  conditions,  and  when  this  influence  is 
neglected  it  could  lead  to  large  errors  in  the  estimate  of  a  modulus. 

Formulae  have  been  developed  to  accommodate  a  variation  of  the  support  conditions  and  the 
above  process  for  ideal  hinge  supports  can  be  ceirried  out  numerically  for  semi-rigid  supports.  The 
same  method  can  be  used  by  creating  a  stiffness  matrix  for  any  other  tested  structure  using 
Appendix  and  [2],  also  inclusive  of  an  influence  of  rotary  inertia  and  shear  deformations  of  a 
specimen. 

3.  TESTING  SET-UP 

Beams  were  subjected  to  a  sinusoidal  force  of  varying  frequency  applied  in  the  mid-span  by  an 
electromagnetic  shaker.  The  tests  were  performed  by  selecting  particular  frequency  and  adjusting 
the  displacement  to  be  approximately  constant.  This  led  inevitably  to  a  variation  in  the  amplitude  of 
the  dynamic  force,  measured  by  a  piezoelectric  load  cell.  An  accelerometer  with  a  charge  amplifier 
was  the  second  channel  into  the  Spectrum  Analyzer  to  record  a  force,  displacement,  and  a  phase 
shift. 

4.  PROPERTIES  OF  CONCRETE  BEAMS 

The  experimental  programme  is  made  up  of  seven  plain  concrete  beams.  The  beam  dimensions  are 
shown  in  Figure  1 ,  and  mix  proportions  of  the  constituents  follow  in  Table  1 . 

TABLE  1:  Mix  proportions  of  concrete  beams 


Beam  Cement  Silica  fVater  Fine  A.  Coarse  A.  High  Dens.  Ughtwt.  Superplast.  Fibermesh  WjC  Slump 

#  kg/m^  kg/m^kg/m^  kg/m^  kg/m^  kg/m^  kg/m^  l/m^  kg/m*  mm 


A 

523 

263 

1363 

. 

. 

0.5 

170 

B 

557 

267 

937 

9% 

- 

- 

- 

0.48 

165 

C 

557 

197 

937 

689 

747 

- 

- 

0.35 

10 

D 

557 

223 

937 

689 

- 

153 

- 

• 

0.40 

80 

E 

557 

223 

937 

- 

- 

574 

- 

- 

0.40 

85 

F 

518 

39  156 

937 

9% 

- 

- 

8 

. 

0.28 

105 

G 

557 

228 

937 

996 

- 

- 

- 

4.5 

0.41 

75 

with  general  characteristic  of  mixes  as  follows: 

A  -  :  Mix  contains  100%  mortar 
B  -  ;  Mix  containing  100  %  natural  aggregate 

C  -  :  Mix  containing  75  %  natural  aggregate  and  25  %  high  density  aggregate 
D  -  :  Mix  containing  100  %  natural  aggregate  and  25  %  lightweight  aggregate 
E  -  ;  Mix  containing  100  %  lightweight  aggregate 

F  -  :  Mix  containing  100  %  natural  aggregate  with  7  %  of  cement  replaced  with  silica  fume 
G  -  :  Mix  containing  100  %  natural  aggregate  with  Fibremesh 
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Real  part  of  modulus  (Pa) 


Cement  used  was  normal  Portland,  type  A,  complying  with  the  Australian  Standard  AS  1315-1982.  Silica 
fume  being  a  byproduct  of  the  electric  arc  furnace  production  of  silicon  and  ferro-silicon  alloys.  Coarse 
aggregate  was  14  mm  irregular  shaped,  crushed  basalt.  Fine  aggregate  used  was  river  sand.  Lightweight 
aggregate  was  common  household  ornamental  garden  stone,  approximately  10  mm  size.  High  density 
aggregate  consisted  of  steel  punchings  of  mild  steel,  approximately  15  mm  diameter  and  4  mm  thickness. 
Admixture  was  a  superplasticizer,  to  reduce  the  water/cement  ratio  and  to  maintain  the  workability. 
Fibermesh  was  micro-reinforcement  polypropylene  fibres,  used  normally  to  control  shrinkage  cracking. 

TABLE  2:  Measured  properties  of  concrete  beams 


Beam  Comp.  S.  Density  Modulus*  Damping**  Nat.freq.  1  Modulus^  Nat.freq.  2  Nat.freq.  3 
#  MPa  kg/m^  GPa  Log.  Deer.  Hz  GPa  Hz  Hz 


A 

44.5 

2200 

30 

0.129 

66.25 

21.9 

77 

76.9 

B 

49.5 

2360 

35 

0.294 

65.0 

22.6 

79.5 

80.4 

C 

56 

2840 

49 

0.319 

70.0 

31.5 

78.5 

86.9 

D 

53 

2300 

35 

0.317 

72.5 

27.4 

68 

81.35 

E 

45 

2160 

29 

0.209 

62.5 

19.1 

71.5 

77.1 

F 

99 

2440 

52 

0.199 

70 

27.1 

80 

96.6 

G 

45 

2400 

35 

0.239 

56.5 

17.4 

73 

76.1 

*  calculated  according  to  AS1012  Part  12  and  17  (1986)  Nat.freq.l  measured  on  hinges 

*  •  calculated  by  free  decay  test  Nat.freq.2  measured  on  rollers 

t  calculated  from  the  first  natural  frequency  1  Nat.freq.3  calculated  using  E  from  AS1012 


5.  MODULUS  OF  ELASnCTTY  AND  HYSTERETIC  DAMPING  OF  CONCRETE  BEAMS 


A  theory  presented  in  section  2  above  was  applied  to  the  concrete  beams.  The  real  part  of  modulus  of 
elasticity  is  presented  in  Figure  3,  considering  only  four  beams;  A-beam  (44.5  MPa)  made  of  mortar, 
B-beam  (49.5  MPa)  made  of  natural  aggregate,  F-beam  (99  MPa)  made  of  high  strength  concrete,  and 
G-beam  (45  MPa)  made  of  natural  aggregate  with  Fibremesh.  The  real  part  of  modulus  for  the  beams, 
A,B,  and  F  differs  substantially  but  it  has  similar  trend,  even  for  the  high  strength  concrete  F.  However, 
the  behaviour  of  beam  C  differs  in  the  region  below  as  well  as  above  the  natural  frequency.  There  is 
substantial  reduction  of  modulus  on  both  sides  of  the  natural  frequency  of  the  beam.  Additional  difference 
is  a  relative  independence  of  the  amplitude  of  modulus  on  the  frequency  of  excitation  when  compared 


with  other  beams. 


Frequency  of  load  (Hz) 
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FIGURE  3.  Dependency  of  the  real  part  of 

modulus  on  the  frequency  of  loading. 


FIGURE  4.  Dependency  of  the  phase  shift 
on  the  frequency  of  loading. 
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Spec.  Damping  Capacity 


A  phase  shift  for  the  same  beams  are  shown  in  Figure  4,  where  the  grouping  of  three  beams  A,B,  and  G 
is  also  apparent,  however,  the  numerical  values  are  different. 

Specific  Damping  Capacity,  used  because  of  large  value  of  (p,  is  defined  as  a  ratio  of  an  energy  absorbed 
by  the  material  against  the  energy  supplied.  This  is  an  area  of  ellipse  generated  by  the  phase  shift  (p  on  two 
coordinates,  a  force  and  displacement;  over  the  area  of  amplitudes  of  a  force  and  displacement. 

The  area  of  an  ellipse,  for  amplitudes  of  a  force  Po  and  a  displacement  Vo,  based  on  equation  (1)  is: 

At  =  Po  Vo -n  sin  <p,  (12) 

and  the  energy  supplied  is  A2  =  Po  Vo.  Taking  a  ratio  of  At  IA2  leads  to  the  expression  for  a  Specific 
Damping  Capacity: 

V'  =  nsin^.  (13) 

The  results,  shown  here  for  the  same  beams,  showing  the  measured  phase  shift  p  and  calculated  Specific 
Damping  Capacity  ip  are  in  Figures  4,  and  5. 


a 

a. 


B  beam  data  analyzed  for 
different  supports 


0  50  100  150  200 

Frequency  of  load  (Hz) 


(0 

3 

9 

T) 

o 

a 


8.0E+010 


4.0E+01 0 
o 


Sh 

«5 

(X 


rt  O.OE+000 

dJ 

X 


j  □□□□□  JOO  pc  fixed  supports 
aaiiiiii  95  pc  fixed  supports 
-  OA-00-0  hinged  supports 


Frequency  of  load  (Hz) 


FIGURE  5.  Dependency  of  damping  FIGURE  6.  Relationship  between  a  support  conditions 

on  the  frequency  of  loading.  and  the  real  part  of  modulus. 

The  test  arrangement,  in  particular  the  support  conditions,  have  also  marked  influence  on  the  results. 
This  is  shown  in  Figure  6,  where  the  same  measured  data  were  analyzed  for  the  three  support  conditions. 
Completely  fixed  supports,  95%  fixity  at  the  supports,  and  ideal  hinges  result  in  completely  different 
modi^us.  It  is  noted,  that  the  small  change  at  the  fWty  has  considerably  larger  effect  on  the  result  than  the 
same  change  at  a  hinge  (not  shown  here).  Therefore  in  interpretation  of  data,  some  attention  should  be 
paid  to  creation  known  boundary  conditions,  which  will  be  used  correctly  in  the  analysis.  The  beams  tested 
here  were  supported  on  almost  ideal  hinges. 

6.  CONCLUSIONS 


Several  main  points  can  be  made  from  this  first  round  of  tests  on  beams  made  from  plain  concrete.  The 
advantages  of  present  test  arrangement  is  in  testing  the  global  properties  of  concrete,  on  a  large  size  of 
specimen.  Furthermore,  the  stress  distribution  within  the  tested  structure  is  similar  to  the  real  structural 
elements  and  includes  real  size  aggregates  and  its  properties.  However,  the  disadvantage  is  the  result, 
which  clearly  includes  several  mechanisms  of  damping  without  defining  the  individual  contributions  of 
each  of  three  mechanism. 
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1)  The  modulus  of  elasticity  for  plain  concrete  is  frequency  dependent  over  the  range  of  tested 
frequencies,  in  particular:  below,  above  and  at  the  first  natural  frequency  of  the  specimen. 

2)  The  Specific  Damping  Capacity  measured  by  a  phase  shift  is  also  frequency  dependent. 

3)  It  might  be  possible  to  vary  damping  properties  of  concrete  at  will  by  changing  the  comj^ition  of  mix, 
therefore  introducing  additional  design  parameter  for  those  structures  where  such  property  is  required. 

All  main  points  of  the  present  study  need  further  investigation  with  a  different  concrete  mixes  and 
possibly  some  variations  in  support  conditions.  However,  the  method  of  testing  presented  makes  this 
forced  vibration  possible  for  any  beam  structures  and  materials.  The  solution  presented  is  an  exact  in 
terms  of  the  differential  equation  for  a  beam. 
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APPENDIX 


FREQUENCY  FUNCTIONS  Fi(X) 


Transverse  vibration  without  shear  deformations  and  rotary  inertia  considered. 


m9^  1/4 


where  E  -  Young’s  modulus,  I  -  moment  of  inertia,  m  -  mass  per  unit  length,  9  -  loading  frequency,  /  - 
length  of  the  bar. 


FUNCTION 


1  -  exp  -X  (2  sin  X  +  exp  -X) 

f,(X)  =  -  X  - 

cos  X  -  exp  -X(2  -  exp  -X  cos  X) 

sin  X  -  cos  X  +  exp  -2X  (sin  X  +  cos  X) 

f2(X)  =  -  X - 

cos  X  -  exp  -X(2  -  exp  -X  cos  X) 

1  +  exp  -X  (exp  -X  -  2  cos  X) 

F^X)  =  -  X2  — - - i - 

cos  X  -  exp  -X(2  -  exp  -X  cos  X) 


LIMIT  (X  =  0) 


Fi(0)  =  2.00 

F2(0)  =  4.00 


F3(0)  =  6.00 
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Ft(X)  = 


sin  X  (1  -  exp  -2X) 


f5(X)=  X^ 

Fs(\)  =  -\^ 

F7(\)  =  X 


cos  X  -  exp  -X(2  -  exp  -X  cos  X) 
1  +  exp  -X  (2  sin  X  -  exp  -X) 


cos  X  -  exp  -X(2  -  exp  -X  cos  X) 
sin  X  +  cos  X  +  exp  -2X  (sin  X  -  cos  X) 
cos  X  -  exp  -X(2  exp  -X  cos  X) 
2sinX(l-exp-2X) 


F8(X)=  X2 

f9(X)  =  -  X2 

/■to(X)  =  -  X^ 
fti(X)  =  X5 

Fo(X)  =  X5 


sin  X  -  cos  X  +  exp  -2X  (sin  X  +  cos  X) 
1  +  exp  -X  (2  sin  X  -  exp  -X) 


fD(X)  =  -  X^ 

f«(X)  =  XJ  - 


sin  X  -  cos  X  +  exp  -2X  (sin  X  +  cos  X) 
sin  X  +  cos  X  +  exp  -2X  (sin  X  -  cos  X) 
sin  X  -  cos  X  +  exp  -2X  (sin  X  +  cos  X) 

1  +  exp  -X  (2  cos  X  +  exp  -X) 
sin  X  -  cos  X  +  exp  -2X  (sin  X  +  cos  X) 
2  cos  X  (1  +  exp  -2X) 
sin  X  -  cos  X  +  exp  -2X  (sin  X  +  cos  X) 
cos  X  (1  +  exp  -2X)  +  2  exp  -X 
sin  X  -  cos  X  +  exp  -2X  (sin  X  +  cos  X) 

1  -  exp  -X  (2  sin  X  +  exp  -X) 


2  sin  X  (1  -exp-2X) 
cos  X  (1  -  exp  -2X)  -  sin  X  (1  +  exp  -2X) 


Ft{X)  =  -  X 


2sinX  (1  -  exp  -2X) 
sin  X  cos  X  +  exp  -2X  (sin  X  +  cos  X) 


Fe(X)  =  X^  • 


Fn(\)  =  -  X^ 


cos  X  +  exp  -X(2  +  exp  -X  cos  X) 
sin  X  ( 1  -  exp  -2X) 
cos  X  +  exp  -X(2  +  exp  -X  cos  X) 
sin  X  +  cos  X  +  exp  -2X  (sin  X  cos  X) 
cos  X  +  exp  -X(2  +  exp  -X  cos  X) 


/i  =  cos  X  -  exp  -X(2  -  exp  -X  cos  X) 
fz  =  sin  X  -  cos  X  +  exp  -2X  (sin  X  +  cos  X) 
/j  =  cos  X  +  exp  -X(2  +  exp  -X  cos  X) 


F4(0)  = 

F5(0)=. 

F6(0)  = 

F7(0)  : 

Fs(0)  ^ 

F9(0)  = 

Ft,(0)  = 
F,(0): 

Fc(0)  = 

Fu(0)  = 

Fu(0)  = 

F6(0)  = 

Fb(0) 

F^(0) : 


-6.00 

12.00 

12.00 

=  3.00 

=  3.00 

-3.00 

-3.00 

=  3.00 

=  3.00 

=  0.00 

=  0.00 

=  0.00 

=  0.00 

0.00 
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ABSTRACT 

Experimen”!  results  are  presented  which  demonstrate  that  the  streamwise  position  of  the 
transition  region  of  a  flat  plate  boundary  layer  can  be  actively  controlled.  The  means  of 
co.'trol  is  through  the  application  of  suction  through  the  surface  of  the  plate,  a  progressive 
increase  in  suction  rate  being  capable  of  producing  transition  at  progressively  larger  distances 
downstream  from  the  plate  leading  edge.  A  simple  digital  feedback  regulator  based  on  an 
integral  control  law  is  shown  to  be  most  effective  in  regulating  the  position  of  transition,  an 
error  signal  being  derived  from  measurements  of  pressure  fluctuations  on  the  surface  of  the 
plate. 

1.  INTRODUCTION 

The  maintenance  of  laminar  flow  in  the  boundary  layer  over  the  surface  of  a  moving  body 
will  reduce  both  skin  friction  drag  and  the  generation  of  flow  noise.  The  pursTiit  of  the 
former  objective  has  motivated  extensive  research  on  laminar  flow  control,  much  of  the  early 
work  being  undertaken  during  the  1940's  and  50's  (see  the  recent  review  by  Gad-el-Hak  [1]). 
Renewed  interest  in  the  subject  has  been  stimulated  by  the  potential  for  vast  savings  in  fuel 
costs  that  result  from  the  maintenance  of  laminar  flow  over  the  wings  of  aircraft.  One  of  the 
classical  approaches  to  the  stabilisation  of  a  laminar  boundary  layer  is  to  suck  fluid  through 
the  surface  over  which  the  boundary  layer  develops.  This  technique  was  demonstrated  by 
several  workers  in  the  1940's  [1]  but  has  never  reached  widespread  practical  use,  mainly 
because  of  the  engineering  difficulties  in  providing  a  suitable  surface  through  which  to 
withdraw  the  fluid.  Many  of  these  difficulties  can  now  be  overcome  with  the  use  of  electron- 
beam  drilled  titanium  sheet  which  provides  a  porous  surface  which  is  both  rigid  and  smooth. 
There  is  also  interest,  however,  in  being  able  to  monitor  the  effect  of  suction  on  the  boundary 
layer  whilst  modifying  the  rate  of  suction  through  the  porous  surface.  Clearly,  the  use  of 
suction  itself  consumes  power  since  a  pump  must  be  provided  to  withdraw  the  fluid. 
Ultimately,  the  aim  would  be  to  so  optimise  the  distribution  and  rate  of  suction  through  a 
wing  surface  in  order  to  minimise  the  total  net  power  consumed  in  propelling  the  aircraft.  In 
this  work  we  take  a  first  step  towards  this  goal  by  showing  that  the  state  of  the  transitional 
boundary  layer  on  a  flat  plate  can  be  effectively  monitored  by  measurement  of  the  fluctuating 
surface  pressures.  Furthermore,  we  demonstrate  that  these  measurements  can  be  used  to 
provide  an  "error  signal"  which  can  be  used  by  a  control  system  which  regulates  the  suction 
flow  rate  in  order  to  maintain  the  transition  region  in  a  desired  streamwise  position. 


2.  SURFACE  PRESSURE  FLUCTUATIONS  DUE  TO  A  FLAT  PLATE  BOUNDARY  LAYER 


All  the  experiments  described  below  were  performed  in  a  small  wind  tunnel  having  a  305 
mm  X  230  mm  working  section.  The  tunnel  could  produce  velocities  in  the  working  section 
up  to  22  ms-l  with  a  turbulence  level  of  1%.  A  flat  plate  with  an  elliptical  leading  ^ge  was 
installed  in  the  turmel  as  illustrated  in  Figure  1.  The  plate  was  1.2  m  in  length  and  filled  the 
230  mm  width  of  the  working  section.  The  plate  was  constructed  of  honeycomb  core  12.7  mm 
in  thickness  to  which  was  bonded  1.2  mm  thick  aluminium  skins.  The  plate  incorporated  a 
suction  panel  in  the  position  shown  in  Figure  1.  The  design  of  the  panel  was  closely  based  on 
that  reported  by  Reynolds  and  Saric  [2].  This  consisted  of  9  suction  strips  each  having  a  width 
of  16  mm  with  a  separation  of  4  mm  between  each  strip.  The  surface  used  above  the  strips 
consisted  of  a  finely  drilled  titanium  sheet  with  0.1  mm  diameter  holes  randomly  spaced  by 
1mm.  This  arrangement  ensured  a  close  to  uniform  distribution  of  surface  suction  'over  the 
area  of  the  panel . 

Pressure  fluctuation  measurements  were  made  downstream  of  the  suction  panel  by  using  an 
array  of  electret  microphones  mounted  flush  with  the  panel  surface.  The  microphone  signals 
were  high  pass  filtered  above  a  frequency  of  800  Hz  to  remove  the  acoustic  pressure 
fluctuations  generated  by  the  wind  tunnel  fan.  Some  t)q>ical  time  histories  are  illustrated  in 
Figure  2.  These  results  show  clearly  the  development  of  the  boundary  layer  from  laminar  to 
turbulent  in  the  region  downstream  of  the  suction  panel.  The  laminar  region  is  characterised 
by  the  almost  complete  absence  of  pressure  fluctuations,  whereas  the  measurements  made  in 
the  transition  region  show  the  development  of  turbulent  spots,  their  'intermittency'  [3] 
increasing  in  the  streamwise  direction  until  the  boundary  layer  becomes  fully  turbulent.  The 
nature  of  the  time  histories  detected  by  the  microphones  were  found  to  be  very  similar  to 
those  detected  by  a  hot  wire  anemometer  traversed  close  to  the  positions  of  the  microphones. 
Figure  3  illustrates  the  change  in  the  distribution  of  rms  pressure  fluctuations  produced  by 
varying  the  flowrate  through  the  suction  panel.  These  results  demonstrate  the  delay  in 
transition  that  can  be  produced  by  increasing  the  suction  flowrate.  Furthermore,  it  is  shown 
how  the  streamwise  location  of  the  transition  region  can  be  accurately  determined  from 
measurements  of  the  surface  pressure  fluctuations. 

3.  ACTIVE  CONTROL  OF  THE  POSITION  OF  THE  TRANSITION  REGION 

We  will  now  show  how  the  measurement  of  the  distribution  of  surface  pressure  can  be  used 
in  controlling  the  suction  flowrate.  Here  we  show  that  the  transition  region  can  be 
automatically  held  at  a  pre-specified  streamwise  location,  irrespective  of,  for  example,  changes 
in  the  mean  flow  velocity.  The  desired  location  of  the  transition  region  can  be  specified  in 
terms  of  the  associated  distribution  of  normalised  rms  pressures.  We  therefore  specify  that  we 
wish  the  rms  values  of  the  outputs  of  a  streamwise  array  of  N  microphones  to  be  given  by,  for 
example,  the  vector 

» =  [Pr(Xl)  Pr(x2)  •  •  •  Pr(’‘N)  ]  (2) 

Each  element  of  the  vector  corresponds  to  a  desired  or  "reference"  value  of  the  normalised 
rms  pressure  given  by  Pr(xn)  =  Prms  (Xp)  /  Pturb-  where  Pturb  **  pressure  fluctuation 

associated  with  the  fully  turbulent  flow  in  the  boundary  layer.  Values  of  p/xp)  therefore  vary 
from  0  to  1  with  streamwise  location  along  the  plate.  A  measure  of  the  "error"  in  the  location 
of  transition  can  then  be  deduced  by  comparing  the  vector  r  with  the  vector  y  given  by 

yT(k)  =  [p(x,,  k)  p(x2,k)  . .  p(xN,k)  ]  (3) 
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where  the  elements  p(xnJ<)  =  Prms  (x^W/peurb  are  *e  normalised  rms  pressures  measured  at  a 
given  time  index  k.  We  then  define  the  error  at  a  tune  index  k  by 

e(k)=  X  [pr<Xn)  -  PCXn/l^)] 
n  =  1 

This  error  signal  is  then  operated  on  by  a  controller  which  modifies  the  suction  rate  to  ensure 
that  the  error  is  driven  to  zero.  The  structure  of  the  control  system  is  therefore  as  illustrated 
in  Figure  4(a),  which  has  been  drawn  in  the  form  of  a  classical  feedback  regulator.  Note  that 
the  "output”  of  the  "plant"  y  can  also  be  influenced  by  "external  disturbances  such  as  those 
due  to  a  sudden  change  in  the  mean  flow  speed.  An  alternative  way  of  representing  the 
control  system  is  that  shown  in  Figure  4(b)  where  it  is  assumed  that,  since  r  takes  a  constant 
value,  we  need  only  consider  the  relationship  between  the  value  of  the  input  u(k)  to  the 
"plant"  and  the  error  output  e(k)  at  a  given  time  index  k.  One  can  then  simply  regard  the 
error  output  produced  by  a  given  control  input  (in  the  absence  of  external  disturbances)  as  that 
resulting  from  the  excitation  of  a  single  input/ single  output  system. 

4.  DYNAMICS  OF  THE  PLANT  AND  CONTROLLER 

The  nature  of  the  error  signal  described  above  will  be  highly  dependent  on  the  time  used  to 
estimate  the  rms  values  of  the  pressure  fluctuations  produced  at  the  microphones. 
Experiments  showed  that  an  averaging  time  of  at  least  10  seconds  was  required  if  the  standard 
deviation  of  the  resulting  distribution  of  rms  values  was  to  be  less  than  10%.  However,  one 
would  clearly  wish  the  control  system  to  operate  over  a  much  shorter  timescale,  with  a 
response  time  of  much  less  than  ten  seconds.  For  example,  the  reference  vector  of  desired 
rms  pressure  values  at  four  microphones  placed  at  the  streamwise  locations  X]  =  0.835  m, 
X2  =  0.85  m,  xj  =  0.865  m  and  X4  =  0.885  m  downstream  of  the  leading  edge  can  be  defined 
as 


rT  =  [0.2  0.33  0.66  0.8]  (5) 

Figure  5  shows  the  corresponding  sequence  of  values  of  e(k)  computed  following  a  step 
change  in  the  control  voltage  supplied  to  the  variable  speed  pump.  Thus  the  controller 
(computer)  outputs  values  u(k)  to  the  speed  controller  at  intervals  of  0.36  s.  The  resulting 
error  is  computed  at  intervals  of  0.36  s  by  sampling  the  time  histories  of  the  pressure 
fluctuations  over  a  duration  of  0.1  s.  The  step  response  illustrated  in  Figure  5  shows  how  the 
intrinsically  intermittent  nature  of  the  pressure  fluctuations  produced  in  the  transition  region 
will  result  in  a  very  "noisy"  error  signal  when  short  duration  data  lengths  are  used  to 
estimate  its  value.  Also  sho’Am  in  Figure  5  is  the  response  of  the  error  to  a  step  change  in  the 
input  when  averaged  over  an  ensemble  of  40  separately  repeated  experiments.  The 
underlying  response  of  the  system  is  therefore,  at  least  to  a  first  approximation,  characteristic 
of  a  first  order  system  whose  step  response  converges  exponentially  to  its  steady  state  value 
with  a  well  defined  time  constant.  Figure  6  shows  the  variation  of  the  ensemble  averaged 
relationship  between  the  steady  state  values  of  e(k)  as  a  function  of  the  steady  state  value  of 
the  input  u(k),  the  value  of  the  voltage  output  to  the  suction  pump  speed  controller.  Figure  6 
shows  that  at  least  over  a  certain  range  of  the  value  u(k),  the  "plant"  illustrated  in  the  block 
diagram  of  Figure  4(b)  can  be  considered  as  a  linear  system.  A  simple  description  of  the 
dynamics  of  this  system  is  given  by  the  first  order  difference  equation 

e(k  +  1)  =  ae(k)  +  bu(k)  +  w(k)  (6) 
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where  the  system  dynamics  are  characterised  by  the  parameters  a  and  b.  These  take  the 
approximate  values  of  a  =  0.01  and  b  =  2.4.  The  "noise"  produced  in  the  error  signal  when 
sampling  over  a  short  duration  is  represented  by  the  signal  w(k)  which,  to  a  first 
approximation,  can  be  considered  to  be  zero  mean  Gaussian  white  noise. 

The  noisy  value  of  the  error  signal  can  be  dealt  with  effectively  by  using  what  amounts  to  an 
integral  controller.  Thus,  in  terms  of  classical  control  theory  [4],  the  input  to  the  plant  u(k)  is 
simply  made  equal  to  the  time  integrated  value  of  the  error  signal  multiplied  by  a  gain  K.  In 
discrete  time  this  amounts  to  updating  the  controller  output  u(k)  in  accordance  with 

u(k  +  1)  =  u(k)  +  Ke(k)  (7) 

where  it  has  been  assumed  that  in  the  equivalent  continuous  time  case  u(t)  =  Kje(t)dt  or 
du(t)/dt  =  Ke(t)  and  a  finite  difference  approximation  is  made  for  du(t)/dt.  This  form  of 
control,  sometimes  referred  to  as  "incremental  control"  is  particularly  suited  to  the  current 
problem  since  it  is  capable  of  automatically  tracking  a  steady  state  reference  set  point  (in  this 
case  zero  error)  even  in  the  presence  of  unmodelled  external  disturbances  (see,  for  example, 
Wellstead  and  Zarrop  [5]  for  a  full  discussion).  It  is  also  interesting  to  note  that  the  algorithm 
specified  by  equation  (7)  can  be  regarded  as  a  special  case  of  a  stochastic  approximation  method 
for  efficiently  hnding  the  zero  value  of  what  amounts  to  a  "noisy"  error  function  [6]. 


5.  THE  PERFORMANCE  OF  THE  CONTROL  SYSTEM 

A  typical  result  which  illustrates  the  effectiveness  of  the  control  system  is  shown  in  Figure  7. 
This  shows  the  development  of  the  error  signal  e(k)  and  the  controller  input  u(k)  when  a 
sudden  change  is  made  to  the  mean  flow  speed  in  the  wind  tunnel.  This  was  accomplished 
by  applying  a  step  input  to  the  speed  control  of  the  wind  tunnel  fan.  The  value  of  the 
controller  gain  K  chosen  in  this  case  was  given  by  0.03,  the  system  becoming  unstable  at  a 
value  of  K  of  0.045.  The  results  demonstrate  the  excellent  response  of  the  system  when  an 
external  disturbance  is  imposed.  The  error  very  rapidly  recovers  to  a  mean  value  of  zero  as 
the  suction  rate  is  automatically  adjusted  in  order  to  compensate  for  the  change  in  mean  flow 
speed. 

6.  CONCLUSION 

The  preliminary  experiments  described  demonstrate  the  feasibility  of  automatically 
controlling  the  streamwise  location  of  the  transition  region  in  a  flat  plate  boundary  layer. 
Measurements  of  surface  pressure  fluctuations  have  been  used  successfully  to  both 
characterise  the  location  of  transition  and  to  provide  an  error  signal  input  to  a  suction  rate 
control  system. 
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Figure  1  Schematic  of  test  rig  and  suction  rate  control  equipment. 


309 


Signal  at  mic  no  3  (0.45  m  from  LE) 


Signal  at  mic  no  5  (0  60  m  from  LE) 


Signal  at  mic  no  4  (0.55  m  from  LE) 


Signal  at  mic  no  6  (0.70  m  from  LE) 


Figure  2:  Pressure  fluctuation  time  histories. 


Distance  from  Leading  Edge  in  m. 


Figure  3  Pressure  fluctuation  rms  distribution  with  changing  suction, 
where  u  defines  the  voltage  output  from  the  controller.  The 
results  shown  are  for  a  mean  flow  speed  Uo  of  20  m/s. 
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Figure  4  b):  Alternative  representation  of  the  control  system  in  terms 
of  the  scalar  variables  u{k)  and  e(k). 
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Figure  5:  Time  histories  of  the  error  response  to  step  change 
in  controller  input. 


Figure  6:  Steady  state  input/output  of  the  plant. 
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Figure  7:  Controller  Response  to  a  sudden  change  in  mean  flow 
velocity,  from  Uo-15m/s  to  Uo-20m/s. 
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ABSTRACT 

An  overview  is  given  of  the  worldwide  progress  which  could  be  observed  during  the  last  few  years  in 
the  field  of  active  noise  control.  After  presenting  some  statistical  evaluation  of  the  temporal  and  regional 
development  (showing  a  still  exponential  increase  of  publications,  and  a  shift  from  Europe  to  U.S.A.  and 
Japan),  commercially  avculable  products  and  their  technical  applications  are  briefly  described,  followed 
by  an  outline  of  recent  theoretical  and  experimental  laboratory  research  work. 

INTRODUCTION 

Active  noise  control — first  proposed  in  1933  (Ij,  experimentally  demonstrated  in  laboratory  set¬ 
ups  not  before  the  early  50’s  [2],  theoretically  treated  since  the  mid  60’s  [3],  technical  demonstration 
installations  since  1980  [4,5] — has  led  to  commercially  available  products  since  about  1987  [6].  In 
the  last  few  yeeu-s,  considerable  progress  has  been  made,  although  the  application  is  still  confined  to 
acoustically  “simple”  problems.  Somewhat  older  is  active  vibration  control  where  similar  techniques 
are  applied  and — mainly  because  of  its  importance  for  spacecraft  and  aircraft — greater  activities  can 
be  observed.  This  paper  does  not  intend  to  give  a  historical  review  of  the  development  of  active  noise 
control  since  a  number  of  such  reports  have  been  published  in  the  past  [e.  g.,  7-9],  and  particularly  the 
recently  published  excellent  first  monograph  on  “Active  Control  of  Sound”  by  NELSON  and  ELLIOTT 
[10]  provides  all  necessary  information.  It  is  also  assumed  that  the  reader  be  familiar  with  the  basic 
principles  of  active  noise  control,  the  cancellation  of  an  existing  sound  by  its  negative  replica  or,  more 
effective,  the  installation  of  an  antiphase  compensation  source  next  to  a  primary  sound  source. 

Active  (usually  electroacoustic)  noise  control  is  still  widely  considered  somewhat  exotic,  the  vast 
majority  of  noise  reduction  problems  being  solved  with  the  technically  much  simpler  (though  not  always 
cheaper)  conventional  passive  methods  of  sound  absorption  or  sound  shielding.  However,  there  are 
situations  where  these  methods  fail,  psirticularly  at  low  frequencies  where  passive  means  become  either 
inefficient  or  too  bulky  for  practical  installations. 

A  fundamental  problem  to  be  solved  in  each  active  sound  cancellation  system  is  the  requirement  of 
highly  precise  control,  temporal  stability  and  reliability.  This  is  the  reason  why  the  application  of  active 
systems  became  reasonable  only  after  the  development  of  powerful  digital  electronics.  This  is  reflected 
in  the  temporal  development  of  research  activities  on  this  subject  as  can  be  seen  from  the  number  of 
publications.  Fig.  1  shows  a  histogram  of  publications  on  swrtive  controls  where  the  number  of  references 
per  year  are  plotted,  3460  of  them  being  taken  from  a  comprehensive  dat  .  base  [11],  plus  several 
hundred  new  entries,  and  about  1000  reliable  citations  where  the  papers  have  not  yet  been  available. 
The  frequency  of  publications  is  still  increasing  exponentially  (the  seeming  drop  in  the  last  few  years  is 
due  to  incompleteness  of  data).  Active  noise  control  papers  amount  to  about  1/3  of  the  total  number. 


REFERENCES  ON  ACTIVE  CONTROLS 
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Fig.  1.  Histogram  of  publications  on  active  noise  and  vibration  control. 


The  regional  distribution  can  be  seen  from  Fig.  2.  Until  very  recently,  Europe  has  been  leading 
in  this  field,  but  meanwhile  the  U.S.  and  Japanese  contributions  are  prevailing.  This  is  even  more 
pronounced  for  commercial  products  as  will  be  outlined  below. 

REFERENCES  ON  ACTIVE  NOISE  CONTROL 


(January  1992) 
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Fig.  2.  Histogram  of  publications  on  active  noise  control. 
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INDUSTRIAL  PRODUCTS 
Broadband  Duct  Noise  Silencers 

A  traditional  field  of  active  noise  control  research  has  been  the  cancellation  of  fan  noise  in  ventilation 
ducts  etc.  where  the  fact  of  one-dimensional  propagation  at  low  frequencies  facilitates  the  application  of 
active  controls.  Since  1987,  the  U  S.  company  Digisonix,  a  division  of  Nelson  INDUSTRIES,  manufac¬ 
tures  active  systems  as  an  alternative  or  supplement  to  their  conventional  passive  silencers  [6].  Several 
Japanese  companies  are  offering  lately  very  similar  active  noise  control  systems:  Ebara  CORPORATION 
[12]  combines  DiGISONix  controllers  with  their  own  transducers,  while  Hitachi  Plant  Engineering 
&  Construction  Co.  [13]  and  Mitsubishi  Heavy  Industries  [14]  have  developed  their  own  prod¬ 
ucts.  Hitachi  propagates  applications  in  HVAC  installations  of  concert  halls,  auditoriums  etc.,  while 
Mitsubishi  appears  to  favor  industrial  applications.  Typically,  stochastic  noise  can  be  reduced  by  10- 
20  dB  in  the  frequency  range  above  about  30  Hz,  tonal  components  by  up  to  40  dB.  A  new  DIGISONIX 
product,  the  DIGIDUCT™,  combines  passive  absorption  with  active  cancellation  in  a  duct  and  yields 
12-20  dB  broadband  reduction  from  40  to  160  Hz  in  HVAC  systems  [15].  The  lower  frequency  limit  of 
the  active  system  is  determined  by  turbulent  pressure  fluctuations  which  must  not  be  picked  up  by  the 
input  microphone  (usually  an  antiturbulence  “Neise  microphone”  the  maximum  length  of  which  is  set 
by  the  individual  installation  situation),  the  upper  limit  by  the  cut-on  frequency  for  higher-mode  sound 
propagation  in  the  duct  or,  in  narrow  ducts,  by  the  signal  processor  speed  (about  3  kHz). 

Broadband  Active  Headphones 

Noise  cancellation  at  the  ear  by  a  modified  headphone  has  first  been  proposed  in  1949  [16].  The 
U.S.  company  Bose  [17]  and  the  German  company  Sennheiser  [18]  have  developed  noise  canceling 
headsets  for  application  in  aircraft  cockpits.  They  transmit  speech  communication  signals  as  usual,  but 
reduce  ambient  noise  by  5-25  dB  in  the  frequency  range  from  30  Hz  to  2.5  kHz.  Sennheiser  also  offers 
noise  crmceling  headphones  without  signal  communication,  both  open-backed  (with  feedforward  control) 
and  closed-backed  (with  feedback  control).  The  latter  provides  a  noise  le'/el  reduction  of  better  than 
25  dB  above  40  Hz  [19].  SENNHEISER  hopes  to  sell  active  hearing  protectors  also  for  car  drivers,  but 
this  will  only  be  possible  after  changing  the  legislation  (at  least  in  Germamy).  All  active  headphones  on 
the  market  employ  analog  electronics. 

Repetitive  Noise,  Waveform  Synthesis 

The  earliest  digital  active  noise  control  system  was  developed  by  B.  CHAPLIN  in  England  to  cancel 
periodic  disturbances  by  “waveform  synthesis,”  a  conceptually  simple  adaptive  procedure  [20] .  Basing 
on  Chaplin’s  patents,  the  U.S.  companies  NCT  [21]  and  ANVT  [22]  compete  in  developing  commercial 
systems.  Since  a  few  years,  NCT  is  successfully  selling  am  accessory  equipment  to  medical  diagnostic 
centers  by  which  patients  in  magnetic  resonemce  imaging  (RMl)  scanners  can  be  protected  against  the 
ainnoying  impulsive  noise  [23].  A  special  feature  of  this  system  is  a  pneumatic  headphone  since  no  metail 
must  be  brought  into  the  scam  room. 

Both  NCT  amd  ANVT  have  developed  electronic  mufflers  for  automobiles  and  hope  for  mass  produc¬ 
tion  in  neair  future  [24,25].  NCT,  in  a  joint  venture  with  WALKER  Manufacturing,  have  developed 
active  mufflers  for  industrial  applications,  particulau-ly  for  material  handling  tremsfer  units  [26].  In 
amother  project,  NCT  are  developing  active  heaidphones  that  eliminate  machine-related  periodic  com¬ 
ponents  from  the  sound  impinging  on  the  weau'er’s  ears  [27].  NCT  have  also  developed  a  local  noise 
canceling  feedback  system  according  to  am  old  idea  of  Olson  [2]  and  installed  this  in  the  headrest  of 
an  easy-chair.  They  propose  aircradt  cabins  to  be  provided  with  their  “Silentseat”  [28].  With  their  new 
processor,  NCT  2010,  they  enter  the  field  of  raultichamnel  repetitive  noise  cancellation. 

Repetitive  Noise,  LMS  Controilers 

Waveform  synthesis  is  not  the  only  way  to  generate  the  canceling  signal  for  (quasi  )periodic  noise. 
Another  method  is  adaptive  tracking  control  in  combination  with  the  LMS  algorithm. 

The  potential  of  this  technology  for  camceling  the  interior  noise  in  cars  has  been  investigated  in 
England  by  LOTUS  ENGINEERING  in  cooperation  with  the  University  of  Southampton  [29].  The  Japanese 
car  mamufacturer  NISSAN  has  obviously  started  a  field  test  of  this  system  by  series  installation  in  a  new 
model,  which,  however,  is  sold  only  in  Japan  so  far.  Many  other  automobile  companies  all  over  the  word 
eu'e  known  to  develop  their  own  systems. 
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It  would  be  fine  to  have  better  (e.  g.,  active)  noise  control  in  more  technical  equipment  of  everyday 
life.  This  is  often  a  financial  problem  since  the  products  should  not  be  much  more  expensive  with  than 
without  noise  control.  The  first  product  of  this  type  on  the  market  is  a  refrigerator  with  active  noise 
canceling  of  the  periodic  motor  and  compressor  noise.  It  is  the  model  GR  W40NVI  of  Toshiba  COR¬ 
PORATION,  sold  in  Japan  for  ¥  300000  as  compared  to  ¥  250000  for  the  same  model  without  active 
cancellation. 

RECENT  RESEARCH  ACTIVITIES 

Scanning  the  programs  or  proceedings  of  recent  acoustics  meetings  and  special  conferences  [30,31], 
we  observe  particular  emphasis  on  the  active  control  of  sound  fields  in  three-dimensional  spaces  (rooms, 
vehicles),  on  algorithms,  and  on  the  active  control  of  sound  radiation  from  vibrating  structures.  The 
percentage  of  the  formerly  dominant  papers  on  duct  noise  cancellation  is  decreasing,  but  it  is  still  a 
subject  of  concern.  In  the  following,  the  main  directions  in  the  different  resesirch  fields  of  active  noise 
control  shall  be  outlined. 

Duct  Noise 

The  DiGISONIX  and  comparable  Japanese  systems  by  which  low  frequency  stochastic  noise  is  can¬ 
celled,  employ  adaptive  digital  feedforward  controllers.  Usually,  the  “filtered-x  algorithm,”  a  modi¬ 
fication  of  the  well-known  LMS  (leeist  mean  square)  algorithm  is  applied  which  compensates  for  the 
decorrelation  of  the  input,  x{i),  and  the  error  signal,  e(t),  by  (acoustic  and  electronic)  delay  in  the 
error  path.  Including  adaptive  cancellation  of  acoustic  feedback  by  another  adaptive  filter,  both  can 
be  combined  in  a  recursive  adaptive  filter  (RLMS,  also  the  “Feintuch”  algorithm  has  been  applied 
[32]).  More  recently  this  has  been  extended  to  the  “filtered-u”  and  other  recursive  adaptive  feedforward 
algorithms,  also  in  combination  with  feedback  control  for  the  cancellation  of  repetitive  signal  compo¬ 
nents  [33].  An  independent  auxilieiry  noise  source  has  here  been  applied  for  the  identification  of  the 
acoustic  transfer  functions;  a  newly  developed  circuitry  with  “overall  modeling”  utilizes  the  duct  noise 
itself  for  this  purpose  [34].  The  problem  of  optimizing  the  filter  convergence  has  led  to  further  edgorithm 
modifications,  however  requiring  greater  computation  complexity  [35].  Further  research  activities  eiim 
at  developing  systems  that  are  capable  of  canceling  not  only  plane  waves  but  also  higher  modes  of  sound 
propagation  in  the  duct.  This  requires  additional  hEirdware  (loudspeakers  and  microphones)  and  more 
sophisticated  algorithms  [36]. 

Structural  Sound 

Active  noise  and  vibration  control  combine  in  the  development  of  means  for  reducing  sound  radiation 
from  vibrating  structures.  The  interaction  of  structure  and  sound  field  renders  special  sensor  and 
controller  problems  [37],  but  the  weak  coupling  of  sound  into  accelerometer  signals  may  also  reduce 
acoustic  feedback  [38].  Much  work  is  being  devoted  to  the  investigation  of  possibilities  for  applying 
distributed  sensors  and  actuators  (piezoceramics  and  piezopolymers)  [e.  g.,  39,40].  Research  work  in 
this  field  is  still  in  the  laboratory  stage;  all  papers  deal  with  model  experiments  on  plates,  shells,  etc. 
This  does  not  only  apply  to  airborne  sound,  but  also  to  underwater  noise,  e.  g.,  the  reduction  of  sound 
radiation  from  submarines  etc.  [41]. 

Interior  Spaces 

Active  control  of  noise  in  three-dimensional  enclosures  has  been  and  is  being  investigated  in  many 
laboratories.  At  low  frequencies  where  non-overlapping  resonances  occur,  modal  control  is  possible,  i.  e., 
a  single  loudspesdcer  is  able  to  cancel  the  sound  field  in  the  whole  room  (unless  it  is  positioned  in  a  node 
of  the  standing  wave  pattern).  An  example  is  the  “boom”  in  cars,  a  resonance  of  the  air  volume  which 
is  often  excited  by  an  inherent  unbalance  of  four-cylinder  engines.  It  can  be  actively  controlled  with 
a  tracking  controller  and  relatively  few  transducers  [29].  While  this  problem  seems  to  be  solved,  the 
active  control  of  broadband  noise  in  cars  and  propeller  airplanes  is  still  a  matter  of  intense  research.  The 
difficulties  encountered  by  poorly  identified  primary  sources,  transmission  paths  etc.  have  been  outlined 
in  [42].  Multichannel  algorithms  have  been  developed  and  tested  in  model  experiments  [43].  Most  of  the 
interior  noise  in  vehicles  is  transmitted  from  vibrating  parts  of  the  hull.  An  alternative  to  cancellation 
by  loudspeakers  is  therefore  the  compensation  of  wall  vibrations  by  appropriately  located  and  driven 
actuators.  The  concept  and  model  experiments  are  presented  in  [44]. 

Much  work  has  been  devoted  to  the  question  of  optimal  control  of  3-dim.  sound  fields  [10  (Ch.  5- 
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12), 45].  Related  problems  in  room  acoustics  are  the  equalization  of  sound  fields  [46]  and  the  multiple 
chEuinel  sound  reproduction  [47]  which  is  also  important  for  natural  speech  reproduction  in  tele-  and 
videoconference  systems  (including  correct  speaker  localization)  [48,49].  A  similar  technique  has  been 
applied  to  compensate  for  the  distortion  of  sonic  boom  signals  by  the  test  chamber  [50].  Fundamental 
problems  of  power  minimization  and  source  interaction  have  been  adressed  in  [51]. 

Algorithms 

Some  widely  used  adaptive  algorithms  have  been  mentioned  above:  LMS,  RLMS,  filtered-x,  Fein- 
TUCH,  and  also  the  extension  to  multichannel  versions;  for  an  overview,  see  [52].  The  advantages  of 
lattice  filters  are  discussed  in  [53],  stability  and  robustness  properties  of  different  algorithms  are  com¬ 
pared  in  [54-56] ,  the  applicability  of  intensity- related  methods  is  discussed  in  [57] .  As  new  concepts  for 
active  controls  have  been  introduced  “genetic  algorithms”  [58],  the  control  of  chaotic  systems  [59],  and 

control  [60]. 

Echo  Cancellation 

Active  noise  control  has  benefitted  from  algorithm  development  for  applications  to  other  fields,  in 
particular  to  echo  cancellation  on  telephone  lines  where  echoes  occur  at  impedance  steps  in  the  “hybrid” 
which  connects  4-wire  to  2-wire  lines.  These  echoes  bectime  audible  with  the  long  delays  in  satellite 
communication  links,  and  it  is  standard  technology  since  many  years  to  cancel  them  adaptively.  More 
difficult  is  the  cancellation  of  acoustic  echoes  due  to  room  reverberation.  The  problem  occurs  in  tele¬ 
conferencing  and  other  hands-free  telephone  systems  where  the  echoes  degrade  speech  intelligibility  and 
cause  howling  instability  problems.  An  advanced  speech  controlled  teleconference  system  is  introduced 
in  [61].  A  combined  acoustic  and  line  echo  canceler  has  recently  been  developed  [62],  and  improved 
algorithms,  e.  g.  reducing  the  time  delay  in  digital  signal  processing,  are  presented  in  [63-66].  The  same 
compensation  technique  can  be  applied  in  ultrasonic  testing  where,  e.g.,  in  composite  materials  echoes 
from  internal  boundaries  could  mask  echoes  from  flaws  [67]. 

Miscellaneous  Applications 

Some  recently  published  subjects  would  not  fit  into  the  categories  given  above,  they  shall  be  collected 
in  this  final  section.  A  new  method  of  reducing  propeller  aircraft  noise  at  the  ground  by  controlled 
interference  of  propeller  and  exhaust  noise  has  been  developed  by  M.  Kallergis  [68,69].  Active 
improvement  of  the  performance  of  a  noise  barrier  hiis  been  investigated  by  S.  ISE  [70).  The  active 
cancellation  technique  has  successfully  been  apphed  to  reduce  disturbing  pump  noise  in  an  acoustic 
fault  diagnosis  system  to  monitor  gear  defects  [71].  As  an  alternative  to  the  acoustic  control  of  exhaust 
noise  (see  above),  an  adaptively  tuned  Helmholtz  resonator  may  be  applied  [72].  Vibrations  excited  by 
turbulent  boundary  layer  flow  are  one  noise  source  in  aircradt  cabins.  They  can  be  damped  by  passive 
and  active  means  as  has  been  outlined  in  [73].  Active  compensation  for  loudspeaker  nonlinear  distortion 
is  possible  at  44  kHz  sampling  rate  with  a  20  MHz  signal  processor  [74].  Nonlinear  controllers  have 
been  applied  to  actively  compensate  for  road  noise  in  a  car  [75].  Coherence  analysis  is  a  necessary 
procedure  in  active  noise  control  design  if  the  priraiuy  sources  are  uncertain.  Its  extension  to  nonlinear 
transfer  functions  is  possible  by  “transspectral  coherence”  [76].  Neural  networks  have  been  tested  for 
their  applicability  in  active  noise  and  vibration  control  [77, 78]. 

CONCLUSION 

Active  noise  control  is  no  longer  a  laboratory  curiosity;  it  has  found  numerous  technical  applications, 
and  the  near  future  will  presumably  bring  many  more.  Though  an  occasionally  observed  euphoria  is  not 
justified  since  this  technology  will  never  solve  all  noise  control  problems,  it  turns  out  to  be  a  reasonable 
supplement  to  traditional  passive  sound  absorbers  and  insulators. 

The  selection  and  weight  of  topics  presented  in  this  paper — which  had  to  be  written  under  strong 
pressure  of  time — is  naturally  subjective  imd  to  my  feeling  not  at  all  well  balanced.  I  apologize  to  all 
collegues  whose  contributions  have  not  been  considered  adequately. 

REFERENCES 

[1]  P.  Lueg:  Verfahren  zur  Dampfung  von  SchalJschmngungen.  German  Patent  No.  655508.  Filed: 

Jan.  27,  1933.  Patented:  Dec.  30,  1937.  US  equivalent:  Process  of  Silencing  Sound  Oscillations. 

US  Patent  No.  2,043,416.  Filed:  March  8,  1934.  Patented:  June  9,  1936. 


317 


[2]  H.  F.  Olson  and  E.  G.  May  (USA):  Electronic  Sound  Absorber.  J.  Acoust.  Soc.  Am.  25  (1953) 
1130-1136.  Also:  H.F.  Olson  (USA):  Acoustical  Engineering.  Van  Nostrand,  New  York  1957, 
Chapter  9.18:  Electronic  Sound  and  Vibration  Reducers  and  Absorbers. 

[3]  M.  JesSEL:  Ti'aduction  du  principe  de  Huygens  en  acoustique  lineaire.  C.  R.  Acad.  Sci.  Paris  262 
(1966)  1321-1324. 

[4]  M.  A.  SwinBANKS:  The  active  control  of  low  frequency  sound  in  a  gas  turbine  compressor  instal¬ 
lation.  Internoise  82,  San  Francisco,  CA,  May  17-19,  1982.  Proceedings:  p.  423-426. 

[5]  C.  F.  RosS:  A  demonstration  of  active  control  of  broadband  sound.  J.  Sound  Vib.  74  (1981) 
411-417. 

[6]  L.  J.  Eriksson  and  M.C.  AlliE:  A  Digital  Sound  Control  System  for  Use  in  Turbulent  Flows. 
Noise-Con  87,  State  College,  PA,  USA,  June  8-10,  1987.  Proceedings:  p.  365-370. 

[7]  G.  E.  WarNAKA:  Active  Attenuation  of  Noise — The  State  of  the  Art.  Noise  Control  Engineering 
J.  18,  No.  3  (1982)  p.  100-110. 

[8]  D.  C.  Swanson:  Active  Attenuation  of  Acoustic  Noise.  ASHRAE  Transactions  96  (1990)  63-76. 

[9]  D.  Guicking:  Active  Noise  Control — Achievements,  Problems  and  Perspectives.  In  [30],  p.  109- 
118.  Also  in:  Inst,  of  Electronics,  Information  and  Communication  Engrs.  of  Japan  (lEICEJ) 
Technical  Report  Vol.  91,  No.  1  (April  12,  1991),  p.  1-10. 

[10]  P.  A.  Nelson  and  S.  J.  Elliott:  Active  Control  of  Sound.  Academic  Press,  London  etc.  1991, 
ISBN  0-12-515425-9. 

[11]  D.  Guicking:  Active  Noise  and  Vibration  Control.  Annotated  Reference  Bibliography,  3rd  ed. 
1988;  1st  Supplement  1991  (tottd  of  3460  References).  Available:  Drittes  Physikalisches  Institut, 
University  of  Gottingen,  Biirgerstr.  42-44,  D-3400  Gottingen,  Germany. 

[12]  Anon.:  EBARA  Multiple  Noise  Control  System  “EQAS".  In:  [30],  p.  483-486. 

[13]  M.  TakaHaSHI,  R.  Gotohda,  T.  Yamadera  and  K.  AsamI:  Broadband  Active  Noise  Control 
of  Air-Conditioning  Duct  Systems  in  Auditoriums.  In:  [30],  p.  273-278. 

[14]  H.  IwaTA,  M.  NishiMURA,  F.  Aoi,  M.  Abe  and  S.  WaTABE:  Development  of  Active  Noise 
Control  Duct  System.  In:  [30],  p.  493-496. 

[15]  Anon.:  Broadcast  Studio  Quiet  Assured  with  Active  Silencing  of  HVAC  System.  DIGISONIX 
Newslatter  DX-SHD-4  (1991). 

[16]  A.  V.  BykhovskY:  (Method  of  Sound  Attenuation  at  the  Ear)  (in  Russian).  Russian  Patent 
No.  403353/26.  Filed:  Aug.  24,  1949. 

[17]  R.  L.  McKinley:  Development  of  Active  Noise  Reduction  Earcups  for  Military  Applications. 
ASME  Winter  Annual  Meeting,  Anaheim,  CA,  Dec.  1986,  Session  NCA-8B.  Also:  Product  Data 
Sheets  of  BOSE  Co.,  USA. 

[18]  I.  Veit:  Gehorschutz-Kopfhorer.  Elektronik  /contra  Larm.  Funkschau  23/1988,  p.  50-52.  Also: 
Product  Data  Sheets  of  Sennheiser  GmbH,  Germany. 

[19]  I.  VeiT:  Noise  Card — An  Active  Noise  Compensation  System  for  Headphones  and  Headsets.  Paper 
presented  at  the  NATO  RSG-11  Workshop,  Bremen,  Germany,  June  5,  1991  (5  p.) 

[20]  G.  B.  B.  Chaplin  (GB):  Anti-sound  —  The  Essex  breakthrough.  Chartered  Mechanical  Engineer 
(CME)  30  (Jan.  1983)  41-47. 

[21]  Noise  Cancellation  Technologies,  Inc.  (NCT),  Stamford,  CT,  and  Linthicum,  MD,  USA. 

[22]  Active  Noise  and  Vibration  Technologies  (ANVT),  Phoenix,  AZ,  USA. 

[23]  I.  Lebovics  et  al.:  Siemens  Approves  JVoise  Quieting  System  from  NCT  Medical  Systems  for 
MAGNETOM  MRI  Systems.  NCT  Pamphlet,  Nov.  1,  1990. 

[24]  Prototype  demonstration  at  the  Conference  on  Recent  Advances  in  Active  Control  of  Sound  and 
Vibration,  Blacksburg,  VA,  USA,  April  15-17,  1991. 

[25]  T.  H.  Hesse:  Commercial  Considerations  for  the  Implementation  of  Active  Noise  and  Vibration 
Control.  In  [31],  p.  201-206. 

[26]  I.  Lebovics  et  al.:  NCT  and  CSX  Transportation  Through  a  Co-Development  Arrangement  An¬ 
nounce  Purchase  and  Installation  of  World’s  First  Electronic  MufRers  for  Industrial  Use.  NCT 
Pamphlet,  Feb.  6,  1991. 

[27]  I.  Lebovics  et  al.:  NCT  and  Foster  Electric  Join  Forces  to  Produce  Headset-Based  Active  Noise 
Reduction  Systems.  NCT  Pamphlet,  March  25,  1991. 

[28]  G.  P.  EatwelL:  The  Use  of  the  Siientseat®  in  Aircraft  Cabins.  In  [31],  p.  302-310. 


318 


[29]  A.  M.  McDonald,  S.  J.  Elliott,  M.  and  A.  Stokes;  Active  Noise  and  Vibration  Control  within 
the  Automobile.  In  [30],  p.  147-156. 

[30]  Proceedings  of  the  International  Symposium  on  Active  Control  of  Sound  and  Vibration  (“ASJ 
Symposium  91"),  Tokyo,  April  9-11,  1991. 

[31]  C.  A.  Rogers  and  C.  R.  Fuller  (eds.);  Proceedings  of  the  Conference  on  Recent  Advances  in 
Active  Control  of  Sound  and  Vibration,  Blacksburg,  VA,  USA,  April  15-17,  1991. 

[32]  L.J.  Eriksson,  M.C.  ALLIE  and  R.  A.  Greiner;  The  Selection  stnd  Application  of  an  HR 
Adaptive  Filter  for  Use  in  Active  Sound  Attenuation.  IEEE  TYans.  Acoust.,  Speech,  and  Signal 
Processing,  ASSP-35  (1987)  433-437. 

[33]  L.J.  Eriksson;  Recursive  Algorithms  for  Active  Noise  Control.  In  [30],  p.  137-146. 

[34]  L.  J.  Eriksson  and  M.  C.  Allie;  Active  Attenuation  with  Overall  System  Modeling.  1991  IEEE 
ASSP  Workshop  on  Applications  of  Signal  Processing  to  Audio  and  Acoustics.  New  Paltz,  NY, 
Oct.  20-23,  1991  (2-page  summary).  And;  L.J.  ERIKSSON;  Active  Acoustic  Attenuation  System 
with  Overall  Modeling.  US  Patent  No.  4,987,598.  Filed;  May  3,  1990.  Patented;  Jan.  22,  1991. 

[35]  E.  BjaRNASON:  Active  Noise  Cancellation  using  a  Modified  Form  of  the  Filtered-X  LMS  Algorithm. 
Paper  to  be  presented  at  EUSIPCO  '92. 

[36]  R.  J.  SiLCOX  and  S.J.  Elliott:  Active  Control  of  Multi-Dimensional  Random  Sound  in  Ducts. 
NASA  Technical  Memorandum  102653  (May  1990). 

[37]  C.  R.  Fuller  and  R.  A.  Burdisso;  A  wave-number  domain  approach  to  the  active  control  of 
structure-borne  sound.  J.  Acoust.  Soc.  Am.  89  (1991)  1''14. 

[38]  Y.  Sato,  M.  Abe,  T.  Sone  and  K.  KlDO;  S-D  Space  Active  Noise  Control  of  Sounds  Due  to 
Vibration  Sources.  In  [30],  p.  315-320. 

[39]  B.-T.  Wang,  C.  R.  Fuller  and  E.  K.  Dimitriadis;  Active  control  of  noise  transmission  through 
rectangular  plates  using  multiple  piezoelectric  or  point  force  actuators.  J.  Acoust.  Soc.  Am.  90 
(1991)  2820-2830. 

[40]  S.  E.  Burke  and  J.  E.  Hubbard  Jr.;  Distributed  transducer  vibrations  control  of  thin  plates.  J. 
Acoust.  Soc.  Am.  90  (1991)  937-944. 

[41]  L.  D.  Lafleur,  F.  D.  Shields  and  J.  E.  Hendrix;  Acoustically  active  surfaces  using  piezorubber. 
J.  Acoust.  Soc.  Am.  90  (1991)  1230-1237. 

[42]  D.  Guicking,  M.  Bronzel  and  W.  BOHM:  Active  Adaptive  Noise  Control  in  Cars.  In  [31], 
p.  657-670. 

[43]  S.  Laugesen  and  S.  J.  ELLIOTT:  Multichannel  Active  Control  of  Random  Noise  in  a  Small  Re¬ 
verberant  Room.  To  be  published  in  IEEE  IVans.  Acoust.,  Speech,  and  Signal  Processing. 

[44]  S.  D.  Snyder  and  C.  H.  Hansen.-  Mechanisms  of  Active  Noise  Control  by  Vibration  Sources.  J. 
Sound  Vib.  147  (1991)  519-525.  And:  S.D.  Snyder  and  C.H.  HanseN:  The  Effect  of  Modal 
Coupling  Characteristics  on  One  Mechanism  of  Active  Noise  Control.  In  [31],  p.  708-727. 

[45]  M.  TohyaMA,  a.  Suzuki  and  K.  SugiyaMa;  Active  Power  Minimization  of  a  Sound  Sorurce  in 
a  Reverberant  Closed  Space.  IEEE  IVans.  on  Signal  Processing  39  (1991)  246-248. 

[46]  S.  Uto,  H.  Hamada,  T.  Miura,  P.A.  Nelson  and  S.J.  Elliott;  Audio  Equalizer  Using 
Multi-Channel  Adaptive  Digital  Filter.  In  [30],  p.  421-426. 

[47]  P.A.  Nelson,  H.  Hamada  and  S.J.  Elliott:  Inverse  Filters  for  Multi-Channel  Sound  Repro¬ 
duction.  Inst,  of  Electronics,  Inform,  and  Communic.  Engrs.  Japan  (lEICEJ)  Techn.  Report  Vol. 
91,  No.  1  (April  1991),  Paper  No.  EA91-1,  p.  11-25. 

[48]  M.  Miyoshi  and  N.  KoiZUMI:  New  IVansaural  System  for  Teleconferencing  Service.  In  [30], 
p.  217-222. 

[49]  S.  AoKI  and  K.  Matsumoto:  Stereo  Reproduction  Method  for  Teleconference.  In  [30],  p.  497-502. 

[50]  D.  E.  Brown  and  B.  M.  Sullivan;  Adaptive  Equalization  of  the  Acoustic  Response  in  the  NASA 
Langley  Sonic  Boom  Chamber.  In  [31],  p.  360-371. 

[51]  S.J.  Elliott,  P.  Joseph,  P.A.  Nelson  and  M.  E.  Johnson:  Power  output  minimization  and 
power  absorption  in  the  active  control  of  sound.  J.  Acoust.  Soc.  Am.  90  (1991)  2501-2512. 

[52]  H.  Hamada:  Signal  Processing  for  Active  Control  -  Adaptive  Signal  Processing.  In  [30],  p.  33-44. 

[53]  N.C.  Mackenzie  and  C.H.  Hansen;  The  Implementation  of  a  Lattice  Filter  Structure  and 
Suitable  Algorithm  for  an  Adaptive  Active  Noise  Control  System.  In  [31],  p.  372-388 

[54]  D.  C.  Swanson.-  A  Stability  Robustness  Compia-ison  of  Adaptive  Feedforward  and  Feedback  Con¬ 
trol  Algorithms.  In  [31],  p.  754-767. 


319 


[55]  C.  C.  Boucher,  S.  J.  Elliott  and  P.  A.  Nelson:  The  Effects  of  Modelling  Errors  on  the  Per¬ 
formance  and  Stability  of  Active  noise  Control  Systems.  In  [31],  p.  290-301. 

[56]  H.  Fan  and  R.  Vermuri:  Robust  Adaptive  Algorithms  for  Active  Noise  and  Vibration  Control. 
ICASSP  1990.  Proceedings:  Vol.  2,  p.  1137-1140. 

[57]  J.  HalD:  a  Power  Controlled  Active  Noise  Cancellation  Technique.  In  [30],  p.  285-290. 

[58]  A.  R.  D.  Curtis:  An  Application  of  Genetic  Algorithms  to  Active  Vibration  Control.  In  [31], 
p.  338-347. 

[59]  M.  L.  Spano,  W.  L.  Ditto  and  S.N.  Rauseo:  Exploitation  of  Chaos  for  Active  Control:  An 
Experiment.  In  [31],  p.  348-359. 

[60]  K.  Nonami:  Robust  Control  for  Mechanical  Vibration  Systems  Using  Control  Theory.  In  [30], 
p.  165-174. 

[61]  J.  L.  Flanagan,  D.  A.  Berkley  and  K.L.  Shipley:  A  Digital  Teleconferencing  System  with 
Integrated  Modalities  for  Human/Machine  Communication;  HuMaNet.  ICASSP  91.  Proceedings: 
Vol.  5,  p.  3577-3579. 

[62]  M.  Kuo  and  J.  CHEN:  Full-duplex  speakerphone  with  acoustic  and  line  echo  cancelers.  J.  Acoust. 
Soc.  Am.  89  (1991)  1944  (Abstract). 

[63]  P.  J.  Van  Gerwen  et  al.;  Digital  Echo  Canceler.  US  Patent  No.  4,903,247,  granted  20  February 
1990.  Review:  J.  Acoust.  Soc.  Am.  89  (1991)  3033. 

[64]  S.  MaKINO  and  Y.  Kaneda:  Acoustic  Echo  Canceler  Algorithm  Based  on  the  Variation  Charac¬ 
teristics  of  a  Room  Impulse  Response.  ICASSP  1990.  Proceedings:  Vol.  2,  p.  1133-1136. 

[65]  S.  L.  Gay  and  R.  J.  MaMMONE:  Fast  Converging  Subband  Acoustic  Echo  Cancellation  Using  RAP 
on  the  WE®  DSP16A.  ICASSP  1990.  Proceedings:  Vol.  2,  p.  1141-1144. 

[66]  B.  Hatty:  Recursive  Least  Squares  Algorithms  Using  Multirate  Systems  for  Capcellation  of  Acous¬ 
tic  Echoes.  ICASSP  1990.  Proceedings:  Vol.  2,  p.  1145-1148. 

[67]  D.H.  Gilbert:  Echo  Cancellation  System.  US  Patent  No.  4,875,372,  granted  24  Oct.  1989. 
Review:  J.  Acoust.  Soc.  Am.  89  (1991)  1486. 

[68]  M.  KaLLERGIS:  Akustisches  Modell  zur  Berechnung  der  Interferenz  zwischen  Propeller-  und  Kol- 
benmotor-Gerauschen.  In:  Fortschritte  der  Akustik  —  DAGA’9l,  p.  413-416. 

[69]  M.  Kallergis:  Method  of  Reducing  the  Overflying  Noise  of  Airplanes  Having  a  Propeller  Driven 
by  a  Piston  Engine.  US  Patent  No.  4,934,483,  granted;  19  June  1990.  Review;  J.  Acoust.  Soc.  Am. 
90  (1991)  1709. 

[70]  S.  ISE,  H.  Yang  and  H.  TachibanA:  Application  of  Active  Control  to  Noise  Barrier.  In  [30], 
p.  309-314.  And:  S.  ISE;  (Study  of  Active  Noise  Control  to  Apply  to  the  Field  of  Architectural 
Acoustics j.Ph.  D.  Thesis  (152  p.).  University  of  Tokyo,  March  1991.  (In  Japansese,  English  summary 
(18  p.)  available  from  the  author). 

[71]  W.-C.  Chiu  :  Application  of  Active  Noise  Cancellation  for  Source  Identification  and  Monitoring  in  a 
Modal  Environment.  Ph.  D.  Thesis,  Graduate  Program  in  Acoustics,  Pennsylvania  State  University, 
University  Park,  PA,  May  1990.  Review:  J.  Acoust.  Soc.  Am.  90  (1991)  3375. 

[72]  T.  IZUMI  and  H.  Takami;  Muffler  System  Controlling  an  Aperture  Neck  of  a  Resonator.  In  [30], 

p.  261-266. 

[73]  L.  Maestrello:  Passive  and  Active  Control  of  Waves  on  Plate  Structures  Induced  by  Convective 
Loading.  In  [31],  p.  163-174. 

[74]  A.  Goertz,  D.  Leckschat  tuid  W.  KipfeL;  Nichtlineare  Entzerrung  von  Lautsprechern  in 
Echtzeit  mit  einem  Signalprozessor.  In:  Fortschritte  der  Akustik  —  DAGA’91,  p.  849-852. 

[75]  T.  J.  Sutton,  S.  J.  Elliott  and  I.  Moore:  Use  of  Nonlinear  Controllers  in  the  Active  Attenu¬ 
ation  of  Road  Noise  Inside  Cars.  In  [31],  p.  682-690. 

[76]  P.G.  VaIDYA  and  M.  J.  ANDERSON:  Use  of  the  trans-spectral-coherence  technique  to  separate 
signals  from  noise.  J.  Acoust.  Soc.  Am.  89  (1991)  2370-2378. 

[77]  R.  H.  Cabell  and  C.  R.  Fuller:  A  neural  network  adaptive  controller  for  nonlinear  processes. 
J.  Acoust.  Soc.  Am.  89  (1991)  1889  (Abstract). 

[78]  D.  B.  Bozich  and  H.  B.  MacKaY:  Neurocontrollers  Applied  to  Real-Time  Vibration  Cancellation 
at  Multiple  Locations.  In  [31],  p.  326-337. 


320 


SECOND  INTERNATIONAL  CONGRESS  ON 
RECENT  DEVELOPMENTS  IN  AIR-  AND 
STRUCTURE-BORNE  SOUND  AND  VIBRATION 

MARCH  4-6.  1W2  AUBURN  UNIVERSITY.  USA 


Stochastic  Active  Noise  Control 

A.J.  Efron  D.  Graupe 

Signal  and  Image  Research  Laboratory 
Department  of  Electrical  Engineering  and  Computer  Science 
University  of  Illinois  at  Chicago 
Chicago,  IL  60680-4348 


Abstract 

This  paper  describes  an  approach  to  adaptive  active  noise  cancellation  (ANC)  that  is  based  on 
adaptive  control  principles.  The  appproach  aims  at  creating  a  physical  noise-reduced  environment  at 
the  vicinity  of  noisy  machinery,  for  stochastic  machine  noise.  The  system  uses  a  single  microphone 
and  is  designed  to  drive  the  system’s  output  to  the  white  noise  innaccessible  residual  which  is  the 
hypothetical  generating  sequence  of  the  noise  to  be  cancelled.  Our  approach  is  reduced  to  the  explicit 
identification  of  noise,  as  actually  measured  at  the  loop’s  output,  and  to  continuously  forcing  the 
cancellation  network  to  follow  the  identified  parameters  in  a  manner  that  will  whiten  the  output.  To 
cancel  in  a  complex  acoustic  environment  an  array  of  microphone-cancellation  speaker  pairs  can  be 
used. 


INTRODUCTION 

Several  non-adaptive  ANC  systems  have  been  described  in  the  literature  in  recent  years  that  use  a  loud¬ 
speaker  to  cancel  a  noise  source.  These  systems  are  reviewed  in  [1].  Adaptive  ANC  systems  as  described 
in  [2]  use  a  steepest  descent  gradient-type  algorithm  in  conjunction  with  a  training  sequence.  Another 
important  adaptive  ANC  design  was  described  by  Eriksson  et.  al.  (3,  4,  5]  is  based  on  the  Widrow  et.al. 
[6]  LMS  algorithm.  Eriksson  et.  al.  use  two  LMS  algorithms  to  drive  the  system’s  output  to  a  minimum, 
employing  an  input-output  identification  scheme  that  requres  a  delayed  adaptive  inverse  model.  This 
requires,  in  similarity  to  [1],  access  to  both  plant  input  and  output.  The  employment  of  delays  in  the 
channel  estimation  scheme  of  [3,  4,  .5)  cause  estimation  errors  that  result  in  the  system  output  being  a 
colored  time  series,  which  is  the  resulting  cancellation  minimum. 

The  present  approach,  like  that  of  [4],  aims  at  adaptive  stochastic  ANC  (not  being  limited  to  one  or  a 
few  deterministic  peak  frequencies).  The  presently  described  structure  does  not  required  explicit  removal 
of  acoustic  feedback  poles  since  the  total  result  of  noise  source  and  acoustic  feedback  is  identified.  Hence,  a 
single  microphone  may  be  employed.  Our  time  series  model,  which  is  in  terms  of  an  inaccessible  residual,  is 
what  allows  this  savings  of  an  input  microphone  and  of  a  separate  acoustic  feedback  model.  Furthermore, 
our  approach  identifies  the  actual  signal  and  forces  the  cancellation  channel  to  yield  an  overall  closed  loop 
system  whose  output  is  forced  towards  the  hypothetical  and  inaccessible  generating  white  noise  of  the  noise 
that  is  to  be  cancelled.  This  allows  our  approtich  to  circumvent  the  need  for  both  the  delay  elements  and 
the  delayed  adaptive  inverse  model.  The  present  approach  thus  results  in  a  simpler  ANC  system  structure 
both  in  algorithm  and  the  related  need  for  an  input  source  microphone. 
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CANCELLATION  ALGORITHM 


Two  Microphone  Case 

The  noise  to  be  cancelled  n*  may  be  given  in  terms  of  ([7],  chapters  4  and  8)  a  pure  MA  (moving  average) 
model  (see  Figures  1  &  2): 


nt  =  ^{B)wk 

(1) 

where  tu*  is  inaccessible  white  noise,  satisfying 

B  {m}  =  0 

E{wicWi}  =  WSk-i 

(2) 

8k~i  being  a  Kconecker  delta  function  and  B"  is  the  shift  operator  i.e.  B^Wk  =  tui-n.  The  cancellation 
("anti-noise”)  signal  yt  may  be  given  in  terms  of  an  input-output  model  (see  Figure  2)  as; 

yk  =  C(B)G(B)ek 

(3) 

The  summing  junctions’s  output  (cancellation  residual  error),  assuming  no  cross-coupling  in  the 
phones,  ej,  satisfies,  by  Figure  2: 

micro- 

efc  =  yk  +  n» 

(4) 

via  Eq.(3)  and  (4)  becomes: 

Ck  =  C(B)G(B)ek  +  nk 

(5) 

such  that: 

[1  -  C(B)G(B)]ek  =  n* 

(6) 

namely: 

n* 

1  -  C(B)G(B) 

(7) 

Substituting  for  n*  from  Eq.(l),  Eq.(7) 

becomes: 

^(B)wk 

~  1  -  C(B)G(B) 

(8) 

From  basic  principles  of  filtering  and 
achieved  when  e*  is  driven  to  satisfy 

prediction  theory  [7,  8],  the  linear-optimal  cancellation 

will  be 

Ck  ±Wk 

(9) 

Namely,  the  correction  network  C{B)  must  be  set  to  satisfy; 

C(B) 

-  G(B) 

(10) 

Of  the  terms  required  to  set  C(fl)  in  Eq.(lO)  only  ^{B)  is  unknown  and  requires  identification  (estimation). 
However,  the  design  parameter  G{B)  should  in  practice  always  be  checked  (re-identified),  since  it  is  crucial 
for  setting  C(B). 

^(B)  above  is  repeatedly  identified  to  facilitate  repeated  adaptation  of  C{B)  to  any  changes  in  noise 
parameters.  Observe  that  G{B)  represents  a  fixed  set  of  parameters  of  the  system’s  construction,  whose 
repeated  identification  may  not  be  necessary.  The  identification  of  9{B)  is  performed  in  terms  of  the  time 
series  model  of  nt  of  Eq.(l),  with  respect  to  an  innaccessible  white  noise  generating  sequence  (ujt).  Here, 
a  pure  AR  (autoregressive)  model  <^~‘(B)n*  =  uj*  may  be  first  be  identified,  to  subsequently  yield  $(5), 
say  by  polynomial  division  ([7]  chapter  8).  The  identification  of  relatively  fixed  and  predeterminable  G(B) 
is  an  input-output  identificaiton  based  on  U;^  and  yi,  of  Figure  2. 
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•  AconMic  F»tb 
•*  ■  Acooutc  Delay 


Figure  1;  Schematic  of  Adaptive  ANC  System 


Alternatively  to  the  system  of  Figure  2,  a  single-microphone  realization  of  the  same  system  can  he  con¬ 
sidered  as  in  Figure  3.  In  the  system  of  Figure  3  we  may  substitute 

i{B)  =  (11) 

where  '^(B),  H(B)  are  as  in  that  figure.  We  may  further  substitute 

G(B)  =  G'{B)H'{B)  (12) 

where  G'[B),  H'{B)  are  as  in  Figure  3.  H{B)  (H'(B))  above  represents  the  acoustic  link  between  the  noise 
(anti-noise)  source  and  the  microphone-  amplifier  combination.  Assuming  equal  distance  of  microphone 
from  obth  sources,  we  have  that  H(B)  =  H'(B)  in  Eq.(ll),  (12)  above.  Figure  3  can  thus  be  represented  by 
the  block  diagram  of  Figure  4  (regardless  of  equality  of  H{B)  and  H'(B)  above).  In  the  single  microphone 
case  there  is  no  separate  identification  of  i(B)  and  G(B)  possible.  Instead,  ^(B)  can  be  identified  in  terms 
of  a  closed  loop  identification  problem  of  the  closed  loop  model  of  Figure  5  (see  Reference  [7),  Section  8.8 
pages  155-158  for  details),  which  is  a  time  series  model  for  et  in  terms  of  an  inaccessible  generating  white 
noise  input  sequence  given  by: 

e*  =  F(B)wk  (13) 
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where,  by  Figure  5: 


=  r^cims) 

The  single  microphone  case  suffers  from  the  disadvantage  that  any  delay  greater  than  one  sample  length 

Csncellaiion 


Cancellation 

Network 

Acoustic  Path 


Figure  3:  Single  Microphone  Adaptive  ANC  System 
Noise 
Source 


lof  C(B) 


Figure  4:  Block  Diagram  for  Single  Microphone  ANC  System 


will  lead  to  a  non-minimum  phase  G(B).  In  such  situations  it  will  not  be  possible  to  totally  whiten  the  noise. 
Therefore,  to  make  the  approach  practical  one  must  carefully  plstce  the  cancellation  speaker  very  close  to 
the  noise  source  and  the  microphone  must  be  very  close  to  the  joint  sound  outlet  of  both.  Cancellation 
will  thus  take  place  at  the  microphone  site,  however,  it  will  hold  away  from  it  since  B"u)a  is  also  white 
noise  as  indicated  in  Figure  3 

Considering  Eiq.(14),  F(B)  may  be  identified  from  e^,  in  terms  of  an  MA  (moving  average)  model,  say 
via  first  identifiying  a  pure  AR  (autoregressive)  model  for  e*,  namely: 

F->(B)e*  =  w*  (15) 
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Figure  5:  Time  Series  Model  for  e* 

If  G(B)  is  known  (or  has  been  identified  previously)  the  parameters  of  $(B)  are  derivable  from  Elq.(14), 
since  C(B)  is  known.  C{B)  can  be  updated  by  simply  re-identifying  F{B)  as  described  above  and  cal¬ 
culating  C(B)  using  Eq.{14)  with  the  prior  veilue  of  C{B)  and  the  known  value  of  G{B)  (see  [7],  section 
8.8  for  details).  Typically  one  would  monitor  the  whiteness  of  ei,  to  determine  whether  any  of  the  system 
parameters  have  changed.  If  G(B)  is  not  known  a  priori  then  once  F{B)  is  identified  the  associated  ARMA 
model  can  be  identified  as  in  ([7],  section  8.8).  $(5)  can  be  identified  fromthe  MA  part  and  G{B)  from 
the  AR  part  and  the  updating  proceeds  as  described  previously.  Updating  C[B)  is  done  the  same  manner 
as  when  G{B)  is  known. 


Array  of  Cancelling  Speakers 

More  complicated  environments  such  as  a  sum  of  random  plane  waves  can  be  handled  by  using  an  array 
of  microphone-cancellation  speakers.  Obviously  the  acoustic  residued  in  the  target  array  will  not  be  white 
due  to  the  differing  path  lengths  between  the  different  cancellation  speakers.  However  since  the  noise 
power  at  each  cancellation  speaker  is  significantly  reduced  the  overall  power  in  the  target  region  should  be 
significantly  reduced.  This  technique  can  be  used  for  large  diameter  noise  sources.  The  use  of  cancelling 
arrays  is  presently  under  investigation. 

COMPUTATIONAL  RESULTS 

In  this  section  we  describe  the  performance  of  the  system  using  recorded  noise  from  an  industrial  air 
compressor  and  industrial  blender.  In  these  computations  we  also  employ  simulated  speaker-microphone 
link  with  parameters  as  identified  on-line  on  the  actual  hardware.  The  machine  noise  was  recored  on  tape 
and  then  played  through  a  speaker-amplifier  pair.  The  output  of  the  speaker-amplifier  was  identified  as 
a(B}  which  correspondes  to  ♦"'(B)  of  Eq.(l).  One  thousand  samples  were  used  in  a  Sequential  Least 
Squares  algorithm  to  perform  the  identification.  Also  the  input  (recorded  machine  noise)  along  with  the 
output  of  the  speaker-amplifier  pairs  were  used  to  identifiy  its  transfer  function  (G(B)).  Five  thousand 
input-output  sample  pairs  were  used  in  this  identification  to  obtain  an  accurate  G(B).  This  realistic  value 
of  G(B)  was  then  used  in  the  computer  simulations.  It  was  assumed  that  this  value  of  G(B)  was  known 
and  did  not  need  to  be  estimated.  Figures  6  and  7  contain  the  results  of  this  simulation.  Reductions  of 
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54dB  and  16.7dB,  respectively,  were  obtained. 


CONCLUSIONS 

We  have  outlined  a  single  microphone  design  of  an  adaptive  ANC  system  that  avoids  prediction  of  colored 
noise,  thus  achieving  the  optimal  prediction  residual.  Computer  simulations  results  using  actually  recorded 
machine  noise  were  presented  to  llustrate  (simulated)  system  performcince.  Real  time  hardware  is  presently 
being  constructed  at  the  authors  Laboratory  at  the  University  of  Illinois  at  Chicago  and  research  into 
Broad-front  noise  sources  and  arrays  of  cancellers  is  being  conducted. 
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Active  noise  control  (ANC)  with  an  indoor  positioning  system  is  proposed  as  a  method  for  c  an- 
celling  broad-band  noise  in  a  room.  When  ANC  is  applied  to  broad-band  noLse,  effective  attenuation 
is  limited  to  a  tiny  area  around  the  control  points.  Many  control  points  and  louds])eakers  ate  nec¬ 
essary  for  a  large  quiet  zone,  and  calculation  costs  increase  accordingly.  To  resolve  this  itiiiblom. 
a  positioning  system  to  detect  the  location  of  a  person  is  combined  with  ANC.  Control  points  ami 
loudspeakers  are  arranged  at  appropriate  intervals  to  cover  an  entire  room.  Only  a  few  points  and 
loudspeakers  near  the  person  are  selectively  used  at  any  given  moment.  This  reduces  the  calculation 
cost  considerably,  while  providing  enough  attenuation  to  cover  the  entire  room. 


1,  INTRODUCTION 

In  recent  years  amenities  of  living  and  working  environments  has  become  more  e.ssential.  tjuict- 
ness  is  an  important  element  necessary  for  a  comfortable  environment.  Undesired  noise  from  O.A 
processors  in  offices  and  annoying  machines  in  factories  is  a  serious  nuisance  for  many  worker.s  w  ho 
are  sensitive  to  their  working  environment.  In  order  to  create  better  acoustic  environments,  .Active 
noise  control  (ANC)  technology  is  an  attractive  method  for  creating  better  acoustic  environments, 
because  (1)  it  can  reduce  the  cost  and  space  requirements  for  sound  absorbing  materials  esiieciallx- 
when  attenuating  low  frequency  noise,  and  (2)  it  can  treat  noise  problems  in  a  relatively  gemunl 
manner  independent  of  the  noise  sources,  if  their  reference  signals  can  be  measured. 

The  object  of  this  research  is  to  propose  a  practical  system  of  ANC  applied  to  broad-band  noise 
in  a  room.  This  paper  reports  on  the  reduction  of  calculation  costs  using  a  practical  mel  hod  for 
maintaining  a  large  quiet  zone,  within  which  noise  is  effectively  attenuated.  It  is  known  that,  when 
ANC  is  applied  to  noise  cancellation  in  a  room  whose  size  is  much  larger  than  the  wave  length,  the 
quiet  zone  is  restricted  physically  to  a  very  small  area  around  the  control  point  ([3]).  A  large  numirer 
of  control  points  and  loudspeakers  must  be  used  in  such  a  case.  In  adapting  digital  filters  for  control, 
it  is  necessary  to  identify  and  use  the  transfer  functions  for  all  channels  between  the  loudspeakers  and 
control  points.  This  requires  the  control  of  digital  filterings  whose  number  equals  the  irroduct  of  t  he 
number  of  control  points  times  the  number  of  loudspeakers.  An  attempt  to  obtain  a  large  riuiet  zone 
by  using  many  channels,  thus,  results  in  enormous  calculation  costs  and  requires  super-performance 
processors.  This  is  the  main  problem  with  applying  ANC  to  a  large  3-dimen.sional  enclosure. 


This  paper  first  reports  on  experimental  investigations  into  the  extent  of  attenuation  from  ac  liv(’ 
control  of  broad-band  noise  in  a  room.  Suitable  arrangements  of  control  points  are  examineil  and 
calculation  costs  arc  discussed  for  the  case  of  at  least  lOdB  attenuation  is  achieved  in  an  entire  room 
using  conventional  methods. 

In  section  3,  ANC  with  an  indoor  positioning  system  is  proposed  as  a  new  method  for  rednring 
calculation  costs,  while  maintaining  sufficient  noise  attenuation.  Detecting  the  location  of  a  person's 
head  using  an  indoor  positioning  system,  the  proposed  system  cancels  only  the  noise  around  the  head 
using  a  few  selected  control  points  and  loudspeakers.  This  reduces  the  calculation  costs  considerably 
and  makes  ANC  practical  for  even  a  large  cavity.  The  effect  is  investigated  experimentally. 


2.  ACTIVE  CONTROL  OF  BROAD-BAND  NOISE  IN  A  ROOM 

Theoretical  results  on  attenuation  level  around  a  control  point  in  a  diffuse  sotmd  field  ( [3] ) 
indicates  that  the  quiet  zone,  within  which  the  pressure  level  is  at  least  10  dB  below  that  due  ti; 
the  primary  source,  is  a  sphere  with  a  diameter  of  about  one-tenth  of  a  wavelength.  The  following 
sections  report  on  experimental  investigations  into  attenuation  levels  around  multiple  control  points 
iti  the  practical  environment  of  a  room,  which  is  often  modeled  as  a  diffuse  sound  firdd. 

2.1  Contro]  Algorithm 

The  design  of  the  controller  is  a  feedforward  model  using  digital  FIR  filters  (Fig.l).  To  adapt 
the  FIR  filters.  Multiple  Error  Filtered-x  (MEFX)  LMS  ([1|)  or  its  modification.  Error  Scanning  ( ES) 
technique  ([2]),  was  adopted. 

In  the  case  of  1  noise  source,  L  control  points,  and  M  secondary  sources,  MEFX  LMS  is  sum¬ 
marized  as  follows.  Lot  x(n)  be  the  signal  from  the  noise  source,  and  e'(n)  (1  <  I  <  L)  be  the 
output  from  the  microphone  Afic'  placed  at  the  Ith  control  point  P'  (  n  indexes  the  discrete  time.  ). 
If’"  (1  <  m  <  A/)  is  the  FIR  filter  for  control  whase  output  y"'{n)  is  emitted  from  the  lottdspeakei 
Sp’"  as  secondary  sound.  C'™  is  the  transfer  ftmetion  from  Sp™  to  MiP.  Transfer  functions  C'"' 
must  be  identified  as  a  FIR  filter  C'"'  before  the  ordinary  control  process  begins. 

The  filter  output  y'”{n)  is  calculated  as  : 

/-I 

!/'"(”)  =  -  J)  ■  (1) 

i=0 

In  MEFX  LMS  the  FIR  filter  is  atlapted  according  as  the  following  equation  : 

L 

uj7‘(n  +  1)  =  -  a  -  i)  ,  (2) 

i=\ 


where 


j-\ 


r""(n)=^c^x(n-j). 

j=o 


(3) 


Note  that  L  x  M  filterings  are  needed  in  each  sampling  time  to  calculate  r'”'{n).  This  is  the  main 
cau.se  of  the  calculation  cost. 


2.2  Experimental  Procedure 


The  room  used  in  the  following  experiment  is  an  ordinary  office,  whase  dimensions  are  681cm  x 
290rm  x  27f)cm.  A  loudspeaker  is  placed  at  one  side  of  the  room  as  a  noise  source.  Throughout  this 
paper  the  noise  is  50-250Hz  band-limited  white  noise,  whose  sound  pressure  level  is  about  53-58dB(.A) 
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Figure  1:  Multiple  Error  Filtered-x  LMS 

at  control  points  when  there  is  no  control.  The  aim  of  the  experiments  is  to  create  a  2-(limensioi>al 
quiet  zone. 

The  arrangement  of  the  control  points  and  loudspeakers  is  determined  using  the  following  prin¬ 
ciples.  If  the  secondary  source  is  too  far  from  the  control  point,  very  high  power  output  is  required 
from  the  loudspeaker.  The  arrangement  must  be  designed  so  as  not  to  exceed  the  rating  power  and 
not  to  influence  adversely  on  the  outer  area.  At  the  same  time,  the  loudspeakers  should  not  obstruct 
the  actions  of  the  person.  We  investigated  the  suitability  of  various  arrangements  in  preliminary 
experiments. 

From  the  result  given  in  [3],  in  the  case  of  one-point  control  of  100-250Hz  noise,  tlie  quiet  zone, 
within  which  the  attenuation  level  is  at  least  lOdB,  is  14-34cm  around  the  control  point.  For  multiple- 
control  case,  if  each  control  point  has  a  quiet  zone  of  this  size,  control  points  must  be  placed  rather 
densely,  about  at  30cm  intervals.  But  we  can  predict  on  overlap  of  the  zones  in  the  case  of  using 
multiple  control  points,  and  therefore,  the  suitable  interval  of  the  control  points  may  be  greater 
one-tenth  of  the  wavelength. 

Based  on  the  reasoning  above,  we  decided  on  the  following  speaker  and  control  points  arrange¬ 
ments  for  the  experiments.  Four  control  points,  arranged  at  the  corners  of  a  horizontal  square  1 70cm 
high  from  the  floor,  are  controlled  by  four  loudspeakers  arranged  to  form  a  150cm  x  150cm  square 
at  a  height  of  230  cm.  The  size  of  the  squares,  at  which  the  control  points  are  arranged,  is  either  30, 
50  or  70cm  depending  on  the  experiment.  Attenuation  levels  of  100-200Hz  octave  band  are  measured 
at  10  cm  intervals  in  an  80cm  x  80cm  horizontal  square. 

2.3  Experimental  Results  and  Discussion 

Fig.2  shows  the  results  of  experiments.  The  quiet  zone  is  created  around  controi  points.  Accord¬ 
ing  to  the  theoretical  study  in  [3],  the  quiet  zone  from  one  control  point  is  a  sphere  with  a  diameter 
of  approximately  one-tenth  of  a  wavelength.  This  is  also  seen  in  Fig.2,  where  high  attenuation  levels 
are  obtained  around  the  control  points.  At  the  same  time,  however,  overlap  of  the  quiet  zones  ran 
be  .seen  where  there  are  multiple  control  points,  as  described  in  the  previous  subsection.  The  center 
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Figure  2:  Atli  nuation  Levels 


of  the  four  control  points  exhibits  fairly  good  attenuation  in  Fig.2  (a)  and  (b),  when  compared  with 
the  control  points  themselves,  and  generally  speaking,  better  cancellation  is  achieved  in  the  square 
surrounded  by  the  four  control  points  than  in  the  outer  area.  This  phenomenon  is  considered  to  be 
overlap  of  the  effects  from  each  of  the  control  points. 

These  results  indicates  that  approximately  50cm  square  arrangement  of  control  points  is  suitable 
for  a  large  quiet  zone  of  at  least  lOdB  attenuation.  A  30cm  square  results  in  a  smaller  quiet  zone, 
although  the  center  of  the  control  points  shows  very  good  attenuation  due  to  the  overlap  phenomenon. 
A  70cm  square,  conversely,  shows  an  ineffective  zone  at  the  center  of  the  four  control  points  because 
the  overlap  effect  is  comparatively  small,  and  attenuation  is  weaker  over  the  whole  region. 

We  can  calculate  an  example  of  the  calculation  cost  for  adapting  the  filters,  assuming  that  at 
some  height  whole  room  should  become  a  quiet  zone.  As  we  can  see  from  the  above  discussion,  control 
points  should  be  arranged  at  intervals  of  50cm  over  the  entire  room  to  obtain  lOdB  attenuation.  With 
this  assumptions,  a  681cm  x  290cm  room  requires  14  x  6  =  98  control  points.  If  loudspeakers  are 
arranged  at  150cm  intervals,  they  number  5x3=  15.  From  the  discussion  in  section  2,  adapting 
the  FIR  filters  requires  the  calculation  of  98  x  15  =  1372  (!)  filterings  in  each  sampling  time.  This 
would  prevent  the  practical  implementation  of  ANC  in  a  room. 

3.  ANC  WITH  AN  INDOOR  POSITIONING  SYSTEM 

In  this  section,  ANC  equipped  with  an  indoor  positioning  system  is  proposed  to  resolve  the 
calculation  cost  problem  described  in  the  previous  section.  The  proposed  system  includes  an  indoor 
positioning  system,  to  detect  the  location  of  an  object  in  a  localized  area,  such  as  a  room.  Various 
methods  for  indoor  positioning  systems  are  available.  One  uses  a  silicon  device  for  a  2-dimpnsional 
position  sensor,  which  responds  to  sources  of  light  like  a  photo-iliode  and  outputs  the  x-y  coorcliiiiiti's 
of  the  sources.  Neither  digital  signal  processing  nor  image  processing  are  necessary.  By  attacliing 
an  LED  to  a  target,  one  can  easily  construct  a  3-dimensional  position  detector  usiirg  two  of  tliese 
devices.  The  detailed  implementation  of  a  positioning  system  is  not  discussed  in  this  pajrcr. 


Figure  3:  ANC  with  an  Indoor  Positioning  System 

Fig.3  is  a  diagram  of  such  a  system.  The  target  space,  where  noi.se  cancellation  is  expei  ted, 
is  divided  into  small  unit  regions.  Several  loudspeakei-s  (  four  in  Fig.3  )  situated  above  eacli  unit 
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region  control  the  noise  within  that  region.  Each  unit  region  is  further  partitioned  into  smaller  blocks 
(nine  blocks  in  3).  Several  control  points  (  four  points  in  Fig.3  )  are  arranged  for  each  block  as  the 
cancellation  points  for  that  block. 

The  indoor  positioning  system  detects  the  location  of  a  person’s  head  mounted  an  LED,  and 
determines  which  block  he  is  in.  The  Active  noise  controller  loads  the  filter  coefficients  for  noise 
cancellation  in  the  block,  and  D/A  converters  are  switched  to  the  loudspeakers  in  charge  of  the  unit 
region  which  includes  the  block.  Thus  at  any  given  time,  only  a  few  control  points  and  loudspeakers 
{  4  X  4  in  Fig.3  )  are  used. 

The  control  strategy  is  a  feedforward  model  using  FIR  filters.  For  each  block,  the  FIR  filter 
coefficients  are  prepared  so  that  sound  from  the  loudspeakers  cancels  noise  at  the  control  point 
for  the  block.  Before  this  system  is  used  for  noi.se  cancellation,  microphones  are  placed  at  the 
control  points  and  estimates  of  the  transfer  functions  (C'"’)  are  identified.  Based  on  these  estimates, 
the  coefficients  for  the  FIR  filters  are  determined  using  MEFX  LMS  algorithm.  In  this  case,  the 
calculation  costs  arc  only  those  of  the  small  ANC  -system  for  a  block.  Once  determined,  the  filter 
coefficients  are  fixed  atid  the  microphones  are  removed  during  ordinary  usage. 

By  determining  the  position  of  a  person  and  switching  the  coefficients  at  each  sampling  time, 
.A.NC  with  an  indoor  positioning  system  can  always  create  quiet  zone  around  the  person.  The  cal¬ 
culation  costs  for  cancellation  within  the  entire  room  can  be  reduced  to  that  needed  for  a  small  block. 


4.  EXPERIMENTS 

4.1  Procedure 

The  proposed  system  is  being  applied  to  practical  noise  attenuation  within  a  room  (the  same  room 
in  section  2),  The  target  of  the  control  is  a  2'dimensional  space  at  a  height  of  170cm.  One  unit 
region  is  a  150cm  x  150cm  -square.  Each  unit  region  is  divided  into  9  blocks,  each  50cm  x  50cm. 
Four  loudspeakers  are  arranged  60cm  above  the  four  corners  of  a  unit  region,  and  four  control  point.s 
are  placed  at  the  corners  of  each  block.  Four  FIR  filters  W  work  during  cancellation,  and  4x4  =  16 
estimates  of  C'"',  identified  before  control,  are  used  to  determine  W.  The  filter  length  of  U'  is  250 
and  C  128.  The  characteristics  of  the  noise  and  the  measurement  method  are  the  same  as  for  the 
exjjcriments  in  section  2.  The  attenuation  level  in  3  blocks  in  a  unit  region  are  measured  assuming 
that  each  block  is  controlled  at  its  control  points. 

4.2  Results  and  Discussion 

Fig. 4  is  the  result.  As  we  can  sec,  more  than  lOdB  attenuation  can  be  achieved  in  almost  all 
three  blocks.  By  arranging  unit  regions  to  cover  the  entire  room  and  detecting  the  position  of  a 
person,  the  system  can  create  a  quiet  zone  across  the  whole  room. 

In  this  experiment,  the  calculation  cost  of  C'"'  filterings  (Eq.3)  is  128  length  x  16  convolutions 
for  each  sampling  time  (  1  msec  is  enough  for  Nyquist  ).  1  m.sec  /  (16  x  128)  =  488  nsec  can 
be  assigned  for  a  multiplication-and-add  calculation,  if  these  filterings  only  are  carried  out.  Using 
current  device  technology,  one  or  a  few  DSP  can  perform  the  calculation  even  if  other  factors  increase 
the  burden.  If  such  a  large  quiet  zone  were  created  tising  the  conventional  method,  the  calculation 
cast  woidd  be  about  86  times  (1372  filters)  of  the  proposed  system  and  the  implementation  would 
simply  be  a  fantasy. 

The  proposed  system  uses  fixed  signal  processing  during  control.  The  effect  of  changing  envi¬ 
ronments  is  inve„tigated  in  another  set  of  experiments.  After  the  filter  coefficients  are  determined  for 
an  .ANC  system  with  one  control  point  and  one  loudspeaker  with  a  closed  door  and  a  closed  window, 
changes  in  attenuation  level  are  observed  (1)  with  the  door  (  of  dimension  90cm  x  200cm  )  open, 
and  (2)  with  the  window  (  195cm  x  100cm)  open. 


334 


(dB)  ^  ;  more  than  lOdB 

:  8dB  -  lOdB 


Figure  4:  Attenuation  Level  in  a  Unit  Region 

Table  1  shows  the  results.  With  the  window  open,  the  unfavorable  influence  is  only  3.9dD.  But 
the  open  door,  situated  relatively  close  to  the  control  point,  affects  rather  severely  the  attenuation 
level.  We  can  conclude  experimentally  that  fixed  signal  processing  works  well,  if  the  change  in  the 
acoustic  environment  is  small.  Further  experimental  studies  and  theoretical  analysis  are  necessary 
to  determine  the  limits  of  fixed  processing  as  affected  by  change  in  the  environment. 

5.  CONCLUSION 

This  paper  has  described  a  practical  niethorl  for  implementing  ANC  for  broad  band  noi.se  in  a 
large  cavity.  It  has  been  experimentally  shown  that,  combined  with  an  indoor  positioning  system,  the 
ANC  system  can  achieve  high  attenuation  levels  over  an  entire  room  and  greatly  reduce  calculation 
casts.  Even  fixed  signal  processing  works  well  enough  for  practical  use  if  the  acoustic  environmeni 
changes  little.  The  authors  plan  to  apply  the  concept  of  ANC  with  an  indoor  i)ositioning  system  to 
more  practical  problems  and  investigate  the  performance  of  the  system. 
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Table  1 ;  Effect  of  changing  in  the  environment 


Att  (dB) 

regular 

12.0 

door  open 

5.6 

window  open 

8.1 
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ABSTRACT 

In  the  classical  method  of  active  noise  cancellation,  wide-band  performance  is  often  limited 
by  an  inability  to  utilize  a  sufficient  number  of  sensors  and  actuators.  A  new  technique  is 
presented  in  which  the  number  of  such  sensors  and  actuators  is  limited  only  by  space  and 
computational  resources,  and  in  which  the  utilization  of  all  actuators  is  optimally  controlled 
for  every  frequency  of  the  noise  to  be  cancelled.  This  technique  also  optimizes  the 
cancellation  process  even  for  narrow  band  noise.  It  is  applicable  to  methods  employing 
Wiener,  adaptive,  or  other  types  of  filter  mechanisms,  and  can  be  operated  in  either  the 
frequency  or  the  time  domain.  The  new  technique  and  its  applications  are  the  subject  of 
pending  U.S.  Patent  Office  and  Patent  Cooperation  Treaty  applications  by  the  author,  who 
would  be  pleased  to  entertain  possible  licensing  and  related  agreements  with  one  or  more 
organizations  interested  in  utilizing  this  new  technology. 

INTRODUCTION 

In  many  applications  of  classic  noise  cancelling  procedures,  it  has  been  found  that: 

■  It  is  advantageous  to  utilize  multiple  sensors  and/or  actuators  rather  than  a  single  one. 
This  is  particularly  important  when  the  noise  source  consists  of  multiple  independent 
components,  or  when  a  range  of  conditions  such  as  a  relatively  wide  band  of 
frequencies  is  to  be  accommodated  in  the  cancellation  process. 

■  If  a  certain  number  actuators  is  exceeded,  cancellation  becomes  worse  instead  of  better. 

The  need  for  multiple  sensor 'actuators  is  readily  understood  in  the  presence  of  multiple 
noise  sources  which  cannot  all  be  adequately  cancelled  by  a  single  cancelling  microphone 
and  loudspeaker.  Multiple  sensor/actuators  are  also  need^  when  a  relatively  wide  band  of 
frequencies  is  to  be  cancelled  consistently.  The  reason  for  the  need  in  this  instance  is  that 
the  various  frequencies  generally  call  for  various  sensor/actuator  locations,  so  that  a  number 
of  these  need  to  be  available  for  wide-band  use.  This  problem  is  graphically  illustrated  in 
the  sonar  example  demonstrated  in  this  paper. 

The  second  item,  the  apparent  limit  on  the  number  of  actuators  which  can  actually  be  used, 
is  familiar  to  those  in  the  industry  who  might  have  attempted  to  use  "too  many."  There  are 
of  course  the  obvious  limitations  such  as  the  availability  of  space  and  computation  resources. 


but  often  the  process  seems  to  degrade  weil  before  these  limits  are  reached.  The  culprit  in 
this  instance  is  the  presence  of  redundant  information,  which  precludes  the  accurate 
calculation  of  the  required  filters.  And  unfortunately,  in  wide-band  cancelling,  the  degree  of 
redundancy  generated  is  itself  frequency-dependent.  These  problems  and  the  means  to  solve 
them  are  also  illustrated  in  the  sonar  example  below. 

VARIOUS  KINDS  OF  NOISE  CANCELLING 

Noise  cancelling  may  be  classified^  into  sensor  noise  cancelling  in  which  typically  noise  is  to 
be  removed  from  one  or  more  primary  sensor  outputs,  and  the  active  variety  of  noise 
cancelling  in  which  actual  physical  noise  is  to  be  removed  or  attenuated  by  adding  anti-sound 
having  opposite  phase.  In  sensor  noise  cancelling,  one  typically  wishes  to  separate  from  the 
primary  sensor  the  coherent  portions  of  noise  which  is  simultaneously  picked  up  by  the  noise 
cr  signal-free  reference  sensors.  The  differences  in  the  case  of  active  noise  cancelling  are 
that  (I)  one  needs  loudspeakers  to  produce  the  anti-noise,  and  (2)  there  is  generally  no  signal 
to  be  salvaged.  Noise  cancelling  may  also  be  classified  according  to  the  type  of  filtering 
used:  whether  it  is  "Kalman",  "Wiener"  or  one  of  several  possible  adaptive  approximations 
to  the  Wiener  algorithm.  Cancellation  is  still  further  classifiable  according  to  the  width  of 
the  frequency  bands  to  be  cancelled  or  the  geometry  cf  the  process:  active  cancellation  can 
be  designed  for  silence  at  a  point,  silence  in  a  spatial  region,  or  attenuation  of  noise  around  a 
source,  and  many  examples  exist  of  all  of  these.  As  far  as  we  know,  the  techniques 
presented  here  are  applicable  to  all  the  above  instances  of  noise  cancelling,  although  the 
experiment  which  is  described  below  was  done  in  the  context  of  cancelling  noises  perceived 
by  a  sensor  (signal-noise  separation  except  that  the  primary  or  signal  sensor  received  only 
noise,  whose  presence  in  the  output  was  to  be  minimized). 

SOME  PROBLEMS  WITH  CLASSICAL  NOISE  CANCELLING 

Redundancy  of  Noise  and  Loss  of  Signal: 

In  the  Introductic  we  alluded  to  the  fact  that  noises  to  be  cancelled  can  under  some 
conditions  contain  "redundant"  information.  Consider  for  example  a  case  comprising  two 
"reference"  sensors  both  coherently  receiving  the  same  source  of  noise.  To  cancel  the 
noise,  how  are  the  sensor  outputs  to  be  optimally  combined,  using  some  Wiener  filter  or 
approximating  adaptive  algorithm,  when  in  truth  either  of  the  two  sensor  signals  or  indeed 
any  combination  of  them  will  all  work  equally  well?  Or,  in  the  active  case,  how  would  we 
properly  apportion  the  anti-noise  to  the  available  loudspeakers?  The  problem  amounts  to 
nothing  less  than  an  attempt  to  find  the  intersection  of  two  coincident  lines  or,  in  the 
language  of  linear  algebra,  the  inversion  of  a  singular  matrix,  to  find  the  best  filter 
constants.  True,  computers  often  produce  not  singular  matrices  but  rather  ill-conditioned  or 
"rank  deficient"  ones,  but  the  results  are  similar:  large  round-off  errors  and  under  extreme 
conditions  "floating  point  division  by  zero"  errors.  And  what  happens  when  the  number  of 
independent  sources  is,  say,  2  at  one  frequency  and  6  at  another?  How  many  sensors  should 
we  then  use  and  where  should  they  be  located?  And  finally,  there  is  another  question  in  the 
case  of  signal-noise  separation:  What  happens  if  a  small  amount  of  signal  enters  one  or  more 
of  the  noise  or  reference  sensors?  Who  is  going  to  explain  to  the  computer  that  this  is  a 
signal  and  is  not  to  be  touched?  All  that  the  computer  has  been  instructed  to  do  was  to 
follow  an  unconstrained  Wiener  algorithm  or  some  approximation  to  it:  Find  anything  that 
you  can  in  the  reference  sensors,  and  if  it  is  coherent  with  something  that  also  exists  in  the 
primary  then  cancel  it,  no  matter  how  much  you  might  first  have  to  amplify  it!  A  perfect 
prescription  for  cancelling  the  signal  right  along  with  the  noise. 

What  is  the  Optimal  Number  of  References  or  Loudspeakers  ? 

There  is  an  interesting  footnote  in  Widrow  et  al's  classical  1975  paper  on  noise  cancelling^, 
reprinted  as  Chapter  12  of  his  1985  book^.  The  footnote  attempts  to  answer  the  question  of 
why  exactly  four  maternal  chest  leads  were  used  in  the  reported  experiments  on  fetal 
electrocardiography.  "More  than  one  input  was  used  to  make  the  interference  filtering  task 
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easier,"  according  to  the  footnotes  in  References  2  and  3.  "The  number  of  reference  inputs 
required  to  eliminate  the  maternal  ECG  is  still  under  investigation. " 

Nonetheless,  References  2  and  3  recognized  very  well  that  signal  entering  a  reference  sensor 
would  degrade  noise  cancelling  performance.  A  careful  and  accurate  analysis  is  included 
which  shows  that  for  the  most  elementary  case  comprised  of  a  single  signal  source,  a  single 
noise  source,  a  single  primary  and  a  single  reference  sensor,  a  small  amount  of  signal 
entering  the  reference  would  do  no  more  than  a  correspondingly  small  amount  of  damage  to 
the  canceller  performance.  But  whichever  of  the  eight  co-authors  wrote  the  section  on  multi¬ 
reference  cancelling  must  have  assumed  that  what  works  for  one  will  work  for  all,  and  that 
turns  out  not  to  be  accurate. 

SVD  Solves  Both  Problems.  Redundancy  and  Loss  of  Signal: 

The  solution  to  the  above-described  problems  of  noise-redundancy  and  possible  signal 
cancellation,  lies  with  implementing  a  procedure  known  in  linear  algebra  of  "singular  value 
decomposition."  Variants  of  this  method  go  under  the  names  of  eigenvalue  decomposition, 
Gram-Schmidt  orthogonalization,  and  Karhunen-Loeve  expansions.  The  beauty  of  the 
method  is  that  it  not  only  solves  the  two  problems  referred  to  in  a  robust,  optimal,  and 
entirely  automatable  manner,  but  thinking  in  the  language  of  SVD,  the  language  of  n- 
dimensional  vector  spaces  and  of  signal  and  noise  subspaces,  illuminates  our  understanding 
of  the  process  itself  by  providing  rational  insights  into  what  is  happening.  Singular  value 
decomposition  is  at  once  an  extremely  powerful  and  robust  proc^ure  for  solving  linear 
equations,  and  a  way  of  thinking  rationally  about  the  problem.  But  more  of  this  later;  to 
obtain  some  insight  into  the  need  for  this  process,  we  first  examine  a  noise  cancelling 
example  based  on  measurements  on  a  hydrophone. 

INSIGHT  INTO  A  FAILURE  OF  THE  CLASSICAL  METHOD  AND  HOW  TO  FIX  IT: 
CANCELLING  VIBRATION  NOISE  IN  A  HYDROPHONE 

System  De.scription: 

Noise  cancelling  was  to  be  performed  on  the  output  of  a  hydrophone  belonging  to  a  sonar 
system.  A  total  of  fifteen  accelerometers  having  various  locations  on  the  sonar  were 
available  as  vibration-measuring  noise  or  reference  sensors.  The  power  spectrum  (more 
accurately  the  power-  or  auto  spectral  density)  for  this  hydrophone  is  shown  in  Fig.  1.  No 
signal  was  present,  but  the  hydrophone  was  driven  by  vibrations  in  three  major  frequency 
ranges  labelled  in  Fig.  1  as  Band  1,2,  and  3  respectively.  A  total  of  15  accelerometers 
were  also  available  as  vibration  noise  cancelling  sensors. 

Optimal  Choice  of  Accelerometers  Depends  on  Frequency: 

Using  classical  techniques  only,  we  could  never  use  more  than  four  accelerometers 
simultaneously  to  cancel  the  vibration  noise,  because  five  or  more  such  sensors  produced  an 
excess  of  redundant  information  and  prevented  the  accurate  calculation  of  the  required 
filters.  With  this  experience,  we  then  wanted  at  least  to  select  those  four  of  the  available 
accelerometers  which  would  provide  the  best  noise  cancelling  performance.  The  noise 
which  is  cancelled  from  the  hydrophone  is  that  which  also  appears  coherently  in  one  or  more 
references.  To  facilitate  a  good  choice,  Fig.  2  shows  the  coherence  of  each  accelerometer 
with  the  hydrophone  in  question.  The  accelerometers  are  designated  as  sensors  0,  1,5,  ...  , 
23.  The  coherences  assume  values  between  0  and  1  (scales  not  shown  in  the  figure)  over  the 
frequency  range.  From  Fig.  2,  we  can  for  example  try  to  select  those  four  accelerometers 
which  might  best  cancel  the  noise  in  vibration  Band  2,  by  choosing  those  with  the  greatest 
coherence  in  that  band.  Visual  inspection  of  Fig.  2  identifies  the  accelerometers  labelled  0, 
1,10  and  13  as  reasonable  although  by  no  means  unique  choices. 

The  result  of  cancelling  the  noise  using  these  selected  accelerometers  does  indeed  do  a 
creditable,  even  if  not  optimal,  job  of  cancelling  the  vibration  in  Band  2  (see  Fig.  3).  But 
the  other  bands,  particularly  No.  1 ,  do  not  fare  as  well. 
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We  next  look  at  Fig.  2  again  to  select  accelerometers  for  cancelling  Band  1  instead.  The 
choice  of  5,  7,  18  and  20  provides  the  cancellation  performance  shown  in  Fig.  4.  The 
performance  is  now  fairly  good  in  Band  1  but  unimpressive  in  Band  2. 

Next  —  the  "obvious"  choice;  Why  not  use  all  8  accelerometers  and  perhaps  things  will  sort 
themselves  out.  They  do  not,  as  shown  in  Fig.  5.  Nothing  works  any  more!  The  system  is 
suffering  from  a  severe  redundancy  of  information  . 

Frequency  Dependence  Makes  Classical  Wide  Band  Cancelling  Difficult: 

This  experiment  demonstrates  with  great  clarity  why  wide  band  noise  cancelling  is  so  much 
harder  than  narrow  when  the  classical  method  is  used.  Items  such  as  auto  muffler  systems 
and  aircraft  fuselages  are  complicated  acoustic  systems,  for  which  the  optimal  noise¬ 
cancelling  sensor  and  actuator  locations  are  frequency-dependent.  Use  of  the  classical 
method  limits  us  to  a  relatively  small  number  of  noise  sensor/actuators  to  assure  the 
consistent  avoidance  of  destructive  redundancies.  But  clearly,  the  same  sensor  types  and 
locations  will  not  be  optimal  for  all  frequencies,  thus  making  a  rational  choice  of  sensor 
locations  very  difficult. 


The  job  is  done  correctly  as  shown  in  Fig.  6.  The  new  technique  permits  the  use  of  all 
fifteen  available  accelerometers,  while  the  technique  itself  sorts  out  the  signals  to  use  their 
optimum  non-redundant  combinations.  Cancellation  performance  is  now  excellent  over  the 
entire  frequency  range  of  interest,  using  either  of  two  slightly  different  versions  of  the  new 
technique.  (The  two  corrected  psd  curves  in  Fig.  6,  correspond  to  20  dB  and  40  dB  singular 
value  thresholds).  In  order  to  understand  how  it  is  done,  it  will  be  useful  to  have  a  working 
understanding  of  the  rudiments  of  n-dimensional  Hermitian  matrices  and  vector  spaces. 

SIGNALS,  NOISES,  AND  N-DIMENSIONAL  HERMITIAN  VECTOR  SPACES 

Analyses  in  the  Time  or  Frequency  Domain  and  their  Vector  Spaces: 

Signals  received  at  arrays  of  sensors  or  broadcast  from  arrays  of  loudspeakers  are  most 
readily  arranged  in  matrix  form.  The  matrices  of  interest  can  be  general  rectangular  ones  in 
which  each  row  corresponds  to  a  time  step  and  each  column  corresponds  to  a  signal;  or  they 
can  be  second  order  statistics  of  the  data  such  as  real  symmetric  cross  correlation  matrices, 
or  their  Fourier  Transforms  which  are  complex  Hermitian  cross  spectral  density  matrices. 
The  signal-cancelling  and  noise-redundancy  considerations  encountered  are  much  the  same 
regardless  of  the  domain,  whether  time  or  frequency,  in  which  the  analysis  is  performed.  In 
each  case,  matrix  singular  value  decomposition  or  SVD  of  one  type  or  another  is  a  powerful 
method  of  reorganizing  the  data  into  more  useful  form.  The  present  paper  illustrates  the 
concepts  for  the  case  of  a  frequency  domain  analysis  using  Hermitian  cross  spectral  density 
matrices.  In  the  case  of  the  rectangular  signal-vs-time  data  matrices,  signal-noise  separation 
is  sometimes  accomplished  by  performing  generalized  SVD  on  pairs  of  matrices  termed 
"pencils," 

For  the  purpose  of  calculating  Wiener  or  adaptive  filters  using  frequency  domain  analysis, 
the  time  series  for  each  sensor  is  first  broken  up  into  intervals,  which  generally  overlap  to 
increase  the  sample  size.  For  some  applications,  these  time  functions  may  be  subjected  to  a 
windowing  process.  For  a  given  interval,  the  series  are  then  transformed  to  the  frequency 
domain,  using  a  Fast  Fourier  Transform  or  similar  algorithm,  and  the  required  cross  spectral 
density  values  are  calculated.  This  process  is  then  repeated  for  other  intervals  of  the  original 
time  series,  and  the  results  averaged  over  an  appropriate  number  of  such  time  intervals 
either  once-through  or  adaptively.  This  results  in  the  expected  values  forming  the  Hermitian 
cross-spectral  density  matrices.  These  matrices  possess  dimensionality  equal  to  the  number 
of  reference  signals  and/or  noises  being  measured,  and  there  are  as  many  of  them  as  there 
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are  frequency  bins  in  the  analysis.  They  are  used  to  calculate  the  noise  cancelling  filters, 
which  are  subsequently  applied  to  the  frequency-transformed  time  series. 

Each  n  by  n  Hermitian  cross  spectral  density  matrix  may  be  associated  with  an  n- 
dimensional  Hermitian  vector  space.  A  given  frequency  component  of  y  signal  or  noise 
source,  or  of  any  quantity  measured  at  a  particular  sensor,  may  be  thouglv,  of  as  a  vector  in 
that  vector  space.  In  a  real  vector  space,  the  vectors  have  magnitude  md  direction;  in  a 
Hermitian  vector  space  they  have  magnitude,  phase  and  a  complex  direction  as  well.  Two 
vectors  have  the  same  direction  if  their  corresponding  signals  are  completely  correlated  or 
have  a  coherence  equal  to  1 ;  they  are  orthogonal  if  they  are  completely  independent,  or  have 
a  coherence  equal  to  0. 

A  Two-dimensional  Example: 

To  illustrate  these  concepts,  we  consider  the  simplest  case,  a  single  signal  and  a  single  noise 
source,  which  are  received  at  a  single  primary  sensor  and  a  single  "signal  free"  reference 
sensor.  For  the  purpose  of  this  illustration,  we  shall  assume  all  phases  to  be  zero,  so  that 
the  complex  Hermitian  space  can  be  depicted  as  a  real  one,  with  the  vectors  as  shown  in  Fig. 
7.  The  length  of  these  vectors  is  the  amplitude  of  the  signal  or  noise  represented,  whereas 
coj(0)  is  the  square-root  of  their  coherence,  where  6  is  the  angle  between  them. 

In  Fig.  7,  we  assume  that  there  is  a  signal  source  a  noise  source  In  line  with  the 

usual  assumption  that  the  noise  is  statistically  independent  from  or  incoherent  with  the 
signal,  and  are  shown  mutually  orthogonal  or  perpendicular.  Let  d  denote  the 
measurement  of  the  primary  sensor,  and  x  that  of  the  reference,  d  is  shown  as  having  both 
signal  and  noise  components  but  is  shown  somewhat  closer  to  than  to  It  is  assumed 
that  the  reference  sensor  x  picks  up  mostly  noise  but  also  a  smaller  component  of  signal 
is-  The  figure  exhibits  the  operation  of  the  noise  cancelling  process  in  which  a  Wiener 
Filter  multiplier  w  is  used  to  multiply  the  noise  sensor  output  x,  and  subtracts  it  from  the 
signal  vector  d  to  form  the  corrected  output  q  =  d  -  wx.  It  does  not  take  a  great  deal  of 
imagination  to  see  that  if  the  reference  sensor  gets  mostly  noise,  i.e.,  as  the  angle  between  x 
and  becomes  sufficiently  small,  then  the  noise  cancelled  output  q  approaches  the  direction 
of  the  exact  signal  vector  and  therefore  becomes  perfectly  coherent  with  it.  This  is  what 
Widrow  et  al  proved  analytically  for  this  simplest  case  of  noise  cancelling. 

But  now  let  us  examine  what  would  happen  if  the  problem  were  slightly  more  complicated. 
Suppose  that  in  our  ignorance  we  chose  to  use  two  noise  sensors,  Xj  and  X2,  to  span  our 
presently  two-dimensional  signal-noise  space.  The  Wiener  algorithm  would  now  ask  what 
linear  combination  w;*x/  +  W2*X2  should  be  subtracted  from  d  to  obtain  the  minimum 
output  q.  If,  as  before,  we  have  to  contend  with  a  signal  4>j  and  a  noise  i„,  then  the  two 
references  will  span  the  entire  two-dimensional  space  and  therefore  q  will  be  minimized 
right  down  to  zero:  the  signal  will  have  been  totally  cancelled  along  with  the  noise.  On  the 
other  hand,  if  the  number  of  references  exceeds  the  dimensionality  of  the  total  signal-noise 
space,  such  as  would  be  the  case  if  there  were  no  signal  or  alternatively  if  there  were  three 
reference  sensors,  then  the  optimization  could  not  be  solved  because  the  references  would  be 
redundant  or  linearly  dependent;  any  one  of  them  could  as  well  be  removed  without  any  loss 
of  information.  The  computer  would  respond  with  the  equivalent  of  a  "floating  point 
division  by  zero"  error  and  stop. 

Enter  SVD: 

In  the  present  context,  the  solution  to  our  problems  lies  in  applying  SVD  to  the  cross 
spectral  density  matrices  of  the  complement  of  reference  sensors,  before  attempting  to  use 
these  matrices  in  the  determination  of  filter  constants.  The  classical  Wiener  procedure 
would  be  to  form,  once-through  or  adaptively,  the  filter  constants  /by  solving  the  matrix 
equation 


(1) 


341 


where  R  is  the  matrix  of  cross  spectral  densities  of  the  n  references  with  each  other,  p  is  the 
vector  of  cross  spectral  densities  of  the  primary  sensor  with  the  references,  and  /is  the  filter 
vector. 

To  apply  SVD,  the  reference  matrix  R  is  first  transformed  into  a  diagonal  matrix  D  of 
singular-  or  eigen-values  using  a  unitary  (complex  orthogonal)  transformation  matrix  U 
whose  columns  are  the  eigenvectors  of  R: 

R  =  UDU*,  (2) 

* 

where  U  is  the  Hermitian,  or  complex-conjugate,  transpose  of  U.  D  has  its  diagonal 
elements  or  singular  values  arranged  in  descending  order.  If  one  or  more  of  these  values  are 
equal  to  zero,  the  matrix  R  is  termed  singular  and  the  filter  constants  cannot  be  solved.  In 
real  problems  it  is  more  usual  that  R  and  D  are  merely  "ill-conditioned,"  that  is,  the  singular 
values  have  a  relatively  large  dynamic  range.  If  D  is  nonsingular,  its  inverse  is  simply  the 
diagonal  matrix  in  which  the  reciprocals  of  the  singular  values  have  been  substituted  for  the 
values  themselves. 

The  recipe  for  the  SVD  procedure,  however,  is  to  first  assign  a  "threshold"  such  as  1 
percent  or  0.01  percent  of  the  largest  singular  value,  and  to  retain  only  those  singular  values 
which  lie  no  more  than  20  dB  or  40  dB  respectively  below  the  largest  noise  singular  value. 
We  thus  find  the  "pseudo-inverse"  D'*  of  D  by  talcing  the  reciprocals  of  only  those  singular 
values  which  exceed  the  threshold,  and  putting  zeros  everywhere  else,  denoting  the  so-called 
null  space  of  the  decomposition. 

Substituting  (2)  into  (1),  the  filters  /are  determined  from  the  condition  that 

UDU*f=p,  (3) 

or  explicitly,  since  for  a  unitary  matrix  (/''  =  U*, 

f=UD-^U*p,  (4) 


where  D'*  is  the  pseudo-inverse  of  D. 

The  thresholds  for  the  retention  of  singular  values  should  be  set  far  enough  below  the  largest 
noise  source  to  include  all  important  noises  in  the  cancellation.  At  the  same  time,  they  must 
be  set  close  enough  to  preclude  redundancies,  i.e.,  to  assure  that  the  reference  matrix 
singular  values  will  at  all  frequencies  have  a  sufficiently  low  dynamic  range  to  permit  what 
amounts  to  error-free  inversion.  Moreover,  the  range  of  retained  singular  values  must  not 
include  the  level  at  which  a  signal  could  appear  in  the  output  of  a  reference  sensor. 

CONCLUSION 

The  classical  method  of  active  noise  cancellation  often  limits  the  number  of  reference 
sensors  and  actuators  which  effectively  can  be  utilized,  because  of  the  possibility  of 
redundancies  which  would  prevent  accurate  cancellation  of  the  noise.  The  occurrence  of 
such  redundancies  is  in  general  frequency-dependent.  In  signal-noise  separation  problems, 
similar  redundancies  can  occur  and  additionally,  there  is  a  significant  chance  of  cancelling 
the  desired  signal  itself.  Both  the  redundancy  and  signal  cancellation  difficulties  can  be 
circumvented  by  cleaning  up  the  matrix  of  reference  signals  through  the  use  of  singular 
value  decomposition.  The  new  technique  and  its  applications  are  the  subject  of  U.S.  Patent 
and  Patent  Cooperation  Treaty  applications. 
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Fig.  1 .  Hydrophone  power  spectral  density. 


Fnsquency 

Fig.  3.  Cancelling  with  4  accelerometers 
(0,  1,  10,  13). 
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Fig.  2.  Accelerometer-hydrophone 
coherences. 
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Frequency 


Fig.  4.  Cancelling  with  4  accelerometers 
(5,  7,  18,  20). 


Frequency 

Figure  5.  Cancelling  with  8  accelerometers 
(0,  1,  10,  13),  (5,  7,  18,  20). 


Fnequency 

Figure  6.  Cancelling  at  2  levels  with 
all  1 5  accelerometers  and  SVO. 
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ABSTRACT 

A  general  multi-channel  filtered-x  LMS  algorithm  with  new  parallel  on-line  error-path  modeling  for  3-D 
active  noise  control  systems  is  developed  and  tested  in  this  paper.  An  input  weight  vector  based  on  the 
spatial  placement  of  input  microphones  and  cancellation  .speakers  is  propo.sed  to  mix  J  input  signals  to  form 
a  single  reference  signal  for  the  adaptive  filters.  A  modified  independent  co.st  function  for  each  channel  is 
used  to  weight  the  spatial  significance  of  each  error  .sensor  output  for  the  adaptation  of  the  adaptive  filters. 
The  performance  of  the  algorithm  has  been  verified  on  a  3-D  experimental  set-up  and  is  analyzed  from  both 
acoustical  and  adaptive  .signal  prtKessing  points  of  view. 

I.  INTRODUCTION 

Active  Noise  Control  (ANC)  [11  is  based  on  the  principle  of  superposition.  Many  of  the  successful 
applications  to  date  have  involved  the  attenuation  of  low-frequency  noi.se  in  ducts  |2.31.  The  three- 
dimensional  active  noi.se  control  (ANC)  sy.stem  has  many  applications  such  as  noise  cancellation  in  the 
interior  of  cars,  aircraft,  etc.  In  the.se  application.s.  the  noise  is  localized,  accessible  and  the  frequency  band 
of  interest  is  dominated  by  relatively  few  modes.  However,  comparing  with  the  conventional  1-D  ANC 
sy.stem,  the  complexity  of  ANC  in  three  dimensional  .space  with  many  inputs  and  outputs  is  significantly 
higher.  Many  re.searchers  have  studied  the  problems  of  ANC  in  3-D  reverberant  enclosures,  from  theoretical 
.studies  [4,51,  computer  .simulation  [6[,  to  experimental  testing  [7.)(.9). 

A  multiple  error  LM.S  algorithm  propo.sed  by  Elliott  ct.  al.  [  10)  represents  the  first  attempt  to  control  a  3-D 
sound  field  produced  by  rotating  machine.s,  such  as  an  engine,  using  Least  Mean  .Square  (LMS)  adaptive 
filters.  Since  the  undesired  noi.se  field  is  nearly  periodic,  a  synthesized  signal  (impulse  train  or  sinu.soids)  is 
u.sed  as  a  reference  input.  Difficulties  of  multiple  inputs  and  acoustic  feedback  1.3]  are  thus  avoided. 
However,  this  sy.stem  in  not  fully  adaptive.  A  priori  or  separate  off-line  error-path  modeling  were  required 
to  some  extent.  This  is  only  applicable  in  those  applications  where  the  error-paths  characteristics  are  tone 
invariant.  In  many  practical  application.s  the  error-paths  changes  with  temperature,  pres.sure,  and  movement 
of  pa.vsenger.s. 

In  this  paper,  a  general  multi-channel  filtered-x  LMS  algorithm  with  fully  adaptive  parallel  on-line  error- 
path  modeling  capability  is  pre.sented.  An  input  weight  vector  implemented  by  an  analog  or  digital  mixer  is 
proposed  to  combined  multiple  input  sensor  .signals  to  form  a  single  reference  input  for  all  channels.  An 
individual  error  weight  matrix  for  each  channel  is  also  proposed  to  realize  the  spatial  .significance  of 
canceling  speaker  related  to  each  error  microphone.  A  new  multi-channel  on-line  error-path  modeling 
algorithm  is  developed  based  on  the  parallel  on-line  modeling  algorithm  propo.sed  by  Tapia  and  Kuo  1 1 1 1. 
Computer  simulations  are  conducted  to  demonstrate  the  propo.sed  multi-channel  algorithm  u.sing  real  transfer 
functions  measured  from  the  experimental  setup,  which  con.sisis  of  a  3  dimensional  enclosure  with 
approximate  shape  and  dimension  of  a  typical  heavy  equipment  cabin  ( l.Om  x  1.2m  x  1 .5m). 

II  ACOUSTICAL  CONSIDERATIONS 

Acoustical  phenomena,  in  ANC,  require  careful  consideration  for  a  .succe.ssful  liansition  from  the  signal 
processing  domain  to  the  overall  system.  As  the  complexity  of  sound  fields  in  3-D  space  is  significantly 
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more  than  1-D  approximations,  ht  motivation  for  the  multi-channel  structure  is  found.  ANC  systems 
typically  are  focused  on  the  elimir.ation  of  noise  in  the  lower  octave  bands  of  the  audible  spectrum.  Because 
of  this  frequency  range  of  intere.st,  and  the  dimensions  of  the  experimental  enclosure,  the  normal  modes  are 
.significant  and  well  defined.  Following  traditional  wave  theory,  as  used  to  describe  sound  fields  in  rooms, 
specific  use  is  made  of  identifying  the  normal  modes  and  their  associated  nodal  planes  in  the  ."^-D  .space.  It  is 
the.se  physical  phenomena  which  have  a  direct  relation  on  the  type  of  algorithm,  number  of  input  channels, 
and  number  of  output  channels  used  in  the  signal  processing  domain.  Clearly,  understanding  the  acoustical 
processes  at  work  direct  the  algorithm  development,  but  also  serve  to  make  optimal  decisions  on  electro- 
acou.stic  factors  such  as  microphone  and  loud.speaker  placement  and  .selection. 


The  3-D  wave  equation  is  written  as 

^  +  +  (1) 
o!r"  dz'  c'  di' 

where  x.y,?.  are  coordinate  axes,  c  the  speed  of  sound,  and  p  the  acoustic  pressure.  Associated  with  this 
equation  for  rigid  wall  boundary  conditions  are  cigenfrequencies  1 12|  given  by 


c  /■  m' 


n' 

Lz' 


C) 


where  l.m.n  are  the  quantum  numbers,  and  Lx.  Ly.  and  Lz  the  dimensions  of  the  enclosure.  By  predicting 
the.se  lowest  modes  i.e.  0-0-1,  0-1-0,  1-0-0,  0-1- 1  etc.,  for  the  hardwalied  rectangular  enclosure,  empirical 
studies  verify  that  characteri.stic  frequencies  very  close  o  the.se  exi.st.  Although  the  enclosure  has  damping 
mechanisms,  and  the  enclosure  is  not  a  perfect  rectangular  box.  room  resonance  at  low  I'requencies  follow 
the.se  simplified  expressions  as  their  identity  is  more  as.s(K;ialed  with  volume  than  with  .shape  |1.3).  With 
knowledge  of  the  ooserved  resonance  frequencies,  investigation  of  the  as.sociaicd  mode  shapes  allows  a  view 
of  how  the  ANC  algorithm  will  interact  with  its  acoustical  environment.  Three  classes  of  modes,  the  axial, 
tangential,  and  oblique  exi.st  in  the  enclosure  as  solutions  to  the  3-D  wave  equation.  Axial  modes  are  typified 
by  one  non-zero  quantum  number,  tangential  by  two,  and  oblique  by  the  interaction  of  all  pos.sihle  states  of 
vibration.  Of  these,  axial  exhibit  the  sharpe.st  resonance  features  as  their  path  length  is  shorte.st  and  subject  to 
minimal  decay  between  two  .sets  of  parallel  walls.  Likewi.se  their  nodal  planes  are  easily  visualized,  and 
oh.scrved  by  relating  the  fact  that  co.s(kx)  =  0  when  kx=it/2.  .3n/2, ...  n)t/2  where  n  is  odd.  so  that  spatially  j 
nodal  planes  are  found  at  distances  x  =  X/4,  3k/4,  ...  nk/4  where  n  is  odd  for  the  jth  harmonic  parallel  to 
the  boundary  walls  for  the  mode  con.sidered.  Similarly  the  tangential  and  oblique  modes  have  nodal  planes 
that  .superimpose  as  the  drive  frequency  rises  to  support  this  higher  state  of  vibratory  energy.  As  the  normal 
modes  are  a  result  of  standing  wave  patterns,  and  the  sound  pres.sure  is  as.sumed  to  be  maximal  at  the  rigid 
boundaries,  sound  pressure  fields  follow  co.sine  distributions  when  driven  at  their  normal  modes.  Some 
m<K*  ■  shapes  follow  to  demonstrate  the  nodal  plane.s. 
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The  modes  and  their  .shapes  are  al.so  affected  by  the  degree  of  coupling  that  exits  between  the  input  energy 
S4>urce  and  the  3-D  space.  This  energy  source  in  ANC  would  be  the  canceling  speakers.  It  can  be  expected 
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that  modes  having  nodal  planes  parallel  to  the  eanceling  speakers  will  be  excited  to  a  higher  degree  than 
modes  with  nodal  planes  orthogonal  to  the  canceling  speakers  primar>'  wave  fronts.  Thus  modal  coupling 
and  efficiency  are  considerations  when  determining  the  number  of  output  channels  and  loudspeakers  for  the 
general  ANC  system;  however,  when  possible  to  place  loudspeakers  close  to  the  performance  points  a 
different  strategy  might  be  employed.  This  would  be  to  place  the  loudspeaker  in  a  symmetrical  fa.shion  .so  as 
not  to  encourage  normal  mode  coupling,  i.e.  the  integral  of  the  source  field  is  zero  over  the  mode  shape 
considered.  As  the  mode  shapes  are  important  to  the  output,  nodal  planes  are  important  to  the  performance 
input,  or  error  microphones.  For  low  order  modes,  the  nodal  planes  are  quite  significant  with  respon.se  on  a 
nodal  plane  2(1-40  dB  down  from  an  anti-node.  This  acou.stical  phenomenon  corrupts  the  error  paths  of  the 
ANC  sytstem,  and  thus  requires  additional  pr(K‘e.s.sing  in  the  form  of  the  filtered-X  algorithm.  Error 
microphones  should  be  placed  in  positions  that  do  not  lie  on  the  nodal  planes  of  the  several  lowest  modes, 
thus  enhancing  performance  in  this  frequency  bandwidth.  As  the  bandwidth  increases  the  modes  become  .so 
numerous  that  stati.stical  methods  are  used  in  their  de.scription,  .so  likewi.se  the  respon.sc  begins  to  smooth  out 
and  the  effects  of  .single  nodal  planes  are  greatly  dimini.shed. 

Other  considerations  are  made  with  respect  to  the  input  microphone  not  being  inside  the  enclosure.  The 
feedback  path  from  the  output  .speakers  hacK  to  the  reference  input  is  now  subject  to  the  transmission  loss  of 
the  enclosure  after  being  reduced  in  magnitude  by  the  noi.se  reduction  of  the  enclosure.  By  utilizing  this 
physical  harrier,  it  is  possible  to  negleci  acoustic  feedback  issues  which  are  problematic  in  many  ANC 
systems.  These  acou.stical  considerations  not  only  .serve  to  make  the  ANC  .sy.siem  realizable,  but  can  be  used 
as  tools  for  cu.stomizing  the  LM.S  algorithm  for  optimal  performance  in  one  or  more  modes  of  operatio.. 
.Specifically,  the  weighting  matrices  can  be  selected  for  performance  in  the  acoustic  domain  for  a  variety  of 
situations,  some  with  u.ser  adjustable  parameters.  This  allows  for  extremely  flexible  and  efficient  use  td 
signal  proce.s.sing  p<iwer  in  the  ANC  .sy.stem. 

111.  MULTI  CHANNEL  FILTERED-X  LMS  ALGORITHM 

In  this  paper,  a  general  multi-channel  filtered-x  LMS  active  noi.se  control  algorithm  with  J  input 
microphones,  L  parallel  adaptive  FIR  filters  and  corre.sponding  loudspeakers,  and  M  error  microphones  to 
measure  the  performance  at  the  desired  location  in  4-D  .space  is  developed.  This  general  f-D  ANC  sy.stem  is 
illustrated  in  Figure  1.  The  global  reference  input  signal  is  obtained  by  mixing  of  J  input  microphone  .signals 

x(n)-gTx'in)  (.1) 

where  s'(n)  =  jxitn)  X2(n)  ...  xjtnll^  is  the  input  microphone  array  signal  vector  and  g  =  |gi  g2  ...  gjlT  is 
the  gain  vector.  The  value  of  each  gain.  g|,  is  determined  by  the  location  of  corresponding  input  microphone. 
Thcrelore,  g  provides  a  spatial  weighting  factor  for  each  input  microphone.  Note  that  this  digital  mixer 
described  in  equation  (H  also  can  be  implemented  by  an  analog  circuit  to  release  the  1/0  burden  of  TD 
ANC  system. 

As  shown  m  the  Figure  I.  there  arc  1.  canceling  loudspeakers  (SI.  S2.  ,.  SL)  in  the  enclosure.  y(n)  -  |yi(n) 
>2(01  >1  is  an  output  vector  trom  L  adaptive  filters  to  drive  corresponding  canceling  speakers.  e(nl 

=  |e|(ni  e2(ni  ...  eiv|lnl|^  is  the  error  vector  lornied  by  M  error  microphone  (Ml.  M2,  .  MM)  outputs. 

The  simplified  block  diagram  of  the  VD  ANC  .system  is  illu.strated  in  Figure  2.  In  the  acou.stic  domain  of 
Figure  2.  p  represents  M  main  acou.stic  paths.  Ppi*'*-  error  microphone  to  be  modeled  by 

adaptive  filters  11  represents  LxM  error  paths  from  L  canceling  speakers  to  M  error  microphones.  Since 
input  microphones  arc  placed  outside  (he  enclosure,  the  acoustic  feedback  from  L  canceling  speakers  back  to 
J  input  microphones  can  be  neglected  because  the  enclosure  provides  attenuation  twice.  Therefore,  LxJ 
.icoustic  teedback  paths  are  eliminated  which  greatly  simplify  system  design. 
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In  the  electrical  (processing)  domain,  w(n)  represents  L  adaptive  filters,  that  is.  yv(n)  =  [wjln)  W2(n)  .. 
5S;L(n)l^  where  wpn)  =  [wpoin)  wpifn)  ..  W|,i.|(n)|>  is  the  weight  vector  of  1-th  adaptive  filter  of 
order  I.  The  output  signal  vector  y(n)  j;(n)  =  |y|(n)  y2(n)  ...  yL(n)l^  is  used  to  drive  L  speakers.  Each 
speaker's  input  .signal  ypn)  is  generated  by  the  corre.sponding  adaptive  filter,  that  is, 

yi(n)  =  wi'^(n)  x(n)  ,  1  =  1, 2, ..  .  L  (4) 

where  s(n)  =  lx(n)  x(n- 1 ) ..  x(n-l-(-l  )|^  is  the  common  input  signal  vector  for  all  adaptive  filters. 
Coefficients  of  the  adaptive  filters  are  updated  by  the  multi-channel  filtered-x  LM.S  algorithm  1 10| 

3v(n-t-l)  =  w(n)  -  2  p  x'^(n)  (2c(n)  (5a) 

where  Q  is  the  MxM  diagonal  matrix  and 


X{n)  = 


h|,*x(/i)  h,,»x(n)  .  .  h,,*x(n) 

h,„»x(n)  .  .  hn,*x(rf) 

x,^(n)  .  .  .  XiM<n)i 

(5hl 


where  iim'”)  =  l-qmln)  •Im*""'*  ••  ■'1m<'’-l-t-l)|^  for  I  =  I,  2. ,  L  and  m  =  1.  2.  ..  .  M  is  the  vector  of 
reference  input  .signal  filtered  by  the  error  path  from  .speaker  SI  to  microphone  M^,.  The  significance  of  M 
error  signals  emln)  for  the  adaptation  of  L  adaptive  filters  wp/,)  is  weighted  by  a  unique  weighting  matrix  Q. 
Since  the  .speaker  S|  is  driven  by  the  adaptive  filter  w|(/),  the  .significance  of  the  error  microphone 
related  to  the  speaker  Si  and  its  corresponding  adaptive  filter  wpz)  should  be  taken  into  account.  Therefore 
L  independent  weighting  matrices 


4/1  0 


I  4iMl 

for  I  =  1. 2. ...  L  are  de.signed.  The  multi-channel  fillered-x  algorithm  in  equation  (5a)  can  he  modified  as 

w,(n-i- 1)  =  w,(n)-2xp^e,,(n).v,,(n)  (6) 

for  /  =  I,  2.  ..  .  L,  where  e'/,(n)  =  q//  e,(n)  are  error  signals  weighted  by  (2)  Inr  the  adaptation  of  wpn). 


As  illustrated  in  Figure  2.  H''  repre.sents  LxM  error-path  transfer  functions  estimated  from  speaker  SI  to 
error  microphone  Mn.  and  H''  is  u.sed  to  filter  reference  .signal  for  the  adaptation  of  adaptive  filters,  wpnl. 
Adaptive  filters  are  a  bank  of  parallel  FIR  filters  adapted  by  fillcred-X  LMS  algorithm  given  in  equation  (6). 
The  on-line  e.stimation  of  H''  will  be  presented  in  the  next  section. 


IV.  MULTI-CHANNEL  ON-LINE  ERROR-PATH  MODELING  ALGORITHM 

As  illu.stralcd  in  Figure  1.  error  signals  of  4-D  active  noise  control  system  are  measured  from  locations 
where  the  undesired  noise  is  acoustically  combined  with  the  anti-noise.  In  order  lor  (he  adaptive  filters  to 
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properly  converge  to  unknown  acoustical  plants,  it  is  necessary  to  compensate  for  the  transfer  function  of  the 
error-path,  H[,n(z),  from  y|(n)  to  eni(n),  which  includes  the  D/A  converter,  smoothing  filters,  power 
amplifier,  loudspeaker,  acoustic  path  from  speaker  to  error  microphone,  error  microphone,  preamplifier, 
anti-aliasing  filter,  and  the  A/D  converter  [15].  However,  since  the  error-paths  can  be  time  varying,  the 
modeling  of  error-path  on-line  is  required  to  assure  convergence  of  multi-channel  filtered-x  LMS  algorithm 
developed  in  the  previous  section. 

Real-time-on-line  modeling  of  the  error-path  is  a  difficult  problem  since  the  error  signal  Cfnln)  pickup  by  the 
error  microphone  Mn,  is  always  a  mixture  of  signals  output  from  Pmlz)  and  H|ni(z)  for  1  =  1,  2, ..  ,L.  From 
the  system  identification  point  of  view,  the  adaptive  filter  can  be  used  to  identify  Hjnilz),  however,  the 
disturbance,  d^ln),  which  is  highly  correlated  with  the  excitation  signal,  yjln),  will  result  in  a  biased 
estimation  of  Most  recently,  the  parallel  on-line  modeling  algorithm  developed  by  Tapia  and  Kuo 

[11]  tries  to  eliminate  the  disturbance  by  introducing  another  adaptive  filter  D^lz)  to  model  Pmlz)-  In  this 
paper,  we  extended  this  one-dimensional  on-line  modeling  algorithm  to  multi-channel  case  for  3-D  ANC 
systems. 

We  assume  that  response  of  the  physical  systems  Pm(^)  and  Hini(z)  are  finite  and  can  be  modeled  by  a 
digiuil  Finite  lmpul.se  Response  (HR)  filters  of  order  N  and  K,  respectively.  The  concept  of  this  new  m-th 
channel  on-line  error-path  modeling  scheme  is  illustrated  in  Figure  3.  where  the  combined  response  of 
Pni(z)  and  Himlz)  which  is  measured  by  the  error  microphone  Mm  can  be  expressed  as 

I. 

=  +  1"^  form  =  1. 2, ..  ,M  (7) 

h{ 

where  Cm  =  IPm.O  Pm,l  ••  Pm,N- 1 F 's  the  impulse  response  vector  of  p^U)  ,  him  =  Ihlm.O  him,l 
him.K-ll^  is  Ihe  impulse  response  vector  of  transfer  function  Him(?.).  x(n)  =  |x(n)  x(n-l)  ..  x(n-N+l)|T’is 

the  input  signal  vector  of  order  N.  and  ypn)  =  ly|(n)  ypn-l) ..  yi(n-K+l))T  is  the  signal  vector  of  order  K 
for  speaker  .Sp 

Defining  the  state  vector  of  overall  FIR  system  as  dim  =  IPm  him  h2m  --hLml^  and  the  overall  input 
vector  Min)  =  jjln)  yjin)  y2(a)  ..  equation  (7)  can  be  .simplified  to 

Cmln)  =i!m^U(n)  (8) 

This  equation  shows  that  there  is  an  unknown  overall  FIR  system  ifetm)  which  is  excited  by  the  overall  input 
vector  ii(n)  and  the  respon.se  of  .sy.siem  is  Cmln). 

Similarly,  based  on  Figure  3,  the  combined  output  of  adaptive  filters  Qm*^-*  and  Dml'^l  is 


I, 

e„(n)  =  d^(n)x(n)-t-5^^(n)^(n)  form=l.2 . M  (9) 

/=! 

where  t/m(t"  =  K'/m.Oin)  t/m.llt)  weight  vector  of  adaptive  filter  C;mU.)  at  time  n, 

and  slm^n)  =  [dm.olnl  dm.iln) ..  dm,N-l<f  IP  is  the  weight  vector  of  adaptive  filter  D(z.)  at  time  n. 

Likewise,  by  defining  an  overall  weight  vector  am<”>  =  Idmi”)  tlml"^  •  equation  (9)  can  be 

simplified  to 

em<'’l  =  am^lfl  Uin)  (10) 
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This  equation  shows  that  an  overall  adaptive  FIR  filter  is  used  to  identify  an  unknown  FIR  system 
using  the  same  input  vector  ji(n).  Therefore,  the  parallel  system  identification  scheme  illustrated  in  Figure  ^ 
can  be  simplified  to  a  classical  system  identification  problem. 

The  goal  of  this  system  identification  scheme  can  ^  achieved  by  adapting  coefficients  of  filter  Ap^l/,)  to 
minimize  the  mean-square  value  of  difference  signal,  e''[n(n)  =  e^ln)  -  e'^ln)  using  the  well-known  LMS 
algorithm; 

3m('’+')  =  Sm(")  +  2pe"n,(n)!l(n)  (11) 

This  combined  vector  equation  can  be  partitioned  into  L+l  vector  equations  for  L+1  parallel  adaptive  filters 

!lm(n+l )  =  <lm(h)  +  2  p  e"m(n)jt(n)  ( 1 2a) 

and 

c/m(n+l)  =  t;/m(n) +  2p  e"(n(n)j;/(n)  for  /=t.2,..  ,L  {12b) 

It  is  important  to  note  that  in  equation  (6),  a  "minus"  .sign  is  used  to  update  weight  vector  of  W/(z)  for  ANC 
applications  instead  of  a  "plus"  sign  as  conventional  LM.S  algorithm  for  system  modeling  in  equation  (12). 
This  is  because  the  residual  error  of  the  ANC  system  is  produced  by  acoustical  superpo.sition  (addition) 
instead  of  electrical  subtraction.  It  is  also  important  to  point  out  that  Figure  .1  represents  only  a  single 
channel  of  on-line  modeling  for  error  microphone  Mm.  For  multi-channel  sy.stem  with  M  error  microphones, 
equations  (9),  and  (12)  .should  be  repeated  for  m  =  1, 2, .. ,  M. 

V.  EXPERIMENT.S  AND  COMPUTER  -SIMULATION.S 

The  experimental  .setup  consists  of  a  .T-dimen.sional  enclosure  with  approximate  shape  and  dimension  of  a 
typical  heavy  equipment  cabin  (l.Om  x  1,2m  x  1.5m).  The  walls  are  considered  rctleciive.  while  the  fioor 
and  ceiling  have  some  limited  acoustical  absorption  in  the  frequency  range  of  imere.st  50-400  Hz,  Inside  the 
enclosure  is  an  upholstered  .seat,  unoccupied.  The  setup  utilizes  two  6.5"  cancellation  speakers  mounted 
overhead  in  the  back  comers  of  the  enclosure.  An  input  microphone  is  liKated  behind  the  seat  inside  the 
enclo.sure.  centered  laterally  1.5cm  above  the  floor.  Two  error  microphones  being  of  cardioid  type  further 
enhance  the  zone  spatially  by  aiming  the  lobes  of  maximum  sensitivity  toward  the  operator's  head. 

For  .simulation  purposes,  nine  transfer  functions  (I  input,  2  main,  2  feedback,  and  4  error,  as  .shown  in 
Figure  2)  were  e.stimated  with  a  IIP  T56TA  control  .system  analyzer.  Using  random  noi.se  with  sufficient 
amplitude  to  excite  the  acou.stical  modes,  a  Z  domain  curve  fit  was  made  to  the  measured  transfer  function 
which  includes  power  amplifier,  loudspeaker,  microphone,  and  preamplifier.  .Subsequently,  HR  filters  were 
generated  through  polynomial  expansion  of  the  Z  domain  pole/zero  information,  to  he  used  in  the 
simulations  as  the  electro-acoustical  models. 

From  exten.sive  .simulation  re.sults  some  conclusions  on  the  performance  of  the  algorithm  follow.  Shown  in 
Figure  4  is  a  normalized  attenuation  curve  and  a  typical  error  path  tran.sfer  function.  The  power  estimates 
used  by  the  attenuation  curve  are  the  result  of  averaging  the  last  50  iterations  in  a  1000  iteration  bhak. 
stepped  through  5  Hz  increments.  As  seen  in  the  error  path  transfer  function,  resonance's  following  very 
closely  t('  the  lowest  predicted  acou.stical  modes  exist.  The  attenuation  curve  shows  the  algorithm  has  no 
difficulty  responding  to  the  increased  power  demand  of  the.se  re,sonance's,  and  its  cancellation  is  correlated 
with  the  error  path  efficiency.  This  is  where  (J/,  the  error  weighting  matrix,  has  acoustically  relevance.  Q/ 
may  be  designed  to  minimize  the  importance  of  non-efficient  transfer  functions  that  slow  the  convergence  of 
the  system  or  degrade  its  performance.  It  is  also  po.s.sible  to  have  a  user  adjustable  (J/  to  optimize  the  system 
for  a  specific  acoustical  environment,  .such  as  in  a  car  when  only  the  driver  is  present  or.  if  a  more  global 
attenuation  is  desired,  when  there  are  pa.ssengcrs. 
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VI.  CONCLUSIONS 

This  paper  presents  a  general  multi-channel  filtered-x  LMS  algorithm  with  new  parallel  multi-channel  on¬ 
line  error-path  modeling  algorithm  for  3-D  active  noise  control  systems.  An  input  weight  vector  based  on  the 
spatial  placement  of  input  microphones  is  proposed  to  mix  J  input  sensor  signals  to  form  a  single  reference 
signal  for  all  adaptive  fillers.  A  modified  independent  cost  function  for  each  channel  is  used  to  weight  the 
spatial  significance  of  each  error  microphone  output  for  the  adaptation  of  each  adaptive  filler.  The 
performance  of  the  algorithm  has  been  verified  on  a  3-D  experimental  sei-up  and  is  analyzed  from  both 
acoustical  and  adaptive  signal  processing  points  of  view.  The  robustness  of  the  algorithm  is  verified  by 
intensive  simulations  using  real  transfer  functions  measured  from  the  experimental  setup. 
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ABSTRACT 

This  paper  is  coru:emed  with  the  development  of  block  adaptive  algorithms  for  active  noise 
control.  Time  and  frequency  domain  X-Block  LMS  (WLMS)  algorithms  are  developed  for  single 
channel  active  noise  control  applications.  Analytical  and  experimental  results  are  given  to  dem¬ 
onstrate  the  properties  and  the  performance  of  the  proposed  algorithms.  In  particular,  we  give 
simulation  results  as  well  as  results  from  the  implementation  of  the  algorithms  on  the  Motorola  DSP 
56001. 


I.  INTRODUCTION 

The  sequential  filtered  x-LMS  algorithm  [1]  which  is  often  used  for  active  noise  control  [2,3] 
is  associated  with  two  problems,  namely,  a)  slow  convergence  when  operating  with  highly  correlate 
inputs,  and  b)  gradient  noise  due  to  the  instantaneous  estimates  of  the  errors.  These  problems 
can  be  tackled  using  block  processing  techniques  [4].  Block  LMS  (BLMS)filterscan  be  implemented 
in  the  time  [4,5]  or  in  the  frequency  domain  [6,7],  Clark  et  al  [4]  developed  the  BLMS  algorithm 
for  FIR  system  identification  and  Mikhael  and  Wu  [5]  proposed  a  time  v^ing  convergence  factor 
for  the  BLMS.  A  Frequency  domain  implementation  of  the  BLMS  was  given  in  [6]  by  Ferrara  and 
a  normalized  convergence  factor  for  this  algorithm  was  proposed  by  Mikhael  and  Spanias  in  [7]. 

In  this  paper,  we  give  a  block  processing  algorithm  which  is  based  on  the  structure  of  the 
filtered  x-LMS  ^gorithm.  The  propos^  algorithm  is  called  x-Block  LMS  (XBLMS)  and  is  applied 
to  active  noise  cancellation  in  clos^  structures.  The  XBLMS  algorithm  can  be  implemented  in  the 
time  or  in  the  frequency  domain.  The  latter  is  more  efficient  in  high  order  implementations  and 
allows  for  the  use  of  fr^uency-normalized  convergence  factors  [8]  which  were  shown  to  improve 
the  convergence  of  the  algorithm  particularly  with  colored  signals.  Although  the  proposed  algorithm 
involves  block  data  processing,  s^uential  (sample-by-sample)  updates  are  also  (wssible  by  block 
overlapping.  Analytical  and  experimental  .-»-«iilts  are  given  to  demonstrate  the  performance  of  the 
algorithm.  In  particular,  we  give  results  from  computer  simulations  and  from  the  real  time  imple¬ 
mentation  of  the  algorithm  on  the  Motorola  DSP  5^1.  In  addition,  convergence  analysis  is  given 
in  the  Appendix.  The  rest  of  the  paper  is  organized  as  follows.  Section  lldescribes  the  filtered 
x-LMS  algorithm,  section  III  gives  the  XBLMS  algorithm,  and  section  IV  presents  the  frequency 
domain  XBLMS  algorithm.  Section  V  gives  the  computer  simulations  while  section  VIdescribes 
the  real  time  implementation  of  the  algorithm.  Finally,  section  VII  presents  the  conclusion. 
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n.  THE  Fn.TERED-X  LMS  ALGORITHM 


A  block  diagram  for  an  active  noise  control  system  based  on  the  filtered-x  LMS  algorithm  is 
shown  in  Fig.  1.  The  reference  signal,  which  is  associated  to  the  external  noise  source,  is 
used  to  drive  the  system.  For  example,  the  reference  signal  for  the  case  of  rotating  machinery  is 
periodic  or  quasi-periodic  and  is  usually  taken  from  a  tachometer.  The  output,  y^,  of  the  I"'*’ 

order  adaptive  rilter  1/  (  z  )  is  used  as  a  control  signal.  The  order  FIR  filter  W  “  ( z )  represents 
the  acoustic  path  between  the  error  signal  and  the  secondary  source  and  W  ( z )  represents  the 
primary  path  between  the  external  noise  source  and  the  error  sensor. 

The  filtered-x  LMS  algorithm  actually  involves  two  operations,  namely  system  modeling  and 
control.  In  system  modeling  the  secondary  path  H  *(  z  )  is  modeled  by  a  FlRor  an  HR  filter  without 
the  primary  noise  present.  In  the  control  stage,  the  reference  signal  x*  is  passed  through  the  FIR 
filter,  /?®(z),  and  the  filtered  reference  signal,  r*,  is  generated  for  the  LMS  algorithm. 


Fig.  1.  The  filtered-x  LMS  active  noise  control  system. 

The  error  for  the  system  of  Fig.  1  is  given  by 

=  (1) 
where  dj  is  the  desired  signal.  The  superscript  Tdenotes  matrix  or  vector  transpose.  The  vectors 
Tj  and  ^^are  the  filtered  reference  and  coefficient  vectors  respectively,  i.e., 

=  r*. . r*.,.,]’’  (2) 


The  filtered  reference  signal  is  given  by 


(3) 

(4) 


where  {h',,  y  =  0,  1 . J  -  1>  are  the  coefficients  of  ‘ ( z ).  The  mean  square  error  (MSE), 

J,  is  defined  as 

J  =  E{el}  =  E{dl}-2wlE{d,r^}*wlE{rlr_^}w^  (5) 

where  E  {.}  denotes  the  expectation  value.  In  most  practical  applications  the  autocorrelation 
matrix,  E is  positive  definite  and  hence  invertible.  The  gradient  is  given  by 

dJ  dJ  dJ 

swo,„  aixi,.,  . 


-  2E  {r„rl}w^~2E {d,r„}  -  -2E {r^e,}  (6) 

The  coefficient  vector  is  updated  using  the  instantaneous  estimate  of  the  gradient,  i.e.. 
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-w^*2iir^e„  (7) 

where  |-i  is  the  convergence  factor  that  controls  the  stability  and  the  convergence  rate  of  the 
algorithm. 

The  filtered-x  LMS  is  associated  with  a  large  misadjustment  since  the  gradient  is  computed 
from  only  one  error  sample.  In  the  following  section,  we  introduce  the  XBLMS  which  computes  the 
gradient  from  a  block  of  errors. 


m.  THE  X-BLOCK  LMS  ALGORITHM 

In  this  section,  we  develop  a  block  processing  algorithm  for  the  x-filtered  structure.  A  block 
diagram  for  the  structure  of  the  XBLMS  algorithm  is  shown  in  Fig.  2.  The  labels  S/P  and  P/S  stand 
for  serial-to-parallel  and  parallel-to-serial  conversions  respectively.  The  secondary  path  is  modeled 
first  in  the  absence  of  the  primary  noise  source.  The  time-varying  block  FIRfilteris  then  adapted 
using  the  XBLMS  algorithm. 


Fig.  2.  An  XBLMS  active  noise  cancellation  scheme. 


Let  us  first  define  the  following;  j  is  the  block  index,  Lis  the  block  length,  and  s  is  the  block 
shift.  The  error,  desired  signal,  and  coefficient  vectors  are  given  by 


=  e„.,  . 

®/i-£-l] 

(8) 

d,  =  {d,,  d,,.,  . 

••• 

(9) 

=  <^1.; 

(10) 

Furthermore,  the  filtered  reference  matrix  for  the  j'***  block  of  data  is  given  by 


r  = 

-I 


^  fs- 1*2 


(11) 


It  is  noted  that  each  component  of  the  matrix  r  ^  is  a  filtered  reference  signal  defined  in  Eq. (4)  and 
that  the  matrix  is  Toeplitz.  The  shift  5  can  be  chosen  to  be  between  1  and  L.  A  block  shift  of 
s  <  /.  implies  block  overlapping  and  therefore  data  reusing.  Data  reusing  may  improve  convergence 
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speed  at  the  expense  of  additional  computation  [5,7].  For  s-  L,  the  error  blocks  are  disjoint. 
The  error  vector,  .  is  given  by 

Q  =  d  - T  w  (12) 

The  block  MSE  (BMSE)  can  then  be  written  as 


(13) 


The  gradient  estimate  for  the  BMSE  w.r.t.the  coefficient  vector  is  given  by 

(14) 

The  update  expression  for  the  XBLMS  is  then  given  by 

“!/.i  " 

Note  that  in  the  XBLMS  the  gradient  is  estimated  from  a  block  of  data  instead  of  a  single 
sample  and  hence  the  gradient  noise  is  less  than  the  noise  associated  with  the  sequential  filtered-x 
LMS  algorithm.  In  addition,  the  XBLMS  can  be  implemented  efficiently  in  the  frequency  domain 
using  the  Fast  Fourier  Transform  (FFT). 


IV.  THE  FREQUENCY  DOMAIN  XBLMS  ALGORITHM 


The  frequency  domain  XBLMS  (FXBLMS)  is  developed  in  this  section.  Although  the  FXBLMS 
is  an  exact  implementation  of  the  XBLMS,  it  offers  computational  savings  in  high  order  cases.  In 
addition,  the  FXBLMS  allows  for  direct  access  and  control  of  adaptation  of  individual  frequency 
components.  The  latter  may  be  useful  when  cancelling  harmonically  structured  noise.  Firstly,  the 


FXBLMS  forms  the  FFT  components  of  the  2Lxl  vector, 

=  ...  r,..,  ...  (16) 

which  consists  of  two  L-point  filtered  reference  vectors.  Note  that  the  block  size  Lin  this  case  is  a 
radix-2  integer.  The  FFT components,  n=0,i,...,2L-7j  form  a  2Lx2Ldiagonal  matrix, 

R^  =  [/f(0)l?(l).../?(2L-  1)]"  (17) 

The  frequency  domain  output  is  formed  by 

r  =  R  1/  (18) 

where  U  is  a  2Lxl  complex  vector  containing  the  frequency  domain  coefficients.  According  to 
the  overlap-and-save  method  for  fast  convolution  the  last  L  terms  of  the  inverse  FFT  of  K  ^  are 
results  of  a  proper  linear  convolution,  and  hence 

y^  =  [iast  L  terms  of  IFFT{Y_^)]  (19) 

The  error  vector  is 

and  the  frequency  domain  error  is  formed  by 

E,-FFT{[q^  e;]^}  (21) 


where  O  is  a  Lx  1  null  vector.  The  frequency  domain  gradient  is  obtained  by 

= -2R"F 


The  gradient  is  then  constrained,  i.e., 

V®  =  [first  L  terms  of  1FFT{G^}] 


(22) 

(23) 


and 

C^  =  FFr{[(v*)'^  O'']"}  (24) 

Finally,  the  update  equation  for  this  algorithm  is  given  by 
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(25) 


1/  =1/  -\i.  & 

Note  that  the  frequency  domain  gradient  can  be  normalized,  i.e., 

G^  (26) 

where  the  inverse  of  the  matrix  M  =  R"R  essentially  normalizes  the  gradient  at  each  frequency 
with  a  sample  energy  of  the  input.  The  gradient  must  be  again  constrained  as  per  Eq.  (23)  and 
Eq.  (24).  This  type  of  normalization  may  improve  the  convergence  of  the  algorithm  in  the  case  of 
correlated  inputs. 

V.  SIMULATION  RESULTS 

A  comparative  simulation  for  the  filtered  x-LMS  and  the  XBLMS  is  given  in  this  section.  This 
is  based  on  the  simulation  scheme  shown  in  Fig.  2  with  a  reference  signal  of  the  form: 

x(A:)=  I  cosf~)  and  N=8  (27) 

I  \  N  J 

The  primary  path  between  the  primary  source  and  the  error  sensor  is  modeled  by  aFlRfilier/y^(2) 
H\z)  =  0.6+  0.92' ‘  +  0.3z’^  + 0.52'^ 

+  1.22"'-  1.52'®  +  0.82‘‘  +  0.l2‘'  (28) 

and  the  secondary  path  between  the  error  sensor  and  the  actuator  is  modeled  by  FIR  filter  //  ‘  ( 2 ): 

W  (2)  -  0.72'^  +  0.62'® +  0.732'' +  0.52*®  +  0. 452' 

+  0.38z'''  +  0.92'‘^  +  0.42'“  +  0.  1  n(2)  (29) 

where  n(z)  is  Gaussian  white  noise  of  zero  mean  and  unit  variance  representing  the  measurement 
error  of  the  plant.  The  convergence  factor  in  both  cases  isp.  =  pg  =  0.01,  and  the  order  of  the 
adaptive  FIR  filter  is  I  =8.  The  block  length  is  L=8and  the  XBLMS  is  implemented  withoverlapping 
blocks,  i.e.,  s  -  1 . 

The  convergence  curves  for  both  the  filtered-x  and  the  XBLMS  algorithms  are  shown  in  Fig. 
3.  As  it  can  be  seen  the  XBLMS  is  associated  with  much  less  misadjustment. 


Samples 

Fig.  3.  Error  curves  for  the  filtercd-x  LMS  and  the  XBLMS  algorithms. 


VI.  REAL  TIME  IMPLEMENTATION 

In  order  to  evaluate  the  algorithm  in  an  actual  active  noise  cancellation  scheme  the  XBLMS 
algorithm  was  implemented  on  the  Motorola  DSP  56001.  The  experimental  setup  (Fig,  4)  for  this 
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single  channel  active  noise  control  consisted  of  two  speakers,  an  error  sensor  (microphone), 
anti-aliasing  lowpass  filters,  A/D  and  D/A  converters,  and  a  Motorola  DSP  56001  controller.  Speaker 
SI  is  used  to  generate  the  primary  noise  and  S2  is  used  as  a  secondary  source. 


Fig.  4.  Block  diagram  of  the  active  noise  control  experiment 

A  sinusoidal  signal  of  100  Hz  is  used  as  the  prima^  noise  source.  The  primary  noise  is 
synchronous  sampled  and  the  sampling  rate  is  8{X3  Hz.  Since  the  reference  signal  is  a  pure  tone, 
both  block  FIR  filters  A/ '( 2 )  and  l/(2)are  of  order  2  with  a  block  length  of  8.  In  the  modeling 
phase,  the  reference  signal  is  sent  out  by  the  secondary  speaker  S2  to  model  the  secondary  path 
between  the  error  microphone  and  the  secondary  spe^er.  The  BLMS  algorithm  is  applied  for  the 
system  modeling.  After  the  algorithm  converges,  the  FIR  filter  coefficients  are  saved  in  the  DSP 
external  memory  to  obtain  the  filtered  reference  signal  in  the  control  operation.  In  the  control  phase, 
the  noise  signal  is  produced  by  the  primary  speaker  SI.  The  output  of  the  adaptive  filter  W(z)  is 
sent  out  from  the  secondary  speaker  S2.  The  XBLMS  algorithm  is  used  to  generate  the  control 
signal.  The  square  of  the  residual  error  is  stored  in  DSP  memory  during  the  adaptation.  The 
XBLMS  algorithm  is  adapted  on  a  sample-by-sample  basis.  The  convergence  curve  for  this 
experiment  is  shown  in  Fig.  5  and  as  it  is  seen  the  misadjustment  is  rather  small.  The  steady-state 
noise  reduction  in  this  experiment  was  of  the  order  of  8  to  10  dB. 


Samples 

Fig.  5.  Error  curve  of  the  XBLMS  algorithm  in  the  active  noise  control  experiment. 


VII.  CONCLUSION 

A  filtered-x  block  LMS  adaptive  algorithm  for  active  noise  control  was  proposed.  Time  and 
frequency  domain  implementations  of  the  algorithm  were  presented.  Results  from  a  computer 
simulation  as  well  as  a  real  time  implementation  were  given  to  demonstrate  the  performance  of  the 
algorithm.  In  both  cases  it  was  shown  that  the  algorithm  is  associated  with  a  low  level  of  misad¬ 
justment.  Although  the  results  are  given  fora  synchronous  repetitive  noise  source,  the  algorithm 
can  also  be  applied  to  broadband  random  reference  noise. 
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APPENDIX:  CONVERGENCE  ANALYSIS  OF  THE  XBLMS  ALGORITHM 

This  appendix  is  on  the  convergence  properties  of  the  XBLMS  algorithm.  The  system 
identification  scheme  for  the  XBLMS  is  different  than  the  classical  identification  scheme  for  the  LMS 
or  the  BLMS  algorithm.  The  main  difference  lies  in  the  fact  that  the  adaptive  filter  function,  L  '  ( 2 ) , 
IS  cascaded  with  the  transfer  function  H\z).  When  the  MSE  is  minimized,  then  we  essentially 
have  the  following  transfer  function  approximation; 

W'’(2)S  1/(2)/T'(2)  (.4.1) 


The  convergence  analysis  assumes  that  //‘(z)  is  a  good  estimate  of  //‘(z).  In  addition,  we 
assume  that  under  steady-state  conditions  the  order  of  1/(2)  and  H‘{z)  can  be  reversed. 
The  Wiener  solution  under  these  assumptions  is  given  by 

w°  =  r''p  (.4.2) 

where  rand  p  are  the  autocorrelation  matrix  and  the  cross-correlation  vector  respectively,  i.e., 


and 


(.4.3) 

(.4.4) 


In  the  following  we  derive  the  condition  for  the  convergence  of  the  mean  of  the  adaptive  filter  vector 
to  the  Wiener  solution  (A. 2).  First  we  subtract  the  optimal  vector  from  both  sides  ofEq.  (15),  i.e.. 


a-/.,  - 


(,4.5j 


Taking  the  expected  value  of  both  sides  of  Eq.  (A. 5)  we  get 

where  =  Assuming  that  the  coefficient  vector  and  the  input  are  independent  the 

expected  value  of  the  gradient  can  be  written  as 

—  — 2p  +  2rm^  (•‘'•7) 
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Substituting  Eq.  (A. 7)  into  Eq.  (A. 6)  we  get 

=  (/-2n8r)u^  {A.Q) 

Considering  the  similarity  transfoimation 

r  =  pKp-'  (.A.9) 

we  rewrite  the  update  equation  as 

^,.1  =  (/1. 10) 

where  =  p“‘u^.  From  (A.  10)  it  can  be  shown  easily  that  the  adaptive  filtervector  converges 
in  the  mean  to  the  Wiener  solution  if 

0<|X8<^  (^.11) 

where  the  is  the  maximum  eigenvalue  of  the  autocorrelation  matrix  of  the  filtered  reference 
signal.  Following  similar  arguments  one  can  show  that  the  misadjustment  of  the  algorithm  is 
expressed  by 

M  =  H8tr(r)  (.'1.12) 
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ABSTRACT 

A  control  method  based  on  sensing  and  minimizing  the  total  energy  density  at  discrete  locations  is 
developed  and  compared  to  both  the  method  of  minimizing  the  squared  pressure  at  discrete  locations,  as  well 
as  the  optimal  solution  obtained  by  minimizing  the  spatially  integrated  potential  energy  density.  Since  total 
energy  density  is  being  minimized,  the  control  system  is  sensitive  to  both  pressure  and  velocity  components, 
thereby  preventing  spillover  into  modes  with  small  pressure  amplitudes,  but  large  velocity  amplitudes,  at  the 
error  sensor(s).  The  method  has  another  distinct  advantage  for  standing-wave  fields,  in  that  the  method  is 
much  less  sensitive  to  sensor  location  than  the  method  of  minimizing  squared  pressure.  Computer  simulations 
and  experimental  measurements  are  presented  showing  a  comparison  between  the  methods  for  the  case  of  a 
one-dimensional  sound  field.  In  general,  the  overall  attenuation  obtained  from  minimizing  the  energy  density 
is  found  to  be  superior  to  that  obtained  from  minimizing  the  squared  pressure. 

INTRODUCTION 

In  many  applications  involving  noise  in  enclosures,  the  desired  control  objective  is  to  globally  minimize 
the  noise  in  the  enclosure.  Such  applications  include  interior  noise  in  aircraft,  automobiles,  and  rooms.  To 
obtain  global  minimization,  it  has  generally  been  accepted  that  the  appropriate  quantity  to  minimize  is  the 
potential  energy  in  the  field,  since  the  sound  pressure  level  is  a  function  of  the  potential  energy  density  [1]. 
However,  the  total  potential  energy  represents  a  quantity  which  is  not  available  in  practice,  since  it  requires 
spatially  integrating  the  entire  acoustic  field.  Thus,  an  alternative  approach  which  has  been  used  in  practice 
involves  minimizing  the  squared  pressure  signal  from  one  or  more  discrete  "error”  sensors,  as  an  approximation 
to  minimizing  the  potential  energy  [1-5].  To  obtain  optimal  performance  using  this  approach  requires  that  one 
position  the  discrete  sensors  at  locations  corresponding  to  pressure  maxima  for  all  of  the  relevant  modes  of 
the  enclosure.  For  regularly-shaped  enclosures,  where  it  is  straightforward  to  determine  the  nature  of  the  field 
in  the  enclosure,  it  is  possible  to  locate  the  error  sensors  at  optimal  locations  such  that  they  are  sensitive  to 
the  dominant  modes  in  the  enclosure.  With  such  a  configuration,  it  has  been  found  that  minimizing  the 
squared  pressure  from  the  error  sensors  gives  performance  which  is  comparable  to  the  optimal  solution 
obtained  by  minimizing  the  total  potential  energy. 

There  are  a  number  of  applications  which  involve  enclosures  which  are  not  regularly-shaped  and  where 
it  is  much  more  difficult  to  determine  where  to  place  the  error  sensors  to  achieve  optimal  control.  In  the 
general  case,  particularly  for  complex  fields  where  the  modes  are  poorly  known,  it  has  been  found  that  the 
result  of  minimizing  the  squared  pressure  from  discrete  error  sensor(s)  is  often  to  produce  "zones  of  silence" 
in  the  vicinity  of  the  error  sensors  while  having  little  effect  at  other  locations,  or  perhaps  even  increasing  the 
sound  pressure  level  at  other  locations. 

Given  that  previous  theoretical  developments  indicate  that  an  optimal  solution  does  exist  to  yield  global 
minimization  of  the  enclosed  field,  the  question  arises  as  to  whether  there  is  a  better  approach  to  minimizing 
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the  noise  in  the  field.  This  paper  develops  an  alternative  approach  for  minimizing  enclosed  acoustic  fields 
based  on  the  principle  of  minimizing  the  total  energy  density  at  discrete  sensor  locations.  Analytical  and 
numerical  results  using  this  approach  have  been  reported  previously  [6].  Both  simulation  and  experimental 
results  are  presented  here  using  this  energy  based  control  method,  with  the  results  indicating  that  one  generally 
obtains  significant  improvement  in  the  global  field  using  this  approach  as  opposed  to  the  method  of  minimizing 
the  squared  pressure. 

MODAL  REPRESENTATION  OF  THE  CONTROLLED  FIELD 


The  pressure  in  any  arbitrary  enclosure  can  be  represented  in  terms  of  its  normal  modes.  For 
simplicity,  if  one  assumes  a  single  point  primary  excitation  source  and  a  single  point  secondary  control  source, 
the  acoustic  field  in  an  enclosure  can  be  expressed  as 

P  -  E 

rt-0 


where  tp,(x)  represents  the  nth  eigenfunction  (assumed  to  be  normalized  such  that  j  -  V  ),  0^ 

represents  the  source  strength  of  the  control  source,  and  the  A,  and  B„  represent  the  modal  coefficients 
associated  with  the  primary  source  and  the  secondary  source  respectively,  and  are  given  by 


-;<jp 

V(.k^-kl) 


B.  - 


Vwp 


(2) 


Here,  V  is  the  volume  of  the  enclosure,  k  is  the  disturbance  wavenumber,  is  the  wavenumber  for  the  nth 
mode,  (u  is  the  angular  frequency,  p  is  the  fluid  density,  is  the  primary  source  strength,  and  and  are 
the  locations  of  the  primary  and  control  sources,  respectively.  The  potential  energy  density,  which  is  a 
function  of  position,  can  be  expressed  as 


4pc^ 


(3) 


which  can  be  integrated  over  the  volume  of  the  enclosure  to  yield  the  total  potential  energy  in  the  volume, 

-  t^e  k  ^  w  (^'  *  *;<?;) . 

4pc'‘i.-o 

For  global  minimization,  Eq.  (4)  represents  the  quantity  which  is  to  be  minimized.  If  the  A,  and 
coefficients  are  repre.sented  in  vector  form,  the  potential  energy  can  be  expressed  as 

£  -  -^Ia''a*a«bq^*q;b''a*q;b'>bqJ  .  (S) 

4pc*^  ‘ 


where  the  superscript  "  represents  Hermitian  transpose.  From  this  expression,  the  quadratic  dependence  of  the 
potential  energy  on  the  secondary  source  strength  can  be  clearly  seen.  Following  standard  minimization 
procedure.s,  the  optimal  .source  strength  which  minimizes  the  global  potential  energy  is  found  to  be 


E 

Qc.^-  -[B‘'BrB”A  -  - 

E  b:b. 


(6) 


The  last  expression  is  only  valid  when  a  single  secondary  source  is  used.  For  multiple  secondary  sources,  the 
inverse  matrix  form  must  be  used. 

The  modal  expressions  for  the  field  can  also  be  used  to  investigate  the  effectiveness  of  alternative 
control  schemes.  For  simplicity,  a  single  error  sensor  will  be  assumed  in  the  following  expressions,  as  the 
ciitical  features  to  be  illustrated  a'e  still  apparent  even  with  just  a  single  sensor.  If  the  control  approach  is 
to  minimize  the  .squared  pre.ssure,  the  objective  function  can  be  written  as 

Jp  -  -  E  "  W  E  ^  b:q;)  4.;(jr.) ,  cn 

»"0  jh-O 

where  x,  represents  the  "error”  location,  where  the  squared  pressure  is  being  minimized.  This  expression  can 
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also  be  seen  to  be  quadratic  with  respect  to  the  control  source  strength.  If  Eq.  (7)  is  minimized  with  respect 
to  the  source  strength,  the  optimal  source  strength  for  minimizing  the  squared  pressure  is  found  to  be 

Qc,  -  -  — - • 

■-0 

It  can  be  seen  from  Eq.  (8),  that  the  solution  obtained  by  minimizing  the  squared  pressure  depends  on  the 
location  of  the  error  sensors,  and  that  the  dependence  on  the  modal  coefficients  is  different  than  for  the  optimal 
solution  given  in  Eq.  (6). 

An  alternative  method  for  controlling  the  sound  field  l.■'volves  minimizing  the  total  energy  density  at 
the  error  sensor,  which  can  be  expressed  in  terms  of  the  modes  as 

Minimizing  Eq.  (9)  yields  the  optimal  source  strength  for  minimizing  the  energy  density  as 

n^)  ifi«0 

where  is  defined  according  to 

K 

From  Eq.  10,  it  can  be  seen  that  minimizing  the  energy  density  would  yield  the  optimal  solution  if  the  function 
were  replaced  by  the  Kronecker  delta  function.  Heuristically,  one  might  anticipate  the  solution  represented 
in  Eq.  (10)  to  yield  a  reasonable  approximation  to  the  optimal  solution  by  observing  the  nature  of  the  modal 
coefficients.  If  one  considers  the  product  BlA„,  it  can  be  seen  from  Eq.  (2)  that  for  n  m,  the  product  will 
be  small,  since  either  or  will  be  relatively  large.  On  the  other  hand,  if  n  =  m.  there  will  be  large 
contributions  from  the  modes  where  k^  -  kj,-  0.  Thus,  one  might  anticipate  that  the  method  of  minimizing 
energy  density  would  yield  better  global  attenuation  than  the  methixl  of  minimizing  the  squared  pressure. 

NUMERICAL  RESULTS 

To  gain  additional  insight  into  the  various  control  strategies,  the  model  of  the  enclosed  field  was 
reduced  to  a  one-dimensional  enclosure  to  simplify  the  numerical  analysis.  This  paper  will  focus  on  the  results 
obtained  from  the  investigation  of  a  one-dimensional  enclosure.  Thus,  the  enclosure  consists  of  a  rigid-walled 
closed  duct  of  length  L  and  cross-dimensions  small  enough  to  ensure  no  cross-modes  in  the  frequency  range 
of  interest.  With  these  assumptions,  the  eigenfunctions  of  the  enclosure  can  be  represented  by 

~  cos(*„z)  ,  (12) 

where  k„  is  given  by  nn/L.  For  the  one-dimensional  enclosure,  it  was  found  that  retaining  50  modes  achieved 
convergence  of  the  infinite  sums  to  within  0.1  dB. 

The  expressions  for  the  optimal  control  strengths  given  in  Eqs.  (6),  (8),  and  (10)  were  investigated  for 
the  case  of  the  one-dimensional  duct.  The  primary  .source  strength  was  assumed  to  be  located  at  xlL  =  0  and 
to  have  unity  magnitude,  the  secondary  source  strength  was  arbitrarily  located  at  xlL  =  0.359.  and  the  duct 
lencth  was  normalized  to  a  value  of  one.  The  relative  source  strengths  for  minimizing  the  potential  energy, 
energy  density,  and  squared  pressure  are  shown  in  Fig.  1  as  a  function  of  frequency  for  three  error  sensor 
l(x;ations.  The  optimal  solution  for  minimizii,g  the  potential  energy  does  not  depend  on  sensor  location, 
whereas  the  other  two  methtxis  do  depend  on  sensor  location.  Fig.  la)  corresponds  to  a  sensor  location  which 
should  yield  good  attenuation  for  minimizing  squared  pressure,  following  the  hypothesis  of  Nelson  ct  al.  [1] 
which  suggests  the  optimal  location  for  a  pressure  sensor  is  in  a  corner  of  the  enclosure,  where  all  mt'des  have 
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a  pressure  maximum.  Fig.  lb)  corresponds  to  a  location  which  one  would  expect  to  present  problems  for  a 
control  system  which  minimizes  squared  pressure,  since  half  of  the  modes  of  the  enclosure  have  a  pressure 
node  at  the  midpoint,  and  therefore  would  be  unobservable.  The  case  of  Fig.  Ic)  was  chosen  to  represent  the 
situation  where  no  particular  thought  was  taken  as  to  whether  the  sensor  location  was  good  or  bad.  In  all 
cases,  it  can  be  seen  that  minimizing  the  energy  density  generally  yields  a  source  strength  which  is 
considerably  closer  to  the  optimal  source  strength  than  does  minimizing  the  square  pressure.  Furthtiiuufc,  for 
a  given  frequency,  the  source  strength  obtained  by  minimizing  the  energy  density  tends  to  be  much  less 
sensitive  to  the  error  sensor  location  than  the  source  strength  obtained  by  minimizing  the  squared  pressure. 
This  further  suggests  that  better  global  control  should  be  attained  by  controlling  the  energy  density  than  by 
controlling  the  squared  pressure. 

Given  the  expressions  for  the  source  strength  in  Eqs.(6),  (8),  and  (10),  along  with  the  expression 
in  Eq.  (1)  for  the  pressure  field  in  the  enclosure,  it  is  also  possible  to  calculate  the  pressure  field  in  the  duct 
which  one  would  expect  with  each  control  method  for  a  given  frequency.  This  result  is  of  particular  interest, 
as  a  comparable  result  is  relatively  straightforward  to  obtain  experimentally  for  comparing  numerical  and 
experimental  results.  With  the  error  sensor  located  near  the  middle  of  the  closed  duct,  there  are  two  cases  of 
interest.  The  first  case  is  associated  with  an  excitation  frequency  corresponding  to  a  resonance  of  the 
enclosure.  The  frequency  chosen  coincides  with  the  seventh  mode  of  the  duct,  and  corresponds  to  213  Hz  for 
the  experimental  duct  used  later.  Fig.  2  shows  the  simulation  results  obtained  for  this  case.  As  can  be  seen, 
all  three  control  methods  yield  considerably  less  attenuation  in  the  region  between  the  primary  source  and  the 
secondary  source  than  in  the  rest  of  the  enclosure.  Furthermore,  for  values  of  xlL  >  0.359  (the  control  source 
ItKation),  both  the  squared  pressure  and  energy  density  methods  yield  greater  attenuation  than  the  method  of 
minimizing  the  total  potential  energy.  However,  if  the  potential  energy  density  is  integrated  over  the  entire 
length  of  the  enclosure,  one  finds  that  the  method  of  minimizing  the  total  potential  energy  yields  the  lowest 
potential  energy,  as  it  should,  due  to  the  fact  that  the  pressure  level  is  slightly  lower  for  this  method  between 
xlL  =  0  and  xlL  =  0.359.  The  greatest  contribution  to  the  total  potential  energy  occurs  in  this  region,  since 
the  pressure  level  is  at  its  highest  here.  This  result  demonstrates  several  issues.  First,  for  a  given  control 
configuration,  the  solution  obtained  by  minimizing  the  potential  energy  may  not  be  the  best  solution. 


Error  sensor:  x/L  ■  0.98 


Potential  Battgy 
Enetgy  Density 
Squared  Press. 


Figure  1.  Optimal  source  strength,  relative  to  the  primary  source  strength,  for  the  three  control 
methods. 


364 


subjectively.  Furthermore,  this  result  illustrates  the  importance  of  looking  at  the  issue  of  determining  the 
optimal  location  for  the  secondary  control  source.  The  topic  of  optimal  secondary  source  location  is  not 
addressed  in  this  paper. 

The  second  case  of  interest  corresponds  to  an  excitation  frequency  which  is  off  resonance.  Fig.  3 
shows  the  case  of  the  enclosure  being  excited  at  a  frequency  between  the  sixth  and  seventh  modes,  and 
corresponds  to  200  Hz  for  the  experimental  duct  used  later.  The  performance  of  the  three  methods  is  again 
reasonably  comparable  for  the  region  between  the  primaiy  and  secondary  sources.  However,  it  can  be  seen 
in  the  region  past  the  secondary  source,  that  noticeably  improved  performance  is  predicted  for  the  method  of 
minimizing  the  energy  density  over  the  method  of  minimizing  squared  pressure.  This  can  be  attributed  to  the 
fact  that  multiple  modes  contribute  to  the  total  field  at  this  frequency,  and  the  energy  density  method  is 
sensitive  to  all  modes  since  it  uses  both  pressure  and  velocity.  Thus,  the  method  will  not  attenuate  modes  with 
large  significant  pressure  components  at  the  error  sensor  at  the  expense  of  significantly  enhancing  modes  with 
a  small  pressure  component  (but  large  velocity  component)  at  the  error  sensor  location. 

A  final  simulation  result  is  presented  in  Fig.  4.  This  result  corresponds  to  the  error  sensor  again  being 
located  near  the  middle  of  the  duct,  but  moving  the  secondary  source  to  the  location  xlL  =  0.7.  The  excitation 
frequency  for  this  case  is  near  the  resonance  frequency  of  the  sixth  mode,  corresponding  to  180  Hz  for  the 
experimental  duct.  Again,  no  attempt  has  been  made  to  optimize  the  location,  but  some  of  the  effects  of  source 
location  can  be  seen  in  this  example.  The  optimal  solution  now  predicts  that  substantial  attenuation  can  be 
obtained  throughout  almost  the  entire  enclosure.  Furthermore,  it  can  be  seen  that  the  simulation  indicates  that 
the  method  of  minimizing  energy  density  gives  nearly  optimal  results,  while  the  method  of  minimizing  the 
squared  pressure  actually  increases  the  pressure  level  throughout  almost  the  entire  enclosure. 

EXPERIMENTAL  CONFIGURATION 

Apparatus 

The  enclosure  consists  of  a  circular  PVC  pipe,  5.6  m  in  length  and  O.I  m  in  diameter.  One  end  of  the 
pipe  is  rigidly  capped,  while  the  other  end  of  the  pipe  is  fitted  with  an  enclosed  speaker  which  serves  as  the 
primary  noise  excitation.  The  frequency  of  the  first  cross-mode  associated  with  this  closed  duct  is 
approximately  1000  Hz,  so  that  this  configuration  can  be  considered  to  be  a  one-dimensional  enclosure  over 
the  frequency  range  of  interest.  The  secondary  speaker  is  connected  to  the  duct  by  means  of  a  "T"  junction, 
which  was  randomly  selected  to  be  at  a  location  1.93  m  from  the  primary  speaker.  Since  the  emphasis  of  this 
research  is  not  on  the  optimal  location  for  the  secondary  speaker,  this  location  was  chosen  with  no  attempt 
to  choose  a  good  or  bad  location.  The  emphasis  of  the  present  research  is  to  investigate  the  control  which  can 
be  achieved  for  a  given  arbitrary  source  configuration.  For  the  error  sensors,  holes  are  drilled  in  the  pipe,  into 
which  the  error  microphones  can  be  inserted.  An  additional  microphone  is  mounted  on  a  small  cart  which  is 
placed  inside  the  duct.  The  purpose  of  this  microphone  is  to  provide  a  means  for  scanning  the  acoustic  field 
in  the  enclosure  before  and  after  control. 

The  control  system  for  the  experimental  apparatus  is  based  on  the  Spectrum  DSP96002  System  Board 
which  utilizes  the  Motorola  DSP96002  floating  point  digital  signal  processor.  An  analog  input/output  interface 
is  provided  by  means  of  a  Spectrum  Four  Channel  Analog  I/O  board,  which  interfaces  directly  with  the 


an  on-resonance  excitation  frequency  (213  Hz). 
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Figure  3.  Predicted  sound  pressure  level  for 
an  off-resonance  excitation  frequency  (200 
Hz). 


DSP96002  System  Board.  A  schematic  of  the 
experimental  apparatus  is  shown  in  Fig.  5. 


Control  Algorithm  "  .  \  '■  '  '  rA  '  / 

The  control  algorithm  used  in  this  research  has  |  ^  \'n.  \'-7  \/ 

been  reported  previously  [7,8].  The  adaptive  algorithm  I  /  v  ^  \  N  \/\l\  \ 
is  based  on  the  filtered-x  algorithm  developed  by  Widrow  I  /  V  ^  \ 

and  Stearns  [9].  The  unique  feature  of  the  control  |  a  ^  '  \  ^  ■' 

algorithm  is  that  the  control  system  performs  »  '  \  /  V' 

simultaneous  system  identification  and  control.  The  I  V 

system  identification  is  necessary  to  provide  a  model  of  ^ 

the  transfer  func'ion  from  the  controller  to  the  error  m  oj  on  .u 

sensor,  which  is  necessary  for  proper  convergence  of  the  _ 

filtered-x  algorithm.  A  schematic  of  the  control  system  Figure  4.  Predicted  sound  pressure  level  with 
is  shown  in  Fig.  6.  In  this  figure,  W  represents  the  the  secondary  source  located  at  xH  =  0.7,  and 
transfer  function  of  the  control  filter,  which  is  updated  the  error  sensor  at  x/L  =  0.5. 
using  the  filtered-x  algorithm.  P  is  the  plant  transfer 

function,  which  represents  the  system  to  be  controlled,  while  H  represents  the  transfer  function  from  ihe 
control  output  to  the  error  sensor,  sometimes  referred  to  as  the  error  path  transfer  function.  C  and  D  are  two 
adaptive  finite-impulse-response  (FIR)  filters  which  perform  the  system  identification  task  of  modelling  the 
effects  of  H  and  P.  If  the  squared  pressure  is  controlled,  e(l)  is  simply  the  measured  pressure  at  the  error 
sensor,  whereas  if  the  energy  density  is  controlled,  e(i)  is  the  gradient  of  the  energy  density. 


Figure  4.  Predicted  sound  pressure  level  with 


Energy  Density  Measurement 

To  actively  control  the  energy  density  in  an  enclosure,  it  is  important  to  verify  that  accurate 
measurements  of  the  energy  density  can  be  made.  This  involves  obtaining  a  measure  of  both  the  pressure  and 
the  acoustic  particle  velocity.  Both  of  these  quantities  are  required  by  the  adaptive  controller  in  order  to  adjust 
the  control  transfer  function  in  a  manner  that  ninimizes  the  energy  density.  A  method  for  measuring  the 
velocity  can  be  obtained  from  Euler’s  Equation.  Integrating  both  sides  of  Euler’s  Equation  with  respect  to 
time  yields 

V  -  -  —  j"  Vpdt  .  (13) 

The  gradient  of  pressure  can  be  obtained  using  the  two-microphone  technique,  such  as  is  commonly  used  to 
measure  acoustic  intensity.  For  one  dimension,  the  approximate  pressure  gradient  can  be  expressed  as 

Vp  -  (14) 

Ax  ’ 

where  p,  and  are  the  measured  pressures  from  two  microphones  separated  by  an  axial  spacing  of  Ax. 
Substituting  Eq.  (14)  into  Eq.  (13)  gives  the  velocity  in  terms  of  the  measured  pressures  as 


To  determine  the  integral  in  Eq.  (15),  an  analog  differential/integrator  circuit  was  developed  to  perform  the 
subtraction  and  subsequent  integration.  Comparison  of  the  energy  density  obtained  in  this  fashion  with  the 
energy  density  obtained  using  frequency  domain  processing  of  the  two  microphone  signals  yielded  excellent 
agreement  throughout  the  frequency  range  of  interest,  thereby  giving  confidence  in  the  measurement  method. 

EXPERIMENTAL  RESULTS 

Using  the  experimental  apparatus  described  in  the  previous  section,  the  methods  of  minimizing  squared 
pressure  and  energy  density  were  implemented,  and  results  corresponding  to  the  simulated  results  measured. 
Fig.  7  shows  the  results  which  were  obtained  with  the  error  sensor  located  near  the  middle  of  the  duct,  and 
with  an  excitation  frequency  of  213  Hz.  These  results  are  to  be  compared  with  the  simulation  results  in  Fig. 
2.  The  agreement  is  seen  to  be  quite  good,  indicating  that  the  simulation  model  is  capturing  the  most 
important  features  of  the  problem.  As  with  the  simulation,  minimal  attenuation  is  obtained  between  the 
primary  and  secondary  source,  while  approximately  35  dB  attenuation  is  achieved  with  either  method  in  the 
region  past  the  secondary  source. 

The  results  of  exciting  the  duct  at  an  off  resonance  frequency  of  200  Hz  is  shown  in  Fig.  8.  This  result 
is  comparable  to  the  simulation  result  in  Fig.  3.  Again,  the  agreement  between  simulation  and  experiment  is 
seen  to  be  quite  good,  with  the  method  of  minimizing  the  energy  density  giving  markedly  improved  attenuation 
in  the  region  beyond  the  secondary  source.  The  difference  between  the  attenuation  achieved  by  the  two 
methods  in  this  region  is  even  more  pronounced  experimentally  than  in  the  simulation,  with  the  squared 
pressure  method  providing  15-20  dB  attenuation,  and  the  energy  density  method  providing  35-40  dB 
attenuation. 

Figs.  7  and  8  also  demonstrate  another  property  of  the  method  of  minimizing  the  energy  density.  In 
a  standing  wave  field,  the  total  energy  density  does  not  vary  spatially  even  though  the  kinetic  and  potential 
energies  each  vary  with  position.  The  implication  of  this  result  is  that  the  method  of  controlling  the  energy 
density  should  be  relatively  insensitive  to  the  error  sensor  location.  In  Figs.  7  and  8,  the  modal  composition 
of  the  acoustic  field  at  the  error  sensor  is  rather  different  for  the  cases  of  near  resonance  and  off  resonance. 
This  is  reflected  in  the  fact  that  the  method  of  controlling  the  squared  pressure  performs  considerably  better 
for  the  near  resonance  case  (Fig.  7)  than  for  the  off  resonance  case  (Fig.  8).  However,  the  performance 
achieved  using  the  energy  density  method  is  seen  to  be  comparable  in  both  cases,  indicating  that  the  methtxl 
is  not  very  sensitive  to  the  modal  composition  of  the  field.  Other  results  obtained  seem  to  confirm  that  the 
energy  density  method  is  much  less  sensitive  to  the  error  sensor  location  than  the  squared  pressure  method. 

The  effect  of  the  secondary  control  source  location  can  be  seen  in  Fig.  9.  These  results  correspond  to 
those  shown  in  Fig.  4,  with  the  secondary  source  located  atx/L  =  0.7,  and  an  excitation  frequency  of  180  Hz. 
Again,  the  agreement  between  simulation  and  experiment  is  seen  to  be  rather  good.  The  performance  achieved 
by  minimizing  the  squared  pressure  is  seen  to  be  poor,  with  the  pressure  field  being  amplified  throughout  most 
of  the  duct,  while  the  method  of  minimizing  the  energy  density  gives  global  attenuation,  with  attenuation 
occurring  at  most  locations  in  the  duct.  The  attenuation  achieved  by  the  energy  density  method  is  not  quite 
as  much  as  predicted  from  the  simulation,  but  the  nature  of  the  controlled  field  agrees  well  with  the  simulated 
result. 


Figure  7.  Measured  sound  pressure  level  for  Figure  8.  Measured  sound  pressure  level  for 

the  error  sensor  located  at  a  pressure  the  error  sensor  located  at  a  pressure  minima 

maximum  near  the  middle  of  the  duct.  near  the  middle  of  the  duct. 


CONCLUDING  REMARKS 

The  method  of  minimizing  the  energy  density  in 
enclosures  represents  a  new  approach  to  the  attenuation 
of  noise  in  enclosures.  If  one  assumes  that  the  optimal 
solution  consists  of  minimizing  the  total  potential  energy 
in  the  field,  then  numerical  and  experimental  results  have 
confirmed  that  the  method  of  controlling  energy  density 
generally  approximates  the  optimal  solution  considerably 
better  than  the  method  of  controlling  the  squared  pressure 
at  the  error  sensor.  It  has  been  found  that  in  a  number 
of  cases,  minimizing  the  squared  pressure  may  result  in 
a  small  region  of  greater  attenuation  in  the  vicinity  of  the 
error  sensor,  i.e.  a  zone  of  silence,  but  the  pressure  level 
throughout  the  enclosure  will  generally  be  considerably 
higher  than  when  minimizing  the  energy  density.  Thus, 
the  method  of  minimizing  the  squared  pressure  provides 
a  good  solution  when  attenuation  is  required  only  over  a  small  region,  while  minimizing  the  energy  density 
provides  the  better  solution  when  global  attenuation  is  desired.  In  addition,  the  degree  of  global  attenuation 
which  is  possible  has  also  been  found  to  depend  on  the  primary  and  secondary  source  configuration,  such  that 
optimization  of  secondary  source  location  is  an  issue  which  needs  to  be  addressed  to  achieve  the  greatest 
possible  control.  However,  the  method  of  energy  density  minimization  appears  to  yield  the  approximate 
optimal  solution  for  a  given  source  configuration. 

A  comparison  has  been  presented  between  the  methods  of  minimizing  the  squared  pressure  and  the 
energy  density  for  the  case  of  a  one-dimensional  enclosure.  The  research  is  now  being  extended  to  the  case 
of  three-dimensional  enclosures  to  gain  further  insight  into  the  control  which  can  be  achieved  for  the  general 
case  of  noise  attenuation  in  arbitrary  enclosures.  For  three  dimensional  enclosures,  it  becomes  necessary  to 
measure  three  velocity  components  to  obtain  the  total  energy  density.  While  this  involves  additional 
microphones  to  obtain  all  of  the  necessary  quantities,  preliminary  results  indicate  that  a  control  system  using 
several  "energy  density  sensors"  can  control  the  sound  field  as  effectively  as  a  control  system  using  a  large 
number  of  pressure  sensors.  Thus,  it  may  be  possible  to  achieve  greater  control  of  the  sound  field  using  fewer 
transducers  with  energy  density  than  with  squared  pressure. 
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ABSTRACT 

A  systematic  procedure  to  design  a  PID  controller  for  a  system  with 
flexible  modes  is  presented.  A  two-step  approach  is  suggested  to  tune  the 
controller  parameters  such  that  classical  design  specii ications  in  terms  of 
bandwidth,  peak  overshoot,  settling  time,  and  phase  margin  are  approximately 
achieved.  A  numerical  example  illustrates  the  procedure. 

INTRODUCTION 

Feedback  control  of  vibrations  in  mechanically  flexib  e  systems  has 
application  in  spacecraft  control  [1]  and  ride  quality  improvement  of  air 
and  surface  missiles  [2,3].  In  theory,  mechanically  Ixexinle  systems 
require  infinite  dimensions  to  describe  their  behavior,  but  are  usually 
modeled  by  a  system  of  finite  order.  The  on-board  constraints  (especially 
with  space  applications)  pose  a  limitation  on  the  size  of  the  controller 
used.  Some  of  the  critical  modes  chosen  are  not  necessarily  the  first  few 
low-frequency  modes. 

Several  authors  [i.e.  4-7)  have  proposed  methods  for  modeling  and 
control  of  flexible  systems.  In  the  procedure  followed  by  Moore  [5],  the 
high  dimensional  system  is  divided  into  strong  and  weak  subsystems  using 
internal  dominance  criterion.  The  weak  subsystem  is  neglected  and  a  state 
variable  feedback  control  is  derived.  The  high  dimensional  system  in  modal 
form  is  partitioned  into  two  subsystems  by  Balas  [6]  and  approximated  by  a 
system  of  lower  order  by  dropping  some  modes  referred  to  as  residual  modes. 
The  effect  of  the  residual  modes  is  called  "spillover".  A  prefilter  is  used 
in  conjunction  with  the  controller  to  minimize  the  effects  of  spillover. 
Gregory  [7]  and  others  have  proposed  modified  procedures.  The  thrust  in 
some  of  the  procedures  is  the  modeling  aspect,  and  the  control  generally 
involves  an  observer  design  and  state  variable  feedback.  However,  once  a 
model  is  available  it  is  not  clear  how  to  design  a  controller  to  meet 
classically  required  design  specif ications  such  as  bandwidth,  peak 
overshoot,  settling  time,  and  stability  margins. 

This  paper  deals  with  the  design  of  a  PID  controller  (with  a  lead/lag 
network)  to  achieve  classical  design  specifications.  A  numerical  "Sample  is 
added  to  illustrate  the  design. 

CONTROLLER  DESIGN 

Consider  a  system  with  flexible  modes  as  shown  in  Fig.  1.  It  is  well 
known  [6]  that  the  poles  and  zeros  representing  each  flexible  mode  will  be 
close  to  each  other.  Figure  2  shows  the  pole-zero  map  of  a  system  with  a 
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rigid  mode  and  two  flexible  modes.  The  transfer  function  for  this  system  is 
given  by 


K(s^+z,^)  (S^+Zj*) 

G(s)  =  - ; -  (1) 

s^(s2+p,2)  (S^+Pj^) 


In  Fig.  2,  the  damping  associated  with  the  flexible  modes  is  shown  to  be 
zero.  In  practice,  the  damping  is  known  to  be  very  small,  on  the  order  of 
0.5%.  Without  any  controller,  the  system  shown  in  Fig.  2  is  only  marginally 
stable.  To  improve  the  performance  a  PID  controller  in  cascade  with  a 
lead/lag  network  is  introduced,  having  the  transfer  function 


G,{s)  =  (Kp+Kj,s+K,/s)  [{s+a)/(s+b)  ] 


(2) 


The  lead/lag  network  provides  extra  flexibility  for  parameter  tuning.  The 
closed-loop  system  is  shown  in  Fig.  3.  The  open-loop  transfer  function  for 
the  system  with  controller  becomes 


G(s)G^(s) 


K(Kps2+KpS+K,)  (s+a)  (s2+z,2)  (s^+Zj^) 
s’(s+b)  (s^+p,2)  (s2+pj2) 


(3) 


The  design  of  the  controller  in  this  case  involves  computation  of  Kp,  K^,  K, , 
a,  and  b  to  achieve  required  bandwidth,  peak  overshoot,  settling  time  and 
phase  margin  values. 

Characteristic  Equation  and  Bandwidth 

Control  systems  are  generally  low-pass  filters  and  the  performance  of 
the  closed-loop  system  is  likened  to  that  of  a  filter.  By  choosing  the 
location  of  the  filter  poles,  it  is  possible  to  adjust  bandwidth  and 
transient  response  [8].  Table  1  lists  the  characteristic  equations  for 
Butterworth  type  filters  up  to  8th  order  (similar  results  are  available  for 
other  filters  such  as  binomial,  ITAE,  etc.).  For  example,  if  a  second-order 
Butterworth  filter  is  chosen  its  characteristic  equation  leads  to  poles 
located  at  -0.7074.;^  +/-  o.707(J^j,  therefore  ensuring  satisfactory  transient 
performance.  Thus  the  filter  characteristics  can  be  used  to  adjust  the 
bandwidth  and  transient  response.  For  the  present  design  problem  the 
characteristic  equation  is 


s’(s+b)  (s^+p,^)  (s^+P2^)  +  K(Kj|S*+KpS+K,)  (s+a)  (S^+Z,2)  (s^+Zj^)  (4) 


If  the  bandwidth  is  specified  from  Table  1  the  characteristic  equation  of 
the  filter  is  known.  By  matching  the  coefficients  of  powers  of  s  in  Eq.  (4) 
with  the  filter  coefficients  in  Table  1,  the  required  bandwidth  and  peak 
overshoot  can  be  reached. 

The  characteristic  equation  of  Eq.  (4)  is  of  eighth  order,  and  matching 
corresponding  coefficients  of  the  Butterworth  filter  results  in  eight 
equations  and  five  unknowns  (Kp,  K^,  K,,  a,  b)  .  In  general  a  solution  may  not 
exist.  One  way  of  getting  around  this  problem  is  to  make  use  of  results 
from  model  reduction  [9]. 

Routh  Approximate  Reduced  Order  Models  and  Time  Moments 

Consider  a  high-order  system  whose  transfer  function  is  G^(s)  and  its 
Routh  approximate  reduced  order  model  is  Gp(s).  Let 
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G„(S)  = 


(5) 


G,(s)  = 


+  ajS'^'  +  ...  +  a^. 


(6) 


The  rth  order  Routh  approximate  model  is  obtained  by  making  use  of  "i  and  & 
tables  [9].  The  first  r  K  and  S  coefficients  depend  on  the  parameters  a^, 
a„.,,  ...,  and  K^.  It  is  well  known  that  the  first  r  time  moments  of  the 

system  and  the  Routh  approximate  model  are  the  same  [10].  In  other  words, 
the  low  frequency  behavior  is  dependent  more  on  the  coefficients  a^^, 

an-r*i  which  are  more  dominant  than  the  remaining  coefficients.  This 
result  can  be  used  to  select  the  controller  parameters  Kp,  K^,  K, ,  a,  and  b. 
Hence,  the  coefficients  of  s®,  s',  s^,  s^,  and  s‘  in  the  characteristic 
equation  given  by  Eq.  (4)  are  matched  with  the  corresponding  coefficients  of 
the  Butterworth  filter  (eighth-order)  in  Table  1,  and  the  controller 
parameters  can  be  evaluated.  An  alternative  way  is  to  choose  the  parameters 
in  a  least-squares  sense. 

Influence  of  Numerator  Dynamics 

When  a  controller  with  the  above  choice  of  parameters  is  implemented, 
the  overall  system  performance  may  not  meet  the  required  design  due  to  the 
following ; 

i)  In  the  design  procedure  adopted,  the  numerator  dynamics  are  not  taken 
into  consideration. 

ii)  For  the  selected  values  of  Kp,  K,,,  K, ,  a,  and  b  the  characteristic 
equation  in  Table  1  is  not  identical  to  the  characteristic  equation  in  Eq. 
(4).  This  may  result  in  some  deviation  from  the  expected  results. 

A  modification  presented  below  can  yield  a  satisfactory  solution. 

Effect  of  Kp . _ Kp  j _ K I .  a.  and  b  on  Performance 

A  change  in  the  controller  parameters  causes  changes  in  the  bandwidth, 
peak  overshoot,  settling  time,  and  stability  margin.  In  general,  for  the 
choice  of  controller  parameters  used,  all  of  the  design  requirements  may  not 
be  achieved.  Under  these  conditions,  the  parameter  values  can  serve  as 
starting  estimates  and  can  be  perturbed  in  an  attempt  to  meet  design 
specifications.  However,  when  the  values  of  Kp,  K-,  Kj ,  a,  and  b  are  altered, 
conflicting  changes  in  bandwidth,  peak  overshoot,  settling  time,  and 
stability  margins  might  occur.  In  fact,  all  design  criteria  may  not  be  met. 
Under  such  conflicting  conditions  only  an  "optimal"  set  of  parameter  values 
can  be  found,  as  described  below. 

Let  X*,  x",  x",  and  x*  represent  the  desired  values  of  bandwidth,  peak 
overshoot,  settling  time,  and  phase  margin,  respectively.  Also  let  x,,  Xj, 
Xj,  and  x^  represent  the  corresponding  actual  values  for  a  particular  set  of 
controller  parameters.  Consider  an  objective  function  of  the  form 


J  =  c,  (x*-x,)^  +  Cj(x*-Xj)^  +  Cj(xj-Xj)^  +  (7) 


The  quantities  x, ,  Xj,  Xj,  and  x,  depend  upon  the  controller  parameters  K.,  Kp, 
K|,  a,  and  b.  The  quantities  c,,  Cj,  c,,  and  c^  represent  weighting 
coefficients.  By  perturbing  the  controller  parameters  a  functional 
relationship  can  be  developed  between  those  parameters  and  the  values  of  the 
bandwidth,  peak  overshoot,  settling  time,  and  phase  margin.  The  optimal  set 
of  controller  values  are  those  which  yield  a  minimal  value  of  the  objective 
function.  The  weighting  factors  can  be  chosen  such  that  the  design  criteria 
of  most  importance  can  be  most  closely  achieved.  The  following  section 
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contains  a  numerical  example  illustrating  the  design  approach. 

NUMERICAL  EXAMPLE 

In  this  section  the  details  of  a  controller  design  for  a  system 
consisting  of  a  rigid  mode  and  two  flexible  modes  are  discussed.  For  the 
system  shown  in  Figures  2  and  3  the  plant  transfer  function  is  chosen  as 


G(s) 


1.2023  (3^+3.8^)  (s^+4.82) 
s2(s^+4^)  (s^+5^) 


(8) 


The  flexible  modes  are  located  at  +/-4j  and  +/-5j  while  the  zeros  are 
located  at  +/-3.8j  and  +/-4.8j.  Let  the  design  requirements  be  as  follows: 

i)  Bandwidth  around  4.5  rad/sec. 

ii)  Phase  margin  of  at  least  50  degrees. 

iii)  Peak  overshoot  of  20%  for  a  step  input. 

iv)  Reasonable  settling  time. 

In  order  to  meet  these  specifications  a  controller  is  introduced,  as  shown 
in  Fig.  3,  with  a  transfer  function  as  given  in  Eq.  (2).  The  open-loop 
transfer  function  becomes 


1.2023  (3^+14.44)  (3^+23.04)  ( Kp+Kj,3+K,/3 )  (S+a) 

G(3)G,(s)  = - — - ; -  (9) 

s2(s^+16)  (s^+25)  (s+b) 


The  eighth-order  3ystera  characteristic  equation  becomes 


s’(s^+16)  (s^+25)  (s+b) 

+  1.2023  (s^+14 .44)  (s^+23. 04)  (Kj,s^+KpS+K,)  (s  +  a)  =  0  (10) 

To  adjust  the  bandwidth  and  nature  of  the  response  as  a  first  step,  the 
controller  parameters  are  estimated  by  comparing  this  polynomial  with  an 
eighth-order  Butterworth  filter  equation  as  given  in  Table  1. 

Design  Step  1 

As  discussed  in  the  previous  section,  the  coefficients  of  s",  s',  s^,  s’, 
and  s‘  play  a  more  significant  role  in  the  low-frequency  system  modes  than 
the  others.  Hence,  equating  these  coefficients  of  Eq.  (10)  with  the 
corresponding  coefficients  of  the  eighth-order  Butterworth  filter  and 
solving  for  the  five  controller  parameters  yields 


a  =  4 . 5 
b  =  16 
Kp  =  85.53 
Ko  =  31-1 
K|  =  93.41 


However,  when  this  controller  was  implemented  into  the  system  it  did  not 
satisfy  the  required  design  specifications. 

Design  Step  2 

Since  the  performance  is  not  satisfactory,  the  controller  parameters 
derived  in  Step  1  are  chosen  as  starting  values  for  an  optimization  design. 
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Using  an  objective  function  similar  to  the  one  given  in  Eg.  (7)  ,  the  optimal 
set  was  found  to  be 


a  =  4 . 5 
b  =  45 
Kp  =  85.53 
Ko  =  23.1 
K,  =  93.41 

When  implemented,  this  "optimal"  controller  achieved  the  following 
performance  values: 


Bandwidth  =  5.7  rad/sec 
Phase  margin  =  105  degrees 
Peak  overshoot  =  28% 
Settling  time  =  8  seconds 


EFFECT  OF  INACCURATE  DYNAMICS 

To  find  the  controller  parameters  given  above,  the  plant  dynamics  were 
assumed  to  be  known  exactly.  Since  a  flexible  system  has  infinite  dimension 
and  parameters  which  are  known  only  approximately,  the  description  by  a 
model  of  finite  dimension  will  involve  some  inexactness.  To  examine  the 
performance  under  fuzzy  conditions,  a  2%  change  in  the  location  of  the  poles 
and  zeros  of  the  flexible  modes  is  considered  and  the  results  are  provided 
in  Figures  4  and  5.  For  this  example  the  degeneration  in  performance  is  not 
significant  (of  course,  larger  inaccuracies  in  the  dynamics  will  yield 
larger  performance  degradation) .  If  the  performance  degradation  is 
significant  and  unacceptable,  a  higher  order  controller  such  as 


Gp(s)  =  (Kp+Kj,s+K,/s)((s+a)/(s+b)][(s+c)/(s+d)] 


(11) 


may  be  required,  with  the  parameters  chosen  in  a  similar  manner  as  described 
above . 

CONCLUSIONS 

A  systematic  procedure  for  the  design  of  a  controller  for  a  system 
possessing  flexible  modes  has  been  presented.  Established  results  in  model 
reduction  techniques  and  filters  are  used  to  arrive  at  the  controller 
parameters.  If  the  design  specifications  are  too  rigid  and  conflicting,  an 
optimal  set  of  controller  parameters  can  be  found.  The  effect  of 
inexactness  in  the  model  is  briefly  examined  and  a  modification  to  take  care 
of  unacceptable  performance  degeneration  is  suggested. 
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Figure  1:  System  with  flexible  modes 
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Figure  2:  Pole-zero  map  of  a  system  with  two  flexible  modes 
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Figure  3:  System  with  a  controller 


Table  1;  Butterworth  filter  characteristic  equations 

s+w 

s^+1.4ws+w^ 
s^+2ws^+2w^s+w^ 
s‘+2 . 6ws^+3 . 4w^s^+2 . 6w^s+w‘ 

S^+3 . 24ws‘+5 . 24w^s*+5 . 24w^S^+3 . 24w‘s+w^ 
s‘+3 . 8  6wsV7 . 4  6w^s‘+9 . 13w^s’+7 . 46w‘s^+3 .  SSw^s+w* 
s^+4 . 5ws*+10 .  lw^s*+14 . 6w^s‘+14 . 6w‘s’+10 .  lw^s^+4 . 5w*s+w^ 
s“+5 . 12ws^+13 . 14w^s*+2 1 . 84w^s’+25 . 69w‘s‘+21 . 84w^s’+13 . 14w‘s^+5 . 12w’'s+w® 


Figure  4t  Magnitude  plot  for  a  system  with  controller; 
poles  and  zeros  perturbed  by  2% 
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output  to  a  step  input 


1.4 


Figure  5s  step  response  for  a  system  with  controller; 
poles  and  zeros  perturbed  by  2% 
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ABSTRACT 

Active  structural-acoustic  control  (ASAQ  has  been  demonstrated  in  the  literature  for  several  elementary 
structures  using  analytical  models  of  the  dynamic  response.  However,  analytical  approaches  cannot  be  used  for 
the  practically  important  case  of  a  3-dimensional  structure  immersed  in  a  dense  fluid,  which  occurs  primarily  in 
marine  applications.  Such  fully  coupled  problems,  in  which  appreciable  fluid-structure  interaction  takes  place, 
require  a  numerical  approach.  This  paper  outlines  efforts  to  study  ASAC  by  computing  dynamic  responses  of 
the  stucture/fluid  system  with  the  computer  program  NASHUA.  Two  separate  feed-forward  control  algorithms 
are  developed  and  compared:  a  spatial-domain  algorithm  based  on  minimizing  the  radiated  power,  and  a 
wavenumber-domain  algorithm  that  does  not  require  farfield  pressure  information.  A  spherical  shell  is 
examined  to  provide  insight  to  the  mechanisms  by  which  ASAC  reduces  low-frequency  radiation,  and  the 
results  are  compared  with  a  closed-form  solution. 

INTRODUCTION 

Active  noise  control  is  a  promising  technology  for  reducing  low-frequency  noise  radiated  from  vibrating 
structures.  Passive  noise  control  treatments  such  as  blankets  and  coatings  are  often  adequate  for  mid-  and  high- 
frequency  quieting,  but  tend  to  be  cumbersome  and  massive  at  low  frequencies.  Conversely,  active  noise 
control  systems  usually  perform  best  at  low  frequencies  and  become  complex  and  ineffective  as  frequency 
increases. 

Traditional  active  noise  control  methods  can  be  thought  of  as  active  noise  cancellation  (ANC)  because 
they  use  acoustic  sources  such  as  loudspeakers  to  set  up  an  "anti-sound"  field  that  cancels  the  offending  noise 
field.  If  the  noise  field  exhibits  rapid  spatial  variations,  ANC  often  requires  many  such  sources  to  produce 
global  changes.  Furthermore,  acoustic  sources  may  be  impractical  if,  for  example,  the  struaure  is  a  vehicle 
submerged  in  water.  For  the  special  case  of  controlling  radiation  from  flexible  plates  or  shells,  an  alternate 
method  known  as  active  structural-acoustic  control  (ASAC)  was  first  demonstrated  by  Fuller  [1,2,3],  Rather 
than  using  acoustic  sources  as  control  actuators,  ASAC  uses  vibrational  inputs  such  as  shakers  or  piezoceramic 
aauators  applied  directly  on  the  structure.  These  control  inputs,  whose  magnitudes  are  found  by  minimizing 
variables  related  to  radiated  pressure,  alter  the  vibration  pattern  in  order  to  reduce  the  vibration  amplitude 
and/or  the  radiation  efficiency.  Hansen,  Snyder,  and  Fuller  [4]  compared  ASAC  to  ANC  for  a  rectangular 
plate,  and  found  that  ASAC  was  a  more  effective  approach  for  reducing  radiated  power.  Other  recent  studies  of 
ASAC  [5,6,7]  indicate  that  radiation  from  some  structures  can  be  controlled  to  a  large  extent  with  just  one  or 
two  actuators. 

Submerged  shells  are  of  significant  practical  interest,  but  they  also  represent  a  fundamental  departure 
from  existing  work.  All  published  studies  of  ASAC  to  date  have  used  analytical  approaches  to  obtain  the 


required  structural-acoustic  quantities.  But  for  a  general,  3-dimensionaI,  fluid-loaded  shell  no  such  analytical 
expressions  exist.  Therefore,  the  present  research  uses  a  numerical  approach  to  develop  a  general  algorithm  for 
investigating  submerged  shell  structures.  Predictions  of  the  dynamic  response  and  radiated  field  are  obtained 
using  the  computer  program  NASHUA  developed  by  Everstine  [8].  NASHUA  uses  the  finite-element  program 
NASTRAN  to  compute  structural  quantities,  and  a  Ixjundary-element  formulation  to  solve  for  the  fully  coupled 
structural-acoustic  response.  There  are  two  significant  advantages  to  using  an  approach  based  on  NASHUA. 
First,  no  discretization  of  the  ambient  fluid  is  required  since  the  fluid  is  modelled  using  boundary  elements. 
Second,  the  approach  can  be  used  for  any  structure  that  can  be  modelled  using  NASHUA. 

We  analyze  only  steady-state,  single-frequency  forcing  functions.  The  control  algorithm  used  is  a 
feedforward  method  in  which  we  require  a  priori  knowledge  of  the  nature  of  the  disturbance.  After  specifying 
the  number  and  locations  of  the  control  actuators,  we  use  linear  quadratic  optimal  control  theory  (LQOCT)  to 
solve  for  the  complex  optimal  actuator  forces  that  minimize  a  quadratic  cost  function. 

The  method  is  illustrated  in  this  paper  using  a  thin,  fluid-loaded,  spherical  shell.  The  spherical  shell  is 
somewhat  atypical  of  fluid-loaded  structures  because  it  possesses  analytical  solutions  for  certain  excitation 
types.  This  simple  case  serves  as  a  benchmark  with  which  to  develop  methodologies  and  computer  programs  in 
anticipation  of  more  complex  structures.  But  the  purpose  of  this  paper  is  not  to  present  a  detailed  treatise  on 
control  of  the  spherical  shell,  but  rather  to  outline  the  goals  of  the  research  and  give  a  few  examples  that 
illustrate  some  trends  evident  in  preliminary  results.  TTie  closed-form  solution  also  serves  to  validate  the 
numerical  results. 

THEORETICAL  BACKGROUND 
Modelling  of  Spherical  Shell  Response 

Symmetry:  The  symmetry  of  a  spherical  shell  requires  more  attention  than  might  be  expected.  In 
particular,  there  is  an  important  distinction  between  the  response  to  a  single  force  and  the  combined  response  to 
several  forces.  Figure  1  defines  the  spherical  coordinate  systems  used.  The  spherical  global  coordinates 
(R.<1>,0)  define  locations  in  the  farfield  for  purposes  of  combining  the  effects  of  multiple  forces:  R  is  the  radial 
distance,  <1>  is  the  longitudinal  angle  measured  from  the  global  x-axis  in  the  x-z  plane,  and  0  is  the  lateral  angle 
measured  from  the  global  y-axis.  The  local  coordinates  (R,(|),6)  define  locations  relative  to  an  individual  force 
F.  In  Fig.  1,  f  is  a  normal  concentrated  load  (point  force)  located  in  the  global  x-y  plane  at  some  angle  a  from 
the  y-axis,  and  we  define  local  axes  (x',y',z)  such  that  the  force  lies  on  the  y'-axis.  Then  (|)  is  the  longitudinal 
angle  measured  from  the  x'-axis  in  the  x'-z  plane,  and  0  is  the  lateral  angle  measured  from  the  y'-axis.  For  a 
single  force,  both  the  structural  response  and  the  radiated  field  are  axisymmetric  about  the  y'-axis,  as  in  the 
example  pressure  field  shown  in  Fig  2a.  However,  if  two  forces  are  applied,  then  the  combined  response  is  not 
axisymmetric  unless  both  forces  act  along  the  same  axis.  If  the  forces  act  along  different  axes,  as  in  Fig.  2b, 
then  the  combined  response  exhibits  a  plane  of  symmetry  that  contains  the  two  local  y'-axes.  If  three  or  more 
forces  are  applied,  the  response  is  neither  axisymmetric  nor  plane-symmetric  unless  one  or  more  of  the  forces 
lie  within  a  common  plane.  All  loading  cases  examined  in  this  paper  exhibit  either  an  axis  of  symmetry  or  a 
plane  of  symmetry. 

Since  the  structural  and  acoustic  responses  are  linear,  we  use  superposition  to  obtain  plane-symmetric 
multi-force  responses.  We  can  map  the  response  from  any  individual  force  into  the  global  coordinate  system 
through  a  simple  angular  shift,  and  then  add  in  the  responses  from  other  forces  to  find  the  combined  response. 
To  simplify  the  analysis,  we  only  consider  forces  applied  along  the  global  x-y  plane,  that  is,  the  <t>=Q  plane. 
This  has  two  important  ramifications:  force  locations  can  be  specified  with  a  single  angular  coordinate  a,  and 
the  combined  response  to  all  the  forces  is  symmetric  about  the  4>=0  plane.  Nevertheless,  it  is  important  to  bear 
in  mind  that  the  response  to  each  individual  force  remains  axisymmetric. 

Numerical  Model:  The  finite-element  portion  of  the  NASHUA  model  uses  axisymmetric  plate  elements 
that  model  both  bending  and  membrane  stresses.  The  nonuniform  structural  mesh  contains  129  grid  circles 
with  smaller  spacing  near  the  two  poles.  The  poles  are  not  truly  closed,  but  instead  are  approximated  by  grid 
circles  of  very  small  diameter.  This  implies  that  the  point  force  is  approximated  by  a  normal  ring  force  applied 
at  the  pole  grid  circle. 

Analytical  Model:  For  normal  point  force  excitation,  there  exists  an  analytical  solution  for  the  dynamic 
response  of  a  thin  spherical  shell  as  presented  by  Junger  and  Feit  in  Ref.  [9].  This  low-fiequency  solution  is  a 
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truncated  summation  of  spherical  harmonics  in  which  the  structure  is  assumed  to  experience  only  membrane 
stresses.  If  Z'  is  the  complex  magnitude  of  the  applied  force  and  a  is  the  nominal  shell  radius,  then  the  farfield 
pressure  is  expressed  as 


pc 

Alta^kR 
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(-l)"'^F(2n+l) 
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where  pc  is  the  specific  impedance  of  the  acoustic  medium,  k  is  the  wavenumber.  A'  is  the  derivative  of  the 
spherical  Hankel  function,  2,  and  z„  are  the  structural  and  acoustic  impedances,  and  P,  is  the  Legendre 
polynomial.  Reference  [9]  also  gives  expressions  for  the  surface  velocity  and  various  other  quantities. 
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Fig.  2a 

Fig.  2b: 

Axisymmetric  response 

Plane-symmetric  response 

Rg.  1:  Global  coordinate  system 
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Rg.  2:  Examples  of  normalized  farfeld  pressure  magnitude, 
a)  Example  axisymmetric  response:  point  force  at  6=0. 
b)  Example  plane-symmetric  response;  point  forces  at  0=0"  and  0=75°. 


Control  Approach 

The  control  approach  uses  linear  quadratic  optimal  control  theory.  Briefly,  tne  procedure  is  to  form  a 
positive-definite  quadratic  cost  function,  and  then  solve  for  the  control  forces  that  minimize  the  cost  function. 
Interested  readers  should  consult  Ref.  [3]  for  a  more  detailed  derivation. 

We  evaluate  and  compare  two  separate  cost  functions.  The  first  is  a  spatial-domain  cost  function  that 
approximates  the  radiated  power.  This  is  intuitively  appealing  and  guarantees  global  farfield  pressure 
reductions,  but  requires  error  sensors  in  the  farfield  and  would  therefore  be  difficult  to  implement  in  some 
cases.  The  second  cost  function  is  a  wavenumber-domain  (it-domain)  controller  similar  in  concept  to  that 
discussed  by  Fuller  and  Burdisso  in  [10].  This  cost  function  requires  no  farfield  information,  although 
computing  the  wavenumber  spectrum  requires  some  extra  computation  time.  The  radiated-power  cost  function 
and  wavenumber  cost  function  are  denoted  n  and  V,  respectively. 

Radiated  Power  Cost  Function,  n  If  we  had  continuous  expressions  for  farfield  quantities,  we  could  find 
the  radiated  power  by  integrating  the  acoustic  intensity  over  an  enclosing  surface  in  the  farfield.  Instead  for  the 
numerical  approach  we  know  farfield  responses  only  at  discrete  points,  so  we  form  our  cost  function  as  a 
weighted  summation  that  approximates  the  radiated  power  when  we  use  a  large  number  of  points.  Suppose  we 
compute  the  farfield  pressures  at  a  large  number  of  farfield  locations  and  write  them  in  a  vector  P. 
Furthermore,  suppose  we  define  two  vectors  F  and  S  containing  the  magnitudes  of  all  the  control  and  noise 
forces,  respectively.  Since  the  radiated  field  is  linear,  we  can  sum  the  contributions  of  each  of  the  noise  and 
control  forces  (appropriately  mapped  into  the  global  coordinate  system)  to  find  the  total  radiated  field.  We  can 
write  this  summation  in  matrix  form  as 
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The  matrices  A  and  B  contain  faifield  pressures  due  to  each  of  the  forces  acting  individually,  and  they 
may  be  obtained  either  from  NASHUA  calculations  or  from  the  analytical  solution.  We  can  now  define  a  cost 
function  n  as 

n  =  P’'GP',  (3) 

where  superscript  T  indicates  a  matrix  transpose,  superscript  *  represents  the  complex  conjugate,  and  G  is  a 
diagonal  matrix  whose  entries  are  constants  determined  by  the  spacing  of  the  points  in  P.  As  the  number  of 
elements  in  P  approaches  infinity,  11  approaches  the  total  radiated  power.  For  the  low  frequencies  addressed  in 
this  paper,  we  can  represent  the  radiated  field  to  sufficient  accuracy  using  100  to  400  farfield  points  in  P.  The 
number  of  points  required  depends  on  the  complexity  of  the  radiated  field;  to  ensure  that  enough  farfield  points 
are  used,  the  radiated  power  can  be  compared  to  an  analytical  solution  that  uses  closed-form  integration  to 
obtain  the  radiated  power. 

Wavenumber  Cost  Function.  'P  The  wavenumber  cost  function  is  based  on  a  one-dimensional  spatial 
Fourier  transform  of  the  normal  surface  velocity.  A  two-dimensional  transform  would  probably  produce  better 
results,  and  will  be  a  topic  for  future  research,  but  the  one-dimensional  transform  better  serves  the  purpose  of 
illustrating  the  method.  To  obtain  the  transform,  we  restrict  our  attention  to  the  normal  velocity  along  along  a 
line;  the  intersection  between  the  shell  surface  and  the  global  x-y  plane  (the  <I>=0  plane.)  The  general  spatial 
Fourier  transform  of  a  normal  surface  velocity  distribution  v(x)  is  given  by 

V(*)  =  -L  iv(x)e-“^dx 

(4) 

where  x  is  the  linear  distance  along  the  surface  and  k  is  the  wavenumber.  For  a  general  NASHUA  model  with 
uneven  gridpoint  spacing,  the  surface  velocities  are  not  evenly  spaced  in  x;  therefore  we  must  use  direct 
integration  rather  than  using  a  Fast  Fourier  Transform  (FFT).  For  the  spherical  shell,  the  domain  of  the  integral 
is  not  infinite  but  rather  extends  only  between  Oix< 2n’.  Note  that  because  the  spherical  shell  is  a  closed 
surface,  wavenumbers  exist  only  in  integer  multiples  of  1/a  where  a  is  the  shell  radius. 

We  define  a  quadratic  cost  function  ^  that  sums  the  squared  magnitudes  of  the  values  in  the  wavenumber 
spectrum  as  shown  below.  By  defining  a  vector  V  containing  the  spatial  Fourier  transform  at  each  wavenumber 
kj,  we  obtain  a  form  similar  to  that  used  by  the  radiated  power  cost  function  IT.  The  size  of  this  vector,  and 
thus  limits  of  the  summation,  are  determined  by  the  grid  point  spacing,  which  determines  the  largest  values  of  k 
for  which  the  transform  can  be  reliably  found.  By  minimizing  W,  we  reduce  the  magnitudes  of  the  largest 
wavenumber  components  and,  hopefully,  reduce  the  radiated  power  as  well.  For  a  flat  plate,  W  would  be 
directly  proportional  to  the  radiated  power.  For  the  present  work  the  relation  is  less  direct,  but  the  formulation 
is  straightforward  and  serves  the  purpose  of  illustrating  the  method. 

'  (5) 

It  is  well  known  that  for  an  infinite  flat  plate,  only  subsonic  wavenumber  components  contribute  to 
farfield  radiation.  Thus  for  some  structures,  one  could  possibly  restrict  attention  to  the  radiating  portion  of  the 
wavenumber  spectrum  instead  of  including  the  entire  wavenumber  spectrum  in  the  cost  function.  This  comM  be 
an  important  topic  in  future  research.  However,  such  is  not  the  case  for  a  spherical  shell.  From  the  following 
expression  for  the  acoustic  radiation  impedance  it  is  clear  that  nearly  all  wavenumber  components  contribute  to 
the  farfield  radiation: 
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Wavenumbers  for  which  (6)  is  purely  imaginary  do  not  contribute  to  farfield  radiation.  But  only  certain 
discrete  values  of  k  satisfy  this  criterion,  and  there  is  no  range  of  wavenumbers  that  can  be  summarily 
dismissed  as  is  the  case  with  planar  radiators.  Thus  for  the  spherical  shell,  the  wavenumber  cost  function 
should  include  all  k  for  which  the  transform  can  be  reliably  computed. 

RESPONSE  OF  SPHERICAL  SHELL  TO  POINT-FORCE  EXCITATION 

Figure  3a  shows  the  radiated  power  for  a  single  force  as  a  function  of  the  frequency;  the  solid  curve 
represents  the  results  of  the  NASHUA  model,  and  the  broken  curve  represents  the  analytical  solution.  The 
levels  agree  well  throughout  the  frequency  range.  At  frequencies  above  roughly  fai=1.3,  the  resonance 
frequencies  predicted  by  the  analytical  solution  are  slightly  higher  than  those  predicted  by  NASHUA.  The 
discrepancy  is  due  partly  to  modelling  approximations  in  the  NASHUA  model,  which  uses  a  small-diameter 
ring  force  to  approximate  a  point  force,  and  partly  to  simplifications  used  in  the  analytical  model.  Other 
NASHUA  results  agree  well  with  analytical  results,  but  for  brevity  no  other  direct  comparisons  are  presented  in 
this  paper.  The  models  are  adequate  for  this  preliminary  analysis,  which  is  aimed  primarily  at  developing 
methodologies. 
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Rg.  3:  Response  to  point-force  excitation.  Rg.  4:  Normalized  mode  shapes  for  n=0  (breathing 

a)  Radiated  power  vs.  frequency,  b)  Modal  componants  of  mode),  n=1  (rigid-body  mode),  n=2,  and  n=3. 

radiated  power  vs.  frequency. 

In  Fig.  3b  the  radiated  power  is  broken  into  its  modal  components,  which  can  be  found  using  the 
analytical  solution.  Figure  4  shows  the  shapes  of  the  first  few  modes;  mode  shapes  are  denoted  by  the  number 
n  of  nodal  circles  present.  Interestingly  the  n=0  "breathing  mode"  does  not  dominate  the  response  anywhere  in 
this  frequency  range.  The  n=l  rigid-body  mode  dominates  the  response  at  very  low  frequencies.  At  faj=1.14 
the  dominant  mode  is  the  axial  expansion/contraction  of  the  n=2  mode,  and  so  on.  These  modal  components 
provide  an  important  tool  for  explaining  the  behavior  of  the  controller. 
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ASAC  USING  ONE  CONTROL  FORCE  AT  OPPOSITE  POLE 


The  simplest  control  setup  is  to  place  a  single  control  force  at  0=180°,  directly  opposite  the  noise  force  at 
0=0°.  By  optimizing  the  complex  control  force  magnitude  at  each  frequency,  we  obtain  the  radiated  power 
spectra  shown  in  Fig.  5.  Figure  5a  shows  the  radiated  power  vs.  frequency  with  each  of  the  two  controllers  and 
also  without  control.  Fig.  5b  is  similar  except  that  the  quantity  shown  is  the  wavenumber  cost  function.  Note 
that  results  obtained  using  the  radiated  power  cost  function  are  referred  to  as  "IT  Controller",  while  results 
obtained  using  the  wavenumber  cost  function  are  referred  to  as  "V  Controller."  In  both  cases,  we  see  that  a 
single  control  force  reduces  the  cost  function  by  10  dB  or  more  at  resonance  frequencies.  (Here  we  consider 
ka=Q  to  be  the  resonance  frequency  of  the  n=l  mode.)  The  reductions  between  resonances  are  much  smaller, 
generally  dropping  to  zero  at  some  frequency  between  resonances.  However,  the  'P  Controller  does  not  always 
reduce  the  radiated  power  11,  particularly  between  resonances.  Similarly,  the  IT  Controller  does  not  always 
reduce  the  wavenumber  cost  function  'P.  Only  at  resonance  frequencies  do  the  two  controllers  produce 
reductions  in  both  cost  functions.  Recalling  that  our  objective  is  to  minimize  the  radiated  power,  and  that  the 
wavenumber  cost  function  is  merely  a  convenience  by  which  we  avoid  the  need  for  farfield  error  sensors,  we 
must  conclude  that  the  ’P  Controller  is  a  poor  replacement  for  the  11  Controller  if  we  wish  to  control  off- 
resonance  frequencies. 
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Rg.  5:  Controller  performance  with  one  control  force.  Rg.  6:  Optimal  Control  Force  vs.  Frequency, 

a)  n vs. frequency,  b)  Vvs. frequency. 


Examining  the  control  forces  specified  by  the  two  control  approaches  reinforces  the  conclusion  that  we 
need  a  more  sophisticated  design  approach  for  the  wavenumber  controller.  Figure  6  shows  the  control  forces 
obtained  with  each  of  the  two  controllers.  At  resonance  frequencies,  the  agreement  between  the  two  is  good. 
But  between  resonances  there  are  large  discrepancies,  and  at  some  frequencies  there  are  even  sign  mismatches. 

The  behavior  of  the  radiated  power  controller  becomes  clear  upon  examining  the  modal  components  of 
the  radiated  power  before  and  after  control  is  applied.  For  example,  suppose  the  noise  force  and  the  control 
force  are  equal  in  magnitude;  both  forces  will  excite  the  same  structural  modes  in  the  same  relative  magnitudes 
because  of  the  spherical  symmetry.  However,  there  will  be  phase  differences  between  the  modes  excited  by  the 
noise  force  and  those  excited  by  the  control  force.  Modes  for  which  the  two  forces  are  out  of  phase  are 
attenuated,  and  modes  for  which  the  two  forces  are  in  phase  increase  in  amplitude.  Here,  with  the  control  force 
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positioned  180°  away  from  the  noise  force,  the  phase  difference  is  always  either  0°  and  180°.  This  is  a 
coincidental  result  of  the  spherical  symmetry,  since  resonances  always  exhibit  an  anti-node  180°  away  from  the 
force  location.  Furthermore,  the  control  force  magnitude  at  a  resonance  is  always  equal  in  absolute  value  to  the 
noise  force  magnitude;  the  contribution  of  each  mode  is  either  eliminated  or  doubled  for  a  6  dB  increase. 

Figure  7a  shows  the  modal  contributions  before  and  after  applying  the  FI  Controller  at  a  frequency  of 
ka=l.\A.  At  this  frequency  the  n=2  mode  dominates  the  farfield  response.  The  controller  therefore  applies  a 
force  that  is  out  of  phase  with  the  n=2  mode,  practically  eliminating  its  contribution  to  the  radiated  power.  As  a 
side  effect,  this  control  force  also  cancels  the  n=0  mode;  however,  it  reinforces  the  contributions  from  the  n=l 
and  n=3  modes,  both  of  which  increase  by  6  dB.  This  "spillover"  effect  explains  why  we  cannot  achieve 
perfect  cancellation. 

In  Fig.  7b  we  see  that  at  /ta=0.94,  an  off-resonance  frequency,  the  contributions  from  the  n=l  and  n=2 
modes  are  nearly  equal.  Unfortunately,  any  control  force  which  cancels  the  n=l  contribution  from  the  noise 
also  reinforces  the  n=2  contribution  from  noise,  and  raises  the  total  radiated  power.  The  optimal  solution  is  to 
completely  eliminate  the  control  force,  since  any  control  force  at  all  only  increases  the  cost  function. 


Fig.  7b 
ka=0.94 
off  resonance 


0  No  Controller 
10  n  Controller 


Rg.  7;  Modal  contributions  to  IF  before  and  after  applying  the  11  Controller,  a)  fta=1.14.  b)  ita=0.94. 


ASAC  USING  VARIABLE-LOCATION  CONTROL  FORCES 


Past  experience  has  shown  that  controller  performance  can  depend  strongly  on  both  the  number  of 
actuators  and  their  locations  [H].  The  control  algorithm  as  developed  above  can  easily  handle  multiple  control 
forces.  In  addition,  to  examine  the  effects  of  actuator  location,  we  can  require  the  control  approach  to  optimize 
the  actuator  location  as  well  as  the  complex  force  magnitude  at  each  frequency.  Examples  from  the  literature 
[12,13]  have  used  numerical  optimization  for  this  purpose.  In  this  paper,  since  the  computation  times  involved 
are  relatively  short,  we  can  simply  examine  a  large  number  of  actuator  locations  and  find  by  trial  and  error 
which  location(s)  produces  the  best  results.  A  more  general  approach  involving  numerical  optimization  may  be 
a  topic  for  future  research. 

To  simplify  the  task  we  apply  two  restrictions  to  the  possible  control  actuator  locations.  To  ensure  that 
the  combined  response  remains  plane-symmetric,  all  the  forces  must  lie  in  the  'l>=0°  plane.  Furthermore,  to 
ensure  that  the  solution  is  meaningful,  the  control  forces  must  not  be  too  close  to  the  noise  force.  For  example, 
if  the  controller  could  place  a  control  force  coincident  with  the  noise  force,  it  would  obtain  perfect  cancellation 
but  would  do  nothing  to  illuminate  the  problem  at  hand.  We  choose  to  allow  control  forces  only  between 
0=70°  and  0=180°  in  the  <I>=0°  plane  (see  Fig.  1). 

To  make  the  results  more  instructive,  we  use  a  different  disturbance  in  this  section.  If  the  disturbance  is  a 
point  force,  we  gain  little  advantage  by  varying  the  control  force  location  because  the  optimum  control  force 
location  is  almost  always  0=180°.  In  this  section  the  disturbance  is  a  pair  of  point  forces  that  resembles  a 
concentrated  moment:  a  force  of  +1.0  at  0=0°  combined  with  a  force  of  -1.0  at  0=5°. 

Figure  8  shows  the  radiated  power  vs.  frequency  without  control  and  with  three  different  control 
scenarios.  The  solid  curve  is  the  response  with  no  controller  applied.  The  dashed  curve  uses  a  single  fixed- 
location  control  force  located  at  0=180°,  but  is  barely  visible  because  it  lies  on  top  of  the  solid  curve.  This 
setup  achieves  virtually  no  reduction  in  the  radiated  power,  reinforcing  the  importance  of  proper  actuator 
location.  The  dotted  curve  uses  a  variable-location  point  force,  i.e,  at  each  frequency  we  use  trial  and  error  to 
find  the  optimum  location  for  the  control  force.  This  setup  achieves  large  attenuations  at  low  frequencies,  but 
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only  3-4  dB  attenuations  at  higher  frequencies.  The  dash-dot  curve  uses  two  variable-location  control  forces, 
and  achieves  the  best  performance  of  the  three. 

That  the  controller  performance  improves  as  more  control  forces  are  added  can  be  explained  by  referring 
again  to  Fig.  7b.  In  that  case,  a  single  control  force  achieves  no  attenuation,  since  any  decreases  in  the 
contribution  of  the  /i=l  mode  are  accompanied  by  increases  in  the  contribution  of  the  n=2  mode  and  vice  versa. 
But  intuitively  it  is  clear  that  a  second  control  force  could  be  arranged  to  counteract  the  increase  in  the  n=2 
mode,  providing  a  net  reduction  in  the  radiated  power.  If  the  radiated  power  contained  significant  contributions 
from  three  modes  instead  of  two,  then  adding  a  third  control  force  would  likely  reduce  the  radiated  power  even 
further. 


Frequency,  ke 

Rg.  8:  Control  of  a  concentrated  moment  using  lixed-position  and  variable-position  actuators. 


SUMMARY 

Our  primary  research  goal  is  to  develop  a  computer  program  for  investigating  active  structural-acoustic 
control  (ASAC)  of  3-dimensional,  fluid-loaded  structures.  For  generality,  we  use  NASHUA  as  the  numerical 
engine  for  calculating  structural-acoustic  dynamic  responses.  The  program  thus  represents  a  general  numerical 
capability,  and  can  examine  almost  any  structure  that  can  be  modelled  using  flnite  elements.  We  use  a 
feedforward  control  approach  and  investigate  two  different  cost  functions;  one  based  on  the  radiated  power, 
and  one  based  on  wavenumber  concepts.  We  illustrate  some  preliminary  results  using  the  example  of  a  thin, 
fluid-loaded,  spherical  shell.  Numerical  results  agree  well  with  an  analytical  solution. 

For  a  point-force  disturbance,  a  single  control  force  can  drastically  reduce  the  radiated  power  at  very  low 
frequencies  and  at  the  first  few  resonances,  although  the  performance  between  resonances  is  poor.  The  two 
control  algorithms  achieve  nearly  the  same  results  at  resonances.  However,  between  resonances  the 
wavenumber  controller  does  not  reduce  the  radiated  power,  and  in  many  cases  actually  increases  the  radiated 
power.  Qearly,  the  wavenumber  controller  as  formulated  here  is  too  simple  to  allow  a  complete  representation 
of  the  structural-acoustic  field.  Future  research  will  focus  on  developing  a  more  sophisticated  wavenumber 
controller. 

For  a  disturbance  resembling  a  concentrated  moment,  a  point  control  force  located  opposite  the 
dismrbance  location  has  virtually  no  effect.  Using  a  variable-location  control  force,  i.e.  finding  the  best 
actuator  location  at  each  frequency,  improves  performance  substantially,  especially  at  low  frequencies.  Adding 
a  second  variable-location  control  force  gives  further  improvements,  and  points  out  the  importance  of  choosing 
proper  actuator  locations. 
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ABSTRACT 

This  research  investigates  the  damping  characteristics  of  a  force 
actuator  using  velocity  feedback  and  compares  different  actuator 
configurations  and  placements  on  a  flexible  structure.  Assuming  a 
limiting  value  for  the  force  available  from  the  actuator,  the  best 
actuator  configuration  and  placement  is  determined  for  several  modes.  The 
analytical  formulation  is  then  verified  experimentally  using  the  20-bay 
planar  truss  located  at  the  Air  Force  Academy.  The  results  indicate  that 
the  best  location  for  the  actuator  assembly  is  near  the  maximum  curvature 
of  a  given  mode.  Further,  actuator  assemblies  spanning  several  bays  of 
the  structure  are  better  at  controlling  the  lower  modes,  while  assemblies 
spanning  only  two  or  three  bays  control  higher  modes  better. 

INTRODUCTION 

Large  flexible  structures  may  require  a  multitude  of  control  systems 
to  eliminate  unwanted  vibrations.  Different  types  of  actuators  can  be 
used  to  control  a  structure's  vibrations,  and  each  has  its  advantages  and 
disadvantages  [1,2,3].  One  type  of  actuator  uses  a  coil  and  armature  to 
generate  forces  between  parts  of  the  structure.  This  force  generator  is 
attached  to  the  structure  by  a  few  truss  members,  and  a  control  signal 
sent  to  the  actuator  causes  a  set  of  forces  (but  a  net  force  of  zero)  to 
be  applied  to  the  structure;  thereby  reducing  vibrations  in  certain 
modes . 

Although  this  type  of  actuator  is  simple  in  concept,  how  should  it  be 
configured,  and  where  must  it  be  located  on  the  structure  to  maximize  its 
effectiveness?  In  this  study,  different  actuator  configurations,  each 
utilizing  a  single  force  generator  on  the  20-bay  planar  truss  at  the  U.S. 
Air  Force  Academy,  are  analyzed  and  compared  in  their  abilities  to  dampen 

out  the  vibrations  of  a  given  mode.  Control  actuation  is  obtained  by 

using  a  single  sensor  to  generate  velocity  feedback  to  the  actuator 
assembly.  Though  this  method  of  control  is  simple,  it  dampens  only 
certain  modes  at  the  possible  expense  of  destabilizing  other  modes; 
however,  if  the  forcing  spectrum  is  narrow  and  well  defined,  the  number  of 
destabilized  modes  can  be  minimized.  To  avoid  stability  problems,  any 
destabilized  modes  can  then  be  stabilized  by  either  the  inherent  damping 
in  the  structure  or  by  adding  passive  damping. 

THE  CONFIGURATION 

The  20  bay  planar  truss  used  for  research  at  the  Air  Force  Academy  is 

composed  of  System  M12  Meroform  truss  members.  Steel  bars  at  each  batten 


(chord  wise  member)  were  added  to  scale  down  the  natural  frequencies.  The 
configuration  is  shown  in  Figure  1.  The  truss  rests  on  steel  balls 
rolling  on  steel  plates,  which  provides  planar  motion  with  relatively  low 
damping.  The  truss  is  "fixed”  at  one  end  by  a  steel  table  which  is 
modeled  as  a  rigid  body  attached  by  four  springs  to  ground.  Additional 
information  concerning  the  hardware  may  be  found  in  reference  3 . 


FIGURE  1:  PLANAR  TRUSS  WITH  CONTROL  ASSEMBLY  STRUCTURE  AT  BAY  1 


The  control  system  used  in  this  study  consists  of  a 
servo-accelerometer  with  signal  conditioning  circuitry,  an  analog  computer 
to  integrate  the  accelerometer  output,  a  force  generator,  and  some  truss 
members  to  attach  the  force  actuator  to  the  truss.  The  sensor 
(accelerometer)  is  a  Sundstrand  Data  Control  Model  QA-700.  Since  velocity 
‘eedback  is  used  to  generate  the  control  signal,  an  approximate  phase 
shift  ("integration")  of  Tr/2  is  effected  on  the  accelerometer  signal  using 
a  Comdyna  GP-6  analog  computer.  The  GP-6  is  also  used  to  apply  an 
appropriate  gain  before  sending  the  signal  to  the  force  generator,  a  BEI 
Kimco  model  LA14B-24A  linear  force  actuator.  The  force  generator  is 
attached  to  the  main  structure  by  additional  Meroform  components  and 
adaptive  bracketry. 

MODELING 

Simplicity  was  a  prime  consideration  in  the  modeling  of  the  control 
assembly,  since  only  comparisons  and  not  absolutes  were  being  sought.  The 
truss  was  previously  modeled  by  Major  Steve  Lamberson  using  MSC  Nastran. 
For  the  purpose  of  this  research,  the  model  was  reduced  using  Guyan 
reduction  to  the  42  degrees-of -freedom  (one  each  x  and  y  displacement  for 
each  bay,  d^  and  d^  in  Figure  1)  needed  to  allow  the  control  planar  force 

Inputs  for  any  location  of  the  control  assembly  on  the  main  truss.  To 
make  the  control  system  forces  determinant  and  thus  simplify  as  well  as 
speed-up  the  analysis,  it  was  assumed  that  the  control  assembly  members 
had  pinned  connections  (no  internal  bending) .  By  this  assumption,  each 
connection  had  forces  only,  and  the  forces  were  easily  determined  by 
assuming  equilibrium  (neglecting  the  mass  of  the  control  assembly) .  This 
assumption  was  checked  for  validity  by  actually  incorporating  the  control 
assembly  (configuration  1)  into  the  finite  element  model  at  bays  1  and  18. 
This  check  revealed  that  the  assumption  caused  errors  ranging  from  1%  in 
mode  1  to  12%  in  mode  16.  These  errors  should  not  affect  the  qualitative 
conclusions  made. 

To  compare  various  configurations,  a  standard  peak  force  per  velocity 
input  of  10  Ib-s/ft  (146  N-s/m)  at  the  actuator  was  chosen.  This 
corresponds  to  the  same  peak  actuator  force  output  for  a  given  frequency 
and  amplitude  of  vibration;  therefore  results  for  the  same  mode  but 
different  control  assembly  configurations  and  locations  can  be  directly 
compared.  The  truss  input  forces  resulting  from  the  four  control  assembly 
configurations  used  in  this  study  are  examined  in  Figure  2.  This  figure 
shows  the  various  configurations  of  the  control  assembly  studied,  the  way 
they  distribute  the  control  force  to  the  main  truss,  and  the  corresponding 
elements  of  the  gain  matrix  (only  one  column  of  the  gain  or  "B"  matrix  is 
non-zero  —  the  column  corresponding  to  the  degree-of-freedom  where  the 
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sensor  is  attached) . 


CONFIGURATION  1  CONFIGURATION  2  CONFIGURATION  3  CONFIGURATION  4 
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FIGURE  2:  CONTROL  SYSTEM  CONFIGURATIONS  AND  THEIR  FORCE  INPUTS 


Neglecting  any  inherent  damping,  the  system  may  be  described  by  the 
standard  second  order  equation: 

[M]{x}  +  (K3{x}  =  (F)  =  (1) 

where  [M]  is  the  mass  matrix,  [K]  is  the  stiffness  matrix,  {x}  is  the 
displacement  vector,  and  [B]  is  the  force  per  velocity  (gain)  matrix  that 
reads  the  velocity  input  from  the  correct  sensor  degree-of-freedom 
(arbitrarily  chosen  as  the  tip  y-displaceraent,  DOF  42)  and  directs  the 
actuator  forces  to  the  proper  degree-of-freedom  in  accordance  with  the 
force  distribution  given  in  Figure  2  for  each  control  assembly 
configuration.  By  shifting  the  right  hand  term  of  Eq.  (1)  to  the  left 
side,  we  get  a  standard  damped  second  order  homogeneous  system,  albeit  not 
necessarily  a  stable  one.  This  is  why  we  used  velocity  feedback  for 
control  —  it  gives  us  a  simple  equation  of  motion.  The  control 
capability  of  the  system  can  then  be  determined  by  a  simple  complex 
elgenanalysis.  The  modal  damping  caused  by  the  control  system  is  given 
by: 


cos  tan 


Im (e-value  I ) 
Re(e-vaiue| ) 


(2) 


where  is  the  fraction  of  critical  damping  c/c^^  in  the  i*^*’  mode  as 
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determined  by  geometry  of  the  Eq.  (1)  eigenvalue  (e-value)  in  the  complex 
plane.  The  damping  factor,  as  calculated  in  Eq.  (2) ,  is  a  measure  of  how 
quickly  a  vibration  in  a  given  mode  will  dampen  out.  The  higher  the 
the  faster  the  vibration  will  dampen  out. 

THE  ANALYSIS 

A  damping  factor  determination  was  made  for  each  mode  with  each 
control  assembly  configuration  and  each  control  assembly  location.  A 
short  routine  was  set  up  in  Matrixx  to  form  the  [B]  matrix  given  the 
desired  location  of  the  control  assembly.  The  routine  assigns  the  peak 
control  forces  to  the  appropriate  [B]  matrix  elements  as  indicated  in 
Figure  2,  reorganizes  the  equation  into  state  space,  performs  the  complex 
eigenanalysis,  and  executes  Eq.  (2)  for  each  complex-conjugate  eigenvalue 
pair.  Executing  this  routine  for  each  possible  control  assembly 
configuration  and  location  allowed  several  comparisons  to  be  performed. 

The  first  comparison  we  considered  was  how  the  control  damping  varies 
as  a  function  of  control  assembly  location.  Control  assembly 

configuration  1  (Figure  2)  was  used  for  this  comparison.  If  the  end  of 
the  control  assembly  was  attached  at  the  fixed  end  of  the  truss,  it  was 
considered  to  be  located  at  bay  1.  Figure  3  plots  the  truss  mode  shapes 
for  modes  1,  2,  and  3;  and  Figure  4  plots  the  damping  factors  for  each  of 
these  modes  as  a  function  of  control  assembly  location.  Comparing  Figure 
4  to  Figure  3  shows  that  the  best  control  effect  for  a  given  mode  is 
possible  when  the  control  assembly  is  located  at  the  point  of  maximum 
curvature  for  that  mode.  For  example,  the  maximum  curvature  of  mode  3  is 
at  bay  16,  which  is  precisely  the  location  of  the  control  assembly  that 
yields  the  greatest  damping  factor.  Note  that  the  best  location  of  the 
control  assembly  for  damping  the  first  mode  of  a  cantilever  structure  is 
at  the  support. 

Next,  the  damping  ability  of  the  various  configurations  were  compared 
to  help  decide  whether  a  long,  short,  or  angled  configuration  is  best. 
All  bending  modes  through  mode  16  (higher  modes  were  not  clearly 
distinguishable  as  bending  modes)  were  analyzed  using  all  four 
configurations,  and  the  best  damping  for  any  location  was  plotted  for  each 
mode  in  Figure  5.  This  comparison  cannot  be  used  to  compare  damping 
ability  for  different  modes  because  the  peak  forces  differ  with  different 
modes  (the  [B]  matrix  holds  the  peak  force  constant  only  for  the  same 
modes  —  the  peak  force  is  smaller  for  higher  modes) .  The  comparison  of 
different  configurations  for  the  same  modes,  however,  shows  that 
configurations  spanning  more  bays  can  better  control  the  lower  modes.  On 
the  other  hand,  if  higher  modes  are  to  be  stabilized,  a  shorter 
configuration  is  more  effective.  Note  that  configurations  1  and  2  are 
identical  in  design  except  that  configuration  2  spans  five  truss  bays, 
whereas  configuration  1  spans  only  three  bays.  Notice  from  Figure  5  that 
configuration  2  damps  mode  1  at  ^  =  0.118,  whereas  configuration  1  damps 
mode  1  at  ^  =  0.068  .  Thus,  the  longer  configuration  (config.  2)  controls 
the  first  mode  much  better  than  the  shorter  configuration  (config.  1)  . 
The  converse  is  true  for  mode  16,  for  which  the  longer  configuration 
provides  a  C  of  only  0.005,  and  the  shorter  configuration  yields  a  of 
0.011  .  The  actual  damping  values  for  mode  16  are  questionable  because  we 
neglected  the  mass  of  the  control  assembly  in  the  analysis,  but  the 
qualitative  comparison  between  configurations  should  still  be  valid.  This 
theory  is  further  supported  by  the  poor  performance  of  configuration  3, 
which  spans  only  two  truss  bays.  This  configuration,  though  the  actuating 
force  is  at  90  degrees  to  those  of  configurations  1  and  2,  shows  that  a 
shorter  control  assembly  will  perform  poorly  for  the  lower  modes  but  will 
give  at  least  average  performance  for  controlling  higher  modes  (note 
square  data  on  Figure  5).  Configurations  that  put  the  force  actuator  at  a 
45  degree  angle  to  the  truss  (for  example  configuration  4,  Figure  2)  were 
found  to  be  as  effective  as  other  configurations  that  span  the  same  number 
of  bays  (compare  configurations  1  and  4  in  figure  5)  .  Thus  we  see  no 
analytical  advantage  or  disadvantage  to  putting  the  actuator  at  an  angle 
to  the  main  structure. 
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FIGURE  4:  MODE  DAMPING  VERSUS  ACTUATOR  ASSEMBLY  LOCATION 
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FIGURE  5!  COMPARISON  OF  CONFIGURATIONAL  DAMPING  CAPABILITIES 


THE  VERIFICATION 

Although  the  analysis  was  straight-forward,  we  desired  some 
experimental  verification.  The  plan  was  to  measure  and  compare  the 
damping  factors  of  a  given  mode  for  control  power  on  and  control  power 
off.  Recall  now  that  the  inherent  damping  of  the  structure  was  neglected 
in  the  analysis.  The  difference  between  the  damping  factors  for  control 
power  on  versus  off  should  equal  the  damping  factor  calculated  in  the 
analysis;  because  only  the  inherent  damping  is  measured  with  control  power 
off,  whereas  both  inherent  and  control  damping  are  present  with  control 
power  on.  We  could  not  achieve  the  analytical  gain  experimentally  so  we 
established  a  reasonable  gain,  verified  it,  and  re-performed  the  analysis 
based  on  that  gain.  Then  we  performed  the  experiment  trying  to  dampen  out 
an  initial  vibration  in  mode  1  using  a  configuration  1  control  assembly 
located  at  bay  1.  Unfortunately,  the  inherent  damping  of  mode  2  was  not 
enough  to  avoid  a  mode  2  instability  (the  analysis  indicated  that  mode  2 
eigenvalue  has  a  positive  real  root  component  for  the  sensor  at  the  truss 
tip)  ,  so  we  were  not  able  to  measure  the  damping  in  mode  1  with  control 
power  on;  therefore, this  test  was  a  failure.  We  could  have  relocated  our 
accelerometer  such  that  both  modes  1  and  2  would  be  stable,  but,  since  the 
inherent  damping  in  mode  1  was  large,  we  opted  instead  to  reverse  the 
control  polarity  and  try  to  dampen  mode  2  (again  with  the  configuration  1 
assembly  located  at  bay  1  —  not  at  the  optimum  location  for  mode  2 
stabilization)  .  To  do  this,  we  used  the  original  polarity  to  excite  the 
structure  (drive  it  unstable  in  mode  2)  and  then  reversed  the  polarity  to 
observe  the  decay.  Then,  we  again  excited  the  structure  and  allowed  it  to 
decay  naturally.  We  used  logarithmic  decrement  (assuming  viscous  inherent 
damping)  on  these  decay  traces  to  determine  the  damping  factors  for  (1) 
inherent  plus  control  damping  and  (2)  inherent  only  damping.  From  these 
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two  values,  we  calculated  the  experimental  control  damping: 

^control  ^control+Inherent  ^inherent  ^  ^ 

The  experimental  data  for  mode  2  yielded:  C  =  .0089  -.0023  =  .0066; 

control 

whereas,  the  analysis  (based  on  a  configuration  1  assembly  located  at  bay 
1  with  a  gain  of  25.5  N-s/m)  yielded  f  =  0.0059  .  These  values 

•  •  *  ^control 

compare  within  about  10%,  which  is  reasonable  considering  the  sources  of 
error  (inaccurate  phase  shift  on  integrator,  truss  assumption  for  the 
control  force  analysis,  and  viscous  damping  assumption  for  logarithmic 
decrement) .  Although  the  eigenanalysis  indicated  a  positive  (unstable) 
pole  for  mode  1  and  a  negative  (stable)  pole  for  mode  2,  the  inherent 
damping  in  mode  1  was  apparently  adeguate  to  maintain  stability.  There 
were  no  Instabilities  for  this  test,  so  we  deemed  it  successful.  Because 
of  limitations  in  the  availability  of  the  test  article  and  the  simplicity 
of  the  analysis,  further  verifications  were  not  pursued. 

PLANS  FOR  FUTURE  WORK 

The  destabilization  of  mode  2  during  our  attempt  to  dampen  mode  1 
made  clear  the  need  to  address  the  stabilization  of  modes  with  positive 
poles.  The  complex  eigenanalysis,  which  assumes  no  inherent  damping, 
indicates  that  some  of  the  modes  may  be  destabilized  by  the  control  system 
regardless  of  which  sensor  location  is  selected  (whether  a  mode  is 
stabilized  or  destabilized  by  the  control  system  depends  on  whether  the 
mode  has  the  sensor  motion  in-phase  or  out-of -phase  with  the  curvature  of 
the  truss  at  the  control  assembly  location) .  This  doesn't  really  happen, 
because  some  modes  have  enough  inherent  damping  to  overcome  the  control 
forces  driving  them.  In  space  applications  however,  the  structural 
damping  available  may  not  be  adequate  to  suppress  the  destabilizing 
control  forces.  If  a  sensor  location  cannot  be  found  that  allows  all 
modes  to  be  stabilized,  some  passive  damping  must  be  added  to  the  unstable 
modes,  or  else  the  control  scheme  must  be  improved  to  avoid  the  positive 
poles.  This  is  an  area  for  future  research. 

Inclusion  of  the  actuator  assembly  in  the  finite  element  model  would 
provide  more  accurate  results  and  enable  greater  experimental 
verification.  Even  though  we  believe  the  general  conclusions  we  make  here 
are  valid  without  further  work,  we  will  repeat  some  of  the  previous  work 
with  the  control  actuator  assembly  included  in  the  model  as  time  permits. 

CONCLUSIONS 

We  set  out  to  determine  the  best  configuration  and  location  for  an 
intra-structural  control  force  actuator  for  modal  control.  Trying  several 
configurations  and  each  possible  location  on  the  20-bay  truss  at  the  Air 
Force  Academy,  we  made  two  general  conclusions:  (1)  the  greatest  control 
authority  is  available  when  the  control  assembly  is  located  near  the 
maximum  curvature  of  the  mode  being  controlled,  and  (2)  control  assemblies 
spanning  more  bays  are  better  at  controlling  the  lower  bending  modes  and 
vice-versa.  We  verified  this  approach  experimentally  but  recognized  that 
the  simple  control  scheme  used  would  not  be  adequate  in  many  cases, 
because  it  will  likely  destabilize  other  modes  (depending  on  the  amount  of 
Inherent  damping  in  each  mode) . 
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ABSTRACT 

In  recent  years,  improvements  in  materials  and  manufacturing  processes  and,  more  profoundly,  advances  in  data- 
acquisition  and  computer  technologies  have  made  it  possible  to  apply  sophisdcated  active  control  techniques  to  noise  and 
vibration  problems.  The  challenge  for  the  control-system  engineer  is  to  integrate  these  technologies  into  useful,  reliable, 
and  cost-effective  problem  solutions.  The  art  of  active  noise  and  vibration  control  comprises  the  application  of  these 
technologies  to  reduce  the  undesirable  dynamic  response  of  the  system  being  controlled. 

This  paper  reviews  the  process  of  developing  an  adaptive  stractural-vibration  controller  and  presents  the  details  of 
the  various  andytical  and  experimental  stages  in  designing  the  working  system.  An  elastic  test  structure  and  rotating 
disturbance  source  is  describe.  Experimental  and  analytical  modal  analyses  results  are  presented.  The  selection  of 
actuation  and  sensing  technologies  arid  spatial  placement  on  the  test  structure  are  also  described.  Lastly,  a  discussion  of 
the  Filteted-X  Least  Mean  Square  (FXLMS)  algorithm  used  to  cancel  the  disturbance-generated  vibrations  is  presented. 
Experimental  results  ate  described  that  show  mote  than  40  dB  of  attenuation  in  measured  power  is  acliieved  with  the 
narrowband  FXLMS  approach. 

INTRODUCTION 

In  recent  years  improvements  in  materials  and  manufacturing  processes  and,  mote  profoundly,  advances  in  data 
acquisition  and  computer  technologies  have  made  it  possible  to  apply  sophisticated  active  control  techniques  to  noise  and 
vibration  problems.  For  example,  methodologies  and  algorithms  that  in  the  past  could  not  be  processed  fast  enough  to 
control  high-frequency  signals  are  now  being  demonstrated  [1],  and  integrate  into  commercial  products  as  well  [2],[3]. 
Likewise,  new  material  developments  in  rate  earth  magnets  (4),  piezocetamics  [5],  and  magnetostrictive  alloys  [6]  are 
spawning  high  force,  high  frequency  actuators,  availing  an  array  of  previously  unsolved  vibration  problems  to  active 
control  technology.  The  challenge  for  the  control-system  engineer  is  to  integrate  these  technologies  into  useful,  reliable, 
and  cost-effective  solutions  for  noise  and  vibration  problems.  The  an  of  active  noise  and  vibration  control  comprises  the 
application  of  these  technologies  to  reduce  the  undesirable  dynamic  response  of  the  system  being  controlled. 

This  paper  reviews  the  process  of  developing  an  adaptive  structural-vibration  controller,  presenting  the  details  of 
the  various  analytical  and  experimental  stages  in  designing  a  working  system.  The  paper  is  organized  into  three  sections. 
Each  section  describes  a  major  sub-process  involved  in  completing  this  projecL  Section  I  introduces  the  test  stmcture  and 
rotating  disturbance  source.  Experimental  and  analytical  modal  analyses  results  are  presented.  Section  II  details  the 
selection  and  characterization  of  actuation  and  sensing  teclmologies  used  in  the  control  system.  And  Section  HI  addresses 
the  signal  processing  aspects  of  implementing  the  real-time  FXLMS  algorithm  used  to  cancel  the  disturbance-generated 
vibrations.  Experimental  results  demonstrate  that  more  than  40  dB  of  attenuation  in  measured  power  is  achieved  for  the 
narrowband  FXLMS  approach. 


SECTION  I 


Structure  and  Excitation  Source 

An  elastic  structure,  shown  in  Figure  I,  was  designed  and  built  specifically  for  this  study.  The  plate  is  a  0.S84  x 
0.685  X  0.0032  m  (23  x  27  x  0. 125  in.)  Type  304  stainless  steel  sheet  It  is  passively  mounted  on  0.266  m  (10.5  in.)  high 
vertical  supports  using  twenty-two  0.019  m  (3/4-in.)  natural  rubber  isolators  per  supported  end.  The  vcnical  mounts  are 
in  turn  rigidly  fastened  to  the  surface  of  the  isolation  table.  A  disturbance  source  is  affixed  to  the  surface  of  the  plate 
centered  along  a  line  parallel  to  the  supported  ends.  The  source  consists  of  an  eccentric  mass,  m,  mounted  to  a  shah 
coupler  supported  at  each  end  by  a  dual  bearing  arrangement  and  driven  by  a  speed-controlled  motor.  The  encoder  is 
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attached  in  line  with  the  shaft  to  provide  a  square-  wave  signal  whose  ftequency  is  proportional  to  rotational  speed.  The 
balance  mass  located  behind  the  encoder  dynamically  offsets  the  inertial  effect  of  the  motor. 

The  resultant  disturbance  force  produced  by  the  rotating  imbalance  acts  through  the  center  of  the  bearing  base, 
coinciding  with  the  geometric  center  of  the  plate,  "riie  force  relationship  is  given  by 


F(r)  =  F(cos2K/^tUj+sm2it/^ta^)  =  F,(t)ux+F^(t)u^  ,  (1) 

where /„  is  the  rotating  ftequency  of  the  disturbance  source.  F  is  the  peak  force  generated  and  is  equivalent  to  mr(2n/„ 
where  r  =  eccentricity,  and  F,  ami  Fy  ate  the  component  forces  in  the  i  and  y  directions,  respectively.  A  couple,  Mj,  is 
also  transmitted  to  die  plate,  equivalent  to  the  product  F,  multiplied  by  the  height  of  the  shaft  above  the  surface  of  the 
plate. 

'  Structural  Characterization 

A  dynamic  characterization  study  was  perfotmed  on  the  structure  after  it  was  assembled.  Identifying  system 
dynamics  is  important  for  two  reasons.  First,  a  physical  understanding  of  the  structural  dynamics  must  be  attained  prior  to 
selection  of  spatial  locations  of  error  sensors  arid  actuators  for  the  controller.  Secortd,  transfer  function  information  must 
be  obtained  for  (he  structure  in  mathematical  lernis  over  the  ftequency  band  of  interest  for  use  in  controller  algorithm 
computations. 

Experimental  study.  An  experimental  modal  analysis  was  performed  on  the  structure  with  3  source  and  48 
response  points.  A  total  of  144  experimental  frequency-response  functions  (acceleration/force)  were  obtained.  The 
experimental  data  along  with  the  test  geometry  was  then  ported  to  a  post-processing  package  for  modal  parameter 
extraction,  analytic  curve-fitting,  and  mode  shape  animation.  The  polytefetetKe  curve  fitting  technique  was  employed  to 
extract  best-fit,  real-mode,  linear,  dynamic  parameters  using  all  experimental  data.  Table  1  is  a  listing  of  parameters 
obtained  for  the  flrst  five  modes.  Mode  frequency,  damping  ratio,  atxl  amplitude  describe  each  mode’s  characteristics. 

Table  1.  Modal  Parameters  for  Experimental  Platform 


1  Polyrcference  Modal  Parameters  (ref-1,  resp-10)  | 

Shape  Record 

Frequency 

(Hi) 

Damping 

(%) 

Amplitude 

1 

13.606 

5.454 

-1.699+00 

2 

24.703 

2.935 

-4.624+00 

3 

56.769 

1.466 

+2.579+01 

4 

66.982 

1.413 

-4.688+00 

5 

75.320 

1.804 

+4.349+01 

Using  these  parameters,  the  transfer  function  ftom  point  j  to  point  k  on  the  strucmre  can  be  expressed  as  in  Eq.  (2) 
[71. 


ay(o»  _  J_  ^  ^  -((0^)2A;ta>,Vl-;;  ^  ^ 
/<(«))  4/y"  ^  -(a>*)+i2a)t,a),+io?  ATji 
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where 

M%  =  residual  mass  teim 
=  residual  stiffness  term 
N  =  highest  mode  in  frequency  range  of  interest 
Oj  =  acceleratian  response  at  location  j  due  to  /* 

/*  =  force  input  at  location  k 
a  =  frequency  in  radians  per  second  (rad/sec) 

Aji  =  residue  of  mode  r 
0),  =  natural  frequency  of  mode  r  in  rad/sec 
=  damping  ratio  of  mode  r  . 

This  expression  assumes  the  form  of  a  linear  combination  of  second-order  sections  with  proportional  viscous  damping 
plus  residuals,  which  is  consistent  with  the  selected  curve  fit  technique.  The  residue  of  mode  r,  Aji,,  is  related  to  the 
respective  amplitude  term  listed  in  Table  1  by  the  relation 


A\  = 


amplitude. 


(3) 


A  complete  point-to-point  best-fit  litrear  description  of  sttucmral  dynamic  behavior  is  therefore  available  using  these 
relationships.  Figure  2  is  a  plot  of  experimental  data  overlaid  with  the  regenerated  analytic  function  for  response  point  10 
due  to  input  source  I .  Magnitude  units  are  meters-per-second-squared  per  Newton. 


Figure  2.  Experimental  and  curve  fit  frequency  response  function  from  test  structure 


Finite  element  analysis.  A  finite  element  model  (FEM)  was  generated  in  tandem  with  the  experimental  study. 
The  model  consists  of  650  elements  and  620  nodes.  The  motor,  bearing,  and  encoder  are  represented  by  effectively  rigid 
blocks  of  equivalent  mass  and  size  of  the  teal  objects.  All  shaft  and  bearing  intersections  are  modeled  to  allow  frictionless 
rigid-body  rotation  of  the  shaft.  Boundary  conditions  for  the  two  compliantly  suppoited  sides  of  the  plate  are  modeled  by 
elastic  vertical  translational  springs  at  the  44  attachment  points  to  the  rubber  isolators.  The  spring  rate  for  the  isolators 
was  calculated  based  on  the  linear-modeling  criteria  of  harmonic  loading  and  sub- 150  Hz  operation.  With  these 
assumptions,  the  spring  rate  is  a  function  of  the  cylindrical  isolator  geometry  and  shear  modulus,  given  by 


- 


3G(oA 

L 


(4) 


where  is  the  shear  modulus  of  nibber,  A  is  the  cross-sectional  area  of  isolator,  and  L  is  the  height  of  isolator.  The 
computed  dynamic  spring  constant  was  found  to  be  22,210  Nftn  (126.8  IbWn.).  Dynamic  spring  rates  were  also 
experimeraany  obtained,  varying  between  21,020  and  70,050  Nftn  (120  and  400  Ibfftn.)  depending  on  magnimde,  type 
(harmonic,  impulse,  random),  and  frequency  of  the  applied  load. 

Modeling  the  plate  with  compliantly-supported  edges  and  the  rubber  elements  as  vertical  springs  with  constants  of 
22,210  NAn  (126.8  Ibf/in.)  resulted  in  correlation  of  the  first  three  mode  frequencies  within  7  percent  of  the  experimental 
frequencies.  The  first  three  mode  sha^ies  correlated  exactly.  Table  2  lists  the  first  five  mode  frequencies  of  both  the  FEM 
results  and  experimental  results.  The  discrepaiKy  in  the  two  higher  modes  is  associated  with  urunodeled  rotational 
stiffness  of  the  rubber  supports.  Further  refinement  of  the  model  was  deemed  unnecessary  since  reliance  on  experimental 
information  was  justified  for  this  application. 
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Table  2.  FEM  Modal  Analysis  Results 


Mode  Frequencies,  Hz 

Mode 

FEM 

Experimental 

t 

13.83 

13.61 

2 

26.39 

24.70 

3 

54.37 

56.77 

4 

90.69 

66.98 

5 

97.01 

75.32 

Mode  Shape  Visualization 

For  the  platform,  experimental  mode  shapes  were  generated  from  the  experimental  mode  shape  vectors  and  the  test 
geometry  of  the  platform,  liie  first  five  experimental  modes  are  shown  in  Figure  3.  The  Finite  Element  Model  (FEM)  also 
provided  mode  shapes,  displayed  in  Figure  4.  The  first  three  modes  ate  identical  to  experimental  results.  Modes  4  and  5 
diflier  due  to  boundary  condition  modeling.  Notice  that  FEM  mode  shape  S  is  identical  to  experimental  mode  shape  4. 
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Figure  3.  Mode  Shapes  -  experimental 


Figure  4.  Mode  Shapes  -  FEM 


SECTION  U 

Actuator  Selection  and  Characterization 

Electrodynamic  exciters  were  used  in  the  active  control  system.  They  operate  on  the  same  moving-coil  principle  as 
loudspeakers.  The  magnetic  field  produced  by  coil-current  flow  and  a  surrounding  permanent-magnet  bias  field  generate 
attraction/repulsion  forces  on  the  coil.  These  forces  act  on  the  drive  output  pan  of  the  device. 

In  the  active  control  system,  control  action  is  delivered  to  the  structure  via  transduced  voltage  signals  from  D/A 
ports.  It  is  desirable  that  the  control  force  applied  to  the  vibrating  structure  be  simply  proportional  to  this  voltage  over  the 
frequency  range  of  interest.  Unfortunately,  the  output-force  vs.  input-voltage  response  of  clcctrodynamic  actuators  is 
frequency-dependent.  Back  Electro-Motive  Force  (EMF)  generated  in  the  coil  due  to  armature  motion  creates  this 
dependence.  Therefore,  a  means  of  generating  a  broadband,  constant-of-proportionality  relationship  between  force  and 
applied  voltage  was  developed.  This  equalization  was  accomplished  by  designing  and  constructing  a  transconductance 
amplifier.  The  resulting  force  constant  is  1.45  N/volt  (0.327  Ibf/volt).  The  electromechanical  theory  and  amplifier 
arrangement  am  described  below. 

Actuator  electrical-io-force  relationships.  For  the  moving-coil  actuator,  force  developed  in  the  coil  is 
proportional  to  input  current  through  the  mlation /^(r)  =  p/a(f),  where  P  =  force  constant  with  units  N/amp.  When  the 
armature  is  in  motion,  the  armature  coil  gcrtcrates  a  back  EMF  as  it  moves  in  the  magnetic  field  of  the  permanent  magnet 
assembly.  The  back  EMF  is  proportional  to  coil  velocity  by  a  constant  a  The  resulting  Laplace  transform  expression  for 
the  current  in  the  actuator  coil  thus  becomes 
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(5) 


where 

=  coil  resistance 
=  voltage  applied  to  coil 

a  =  coil  velocity  constant  with  units  volts-second  per  meter 
sX(s)  =  Laplace-transfonned  coil  velocity. 

The  developed  coil  force  is  then 


F^(s)  =  p  — (K^(s)-as«.t)]  . 

^  C 


(6) 


This  expression  shows  the  frequency-dependent  relationship  (s  =  io>)  between  voltage  applied  to  the  actuator  coil  and  the 
coil  force  applied  to  the  armature  due  to  the  presence  of  the  coil-velocity  term.  In  many  cases  the  armature  will  be 
attached  directly  to  a  structure.  Thus,  the  generated  force  is  a  functirxi  of  the  attached  structure  dynamics  through  the  back 
EMF  coupling  term.  The  reiationships  between  electrical  properties  of  the  actuator,  dynamics  of  the  actuator,  and 
dynamics  of  the  attached  structure  can  be  expressed  in  terms  of  the  force  applied  u>  the  structure  by  the  anuator.  The 
one-dimensional  transformed  equation  of  motion  for  the  actuator/structure  system  is 


m<.r^X(s)  +  c„sX(s)  +  k^XU)  =  Fn(.s)  -  F^(s)  . 


(7) 


With  no  actuator  present,  the  structure’s  force  response  to  a  displacement  is  given  by 


FaU)  =  Hq(s)X(s)  ,  (8) 

where  the  Laplace  transform  Ha(s)  arises  from  the  constant-coefficient  linear  differential  equation  relating  displacement, 
x(r),  and  reaction  force  of  the  sttucture,/n(r). 

For  the  electrodynamic  actuator,  the  coil  force  is  proportional  to  input  current  so  that  F^is)  =  p/o(i). 
Substituting  this  expression  and  Eq.  (8)  into  Eq.  (7)  yields 

Fa(s)  ^ 

laU)  +  CaS  +  ka  -  Ha(s) 


The  expression  relating  force  applied  to  the  structure  to  the  applied  coil  voltage  thus  becomes: 


Fn{s) 


V'a(.v) 

' 

■ 

'c 

+ 

c  -  ^ 

s  +  ka  -  HaU) 

For  the  situations  where  the  structure's  resportse  dominates  actuator  armature  motion,  i.e.,  +  c^s  +  k^  =  0,  Eq. 

(9)  and  (10)  reduce  to 


Fn(s) 


IcU) 


(11) 


and 


Fa(.s) 

Va(s) 


_ e _ 

HaU) 


(12) 
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Eq,  (1 1)  indicates  current  drive  provides  the  most  direct  control  over  the  force  applied  to  the  structure  when  compared  to 
voltage  drive,  (12),  which  has  a  reactive  component  due  to  ot  ^  0. 

Transconductance  amplifier  details.  The  transconductance  amplifier  was  developed  to  force  a  constant-of- 
proponionality  relationship  between  coil  force  and  voltage.  The  transconductance  amplifier  operates  to  force 


FgU)  ^ 

Ru  ' 


(13) 


where  =  load  resistance,  by  eliminating  the  actuator  impedance  back  EMF  dependence.  Eq.  (13)  is  essentially 
obtained  by  zeroing  the  back  EMF  term  in  Eq.  (6).  Figure  5  is  a  schematic  representation  of  the  hybrid  transconductance 
converter. 


HCWtMO«Oir» 

Figures.  Transconductancc  amplifier  schematic  Figure  6.  Actuator  and  sensor  locations 


Select  actuator  and  sensor  locations.  Sensor  and  actuator  locations  were  selected  based  on  structural  modal 
properties.  From  the  derived  mode  shapes  of  the  platform,  it  was  clear  that  the  location  of  the  excitation  source  would 
have  greatest  effect  on  those  modes  that  have  hi^  relative  displacements  at  the  center  of  the  platform.  Likewise,  the 
couple  introduced  by  the  excitation  source  at  the  center  of  the  plate  would  drive  certain  modes  harder  than  others  at 
various  operating  frequencies.  Based  on  this  information,  actuator  and  sensor  locations  were  seleaed  to  be  capable  of 
controlling  at  least  the  first  two  bending  modes  of  the  platform,  modes  one  and  three,  using  two  actuation  points.  Bending 
modes  here  refer  to  those  modes  with  shapes  resembling  half  (or  multiples  ihereoO  sinusoids  between  constrained 
boundaries.  Figure  6  shows  the  selected  sensor  and  actuator  sites.  Accelerometers  were  chosen  as  the  sensing 
technology.  Factors  leading  to  this  decision  were  technical  (high-fiequency  response,  high  sensitivity,  linearity)  as  well  as 
practical  (availability,  versatility). 

Attachment  of  the  actuators  and  the  balancing  mass  to  the  structure  slightly  affected  system  dynamic  properties. 
Several  frequency-response  measurements  weie  performed  at  various  locations  on  the  structure  to  identify  these  effects. 
Modal  frequencies  were  shifted  at  most  1  Hz  within  the  first  five  modes.  Modal  damping,  too,  was  altcied,  typically 
increased  by  a  factor  of  2.  However,  mode  shapes  in  this  frequency  range  were  unaffected. 

SECTION  III 


Surrey  and  Selection  of  Active  Control  Techniques 

In  this  application,  a  control  method  that  requires  minimal,  approximate,  a  priori  knowledge  of  the  mechanical  plant 
is  preferred.  Since  the  disturbance  signals  are  narrow-band  with  unknown  arid  slowly  varying  center  frequetKy,  the 
control  method  should  be  one  that  can  concentrate  cancellation  over  the  narrow  spectral  bandwidth  of  the  disturbances.  It 
should  be  robust  and  self-adapting  to  disturbance-signal  center  fretpiency.  Finally,  the  system  has  to  be  implementable  on 
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a  reasonable  computation  budget. 

The  chosen  controller,  ba^  on  an  enhanced,  narrow-band,  adaptation  of  a  FXLMS  algorithm,  meets  these 
requirements  well.  While  other  approaches  such  as  the  linear  quadratic  Gaussian  controller  were  considered,  they  did  not 
offer  the  efficient  narrow-band,  self-adapting,  characteristics  of  the  FXLMS  algorithm. 

Theory 

In  [8]  the  discrete  FXLMS  algorithm  is  derived  assuming  an  arbitrary  mechanical  plant  transfer  function.  As 
described  there,  si^al  vector  transformation  matrices  may  be  af^lied  at  actuator  inputs  and  vibration  scn.sor  outputs  to 
alter  the  residual-vibration  cost  function,  decouple  channels,  and  simplify  stabilization.  These  matrices  can  be  used  to 
effect  spatially-distributed,  residual-vibration  cost  criterion.  The  controller  in  this  study  comprised  a  2-input  by  2-output 
realization  of  the  algorithm  without  transformations.  A  2-point,  discrete,  residual-vibration  cost  criterion  was 
implemented  to  get  an  operating  controller  running  quickly. 

A  diagonal  equalization  matrix,  C(2)  ,  was  inserted  in  the  controller  output  signal  path  to  equalize  and 
compensate  the  multichannel  plant  Frequency  Response  Furtetion  (FRF)  in  the  neighborhood  of  the  disturbance 
frequency.  The  diagonal  elements  of  this  matrix  are  of  the  form 

[c(2)]„  =  1  +  oz-'  +  (14) 

The  closed  loop  disturhance-to-residual-vibration  relationship  is  now  given  by 


E(z)  = 


I  + 


z'  -  2zcos((do)  +  1 


H(z)C(z)G(z) 


D(r) 


(15) 


where  E(r)  is  the  residual-vibration  vector,  D(z)  is  the  disturbance  signal  vector,  H(z)  is  the  unequalized  plant  transfer 
funaion  matrix,  G(z)  is  the  controller  transfer  function  matrix,  p  is  the  controller  loop  gain,  too  is  the  nominal 
disturbance  frequency,  and  C(z)  is  as  defined.  For  the  narrow'band  case,  the  elements  of  the  controller  transfer  function 
matrix,  G(z),  t^e  the  form  of  the  discrete  FXLMS  notch  filter  described  in  [8]  by 


G<,(z)  =  l//,«((Oo)l  [zcos((Oo-it',r)-cos((t),<)]  , 


(16) 


where  q  is  the  sensor  number,  ( is  the  actuator  number,  and  are  the  magnitude  and  phase  response  of  the  actuator 
to  sensor  transfer  function  at  (Oo-  Eq.  (14),  (15)  and  (16)  therefore  define  the  frequency  response  of  the  controlled 
mechanical  system  for  a  given  disturbance  signal,  Dfr^, 

Notice  that  Eq.  (15)  has  the  desired  zeros  at  e  that  caiKel  the  disturbance  on  all  ch^umels.  The  equalizer,  Eq. 
(14),  removes  or  lessens  the  plant-FRF  phase  change  with  frequency  around  the  first-mode  resonant  frequency  making  a 
faster  converging  closed-loop  controller.  From  the  modal  theory  we  know  that  the  FRF  ct  mprises  a  weighted  sum  of 
second-order  modal  filter  sections  parameterized  by  natural  frequency  and  damping  factor.  To  observe  controller 
behavior,  the  disturbance  frequency  was  set  near  the  first-mode  resonant  frequency  u)  produce  a  large,  visible 
displacement.  Because  of  this  arrangement,  without  compensation  the  first  modal-response  filler  would  dominate  the 
controller  closed-loop  response  —  slowing  it  by  forcing  a  low  loop  gain  to  maintain  stability. 

The  difference  equation  defining  the  FM-MS  complex-weight  updates  in  the  real-time  controller  computations  for 
each  actuator  t  is  given  by 


w<(*-H)  =  w,(*)  -(•  pf;e,(*)r;,(*)  .  (17) 

,•1 

where  q  is  the  sensor  number,  t  is  the  actuator  number,  e,  is  the  residual-vibration  signal,  and  r  is  the  complex  conjugate 
filtered-ieference  signal  at  coq.  The  filtered  reference  signal  is  computed  for  each  time  sample  according  to 

r,({k)  =  U,«(®o)l<r'‘“'"'**’'  .  (18) 


where  T  is  the  controller  sample  period  and  >4 ,4(0)0)  is  the  estimate  of  the  equalized  actuator-to-sensor  transfer  function 
at  0)0. 

Impitmentation 

Figure  7  is  a  block  diagram  of  the  control  system  showing  constituent  hardware  and  software  processes.  The  200 
Hz  sampling  of  accelerometer  signals  and  reconstruction  of  control  signals  is  managed  by  one  of  three  simultaneously 
executing  processes  in  the  control  computer.  Parent  and  child  UNIX  processes  execute  the  FXLMS  control  algorithm. 
Some  of  the  processing  blocks  are  now  Either  detailed. 
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Figure  7.  System  block  diagram  forFXLMS  adaptive  vibration  controller 

Plant  equalization  filters.  These  are  the  all-zero  filtets.  Eq.  (14).  The  coefficients  were  estimated  with  a  pole-zero 
mapping  approach,  and  those  that  best  flattened  the  FRF  amplitude  spectrum  and  minimized  the  phase  change  around 
14.25  Hz  were  selected.  Figure  8  displays  the  equalized  actuaior-to-sensor  transfer  responses  from  10  to  30  Hz. 

Tachometer  and  adaptive  frequency  estimator.  The  control  algorithm  requires  an  estimate  of  the  disturbance- 
source  frequency  to  synthesize  the  required  quadrature,  sinusoidal,  filtered-reference  signals.  The  tandemed  tachometer, 
digital  divider,  and  low-pass  filter  generate  an  analog  sinusoidal  signal  at  the  disturbance  motor  rotation  rate.  The 
sampled  signal  is  processed  by  a  two-tap  LMS  adaptive  filter  that  computes  a  frequency  estimate  for  the  reference  signal 
sinusoids. 

Reference  channels  amplitude  and  phase  table.  This  table  of  discrete-time  control-signal-to-residual-vibration 
amplitude  and  phase  responses  of  the  plant  FRF  matrix  is  used  with  the  frequency  estimate  to  synthesize  filtered-x 
reference  signals  for  the  controller  algorithm  coefficient  updates.  The  estimated  response  parameters  in  this  table  were 
computed  with  an  off-line,  multicharmel,  frequency-response  estimation  algorithm  and  are  fixed  during  controller 
operation. 

Results 

Within  300  milliseconds  of  initiation  of  control,  more  than  40  dB  reduction  in  sensor  signal  power  was  attained  for 
the  stnicmre  driven  near  the  first  mode  frequency.  The  controller  was  able  to  track  a  slowly  changing  disturbance  source 
frequency  of  up  to  +/-  2  Hz  around  the  driving  fr^uency. 

System  response  prior  to  control.  Figure  9  is  a  power  spectrum  measurement  from  an  accelerometer  anached 
between  the  structure  and  an  actuator  before  the  controller  was  initiated.  The  motor  was  driven  at  14.25  Hz  creating  an 
acceleration  magnitude  of  11.76  dB  root-mean-square  (tms)  m/s*  (43.67  dB  in/s^).  The  frequency  spectrum  over  the  50 
Hz  range  is  shown  in  the  figure.  Estimated  bandwidth  of  the  response  signal  at  14.25  Hz  is  approximately  1.7  Hz. 

The  higher-frequency,  lower-amplitude  peaks  in  Figure  9  may  be  a  result  of  either  structural  nonlinear  behavior  or 
harmonic  disturbaiKes  from  the  excitation  source.  For  example,  the  28.5  Hz  peak  could  be  caused  by  the  structure  being 
driven  beyond  its  linear  response  range.  Disturbance  source  effects  such  as  shaft  misalignments  or  looseness  could  also 
create  this  type  of  response.  The  other  higher  frequency  peaks  may,  too.  be  a  combination  of  nonlinearities  and  harmonic 
effects  of  the  disturbance  source,  such  as  bearing  noise,  motor  gearing,  or  shaft  misalignments.  A  few  of  these  peaks 
remain  in  the  response  spectrum  after  control. 
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Figure  8.  Equalized  aoualof-to-sensor  transfer  functions  (a>  point  response  (b)  cross  response 


System  response  after  control  Figure  10  is  the  spectral  response  of  the  same  accelerometer  after  control.  The 
14.2S  Hz  and  28.S  Hz  peaks  are  significantly  reduced,  replaced  by  a  broader,  lower  amplitude  spectrum.  A  reduction  of 
49.99  dB  was  obtained  at  14.25  Hz.  Notice  that  the  amplitutte  and  frequencies  of  the  higher  peaks  are  nearly  identical  to 
the  pre-control  situation  shown  in  Figure  9.  The  low  amplitude,  broadbimd  spectrum  in  the  post-control  data  that  does  not 
appear  in  the  pre-control  data  is  caused  by  the  dynamic  range  limitation  of  the  control  computer  (12  bits  of  resolution). 
The  data  acquisition  system  used  to  monitor  the  performance  to  the  controller  has  15  bit  D/A’s:  thus  it  is  capable  of 
measuring  the  injected  control  computer  noise-door  spectrum  after  controller  convergence. 
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Figure  9.  Acceleration  power  spectrum  from  accelerometer  6  before  control 
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Figure  10.  Acceleration  power  spectrum  from  accelerometer  6  after  control 
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Three  acceletometeis  were  monitored  before  and  after  control.  Two  of  them.  a6  and  a7,  were  used  as  the  error 
sensors  in  the  control  algorithm  and  the  third,  aS,  was  located  at  the  geometric  center  of  the  platform  attached  to  the 
structure  under  the  bearing.  Table  3  compares  the  relative  reduction  levels  obtained  for  each  sensor  at  14.2S  Hz. 

Table  3.  FXLMS  Active  Controller  Results  at  14.25  Hz. 


Acceleration  Power  Spectrum,  dB  rms 

Accel 

Before  (dB) 

After  (dB) 

a5 

14.72 

-36.43 

a6 

11.76 

-38.23 

a7 

11.72 

-40.36 

SUMMARY 

We  have  obtained  approximately  50  dB  narrowband  vibration-signal  level  reduction  on  an  elastic  structure  using  a 
modified  FXLMS  control  algorithm  combined  with  plant  tesonance  equalization.  Developmental  details  and  experimental 
results  were  presented  in  this  paper. 

Stmctural  resonance  was  selected  as  the  pre-cancellation  condition.  This  was  done  to  generate  high  signal  to  noise 
ratio  in  the  sensor  signals,  visually  observe  the  controller  impact,  and  test  the  effectiveness  of  a  simple  pole-zero  digital 
equalization  techmque.  At  the  cancellation  frequency,  approximately  50  dB  of  reduction  in  signal  power  was  achieved  at 
three  locations  on  the  structure.  A  frequency-  tracking  algorithm  was  also  developed  to  track  changes  in  the  tachometer 
reference  signal.  The  tachometer  signal  could  also  provide  an  estimate  of  disturbance  frequency  content  for  use  in  a 
broadband  version  of  the  FXLMS  algorithm. 
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ABSTRACT 

Undesired  vibration  aotion  of  a  flexible  cantilever  bean  is  controlled  with  piezoelectric  sensor  and 
actuator.  Appropriate  sensor  and  actuator  equations  are  derived  and  iapleaented  in  a  finite  eleaent 
analysis  to  siaulate  a  feedback  active  vibration  control  algoritha.  Based  on  it,  experiaents  are 
perforsed.  Results  show  that  the  sentuator  can  effectively  reduce  the  total  aode  with  only  one  sentuator 
regardless  of  location 

Key  Words  •  Piezo-electric,  Laainated,  Flexible,  Actuator.  Sensor,  Cost  Function,  Active  Vibration 
Control ,  Spill -over 


IIVTRODUCriON 

As  automation  technology  advances,  there  have  been  strong  requests  for  light  weight  and  flexible 
structures.  Since  the  measurement  and  vibration  control  of  flexible  structure  result  in  very  low 
accuracy  and  precisicm,  there  has  been  a  fervELnt  reqL^st  for  light,  strong,  accurate,  and  precise  sensor 
and  actuator.  Under  these  circumstances,  the  development  of  distributed  sensor/actuator  became  very 
urgent.  tU.  12] 

In  1969.  polyvinyl idene  fluoride  (PVDF)  was  first  discovered  by  Kawai.  Comparing  with  piezo-ceramic, 
it  has  wide  frequency  range,  hi^  strength,  and  good  flexibility  because  of  thin  thickness.  On  the  other 

hand,  its  temperature  range  is  narrow,  and  DC  measurement  is  impossible.  As  PVDF  can  do  sensing  along 

with  actuating,  "sentuator*  is  actually  combined  form  of  sensor  and  actuator. 

In  this  study,  the  finite  element  method  is  performed  on  thin  and  flexible  cantilever  beam.  In  case 
of  excitation  with  minimizes  the  sum  of  response  and  control  force,  optimal  thickness  ratio  between 
sentLiator  and  cantilever  beam  is  determined.  In  addition,  by  comparing  point  control  using  dynamic 
damper  with  disributed  control  using  sentuator.  Spill-over  is  produced  during  control  mode  according  to 
the  use  of  actuator  which  is  less  than  the  modeled  one.  This  spill-over  effect  is  studied  by  varying  the 
position  of  sentuator.  The  theoretical  results  are  compared  with  experimental  data.  The  validity  of 

algorithm  used  in  this  study  is  proved,  and  the  utilizati<m  of  sentuator  is  presented. 

THEORY 

Fundamental  Principle  of  Sentuator 

Expansion/contraction  is  resulted  from  the  polarity  in  the  electric  field  when  a  voltage  is  supplied 
to  sentuator  (Converse  effect).  On  the  contrary,  the  voltage  is  produced  as  a  result  of 

expansion/contraction  (Direct  effect),  so  sentuator  could  be  used  as  both  actuator  or  sensor. 

E 

Si j  =  sijklTki  ♦  jEk  (1 ) 

E 

Here,  Sjj  :  strain  sijki  :  elastic  compliance  constant 

Tki  :  stress  dktj  :  electric  constant  Eki  ^  electric  field 
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Finite  eleaent  ■odelling  of  flexible  structure 

According  to  Eq.  (2),  the  bending  aodent  Mr  could  be  calculated  by  taking  the  distance  froa  sent- 
uator  to  principle  axis.  And,  the  flexural  rigidity  for  sentuator-beaa  could  be  obtained  by  Eq.  (3). 

d-b-ErV(E2ti  ti+Ejti  t3*E2t2**2E3t2t3+E3t32 ) 

Mr  =  -  (2) 

2(  Eltl  *  E2t2  *  E3t3  ) 

Eili  =  Eili  ♦  E2I2  ♦  E3I3  (3) 

Here,  b  :  width  of  beaa,  d  :  piezoelectric  constant,  V  :  input  voltage,  t  :  thickness 
E  :  Young's  aodulus,  1  :  area  aoaent  of  inertial  for  neutral  axis 

subscript  1,2,3  -  sentuator,  bonding  layer,  beaa 

In  Fig.  1,  stiffness  aatrix  at  ith  and  (i*l)th  node  could  be  calculated  froa  the  transforaation 
caused  by  load  utilizing  the  aoaent-displaceaent  relationship.  The  results  are  presented  in  Eq.  (4). 
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Coaplete  stiffness  aatrix  could  be  calculated  using  superposition  aethod  and  applying  boundary 
condition.  Mass  aatrix  consists  of  luaped  aass  and  rotational  inertia.  Using  luaped  aass  aethod.  it  can 
be  obtained  by  considering  boundary  condition  like  stiffness  aatrix. 1^1 

Froa  the  stiffness  and  aass  aatrix,  Eq.  (5)  for  flexible  bean  could  be  obtained 

[  M  ](  q  >  ♦  [  K  ](  q  )  =  {  Q(t)  )  (5) 


If  we  transfora  the  Eq.  (5)  to  uncoupled  coordinates  and  apply  aode  analysis,  aode  aatrix  could  be 
found.  If  we  set  the  nuaber  of  sensor  and  actuator  to  N  and  try  to  control,  the  observed  displaceaent 
and  velocity  are  saae  as  in  Eq.  (6).  In  aode  coordinate  systea,  force  coaponents  by  exciting  force  are 
divided  into  control  dynaaics  and  residual  dynaaics. 1^1 


(y(t))  =  [Cj]{q(L|.t)l  ♦  [CjJIqlLi.t)) 


(6) 


location  of  Sensor! i^l, 2 . N) 


Here, 
(Z(t))  = 


fc  =  BccFc  ♦  Bc«F»  =  BccFc  (■.'  F»  =  0) 


(Cj]T  :  i  XJ  aatrix  coaposed  of  [0j(L')] 
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Here,  (F(t))  = 


0 

Q(tl 


{y(t)}  = 


Control  force  acting  physically  can  be  expressed  as  Eq.  (7).  Also,  the  force  coaponent  which  induce 
control  spill-over  by  applying  to  residual  dynaaics  is  calculated  as  Eq.  (8). 1*1 


Fc  =  Bcc'lfc 

f«  =  B*cFc  »  BstFi  =  BacBcc'fc 


(7) 

(8) 


Optiaal  control  law 

It  is  possible  to  obtain  state  space  representation  froa  Eq. 15).  Control  force  vector  u  is  defined 
as  Eq.  (9). 

u  =  -  KX  (9) 

To  deteraine  cost  function  which  ainiaizes  response  and  control  force,  feedback  gain  aatrix  K  needa 
to  be  deterained.  This  is  LOR  problea  and  feedback  gain  can  be  deterainded  froa  Riccati  equation. 

re  ♦  Crp  ♦  Q  -  PHR-lHTp  =  0  (10) 

K  =  R-'HTP  (11) 

OMVrER  SIMUUTION  RESULTS  AND  CONSIDERATION 

Vibration  analysis  of  a  flexible  structures  us ins  FBI 
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To  verify  the  theory  concerning  vibraiton  of  flexible  structure  using  sentuator,  in  Fig.  2.  finite 
eleeent  aodeling  of  flexible  cantilever  beae  was  done.  The  width  and  thickness  were  set  to  1/10  and 
1/1000  of  total  length  L.  The  cantilever  bean  is  divided  into  3  equal  length  elements  by  attaching 
sentuators  at  the  distance  X(Li),  X(L2)  -  X(Li),  and  X(L)  -  X^Lz)  from  the  fixed  end.  The  exciting  force 
was  a^^lied  to  free  end  as  a  form  of  unit  iapulse  input.  As  a  result  of  eigenvalue  analysis,  if  was 
possible  to  know  that  there  exist  six  natural  frequencies  up  to  50(Mlz.  Since  the  number  of  divided 
elements  is  small,  we  can  only  rely  on  the  first,  second  and  third  natural  frequency.  In  this  study,  we 
will  only  pay  attention  to  the  following  these  three  natural  frequencies. 

Thickness  ratio  decision  using  optimal  control 

Optimal  thickness  ratio  decision  under  impulse  exciting.  Fig.  3  shows  the  cost  function  when  the 
vibration  of  cantilever  beam  is  controlled.  In  case  of  impulse  excitation,  the  cost  function  has  the 
minimum  value  when  the  thickness  ratio  between  sentuator  and  cantilever  beam  is  three. 

Optimal  thickness  ratio  decision  under  sinusoidal  exciting.  To  find  the  possibility  of  controlling 
periodic  disturbance  by  sentuator.  simulation  was  performed.  By  setting  2nd  natural  frequency  as  exciting 
frequency,  the  optimum  thickness  ratio  can  also  be  found.  In  Fig.  4.  cost  function  values  according  to 
the  change  of  thickness  ratio  for  2nd  natural  frequency.  Regardless  of  the  position  of  control,  it  is 
found  that  cost  function  is  minimum  when  thickness  ratio  is  three. 

Location  decision  of  sentuator 


Location  decision  of  distributed  control  usina  sentuator.  In  Fig. 5,  the  comparision  of  the  time 
response  according  to  each  location  of  sensing  for  impulse  and  2nd  natural  frequency  excitation 
(Thickness  ratio  =  3}  is  presented.  The  effect  is  about  same  at  any  observation  location.  From  Tc^le  2, 
we  could  conclude  that  vibration  effect  is  not  affected  by  the  position  of  sentuator. 

Fig.  6  illustrates  the  transfer  functions  obtained  by  varying  the  sensing  location  controlled  at 
fixed  location.  It  also  showns  similar  controlling  effects  throughout  the  intersted  frequency  range.  In 
Tables,  the  difference  of  area  between  original  and  controlled  transfer  function.  Physically,  the  area 
of  frequency  domain  it  has  the  dimension  of  energy.  Regardness  of  observation  pcistion.  energy  is 
decresed  when  it  is  ovserved  at  fixed  end  (X(L|)).  In  attaching  sentuator,  one  needs  to  keep  in  mind 
that  natural  frequency  mode  of  cantilever  beam  changes  becaused  of  the  bonding  effect  caused  from 
sentuator  thickness  variation.  Therefore,  one  needs  to  design  the  control  system  taking  into  account  of 
the  variation  of  system  induces  from  sentuator  attachment, 

Fig.  7  illustrates  the  comparison  of  the  transfer  functions  controlled  by  dynamic  absorber  and 
compensated  sentuator  (Tr  =  3).  This  figure  tells  that  sentuator  controlls  the  entire  mode  evenly,  and 
the  effect  is  greater  than  the  one  by  dynamic  absorber.  For  comparison,  dynamic  absorber  first  finds  the 
maximum  amplitude  at  each  mode  and  then  controls  only  one  mode. 

Fig.  3  represents  the  difference  of  peak  values  belwe^  the  sentuator  and  dynamic  absorber.  The 
negative  values  indicate  that  dynamic  absorber  has  better  cmtrolling  effects.  Dynamic  absorber  is  more 
effective  in  controlling  low  mode,  especially  2nd  mode,  ^t,  calculating  the  difference  between  the 
controlled  amount  by  dynamic  absorber  and  one  by  sentuator.  we  can  get  the  following  conclusion  ;  the 
higher  the  mode,  the  better  the  sentuator.  If  the  control  is  observed  at  fixed  end,  sentuator  is  better 
in  entire  mode  range. 

Control  effect  according  to  location  of  sentuator.  We  has  seen  that  sentuator  alone  is  control¬ 
ling  entire  mode  very  evenly.  But.  to  see  the  control  effect  according  to  position,  iapulse  and  natural 
frequency  excitation  (Tr=3)  were  performed.  Table  4  sxvl  Table  5  show  the  results  after  impulse  and  2nd 
natural  frequency  excitation  according  to  various  location.  From  these  tables,  we  can  conclude  that  the 
observation  and  control  effect  at  fixed  end  ((Xi))  is  greatest. 

EXPERIMENT 

Experimental  apparatus  and  method 

This  experiment  was  performed  to  prove  the  iisuabllity  of  sentuator  as  a  vibration  sensor  and 
actuator  and  the  propriety  of  the  proposed  algorithm. 

For  this  experiment,  a  cantilever  beam  was  divided  into  three  elements.  TTwi,  sentuator  was  attached 
near  the  fixed  end  to  be  used  as  a  vibration  sensor.  After  making  the  thickness  of  sentuator  twice  or 
three  tines  of  that  of  cantilever  beam  by  laminating,  experiment  for  control  effect  according  to  the 
change  of  width  and  adhesion  position  of  sentuator  was  operated. 

C^ti lever  beam  was  connected  to  a  shaker.  2(Mdlz  white  noise  is  produced  by  noise  generator, 
amplified  by  amplifier,  inputted  to  actuator.  In  order  to  reduce  the  effect  of  observation  spill-over, 
low  pass  filter  was  used.  To  reduce  the  noise,  average  time  was  set  to  30  seconds.  Vibration  signal, 
which  is  gained  by  sentuator,  is  inputted  in  DSP  board  (T>6320C25).  After  identified  the  property  of 
system  in  DSP  board,  sentuator  can  control  the  vibration  of  cantilever  beam  by  optimal  control  algorithm 
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proposed  in  this  paper. 


Experimental  results  and  consideration 

Vibration  control  effect  according  to  the  change  of  thickness  of  sentuator.  The  frequency  respcmse 
obtained  by  attaching  sentuator  (Tr  =  2  or  3)  at  the  fixed  end  is  plotted  in  Fig.9  using  curve  fitting. 
From  the  experiment,  it  was  found  that  the  more  effective  thickness  for  vibration  control  is  three. 

Vibration  control  effect  according  to  the  change  of  location  of  sentuator.  Fig.  10  and  Fig.  11 
shows  that  curve  fitting  obtained  by  varying  the  vibration  control  position  while  fixing  the  observation 
position  at  fixed  end.  When  thickness  is  set  to  two,  sentuator  was  possible  to  control  at  lower  mode  as 
predicted  fr(Xi  the  theory.  But,  the  response  curve  is  hi^er  near  resonance  point.  In  addition, 
amplitude  was  lowered  quite  a  lot  at  higher  mode.  Especially,  when  the  thickness  is  three,  overall 
amplitude  level  was  reduced.  The  effect  of  vibration  ccmtrol  was  better  near  the  fixed  end. 

To  find  the  best  control  position,  the  area  of  response  curve  calculated.  The  results  are  presented 
in  Table  6.  The  value  gets  smaller  as  the  position  is  closer  to  the  fixed  end. 

CONCLUSION 


The  optimal  thickness  ratio  of  sentuator  and  cantilever  beam  to  control  was  determined  from  the 
simulation  and  experiment. 

The  effect  of  dislocation  of  sensor  and  actuator  is  negligable  when  the  location  of  observation  and 
control  of  sentator  is  modified.  And.  the  best  position  for  control  is  fixed  end  in  case  of  impulse  and 
sinusoidal  mode  excitation. 

By  comparing  sentuator  with  dynamic  absorber,  sentuator  has  usefulness  of  controlling  the  total  mode 
with  only  one  sentuator  regardless  of  location. 

BIBLIOGRAPHIC  REFERENCES 


1.  H.  S.  Tzou  and  M,  Cadre,  *  Active  Vibration  Isolati(^  by  Polymeric  Piezoelectric  with  Variable 
Feedback  Cains  '.  AIAA.  Vol.  26.  No.  8.  1988,  pp  lOH'-lOlT 

2.  H.  S.  Tzou  and  C.  1.  Tseng.  "  Distributed  Piezoelectric  Sensor/Actuator  Design  for  Dynamic 

Measurement  /  Control  of  Distributed  Parameter  Systems  ^  A  Piezoelectric  Finite  Element  Approach  *.  J. 
Sound  and  Vibration.  138(1).  1990.  17-^34 

3.  A.  Baz  and  S.  Poh,  *  Optimum  Vibration  Cmtrol  of  Flexible  Beams  by  Piezoelectric  Actuators 
NASA  COl^CT  «  30429-D.  March.  1987 

4.  A.  Baz  and  S.  Pc^.  "  Performance  of  an  Active  Control  System  with  Piezoelectric  Actuators  J. 
Sound  and  Vibibration,  126(2),  1988,  pp  327'^343 

5.  M.  J,  Balas,  "  Feedback  Control  of  Flexible  Systems  ",  IEEE,  Vol.  AC-23,  No.  4.  1978,  pp  673-^79 

6.  F,  L,  Lewis.  "  Optimal  Estimation  JOHN  WILEY  h  St^.  1986 

7.  Oh  Jae-Eung,  ”  Basic  and  application  of  structure  modal  analysis  ",  Hee-Sung  Inc.,  1985 

8.  J.  Van  DE  Vegte.  "  Feedback  Control  Systems  ",  PRENTICE-HALL  INC.,  1990 

9.  D.  W.  Kim,  J.  E.  Oh.  "  The  study  on  the  vibrati<m  control  of  machinary  structures  using  dynamic 
absorber  ",  C(Miference  proceeding  :  The  Acoustical  Society  of  Korea  Fall  Meeting.  1990,  pp  245*^249 

10.  D.  K.  Kim,  D.  W.  Kim,  H.  S.  Kim.  J.  E.  Oh.  "  The  study  on  the  vibration  control  of  flexible 
structures  using  sentuator  ”,  Conference  proceeding  :  KSME  Spring  Annual  Meeting  '91,  1991,  pp  236'^241 


Table  1.  The  specification  of  cantilever  beam 
and  sentuator 


Cantilever  beam 

Sentuator 

Length 

300 

100 

fidth 

38 

38 

Thickness 

0.5 

1.0  /  1.5 

(  unit  •  mm  ) 


Table  6  Comparison  of  controlled  area 


for  each  sensing  location 


Fig.  1.  General  Igyout  of  the  sentuator  -  beam  system 


Fig. 2,  Finite  element  modeling  of  flexible 
cant i 1 ever  beam 
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Fig. 7.  Co^iarison  of  transfer  functions  controlled  by  dynaaic  absorber  and  coapcnsated 
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ABSTRACT 

The  impulsive  excitation  of  fluid-filled  elastic  cylinders  is  analytically  studied  using  a  double  Fourier 
transform  in  the  wavenumber  and  frequency  domain.  In  particular,  the  contributions  of  various  waves  and 
their  energy  paths  to  the  structural  response  are  investigated  by  evaluating  individual  pole  contributions 
to  the  total  response  using  the  method  of  residues.  For  axisyimnetric  excitation,  the  results  surprisingly 
demonstrate  that  although  the  excitation  is  structural,  the  major  path  of  vibrational  energy  to  the 
structural  observation  point  is  through  the  fluid  medium.  For  the  beam  mode  type  excitation,  two  paths 
have  to  be  distinguished:  the  energy  propagates  either  through  low-frequency  structural  components  or 
through  the  fluid  medium  as  higher  frequency  components.  The  work  euids  new  insight  into  the  behavior 
of  coupled  pipe-fluid  systems. 

NOMENCLATURE 

a  thin  shell  mean  radius 

Cj  fluid  acoustic  free  wave  speed 

cx,  shell  extension  phase  speed 

E  Young’s  modulus 

Fo  amplitude  of  input  force 

h  shell  wall  thickness 

instantaneous  intensity  in  the  axial  direction 
non-dimensional  intensity  in  the  axial  direction 
J„(  )  Bessel  function  of  order  n 

k„,  axial  wavenumber 

k]  radial  wavenumber 

n  circumferential  mode  number 

p  pressure 

po  input  force  distribution 

P„,  spectral  pressure  amplitude  (freq  domain) 

T,  X,  B  cylindrical  co-ordinates 

R  receptance  in  the  time  domain 

Rni  non-dimensional  receptance 

s  branch  number 
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time  delay  of  the  input  force 
shell  displacements 

shell  spectral  displacement  amplitudes  {k„,  and  freq  domains) 

shell  spectral  displacement  amplitudes  (freq  domain  only) 

position  of  the  input  force 

thickness  factor 

damping  coefficient 

Poisson’s  ratio 

density  of  fluid 

density  of  shell 

circular  frequency 

non-dimensional  frequency 

non-dimensional  position 

non-dimensional  time 


INTRODUCTION 

Practical  piping  systems  may  be  subjected  to  several  types  of  vibration  sources,  harmonic  or  impulsive 
forces  applied  on  the  shell  wall.  Several  authors  have  already  investigated  harmonic  excitation  of  idealized 
fluid-filled  cylinders  but  little  work  has  been  done  concerning  any  kind  of  impulsive  point-force.  Merkulov 
et  at.  [1]  studied  the  relative  transfer  mobility  of  waves  with  varying  ’^ranch  and  circumferenticil  mode. 
Fuller  [2]  then  calculated  the  input  mobility  of  an  infinite  cylindrical  elastic  shell  filled  with  fluid,  including 
both  far-field  and  near-field  effects.  He  explained  the  pipe  behaviour  in  terms  of  propagation  of  free 
waves,  these  waves  having  been  previously  characterized  by  himself  and  Fahy  [3].  Leyrat  [4]  presented 
a  solution  for  the  mobility  of  a  cylindrical  shell  system  where  was  included  the  effect  of  an  uniform 
internal  flow.  Results  were  given  for  both  infinitely  long  shells  and  shells  of  finite  length.  There  has  been 
very  little  work  on  time  domain  methods  to  evaluate  transient  responses  of  cylinders.  Stepanishen  and 
Ebenezer  [5]  investigated  the  transient  vibratory  response  of  fluid-loaded  cylindrical  shells  of  finite  length 
with  axisymmetric  broadband  excitations  acting  in  the  radial  direction.  Ujihashi  et  al.  [6]  evaluated 
the  deflection  of  a  fluid-filled  shell  subjected  to  an  impulsive  axisymmetric  band  load,  using  numerical 
inversion  of  the  Laplace  transformation.  Their  results  were  found  to  be  unsatisfactory  when  the  load  is 
varied  stepwise  in  time. 

The  purpose  of  the  present  paper  is  to  investigate  the  propagation  paths  of  energy  introduced  in  a 
fluid-filled  elastic  cylinder  by  an  impulsive  axisymmetric  radial  line  force,  with  an  azimuthal  distribution. 
The  displ2u:ement  of  the  shell  wall  is  evaluated  and  explained  in  terms  of  propagation  of  free  waves. 
The  solution  is  obtained  by  means  of  double  inverse  Fourier  transform  in  the  wavenumber  and  the 
frequency  domains  to  express  the  shell  displacements.  The  analysis  is  based  on  the  fact  that  it  is  possible 
to  separate  in  the  solution  for  the  displacement  of  the  shell,  the  contribution  of  each  generated  wave 
whose  characteristics  are  known.  The  instantaneous  intensity  in  the  fluid  is  also  evaluated  and  used  to 
confirm  the  main  results  and  conclusions.  The  purpose  of  this  work  is  to  improve  understiuiding  of  noise 
propagation  zdong  piping  systems  under  more  complex  excitation  than  considered  previously. 

TRANSIENT  DISPLACEMENT  OF  THE  SHELL 

In  the  present  theory,  the  impulse  response  of  the  fluid-filled  shell  is  considered  as  a  resultant  of 
individual  contributions  from  each  generated  wave.  Although  the  free  wave  propagation  problem  is  taken 
into  consideration,  it  is  not  presented  here  for  it  has  been  extensively  studied  by  Fuller  in  a  previous 
paper  [3].  Nevertheless,  for  a  better  comprehension  of  the  latter  discussions.  Figures  1(a)  and  (b)  show 
the  dispersion  curves  of  a  typical  undamped  steel  shell  of  thickness  hja  =  0.05  filled  with  water  and 
vibrating  in  the  n=0  zmd  1  circumferential  modes.  These  graphs  will  be  used  as  references  for  the 
numbering  of  the  different  branches,  or  waves. 


414 


Figure  1.  Dispersion  curves  for  a  steel  shell  of  thickness  h/a=0.05,  n=0;  - ,  purely  real  and  purely 

imaginary  teal  and  imaginary  parts  of  complex  itn,a;  -  -  pressure  release  duct  solution;  -  -  - 

rigid  walled  duct  solution,  (a)  n=0,  (b)  n=l. 


The  cylindrical  co- .  rdinate  system  employed  in  the  theory  is  shown  in  Figure  2  and  a  list  of  symbols 
is  given  in  the  Appendix. 


Figure  2.  Co-ordinate  system  and  mode  shape. 

To  analyze  the  response  of  a  cylindrical  shell  to  an  impulsive  line  force,  applied  around  the  circum¬ 
ference  at  I  =  — Xfl  and  at  t  =  to,  and  specified  by 

po(0,x,i)  =  Focos(n0)S(x  +  xo)6{t  —  to),  (1) 

it  is  convenient  to  express  the  shell  displacements  and  applied  forces  as  double  inverse  Fourier  transforms 
in  the  axial  wavenumber  and  the  frequency  domains, 
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(2) 

II 

r  r  1 1  V„.sin(r,<l)e'<*— 

J-oo  J-co  n=0.=0 

(3) 

1 

10=-— 

27r 

Z  +  OO  /  +  00 

/  /  ££lV„.cos(ne)e‘'*”‘*-“'>dh„.(iLU. 

2-00  2-00  „-o,=o 

(4) 

Po  =  ;^FoCos(ne)e'*"'*»e“'' 

(5) 

where  Fo  is  a  force  per  unit  length  of  circumference. 
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For  convenience,  the  vibrational  motion  of  a  cylindrical  elastic  shell  filled  with  fluid  is  described  by 
the  Donnell-Mushtari  shell  equations  [7], 

Pu  ,1  —  1/  S^u  ,  1+1/  S^v  ^  t/Sw  u  ^ 

2a}  2a  SzSO'^  al^  ~ '?l~ 


2a  SzS6 


1-uS^v 

1 

1  Pv 

1  Stv 

2  Sz^  ^ 

a^  se^ 

'^16 

1 

Sz^d^ 

r^i 

P.(l  -1'^)  _  Po(l  -  1'^) 


where  0  is  the  shell  thickness  parameter  given  by  =  A^/12a^,  i/  is  the  Poisson’s  ratio,  E  is  the  Young’s 
modulus.  Cl  is  the  extensional  phase  speed  of  the  shell  material.  pa(^i  x)  is  the  fluid  lo2iding  cind  acts 
normally  to  the  cylindrical  surface  of  the  shell. 

Substitution  of  equations  (2),  (3)  and  (4)  into  (6),  (7)  and  (8)  gives  the  spectral  equations  of  motion 
of  the  impulse  response  of  the  system. 


Li2 

L\3 

■  Ur.. 

L21 

L22 

L23 
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L31 

L32 

L33 

L  is.  iss  iss  J  L  J  [  J 

■where  the  elements  of  the  matrix  are  as  given  previously  in  several  references  [3,  2,  8].  fl  is  the  non- 
dimensional  frequency,  fl  =  p,  is  the  density  of  the  shell  material. 

Taking  the  inverse  I  of  the  matrix  L,  the  spectral  radial  displacement  amplitude  for  one  branch  and 
one  mode  is  thus  given  by 

"*  2xp,cih/<j 

where  I33,  written  in  terms  of  the  elements  of  matrix  L,  is 

fss  =  (i.iiss  ~  Ei2Lji)/{det\L\),  (11) 

Application  of  the  double  inverse  Fourier  transform  gives  the  radial  displacement, 

CC  fa.*-'”-'--'’-''/*..-/".  (12) 

where  x  >s  the  non-dimensional  position,  x  =  f  > 

T  is  the  non-dimensional  time,  r  =  ^. 

The  complex  integration  in  the  wavenumber  domain,  giving  the  transfer  receptance,  has  been  previ¬ 
ously  discussed  [2]  and  is  performed  by  the  method  of  residues.  It  has  been  noticed  that  the  transfer 
mobility  (or  receptance)  is  convergent  as  the  order  of  the  waves  taken  into  consideration  increases.  For 
this  reason,  the  number  of  residues  can  be  truncated.  The  second  integral  is  also  replaced  by  a  finite 
sum  (trapezoidal  rule)  over  the  frequency  domain  (fl  G  [—3;  3]).  This  is  equi  valent  to  considering  that 
the  transfer  receptance  at  each  discrete  frequency  is  a  component  of  a  Fourier  series  which  gives  the 
transient  response  of  the  system.The  frequency  domain  is  linuted  to  fl  <  3  since,  for  frequencies  greater 
than  this,  the  Donnel-Mushtari  shell  equations  become  increasingly  inaccurate.  The  receptance  (lu/Fo) 
as  a  function  of  time  is  therefore  given  by  a  double  summation,  a  first  summation  over  the  poles  of  the 
determinant  of  the  matrix  L  (the  free  waves)  and  a  second  one  over  the  set  of  discrete  frequencies. 


At  this  point,  we  can  notice  that  the  two  summation  can  be  easily  commuted,  implying  that  the 
contribution  of  a  certain  generated  wave  to  the  total  transient  response  can  be  easily  separated.  This 
result  is  of  prime  importance  in  the  determination  of  the  energy  propagation  paths. 
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Because  of  the  bounded  frequency  domain  of  integration,  the  modelled  force  is  not  perfectly  impulsive 
and  has  to  be  rewritten  as 

pa{6,  X,  r)  =  Focoa(ne)6(x  +  xo)  TF~'  (n|.3,3j(n)e"‘<>) 

=  Focos(nfl)i(s;  +  Xo)—^^''  ~  .  (14) 

where  TF~^  (n[_3;3])  symbolizes  the  inverse  Fourier  transform  of  a  rectangular  window  positioned  between 
n  =  —3  and  0  =  3.  The  time  variation  of  the  input  force  is  therefore  as  shown  on  Figure  3. 
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Figure  3.  Time  distribution  of  the  input  force;  tq  =  50. 


PRESSURE  AND  INSTANTANEOUS  INTENSITY  IN  THE  FLUID 

Using  the  pre-determined  transfer  receptance  at  each  frequency,  it  is  possible  to  evaluate  both  pressure 
cind  instantaneous  intensity  in  the  fluid.  To  perform  this  computation,  it  is  convenient  to  express,  for 
a  paprticular  circumferential  mode  n,  the  shell  radial  displacement  and  the  pressure  as  single  inverse 
Fourier  transform  in  the  frequency  domain, 

1  ^  +  00 

=  i:iF„(x,n,s)cos(ne)e'<»-“^-^‘^)dn,  (15) 

J~oo 

1  /  +  00  00  ^ 

P=-7r  E^".(x,n,s)cos(nO)J„(i:r)e’<*-“’‘-"^'<fn,  (16) 

Vi’T  J-oo 

For  a  particular  branch  s,  the  radial  velocity  of  the  fluid  at  the  shell  wall  is  related  to  the  pressure  in 
the  fluid  by  the  momentum  equation. 


•1  /' 

^  r=a  —  (  .  I  c  ' 

\tpfU/ J  dr 


Substituting  expressions  (15)  and  (16)  into  equation  (17),  we  obtain  the  following  relation 

Therefore,  the  instantaneous  pressure  is  given  by 

-  h  /.r  S 
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RESULTS 

To  avoid  resonance  problems  of  the  structure  at  the  ring  frequency  and  to  insure  convergence  of  the 
transient  solution  as  we  decrease  the  increment  in  the  frequency  dom2dn,  an  artificial  damping  rj  was 
added  to  the  shell  material,  making  E,  the  Young  modulus,  complex 

E'  =  E[l  -  I?*)-  (22) 

Typical  values  of  0.01  and  0.02  for  >;  have  been  used  for  increments  Afl  =  0.02  and  Afl  =  0.025.  The 
transfer  receptance  at  each  discrete  frequency  has  been  evaluated  by  the  sum  of  the  first  seven  residues, 
as  additional  residues  (from  the  imaginary  poles)  did  not  alter  the  results.  Convergence  of  the  transient 
response  was  also  influenced  by  the  time  step,  which  was  set  to  At  =  1. 
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Figure  4.  Displacement  of  a  steel  shell,  n=0,  h/a  =  0.05,  t)  =  0.02,  xo  =  a,  =  50;  (a)  total  response,  (b) 
branch  1  contribution,  (c)  branch  2  contribution,  (d)  branch  3  contribution. 
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Figure  4(a)  shows,  for  the  n=0  circumferential  mode,  the  total  non-dimensional  radial  displacement 
{Rnd  —  R*  ((2ir)V,Cih))  of  a  thick  steel  shell  (h/a=0.05)  filled  with  water  one  radius  beyond  the  location 
of  the  impact.  It  has  been  noticed  that  this  response  is  almost  completely  given  (i;  90%)  by  three  waves 
numbered  1,2  and  3  on  Figure  1.  Their  respective  contribution  to  the  transient  response  is  given  in  figures 
4(b),  (c)  and  (d).  It  immediately  appears  that  the  branch  denoted  s=l  is  the  most  important  one,  &a  it 
displays  the  most  significant  displacements  of  the  shell  wall. 
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Figure  5.  Trzuisfer  receptance  of  a  steel  shell,  n=0,  h/a  =  0.05,  =  0.02,  lo  =  oi - >  total  transfer  function; 

■  -,  first  residue;  (a)  real  part;  (b)  imaginary  r  -» 


Looking  now  (Figure  5)  at  the  contribution  of  this  branch  (1*'  residue)  to  the  total  transfer  receptance 
(evcduated  by  taking  the  Fourier  transform  of  the  time  history  of  Figure  4(a)),  one  can  notice  that  this 
wave  is  mainly  responsible  for  the  frequency  (fl  <  1.5)  Fourier  coefficients  of  the  series.  Furthermore, 
Fuller  showed  previously  [3]  that  this  branch  at  low  frequencies  is  very  close  to  a  fluid  wave  in  a  rigid 
walled  tube.  This  surprising  result  implies  that  the  energy  introduced  by  the  impact  into  the  system  is 
principally  carried  to  the  structural  observation  point  by  the  fluid,  as  a  neat  field  pressure  distribution 
closely  hugging  the  wall  since  the  radial  wavenumber  is  imaginary  at  all  frequencies  for  this  particular 
branch.  Considering  now  the  time  delay  for  the  impulse  to  propagate  to  the  observation  point  one  radius 
away  (the  highest  displacement  amplitude  occurs  after  a  At  ~  4),  the  corresponding  phase  speed  of  the 
wave  is  found  to  be  very  close  to  the  fluid  acoustic  free  wave  speed, 

Cp  =  Cl/ At  ~  1300ms”' 

This  result  also  supports  that  the  main  propagation  path  of  the  structurally  applied  impulse  is  the 
fluid  medium. 
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Figure  6.  (a)  Instantaneous  intensity  in  the  fluid  at  the  shell  wall,  (b)  Intensity  distribution  in  the  fluid; 
steel  shell,  n=0,  h/a  =  0.05,  ij  =  0.02,  xo  =  o,  tq  =  50. 
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In  Figure  6(a)  is  plotted  the  non-dimensional  instantaneous  intensity  in  the  fluid  at  the  shell  wall 
(/"'*  =  where  the  intensity  is  the  most  significant.  This  result  directly  reflects  the 

energy  propagation  in  the  fluid  medium.  During  the  time  the  branch  s=l  contribution  is  important 
(54  <  T  <  75),  the  intensity  in  the  fluid  is  steadily  increased.  As  shown  by  the  previous  results,  this  is 
the  energy  responsible  for  the  large  displacement  of  the  shell  wall. 

Of  interest  is  also  the  radial  distribution  of  the  energy  in  the  fluid.  The  time  average  of  the  instan¬ 
taneous  axial  intensity  over  the  period  of  time  T  =  l/(2irAfl)  has  thus  been  numerically  evaluated  for 
various  distances  r  from  the  axis.  It  can  be  seen  (Figure  6(b))  that  the  energy  princip2illy  propagates 
either  around  the  axis  of  the  cylinder  (n=0  mode)  or  at  the  shell  wall  (near  field). 

The  behaviour  of  the  other  branches  is  also  interesting.  The  branch  known  as  s=2  (Figure  4(c)),  which 
is  close  to  the  in  vacuo  shell  wave  at  low  frequencies,  is  strongly  affected  by  the  d2imping  and  of  very  small 
amplitude.  These  are  similar  results  to  ones  previously  mentioned  by  Fuller  [9]  when  he  investigated  the 
free  wave  propagation  problem.  Branch  s=3  is  imaginary  at  low  frequencies.  Its  contribution  to  the 
Fourier  coefficients  of  the  series  is  important  as  it  cuts  on  near  fl  =  0.75.  At  this  particular  frequency,  its 
phase  speed  is  infinite  and  consequently  information  associated  with  this  wave  is  immediately  transmitted 
to  the  measurement  point  whatever  its  distance  from  the  impact.  Therefore,  relatively  small  vibrations 
are  observed  to  occur  before  most  of  the  energy  going  through  the  fluid  causes  the  maximum  displacement 
of  the  shell  (see  Figure  4(d)). 
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Figure  7.  Displacement  of  a  steel  shell,  n=0,  h/o  =  0.05,  i/  =  0.02,  iq  =  5o,  to  =  50;  (a)  total  response,  (b) 
branch  1  contribution,  (c)  branch  2  contribution,  (d)  branch  3  contribution. 


As  we  evaluate  the  response  of  the  shell  at  larger  distances  from  the  disturbance  location  (lo  =  5a 
in  Figures  7  and  8),  it  cim  be  seen  that  the  overall  displacement  amplitudes  are  both  smaller  and  spread 
over  a  wider  interval,  essentially  because  of  the  dispersion  phenomenon  created  by  the  coupling  between 
the  fluid  and  the  shell.  The  significant  increase  of  the  intensity  in  the  fluid,  shown  in  Figure  8,  also  occurs 
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over  a  longer  time  period  and,  again,  this  period  of  time  exactly  matches  the  time  during  which  the  wave 
8=1  contribute  to  the  displacement  of  the  shell.  As  for  the  radial  distribution  of  the  energy  in  the  fluid, 
it  tends  to  be  more  uniform  but  still  dominant  at  the  wall. 
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Figure  8.  (a)  Instantaneous  intensity  in  the  fluid  at  the  shell  wall,  (b)  Intensity  distribution  in  the  fluid; 
steel  shell,  n=0,  h/a  =  0.05,  rj  =  0.02,  xo  =  5a,  tq  =  50. 


Figure  9.  Displacement  of  a  steel  shell,  n=0,  h/a  =  0.005,  r)  =  0.01,  lo  =  a,  tq  =  50;  (a)  total  response,  (b) 
branch  1  contribution. 
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Figure  10.  (a)  Instantaneous  intensity  in  the  fluid  at  the  shell  wall,  (b)  Intensity  distribution  in  the  fluid; 
steel  shell,  n=0,  h/a  =  0.005,  rj  =  0.01,  lo  =  a,  tq  =  50. 

With  a  thinner  shell  (h/a=0.005),  the  displacement  of  the  shell  wall  is  much  shorter  in  time  and 
entirely  due  to  the  wave  s=l  (see  Figure  9).  As  expected,  the  coupled  system  behaviour  becomes  totally 
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controlled  by  the  fluid.  Similar  behaviour  was  found  for  free  wave  propagation  [3].  The  energy  in  the 
fluid  medium  (Figure  10)  is  now  foimd  to  be  almc^t  totally  concentrated  at  the  shell  wall,  due  to  the  8=1 
branch  being  increasingly  subsonic;  its  phase  speed  is  now  significantly  lowered  by  the  compliance  of  the 


wall. 
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Figure  11.  Displacement  of  a  steel  shell,  n=l,  h/a  =  0.05,  i?  =  0.02,  xo  =  o,  to  =  50;  (a)  total  response,  (b) 
branch  1  contribution. 


Figure  11(a)  now  shows  the  total  non-dimensional  radial  displacement  (R„i  =  R*  ((2ir)*p,Cih))  of  a 
thick  steel  shell  (h/a=0.05)  filled  with  water  one  radius  beyond  the  location  of  the  impact,  for  the  beam 
circumferential  mode  (n=l).  The  contribution  of  the  branch  s=l  to  this  response  is  given  in  Figure  11(b) 
and  is  found  to  match  the  first  graph  almost  perfectly.  This  implies  that  this  wave  is  alone  responsible  for 
the  all  response  of  the  system.  This  branch  corresponds  to  the  beam  type  shell  motion  [3].  That  explains 
why  the  response  is  strongly  dependent  on  the  damping  ratio  added  to  the  shell  material.  As  explained 
Fuller  [3],  even  though  the  s=l  branch  is  essentially  a  beam  mode,  the  “forced”  pressure  amplitude  in  the 
fluid,  near  field  at  the  shell  wall  (see  Figure  12(b)),  is  very  high.  Moreover,  with  a  thick  shell  (h/a=0.05), 
both  media  are  strongly  coupled.  This  can  be  noticed  from  the  fact  that  the  instantaneous  intensity  in 
the  fluid  (see  Figure  12(a))  is  found  to  be  dependent  on  the  damping  ratio  in  the  shell  material,  owing 
to  the  fluid  loading  appearing  as  a  mass  loading  concentrated  at  the  wall  for  this  particular  branch. 


Figure  12.  (a)  Instantaneous  intensity  in  the  fluid  at  the  shell  wall,  (b)  Intensity  distribution  in  the  fluid; 
steel  shell,  n=l,  h/a  =  0.05,  r/  =  0.02,  xo  =  a.  To  =  50. 


Considering  now  a  thinner  shell,  on  Figure  13(a)  and  (b),  the  impulse  response  displays  two  distinct 
areas:  a  high  frequency  range  (54<  t  <120)  and  a  damped  low  frequency  one  above  t=120.  With 
this  thickness  of  shell  (h/a=0.005),  it  has  been  previously  found  [8]  that  more  energy  is  carried  by  the 
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shell  at  frequencies  below  0=0.2  and  more  energy  is  in  the  fluid  medium  between  0=0.2  and  0=0.8; 
higher  frequencies  do  not  induce  much  response  of  the  shell  wall  (see  Figure  14).  In  fact,  as  the  wall 
thickness  is  reduced,  the  branch  s=l,  which  is  still  very  close  to  the  tn  vacuo  beam  branch  at  very 
low  frequencies,  changes  towards  a  fluid-type  wave  close  to  a  pressure  release  duct  solution  at  higher 
frequencies.  Therefore,  two  propagation  paths  of  vibrational  energy  appear.  Most  of  the  energy  is 
“slowly”  carried  to  the  structural  observation  point  by  the  fluid  medium  as  high  frequency  components. 
In  addition,  little  energy  propagates  through  low-frequency  structural  components. 


Figure  13.  Displacement  of  a  steel  shell,  n=l,  h/a  =  0.005,  t)  =  0.02,  xo  =  o.  To  =  50;  (a)  total  response,  (b) 
branch  1  contribution. 
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Figure  14.  'fransfer  receptance  of  a  steel  shell,  n=l,  h/a  =  0.005,  rj  =  0.02,  Xo  =  o;  - ,  total  transfer 

function;  (a)  real  part;  (b)  imaginary  part. 


CONCLUSIONS 

An  expression  for  the  radial  displacement  of  Infinite  cylindrical  shells  subjected  to  an  impulsive  line 
force  has  been  derived.  Numerical  results  have  been  given  for  shells  of  different  thicknesses  vibrating 
in  the  n=0  and  1  circumferential  modes  at  different  distances  from  the  impact.  The  results  have  been 
analyzed  in  terms  of  propagation  of  free  waves.  The  contribution  of  each  generated  wave  to  the  total 
response  has  been  used  to  determine  the  propagation  paths  of  the  energy  in  the  system. 

With  axisymmetric  impulse  distribution,  most  of  the  disturbance  energy  has  been  found  to  be  carried 
to  structural  points  by  the  fluid  as  a  wave  which  has  the  characteristic  of  near  field  located  near  the  shell 
wall.  When  the  impulse  distribution  excites  the  n=l  circumferential  mode,  the  energy  is  carried  by  a 
beam  type  wave  which  has  also  the  characteristic  of  “forced”  pressure  field  at  the  wall.  This  was  found  to 
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imply  that  the  energy  is  carried  to  the  observation  point  through  both  media,  the  structure  wd  the  fluid. 
More  precisely,  whereas  low  frequency  components  propagate  through  the  shell  wall,  higher  frequency 
components,  around  H  =  0.5,  propagate  through  the  fluid  medium;  this  fluid-type  frequency  range  can 
extend  from  Jl  =  0.2  to  fl  =  0.8  as  the  thickness  of  the  shell  decreases. 

An  expression  for  the  instantaneous  axial  intensity  in  the  fluid  has  been  presented  and  the  results 
verify  those  indicated  by  the  free  wave  propagation  interpretation. 
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ABSTRACT 

An  Impact  damped  supercritical  shaft  rig  is  tested  at  operating  speeds  in 
excess  of  a  rotor  bounce,  shaft  first  bend,  and  shaft  second  bend  mode 
frequencies.  Impactor  design  concepts  consisting  of  solid  steel  rods, 
balls,  and  a  shell  housing  containing  a  solid  rod  with  and  without  a  thin 
film  are  tested  and  demonstrated  to  a  specific  damping  level.  System 
critical  speeds  and  mode  shapes  are  presented  with  comparison  of 
prediction  and  test  results.  Undamped  as  well  as  damped  response  levels 
are  compared  to  predicted  values  for  first,  second,  and  third  mode 
synchronous  vibration.  Subsynchronous  vibratory  levels  are  studied 
parametrically  with  impactor  mass.  Response  sensitivity  with  unbalance  is 
presented  for  two  primary  impactor  clearance  gaps  and  each  of  the  design 
configurations.  Variations  in  test  measured  damping  levels  with  predicted 
levels  are  explained  through  the  use  of  dimensionless  damping  curves 
indicating  clearance  gap  mistunlng.  Preliminary  test  data  indicates  the 
direction  in  which  the  impactor  gap  must  go  to  achieve  maximum  efficiency 
damping.  Results  of  this  testing  demonstrates  the  ability  of  a  single 
impact  damper  to  effectively  function  at  more  than  one  mode  frequency  with 
acceptable  levels  of  damping.  The  effects  of  gravity  are  apparent  for  low 
frequency  vibration  with  little  damping  occurring  but  higher  frequency 
modes  show  significant  damping  with  little  or  no  influence  of 
gravitational  acceleration.  The  inherent  self-contained  design,  ability 
to  withstand  extreme  operating  environments,  and  effectiveness  of  damping 
subsynchronous  vibration  makes  the  impact  damper  applicable  for 
environments  too  severe  for  conventional  squeeze  film  dampers. 

INTRODUCTION 

The  basic  principle  of  Impact  damping  is  represented  by  the  material 
collision  property  defined  as  the  coefficient  of  restitution.  During  the 
Instance  of  collision  a  localized  elastic  deformation  of  the  damper  and 
damped  system  occurs.  The  work  in  defuxaativ/n  and  char.g?  in  impactor 
linear  momentum  results  in  a  lower  energy  state  of  the  damped  system.  The 
actual  magnitude  of  the  coefficient  of  restitution  is  determined  by 
testing  and  currently  known  to  be  influenced  by  the  type  of  material, 
temperature,  and  relative  velocity  of  the  collision.  While  basic 
restitution  data  has  been  published  in  the  literature,  complex  structure 
data  such  as  shell  construction,  extreme  environmental  temperatures,  and 
low  relative  velocities  are  not  well  documented. 
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Although  numerous  authors  have  studied  the  principles  of  impact  damping 
over  the  past  one-hundred  and  fifty  years  recent  work  initiated  by  NASA 
Lewis  Research  Center  in  1982  has  lead  to  the  development  of  time  history 
analytical  models  of  impact  damped  systems.  Work  by  Brown  and  North  [1], 
Soller  [2J,  Pyle  [3],  Jones  [4],  Nale  [5],  and  North  and  Nale  [6]  has 
concentrated  on  the  solution  of  the  fundamental  equations  of  motion 
governing  an  impact  damped  system  instead  of  assumed  solutions  for  steady- 
state  motion.  The  combining  of  these  published  works,  Allison 
experimental  IR&D  efforts,  and  USAF  contract  F33615-88-C238  work  has 
progressed  to  the  development  of  impact  damper  preliminary  design  tools. 
The  application  of  these  tools  with  rotor  dynamics  analysis  software  has 
given  Allison  the  ability  to  design  supercritical  rotor  shaft  systems 
implementing  Impact  dampers  to  maintain  vibration  limits. 

Current  gas  turbine  damper  technology  is  focused  around  squeeze  film  oil 
dampers.  Although  the  application  of  film  dampers  has  been  successful, 
several  limitations  currently  exist.  Perhaps  the  most  critical  of  these 
limitations  is  the  operating  temperature  range  of  damper  oils.  In 
response  to  this  limitation  the  HSAF  Wright  Aeronautical  Laboratories 
issued  contract  number  F33615-88-C238  in  July  of  1988  for  the  development 
of  a  high  temperature  damper  for  use  in  future  IHPTET  engines.  The  stated 
objectives  of  this  research  program  were  as  follows: 

i)  State  of  the  art  evaluations  and  high  temperature  conceptual  damper 
designs. 

ii)  The  detail  design  of  two  high  temperature  dampers  and  one  high 
temperature  supercritical  shaft  rig. 

ill)  The  fabrication  of  the  two  dampers  and  shaft  rig  referenced  in 
item  il. 

iv)  Rig  analysis,  damper  modeling,  and  correlation  analysis  with 
ambient  and  high  temperature  testing. 

This  document  reports  on  the  physical  design  of  an  elevated  temperature 
Impact  damper  and  ambient  rig  test  results.  Details  of  this  testing 
Include  subsynchronous  and  synchronous  damping  effectiveness.  Damper 
unbalance  sensitivity  for  a  rotor  bounce  and  first  two  shaft  bend  modes. 
Damper  effectiveness  changes  resulting  from  various  impactor  geometries 
and  constructions.  Response  sensitivity  effects  are  indicated  for  changes 
in  unbalance  and  impactor  effective  mass.  Impactor  orbital  displacement 
plots  are  included  to  show  impactor  relative  motion  as  it  relates  to  gap 
tuning. 

TEST  HARDWARE 

The  rotor  shaft  rig  used  for  this  work  was  basic  in  design  implementing  an 
air  turbine  and  squeeze  film  at  the  drive  turbine  end.  The  squeeze  film 
damper  was  added  for  drive  end  stability  during  the  test  program.  A 
second  bearing  was  located  near  the  opposite  end  with  a  twenty  pound 
overhung  rotor  used  to  vary  the  system  dynamic  unbalance  up  to  18  g-ln. 
The  Impact  damper  was  mounted  in  a  nonrotating  containment  ring  located  at 
the  overhung  rotor  bearing,  fixed  to  the  bearing  outer  race  and  connected 
to  ground  via  soft  springs.  The  containment  ring  was  bored  at  twenty 
angular  locations  to  provide  a  nominal  diameteral  gap  of  .017  inches  for 
the  primary  test  Impactor.  End  retainer  plates  restrict  Impactor  axial 
motion  to  .003  inches,  thereby  allowing  unrestricted  radial  motion  without 
cylinder  angular  motion.  Four  Impactor  designs  were  tested  with  the  first 
of  the  following  the  primary  concept: 

i)  Shell  cylindrical  rods  with  solid  tungsten  centers  and  a 
low  viscosity  thin  film  fluid,  figure  (1) .  Tested  with  and 
without  three  10  mm  flats. 

11)  Solid  steel  cylindrical  rods  with  three  10  mm  flats, 
figure  (2) . 
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ill)  Solid  steel  square  rods,  figure  (3) . 
iv)  Steel  balls,  figure  (4) . 

TEST  RESULTS 

The  rotor  rig  previously  described  was  modeled  and  analyzed  using  the 
Allison  proprietary  Finite  Element  Model  (FEM)  code,  ROTORDYN,  to 
determine  the  system  critical  frequencies  and  mode  shapes,  figures  (5a) 
thru  (5d) .  In  addition  to  basic  critical  speed  analysis,  damper  mass  and 
system  unbalance  response  sensitivity  studies  were  performed 
parametrically  to  better  understand  both  undamped  and  damped  response. 
The  b&blc  rotor  configuration  is  depicted  in  figure  (5a)  with  the  first 
three  critical  speed  modes  represented  by  the  dashed  lines  in  figures 
(Sb) ,  (5c),  and  (5d) .  The  rotor  bounce  or  first  mode  was  predicted  at 
2571  rpm  witR  testing  showing  this  mode  present  at  97%  of  the  predicted 
speed.  The  first  bend  mode  was  found  at  89%  of  the  predicted  7313  rpm  and 
the  second  bend  or  third  mode  was  determined  at  91.5%  of  the  predicted 
19682  rpm.  This  data  shows  good  agreement  of  the  rig  FEM  and  ROTORDYN 
solution  technique  with  the  test  data,  a  point  essential  in  the  successful 
design  of  a  damper. 

Imoactor  Orbital  Whirl 

Initial  testing  of  the  rotor  rig,  using  true  cylindrical  impactors, 
quickly  indicated  that  the  level  of  damping  was  significantly  less  than 
predicted.  Preliminary  review  of  the  data  gave  indications  that  the 
impactors  were  orbiting  within  the  containment  chamber  and  not  engaging  in 
true  collisions.  The  containment  ring  was  instrumented  with  two  Bently- 
Nevada  proximity  probes  located  perpendicular  to  each  other  within  the 
same  containment  cell  and  the  testing  was  repeated.  This  data,  figures 
(6a)  and  (6b),  confirmed  the  Initial  analysis  that  orbital  whirl,  not 
periodic  collisions  were  taking  place  within  the  impact  chamber  at  high 
unbalance.  These  two  orbital  diagrams,  (6a)  and  (6b),  clearly  show 
circular  motion  of  the  Impactor  for  the  first  and  second  bend  modes.  The 
orbital  plot  of  the  rotor  bounce  mode  indicated  rolling  motion  over 
approximately  80  degrees  of  the  chamber.  The  significance  of  this  rolling 
motion  will  be  discussed  later. 

To  address  the  problem  of  orbital  whirl,  three  equally  spaced  10  mm  flats 
were  machined  on  the  outer  diameter  of  the  impactors,  figure  (1) .  The 
inclusion  of  these  flats  was  undertaken  in  the  belief  that  if  orbital 
motion  was  to  begin  it  would  be  disrupted  within  a  maximum  of  one-third  of 
an  orbit  and  yield  in  a  true  collision.  Rig  testing  of  the  impactors  with 
flats  was  performed  and  indicated  a  marked  improvement  in  damping 
effectiveness  and  non-orbital  impactor  motion  within  the  containment 
cavity. 

Impactor  Design 

One  objective  of  this  investigation  was  to  determine  the  influence  of 
impactor  geometry  and  construction  on  the  level  of  damping  obtained  for  a 
given  damper  mass.  For  the  purpose  of  study  each  of  the  four  basic  design 
concepts  were  tested  and  the  results  normalized  to  a  common  impactor  mass 
of  5  lbs.  In  the  case  of  the  rotor  bounce  mode  the  inclusion  of  any 
Impactors,  independent  of  the  design  or  mass,  made  no  significant  change 
in  the  rotor  response  to  varying  unbalances.  These  results  prompted  an 
acceleration  analysis  of  the  system  in  the  impactor  plane  to  determine  if 
the  rotor  system  provided  accelerations  greater  than  110%  of  gravity.  It 
was  quickly  determined  that  the  rotor  bounce  mode  did  not  satisfy  this 
criteria  and  therefore  would  not  experience  damping  by  the  use  of 
impactors.  This  analysis  and  test  data  along  with  the  first  bounce  mode 
orbital  data  confirmed  that  Impact  dampers  are  essentially  nonfunctional 
unless  gravity  is  significantly  overcome  by  housing  acceleration. 

The  response  sensitivity  for  the  first  bend  mode  shows  a  significant 
decrease  in  rotor  vibratory  amplitude  with  the  inclusion  of  the  Impactors. 
As  seen  in  figure  (7)  the  baseline  dynamic  amplitude  was  reduce  from  56% 
to  87%  with  5  lbs  of  added  impactor  mass  of  various  design  configurations. 
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Although  every  configuration  resulted  in  positive  results  it  is  clear  that 
the  primary  design  yielded  the  largest  reduction  in  amplitude  with  the 
next  lowest  amplitude  twice  that  of  the  primary  design.  To  better 
determine  the  importance  of  the  thin  film  fluid,  integral  to  the  baseline 
shell  design,  the  fluid  was  removed  and  the  impactors  tested  again  showing 
the  response  magnitude  increasing  approximately  11%  over  the  baseline 
amplitude.  The  impactor  oil  film  was  then  replaced  with  commercially  pure 
lead  and  testing  repeated.  These  results  were  surprising  in  that  the 
shell  design  using  lead  in  place  of  oil  yielded  an  additional  reduction  in 
response  magnitude  of  7%  from  the  baseline.  These  results  indicate  that 
the  selection  of  the  film  material  is  very  important  and  that  a  low  shear 
solid  material  at  the  operating  temperature  achieves  maximum  damping. 

In  the  case  of  the  second  bend  mode  the  influence  of  the  impactors  is  very 
noticeable  with  reductions  in  response  magnitude  from  44%  to  74%.  As 
would  be  expected,  the  reductions  for  the  second  bend  mode  were  less  than 
those  experienced  by  the  first  bend  mode  that  served  as  the  damper  design 
point.  A  second  item  quickly  observed  in  figure  (8)  is  that  the  impactor 
design  and  construction  is  less  significant  for  the  second  bend  mode. 
This  is  because  the  damper  is  operating  at  an  off  design  point  making  it 
less  sensitive  to  the  coefficient  of  restitution.  The  shell  impactor 
design  was  tested  with  oil  and  lead,  with  the  lead  film  resulting  in  the 
lowest  response  amplitude  even  though  the  significance  of  this  difference 
was  minimal  at  approximately  2%  of  the  baseline  amplitude. 

The  results  of  the  testing  supports  the  primary  impactor  design  concept  of 
a  shell  containing  a  dense  solid  core  and  thin  separating  film  as  the  most 
effective  design.  The  use  of  a  low  shear  solid  instead  of  a  low  viscosity 
fluid  for  the  separating  film  did  improve  the  damping  capacity  of  the 
primary  design.  This  improvement  should  be  further  investigated  to  better 
understand  the  effects  of  film  thickness. 

Impactor  Gap  Sensitivity 

Perhaps  the  most  difficult  parameter  to  define  through  analysis  is  the 
proper  impactor  gap  for  optimum  damper  effectiveness.  The  importance  of 
this  dimension  is  in  it's  ability  to  change  the  basic  impactor  behavior 
from  one  impact  per  half  cycle,  maximum  effectiveness,  to  an  infinite 
number  with  minimum  damping  efficiency.  In  a  initial  attempt  to  better 
understand  the  total  influence  of  the  Impactor  gap  on  system  damping,  two 
sets  of  solid  steel  cylindrical  Impactors  were  fabricated  with  the  only 
difference  being  the  effective  impactor  gap.  The  first  set  maintained  the 
same  gap  as  the  shell  impactors  with  the  second  set  were  fabricated  with  a 
gap  reduced  by  20%.  A  detailed  review  of  the  data  in  figure  (9)  shows 
that  the  gap  dimension  changes  both  the  unbalance  at  which  peak 
effectiveness  occurs  and  the  magnitude  of  this  effectiveness.  Both  the 
large  and  small  clearance  impactors  follow  a  parabolic  shape  when  viewed 
as  displacement  verses  unbalance.  A  third  and  final  test  was  conducted 
where  an  even  mix  of  small  and  large  clearance  Impactors  were  run 
together.  The  resultant  of  this  configuration  was  to  broaden  the 
effectiveness  of  the  damper  with  unbalance.  It  appears  that  damping  from 
the  mlstuned  impactors  is  additive  to  that  which  occurs  from  the  properly 
gap  tuned  impactors.  This  is  a  significant  point  that  allows  tuning  for 
multiple  modes  using  either  several  fixed  gaps  or  active  variable  gap 
controls. 

gynghFQnPMg  Forced  Response  Sensitivity 

Two  primary  goals  of  the  synchronous  response  study  were  to  determine 
impactor  mass  sensitivity  correlated  to  Allison  predictions  and  basic 
shaft  response  sensitivity  to  rotor  unbalance.  Parametric  analysis  of  the 
damper  was  performed  using  ROTORDYN  to  predict  the  rotor  response  for  up 
to  five  pounds  of  impact  mass  at  the  first  three  system  critical  speeds. 
These  predictions  were  made  for  each  mode  assuming  proper  gap  tuning 
resulting  in  one  Impact  per  half  cycle,  a  coefficient  of  restitution  of 
0.6,  and  sufficient  containment  ring  acceleration  to  overcome  the  effects 
of  gravity.  The  rig  used  for  this  testing  did  not  meet  the  acceleration 
criteria  for  the  first,  or  rotor  bounce  mode,  and  therefore  was  not 
expected  to  behave  as  predicted.  The  second  mode  was  used  as  the  design 
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point  for  principle  gap  tuning  since  it  met  the  acceleration  criteria. 
The  third,  or  second  shaft  bend  mode  also  met  the  acceleration  criteria 
but  was  knowingly  gap  mlstuned  and  intuitively  not  expected  to  behave  with 
the  effectiveness  shown  in  figure  (10). 

Testing  was  performed  with  no  impactors,  2.5  lbs  of  impactors,  and  5.0  lbs 
of  Impactors  for  comparison  with  calculated  responses.  The  first  mode 
response  data  in  figure  (11)  indicates  no  change  in  response  with  the 
inclusion  of  any  impactor  mass.  This  was  expected  based  on  the  test 
results  presented  earlier  and  the  acceleration  analysis.  The  second,  or 
first  bend  mode  data  did  show  significant  changes  in  response  amplitude 
with  the  inclusion  of  impactors.  Comparing  the  second  mode  test  data  with 
the  predictions  in  figure  (10)  Indicates  good  agreement  at  the  5.0  lb 
Impactor  point.  Agreement  at  the  2.5  lb  was  not  as  good  but  is  understood 
to  be  the  result  of  gap  mlstuning.  This  decrease  in  damping  effectiveness 
is  better  understood  by  examining  figure  (12)  where  it  is  clear  that  the 
damper  designed  for  this  rig  was  operating  mlstuned.  The  damped  cavity 
amplitude  is  made  dimensionless  relative  too  the  impactor  gap  and  defines 
the  X-  ordinate  while  the  y-ordinate  represents  damping  capacity.  The 
conclusion  that  can  be  drawn  from  this  data  is  that  the  impactor  gap  was 
designed  to  large  for  this  application.  The  third  mode  responded  as  would 
a  significantly  mlstuned  system.  Although  a  substantial  reduction  in 
vibratory  amplitude  was  achieved  it  was  far  less  than  the  potential  of  the 
damper  with  a  tuned  gap. 

The  rig  shaft  response,  for  levels  of  rotor  unbalance  ranging  from  5  to  18 
gram-inches,  was  determine  for  a  constant  impactor  mass  of  five  pounds. 
The  shell  desion  was  parametrically  tested  with  oil  and  lead  films  and 
three  flats  on  the  shell.  The  first  of  these  configurations  tested  was 
with  the  oil  film  and  yielded  the  results  in  figure  (13).  This  diagram 
depicts  rig  response  normalized  to  the  undamped  response  for  each  of  the 
three  first  modes  at  each  unbalance  test  condition.  This  data  shows  well 
ordered  behavior  through  out  the  applied  unbalance  range  with  the  second 
mode  showing  the  lowest  relative  amplitude  for  the  majority  of  unbalances 
tested.  The  third  mode  response  amplitude  continued  to  decrease  with 
increasing  unbalance,  a  characteristic  of  an  Impact  damper  both  mass  and 
gap  mlstuned.  Testing  of  the  shell  impactor  with  a  lead  film,  figure 

(14) ,  depicts  the  same  characteristics  as  does  figure  (13).  The 
significant  difference  in  the  two  sets  of  data  is  the  lower  response  with 
the  lead  film.  In  this  comparison  it  is  clear  that  the  use  of  a  low  shear 
solid  for  the  thin  film  is  better  than  that  of  a  low  viscosity  fluid. 

Subsvnchronous  Forced  Response  Sensitivity 

During  early  rig  testing,  without  a  drive  bearing  damper,  significant 
subsynchronous  vibration  was  experienced  at  9000  rpm  and  greater.  The 
ability  of  impact  dampers  to  control  nonsynchronous  vibration  was 
characterized  and  found  to  be  very  good.  The  data  presented  in  figure 

(15)  shows  a  reduction  in  response  amplitude  from  .017  inches  to  less  than 
.0001  with  five  pounds  (20  impactors)  of  impactor  masses.  Although  the 
potential  of  impactors  to  damp  nonsynchronous  vibration  was  thought  to 
exist  the  magnitude  of  it's  effectiveness  was  not  predicted.  The  flats 
were  not  present  on  the  early  dampers,  showing  this  feature  is  not 
required  for  damping  nonsynchronous  vibration. 

CONCLUSION 


The  use  of  impact  dampers  has  now  been  success lly  demonstrated  for 
vibration  control  of  a  supercritical  shaft.  This  esting  confirmed  the 
primary  design  concept  of  a  cylindrical  shell  containing  a  thin  separating 
film  and  solid  core.  The  prevention  of  orbital  whirl  was  found  to  be 
essential  to  achieve  acceptable  levels  of  damping  for  synchronous 
vibration.  The  inclusion  of  flats  on  the  shell  outer  wall  successfully 
prevents  orbital  whirl  and  causes  the  impact  mass  to  engage  in  ordered 
collisions.  The  significance  of  impactor  gap  tuning  was  apparent  through 
out  the  testing  with  the  authors  left  with  further  work  in  understanding 
this  area  of  Impact  damper  design.  Comparison  of  predicted  and  test 
response  data  shows  that  a  single  damper  can  be  effective  for  multiple 


nodes  even  though  the  danper  Is  nistuned  for  some.  The  work  described 

herein  highlights  the  basic  critical  parameters  used  in  the  optimum  design 

of  an  impact  damped  supercritical  rotor  system. 
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FIGURES 


Figure  1  -  Shell  Impactor  Design  Figure  2  -  Solid  Cylindrical  Design 


Figure  3  -  Solid  Square  Design 


Figure  4  -  solid  Ball  Design 
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Figures  5a  thru  5d  -  Damper  Supercritical  Shaft  Rig  Mode  Shapes 


Figure  6a  -  Second  Mode 
Orbital  Whirl  at  6519  rpm 


Figure  6b  -  Third  Mode 
Orbital  Whirl  at  18010  rpm 
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Figure  7  -  First  Bend  Mode  Impactor  Design  Concept  Evaluation 
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Figure  8  -  Second  Bend  Mode  Inpactor  Design  Concept  Evaluation 
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Figure  9  -  Impact  Damper  Gap  Sensitivity 
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Figure  11  -  Impact  Damper  Measured  Damper  Hass  Sensitivity 
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Figure  12  -  Impact  Damper  Design  Curve 
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Figure  13  -  Impact  Damper  Measured  Response  Sensitivity 
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Figure  14  -  Impact  Damper  Measured  Response  Sensitivity 
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ABSTRACT 

Reaction  floors  for  powerful  shakers  are  normally  in  isolated  locations  to  minimize  shaker-induced 
vibration  from  disturbing  other  vibration-sensitive  laboratories.  The  compact  nature  of  the  Hong  Kong 
University  of  Science  and  Technology  (HKUST)  campus  requires  a  more  exact  design  for  the  reaction 
floor  than  for  a  spacious  campus  with  well  separated  laboratory  buildings.  HKUST  offers  a  centralised 
laboratory  service  with  an  easy  access  to  the  major  testing  facilities.  This  resulted  in  the  location  of 
a  Structural  Laboratory  housing  large  shakers  close  to  vibration  sensitive  areas  (eg  micro  fabrication 
centre).  The  design  of  the  support  structure  for  the  shakers  (reaction  floor)  to  minimise  vibration 
transmission  was  critical  to  the  success  of  the  teaching  and  research  to  be  conducted  in  these  buildings. 
The  foundation  designs  of  the  reaction  floor  and  the  microfab  centre  will  be  presented. 

1.  INTRODUCTION 

Vibration  generating  areas,  such  as  structural  laboratories,  have  to  be  carefully  located  if  adverse 
effects  on  other  sensitive  spaces  are  to  be  avoided.  "Green  field"  sites  are  usually  chosen  for  these 
facilities  which  are  located  well  away  from  existing  and  future  sensitive  users.  The  new  Hong  Kong 
University  of  Science  and  Technology  is  remote  from  any  existing  sensitive  facilities.  However,  the 
design  constraints  introduced  by  the  steeply  sloping  site  and  the  u.sers  requirement  for  a  centralised 
laboratory  service,  resulted  in  the  Structural  Laboratory  (containing  the  shakers)  being  housed  in  the 
main  academic  building. 

The  upper  floors  of  the  academic  building  are  used  for  teaching  and  research  laboratories.  Outside 
the  Structural  Laboratory,  another  wing  of  the  academic  building  houses  the  vibration-sensitive 
Microfab  Centre  (Fig  1).  This  arrangement  satisfied  the  HKUST  user’s  requirement  of  providing  a 
centralised  laboratory  service,  but  it  created  a  potential  vibration  problem  for  the  acoustic  consultant. 
Relocation  of  the  Structural  Laboratory  to  an  isolated  location  had  been  considered  but  was  not 
feasible  because  of  other  planning  constraints.  An  optimum  solution  for  controlling  the  high  level  of 
shaker  vibration  had  to  be  found.  The  constraints  to  the  design  of  the  reaction  floor  included  cost, 
space,  types  of  seismic  testing  and  the  frequency  range  of  tests  to  be  conducted  in  the  Structural 
Laboratory.  This  paper  presents  the  vibration  design  considerations  for  the  shaker  reaction  floor. 

2.  VIBRATION  FROM  REACTION  FLOOR  OF  STRUCTURAL  LABORATORY 
Structural  Laboratory  and  Reaction  Floor 


Most  of  the  vibration  generating  experiments  will  be  carried  out  on  the  reaction  floor  area  of  the 
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Structural  Laboratory.  This  is  designed  to  carry  high  loadings  and  is  fitted  with  hold-down  points  for 
fixing  large  structures.  Experiments  will  include  excitation  of  test  structures  by  shakers  with  a  10  ton- 
force  capacity  between  1  to  lOHz.  The  proposed  reaction  floor  is  approximately  30.0m  long  and 
13.75m  wide  with  an  overall  depth  of  3.5m.  It  weighs  approximately  3000  tonnes.  Within  the  depth 
of  the  floor  will  be  service  voids  separated  by  400mm  thick  spine  walls.  To  maximize  the  bending 
stiffness  of  the  reaction  floor  slab,  the  walls  have  been  spaced  at  3m  centres  in  the  longitudinal 
direction  of  the  floor.  Dimensions  of  the  floor  are  shown  in  Fig  2-3. 

A  large  amount  of  reinforcement  steel  was  essential  to  achieve  a  high  bending  capability  and  pull-out 
strength  for  the  reaction  wall  and  floors.  The  main  reinforcement  bars  are  of  32mm  diameter  and  are 
laid  at  300mm  centres.  The  spine  walls  significantly  stiffened  the  900mm  thick  bottom  slab  and  the 
600mm  thick  upper  slab  to  assist  in  resisting  bending  moment  and  vertical  reaction  forces. 

Excitation  Forces  from  .Shakers 

Excitation  forces  will  be  generated  by  two  types  of  shakers  installed  in  the  Structural  Lab.  These  are 
the  hydraulically  actuated  and  electromagnetically  actuated  vibrators:- 

Hydraulically  actuated  vibrators  generate  the  excitation  force  by  a  hydraulic  ram  and  a  hydraulic  power 
supply  which  is  servo  controlled  in  order  to  provide  an  accurate  excitation  forcing  amplitude  and 
frequency.  The  range  of  operating  frequency  is  normally  limited  to  0  to  300Hz  due  to  non-linearity 
of  response  at  high  frequency. 

Electromagnetically  actuated  vibrators  generate  the  excitation  force  by  the  same  principle  as  a 
loudspeaker,  using  a  drive  coil  located  in  a  magnetic  field  of  a  permanent  magnet  or  a  field  coil.  The 
vibrators  need  a  driving  system  comprising  a  signal  source  and  a  power  amplifier.  The  range  of 
operating  frequency  is  from  0  to  10,(X)0Hz,  depending  on  the  vibrator  size.  The  excitation  force 
generated  is  generally  less  than  that  of  a  hydraulic  vibrator.  The  actuator  capacity  of  the  large  shaker 
to  be  installed  in  Structural  Lab  is  10  ton-force. 

Excitation  Frequency 

Vibrational  forces  are  applied  to  a  test  structure  for  diagnostic  purposes  or  for  assessing  the  local 
responses  throughout  the  structure.  The  diagno.stic  tests  evaluate  the  ability  of  the  test  structure  to 
perform  its  intended  design  function  in  a  prescribed  vibration  environment.  A  survey  of  local 
resonances  is  usually  carried  out  with  a  view  to  eliminating  any  undesirable  resonances.  A  swept 
frequency  sinusoidal  excitation  is  often  employed  for  such  tests.  The  signal  frequency  is  swept  from 
low  to  high  as  well  as  from  high  to  low  and  a  sufficient  time  is  allowed  for  the  displacement  amplitude 
of  the  test  object  to  reach  a  steady  state.  For  the  design  of  the  Structural  Lab  reaction  floor,  the 
excitation  frequency  of  the  shaker  has  been  assumed  to  range  from  0  to  500Hz. 

Vibration  Transmi.ssion 

The  vibration  input  forces  from  the  shakers  are  to  be  applied  to  the  reaction  floor  and  the  reaction 
Tile  leaeilwM  flow.  Construction  will  modify  these  forces  which  are  ultimately  transmitted  to  the 
substrata  and  surrounding  buildings  by  the  Rayleigh  surface  wave  and  other  body  waves.  The  responses 
of  the  base  slab  and  reaction  floor  due  to  the  vibration  input  forces  are  dependent  on  several  factors 
such  as  the  mass  and  stiffness  of  the  structure,  damping,  interface  conditions  of  the  foundation  and  the 
participating  ground  mass.  It  is  essential  to  isolate  the  surface  wave,  which  is  the  main  vibration  energy 
carrier,  from  propagating  to  the  adjacent  column  footings  and,  in  turn,  setting  the  supported  building 
into  motion. 

The  surface  wave  also  propagates  to  more  remote  areas,  although  decreasing  in  amplitude  with 
distance.  Once  the  foundation  of  a  building  is  set  into  vibrational  motion,  individual  elements  of  the 
supported  building  structure  will  respond  differently  according  to  the  natural  frequency  of  the  element. 
The  vibration  will  then  be  perceived  as  disturbance  to  sensitive  equipment  or  subjective  annoyance  to 
people. 
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3.  DYNAMIC  DESIGN  OF  RT  ACTION  FLOOR 


Design  Concept 

Two  options  were  investigated  during  the  design,  which  were  termed  the  ’high  tuned’  and  ’low  tuned’ 
foundation.  The  ’low  tuned’  design  would  utilise  spring  or  rubber  vibration  isolators  to  float  the 
reaction  floor.  This  would  give  the  reaction  floor  a  natural  frequency  between  3  and  12  Hz  (depending 
on  the  design  of  the  isolators).  Whil.st  this  method  could  achieve  a  good  isolation  of  high  frequency 
vibration  there  was  a  danger  that  the  shakers  would  operate  at  the  floor’s  natural  frequency.  The  ’high 
tuned’  option  did  not  include  resilient  vibration  isolation  material.  Instead,  a  massive  foundation 
provides  the  inertia  mass  and  a  rigid  connection  to  the  ground. 

Hiith-tuned  Foundation  Design 

The  ’high-tuned’  structural  and  foundation  design  was  eventually  adopted  because  the  users  could  not 
guarantee  that  the  shakers  would  always  operate  away  from  the  resonant  frequency  of  the  low  tuned’ 
option.  The  approach  relies  on  the  mass  and  stiffness  of  the  entire  structure  to  transmit  and  dissipate 
the  vibrational  energy  to  the  underlying  rock  strata.  For  this  transmission  to  occur,  the  massive 
structure  and  the  substrata  must  be  joined  together  effectively.  The  following  parameters  were 
evaluated  in  the  design:- 

(a)  Stiffness  and  mass  of  the  reaction  floor  - 

The  test  floor,  reaction  wall  and  support  structures  have  been  designed  to  be  as  stiff  as  it  is  practicable. 
A  stiff  and  massive  structure  is  required  to  withstand  the  dynamic  forces  generated  by  the  shaker  during 
the  swept  frequency  test.  The  test  floor  will  have  a  fundamental  natural  frequency  not  less  than  120Hz. 
This  can  be  achieved  by  a  suitable  selection  of  the  centre-to-centre  spacing  of  the  spine  walls  and  a 
thick  reinforced  concrete  floor  slab.  The  spine  walls  are  to  create  a  service  void  and  to  support  the 
test  floor  rigidly  on  the  base.  Therefore,  these  walls  should  also  be  designed  to  be  adequately  stiff  and 
massive.  A  spine  wall  design  with  400mm  thickness  and  3m  centre  to  centre  .spacing  is  adequate  to 
provide  the  required  bending  stiffness  to  the  upper  and  lower  slabs.  An  adequate  steel  reinforcement 
was  applied  at  the  top  and  bottom  junctions.  The  reaction  wall  is  to  provide  high  level  anchor  points 
for  the  shakers  when  testing  a  tall  structure.  Besides  mass,  the  bending  stiffness  of  this  wall  is  also 
important.  The  spine  walls  are  therefore  aligned  towards  the  reaction  wall  in  order  to  counteract  the 
bending  moment  exerted  on  the  wall  and  floor  slab  by  the  shaker  and  the  test  structure. 

(b)  Caissoned  foundation  - 

A  deep  foundation  is  also  beneficial  to  transmit  and  di.ssipate  the  vibrational  energy  to  the  substrata. 
The  underlying  bedrock  is  fissured  volcanic  rock.  In  the  presence  of  the  rock  joints,  vibration  waves 
will  travel  predominantly  as  surface  waves.  The  compression  ’body’  waves  are  scattered  and  reflected 
to  the  surface  following  reflection  at  the  rock  interfaces,  reducing  the  dissipation  of  vibrational  energy 
to  the  deeper  substrata.  It  is  therefore  essential  to  increase  the  transmission  energy  to  the  substrata 
by  a  caissoned  foundation.  In  order  to  mobilise  a  significant  soil  mass,  eight  caissons  have  been 
constructed,  each  7m  in  length  and  3m  in  diameter  (Fig  4).  The  total  mass  of  the  eight  caissons 
exceeds  1000  tonnes.  The  optimum  caisson  length  was  determined  by  a  finite  element  computer  model, 
as  explained  below  in  Section  4. 

Bridging  elements  between  the  reaction  floor  and  the  underlying  soil  are  eliminated  by  the  creation 
of  a  600mm  deep  undercroft.  A  walkway  with  12(X)mm  high  headroom  in  the  undercroft  enables  the 
underside  of  the  reaction  floor  to  be  inspected.  The  undercroft  limits  the  acoustical  coupling  of  a 
shallow  air  space,  which  may  cause  significant  vibration  transmission  through  build-up  of  resonances 
in  the  air  space. 

The  caissons  have  been  designed  with  a  minimum  75mm  annular  air  gap  over  their  entire  length.  The 
air  gap  provides  a  high  impedance  mismatch  to  limit  horizontal  vibration  coupling  between  the  sides 
of  the  caissons  and  the  rock  through  which  it  pa.sses.  The  caissons  were  hand-dug  in  order  to  avoid 
blasting  which  might  disturb  the  underlying  rock  strata.  Concrete  retaining  rings  were  cast  for  every 
900mm  deep  rock  excavated.  These  rings  and  the  rock  surface  at  the  bottom  of  the  caisson  were 
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inspected  before  a  3m  diameter  steel  tube  were  lowered  and  positioned  within  the  pit.  Checks  showed 
that  a  minimum  100mm  sleeving  air  gap  had  been  maintained  around  the  steel  tube.  The  steel  tube 
forms  the  permanent  shuttering  for  the  concrete  caisson.  Every  possible  precaution  had  been  taken 
to  ensure  that  the  100mm  air  space  was  plugged  and  well  protected  from  the  fall  of  debris  before, 
during  and  after  the  pouring  of  concrete. 

(d)  Perimeter  vibration  break  - 

To  reduce  the  vibration  transmission  to  the  adjacent  .structure  and  column  footings,  the  reaction  floor 
has  a  minimum  perimeter  airgap  of  50mm.  This  is  sealed  with  a  profiled  neoprene  rubber  element  and 
a  pair  of  steel  trims  connected  to  the  concrete  structures.  The  steel  trims  can  withstand  the  normal 
trolley  traffic  and  occasional  fork  lift  and  light  vehicle  traffic. 

A  high  standard  of  quality  control  was  required  to  ensure  that  Contractor  did  not  bridge  the  air  gap 
with  a  permanent  shuttering  material,  be  it  a  "soft  and  resilient"  material  such  as  Flexcell,  polystyrene 
foam  or  neoprene  rubber. 

(e)  Services  and  floor  cover  gratings  - 

Electrical  conduits  and  the  drain  pipes  are  the  main  items  that  could  compromise  the  high  standard 
of  isolation  provided  by  the  air  gap.  Large  electrical  cable  trunking  was  avoided  so  that  flexible  and 
small  cables  are  used  without  the  rigid  armour  sheath  at  the  vibration  break.  Floor  cover  gratings 
across  the  perimeter  gap  are  avoided  and  re.silient  vibration  isolation  pads  are  provided  for  the 
electrical  conduit  cover  at  the  air  gap.  A  drain  sump  to  collect  any  spilt  oil  and  floor  cleaning  water 
was  attached  to  the  underside  of  the  bottom  slab.  The  drain  pipes  and  the  small  pump  unit  are  fitted 
with  flexible  connectors. 

4.  DYNAMIC  ANALYSIS  OF  REACTION  FLOOR  AND  LABORATORY  BUILDING 

The  high-tuned  foundation  and  Reaction  Floor  have  been  analyzed  by  employing  two-dimensional  finite 
element  computer  models  to  represent  the  Reaction  Floor  and  the  adjacent  Laboratory  Building.  Tire 
main  objective  of  the  analysis  was  to  asse.ss  the  effect  of  vibration  generated  by  shakers  on  the  upper 
floors  of  the  building  (Fig  3).  Computer  models  using  finite  elements  to  represent  the  Floor  and  the 
Building  have  been  analyzed  using  PAFEC,  a  finite  element  program  developed  by  PAFEC  Ltd.  of 
Nottingham  in  the  U.K. 

Structural  Representation 

In  the  dynamic  analysis,  a  two  dimensional  model  was  employed  to  repre.sent  a  typical  section  of  the 
reaction  floor  and  the  structural  frame  for  the  Structural  Laboratory  Building  with  unit-length 
geometrical  properties  in  the  longitudinal  direction.  Beam  elements  are  used  to  represent  the  reaction 
wall,  top  and  bottom  slab.s,  side  walls,  spine  walls  and  caissons.  The  underlying  rock  supporting  the 
caissons  are  represented  by  spring  elements.  Tlie  Lab  Building  structure  is  approximately  symmetrical 
about  the  centre-line  of  the  building.  Hence,  only  one  half  of  the  building  frame  is  required  to  be 
represented  in  the  model.  In  this  model,  the  masses  due  to  both  dead  load  and  live  load  have  been 
lumped  to  the  nodes.  Suitable  boundary  conditions  were  also  applied  to  the  nodes  along  the  centre¬ 
line  of  the  model  to  ensure  continuity.  Horizontal  displacement  and  rotation  at  the  boundary  were 
suppressed  in  this  two-dimensional  model. 

The  attenuation  of  vibration  transmitted  from  the  caisson  footing  to  the  building  footing  was  calculated 
and  also  measured  on  site  when  the  site  formation  work  was  being  carried  out  on  an  adjoining  site. 
Such  an  opportunity  arose  when  an  excavator  fitted  with  a  breaker  head  was  working  in  a  trench. 
Vibration  level  spectra  were  obtained  close  to  the  breaker  and  at  various  distances  at  the  ground  level. 
The  loss  factors  over  the  frequency  range  of  0-200Hz  were  obtained  by  dividing  the  response  at  ground 
level  by  that  of  the  trench  rock  bottom.  These  lo.ss  factors  were  used  to  calibrate  the  output  at  the 
caisson  footing  and  the  input  at  the  column  footing  of  the  laboratory  building. 
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The  following  assumptions  were  made  in  the  dynamic  analysis  : 

1.  The  analysis  is  linear  elastic. 

2.  The  footings  of  the  caissons  and  laboratory  building  rest  on  soil  formed  from  fissured  volcanic 
rock  which  is  represented  by  soil  springs.  A  linear  elastic  spring  system  is  used  to  simulate  the 
soil  foundation  with  the  spring  constant  being  the  equivalent  dynamic  stiffness  of  the 
homogeneous  and  isotropic  soil. 

3.  The  structure  is  excited  at  the  top  slab  by  a  shaker-induced  vibration  in  the  form  of  a  sinusoidal 
force  acting  long  enough  to  reach  steady-state  conditions. 

4.  The  effect  of  reinforcing  steel  in  the  concrete  is  neglected. 

5.  The  damping  of  the  concrete  structures  is  5%  of  critical.  It  is  anticipated  that  the  existence  of 
drywall  partitions  and  false  ceiling  will  result  in  a  higher  value  of  damping  for  the  laboratory 
building. 

The  natural  frequencies,  mode  shapes  and  floor  response  of  the  structures  have  been  obtained  (Fig  5- 
8).  Results  indicate  that  the  floor  response  of  the  Laboratory  Building  induced  by  the  shaker  excitation 
on  the  Reaction  Floor  will  be  within  the  recommended  vibration  limit  for  ’Group  A’  laboratory 
equipment  which  requires  SOpm/s  (eg  for  optical  microscopes  x400  or  less,  or  top  loading  weighing 
balances  with  3  decimal  place  accuracy)  (Fig  9-10).  Vibration  attenuation  due  to  the  distance  will  also 
produce  a  vibration  environment  for  the  more  sensitive  ’Group  C  sensitive  laboratory  equipment  in 
the  Microfab  Centre  approximately  25m  away. 


Vibration  Tests  of  Reaction  Floor  Caisson 

Vibration  testing  of  the  finished  caissons  (without  the  reaction  floor)  has  established  the  effectiveness 
of  the  design.  A  200kg  drop  hammer,  fabricated  on  site  from  steel  1-sections  was  used  as  a  vibration 
source.  It  was  lifted  and  lowered  by  a  mobile  crane  which  provided  a  powered  drop  with  a  controllable 
fall.  The  test  results  show  that  the  transmission  loss  across  the  top  of  the  caisson  gap  was  up  to  40dB 
for  the  8  cais.sons  tested  (Fig  11-12).  The  transmission  loss  for  the  8  cakssons  do  not  differ  significantly, 
indicating  that  the  caisson  gaps  were  not  bridged. 

A  further  vibration  test  was  also  carried  out  to  compare  the  transmi.ssion  loss  of  the  caisson  gap  with 
and  without  trapped  water.  Results  indicate  there  would  be  no  significant  difference  if  water  is  trapped 
in  the  caisson  gap.  The  vibration  testing  was  conducted  before  the  construction  of  the  reaction  floor 
slabs.  The  finished  construction  will  have  a  much  larger  mass  and  the  transmi.ssion  loss  between  the 
top  of  the  floor  and  the  surrounding  structure  is  likely  to  be  much  greater  than  achieved  with  just  the 
caissons.  The  structure  was  nearing  completion  at  the  time  of  writing  and  tests  on  the  completed 
structure  are  expected  to  be  undertaken  in  mid  1991. 

S.  MICROFAB  CENTRE 

The  Microfab  Centre  is  located  at  the  Semi-circular  Building  of  the  Academic  Complex  (Fig  10).  It 
will  have  four  clean  rooms  which  contain  the  sensitive  lithography  equipment,  scanning  electron 
micro.scopes  and  E-beam  systems.  The  stringent  vibration  criterion  of  Class  C  (13pm/s)  had  been 
included  in  the  clean-room  design  which  is  appropriate  ter  wafer  fabrication  [1,2].  The  design  used  a 
slab-on-grade  process  floor,  taking  full  advantage  of  the  exposed  rock  base  to  form  a  stiff  ground  slab 
foundation.  A  ground  slab  comprising  of  200mm  thick  concrete  with  closely-spaced  900mm  deep 
reinforced  concrete  beams  was  cast  atop  the  rock  foundation,  giving  a  natural  frequency  well  above 
35Hz.  The  ground  slab  is  not  susceptible  to  footfall-induced  vibration  or  disturbances  from  external 
road  traffic  and  plant. 

Vibration  tests  were  conducted  to  measure  the  floor  response  caused  by  various  forms  of  excitation. 
It  was  found  that  even  footfall  caused  by  a  person  jogging  in  place  at  a  1  metre  distance  from  the 
equipment  did  not  cau.se  significant  floor  respon.se.  A  hand-held  breaker  operating  at  25m  away  within 
the  Structural  l.ab  site  showed  no  significant  effect  to  the  floor  response  of  the  Microfab  Centre.  The 


floor  response  was  found  to  be  within  Sp-m/s  even  with  both  footfall  impacts  and  breaker  operation. 
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Fig.  5.  Reaclion  Floor  -  Mode  7  (S8Hz). 


Fig.  6.  Reaction  Floor  -  Mode  9  (70H2). 


Fig.  7.  Structural  Lab  Building  -  U.'de  6  (6.4Hz).  Fig.  8.  Structural  Lab  Building  •  Mode  12  (15.5Hz). 


Fig.  9.  Predicted  vertical  response  ol 


Fig.  10.  Predicted  horizontal  response  ot 


Structural  Lab  Building. 


Structural  Lab  Building. 


Fig.  11.  Response  of  caisson  head. 
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Fig.  12.  Comparison  ol  undercroft  and 
caisson  responses. 
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ABSTRACT 

T  he  boundary  element  method  (BEM)  provides  a  powerful  tool  for  the  calculation  of  structureborne  sound. 
Field  equations  of  motion  and  boundary  conditions  are  cast  into  integral  equations,  which  are  discretized 
only  at  the  boundary.  The  boundary  data  are  of  primary  interest  because  they  govern  the  radiation  into  a 
surrounding  medium.  Formulations  of  BEM  currently  include  conventional  viscoelastic  constitutive  equati¬ 
ons  in  the  frequency  domain.  In  the  present  paper  viscoelastic  behaviour  is  implemented  in  a  time  domain 
approach  as  well.  The  constitutive  equations  are  gener^Jized  by  taking  fractional  order  time  derivatives 
into  account. The  approach  is  applied  for  the  calculation  of  structureborne  sound  in  subsoil  generated  by 
soil-structure-interaction  (SSI).  Experimental  investigation  of  SSI  is  performed  by  a  laboratory  test  faci¬ 
lity  with  improved  measuring  of  structureborne  sound  by  optoelectronics.  Stationary  and  transient  wave 
fields  on  soil  surfaces  have  been  measured  successfully  by  holographic  interferometry.  The  surface  wave 
patterns  allow  to  identify  inhomogeneities  and  indicate  the  efficiency  of  vibration  isolation  by  trenches. 

INTRODUCTION 

It  is  well  known  that  the  boundary  element  method  (BEM)  reduces  the  dimension  of  a  boundary  value 
problem  by  one.  The  variables  in  the  domain  of  a  3-d  problem  are  for  example  governed  by  the  surface 
variables  on  the  2-d  boundary  via  the  boundary  integral  equation  which  includes  the  boundary  conditions. 
T  he  BEM  provides  a  powerful  tool  for  the  3-d  calculation  of  structureborne  sound  because  only  the 
boundary  has  to  be  discretized,  the  boundary  data  are  CAD  compatible  and  detailed  constitutive  properties 

1  an  be  modelled  [7]. 

In  addition,  the  surface  variables  are  of  primary  interest  for  structures  guiding  structureborne  sound, 
because  they  determine  the  radiation  into  the  air  or  another  surrounding  medium.  Domain  variables  can 
t)e  determined  at  arbitrary  locations  from  the  complete  boundary  data.  If  infinite  (fullspace  3-d,  fullplane 

2  il)  or  semi  infinite  (halfspacc  3  d,  halfplane  2-d)  domains  are  treated,  no  artificial  boundaries  with  non 
reflecting  boundary  conditions  need  to  be  introduced.  This  is  why  the  Sommerfeld  radiation  condition  is 
fulfilled  by  the  so  called  fundamental  solution  of  the  boundary  integral  equation.  Formulations  of  BEM 
currently  include  conventional  viscoelastic  constitutive  equations  in  the  frequency  domain.  One  aim  of  the 
pre.sent  paper  is  to  implement  viscoelastic  behaviour  in  a  time  domain  approach  as  well.  The  elastic  Stokes 
fundamental  solution  is  converted  to  a  viscoelastic  one  by  adopting  a  correspondence  principle.  A  novel 
viscoelastic  fundamental  solution  is  obtained  analytically  by  inverse  Laplace  transformation.  Viscoelastic 
constitutive  equations  are  generalized  by  taking  fractional  order  time  derivatives  into  account  [10). 

The  developed  approach  is  adapted  for  the  caiculation  of  structureborne  sound  in  a  3  d  semi  infinite 
domain.  An  application  of  practical  relevance  is  the  active  or  passive  excitation  of  structures  such  as 
machine  foundations  interacting  with  subsoil.  Propagation  of  surface  waves,  reflection  and  transmission 
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phenomena  caused  by  layering,  trenches  and  obstacles  in  subsoil  are  determined  by  the  unknown  boundary 
data  that  can  be  calculated  from  the  known  boundary  data  along  with  the  initial  conditions. 

The  second  aim  of  the  present  paper  is  to  improve  conventional  techniques  of  measuring  struc- 
tureborne  sound  by  optoelectronics.  A  computerized  laboratory  test  facility  [9,  8]  is  presented  for  the 
experimental  small  scale  simulation  of  soil-structure-interaction  (SSI).  The  measurement  of  stationary 
and  transient  wave  fields  by  holographic  interferometry  has  been  adapted  to  soil  surfaces  successfully.  De¬ 
tected  modifications  of  surface  wave  propagation  allow  to  identify  inhomogeneities,  imbedded  structures 
or  obstacles  and  indicate  the  efficiency  of  vibration  isolation,  e.  g.  by  trenches. 


GENERALIZED  VISCOELASTIC  EQUATIONS 

Linear  constitutive  equations  are  assumed  to  describe  the  propagation  of  structureborne  sound.  Elastic- 
viscoelastic  correspondence  principles  convert  Hooke’s  law  of  elasticity 

3,j  =  2Geij  crii  =  3Keu,  (1) 

with  shear  and  bulk  moduli  G,K  respectively  to  viscoelastic  laws  by  adopting  the  differential  operator 
concept  or  the  hereditary  integral  concept  (6).  More  flexibility  in  fitting  measured  data  in  a  large  frequen¬ 
cy  range  is  obtained  by  replacing  integer  order  time  derivatives  in  differential  operator  formulations  by 
fractional  order  time  derivatives. 

The  derivative  of  fractional  order  a 


i— 0<a<l 
d<“  r  (1  -  0:1  d<  y  T" 


defined  with  the  gamma  function  T  ( 1  —  o)  =  /  e~^x~°dx  is  the  inverse  operation  of  fractional  integration 

0 

attributed  to  Riemann  and  Liouville  [17].  It  can  be  shown  that  the  definition  by  Griinwald  [14] 

is  equivalent  and  more  convenient  in  constitutive  equations  treated  by  time-stepping  algorithms.  The 
generalized  viscoelastic  constitutive  equations  of  differential  operator  type 

N  Jok  M  Joi,  N  jok  M  Jt.« 

E  =  E  =  E  ('i) 

*=0  *=0  *=0  t=0  “ 

correspond  to  Hooke’s  law  (1). 

As  defined  by  equation  (2)  the  fractional  derivative  appears  complicated  in  time  domain.  However 
both  Laplace  and  Fourier  transforms  reveal  the  useful  results 

Laplace  transformation  converts  equation  (4)  to 

7’'(s)i.;  =  <2'(a)e,„  =  (2"(s)e-.„  (fi) 


with  e.g.  T*'  =  ^  ■ 

k=0 

According  to  the  correspondence  principle  the  elastic  moduli  have  to  be  replaced  by  complex  moduli 
in  frequency  domain  (s  — *  iui),  e.g.  the  deviatoric  state  in  equation  (1)  leads  to 

P[s.,}=2G-(.u,)^{e.,).  (7) 

The  real  part  of  the  complex  modulus  G’  (iw)  is  the  storage  modulus  G’  (u»),  the  imaginary  part  is  the  loss 
modulus  G"(ui).  They  are  related  by  the  loss  factor  q{u>)  =  ■ 
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INTEGRAL  EQUATION  OF  ELASTODYNAMICS 

For  consistency  the  boundary  integral  equation  for  elastodynamics  in  time  domain  is  recalled.  The  field 
equations  of  a  homogeneous  elastic  domain  fl  with  boundary  F  are  given  by 

(oj  —  Cj^  +  Cj  Ujji  bj  —  Uj  (8) 

with  displacement  coordinates  uj  and  wave  speeds 

=  <4  =  -  (9) 


with  given  boundary  conditions 

f(-.)i(x,f)  =  <Tifcnt  =pi(x,<)  xgF,,  Ui(x,t}  =  g,(x,t)  x  e  r„  (10) 

and  initial  conditions 

u,(x,0)  =  uoi(x),  Ui(x,0)  =  uoi(x)  xefl.  (11) 

The  3-d  Stokes  fundamental  solution  of  the  Lame  equation  (8)  in  an  unbounded  space,  excited  by 
(^t  0  ~  ^  ~  ^  ~  0  's  given  by  (e.g.  Eringen  and  Suhubi  [4],  Beskos  [3]) 

where  r  =  y^rjr7  ,  r*  =  i,  The  corresponding  fundamental  stress  vector  components  are  obtained  from 

equation  (10)  after  replacing  the  stresses  by  strains  and  displacements 

*(n)ij  =  e  (c?  -  2c^)  U,m.m6ikni,  -l-  -f  Ujk,,nk)  (13) 

with  the  outward  normal  n*. 

The  dynamic  extension  of  Betti’s  reciprocal  work  theorem  combining  two  states  of  displacements 
and  tractions  (uij,f(n)o)  Md  (u^, <(n).j)  leads  to  the  integral  equation 

(4)  (4i  ~  J  [^o  *  ^(n)>  ~  ^(n)o  *  J  0  [flo  *  "H  "H  UoUo;j  dQ  (14) 

r  n 

where  ♦  denotes  the  convolution  with  respect  to  time  and  e,^  ({)  =  ^  for  a  smooth  boundary,  initial 
conditions  being  zero  and  vanishing  volume  forces  reduce  (14)  to  a  boundary  integral  equation.  The 
Laplace  transform  of  the  fundamental  solution  (12)  yields 


The  solution  in  frequency  domain  is  gained  by  substituting  s  — t  tw  in  equation  (15) 

A  NEW  VISCOELASTIC  FUNDAMENTAL  SOLUTION  IN  TIME  DOMAIN 
The  correspondence  principle  replaces  the  elastic  moduli  according  to 

or 

P"  {.■>)'  '  r'(.s) 
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and  leads  to  the  wave  speeds 


1  fH3"(3)  2  6' (3) 

e  [3V’'(3)'^3V'(s) 


4v 


'g'>.V'(sy 


(17) 


for  a  viscoelastic  domain.  The  rheological  Maxwell  model  of  a  spring  and  dashpot  in  series  with  spring  and 
damping  coefficients  3K,  Fk  respectively  corresponds  to  the  constitutive  equation  (e.g.  hydrostatic  state) 


d'ii  +  7<Tii  =  3K£ii 


7  = 


3A 

Fk 


The  correspondence  (16)  leads  to 


3K 


3Ks 
s  +  7’ 


2G 


2Gs 

s  +  7 


Fk  ~  Fa' 


(18) 


(19) 


if  it  is  assumed  for  simplicity,  that  the  same  damping  mechanism  holds  for  the  de\’iatoric  and  the  hy¬ 
drostatic  state.  This  assumption  relates  the  viscoelastic  wave  speeds  to  the  elastic  ones  according  to 


Clv  —  Cl 


s  +  7 


_  ,.2 
Cjv  —  Cj 


S  +  ~f 


(20) 


The  Laplace  transformed  viscoelastic  fundamental  solution  is  obtained  by  substituting  the  elastic  wave 
speeds  in  (15)  by  the  viscoelastic  ones  in  (20). 

A  new  fundamental  solution  has  been  calculated  by  inverse  Laplace  transformation.  Details  of  the 
calculation,  based  on  the  theory  of  residues  and  integration  along  a  modified  Bromwich  contour  to  assure 
a  unique  definition  of  complex  roots,  are  omitted  for  the  sake  of  brevity.  The  analytical  solution  is  given 
by 


^^>(0  +  ^Si(t)-( 


-^)[c.(t)-h^Z>i 


(<)-(C’2(<)+^i?2(0)] 

rcj  j 


with  the  functions 


Apit)  = 


Bp(t)  = 


Cp{t)  = 


Dp{t)  = 


(21) 


where  0  =  1,2  and  /„,  n  =  0, 1  denote  the  modified  Bessel  functions.  Different  viscoelastic  constitutive 
equations,  including  those  with  fractional  time  derivatives,  can  be  treated  as  well.  In  general  this  requires 
numerical  integration  of  the  inverse  Laplace  integral. 


VISCOELASTIC  FORMULATIONS  OF  BEM  IN  TIME  DOMAIN 

The  integral  equation  (14)  reduces  to  a  boundary  integral  equation  for  vanishing  volume  forces  bj  and 
initial  conditions.  Discretization  in  space  and  time  leads  to  the  boundary  element  formulation.  Only  the 
time  discretization  in  n  equal  steps  At  is  discussed.  For  simple  constitutive  equations  the  aim  is  to  integrate 
the  convolution  terms  analytically.  Linear  shape  functions  for  the  displacements  u,  and  constant  shape 
functions  for  the  tractions  t,  in  time  domain 

u,(x,r)  =  +  (22) 

<,(x,r)  =  1.7;7‘./i,(x)  (23) 

are  the  simplest  choice  such  that  no  terms  drop  out  in  the  boundary  integral  equation.  The  actual  time 
step  is  m;  I/",  T”  are  the  modal  values  at  time  =  mAt  for  the  corresponding  boundary  element  F/. 
Inserting  (22,23)  reduces  the  boundary  integrals  in  (14)  to 

I 

J  J  [<(n)i(x,r)  •  Uij  (x,4,<-T)-<(n),j(x,C,<-T)-Uj(x,T)j  dPtfr  = 

0  r 

Jlfl  f  /  kJ(x.€.^-r)•l•p(x)•7’7- 
'  ’"=‘r,  '• 

<(n)o  (x,t  <  -  r)  •  vt(x)  •  (U.T  -  ur')  + 

(24) 
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0 

/o  (O,  /'  h  (t-r)  +  fD,  (t  -  r)]  dT+ 

fi(r)J  [Ai(<-r)  +  7B,(<-T)]<ir| 

j^(  /o(r)  /  lC.(t-T)  +  ^D,(t-r)]ar+ 

^  ‘i:  1 

fi{r)  /  [Ai(t-T)  +  'iBi{t-T)]dT\ 

tin— 1  ) 

ci 

r  [C2(<-r)  +  iD2(<-r)]ar)  + 

*m-l  ' 

/i(r)  /  [/li(t-T)  +  7Bi(<-T))dr 

‘-t  1 

+/j(r)  /  [A2(<-r)  +  7B2(«-T)]ar[ 

^m-1  J 

(i.  ^ 

[C2{t-T)  +  ^D,{l-r)\dT)  + 
/i(r)  /  [-4,  (<-t)  +  7B,  (<-r)]aT+ 

^m  — 1 

/2(r)^J  lA2(t-T)-)-7B2{t-T))dr| 


^m-1  ^ 


(28) 


After  the  time  and  space  integration  are  finished,  the  solution  of  algebraic  equations  leads  to  the  unknown 
displacement  and  traction  boundary  data  for  each  time  step  [1]. 


PROPAGATION  OF  STRUCTUREBORNE  SOUND  AT  HALFSPACE  SURFACE 

Figure  1  indicates  the  surface  discretization  of  a  3-d  halfspace  representing  a  subsoil.  The  loaded  square 
base  is  of  dimensions  |i|  <  a,  |y|  <  a.  The  discretization  is  extended  in  the  x-  and  y-directions  to  calculate 
the  wave  propagation  characteristics.  The  truncation  of  surface  discretization  has  been  studied  by  Klein 
[12].  For  time  harmonic  excitation  F,exp{iwt)  of  the  base  the  orbits  of  the  surface  particle  motion  turn 
out  to  be  ellipses.  The  path  of  particle  motion  is  retrograd,  which  is  opposite  to  water  waves.  The  principle 
axes  decrease  with  incre2ising  distance  from  the  loaded  zone  and  change  their  directions.  The  BE  results 
are  plotted  dimensionless  u,,  =  “^,u„  =  for  a  frequency  parameter  Oo  =  =  2.  The  calculated 

•  *  y/^/e 

results  underline  the  measured  results  by  Barkan  [2]  shown  on  top  of  figure  1. 

An  impact  load  F,6  (<)  leads  to  a  transient  displacement  response  of  the  base  plotted  in  figure  2  for 
the  elastic  and  the  viscoelastic  halfspace.  A  conventional  3-parameter  viscoelastic  model  was  implemented 
and  then  the  first  derivatives  with  respect  to  time  operating  on  the  stress  and  the  strain  in  the  constitutive 
equation  were  generalized  by  fractional  derivatives  of  order  o  =  ^  =  j. 

Figure  3  depicts  the  transient  displacement  response  at  three  different  locations.  It  is  easily  checked 
that  the  arrival  time  of  the  surface  wave  at  z  =  3.5a  is  consistent  with  the  arrival  time  of  a  Rayleigh 
surface  wave. 
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Figure!:  Orbits  of  motion  of  surface  particles  at  varying  distances  from  a  square  base  with  time  harmonic 
vertical  excitation 
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FigureS:  Impact  response  of  elastic  and  viscoelastic  halfspace 


0  12  3  4  5  6 


Figures.-  Impact  response  of  halfspace  at  3  locations 
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Figure^:  Lab  foundation  and  measuring  setup  for  experimental  static  and  dynamic  SSI  investigations 


EXPERIMENTAL  INVESTIGATIONS  OF  SSI  IN  SMALL  SCALE 

Experimental  investigations  on  soil-structure-intcraction  (SSI)  are  carried  out  at  the  Institute  of  Mechanics 
under  the  guidance  of  the  first  author.  A  schematic  illustration  and  photo  of  the  lab  foundation  consisting  of 
a  soil  box  which  is  equipped  with  conventional  transducers  and  optoelectronic  wave  measurement  facilities 
are  shown  in  figure  4.  An  experimental  program  has  been  started  to  measure  interaction  phenomena  as 
well  as  surface  wave  propagation  for  homogeneous  and  inhomogeneous  soil  [15,  9]. 

One  or  two  rigid  model  footings  or  imbedded  obstacles  interact  with  a  model  halfspace  consisting  of 
homogeneous  or  layered  sand  mixed  with  gravel  in  a  box.  The  sand  is  compressed  in  a  spherical  domain 
underneath  the  footings  while  the  zone  with  loo.se  sand  proves  to  be  an  effective  energy  absorber  in  a 
suitable  frequency  domain.  Deviations  of  the  halfspace  assumptions  by  trapping  the  energy  in  the  finite 
box  domain  are  analy.sed  by  BE  calculations  [12].  Static  and  dynamic  footing  tests  are  performed.  The 
dynamic  tests  include  transient  vibrations  excited  by  hammer  impact  or  weight  drop  as  well  as  forced 
vibrations  by  sine  sweep  and  random  excitation  of  vertical,  horizontal,  rocking  and  torsional  modes  of 
vibration.  Lumped  parameters  of  .soil  are  evaluated  from  measured  response  impedaiues.  .Surfarc  wave 
fields  are  detected  by  optoelectronic  measurement. 
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EXPERIMENTAL  STUDIES  ON  WAVE  PROPAGATION  BY  OPTOELECTRONIC  MEASURING 


Optical  methods  play  an  important  role  in  measurement  technology  since  they  zire  fast  and  operate  without 
contact.  The  characteristic  of  the  human  eye  in  reading  and  converting  optical  information  subjectively  is 
balanced  by  adopting  electrical  and  electronical  receivers.  All  optoelectronic  techniques  share  the  use  of 
light  as  sensitive  trrmsmitter  and  electronic  signal  processing.  Because  of  the  mentioned  advantages  and 
the  progress  in  the  development  of  electronic  elements  optoelectronic  measuring  techniques  have  a  wide 
range  of  applications  now.  Even  for  the  study  of  structureborne  sound  they  open  radically  new  possibilities 
for  the  contactless  measurement  of  surface  displacements  and  deformation  of  a  specimen.  A  fibre  optic 
vibrometer  which  works  according  to  the  basic  principles  of  laser  interferometry  is  able  to  measure  the 
oscillating  surface  of  an  object  pointwise  [16].  Therefore  it  takes  a  long  measuring  time  for  a  stationary 
wave  field  to  detect  the  whole  displacement  field  from  multiple  points.  Wavefronts  induced  by  impact 
excitation  cannot  be  analysed  by  laser  vibrometer  with  an  acceptable  amount  of  measurements. 


BS:  BEAMSPLITTER 

M:  MIRROR 

HP:  HOLOGRAM  PLATE 

OB;  OBJECT 

Q.S:  EXPANDING  OPTICS 

RW:  REFERENCE  WAVE 

OW:  OBJECT  WAVE 


FigtireS:  Record  of  a  hologram 


M:  MIRROR 

HP:  HOLOGRAM  PLATE 

Q.S:  EXPANDING  OPTICS 

OB:  VIRTUAL  OBJECT 


Figured:  Reconstruction  of  a  hologram 

On  the  other  hand  holographic  interferometry  is  able  to  detect  the  deformation  state  or  oscillation 
state  of  3  -d  objects.  The  basic  principles  of  holography  include  the  recording  of  an  object  by  an  interference 
pattern  in  adapted  media,  such  as  photographic  plates,  crystals  etc.  and  reconstruction  of  an  ideal  virtual 
image  of  the  object  (20,  13).  It  is,  in  essence,  a  combination  of  interferometry  and  diffraction  and,  as  such, 
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requires  coherent  radiation  for  its  applicability.  Because  of  this  requirement,  holography  became  a  viable 
imaging  method  only  after  lasers  were  widely  available. 

The  basic  principles  of  holograhic  interferometry  are  briefly  adressed  first.  A  beam  of  light  emitted 
by  a  laser  is  divided  into  two  parts  by  a  beamsplitter  BS  (figure  5  (19]).  Each  narrow  ray  bundle  is  then 
expanded  by  a  lens  respectively  a  system  of  lenses.  The  socalled  ’reference  wave  RW  is  directly  guided 
onto  a  photographic  plate  of  high  resolution.  The  ’object  wave  OW  is  reflected  by  the  surface  of  an  opaque 
object  Ob  and  both  waves  interfere  on  the  hologr2im  plate  in  such  a  way  that  the  variation  of  the  relative 
phase  from  point  to  point  is  transformed  into  an  interference  pattern  retaining  the  '•omplete  information 
of  the  object.  The  interference  pattern  is  decoded  by  illuminating  the  hologram  plate  with  reference-light 
and  the  virtual  image  of  the  object  occurs.  Applying  holographic  interferometry  the  photographic  plate 
is  exposed  twice.  During  the  brief  intervall  between  exposures  an  object  is  subjected  to  a  small  change 
in  position,  e.g.  two  moments  of  a  propagating  wave,  or  a  difference  in  shape  caused  by  loadings.  The 
deformation  of  the  object  measures  a  few  ftm.  The  reconstruction  of  the  hologram  by  reference  light  shows 
both  images  of  the  object  at  the  same  time.  These  small  deformations  cannot  be  identified  by  human  eye; 
but  the  object  is  covered  with  light  and  dark  interference  fringes  (figure  6  [19]).  These  fringes  are  created 
by  interference  of  the  wave  fronts  of  the  two  pictures.  They  represent  contour  lines  of  the  deformations  in 
the  direction  of  the  visual  line  of  laser  optics. 

The  deformation  of  the  object  between  two  light  fringes  is  about  one  wave-length  of  the  applied  la.ser- 
light.  Thus  different  deformation  states  are  visuable  by  holographic  interferometry  and  can  be  analysed 
exactly  [5].  It  is  shown  in  the  present  paper  that  pulse  laser  holographic  interferometry  allows  to  detect 
imbedded  obstacles  and  excavations  in  soil  as  follows.  In  an  excited  soil  waves  propagate  from  the  source 
into  the  soil  domain  and  at  its  surface.  The  wave  field  Is  composed  of  two  bodywaves,  the  compression 
or  P-wave  and  the  shear  or  S-wave,  and  the  socalled  Rayleigh  surface  wave.  In  undisturbed  soil  there  is 
a  circular  front  of  the  Rayleigh  wave  emanating  from  the  excitation  source  .  If  there  are  inhomogeneities 
in  soil,  the  concentric  waves  are  deranged,  e.g.  due  to  the  boundary  of  obstacles.  These  effects  can  be 
visualized  at  the  soil  surface  by  holographic  interferometry. 

A  schematic  of  the  experimental  configuration  installed  at  the  Institute  of  Mechanics  is  shown  in 
figure  7.  In  a  proper  arrangement  the  double-pulsed  ruby  laser  with  IJ  output  energy  is  sufficient  to 


wave  propagation  artificial 

-  at  the  surface  inhomogeneity 

-  in  the  soil  domain 


FigureT:  Application  of  holographic  interferometry  to  detect  wave  propagation  phenomena 

illuminate  approximately  six  squaremeters  of  the  surface  of  the  sand  box.  The  laser  beam  is  guided  parallel 
by  optical  components  before  being  splitted  by  a  wedge-shaped  glass  into  two  parts  according  to  the  ratio 
of  96%  to  4%.  A  dielectric  mirror  leads  the  high  energy  object  beam  to  the  expanding  optics  above 
the  sand  box.  The  low  energy  reference  beam  is  reflected  by  mirrors  several  times  in  order  to  maintain 
the  coherence  of  the  laser  light  by  optical  distance  compensation.  After  expanding  it  interferes  with  the 
reflected  object  beam  on  a  photographic  plate.  All  the  optics  and  the  lasers  are  mounted  on  a  vibration 
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FigureS:  Placing  of  a  hollow  box  for  simulation  of  soil  inhomogeneity 


isolated  platform.  A  stationary  wave  field  is  generated  by  time  harmonic  excitation  of  a  surface  foundation 
on  soil  by  electrodynamic  shaker.  An  impact  excitation  by  hammer  blow  generates  shock- waves  in  the 
soil.  Investigations  were  carried  out  with  several  obstacles,  namely  hollow  boxes  welded  from  metal  sheets. 
They  were  buried  in  homogeneous  soil  and  covered  with  a  layer  of  up  to  100  mm  thickness  (figure  8). 

One  portion  of  the  waves  propagating  in  soil  are  reflected  by  the  obstacles  and  the  other  part  is  refrac¬ 
ted.  If  the  test  parameters  are  chosen  specifically,  the  buried  obstacles  act  as  wave  sources  themselves  [1 1]. 
Thus  pertubations  of  the  wave  field  are  generated  which  can  be  visualized  by  holographic  interferometry. 

Figure  9  depicts  the  interferogram  of  the  imbedded  box  of  rectangular  shape  for  an  exciting  frequency 
of  500  Hz.  The  straight  front  end  is  clearly  indicated  by  the  straight  interference  fringes,  bight  points  mark 
the  corners  of  the  box.  The  shape  of  the  artificial  inhomogeneity  can  be  detected  from  the  oscillation  of 
the  cover  plate  easily. 


FigureO:  Interference  pattern  of  surface  wave  propagation  (quadrangular  box  with  straight  front  end  har¬ 
monically  excited  at  frequency  of  500  Hz) 

Further  test  series  record  transient  wave  fields  on  holograms.  The  impact  excitation  Weis  generated 
by  hammer  blow  or  dropping  of  a  steel  ball.  The  wave  fronts  at  different  distances  from  the  source  can  he 
detected  by  variation  of  the  time  intervalls  betvreen  the  laser  pulses.  Even  in  the  case  of  impact  excitation 
the  artificial  inhomogeneities  can  be  identified  by  the  deformation  of  the  shock  wav  front  clearly  (figure 
10).  In  the  period  of  time  between  the  two  laser  exposures  the  wave  propagate.^  a  longer  distance  in  the 
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FigvxtlO:  Interference  pattern  of  surface  uiaue  propagation  (guadrangular  box  with  circular  front  end,  soil 
excitation  by  hammer  blow) 

steel  skin  of  the  box  than  in  the  surrounding  soil.  The  circular  shock  wave  front  is  disturbed  by  the  differing 
wave  velocities  in  sand  and  metal.  This  effect  becomes  visible  in  an  interferogram. 

SUMMARY 

An  improved  approach  has  been  presented  for  calculating  the  propagation  of  structureborne  sound  by  BEM 
in  time  domain.  In  addition  to  the  socalled  geometrical  damping  by  energy  radiation  the  material  damping 
is  described  by  viscoeltistic  constitutive  equations.  Conventional  viscoelastic  laws  and  those  generalized 
with  fractional  derivatives  are  taken  into  account. 

One  aim  of  the  ongoing  research  is  to  validate  calculated  transient  wave  fields  by  optoelectronic 
measurement.  Holographic  interferometry  proved  to  be  an  efficient  method  for  interpreting  wave  fields. 
The  paper  at  hand  presents  a  successful  application  for  waves  on  soil  surfaces.  P^irther  effort  has  to  be  put 
in  electronic  analysing  of  holographic  interferograms,  e.  g.  by  fully  automatic  image  processing  [18]. 

Both,  numerical  simulations  and  promissing  results  of  experimental  investigation  provide  a  good 
understanding  of  structureborne  sound  propagation. 
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ABSTRACT 

Sound  transmission  loss  through  rectangular  panels  mounted  on  a  rigid  infinite  baffle  is 
studied  using  plate  characteristic  functions.  Plate  Characteristic  Functions  are  determined  by 
iteratively  reducing  the  plate  partial  differential  equation  and  obtaining  an  exact  solution  to  the 
reduced  equation.  The  plate  partial  differential  equation  is  reduced  by  assuming  an  approximate 
solution  satisfying  the  boundary  conditions  along  one  direction  of  the  rectangular  panel, 
substituting  this  into  the  differential  equation  and  employing  Galerkin's  averaging  technique. 
The  Plate  Characteristic  Functions  are  used  in  describing  the  response  of  the  panel.  Normal 
mode  analysis  is  employed  to  obtain  the  sound  transmission  loss  through  the  panel,  which  is 
excited  by  a  uniformly  distributed  harmonic  pressure  loading  on  one  side.  The  results  are 
compared  with  those  obtained  by  analysing  the  problem  using  the  frequencies  and  mode  shapes 
from  Rayleigh-Ritz  method,  in  which  the  assumed  shape  functions  are  the  beam  characteristic 
functions  and  the  beam  characteristic  orthogonal  polynomials.  Results  obtained  using  the  Plate 
Characteristic  Functions  are  found  to  be  quite  superior  and  take  considerably  less  time  compared 
to  those  by  the  other  two  methods. 

INTRODUCTION 

There  are  several  industrial  situations  where  it  is  necessary  to  be  able  to  predict  the  sound 
transmission  loss  properties  of  panels.  Since  the  sound  pressure  acting  on  one  side  of  the  panel 
sets  it  into  vibrations  and  the  sound  transmitted  through  depends  on  the  vibration  response  of 
the  panel,  it  is  very  essential  that  the  response  of  the  panel  is  analyzed  accurately.  There  are 
several  methods  available  to  estimate  the  vibration  response  of  panels  such  as  finite  element 
method  followed  by  normal  mode  analysis  [1],  Rayleigh-Ritz  method  followed  by  normal  mode 
analysis  [2],  or  direct  numerical  integration  methods  IT]. 

Some  form  of  approximation  is  involved  in  all  of  the  above  methods.  To  cover  a  certain 
frequency  range,  it  is  necessary  to  consider  a  large  number  of  degrees  of  freedom  in  finite  element 
method,  or  a  large  number  of  terms  in  Rayleigh-Ritz  method  such  that  only  the  lower  natural 
frequencies  computed  by  these  methods  cover  the  required  range.  This  is  because  the  higher 
natural  frequencies  and  modes  computed  by  these  methods  are  not  accurate.  A  small  error  in  the 
natural  frequency  and  mode  shape  will  significantly  affect  the  computed  response  [2]. 
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Sound  transmission  loss  through  panels  and  curved  plates  was  studied  by  Otsuru  et  al.  14J 
using  finite  element  methods.  In  the  present  paper,  sound  transmission  loss  through 
rectangular  panels  mounted  on  rigid  infinite  baffle  is  studied  employing  plate  characteristic 
functions.  The  plate  characteristic  functions  are  determined  by  exactly  solving  the  reduced  plate 
partial  differential  equation.  Reduction  of  the  partial  differential  equation  is  carried  out  by 
assuming  an  approximate  solution  satisfying  the  boundary  conditions  along  one  direction  of  the 
rectangular  panel,  substituting  this  into  the  differential  equation  and  employing  Galerkin's 
averaging  tedmique.  Plate  characteristic  functions  are  also  the  normal  modes  of  the  plate  and 
the  response  of  the  plate  to  a  harmonic  pressure  loading  and  the  subsequent  sound  transmission 
loss  are  determined  using  normal  mode  analysis. 

ANALYSIS 


Equation  of  motion  for  plate  is  obtained  from  the  minimum  of  the  integral 

J  Ja  \  an'  ai^n  J  ^  I 

-  2  I  V(s)wds  +  2  I  M(s)  —  ds 
Jr  Jr 
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and  D  =  — Eh? — 
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is  the  plate  flexural  rigidity,  E  is  the  modulus  of  elasticity,  m  is  the  mass  per  unit  area  of  the  plate, 
v  is  the  Poisson's  ratio,  w  is  the  plate  deflection,  and  ^  and  n  the  Cartesian  coordinates.  The 
double  integral  is  over  the  area  of  the  plate  whereas  the  line  integral  is  along  the  boundaries  of 
the  plate,  where  s  is  along  the  boundary  and  n  is  a  direction  normal  to  the  boundary.  The 
necessary  condition  for  the  minimum  of  the  integral  I  is  obtained  by  considering  a  small 
variation  in  the  deflection  w  as  w  +  ge  and  then  the  derivative  with  respect  to  g  is  equated  to 
zero.  This  results  in  [5] 


AAw  +5- 


S’  ^-^1  ed^dq  +  (  M(s)  —  ds  -  f  V(s)eds  =  ( 
D  at^  /  Jr  dn  Jr 


(2) 


where 


AAw 


3^w  d*vf  d*w 
~T'*’2-r-T+— T- 

d^W  dn 


When  the  plate  is  rectangular  and  the  boundaries  are  parallel  to  the  coordinate  axes,  the  moment 
and  shear  force  distribution  along  boundaries  are  given  by 
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dnNat4=0,a 


V(«.(^S»(2..,^) 

las’  W/atS-o,. 


Similar  expressions  describe  the  moments  and  shear  forces  along  t]  =  0  and  b  also.  For  free 
harmonic  vibration,  the  solution  is  assumed  in  the  separable  form 

w(x,y)  =  X(x)Y(y)eia>t  (4) 

where  x  =  4/a  and  y  =  n/b. 

In  order  to  reduce  the  partial  equation  to  an  ordinary  differential  equation,  initially  the 
deflection  shape  along  one  direction,  say  y  direction,  is  assumed,  satisfying  all  the  boundary 
conditions  along  y.  In  the  present  analysis,  beam  characteristic  functions  are  employed. 
Substituting  Y(y)  int(J  Eq.  (2),  resulting  differential  equation  in  x  direction  is  given  by 

^11  [x""Y  +  2a^X"Y  +  a*X^  -  YSXdxdy 

+  at  [  [a^XY  +  va^X  'YlYSXdx 


-at  f 


[odXY  +  (2  -  vla^X  "Y]  Y6Xdx  =  0 


where  e  =  5w  =  Y6X  +  X5Y.  ^Since  Y  is  assumed  a  priori,  6Y  =  0.  Hence,  e  =  6w  =  Y5X  and 

^  =  8w  =  Y5X .  Further,  ( )'  =  —  and  (')  =  —  .  a  =  a/b  is  the  plate  aspect  ratio  where  a  and  b  are 
ay  ax  dy 

the  side  lengths  of  the  plate  along  4  and  ri  directions  respectively.  After  performing  the 
integration,  the  ordinary  differential  equation  in  the  x  direction  is  obtained  as 

X""  +  2a^[B  -  (1  -  v)(Go  +  Gi)]X"  +  [c  - +  Ho  +  H,  -  Jo  -  Ji]  X  =  0 


with  A 


=  I  Y^dy,  B=lj[  YYdy,C  =  i|  YYdy,  Go  =  i  (YY)y=o,  G,=^(YY)y=i, 


Ho  =  ^  (YY)y=o,  Hi  =  i  (YY)y=i,  Jo  =  ^  (Y^y=0  Ji  =  ^  (Yihy=i,  and 
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(6) 

(7) 

(8) 

(9) 

(10) 

(11) 


Substituting  the  boundary  conditions  X(x)  =  X'(x)  =  0,  at  x  =  0  and  a,  into  the  solution  in  x 
direction  given  by  Eq.  (10),  it  is  possible  to  obtain  a  frequency  equation.  Solving  this  equation  for 
the  appropriate  root,  the  corresponding  deflection  shape  along  x  direction  can  be  determined. 
The  shape  function  X(x)  determined  this  way  is  substituted  now  into  Eq.  (2)  and  following  a 
similar  procedure  as  before  the  partial  differential  equation  can  be  reduced  to  an  ordinary 
differential  equation  in  the  y  direction.  Solution  of  this  equation  will  be  of  the  form 

y(y)  =  Cj  sin  qiy  +  Cj  cos  qiy  +  C3  sinh  q2y  +  C4  cosh  qzy  (12) 


where  qi  and  q2  are  given  by 

qi2  =  ±[±p‘  +  (p'^-YV''^  1’''^ 


(13) 


Substituting  corresponding  boundary  conditions  in  Eqs.  (10)  and  (12),  two  frequency 
equations  are  obtained  consisting  of  infinite  number  of  roots  for  fl  By  assuming  the  beam 
function,  say  Y(y)  corresponding  to  first  beam  mode,  the  first  root  in  x  direction  corresponds  to 
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^1,1)-  By  using  the  resulting  function  X(x),  the  first  root  of  the  frequency  equation  in  y  direction 
is  found  which  will  be  an  improvement  over  the  previous  value  of  £2(i,i).  The  resulting 
functions  on  both  x  and  y  directions  are  first  approximations  to  plate  characteristic  functions. 
Successive  iterations  along  alternate  directions  is  carried  out  until  convergence  for  first  root,  to 
obtain  the  first  natural  frequency  and  the  corresponding  plate  characteristic  functions. 
Using  similar  procedure  for  first  root  in  y  direction  and  second  root  in  x  direction  will  give 
natural  frequency  fl(2,i).  Continuing  in  this  manner  for  all  the  roots  will  yield  ‘frequencies 
^2(1,1)/  fJ(2,i)/  —  /  Q<i,i).  When  the  same  process  is  used  with  second  root  in  y  direction  and  1,  2,  3, ... 
in  X  direction  will  result  in  flcu)  (i  =  1, 2, Likewise,  taking  subsequent  roots  in  y  direction  and 
1,  2,  3,  ...  in  X  direction  will  give  all  the  roots  Qy  (i  =  1,  2, ...,  and  j  =  1,  2, ...,).  In  this  way,  it  is 
possible  to  get  the  plate  natural  frequencies  and  the  correspxsnding  plate  characteristic  functions 
which  are  also  the  plate  normal  modes. 

SOUND  TRANSMISSION  LOSS 

The  panel  is  mounted  on  a  rigid  infinite  baffle  and  it  is  assumed  that  uniform  harmonic 
pressure  loading  of  the  type 


p(x,y,t)  =  psinwt 


(14) 


is  exciting  the  panel  on  one  side.  The  transformed  equation  of  plate  motion  can  be  written  as 

DV^w-moj^w  =  p(w)  -  po(x,y,o))  (15) 


where  po(x,y,ci))  is  the  transmitted  sound  pressure  acting  on  the  panel.  The  plate  response  is 
assumed  in  terms  of  the  normal  modes  as 

w  =  IIqrs<t>rs(x,y) 

where  0rs(x,y)  =  Xr(x)  •  Ys(y)  are  the  panel  modes  obtained  as  the  product  of  plate  characteristic 
functions.  Expressing  the  pressure  loading  also  in  terms  of  the  panel  modes  and  following 
normal  mode  analysis  we  get 


w  (x,y,a,)  =  I  X - -  (17) 

r  s  m(a)2g  -  0)2  +  2i4rs«rs“) 


^0))  _  p<®)|f<t>rs(x,y)dxdy 
where  Prs  ,,  9 


(18) 


and  (Ors  are  the  panel  natural  frequencies.  The  equivalent  viscous  damping  ratio  is  given  as 


^rs  -  4rs 


1 

Zpcwrs 


(19) 
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where  ^rs  is  the  damping  in  the  panel  and  the  second  term  on  the  right  hand  side  is  the  radiation 
damping,  with  p  as  the  density  of  air  and  c  as  velocity  of  sound  in  air.  The  transmitted  pressure 


is  given  by 

po(x,y,<D)  =  icf)pcw(x,y/o) 

(20) 

The  sound  transmission  loss  is  expressed  as 

TL  =  101og,o(R) 

(21) 

where  p  ((iPBp'^y 

(22) 

IIp^ 

RESULTS  AND  DISCUSSION 

_Sound  transmission  loss  obtained  from  Eq.  (21)  is  plotted  against  frequency  in  Figs.  1,  2  and 
3  for  =  0.01,  0.1  and  1.  Results  obtained  using  plate  characteristic  functions  are  compared 
Avith  those  obtained  using  frequencies  and  mode  shapes  from  Rayleigh-Ritz  method  i)  with  beam 
characteristic  functions  [6J  and  ii)  with  beam  characteristic  orthogonal  polynomials  [7]  as  assumed 
shape  functions.  Nine  modes  are  used  in  each  of  the  three  methods.  Since  the  pressure  loading 
is  uniform,  only  modes  with  odd  numbers  of  half  waves  (11,  13,  31,  33  only)  in  each  direction 
respond  as  can  be  seen  from  the  figures.  The  response  at  modes  11  and  33  are  almost  the  same  in 
all  three  methods  except  for  the  fact  that  the  one  by  orthogonal  polynomial  gives  a  slightly  higher 
value  for  the  natural  frequency  of  33  mode.  The  response  for  13  and  31  mode  shows  some 
difference,  approximately  4-5  dB.  The  significant  advantage  of  the  present  method  is  the 
enormous  saving  in  computational  time  for  the  response. 

CONCLUSIONS 

Sound  transmission  loss  through  rectangular  panels  are  obtained  using  the  plate 
characteristic  functions.  The  results  are  compared  with  those  obtained  by  using  modes  and 
natural  frequencies  from  Rayleigh-Ritz  method.  It  is  concluded  that  the  present  method  gives 
results  of  comparable  accuracy  with  considerable  saving  in  computational  time. 
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Figure  1  -  Sound  transmission  loss  in  a  rectangular  panel  [^mn  =  0.01  in 

all  modes,  i) _ plate  characteristic  functions,  ii) . beam 

chartacteristic  functions,  iii) -  beam  characteristic  orthogonal 

polynomials] 
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Transmission  Loss  in  dB  Transmission  Loss  in  dB 


Frequency  Ratio,  cd/cod 

Figure  2  -  Sound  transmission  loss  in  a  rectangular  panel  (^mn  =  0.1  in 

ail  modes,  i) _ plate  characteristic  functions,  ii) . beam 

characteristic  functions,  iii) - - beam  characteristic  orthogonal 

polynomials] 


Figure  3  --  Sound  transmission  loss  in  a  rectangular  panel  [^mn  =0.1  in 

all  modes,  i) _ plate  characteristic  functions,  ii) . beam 

characteristic  functions,  iii) . . . .-beam  characteristic  orthogonal 

polynomials] 
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ABSTRACT 

In  order  to  study  the  perforaance  of  wallboard  partitions  in  sound  transaission  loss 
(STL),  the  dependency  of  sound  reduction  properties  on  the  physical  paraaeters  of  wall 
structures  was  investigated.  It  is  shown  that  the  aass-air-aass  resonance  frequency  (fr) 
has  a  close  relation  to  STL  of  wallboard  partitions  and  that  fr  shall  be  kept  as  low  as 
possible  in  order  to  get  high  STL  perforaance.  It  is  also  found  that,  as  a  result  of  the 
exaaination  of  the  noraalized  STL  according  to  the  wallboard  conditions  (the  tyiie  of 
studding  and  the  cavity  absorption),  the  absorptive  perforaance  of  wallboard  partitions 
becoaes  greater  in  proportion  to  the  independency  of  the  leaves  coaposing  the  partition. 
The  result  suggests  that  we  should  select  soae  suitable  wallboard  structure  to  aeet  the 
requireaent  of  STL  performance  under  the  designated  conditions. 

INTRODUCTION 

In  Japan,  there  is  an  increasing  deaand  for  better  sound  insulation  in  apartment  or 
hotel  buildings.  It  is  also  required  by  the  National  Building  Code  that  the  wall 
structure  between  dwellings  in  an  apartment  building  shall  satisfy  certain  requiement  on 
the  sound  transmission  loss  (STL)  and  the  fire  resistance.  It  is.  however,  desirable  to 
lighten  the  weight  of  wall  partitions  for  lessening  the  load  of  the  building  structure 
according  to  the  increase  in  height  of  buildings.  So.  various  kinds  of  wall  structures 
using  wallboards  are  now  being  developed.  Hall  structures  between  dwellings  in  a 
building  are  generally  constructed  with  double  leaf  partitions.  Then  the  STL  performance 
of  double-leaf  wall  partitions  is  investigated  in  the  following,  in  which  STL  will  be,  at 
first,  discussed  with  relation  to  several  physical  parameters  of  the  structures,  e.g.  the 
mass  per  unit  area  and  the  total  thickness  of  the  double-leaf  partition,  the  type  of 
studding,  the  number  of  layers  composing  a  leaf  and  whether  the  cavity  is  filled  with 
absorptive  materials  or  not.  and  in  the  second,  the  procedure  of  wallboard  attachment  and 
the  influence  of  coincidence  dip  of  wallboard  materials  will  be  examined  in  relation  to 
normalized  frequency  characteristics  of  STL. 

The  data  for  analyses  were  selected  from  the  handbook  in  which  STL  data  of  wali 
structures  had  been  certificated  by  the  Japanese  Government  under  the  following 
conditions; 

the  wall  structure:  a  double- leaf  partition  using  th.in  wallboards. 
the  mass  per  unit  area  of  the  double-leaf  partition;  20  -  100  kg/i-. 
the  total  thicluiess  of  the  double-leaf  partition;  75  -  180  mm. 

The  materials  of  wallboards  are  gypsum  boards  (density  p =0.75-1.0  g/cm'  ).  autoclaved 
asbestos  cement  silicate  boards  (  p =0. 75-0.  8  g/ci'  ).  fire  resistant  gypsum  boards  (  p =0. 75 
0.8  g/ca'  ).  fiber  reinforced  gypsum  sheets  (p=1.4  -1.6  g/ci'  )  or  asbestos  cement  sheets 
(p-1.5  -1.7  g/ca’  )• 
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Hass  per  unit  area  Ikg/m') 


The  STL  of  the  analyzed  wall  structures  were  independently  oeasured  by  several 
laboratories  according  to  the  Japanese  Industrial  Standard  (JIS  A  1416);  'Method  for 
laboratory  neasuresent  of  sound  transnission  loss'.  The  handbook  does  not  include  wall 
structures  whose  STL  is  less  than  D-40  (D-value  Beans  the  Japanese  Standard 
Classification  for  STL).  Then  several  tens  data  of  staple  wallboard  structures  were  added 
in  the  analyses,  and  the  total  nuaber  of  the  analyzed  data  were  208.  In  the  following  we 
use  the  Sound  Transaission  Class  (STC)[1]  to  evaluate  STL  perforaance,  because  the 
Japanese  Standard  classification  D-value  is  not  faailiar  outside  Japan.  Note  that,  as 
D-value  is  deterained  by  the  peak  fitting  aethod,  it  is  usually  lower  than  STC, 
especially  for  wallboard  partitions  in  the  lowest  frequency  region  and  in  the  coincidence 
frequency  region. 


RELATIONSHIP  BETWEEN  STL  PERFORMANCES  AND  PHYSICAL  PARAMETERS 

The  aass-alr-aass  resonance  frequency  fr  of  a  double-leaf  partition  is  given  by  the 
following  equation[2] ; 

fr=60/(B*d)“-^  (1) 

where  d  is  the  width  of  the  air  space  and  a  is  the  aass  per  unit  area  of  each  leaf  of  the 
wallboard  partition.  If  we  take  the  logaritlia  of  Eq.(l),  the  relation  aaong  fr.  a  and  d 
becoaes  linear.  If  this  relation  holds  irrespective  of  the  wallboard  attachaent 
procedure,  it  is  expected  to  be  able  to  analyse  the  STL  data  through  a  single  variable, 
l.e.  the  resonance  frequency  fr. 

Figure  1  shows  a  scatter  diagram  between  fr  and  a  in  log-log  scale.  In  the  figure 
the  data  points  were  differently  symbolized  not  only  according  to  filled  or  not  filled 
with  absorptive  materials,  but  also  according  to  the  type  of  studding,  i.e. 

coBBon  studding;  wallboards  are  directly  attached  to  coaaon  tiaber  or  aetal  studs, 
elastic  studding;  wallboards  are  attached  to  the  studs  using  resilient  clips  or 
resilient  aetal  channels  and  flexible  studs, 
staggered  studding;  wallboards  are  attached  to  the  staggered  studs  or  are 
constructed  as  studless  partitions. 

As  can  be  seen  froa  the  figure,  the  relationship  between  fr  and  a  is  relatively  linear 
(correlation  coefficient  Cc=-0.802).  Next,  the  relation  of  fr  to  d  was  exaained,  but  the 
results  scattered  widely  (Cc>-0.311).  Using  the  total  thickness  of  the  double-leaf 
partition  instead  of  d.  the  relation  becaae  better  (see  Fig. 2).  The  correlation 
coefficient  Cc  was  -0.826.  Note  tliat,  in  this  case,  the  total  thickness  was  plotted  with 
linear  scale. 
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Sound  transinission  class  SIC 


ProB  the  above  results,  it  can  be  concluded  that  the  mass  per  unit  area  and  the 
total  thickness  have  a  good  relation  to  fr  irrespective  of  the  laallboard  attachaent  proced 
ure  and  that  the  relation  does  not  depend  upon  whether  the  air  space  is  filled  with  absorp 
tive  naterial  or  not.  Consequently,  fr  can  be  used  as  a  single  criterion  for  evaluating  t 
he  effective  STL  perforaance  of  wall  structures. 

Figure  3  (a)  and  (b)  show  scatter  diagraas  between  STC  and  fr  without  and  with 
absorptive  aaterials  respectively.  Proa  the  figures.  STC  decreases  in  proportion  to  fr.  T 
herefore,  the  resonance  frequency  fr  shall  be  kept  as  low  as  possible  in  order  to  get  high 
perforaance  of  STL.  It  is  also  found  that  STC  changes  with  the  wallboard  attachaent  proce 
dure.  Without  absorptive  aaterials,  STC  never  exceeds  55  even  if  the  staggered  studding  i 
s  applied.  On  the  other  hand,  when  the  conon  studding  is  applied,  STC  also  never  exceeds 
55  even  if  the  structure  is  constructed  with  absorptive  aaterials. 


Fig. 3  (a)  Setter  diagram  between  STC  and  fr  Fig.3  (b)  Scatter  diagram  between  STC  and  fr 
without  absorptive  materials.  with  absorptive  materials. 


EFFECTS  OF  WALLBOARD  ATTACHMEWT  PROCEDURE  AND  COINCIDENCE  DIP  ON  STL 

It  can  be  seen,  froa  the  above  discussion,  that  STL  of  wallboard  partitions  is 
seriously  influenced  by  the  aass-alr-aas  resonance  in  the  low  frequency  region.  In  fact, 
for  about  30*  of  the  analyzed  data,  the  aaxiaoa  deviation  exceeds,  at  125Hz,  8dB  which  is 
the  tolerance  provided  in  the  STL  classification  procedure[l] .  To  aake  clear  the 
influence  of  the  resonance,  the  frequency  characteristics  of  STL  were  noraalized  on  the 
basis  of  the  aass  law  and  fr.  That  is.  the  STL  curves  were  shifted  so  that  the 
respective  aass  law  values  coincided  each  other  at  the  resonance  frequency  fr.  In 
calculating  the  aass  law,  STL  was  assuaed  to  vary  in  proportion  to  the  diffuse  incidence 
aass  law  of  an  equivalent  single-leaf  partition  having  the  sua  of  the  aasses  of  both 
leaves  of  the  double-leaf  partition.  Note  that  the  aass  law  curve  was  approxlaated  by  a 
log-linear  equation,  STL=18*log,.(a*f)-44.  This  approxiaation  was  confiraed  to  hold  in 
the  range  of  the  aass  per  unit  alrea  of  20  -  100  kg/a"^  and  in  the  frequency  range  of  125  - 
4000  Hz. 

The  results  of  the  noraalized  STL  curves  for  each  type  of  studding  are  plotted 
together  in  Fig. 4,  5  and  6.  In  each  figure  (a)  and  (b)  are  the  result  when  the  air  space 
was  unfilled  and  filled  with  absorptive  aaterials,  respectively.  The  frequency  scale  is 
noraalized  by  fr.  The  dashed  lines  aean  the  diffuse  incidence  aass  raw  lines  stated 
above.  Although  the  aaterials  of  wallboards  were  quite  different  and  the  data  were 
independently  aeasured  by  several  different  laboratries,  the  agreraent  of  the  noraalized 
STL  curves  are  relatively  good  in  each  figure. 
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Fig.  5  Nomllzed  frequency  characteristics  of  sound  transaission  loss  for  elastic  studding. 
(a);Nithout  absorptive  aaterial,  (bliwith  absorptive  naterial. 
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Normalized  sound  Transmission  loss  (dB)  ^  Normalized  sound  Transmission  loss  (dB) 


.6  Nomalized  frequency  characteristics  of  sound  transmission  loss  for  staggered 
studding,  (a):without  absorptive  material,  (b);with  absorptive  material. 


Frequency  (Hz)  Frequency  (Hz) 


Fig. 7  Comparison  betmeen  the  nallboard  attachment  proi'edures  by  averaging  curves  of 
normarized  STL;  (a)  Nithout  absorptive  materials, (b)  with  absorptive  materials. 
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Frequency  (Hz) 

Fig. 8  Effect  of  cavity  absorption  for  different 
nallboard  attactment  procedures. 


To  exaaine  the  effect  of  the  difference  in  the  wallboard  attachaent  procedures  on 

STL,  the  noraalized  STL  curves  were  averaged  for  each  condition,  resulting  in  Figures  7 

and  8.  The  results  of  coaparison  are  as  foiloNs: 

(1)  As  long  as  the  air  space  nas  unfilled  with  absorptive  aaterials,  no  significant 
changes  nere  caused  by  the  type  of  studding  (see  Fig. 7(a)). 

(2)  Hhen  the  air  space  was  filled  with  absorptive  aaterials.  the  effect  of  the  type  of 
studding  was  better  in  order  of  staggered  studding,  elastic  studding  and  coaaon 
studding  (see  Fig. 7(b)). 

(3)  Changes  of  the  effect  of  cavity  absorption  corresponding  to  the  waliboard 
attachaent  procedure  can  only  be  seen  near  the  resonance  frequency  and  near  the 
coincidence  frequency,  where  the  difference  in  the  effect  of  cavity  absorption 
becoaes  saaller  in  order  of  staggered  studding,  elastic  studding  and  coaaon  studding 
(see  Fig. 8).  The  reason  is  guessed  that  the  effect  of  cavity  absorption  ciianges 
dependent  on  the  acoustical  property  between  two  leaves  of  the  double-leaf  partition. 

In  other  words,  it  is  iaportant  to  reduce  the  stud-borne  sound  transaission  across 
the  cavity  for  aore  effective  cavity  absorption. 

(4)  STL  values  of  the  two  data  aarked  by  a  circle  in  Fig. 6  (a)  are  quite  large, 
coqMred  with  other  data.  After  exaaination  of  the  waliboard  attachaent  condition  of 
the  two  data  in  the  handbook,  it  was  found  that  absorptive  aaterials  were  filled  in 
the  top  and  bottoa  runners  of  the  air  space. 
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Fig. 9  Conparison  beti«een  the  Nallboards  with  specification; (a)  single  layer  Nallboard, 
(b)  double  layers  with  sane  specification  nallboards,  (c)  double  layers  with 
different  specification  nallboards. 


Finally,  the  iniluence  of  the  nuaber  of  layers  coaposing  each  leaf  of  a  double-leaf 
partition  was  exaained  in  the  case  of  coaaoa  studding  without  absorptive  aaterials.  The 
results  are  shown  in  Fig. 9  (a)-(c);  (a)  leaves  were  constructed  by  single  layer 
nallboards,  (b)  double  layers  of  nallboards  with  the  saae  specification  of  aaterials  and 
thickness,  (c)  doubie  layers  with  different  specification  of  aaterials  and/or  thickness. 
In  figure  9,  the  unfavourable  effect  of  coincidence  dip  decreases  in  order  of  (a)-(c), 
that  is.  by  the  use  of  doubie  iayer  nallboards,  especially  with  different  aaterials 
and/or  thickness.  It  seeas  to  be  caused  by  soae  additional  internal  loss  that  is 
produced  by  the  friction  between  two  layers. 


SUMURY 

Wall  structures  between  dwellings  in  a  building  are  generally  constructed  with 
doubie- leaf  partitions  for  lessening  the  load  of  the  building  structure.  In  general, 
aass-air-aas  resonance  occurs  at  low  frequency  region  for  double-leaf  partitions,  STL  of 
the  structures  is  seriously  influenced  by  the  resonance.  Then  the  STL  perforaance  of 
double-leaf  wall  partitions  and  several  physical  paraaeters  of  the  structures  were 
investigated.  The  total  nuaber  of  the  analyzed  data  were  208. 

The  relationship  between  aass-air-aass  resonance  frequency  fr  and  aass  per  unit  area 
is  relatively  linear,  and  the  relation  of  fr  to  the  total  thickness  is  aloso  better.  Froa 
the  results,  it  can  be  concluded  that  the  aass  per  unit  area  and  the  total  thickness  are 
linearly  related  with  fr  Irrespective  of  the  wallboard  attachaent  procedure  and  that  the 
relation  does  not  depend  upon  whether  the  air  space  is  filled  with  absorptive  aaterial  or 
not.  Consequently,  fr  can  be  used  as  a  single  criterion  for  evaluating  the  effective  STL 
perforaance  of  wall  structures.  STC  decreases  in  proportion  to  fr,  and  changes  with  the 
wallboard  attachaent  procedure.  Therefore,  the  resonance  frequency  fr  shall  be  kept  as 
low  as  possible  in  order  to  get  high  perforaance  of  STL.  Without  absorptive  aaterials, 
STC  never  exceeds  55  even  if  the  staggered  studding  is  applied.  On  the  other  hand,  when 
the  coaaon  studding  is  applied,  STC  also  never  exceeds  55  even  if  the  structure  is 
constructed  with  absorptive  aaterials. 

To  aake  clear  the  influence  of  the  resonance,  the  frequency  characteristics  of  STL 
were  noraallzed  on  the  basis  of  the  aass  law  and  fr  for  each  type  of  studding.  Although 
the  aaterials  of  wallboards  were  different  and  the  data  were  independently  aeasured  by 
several  different  laboratries.  the  agreeaent  of  the  noraallzed  STL  curves  are  relatively 
good. 
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Fm  the  results,  it  was  found  as  follous; 

(1)  As  long  as  the  air  space  Has  unfilled  with  absorptive  naterials,  no  significant 
changes  Here  caused  by  the  type  of  studding. 

(2)  Nhen  the  air  space  Has  filled  nith  absorptive  aaterials,  the  effect  of  the  tyiie  of 
studding  Has  better  in  order  of  staggered  studding,  elastic  studding  and  conaon  studding. 

(3)  Changes  of  the  effect  of  cavity  absorption  corresponding  to  the  nallboard  attachaent 
procedure  can  only  be  seen  near  the  resonance  frequency  and  near  the  coincidence  dip 
frequency,  nhere  the  difference  in  the  effect  of  cavity  absorption  becoaes  saaller  in 
order  of  staggered  studding,  elastic  studding  and  coaaon  studding.  The  reason  is  guessed 
that  the  effect  of  cavity  absorption  changes  dependent  on  the  acoustical  property  betueen 
tHo  leaves  of  the  double- leaf  partition. 

Finally,  the  Influence  of  the  nuaber  of  layers  coaposing  each  leaf  of  a  double-leaf 
partition  Has  exaained  in  the  case  of  coaaoa  studding  Hithout  absorptive  aaterials.  The 
unfavourable  effect  of  coincidence  dip  can  be  seen  to  decrease  by  the  use  of  double  layer 
Hallboards,  especially  nith  different  and/or  thickness.  It  seeas  to  be  caused  by  soae 
additional  internal  loss  that  is  produced  by  the  friction  betneen  tno  layers. 

It  is  considered  that  there  are  aany  factors  for  prediction  of  STL  perforaance  of 
nallboard  partition,  and  that  greater  reliance  aust  be  placed  upon  eapirical  inforaation. 
Using  the  result  of  investigation,  it  is  advisable  to  design  an  optiaua  nallboard 
structure  for  required  STL  perforaance  nith  designated  conditions. 
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ABSTRACT 

Here  presented  is  a  method  to  analyze  the  sound  transmission  loss  through  plates  by  computational 
mechanics  based  on  the  finite  element  method  that  uses  only  plate  elements.  The  interaction  between  plate 
and  air  is  taken  into  account  in  the  form  of  characteristic  impedance.  A  matrix  equation  to  compute  the 
characteristic  impedance  is  set  up  through  the  finite  elemental  procedure  with  the  help  of  a  new  matrix  |5e|. 
The  transmitted  sound  pressure  and  the  transmission  loss  can  also  be  obtained  by  solving  the  mariix  equation 
presented  here.  Several  example  computations  on  the  flat  square  plates  with  fixed  edges  show  good 
agreements  between  the  values  of  characteristic  impedance  and  of  transmission  loss  derived  by  this  method 
and  those  by  the  classic  analytical  solutions. 

1.  INTRODUCTION 

The  purpose  of  this  paper  is  to  present  a  method  to  analyze  vibro-acoustic  phenomena  from  a  finite 
elemental  approach.  Many  studies  have  been  done  on  the  sound  transmission  characteristics  through  plates 
and  walls.  By  using  so-called  classical  modal  analysis,  almost  all  acoustic  phenomena  can  basically  be 
treated.  Some  complexities,  however,  make  the  classical  analysis  impossible.  One  is  the  complexity  of  the 
boundary  conditions  of  the  system,  and  another  is  the  complexity  caused  by  the  huge  amount  of  freedoms  to 
be  dealt  with.  The  finite  element  method  is  a  way  to  help  solve  these  problems,  and  some  studies  have  been 
successfully  done  on  the  sound  transmission  properties  of  complex  structures  with  finite  plates  and  closed 
cavities.  In  such  studies,  plate  and  acoustic  finite  elements  are  commonly  used.  ■» 

In  contrast  to  this,  a  method  using  only  plate  elements  is  presented  below,  which  makes  the  fine 
modeling  of  plates  possible  and  the  analysis  free  from  the  effects  of  the  cavities'  boundary  conditions.  Such  a 
method  may  be  advantageous  in  the  vibro-acoustic  analysis  of  high  frequency  regions.  In  our  previous  study, 
to  get  the  characteristic  impedance  of  modal  vectors  through  the  finite  elemental  procedure,  a  new  matrix, 
matrix  |5e|,  was  proposed  and ,  by  using  the  matrix,  some  basic  equations  were  presented.^  With  these  results, 
several  refined  equations  to  compute  the  characteristic  impedance  and  the  radiated  sound  pressure  are 
introduced.  A  practical  procedure  to  carry  out  the  computation  is  described  briefly,  and  then,  the  accuracy  of 
this  method  is  discussed. 
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2.  THEOREnCAL  DESCRIPTION 


2.1  Basic  Formulae 

The  discrete  formula  of  a  structure  excited  by  sinusoidal  force  of  frequency  to  is, 

iw|  {rf]+lcj{t/}+!Ar:<rf)={E}e“' 

The  nodal  displacement  {d}  can  be  got  as  follows. 


{</}  =la„  (dik,) 

n~l 


where,  a„  = 


{(to„^  - +i2h„ (o„ to} 

^={4,nA#i {<!,}. 


The  displacement  to  the  z-direction  at  the  co-ordinates  (x,y)f  is  got  by 

w(x,y),=  |NH,(.»',>’)J  {d},  . 

(3) 

Here,  (x,y)g  denotes  the  local  co-ordinates  in  an  element  "e",  and,  in  like  manner,  {x}f  and  \X\g  express  the 
vector  and  matrix  of  an  element  "e". 


Let  the  damping  matrix,  [C|,  consist  both  of  the  damping  caused  by  the  plate's  inner  loss,  |C^|,  and  of 
the  reaction  of  air  on  the  plate's  surfaces,  [Ca|: 

f/^  I  fyt\  A  1/^  1  /  (4) 


iq  {d}=[Cp\{d\^[Ca]{'} 


!Cpl  =  . 


The  second  term  of  Eq.  (4)  can  be  derived  as  follows;  using  characteristic  impedance  of  the  mth  mode  onto  the 
nth  mode,  n ,  the  radiated  sound  pressure  from  the  plate's  vibrating  surface  can  be 

S  N 

{A}=  II-C«Zoa„{(|ik.}  .  (5) 

m=l  n=l 

Let  the  element's  nodal  displacement  vector  of  the  nth  mode  be  written  as  {dn }, ,  then  the  work  of  air  over  an 
element  can  be 

I  I  1  NJ.x,y),f\ Nj(x,y)A  dxdy  V  V  2„C»{“")zo{  d,}, 

\  ],  m  n  a„ 

=  {d}/'"3'£  £2„i;„(^)zo{d„}, 

P  h  m  n  dm 

-  {d}  e  ^  ICa  nrn  ]e  {  d„}  t  /q 

m  T  ir  I  -  2  C  ' 

u,h(>n>  I'-a  nn  It—  K  ,  )i0 

’  a„  ph 

Therefore,  the  second  term  of  Eq.  (4)  can  be  in  the  form  of 

iqi{‘/}  =  I  I  rCarnnH*/-}  oc  [W1  . 

m  n  \0 

Eq.  (7)  is  a  proof  that  modal  analysis,  Le.,  Eq.  (2),  can  be  carried  out  using  the  modal  vector, {(fin},  which  is 
derived  from  the  eigen  formula  of  Eq.  ( I ): 

(|Ari  -(o2|W|){((>}  =  {0}  . 


(8) 


Otsuru  3 


Mounted  in  an  Infinite  Buffle 

Fig.  I  Syslem  to  be  analyzed. 

Accordingly,  h„  in  Eq.  (2)  is  rewritten  as  follows: 


Pig.-2  Globa]  co-ordinate  system  (X,  Y)  and  local  Co¬ 
ordinate  system  and  (X2,y  2)^ 


hn 


{<|)b}''(  ICpI  +  IG  al  )  {W 


|CilM  =  2  nCn  ZO 


pfl 


(9) 


2.3  Selecting  Matrix  ISel 

To  make  the  finite  elemental  procedure  simple  and  consistent,  the  following  matrix  fSef  was 
introduced.3  The  matrix  (Sel,  which  consists  of  "1"  and  "0",  functions  to  select  an  elemental  vector,  {x}e , 
from  a  global  vector  {x},  e.g. : 

{</},=  f&l  {</},  a  |Af|  =  j;  . 

e 

With  the  matrix  [Se|,  the  co-ordinate  transformation  becomes  simpler  from  the  local  to  the  global,  and  vice 
versa. 

2.4  Transmitted  Acoustic  Power 

The  transmitted  sound  power  at  an  arbitrary  point  (x,y)g  is 

n  (x,y),=  ^  p,  (x,y),  •  vv(x,y),‘ } 


=  *  Re  |[Al„,(x,y),|  II  mCnZoam  |1Vh.(JC,3')z1  1 

2  1  ni=l  w=l  k  I 

=  1  to-  zo  Re 


(10) 


The  total  sound  power,  Ei,  radiated  from  plate,  is  got  by  summing  up  n(x,y)eand  integrating  them  over  the 
area  of  all  the  elements, 

Ei=zjj  n(x,y),dxdy 

=  £  Uo^ZoRrj  j  j  fN„(x,y),]  [Al«,(x,y), ]<&</>  ^ 
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with  the  help  of  matrix  |5el,  Eq.  (1 1)  can  be  rewritten 


e  2 


2  I  \  m  « 


{<hi} 


T\  (Se|'[WH&| 

ph 

r\  lA^I 


X  || 


ph 


I  aM  )j  . 


(12) 


Thus,  the  characteristics  of  transmitted  sound  through  plates  can  be  expressed  by  a  simple  equation. 
Additionally,  the  sound  transmission  loss  can  be  obtained  by 

71  =  -  lOlogio^  . 

Ei 

2.5  Characteristic  Impedance 

Since  the  characteristic  impedance  plays  an  important  role  in  Eq.  (12),  the  next  problem  is  to  get  it 
through  the  finite  elemental  procedure. 

With  the  matrix  |5e|,  the  displacement  to  the  direction  of  z-axis  at  an  arbitrary  point  in  the  plate  can  be 
N  N 

w{X,Y)  =  w(x,y),=  (AiH.(x,y),|  a„  {(|)h},=  lAiUJr,y),|  |5e|  a„  {(|)„} . 

Using  (S«|,  the  sound  pressure  at  an  arbitrary  point  (X.IO,  or  (x,y), ,  can  be  expressed  in  the  following  two 
ways. 

N  N 

p,(X,K)  =  p,(jc,y),=  ia3poc|AH,(-t,3')rl[*l£  £  "-Co «».  {W  . 


(14) 


p,(X,Y)^p,(x,y),=Y. 


t'w^Po 


2n 


\NJjC2,yid>,  I  I5e2l  £  a/  {<lv}^^  ■ 

where. 


(15) 


h\ 


The  following  is  sufficient  to  satisfy  these  two  equations. 

N 


iwpoclNM,yh]\Se]J^  mC/.a„{(tv,} 


y  /  VPO  f  I 

^  2ir  j  L 


r=  V  (X-X:^- -  {Y-Y2)- 


lNM2,y2>a]lSe2]  a„  ^  dx:*ly2  . 


If  we  perform  the  following  operation  and  rearrange  them, 

(\N,Ax,y),\  [&]  {^}f  ’‘{both  members  of  Eq.(\5))]dxdy  , 


ijf  I 

J 


(16) 


(17) 


then,  Eq.  (16)  becomes 
2^  iiopoc{<^,}^(&]^ 


lNM,y)A  dxdy 


(5<P]  m^n^m  {<hi} 


1 1 

f  tfj  2  TT 


j 


j|  j  I(VH<xr,y),|'’(Ww(x,y),2|e* 


dx2dy2  dxdy  |Se2l  am{i|w} 
(18) 
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To  examine  the  accuracy  of  this  method,  the  following  sound  transmission  analysis  is  carried  out  on  an 
aluminum  plate  with  the  dimensions  of  0.78x0.39x0.012  m  and  with  all  the  edges  fixed.  The  normal  sound 
incident  condition  is  assumed.  The  element  used  here  is  A.C.M.  plate  element  with  three  freedoms  on  each 
node.  In  the  following  computation,  10x6  elements  ( 135  freedoms)  and  FACOM  VP-200  (  540  MFlopps,  128 
M  bytes  main  memory)  are  tentatively  used. 


3. 1  Computation  of  Characteristic  Impedance 

The  characteristic  impedances  can  be  obtained  by  Eq.  (20)  with  the  result  of  the  eigen  equation  (8).  In 
Eq.  (20)  however,  the  singularities  make  the  practical  integration  hard  to  carry  out.  A  way  to  eliminate  the 
singularities  is  as  follows: 

In  the  finite  element  method,  Gaussian  quadrature  is  commonly  used,  which  makes  the  practical 
computation  simple  and  accurate.^  In  addition,  Gaussian  quadrature  is  suited  for  computations  on  the  vector 
( or  array )  processor,  since,  basically,  there  is  no  recursive  procedure  in  it.  So,  practical  computabons  of  Eq. 
(20)  are  performed  by  Gaussian  quadrature:  first,  as  no  singularities  exist  if  the  element  number  V"  is  not 
equal  to  "e^"  in  Eq.  (20),  the  integrabon  can  be  performed  directly.  In  this  experimental  computation,  second- 
order  Gaussian  quadrature  is  performed:  next,  if  V  is  equal  to  "ez",  the  following  co-ordinate  transformabon 
is  performed  to  eliminate  the  singularibes. 


X  -X2=roos  0 

y  -  yz  =  rsin  0 

Then,  Eq.  (20)  is  rewritten  as 


r=  V  (X3-x)’-(y2-y)"  . 


|/.I=I  £  1*1 


|lV*<-t2,y2)f  2 1  *  ^  dxzfiyz  [Se2]dxdy 


(21) 


(lV«frcos  0  +  X,  r  sin  0  +y),  2  I  e  *'d&dr  |5f2l  d\  dy  . 
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and  it  is  rewritten  as 


(A/„(rcos  0  +  ;r,  rsin  6  +v),2  I  t  ^'d&dr  =\Ji\  +  |/>l  *  Mil  *  l•/4l 


(23) 


3 

l^vl=][ 

K=l 

The  areas  of  0  and  /•  to  be  integrated  is  shown  in  Fig.3  and  Table  1.  In  this  case,  {e  =  ),  third-order 

Gaussian  quadrature  is  applied.  That  is,  the  integration  is  substituted  by  the  summation  at  108  points,  le.  3  (»- 
axis)  X  3  (y-axis)  X  4  (quadrant  v)  X  3  (area  K),  in  an  element  (see  Fig.  3). 

Although  the  number  of  impedances  to  be  computed  is  n*iC2  theoretically,  it  is  possible  to  reduce  the 
number  in  the  sound  transmission  analysis  on  the  normal  incidence  condition  by  the  following  procedures: 
first,  getting  (m=n),  by  Bq.  (20);  second,  computing  o„  by  Eq.  (2)  with  these  „C„-values;  then, 
eliminating  the  modes  whose  a„  -value  is  respectively  small.  In  this  trial  computation,  the  modes  whose  a„  - 
values  are  10-6  times  as  much  as  that  of  Oi  are  eliminated,  and  the  number  of  modes  has  been  reduced  from 
135  to  37.  Therefore,  there  are  703  (=  37*iC2 )  combinations  of  modes  and  703  impedances  per  frequency 
point.  Some  of  them  are  shown  in  Fig.  4  and  Fig.  5,  and  the  natural  frequencies  of  these  modes  are  shown  in 
Table  2. 

Since  the  length  of  an  element  in  the  computation  is  almost  the  same  as  the  acoustic  wave  length  of 
4000  Hz,  the  frequency  range  to  be  discussed  can  be  below  1000  Hz.  Nevertheless,  Fig.  4  shows  good 
agreement  between  the  impedance  values  obtained  through  die  method  described  above  and  those  got  by  the 
classical  analytic  solution  in  the  frequency  region  from  31.5  to  4000  Hz.  Stnctly  speaking,  the  orthogonal 
functions  used  in  the  latter  solution  are  different  from  the  modal  vectors  used  in  above  mentioned  method,  but 
this  agreement  supports  the  accuracy  of  the  method  presented  in  this  paper. 

Furthermore,  although  it  is  not  clear  whether  mCn  is  equal  to  when  they  are  derived  from  Eq.  (20), 
only  a  slight  difference  can  be  seen  in  the  comparison  between  the  impedance  values  of  modes,  the  natural 
frequency  of  one  of  which  is  in  the  high  frequency  region  (Fig,5(c));  and  there  can  be  seen  no  difference 
between  jC  /  and  yC j.  smd  between  ff,  /  and  /Ca  the  natural  frequencies  of  both  of  which  are  below  500  Hz. 
(Fig.5  (a),  (b)).  In  addition,  the  required  time  for  the  computation  is  about  1.4  sec  ,)er  one  impedance  value. 


I A/wlrcos  0  +  jt,  rsin  0  +y),2  I  e' '*''d©  dr 


(24) 


3.2  Computation  of  Sound  Transmission  Loss  (7L) 

With  the  impedance  values  thus  obtained,  the  71-values  of  the  plate  are  computed  at  every  1/24  octave 
points  in  the  frequency  region  from  31.5  to  10(X)  Hz .  Fig.  6  shows  good  agreement  between  the  7L- values  got 
through  the  method  presented  above  and  those  by  the  classical  analytic  solution. 


4.  CONCLUSIONS 


A  method  to  analyze  vibro-acoustic  problems  by  computational  mechanics  is  presented  and  its  accuracy 
is  examined.  The  method  is  advantageous  in  the  computation  of  the  sound  transmission  characteristics  of 
plates  with  too  complicated  shapes  or  boundary  conditions  to  be  computed  by  some  classical  analytic 
solutions.  Besides,  with  the  impedance  obtained  by  this  method,  vibro-acoustic  analysis  can  be  carried  out  by 
the  finite  element  method  without  using  acoustic  elements,  which  reduces  the  total  amount  of  freedoms  to  be 
considered.  Consequently,  the  analysis  without  acoustic  elements  makes  it  possible  to  use  all  the  memories  in 
a  computer  to  model  the  characteristics  of  the  plate  under  consideration,  and  also  to  make  the  analysis  free 
from  the  consideration  about  the  boundary  conditions  of  rooms  or  acoustic  fields  on  both  sides  of  the  plate. 
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Fig. 3  Co-ordinate  transformation,  (jt.y)  and  (X2.y2)  in  the 
same  element.  The  Cartesian  co-ordinate  syatem  {X2  -  x.  y2  •  y)  is 
transformed  to  the  polar  co-ordinate  system  (r,  6). 


Table  2  Mode  numbers  and  their  natural 
frequencies  of  selected  37  modes. 


No. 

|Hz| 

No. 

1 

48 

44 

3 

89 

47 

8 

177 

SI 

12 

241 

SJ 

14 

266 

66 

17 

313 

67 

18 

328 

69 

27 

441 

73 

29 

492 

7S 

34 

596 

77 

599 

SJ 

J/ 

605 

SS 

JP 

632 

S7 

IHzl 

No. 

[Hzl 

720 

SS 

1670 

788 

9J 

1784 

880 

103 

2048 

913 

107 

2295 

1134 

no 

2395 

1155 

in 

2428 

1217 

113 

2455 

1287 

ns 

2507 

1297 

120 

2610 

1360 

IJI 

2653 

1433 

124 

2728 

1590 

1602 

Table.  1  The  integration  area  of  Eq.  (24).  The  number  v  corresponds  to  the  quadrant  number  of  Fig.3. 


Fig.4  Comparison  between  the  impedance-values  c^Hained  by  FEM  (Eq.  (20))  and 
those  by  C.M.A..  (a);  iCi,  (b);3Ci  . 
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(») 


Fig.S  Compahson  of  the  impedances  obtained  by  FEM: 
(a):  jC;  and  tCj,  (by, and  /Cg,  (c);3«i;^aiid  yCj,^ 
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ABSTRACT 

This  paper  offers  a  new  classification  for  main  constructive  sche¬ 
mes  of  noise  isolating  inclosures  for  power  plants  in  transportation 
machines. 

The  author  suggests  a  new  method  for  the  enclosure  calculations 
that  is  based  on  the  statistical  acoustic  theory.  This  method  considers! 
the  sound  field  nature  inside  the  enclosure;  the  sound  radiation  irregu¬ 
larity  produced  by  various  enclosure  panels  at  the  specific  point;  the 
constructive  geometry  of  the  enclosure  (general  dimensions,  areas  of  ho¬ 
les,  slots  and  openings);  the  availability  of  sound  absorbing  material  in 
the  enclosure. 

Results  of  the  investigations  have  been  used  while  developing  noise 
isolating  enclosures  for  movable  compressor  machines  with  various  types 
of  power  plants. 

Among  the  number  of  noise  control  facilities  for  engines  the  most 
efficient  one,  the  one,  which  allows  us  to  meet  comprehensive  noise  cont¬ 
rol  requirements,  la  the  engine  enclosing,  l.e.  the  shielding  of  the 
noise  and  vlbratlonally  intensive  area  by  an  enclosed  volume  of  some 
shape  -  by  an  enclosure. 

The  engine  being  enclosed,  the  sound  propagation  character  both  un¬ 
der  and  beyond  the  enclosure  differs  substantially  from  the  case  with  an 
un-enclosed  being  also  dependent  on  the  enclosure  configuration. 

Thus,  the  enclosing  efficiency  depends  on  a  great  nvunber  of  factors 
such  as:  a  shape  and  a  size  of  the  enclosure;  panels  rigidity;  presence 
of  ventilation  ducts  and  passages;  the  value  of  the  averaged  sound 


absorption  factor;  noise  isolation  of  the  enclosing  structures;  the  loss 
factor  for  the  enclosure  walls;  a  sound  field  character  under  the  enclo¬ 
sure  etc. 

It  is  essentially  Important  to  take  into  account  all  the  factors 
mentioned  above,  because  sound-isolation  enclosures  of  simple  configura¬ 
tions  for  power  plants  seemed  to  be  useless. 

The  factor  of  primary  importance  to  be  solved  first  of  all  is  pro¬ 
viding  air  circulation  under  the  enclosure,  since  all  the  others  are 
substantially  dependent  on  it.  The  temperature  exchange  between  the 
under-enclosure  space  and  the  installation  being  enclosed  depends  on  the 
enclosure  type,  the  total  heat  conductivity  of  the  walls,  the  temperature 
difference  between  the  under-enclosure  space  and  environment,  being  main¬ 
ly  provided  by  means  of  under-enclosure  space  ventilation. 

The  dependence  of  the  enclosure  sound  isolation  on  the  under-enclo¬ 
sure  space  temperature  may  be  defined  through  the  enclosure  tightness 
degree,  i.e.  the  ratio  of  total  holes,  slots  and  openings  area  to  that 
of  the  external  enclosure  surface  flj 

£  *  Z  r/  Se/tc.  (  1  ) 

is  the  total  area  of  all  the  holes,  openings  and 
slots  of  the  enclosure; 

the  area  of  the  enclosure  surface. 

Numerous  configurations  of  the  enclosures  for  different  kinds  of 
vehicles  having  been  considered,  it  seemed  to  be  possible  to  classify 
them  in  accordance  with  the  following  main  factors;  the  enclosure  tight¬ 
ness  degree,  the  material  of  the  enclosing  structures,  conf ig\iration  pi- 
culiarltles  and  the  system  of  under-enclosure  ventilation. 

When  designing  and  estimating  the  paticular  enclosure  for  the  actu¬ 
al  power  plant  we  should  also  take  into  account  in  addition  to  the  men¬ 
tioned  above,  such  structural  features  as:  area  and  shape  of  the  venti¬ 
lation  passages  (  a  hole,  a  slot,  an  opening);  setting  mufflers  into  the 
passages  or  acoustical  shields  before  them;  the  engine  size;  the  venti¬ 
lation  pasages  location  relaive  to  the  specified  point  and  some  others. 

Methods  being  available  for  the  acoustical  estimation  of  che  enclo¬ 
sures  in  free  space  are  based  on  the  Wave,  Geometrical  and  Statistical 
Acoustics,  the  latter  having  been  wldly  used  recently  and  the  Statisti¬ 
cal  Energy  method  is  of  particular  importance. An  under-enclosure  sound 
field  is  considered  to  be  diffuse  when  we  apply  this  method.  The  diffuse 
sound  field  is  characterised  by  the  constant  time-averaged  sound  pressu¬ 
re  level  in  all  the  points  of  the  fiela  and  by  the  constant  sound  energy 
flow  in  all  the  directions.  Also,  amplitudes  and  phases  of  the  superim¬ 
posed  waves  are  more  or  less  random,  which  allows  to  consider  them  as 
being  non-coherent  and,  hence,  to  estimate  the  sound  energy  density  at 
each  point  by  a\anming  up  the  energy  densities  of  all  these  waves. 


where  ^  £ 

Sine. 
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An  example  of  the  diffuse  sound  field  model  was  shown  for  the  frequencies 
when  the  sound  wave  length  is  less  than  the  enclosure  dimensions  [2j ,  The 
suggestes  equation  for  the  enclosure  efficiency  estimation  allows  only  to 
consider  the  enclosure's  size  and  availability  of  the  sound-absorbtive 
coating  under  the  enclosure. 

The  enclosure  estimating  scheme,  suggested  in  [3J,  consideres  more 
structural  and  other  factors,  including  shielding  area  and  the  enclosure 
volume,  the  averaged  sound  absorption  factor,  the  sound  isolating  ability 
of  enclosing  elements,  the  sound  absorption  factors  of  different  enclo¬ 
sing  structures  and  so  on.  However,  the  accuracy  of  the  suggested  estima¬ 
ting  schemes  is  not  very  high,  being  the  least  in  the  low  frequency 


range . 

One  peculiar  feature  of  the  enclosure’s  constructions  for  the  trans¬ 
portation  vehicles  is  the  small  size  of  the  enclosed  area  with  the  confi¬ 
guration  being  uncomparable  to  that  of  the  enclosed  engine.  Therefore,  we 
may  think  of  two  areas  in  the  sound  field  in  the  under-enclosure  volume, 
the  entire  one  being  of  a  small  size:  a  diffuse  field  beginning  with  the 
definite  frequency  ^  ^ ,  arising  from  the  multiple  sound  wave  reflec¬ 
tions  by  unparalleled  surfaces  of  the  enclosure  and  the  enginejand^<^j£j^ 

All  the  variety  of  estimating  enclosure  schemes  of  their  different 
configuration,  influencing  the  acoustical  efficiency  of  the  enclosures 


may  reduced  to  the  six  main  types; 

TYPE  1  -  CLOSED  (in  the  walls  there  are  only  small  configuration 
openings  of  the  neglegible  size; g  $  0,05  %)•  It  is  used  for  enclosing 
engines  and  other  power  plants  enclosing  which  do  not  produce  too  much 
heat. 


TYPE  II  -  OPENED  (there  are  ventilation  ducts  or  passages  in  the 
form  of  free  openings  on  the  bottom,  on  the  side  so  on,  through  which 
the  sound  is  allowed  to  pass  free  from  under  the  enclosure;  £  <.  0,25  %). 
It  is  used  for  the  engines  with  the  low  noise  level  Increase  (up  to  10 
dB). 

TYPE  III  -  SEMI-CLOSED  (there  are  ventilation  passages  made  in  the 
form  of  slots,  the  latter  having  higher  impedance  as  comppared  to  the 
openings;  0,05  $  £  4  0,25  ). 

TYPE  IV  -  SEMI -CLOSED  WITH  A  MUPPLBR  (there  are  active  noise  muff¬ 
lers  on  the  ventilation  system  passages,  reducing  noise  on  its  way  thro¬ 
ugh  them;  £  <  0,25). 

TYPE  V  -  SEMI-CLOSED  WITH  A  SHIELD  BEFORE  THE  VENTILATION  PASSAGE 


(the  ventilation  passage  is  protected  from  the  inside  by  a  sound  reflec¬ 
ting  shield,  reducing  the  sound  level  £  ^  0,25). 

TYPE  Vj  _  COMBINED  (the  ventilation  passages  are  protected  by  both 
active  mvifflers  and  shields;  £  $  0,25). 

For  the  acoustical  efficiency  estimation  we  suggest  hereafter  men¬ 
tioned  method,  allowing  to  consider  different  structural  peculiarities. 
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This  method  is  based  on  the  Statistical  Acoustics  Theory  with  taking  into 
account  the  energetical  principle  of  the  signals  sximming  as  well  as  the 
sound  diffraction  resulting  from  different  enclos\ire  elements. 

Efficiency  estimations  of  the  sound  isolating  enclosures  are  made 
with  the  following  assiomptions: 

-  the  resonance  phenomena  in  the  enclosed  volumes  are  not  to  be  con¬ 
sidered; 

-  sound  sources  are  considered  to  be  non-coherent  sources  of 
signals; 

-  the  sound  sources  located  under  the  enclosure  are  considered  to 
be  non-directed  ones; 

-  the  noise  vibration  contribution  is  not  considered  (the  suffici¬ 
ent  vibration  isolation  of  the  enclosure  and  of  the  whole  installation 
is  considered  to  be  provided); 

-  the  enclosed  volume  is  characterised  by  the  averaged  sound  absor¬ 
ption  factor  (o6  ); 

Z*tieSe*<^un'Sun  +<ise-  Sse*/,h‘  Sk*  eCop'  $op/Sc*$un*  Ss(*Sh*  Sop  (Z) 
where:  clei  Sc d>un  ;  Sun  idLsl SsS;  Xk  i  Sk  ’t  oi op S op  are  the 

sound  absorption  factors  and  the  areas  of  the  inner  coated  inside  surfa¬ 
ces,  of  the  enclosure  surface  itself,  of  the  inner  uncoated  inside  sur¬ 
faces,  of  the  slots,  holes  and  openings  respectively. 

Xsi  ~  Xk  ~  ^op  ~ 

Let  us  introduce  the  following  designations: 

K  is  the  wave  mode,  being  K  =  ZTTf/c  ; 

Cl  is  an  opening  of  the  equivalent  size,  m; 


T*  a32/(“JV39C*+  0,7a‘/si)  • 
M--2c‘Sw'  0,7a‘  (iSf)‘]  •• 


H  •  Sk-  f  ! 

Km  ■  ’ 

Ksk  ‘  ‘ 

I  ^t£ 

JO  »  Ssr  Ksr  • 
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where  3S.  is  the  factor  of  the  nearest  acoustical  field  influence,  being 
dependent  on  the  ratio  of  the  distance  between  the  engine  acoustical 
centre  and  the  specified  point  r  to  the  maximum  dimensions  ^^^of  the 
sound  source; 

0^  is  the  disturbance  factor  for  the  sound  field  diffuseness; 

Sp  is  the  area  of  the  shielding  enclosure  panel; 

SI  is  the  sound  isolation  of  the  shielding  enclosure  surfacesj 
T  is  the  sound  radiation  factor  for  the  hole; 

Ks£  is  the  sound  radiation  factor  for  the  slot; 

Kjfi ;  ^l>*sh  >  j  are  sound  conductivity  and  acoustical 

efficiency  factors  for  a  shield  and  a  muffler  respectively. 
Considering  the  designations  assumed,  the  analitical  formulae  allow¬ 
ing  to  estimate  the  sound  isolation  efficiency  for  close-fitting  enclo¬ 
sures  of,  for  example,  a  combined  type  (VI)  will  be  the  following: 

Dwhen  Ka<i 

A  Lane.  *  |[ae/2jrr*  +  4a'(i- Si}[i0  ^ 

+0,S2/(u5^/59c‘  +  OJaVSoj,)  + 

^5s( 'Ksi'at'c  tj({si/2)-W  (5) 

2)  when  i<Uf  ■ 

aL,„c.=  10ef{[x/i3lr‘  *  4o'(l-i)/idiSi]{iO''’’^\  + 

*zc‘  So,  /( oj(i‘a‘ + c‘ )  *  Sk-y  :o  + 

*Ssl  KsC  +  (+) 

3)  when  J  ^ ;  K  CX  <  1 

AL„^=iO{i{[x/2Xr‘*4u'/r<i,Si}[lO'''’^”  Sf  + 

+  *0,}Z/(u‘/33c‘  +  0,7a‘/s!p)  * 

*SifKse-ai-cti(Cse/Z)-lO''''^^^^}[i*f]‘}^^B  (5) 

4)  when 
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^tc‘  S«i>/0,7a'u)'+  c*j  +  Shf  + 

+  Sse-Ks«  W 

The  main  steps  of  the  enclosure  estimation  and  design  are: 
setting  the  required  noise  level  reduction  under  the  enclosure;  selection 
of  the  tentative  scheme  for  the  enclosure  design;  selection  of  the  nomen¬ 
clature  of  the  enclosure  shielding  structures;  defining  the  enclosxire 
size,  shape  and  location  for  the  ventilation  ducts,  openings,  slots  and 
holes  as  well  as  for  the  acoustical  shields  and  mufflers  to  be  installed 
on  them;  predictions  for  the  acoustical  efficiency  of  the  close-fitting 
enclosure  of  the  chosen  type;  estimation  of  the  thermal  parameters  for 
the  enclosed  power  plant  [1  ], 

The  predicted  estimation  of  the  sound  and  thermal  isolation  of  the 
enclosure  may  result  in  specifying  some  possible  characteristics  such  as: 
enclosure  dimensions,  multiple-layer  panels  composition  in  their  connec¬ 
tion  with  the  other  enclosure  elements  (mufflers,  acoustical  shields, 
peep-holes  and  ventilation  ducts). 

The  obtained  method  for  efficiency  estimation  of  the  sound  isolation 
enclosures  gave  us  the  possibility  to  carry  out  theoretical  and  experi¬ 
mental  investigations  concerning  the  ways  of  their  efficiency  increase. 
The  investigations  having  been  conducted  allowed  us  to  define  that  the 
enclosure  efficiency  depends,  first  of  all,  on  the  following  factors; 
enclosure  tightness  degree,  coating  area  of  the  inside  enclosure  surfa¬ 
ces,  size  and  shape  of  the  ventilation  ducts. 

The  factors  only  slightly  influenced  the  enclosure  efficiency  are; 
enclosure  dimensions,  presence  of  the  protective  film  on  the  sound-absor- 
btive  coating,  the  thickness  of  the  sound-absorbtive  coating. 

The  main  results  of  the  theoretical  and  experimental  investigations 
were  applied  when  designing  new  enclosure  structures  for  movable  compres¬ 
sors  with  diesels  using  air  and  water  cooling  systems  as  well  as  with 
electrical  engines. 

The  enclosure  for  the  compressor  plant  with  the  diesel  engine  made 
of  1,5  mm-thick  steel,  coated  inside  by  a  40  mm-thick  sound-absorbtive 
material  was  produce  in  accordance  with  the  VI  type.  The  coating  area  is 
75  %  of  the  total  enclosing  surfaces  of  the  enclosure.  Ventilation  passa¬ 
ges  are  made  in  the  form  of  slots  uniformly  distributed  along  the  enclo¬ 
sure  perimeter  and  along  the  hole  on  the  roof.  Before  the  ventilation 
ducts  there  are  acoustical  shields,  in  the  enclosure  openings  there  are 
mufflers  in  the  form  of  boxes  (Big.  1). 

An  enclosure  for  the  power  plant  with  the  electrical  engine  was  ma¬ 
de  in  accordance  with  the  IV  type.  It  is  manufactured  of  1-mm  thick 
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steel,  coated  by  sound-absorbtive  material.  Ventilation  ducts  are  made  in 
the  form  of  holes  with  the  enclostire  mufflers  being  installed  on  them. 

Fig, 2  shows  the  predicted  and  experimental  efficiencies  of  the  esti¬ 
mated  enclosures  for  compressor  power  plants. 

Thus,  the  obtained  classification  of  constructive  estimation  for  the 
enclosTire  schemes  allows  to  select  the  enclosure  type  proceeding  from  the 
required  sound-reduction  value  and  from  the  thermal  exchange  facilities 
available  for  the  given  power  plant  to  be  enclosed. 

The  thermal  regime  estimation  allows  to  define  the  minimum  total 
area  of  the  ventilation  ducts.  The  theoretical  and  practical  investiga¬ 
tions  being  carried  out  also  allow  us  to  make  the  proper  choice  for  the 
cooling  surfaces  structure,  the  shape  and  the  location  of  ventilation 
ducts,  the  coating  area  for  the  inside  enclosure  surfaces.  The  suggested 
equations  for  lose-fitting  enclosures  efficiency  may  be  used  for  the 
selected  enclosure  type  in  the  engineering  stage. 
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ABSTRACT 

Practical  reduction  of  noise  level  in  the  cabins  of  agricultural  machines  and  tractors  below  80 
dB(A)  requires  a  thorough  methodological  approach  and  delicate  experimental  researches  using 
spetnal  test  benches  and  modem  measuring  instruments.  The  paper  dems  with  practical  experience 
and  achievements  in  this  direction. 

INTRODUCTION 

The  standard  noise  level  inside  the  cabins  of  agricultural  machines  and  tractors  established  in 
the  USSR  at  present  time  is  80  JB(A).  However,  in  order  to  achieve  competitiveness  on  the 
world  market  some  factories  are  already  planning  to  lower  the  noise  level  down  to  75-76  dB(A). 

Despite  the  fact  that  at  the  design  stage  ot  the  machine  necessaiy  calculations  are  made  and 
most  general  noise  reduction  means  are  introduced  into  design  documentation,  it  is  usually 
insufficient  for  obtaining  such  low  noise  levels.  In  most  cases  iT  is  necessary  to  carry  out  an 
acoustic  improvement  of  the  machine  test  sample,  which  consists  of  a  series  of  experimental 
investigations,  united  tw  common  methodological  approach. 

Common  methodological  principles  of  the  acoustic  improvement  of  the  machines, 
information  about  necessary  test  benches  and  measuring  instruments  are  given  below.  As  an 
example,  the  process  of  acoustic  improvement  of  a  grain  harvester  "Kedr”  is  shown  also. 

COMMON  METHODOLOGICAL  PRINCIPLES  OF  THE  ACOUSTIC  IMPROVEMENT 

Before  the  beginning  of  an  acoustic  improvement  the  measurements  of  sound  level  and  sound 
pressure  levels  within  octave  and/or  1/3  octave  bands  at  particular  points  in  cabin  are  carried 
out  in  the  operational  regimes  of  machines  establisned  by  corresponding  standards.  These 
measurements  allow  to  formulate  the  task  of  the  acoustic  improvement  by  comparison  of  actual 
noise  parameters  with  those  required  the  customer. 

The  first  stage  of  acoustic  Improvement  includes  a  complex  vibro-acoustic  tests  of  the  machine 
operating  in  standardized  regimes  with  the  aim  to  determine  principal  primary  and  secondary 
sources  of  noise  as  well  as  the  ways  of  penetration  of  the  same  inside  the  cabin. 

The  principally  basic  series  of  measurements  includes: 

-  measurement  of  the  external  acoustic  field  around  the  cabin; 

-  measurement  of  the  internal  acoustic  field  inside  the  cabin; 

-  measurement  of  vibration  fields  of  the  cabin  panels: 

-  measurement  of  difference  of  vibration  on  the  flexible  mounts  of  the  cabin. 

The  analysis  of  the  results  of  the  above  measurements,  usually,  allows  to  detect  the  sources  of 
the  noise  ana  the  ways  of  its  penetration  into  the  cabin.  In  questionable  cases  an  additional  series  of 
measurements  should  be  earned  out,  the  programme  of  which  can  not  be  specified  in  advance, 
since  it  depends  on  the  results  of  the  preceding  measurements. 
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In  the  process  of  additional  measurements  the  methods  of  successive  deduction  of  different 
noise  sources  and  of  partial  disassemble  of  the  machine  can  be  used;  noise-reducing  devices 
of  different  types  can  ^  applied,  which  are  useless  for  practical  purposes  but  can  assist  the 
researcher  to  obtain  complementary  data  for  analysis.  Thus,  besides  the  measurements  of  the 
commonly  adopted  parameters  of  noise  and  vibration,  in  some  cases  it  appears  necessary  to  measure 
the  sound  intensity  as  well  as  transfer  functions.  In  any  case,  the  process  of  additional  measurements 
has  an  expressly  creative  character  and  its  success  depend^  to  a  large  extent,  on  the  intuition  and 
experience  of  the  researcher. 

After  the  principal  sources  of  the  noise  and  the  ways  of  its  penetration  into  the  cabin  are 
detected,  the  second  stage  of  acoustic  improvement  is  carried  out,  which  includes  complex  stand 
tests  of  the  cabin  and  its  elements  and,  if  necessary,  of  other  units  of  the  machine  with  the  aim  to 
discover  and  eliminate  their  design  defects,  causing  a  higher  noise  level.  These  tests  can  be 
conducted  on  both  non-operating,  assembled  machine  and  on  its  separate,  disassembled  parts  and 
unit^mounted  on  special  test  stands. 

The  stand  tests  of  the  cabin  and  its  elements  include  the  following  types  of  measurements; 

-  determination  of  sound  insulating  properties  of  the  cabin  and  its  separate  panels  by  measuring 
the  "apparent"  sound  insulation; 

-  determination  of  the  efficiency  of  sound  absorption  in  the  cabin  by  measuring  the  reverberation 
time; 

-  determination  of  natural  modes  and  frequencies  of  oscillations  of  the  air  volume  in  the  cabin 
by  measuring  transfer  functions; 

-  determination  of  natural  modes  and  frequencies  of  oscillations  of  cabine’s  panels  by  means  of 
modal  analysis; 

-  determination  of  acoustic  defects  of  the  cabin  measuring  the  acoustic  intensity; 

-  determination  of  the  efficiency  of  flexible  mounts  of  the  cabin; 

-  determination  of  the  efficiency  of  the  noise  protecting  materials  used  in  the  cabin. 

As  an  illustration  in  Fig  1-7  some  stands  for  the  above  mentioned  tests  are  shown. 

During  the  stand  tests  of  the  cabin  some  technical  improvements  and  complementary  noise- 
reducing  means  are  developed  and  introduced  in  its  design,  which  allow  to  eliminate  the 
discovered  acoustic  defects.  If  necessaiy,  corresponding  stand  tests  of  other  machine’s  elements  are 
also  carried  out  and  improvements  are  brought  about. 

The  third  stage  of  the  acoustic  improvement  envisages  the  tests  of  the  efficiency  of  the 
improvements  and  complementaiy  means  of  noise  reducing  introduced  in  the  design,  and,  if 
necessary,  the  final  adjustment  of  the  machine  is  accomplished  so,  that  it  can  meet  the  customer’s 
requirements.  The  tests  are  realized  while  the  machine  is  operating  in  standardized  regimes. 

First,  all  the  improvements  and  complementary  noise-reducing  means  developed  at  the  second 
stage  are  introduced  in  the  machine’s  design  and  the  standard  measurements  of  noise  level  and 
sound  pressure  levels  within  the  octave  and/or  1/3  octave  bands  are  carried  out.  If  these 
parameters  correspond  or  are  lower  than  the  customer’s  requirements,  the  next  step  is  taken. 
Otherwise,  it  is  necessary  to  repeat  certain  steps  of  the  first  and  second  stages  of  the  acoustic 
improvement  with  the  purpose  to  eliminate  hidden  defects  which  become  explicit  in  the  process  of 
noise  lowering. 

The  following  step  of  the  third  stage  is  the  element-by-element  check  of  the  efficiency  of 
each  developed  improvement  in  order  to  determine  whether  it  is  worthwhile  to  introduce  it  in  the 
machine’s  design.  In  this  case,  the  best  results  are  obtained  by  so-called  method  of  "strip-tease",  in 
the  process  of  which,  the  efficiency  of  each  improvement  is  determined  by  way  of  its  dismount  and 
measurement  of  the  increment  value  of  noise  parameters.  Before  the  testing  or  the  efficiency  of  the 
next  improvement,  the  former  one  is  mounted  on  the  machine  again. 

The  final  result  of  the  acoustic  improvement  of  the  machine  is  a  list  of  improvements, 
indicatii^  the  efficiency  of  each  of  them,  which  enables  the  customer  to  choose  the  most  acceptable 
version  from  the  point  of  view  of  his  possibilities  and  price. 

EXAMPLE  OF  ACOUSTIC  IMPROVEMENT 

An  example  of  the  results  of  the  acoustic  improvement  can  be  illustrated  on  the  grain 
harvester  "Kedr’.  The  customer  set  a  task  to  obtain  in  the  cabin,  in  standard  point,  a  sound 
level  of  78  dB(A)  and  corresponding  levels  of  sound  pressure  within  the  octave  bands  of  frequencies 
of  31,5-8000  Hz.  The  problem  was  solved  according  to  the  methodology  exposed  in  preceding 
section. 

.  During  the  designing  of  the  test  sample  the  most  general  measures  were  taken  to  reduce  the 
noise  in  the  cabin.  The  engine,  which  is  usually  one  of  the  main  sources  of  noise,  was  installed  at 
a  maximum  possible  distance  from  the  cabin  and,  besides,  the  grain  hoppier  was  mounted  between 
the  engine  and  cabin,  which  served  as  a  sound  insulating  shield.  The  cabin  was  designed  in  the 
shape  of  a  hermetically  closed  capsule,  installed  on  4  flexiole  mounts.  The  metallic  parts  of  the 
cabin’s  walls  were  coated  with  vibration-damping  material  and  a  layer  of  sound-absorbing 
material  was  laid  over  it,  except  for  the  floor,  which  was  covered  with  sound-insulating  rug.  The 
measurements  of  noise  parameters  on  the  test  sample  of  the  harvester  showed,  that  the  noise  level  in 
the  cabins  standard  point  was  82  dB(A),  i.c.  4  dB  higher  than  the  required  one,  meanwhile  the 
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sound  pressure  levels,  observed  within  the  octave  bands  of  125,  250,  500  and  1000  Hz  were  higher  3, 
2,  2  and  4  dB  respectively  (fig.  8). 

The  first  stage  of  acoustic  improvement  consisted  in  that  the  harvester  was  subjected  to 
complex  vibro-acoustic  tests.  The  measurements  of  the  acoustic  field  around  the  cabin  showed,  that 
the  main  primary  noise  sources  were  the  working  elements,  located  under  the  cabin,  and,  therefore 
the  floor  proved  to  be  the  most  acoustically  loaded  part  of  the  cabin.  The  measurements  of  the 
internal  acoustic  field  inside  the  cabin  and  vibration  fields  of  its  panels,  also  showed,  that 
the  floor  is  the  most  intensive  secondary  noise  source  in  the  cabin.  The  measurements  of  the 
difference  of  vibrations  on  the  flexible  mounts  between  chassis  and  the  cabin  revealed  an  explicit 
defect  of  the  apparent  vibration  insulation  within  the  frequency  range  of  100-300  Hz  (fig.  9).  Thus, 
it  was  proved,  that  the  principal  ways  of  penetration  of  noise  into  the  cabin  is  the  air  way  -  through 
the  floor  and  structural  way  -  throuM  the  cabin  flexible  mounts. 

During  the  second  stage  a  set  of  complex  stand  tests  of  the  cabin  was  carried  out  with  the 
purpose  to  check  and  eliminate  structural  faults,  causing  a  higher  noise  level.  The  cabin  was 
dismounted  from  the  harvester  and  installed  on  a  special  stand  (ng.  1),  which  allowed  to  carry  out 
the  whole  complex  of  necessary  tests. 

The  first  test  was  aimed  at  determination  and  increase  of  efficiency  of  sound  absorption 
inside  the  cabin.  In  fig.  10  tbe  characteristics  of  reverberation  time  in  the  cabin  are  given  in 
dependence  of  the  frequenw  before  and  after  the  improvement  of  sound-absorbing  coatings.  It  is 
evident,  that  the  efficiency  of  sound  absorption  was  increased  more  than  by  two  Times  within  the 
octave  bands  of  500  and  lOOO  Hz,  where  it  was  a  serious  problem,  as  well  as  in  higher  frequencies.  . 

The  next  test  was  fulfilled  in  order  to  determine  and  increase  the  sound  insulation  of  the  floor 
in  the  cabin.  In  fig.  11  the  characteristics  of  "apparent”  sound  insulation  of  the  floor  are  given 
before  and  after  the  insulating  properties  of  the  rug  were  improved.  At  the  same  time  some 
acoustic  holes  in  the  floor  were  detected  and  eliminated:  the  junction  between  the  rear  panel 
and  floor  and  the  entrance  hole  for  the  lever  of  gear  box.  Thus  the  "apparent"  sound  insulation  of 
the  floor  was  increased  ^  14-5,0  dB  within  the  range  of  frequencies  of  250-1000  Hz. 

The  next  series  of  stand  tests  was  aimed  at  the  search  and  elimination  of  design  defects 
causing  an  increased  structure-borne  noise.  The  global  transfer  functions  between  the 
principal  points  of  penetration  of  sound  vibration  into  the  cabin  and  microphone,  located  near 
the  o^rator’s  ear  were  measured.  An  example  of  such  a  function  is  given  in  fig.  12.  As  a  result  a 
higher  sensibility  of  the  cabin  within  the  ranges  of  frequencies  of  4tX)-500  and  800-1000  Hz  was 
detected.  This  proves,  that  the  cabin  has  detects  in  its  design  which  lead  to  increased  structure- 
borne  noise  in  these  ranges  of  frequencies. 

Then,  the  inertance  characteristics  of  the  cabin  were  measured  in  the  points  of  fastening  of 
flexible  mounts.  One  of  such  characteristics  is  given  in  fig.  13.  The  inertance  characteristic  of  the 
cabin  flexible  mount  is  also  given  here  for  comparison.  The  proximity  of  their  values  in  the  range  of 
frequencies  of  100-280  Hz  accounts  for  vibroinsulation  defect,  detected  during  the  natural  tests. 

Afterwards  a  modal  analysis  of  the  cabin  was  realized  in  123  points,  which  revealed  the 
elements  of  the  cabin  with  the  biggest  dynamic  deformations.  These  elements  turned  out  to  be  the 
profiles  located  under  the  floor,  cabin  mount  brackets  and  the  depression  under  the  seat.  These 
elements  are  the  most  active  in  natural  modes  of  the  cabin  oscillations  with  frequencies  of  182, 
220.  278  and  318  Hz.  As  an  example  in  fig.  14  the  deformations  of  the  cabin’s  floor,  rear  wall  ana 
roof  at  the  frequency  of  182  Hz  are  given.  Following  the  results  of  the  modal  analysis  the  mount 
brackets  of  the  cabin  were  reinforced  and  the  dynamic  rigidity  of  proper  mounts  was  reduced  by 
means  of  slits  cut  in  the  rubber  elements.  The  results  are  illustrated  in  fig.  15.  One  can  see,  that 
the  difference  between  the  inertances  substantially  increased;  which  should  raise 
considerably  the  efficiency  of  vibration  insulation.  Afterwards,  the  profiles  under  the  floor  and  the 
depression  under  the  seat  were  also  reinforced. 

In  fig.  16  the  results  of  lowering  of  the  noise  inside  the  cabin  within  the  octave  bands  of  125- 
1000  Hz  are  given  due  to  the  consecutive  introduction  of  the  developed  structural  improvements. 

In  fig.  8  the  final  results  of  the  work  are  given.  It  is  easily  noted,  that  the  sound  level  is  lowered 
down  to  77  dB(A)  and  the  sound  pressure  lev^s  in  octave  bands  of  125,  250,  500  and  1000  Hz  are 
reduced  to  89,  79,  74  and  70  dB  respectively,  which  are  lower  than  the  required  by  the 
customer. 

CONCLUSION 

The  information  given  in  this  report  shows  the  possibilities  of  thorough  methodological 
approach  to  the  problem  of  practical  lowering  of  air-  and  structure  borne  noise  in  agricultural 
machines  and  tractors,  which  is  used  in  the  Acoustic  Laboratory  of  VISKHOM.  In  combination  with 
modern  measuring  and  analytical  equipment,  specially  developed  test  stands  this  method  is  a 
powerful  tool  for  acoustic  improvement  of  the  maimines  meeting  the  technical  specifications  of  the 
customers.  The  Acoustic  Laboratory  is  ready  for  mutually  oeneficial  cooperation  with  foreign 
manufacturers  of  machines,  noise-reducing  materials  as  well  as  with  laboratories  engaged  in 
applied  acoustic  researches. 
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Fig.  I  Stand  for  complex  tests  of  cabins 


Fig.2  Stand  for  measurements  of  the  sound 
insulation  of  cabin  panels 


Fig-S  Stand  for  tests  of  vibration  dapiping  Fig.6  Stand  for  tests  of  sound-insulating 
materials  materials  and  structures 


Fig.7  Stand  for  tests  of  flexible  mounts  F/g.S  Noise  parameters  in  the  cabin  of  the 

combine  "Kedr"  before  and  after  acoustic 
improvements 


tlM,  m 


Fig.9  Difference  of  vertical  vibration  levels  Fig.lO  Reverberation  time  in  the  cabin  be¬ 
en  the  flexible  mount  between  chassis  and  fore  and  after  the  improvement  of  sound 

cabin  absorbing  coatings 


a  (vk/v) 


Fig.  1 1  "Apparent"  sound  insulation  of  cabin  Fig.l2  Global  transfer  function  between  the 
flTOr  before  and  after  improvement  of  sound  flexible  mount  fastening  point  and 
insulating  rug  microphone  near  operator’s  ear 


4B  Hm/m^i/K) 


Fig.13  Inertance  characteristics  of  the  cabin 
in  the  flexible  mount  fastening  point  and  of 
the  mount  itself  before  the  introduction  of 
structural  improvements 


Fig.l4  Example  of  the  modal  analysis  of  the 
cabin 


dB 


Fig.  15  Inertance  characteristics  of  the  cabin 
in  the  flexible  mount  fastening  point  and  of 
the  mount  itself  after  the  introduction 
of  structural  improvements 


Fie.l6  Lowering  of  noise  level  in  the 
cabin  of  the  combine  "Kedr"  with  gradual 
introduction  of  constructive  improvements 

.  initial  stage 

-  intermediate  solution  (improvement 

of  sound  absorbing  coating^ 

- intermediate  solution  (improvement 

of  sound  insulation  of  the  floor) 

- intermediate  solution  (improvement 

of  vibration  insulation) 

—  final  stage  (reinforcement  of  the 
floor  elements) 
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ABSTRACT  - 

The  aim  of  the  title  subject  is  to  present  an  original  approach  combining  Finite  Elements  and  Integral 
Equations  for  solving  coupled  problems  related  to  spatial  structures. 


Based  on  the  fact  that  the  interaction  is  moderate,  the  proposed  method  consists  In  a  time  domain  calculation 
coupling  two  independant  kernels  ,  a  structural  and  an  acoustical  one,  in  an  iterative  scheme.  The  successive 
resolution  of  their  relevant  equations  furnishes  exact  interaction  results  with  very  few  iterations. 
Preliminary  requirements  are  the  modal  characteristics  of  the  structure  which  can  be  obtained  by  means  of 
any  classical  finite  element  code. 


The  developed  code,  named  ASTRYO-C,  has  been  first  applied  to  the  response  analysis  of  a  test  sandwich  panel 
in  air.  The  recent  development  of  a  new  acoustic  element,  suited  for  thin  surface  description,  improved  the 
accuracy  of  the  obtained  results  and  allowed  a  significant  reduction  of  computational  time. 


I.  INTRODUCTION  - 

For  recent  years,  METRAVIB  R.D.S.  has  been  involved  with  industrial  problems  where  the  coupling  effects 
between  acoustics  and  vibrations  could  no  more  be  ignored.  Striking  examples  are  encountered  in  the 
automotive  and  aeronautical  industries  (interior  noise  evaluation  in  vehicles  or  in  aircraft  cabins,...). 

Another  field  of  interest  concerns  spatial  applications.  In  a  context  where  experimental  test  studies  are  very 
expensive,  the  need  for  modelization  techniques  dedicated  to  fluid/structure  interactions  is  growing.  Indeed, 
spatial  structures  (ie.  satellite  structures  and  related  components)  become  thiner  and  lighter  than  they  ever 
were.  Consequently,  their  sensitivity  to  any  kind  of  solticitation  Increases.  Particularly  during  launching, 
acoustical  sollicitations  reach  so  high  levels  that  damages  could  result  on  the  satellite  structure.  In  order  to 
predict  and  possibly  prevent  such  damages,  it  is  necessary  to  estimate  acceleration  levels,  especially  at  the 
fixation  points  of  the  various  attached  equipments. 

In  the  respect  fluid/structure  interaction  modelling  can  be  very  helpful  towards  a  better  understanding  of  the 
dynamical  behavior  of  such  structures  submitted  to  very  adverse  environment  conditions. 

The  proposed  method  belongs  to  a  class  of  modelling  techniques  which  couples  Finite  Elements  with  Integral 
Equations.  However,  it  incorporates  two  essential  innovations  in  order  to  allow  computations  In  the  middle 
frequency  range  without  excessive  CPU  time  increase. 
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First,  the  time  domain  approach  reveals  well  suited  to  wide  frequency  band  response  problems.  Indeed,  it  has 
been  shown  that  limiting  the  computed  results  to  the  early  times  sequence  did  not  sensitively  affect  the 
response  bandspectra,  except  in  the  very  low  frequency  region.  So  short  time  interval  computations 
contribute  reducing  the  total  computational  costs. 

Moreover,  the  presence  of  a  light  fluid  (air)  produces  only  a  moderate  coupling  on  the  structure.  An  iterative 
procedure  coupling  two  independant  kernels  (describing  the  acoustical  and  structural  behavior  successively) 
Is  then  well  suited.  It  avoids  the  time  consuming  task  of  inverting  strongly  coupled  operators  as  they  generally 
appear  in  frequency  domain  methods. 

The  sandwich  panel  example  discussed  hereafter  has  been  considered  first  lor  simplicity.  It  constitutes  an 
excellent  test  case  for  the  proposed  method  to  be  validated.  After  recalling  some  results  obtained  with  a  3- 
dimensional  panel  geometry  (finite  thickness  [1]),  we  expose  new  results  computed  in  the  framework  of  a  so- 
called  thin  surface  formulation. 

Confrontation  with  measurements  demonstrates  the  capabilities  of  the  ASTRYD  code  to  predict  typical  coupled 
effects  that  cannot  be  neglected. 

II.  FLUID/STRUCTURE  COUPLING  IN  THE  TIME  DOMAIN  - 


II. 1.  Classical  impenetrable  acoustic  elements  - 

As  stated  in  the  introduction,  the  time  domain  approach  appears  is  a  good  compromise  to  evaluate 
fluid/structure  coupling  effects  when  these  are  moderate.  This  is  typically  the  case  for  light  structures  in  air 
(lew  hundreds  g/m^  to  few  kg/m^  surface  mass).  Then,  an  iterative  coupling  scheme  can  be  applied  to  the 
resolution  of  such  problems  (as  was  first  pointed  out  by  PARK  and  co-authors  in  refs  [2-4]),  advantageously 
replacing  strong  coupling  algorithms.  In  fact,  the  approach  implemented  in  the  ASTRYD-C  code  provides  an 
efficient  way  to  reach  the  middle  frequency  range  without  exceeding  computational  costs. 

The  proposed  method  consists  in  coupling  two  independant  kernels,  a  structural  and  an  acoustical  one.  In  fact, 
this  relative  independence  has  made  possible  to  build  the  structural  part  (time  domain  resolution  of  the 
mechanical  equations)  into  the  original  ASTRYD  code  developed  by  METRAVIB  R.D.S.  [5-7]. 

ASTRYD  is  based  on  a  classical  KIRCHHOFF's  formulation  (retarded  potential  technique).  A  large  variety  of 
problems  in  general  linear  acoustics  can  be  handled  with  this  code  and  a  specific  paper  has  been  dedicated  to  its 
applications  for  solving  industrial  problems  [8]. 


The  generic  integral  equation  to  be  solved  in  order  to  obtain  Ihe  sound  pressure  field  p  on  the  surface  of  a  3- 
dimensional  structure  of  arbitrary  shape  reads  : 


2n  p(Mo,to)  -  !  (p'grad  (1/d)  -  (1/cd)  p’grad  d)  n„  do 
X 


(I) 


+  4n  ^  Sk'/rx  +  Po  f  w/d  do) 


where  Mq 

M 
Or 
d 

rw 


Calculation  point  on  x 
Arbitrary  point  on  X 

Ijocation  of  the  acoustic  pressure  point  source  Sk 
ImMqI  ,  rx-lOkMol 
outward  normal  vector  to  £  in  M. 


The  asterisc  means  that  the  corresponding  variable  has  to  be  evaluated  at  the  retarded  time  t  -  to-d/c  or 
tk  ~  to  -  Ht/c,  and  the  point  denotes  time  derivative. 


For  purely  acoustical  radiation  problems,  the  acceleration  term  w  specifies  the  movement  of  the  surface  X  (or 
part  of  it).  This  term  is  omitted  when  diffraction  problems  are  considered. 

For  coupled  problems  however,  it  is  always  present  :  w  expresses  the  vibrational  behavior  of  the  studied 
structure.  When  strongly  coupled  to  the  acoustics,  the  structural  kernel  cannot  be  solved  separately.  But,  in 
the  moderate  coupling  case,  an  Independani  resolution  of  both  kernels  (coupled  only  through  the  iterative 
algorithm  exposed  hereafter)  leads  to  the  correct  solution.  Formally  the  proposed  approach  can  be  expressed 
as  follows.  Quite  generally,  the  dynamical  behavior  of  the  coupled  fluid/structure  system  is  described  by 
operators,  say  L  for  fhe  structural  part  and  R  for  the  acoustics.  Using  these  notations,  the  following  system  of 
equations  must  be  solved  : 
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(2) 

(3) 


with 


Lw  -  f 

p  -  Rw 

w  -  normal  surface  acceleration 
p  «  surface  pressure 

f  -  density  of  applied  exterior  forces. 


Whenever  f  represents  the  unique  sollicitatlons,  the  coupled  problem  is  written  : 


(L-R)  w  =  f 


(4) 


If  the  moderate  coupling  assumption  is  valid,  the  time  consuming  task  of  inverting  the  operator  (L-R)  can  be 
avoided  and  the  solution  of  (4)  is  obtained  in  form  of  a  NEUMAN  series.  Explicitely,  this  relation  corresponds 
to  following  iterative  procedure  : 


w  -  {  I  +  X  (L  ’R)'^  }  L  ’f 

k~1 


(5) 


At  each  time  step,  the  relevant  equations  describing  the  vibrational  and  acoustic  behavior  of  the  structure  are 
successively  solved  until  convergence  is  achieved. 

The  convergence  criterion  applied  in  ASTRYO-C  is  expressed  in  terms  of  pressure  variables.  Successively 
Iterated  pressure  field  evaluations  are  compared  until  following  global  condition  is  fulfilled  ; 

X  I  Pii"!  •  X  IPi*"-"!'  <  e*  (6) 

i  i 

Typical  values  for  the  parameter  e  are  tO-^-tO-*,  which  allows  the  converged  solution  pi(t)  to  be  obtained  in 
few  iterations  at  each  time  step  (usually  4  to  5  for  the  studied  panel). 

11.1.  Thin  surface  element  approach  - 

Although  the  original  approach  gave  promising  results  (cf.  [1]),  it  is  poorly  suited  to  handle  coupled  problems 
where  the  considered  structures  Include  acoustic  cavities.  A  correct  treatment  of  such  problems  with  the 
classical  approach  (impenetrable  acoustic  elements)  would  require  a  double  layer  structure  meshing  :  one 
adressing  the  exterior  problem  and  the  other  one  the  interior  problem.  This  means  a  substantial  increase  in 
the  computational  costs  compared  to  a  single  layer  meshing  method.  This  is  precisely  the  motivation  for 
developing  a  so-called  thin  surface  approach  of  fluid/structure  coupled  problems. 

In  this  new  formulation,  we  consider  two  pressure  variables  namely  the  mean  surface  pressure  p  and  the 
pressure  differential  Ap,  related  to  the  external  surface  pressure  pe  and  internal  surface  pressure  pi  through 

P  -  (Pe+Pi)/2  (7) 

Ap  m  Pe-Pi 

If  the  structure's  surface  £  Is  divided  into  two  parts,  £e  £|  so  that  £  -  £e  ^i  •  'I  appears  that  both  pe  and 
Pi  are  present  in  the  KIRCHHOFF's  integral  equation  (1).  The  reason  why  the  variables  defined  by  relations 
(7)  are  preferred  to  the  couple  (Pe,Pi)  Is  that  they  satisfy  a  set  of  uncoupled  inlegrai  equations.  In  the 
special  case  of  plane  geometry,  some  simplirications  occur  and  the  final  form  of  the  equations  to  be  solved  Is 
following  ; 


-  4npo  W  (Mo,to)  =  F.p.  j  (ApVd’  +4p*/(cd2))  da  (8a) 

£ 

+  4n  X  (1/fk)  (8rK/8nMo)  (Sk*/c+  Sk*/r) 
k 


P-X  Sk*/rk 

k 


(8b) 
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where  all  the  occuring  symbol  have  the  same  meaning  as  in  (1).  F.P.  stands  for  ‘finite  part  of  the  integrar 
because  of  the  singularities  that  need  to  be  integrated.  When  considering  only  the  associated  diffraction 
problem  (purely  acoustical  application,  vanishing  w  field),  these  equations  have  recently  been  discussed  by 
KAWAIandTERAI  [9], 

In  a  first  step,  the  results  presented  by  these  authors  have  been  considered  as  a  test  example  for  the  validation 
of  the  formulation  Implemented  in  ASTRYD. 

Then,  the  coupled  panel  problem  has  been  treated  in  this  framework.  It  is  apparent  from  (8a)  that  the  form  of 
the  acoustical  operator  R  Is  somewhat  different  from  the  one  resultant  from  the  Integral  equation  (1). 
However,  this  doesn't  affect  the  validity  of  the  iterative  procedure  exposed  above.  The  fact  that  the  acceleration 
(=  structural)  term  don't  include  retarded  time  contributions  anymore  simply  saves  some  computational 
time.  Convergence  of  the  whole  procedure  Is  achieved  with  a  rate  comparable  to  the  approach  based  on  the 
solution  of  integral  equation  (1). 


III.  STUDIED  CONFIGURATIONS  - 

The  considered  structure  Is  a  sandwich  panel  typical  for  spatial  applications.  Its  material  characteristics  are  : 


Faceplates 


Core 


Dimensions 


Aluminium  2024 
Thickness  0.4  mm 
Density  2770  kg/m^ 

Young's  modulus  73  GPa 
Poisson's  ratio  0.33 

Honeycomb  5056  6/36 
Thickness  19.2  mm 
Density  40  kg/m® 

Coulomb's  moduli 

Gxz-215MPa 
Gyz  -  110  MPa 

2.50  m  X  1.60  m,  total  thickness  20  mm. 


Two  types  of  boundary  conditions  have  been  analyzed  ;  all  edges  simply  supported  and  free  edges.  For  both 
configurations,  a  preliminary  computation  (analytical  or  FE  model)  delivers  the  corresponding  modal  basis, 
the  knowledge  of  which  is  required  to  solve  the  structural  equations  in  the  time  domain. 

Typical  results  obtained  with  ASTRYD-C  are  discussed  in  the  next  paragraph  and  compared  with  experimental 
data. 


IV.  NUMERICAL  RESULTS  ■  COMPARISON  WITH  EXPERIMENTAL  DATA  - 


The  panel  configurations  offer  two  advantages  :  they  are  relatively  simple  to  handle  (and  consequently  well 
suited  for  vaiidation  purposes)  and  allow  corresponding  experimental  tests  to  be  performed.  In  this  study, 
mechanical  (point  force  sollicitation),  modal  characteristics  (measurements)  and  acoustic  (radiated  pressure 
measurements  in  anecholc  room)  tests  were  conducted. 

IV.1.  Vibration  results  - 

Two  types  of  results  have  been  analyzed  : 

•  transfer  spectra  (mean  values  of  the  normal  acceleration) 

•  related  eigenfrequencies  modal  shapes. 

The  frequency  spectrum  associated  with  the  point  force  time  profile  covers  the  range  0-500  Hz. 
Consequently,  the  Fourier  Transforms  of  the  time-domain  results  delivered  by  ASTRYD-C  are  analyzed  in  this 
frequency  band. 

Figure  1  illustrates  typical  coupling  effects  due  to  the  action  of  the  amblant  fluid  (air)  on  the  structural 
behavior.  Frequency  shifts  between  4  %  and  14  %  vs.  In  vacuo  eigenfrequencies  have  been  correctly 
reproduced,  as  cleaily  appears  from  Table  1 ,  where  a  comparison  between  observed  and  calculated  values  Is 
summarized. 
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It  is  here  particularly  interesting  to  point  out  that  the  thin  surface  approach  improved  the  accuracy  of 
previously  obtained  results,  with  a  significant  reduction  of  total  computational  time.  Indeed  the  CPU  time 
required  to  run  the  iterative  procedure  on  the  finer  case  (192  triangular  elements  meshing)  is  about  one 
order  of  magnitude  smaller  that  the  time  corresponding  to  the  associated  volume  meshing  (thick  plate  with 
464  elements). 

Figure  2  gives  a  complementary  comparison  between  model  and  experimentation.  This  typical  example  of  a 
couple  of  modal  shapes  is  representative  of  the  good  concordance  between  numerical  and  measured  acceleration 
fields  on  the  panel  surface.  In  every  case,  the  location  of  the  point  force  sollicifafion  has  been  eccentered  so 
that  a  maximum  number  of  modes  could  be  as  clearly  identified  as  the  one  presented  here. 

IV.2.  Radiation  results  - 

Once  ASTRYD-C  has  evaluated  the  pressure  response  on  the  surface  of  the  studied  panel,  a  classical 
HELMHOLTZ  integral  formulation  leads  to  radiated  pressure  values  in  every  point  located  In  the  fluid. 

It  is  particularly  interesting  to  concentrate  on  the  frequency  evolution  of  the  plate  radiation  efficiency  orad- 
This  quantity  is  defined  as  a  non-dimensional  ratio  of  the  radiated  power  to  the  quadratic  velocity  of  the  plate. 

Figure  3  illustrates  the  incidence  of  the  boundary  conditions  on  orad-  In  (tie  low  frequency  region,  the  simply 
supported  plate  shows  as  expected,  a  higher  radiation  efficiency.  The  differences  between  the  two  curves 
reduce  as  the  frequency  is  increased  and  above  coincidence  frequency  (450  Hz)  practically  no  incidence  of  the 
boundary  conditions  is  noticed.  These  properties  have  been  recently  discussed  on  the  example  of  rigid  plates 
[10]. 

The  results  obtained  by  ASTRYO-C  for  thin  plates  where  coupling  effects  are  taken  into  account  lead  to  very 
similar  conclusions.  Figure  4  confirms  this  fact  (direct  comparison  between  rigid  and  coupled  results  in  the 
case  of  simply  supported  edges).  Except  In  the  very  low  frequency  range  (f  <  10  Hz  for  mode  (2,1)  ),  the 
comparison  of  our  results  with  [10]  Is  excellent. 

Other  typical  phenomenas  like  the  increase  of  radiation  damping  near  the  coincidence  frequency  have  also  been 
recovered  with  ASTRYD-C  ,  no  matter  the  formulation  ('thick*  or  thin  plate  description).. 


£{fiUSE_l 

Typical  calculated  response  spectra  on  the  panel 
(mean  values  of  normal  surface  acceleration) 
simply  supported  panel  in  vacuo 
-  simply  suf^rted  panel  in  air 


IN  VACUO 

IN  AIR  n) 

IN  AIR  (21 

MEASURES 

35.4 

31 

30 

26  5 

65.9 

61 

59 

59 

106.7 

104 

100 

108 

1 16.4 

1  1  1 

106 

112 

136.6 

133 

127 

134 

181.1 

180 

175 

180 

226.0 

215 

213 

223 

254.7 

243 

240 

249 

274.0 

261 

260 

302.2 

289 

269 

8«« _ 

341.9 

326 

320 

212 

367.7 

_ 22Z _ 

_ Hi _ 

351 

TABL£  1  : 

first  modal  frequencies  related  the  test  sandwich  panel 
Simply  si^iported  edges  -  no  additional  equipmeni 

(1)  ASTRYD-C  with  3  dim  plate  description 

(2)  ASTRYD-C  vrith  thin  surface  apppoat^ 
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FIGURE  2  ;  Couple  ol  modal  shapes  comparing  numerical  anr)  experimental  results 
Normal  surface  acceleration  -  Simply  supponed  panel 
Measures  :  I  -  ISO  Hz 
ASTRYD  C  :  I  .  ITS  Hz 


FIGURE  3  ;  Global  radfaSon  emdenclea 

Influence  ol  the  boundary  conditions 
—m  Simply  supported  edges 

-  baeedgas 
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fiaURe  4  :  Single  mods  radiation  effia'ancies 

(successively  modes  (1,1)  .  (2.1)  and  (3,1) 

Broken  iines  give  comparison  wild  rigid  panel  results  1 10] 


V.  CONCLUSION  - 


An  original  method  has  been  presented,  which  Is  dedicated  to  fluid/structure  interaction  phenomenas.  This 
Innovative  approach  Is  particularly  suited  to  the  analysis  of  light  structures  In  air,  where  the  ambiant  fluid 
does  not  strongly  affect  the  structural  behavior.  Based  on  this  assumption,  an  iterative  coupling  scheme  has 
been  developed  and  tested  in  the  case  of  a  panel  structure  typical  for  spatial  applications. 

The  Introduction  of  a  new  type  of  acoustical  elements  (so-called  thin  surface  description)  improved  both 
accuracy  and  computational  efficiency  versus  previously  obtained  results  within  the  same  general  framework. 

Comparisons  between  numerical  and  experimental  results  demonstrate  the  capabilities  of  ASTRYD-C  to 
predict  typical  coupling  effects  (between  4  %  and  14  %  frequency  shifts)  on  light  structures  in  air.  The 
proposed  Iterative  approach  seems  to  be  promising  for  middle  frequency  calculations.  And  the  thin  surface 
description  will  enable  3-dlmenslonal  structures  including  acoustical  cavities  to  be  considered. 
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ABSTRACT 

An  elastic  shell  has  unique  acoustic  properties  because  of  its  ability  to  support 
elastic  waves  which  may  be  strongly  coupled  to  the  acoustic  field  outside  the  shell. 
When  such  a  shell  is  loaded  with  internal  structures,  its  acoustic  features  become  even 
richer.  On  the  one  hand,  the  structural  loading  may  interact  with  the  shell  waves, 
changing  their  coupling  efficiency  to  the  acoustic  field  and  hence  altering  the  radia¬ 
tion/scattering  characteristics  of  the  shell.  On  the  other  hand,  the  internal  structures 
may  be  resonantly  excited,  resulting  in  direct  coupling  between  the  acoustic  field  and 
the  internals,  which  imprints  the  resonance  signature  of  the  internals  in  the  acoustic 
field.  In  both  cases,  the  acoustics  of  the  loaded  shell  may  be  quite  different  from  that 
of  an  empty  shell.  In  this  paper,  the  acoustic  effects  of  internal  structural  loading  is 
examined  analytically  by  developing  a  theory  that  leads  to  explicit  solutions  for  both 
the  sound  field  and  the  vibrations  of  the  loaded  shell.  The  dependence  of  the  acous¬ 
tic  field  on  frequency,  structural  loading  strength,  loading  location  and  attachment 
style  is  discussed,  and  the  dominant  mechanisms  that  control  the  radiation/scattering 
process  are  identified  in  different  parameter  and  spatial  domains. 


1.  INTRODUCTION 

During  the  past  few  decades,  there  has  been  quite  extensive  research  on  vibra¬ 
tional  and  acoustical  properties  of  fluid  loaded  elastic  shells.  These  studies  have 
revealed  very  interesting  features  concerning  the  coupling  between  the  shell  and  the 
surrounding  fluid.  Owing  to  these  studies,  the  acoustic  radiation/scattering  charac¬ 
teristics  of  homogeneous  shells  have  been  quite  thoroughly  understood,  especially  in 
the  low  to  intermediate  frequency  domain  for  shells  of  thickness  small  compared  with 
both  the  overall  dimension  of  the  structure  and  the  acoustic  wavelength;  these  shells 


can  be  considered  as  both  geometrically  and  acoustically  thin.  On  the  other  hand,  for. 
shells  with  some  kind  of  discontinuity,  either  due  to  changes  in  the  shell  material  or 
because  of  the  attachment  of  internal  structures,  the  problem  is  much  less  satisfacto¬ 
rily  addressed,  though  there  has  been  considerable  interests  in  internally  loaded  shells 
in  recent  years. 

An  elastic  shell  has  interesting  acoustic  properties  because  it  can  support  elcistic 
waves.  For  a  homogeneous  shell,  these  waves  are  strongly  coupled  to  the  acoustic 
field  if  they  have  supersonic  phase  speed;  the  energy  in  the  elastic  waves  can  then 
leak  to  the  surrounding  fluid  as  sound.  For  shells  with  internal  structural  loading,  the 
coupling  between  the  shell  and  the  acoustic  medium  becomes  even  stronger  because 
in  this  case,  the  subsonic  components  of  the  elastic  waves  are  also  strongly  radiating, 
through  their  interactions  with  the  structural  discontinuities  due  to  the  attachment 
of  the  internals.  These  interactions  have  most  profound  effects  on  the  acoustic  field 
when  they  form  resonances;  the  signatures  of  the  empty  shell  are  then  entirely  buried 
in  the  much  stronger  resonances.  Therefore,  the  studies  on  the  acoustic  properties  of 
internally  loaded  shells  can  be  regarded  as  being  mainly  concerned  with  the  conditions 
under  which  the  loaded  structures  cause  strong  resonances,  and  hence,  significantly 
alter  the  scattering/radiation  characteristics  of  the  shell. 

In  this  paper,  a  theoretical  study  is  presented,  which  starts  with  developing  a 
formal  solution  for  internally  loaded  elastic  shells,  including  the  acoustic  field  and  the 
vibrational  response  of  the  shell.  The  solution  is  then  used  to  analyze  the  effects  of 
the  internal  structures  on  the  acoustic  field,  with  emphasis  on  the  differences  between 
empty  shells  and  loaded  shells.  While  the  theory  can  e£isily  2tccommodate  both  scat¬ 
tering  and  radiation  problems,  detailed  results  are  given  for  the  scattering  of  incident 
plane  waves.  In  particular,  analyzed  is  the  dependence  of  the  internal  loading  effects 
on  the  incidence  frequency,  the  incidence  angle,  the  attachment  locations  of  the  inter¬ 
nals,  the  attachment  style  and  the  loading  strength.  The  conclusions  are  drawn  from 
a  systematical  study  reported  in  Ref.  [1-5];  details  can  be  found  in  these  papers. 

2.  FORMULATION  AND  SOLUTION 

Consider  an  acoustic  medium  of  mean  density  po  S'lid  sound  speed  cq-  By  com¬ 
bining  the  conservation  laws  of  mass  and  momentum,  it  is  easy  to  derive  the  governing 
equation  for  the  pressure  fluctuation  p, 

V^p -t- =  iwg -1- V  •  f ,  (1) 

where  k  =  w/cq  is  the  acoustic  wavenumber  with  w  denoting  the  angular  frequency  in 
the  time  harmonic  factor  exp(-tu;t)  which  is  here  and  henceforth  suppressed,  and  q 
and  f  are  respectively  the  source  and  the  force  distribution,  acting  as  driving  terms  to 
the  acoustic  medium.  Suppose  that  a  cylindrical  shell  of  mean  radius  a  is  embedded 
in  the  acoustic  medium  with  its  center  coinciding  with  the  origin  of  the  cylindrical 
coordinate  system  (r,0),  and  that  the  force  distribution  f  is  located  on  the  shell  surface 
r  =  a  so  that 


=  [AWfir  +/#(^)e»]«{r  -  a). 
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where  fr  and  /j  are  components  of  the  force  distribution  respectively  in  the  radial 
and  the  circumferential  direction  with  Cr  and  ej  being  the  unit  coordinate  vectors, 
and  6  is  the  Dirac  delta  function.  Thus,  the  equation  (1)  can  be  easily  solved  by  the 
Green  function  technique.  The  solution  is  simply 

p{r,e)^Po{r,0)  [/r(0o)|^  ad0o,  (3) 

0  otq  a  aOo 

where 

Po{r,0)=i‘^j  q{ro,0o)G(r,9;ro,0o)adrod$o,  (4) 

is  the  field  due  to  the  source  distribution  q  and  the  integrand  of  the  second  term  in 
(3)  is  evaluated  at  ro  — ♦  a  with  (ro,5o)  denoting  the  source  coordinates. 

The  formal  solution  (3)  is  actually  the  familiar  Kirchoff  representation  of  the  wave 
equation  (1)  in  term  of  the  Green  function  G.  Depending  on  the  choice  of  the  Green 
function,  this  representation  can  be  reduced  to  integral  equations  of  varying  degree  of 
complexity.  Since  the  empty  shell  problem  has  been  extensively  studied  in  the  past,  it 
is  convenient  to  choose  G  to  be  the  Green  function  for  a  fluid  loaded  empty  shell.  In 
this  case,  the  forces  /,  and  fg  are  entirely  due  to  the  structural  loading  inside  the  shell 
(if  G  is  chosen  to  be  the  free  space  Green  function,  these  forces  also  contain  pressure 
forces  due  to  fluid).  Also,  with  this  choice,  po  becomes  the  solution  for  an  empty  shell 
and  the  integral  in  (3)  is  the  field  due  to  the  internal  structures.  Thus,  by  following 
the  procedure  described  in  [2]  with  the  coupling  forces  expended  for  the  ceises  of  small 
size  attachment,  the  solution  (3)  reduces  to 


P(r..)  =  -  £  (f 0)^  , 


>=1 


a  dOo 


a  drodOo^ 


(5) 


where,  and  are  respectively  the  radial  force,  the  tangential  force  and 

the  bending  moment  at  the  jth  attachment  point  with  j  =  1,2,  -  ■  ■  ,N  indicating  that 
there  are  N  discrete  attachment  points  on  the  shell  surface. 

The  coupling  forces  and  bending  moments  are  unknown  quantities  at  this  stage; 
they  must  be  found  by  considering  the  dynamic  balance  at  the  attachment  points, 
which  requires  the  solutions  of  the  internal  structures.  In  linear  theory,  the  internal 
structures  can  always  be  described  by  a  set  of  linear  equations,  similar  to  the  wave 
equation  (1),  with  the  coupling  forces  and  bending  moments  as  driving  terms.  Thus, 
the  solutions  for  the  internal  structures  can  be  symbolically  written  as 

X  =  X[Fy\F^^\M^^'>]  and  T  =  (6) 

where  X  and  Y  are  the  displacement  components  of  the  internal  structures.  These 
solutions  can  be  related  to  the  solution  (5)  by  invoking  the  kinematic  conditions  at 
the  attachment  points,  the  equal  displacement  condition  for  example.  This  can  be 
done  because  the  pressure  p  is  related  to  the  shell  displacements  by  the  momentum 
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equations.  For  different  attachment  conditions,  the  dynamic  balance  gives  different 
values  for  the  coupling  forces  and  bending  moments.  However,  the  procedure  for 
deriving  these  quantities  for  all  the  cases  is  the  same  and  is  straightforward.  When 
all  these  are  done,  the  pressure  (5)  becomes  an  explicit  solution. 

The  solution  (5)  for  the  pressure  fluctuation  can  be  cast  into  another  convenient 
form  chat  emphasizes  different  kinds  of  effects.  By  invoking  kinematic  conditions  at 
the  attachment  points,  the  coupling  forces  and  bending  moments  are  actually  found 
by  solving  a  set  of  algebraic  equations.  Thus,  the  solution  can  be  written  in  terms  of 
matrices  as 

P(r,&)  =  Po{r,e)  +  C(I  -  pHC)->U(°>  •  G.  (7) 

Here,  is  a  numerical  constant,  I,  C  and  H  are  matrices  and  G  and  are  vectors 
(see  [3]  for  detailed  deflnitions).  Of  particular  concern  here  are  the  matrices  C  and 
H  which  respectively  represent  the  dynamic  and  geometric  effects  of  internal  loading; 
the  former  is  determined  by  the  dynamics  of  the  internals  while  the  latter  by  the 
locations  of  the  attachment  points. 


3.  SOME  DIRECT  ANALYSES 


Though  the  results  (5)  and  (7)  are  explicit  solutions  which  can  be  easily  evalu¬ 
ated,  some  conclusions  can  be  drawn  from  these  solutions  by  direct  analyses  without 
any  numerical  calculation.  Two  examples  are  given  in  this  section.  The  first  concerns 
the  relative  importance  of  the  coupling  forces  and  the  bending  moments  in  the  so¬ 
lution  (5).  This  is  of  practical  interest  in  determining  the  difference  in  the  acoustic 
effects  between  pinned  attachment  and  clamped  attachment.  At  the  yth  attachment, 
the  internal  loading  effects  are  given  by  the  three  terms  in  the  summation  in  (5),  re¬ 
spectively  representing  the  contribution  from  the  radial  force,  the  tangential  force  and 
the  bending  moment.  The  relative  magnitude  of  these  three  terms  can  be  assessed  by 
dimensional  analysis.  By  noting  that  the  empty  shell  Green  function  G  varies  on  the 
lengthscale  of  the  acoustic  wavelength,  namely,  the  inverse  of  the  acoustic  wavenumber 
k,  it  is  clear  that  the  ratio  of  the  three  terms  are 

kF^})/  (8) 


On  assuming  that  the  internal  structures  are  consist  of  elastic  plates  of  the  same 
material  as  the  shell,  and  making  use  of  the  definitions  for  the  forces  and  bending 
moments  in  elastic  plates,  the  result  (8)  can  be  simplified  in  terms  of  the  flexural 
wavenumber  /3  as 


(9) 


where  9j  is  the  attachment  angle  at  the  jth  connection.  From  this,  the  relative 
magnitude  of  the  moment  contribution,  respectively  in  reference  to  that  from  the 
radial  force  and  the  tangential  force,  are  given  by 


1 

0a  sin 


and 


k 

0  cos  Sj 


(10) 
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By  using  the  definition  for  the  flexural  wavenumber  13,  it  can  be  shown  that  at  least  one 
of  the  two  ratios  is  much  less  than  unity  for  thin  shells  in  the  low  and  mid-frequency 
domain,  indicating  that  bending  moments  play  a  less  important  role  in  the  scattering 
process. 

The  second  example  reveals  the  dependence  of  the  internal  loading  effects  on  the 
loading  strength,  which,  for  the  case  of  a  single  elastic  plate,  can  be  measured  in  terms 
of  the  thickness  of  the  plate,  in  comparison  with  that  of  the  shell.  This  can  be  done 
very  conveniently  by  using  the  matrix  expression  (7).  In  this  case,  it  can  be  shown 
that  the  elements  of  the  dynamic  matrix  C  are  all  proportional  to  the  thickness  of  the 
plate.  Thus,  for  a  thin  plate,  the  dynamic  matrix  is  proportionally  small  so  that  the 
second  term  in  the  bracket  in  (7)  can  be  neglected  compared  with  the  unity  diagonal 
matrix  I.  The  solution  (7)  then  reduces  to 

p(r,<>)=Po(r,^)-l-CU(°)-G,  (11) 

which  states  that  the  internal  loading  effects  are  directly  related  to  the  dynamic  prop¬ 
erties  of  the  internals.  Hence,  the  resonance  properties  of  the  internal  system  are 
directly  imprinted  in  the  acoustic  field.  On  the  other  hand,  for  relatively  thick  plates, 
the  dynamic  matrix  assumes  large  values  and  the  unity  matrix  in  (7)  can  be  ignored, 
which  leads  to 

P(r,<’)  =  Po{r,e)  -  •  G.  (12) 

This  shows  that  the  loading  effects  are  all  geometrical  in  that  the  acoustic  field  is 
completely  independent  of  the  dynamics  of  the  internals.  It  is  the  attachment  locations 
that  determine  the  contribution  from  the  internal  loading. 


4.  CALCULATION  AND  RESULTS 

The  solution  (5)  gives  the  pressure  fluctuation  generated  by  the  source  distribu¬ 
tion  q  in  the  acoustic  medium  which  contains  the  internally  loaded  shell.  The  effects 
of  the  internals  are  given  by  the  coupling  forces  and  bending  moments,  while  the  ef¬ 
fects  of  the  fluid  loaded  elastic  shell  are  all  contained  in  the  Green  function  G.  This 
solution  can  be  used  to  study  both  the  radiation  and  the  scattering  properties  of  the 
loaded  shell  by  taking  proper  limit  for  the  source  distribution.  A  thorough  analysis  is 
given  in  [3-5]  for  the  case  of  scattering  of  plane  acoustic  waves  by  a  shell  with  various 
forms  of  internal  structures.  This  corresponds  to  the  limit  of  a  point  source  located 
at  infinity  (far  away  from  the  shell).  In  the  following,  the  main  conclusions  of  that 
analysis  are  summarized  here  to  reveal  the  effects  of  the  internal  structural  loading 
on  the  scattered  field. 

The  first  issue  we  discussed  is  the  frequency  dependence  of  the  internal  loading 
effects.  Internal  loading  has  profound  effects  on  the  scattered  field  in  the  low  and 
mid-frequency  domain  for  almost  all  kinds  of  internal  structures.  The  effects  are  in 
the  form  of  deeply  scalloped  form  function;  for  an  empty  shell,  the  scattering  form 
function  is  essentially  a  very  smooth  function  of  the  incidence  frequency,  while  for  the 
loaded  shell,  it  varies  very  rapidly,  resulting  in  a  scallop-like  curve.  The  amplitudes 
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of  the  scallop-like  dips  decrease  with  increasing  frequency  and  their  spacing  increases 
with  frequency,  indicating  that  the  origin  of  these  dips  is  the  flexural  waves  in  the 
shell.  These  waves  have  significant  amplitudes  in  the  low  frequency  region  and  are 
dispersive,  which  is  well  correlated  to  the  frequency  dependent  spacing  of  the  dips  in 
the  scattered  far  field.  At  high  frequencies,  all  but  one  class  of  internal  loading  have 
negligible  effects  on  the  scattering.  The  non-negligible  class  is  those  with  structures 
directly  mounted  onto  the  shell,  such  as  directly  mounted  concentrated  masses  and 
clamped  elastic  plates.  For  these  forms  of  loading,  the  scalloi>-like  variations  in  the 
scattered  field  persist  to  very  high  frequency  region.  For  directly  attached  elastic 
plates,  the  resonance  signatures  of  the  plates  also  persist  to  the  high  frequency  region. 
These  resonances  manifest  themselves  in  the  scattered  field  in  terms  of  high  amplitude 
spectral  peaks  with  values  as  much  as  10  dB  higher  than  the  empty  shell  solution. 

According  to  whether  the  internal  loading  effects  are  due  to  waves  in  the  shell  or 
due  to  the  internal  structural  dynamics,  the  loading  effects  can  be  divided  into  two 
groups.  The  first  group  can  be  called  geometrical  effects  because  it  is  the  geometrical 
constraints  provided  by  the  attachment  to  the  motions  of  the  shell  that  significantly 
affect  the  scattering  process.  In  this  case,  the  attachment  of  the  internals  introduces 
discontinuities  to  the  otherwise  homogeneous  shell,  altering  the  coupling  efficiency  of 
shell  waves  to  the  acoustic  field.  This  kind  of  loading  effects  has  little  to  do  with  the 
details  of  the  internal  system;  all  that  matters  is  their  attachment  to  the  shell.  On  a 
microscale,  the  scattering  process  is  dominated  by  the  individual  interactions  between 
the  shell  waves  and  the  geometrical  discontinuities.  On  a  macroscale,  the  loading 
effects  are  in  the  form  of  shell  wave  resonances;  the  individual  events  of  microscale 
interactions  constructively  aggregate  to  form  overall  resonances.  Alternatively,  this 
can  also  be  considered  as  being  due  to  the  fact  that  the  geometrical  discontinuities 
divide  the  shell  into  segments  which  offer  favourable  conditions  for  the  shell  waves  to 
resonate. 

Since  elastic  waves  in  the  shell  play  the  dominant  role  in  the  case  where  geomet¬ 
rical  coupling  is  important,  it  is  easy  to  conclude  that  internal  structural  details  have 
negligible  effects  on  the  scattered  field  in  this  case.  It  can  be  shown  that  changes  in 
the  values  of  the  total  internal  mass,  of  the  elcisticity  of  the  internal  structures  and 
in  the  distribution  of  the  internals  are  not  well  correlated  to  the  scattered  field.  This 
is  because  when  geometrical  effects  are  important,  the  loading  impedances  at  the  at¬ 
tachment  points  assume  large  values  such  that  further  changes  in  these  values  do  not 
cause  noticeable  effects  in  the  scattering.  Thus,  the  case  of  geometrical  coupling  can 
be  regarded  as  an  asymptotic  limit  to  the  case  of  infinity  loading  point  impedances; 
in  this  case,  the  attachment  points  are  essentially  hold  motionless,  and  hence,  no 
imformation  about  the  internals  can  be  leaked  out. 

The  second  group  of  loading  effects  are  due  to  the  dynamics  of  the  internal  struc¬ 
tures,  and  hence,  can  be  called  dynamic  coupling  effects.  This  kind  of  effects  are 
important  for  internal  systems  with  strong  resonance  features,  an  elastic  plate  for 
example.  At  some  discrete  frequencies,  the  internal  system  responds  to  the  incidence 
excitation  with  high  intensity,  thus  causing  much  stronger  scattering,  manifested  in 
the  scattered  field  in  terms  of  a  series  of  high  amplitude  spectral  peaks.  The  dynamic 
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effects  are  felt  in  the  acoustic  field  only  when  the  internal  structural  loading  is  not 
too  strong  in  strength.  In  other  words,  the  attachment  point  impedances  must  not 
be  too  large  in  order  to  have  significant  motions  at  the  attachment  points,  which  are 
necessary  for  the  signatures  of  the  internals  to  leak  out  to  the  acoustic  field.  This 
can  be  clearly  demonstrated  by  the  example  where  the  internal  structure  is  modelled 
by  a  single  elastic  plate  pinned  to  the  shell.  The  thickness  of  the  plate,  in  reference 
to  that  of  the  shell,  can  then  be  taken  as  a  measure  of  the  loading  strength;  small 
and  large  thickness  correspond  respectively  to  light  and  heavy  structural  loading.  As 
analysed  in  the  previous  section,  for  a  plate  thicker  than  the  shell,  the  loading  is  heavy 
so  that  the  scattered  field  is  dominated  by  the  geometrical  coupling  effects.  On  the 
other  hand,  for  a  thinner  plate,  the  dynamic  effects  are  dominant  because  the  loading 
impedance  are  relatively  small;  the  shell  waves  are  not  significantly  affected  while  the 
resonances  of  the  internal  plate  can  easily  be  transmitted  to  the  acoustic  field. 

The  two  kinds  of  internal  structural  loading  effects  can  be  clearly  distinguished 
in  the  scattered  field  because  they  have  different  interference  effects  to  the  total  scat¬ 
tering.  The  contributions  due  to  geometrical  effects  are  out  of  phase  with  the  specular 
reflection  from  the  shell  because  the  former,  due  to  shell  waves,  are  in  phase  with  the 
incident  field  (phase  matching  excitation),  while  the  latter  is  out  of  phase  with  the 
incidence  due  to  the  fact  that  the  shell  essentially  resembles  an  empty  bubble;  the 
total  mass  of  the  shell  is  much  smaller  than  that  of  the  water  volume  which  would 
occupy  the  space  of  the  shell.  Thus,  the  geometrical  effects  cause  sharp  dips  in  the 
scattering  form  function,  a  manifestation  of  the  destructive  interference  between  the 
shell  wave  related  contributions  and  the  specular  reflection  from  the  almost  pressure 
release  shell  surface.  The  dynamic  coupling  effects  result  in  peaks  in  the  scattering 
because  of  their  constructive  interference  with  the  specular  reflection.  When  the  inci¬ 
dent  waves  enter  the  internal  structures,  their  phase  does  not  change,  but  when  these 
waves  are  reflected  back  to  the  backscattering  direction,  their  phase  changes  almost 
by  TT  at  the  other  side  of  the  shell  because  the  internal  structures  have  much  larger 
density  than  water.  Thus,  the  scattered  field  due  to  the  waves  in  the  internals  is  out  of 
phase  with  the  incident  field,  which  makes  them  in  phase  with  the  specular  reflection, 
and  hence,  results  in  enhanced  total  scattering. 

Clearly,  the  dynamic  coupling  effects  are  independent  of  the  locations  of  the  at¬ 
tachment  points.  For  geometrical  effects,  however,  the  dominant  mechanism  in  the 
scattering  process,  namely,  the  interaction  between  the  waves  in  the  shell  and  the 
loading  points,  is  strongly  affected  by  the  positions  of  the  loeuiing  points  in  reference 
to  the  direction  of  the  incident  waves.  It  can  be  shown  that  different  kinds  of  waves 
can  actively  participate  in  the  interaction,  depending  on  the  relative  locations  of  the 
attachment.  For  loading  points  facing  the  incident  waves,  flexural  waves  in  the  shell 
play  the  dominant  role;  they  are  converted  into  sound  at  the  attachment  locations, 
resulting  in  frequency  dependent  dips  in  the  scattering  form  function  because  of  their 
dispersive  nature.  If  the  attachment  points  are  in  the  shadow  region  of  the  incident 
sound,  however,  flexural  waves  have  negligible  effects.  Instead,  the  dominant  interac¬ 
tion  is  between  the  compressional  waves  and  the  loading.  As  a  result,  the  changes  in 
the  scattering  form  function  from  that  of  an  empty  shell  to  the  loaded  shell  is  simply 
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the  shift  of  the  leaky  wave  related  dips.  In  between  the  flexural  wave  region  and  the 
compressional  wave  region,  both  kinds  of  waves  interact  with  the  loading,  and  their 
radiation  interfer  with  each  other,  so  that  the  scattered  field  shows  very  irregular  and 
complex  scattering  patterns. 

5.  CONCLUSIONS 

We  have  discussed  the  effects  of  internal  structural  loading  inside  an  elastic  shell 
on  the  acoustic  field.  The  internals  have  been  shown  to  introduce  new  features  which 
result  from  the  wave-bearing  nature  of  both  the  shell  itself  and  its  internal  structures. 
When  the  loaded  shell  is  coupled  to  the  acoustic  field,  weekly  radiating  subsonic 
flexural  waves  on  the  shell  surface  can  be  converted  into  sound  by  the  discontinuities 
on  the  shell  due  to  the  attachment  of  the  internals.  Furthermore,  the  internal  system 
can  also  strongly  respond  to  the  acoustic  excitation  which  in  turn  causes  reradiation 
from  the  shell.  All  these  make  the  scattering/radiation  characteristics  of  internally 
loaded  shells  much  richer  than  that  of  empty  shell. 
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ABSTRACT 

Sound  insulation  of  windows,  doors  and  (in  laboratory  tests)  vari¬ 
ous  light  partitions  at  low  frequencies  is  much  better  than  it  follows 
from  tie  theory  of  infinite  models.  The  main  reason  of  this  phenomenon 
consists  in  a  small  radiation  efficiency  of  real  partitions  if  their 
dimensions  (length  and  width)  are  little  in  comparison  with  the  air¬ 
borne  sound  wave  length.  This  point  of  view  ’ <  corofirmed  by  the  re¬ 
search  carried  out.  Accelerations  of  single  rtitions  tested  are  about 
the  same  over  all  low-frequency  region  (for  each  plate)  but  the  trans¬ 
mission  loss  is  much  higher  than  the  "mass  law"  prognosis.  Sound  radi¬ 
ation  efficiency  of  a  vibrating  rigid  piston  mounted  on  the  edge  wall 
of  a  semiinfinite  tunnel  with  a  rigid  inner  surface  has  been  calcula¬ 
ted.  This  value  is  shown  to  vary  from  a  small  constant  (at  low  frequen¬ 
cies  )quantity  to  1.  The  results  depend  on  the  tunnel  and  piston  dimen¬ 
sions  and  the  piston  disposition  on  the  wall. 

INTRODUCTION 

The  theory  of  airborne  sound  insulation,  based  on  on  infinite  mo¬ 
dels  of  real  partitions  [1-4],  helps  to  put  clear  physical  interpreta¬ 
tions  on  many  important  phenomena  and  to  deduce  close-form  analytical 
solutions.  However,  numerical  results  calculated  with  the  aid  of  this 
theory  are  often  not  in  a  good  agreement  with  the  results  measured.  For 
instance,  the  theory  fails  to  explain  relatively  high  transmission  loss 
of  light  partitions  at  low  frequencies.  This  effect  was  revealed  more 
than  40  years  ago  [3,5].  In  part,  the  results  [5]  showed  that  transmis¬ 
sion  loss  of  single  partitions  made  of  different  materials  (rubber, 
lead,  aluminium,  plywood)  much  exceeded  the  "mass  law"  prognosis  calcu¬ 
lated  in  case  of  normal  sound  incidence  -  at  well  low  frequencies  (for 
example,  not  less  than  by  8  dB  at  100  Hz).  It  should  be  noted  that 
transmission  loss  in  case  of  normal  incidence  is  about  6  dB  higher  than 
in  case  of  diffuse  sound  field.  Regretfully,  the  partitions  length  and 
width  were  not  mentioned  in  that  paper  [5].  London  [3]  presumed  that 
a  loss  factor  of  a  real  (finite)  plate  should  be  much  more  (especially 
at  low  frequencies)  than  an  internal  loss  factor  determining  a  vibra¬ 
tion  energy  dissipation  of  the  infinite  model.  This  idea  proved  to  be 
valid  (the  exact  equation  expressing  a  total  loss  factor  was  deduced 
much  later  [6,7])  but  couldn't  explain  the  effect  discussed.  As  is  known 
a  loss  factor  increase  is  able  to  improve  essentially  the  sound  trans- 


515 


mission  loss  only  in  the  vicinities  of  the  first  2-3  natural  frequen¬ 
cies  of  the  plate  bending  vibrations.  The  different  reason  is  now  con¬ 
sidered  to  be  dominating:  a  small  scund  radiation  efficiency  of  finite 
plates  provided  that  their  length  and  width  are  little  in  comparison 
with  a  length  of  sound  waves  [8].  In  such  a  case  even  severely  vibra¬ 
ting  plates  deliver  a  weak  sound  radiation.  If  vibrations  are  caused  by 
incident  airborne  sound  one  can  apeak  about  high  sound  insulation  of 
the  partition.  A  number  of  publications  was  devoted  to  the  problem  of 
calculation  of  transmission  loss  of  finite  partitions.  A  mathematical 
model  used  was  mostly  either  a  finite  partition  mounted  in  a  rigid  in¬ 
finite  screen  ([9]  and  so  on)  or  a  wall  between  two  adjacent  rooms  (of¬ 
ten  -  two  semiinfinite  tunnels)  [10-13  and  so  on].  In  reality,  light 
partitions  can  fill  an  aperture  in  a  massive  wall  (this  has  to  do  with 
windows  and  doors  in  buildings  and  with  samples  tested  at  laboratories) 
and  their  sound  insulation  is  the  problem  of  practical  interest  (espe¬ 
cially  at  low  and  middle  freguencles  because  transmission  loss  at  high 
frequencies  is  usually  large).  The  case  of  low  frequencies  is  investi¬ 
gated  in  this  paper. 

EXPERIMENT 

Two  different  pressboard  plates  were  tested  (in  one-third  octave 
bands  centered  from  100  to  5000  Hz)  at  the  Laboratory  of  Building  Acou¬ 
stics  (Moscow,  USSR)  [14,15L2  The  airborne  transmission  loss  and  acce¬ 
leration  levels  (re  9.81  m/s^)  were  measured  while  each  plate  (lm*lm) 
was  mounted  (in  turn)  with  a  massive  steel  frame  into  the  middle  secti¬ 
on  of  the  test  opening  (1.2m*1.2m)  ma^e  in  the  brick  wall  (0.62m  thick) 
which  seperatad  the  source  room  (60  ra'^)  from  the  receiving  room  (82m'’) 

-  see  Figure  1.  Thicknesses,  surface  dencities,  critical  coincidence 
frequencies  and  the  first  natural  frequencies  of  the  plates  tested  were 
respectively:  3  and  12  mm,  3  and  12  kg/m^,  10000  and  2500  Hz,  6  and  24 
Hz.  Transmission  loss  was  determined  using  the  standard  method  of  two 
reverberant  rooms  (sound  pressure  levels  in  each  room  were  found  by 
averaging  10  values  measured).  Acceleration  levels  were  determined  by 
averaging  10  values  measured  with  the  aide  of  the  miniature  pickup  (2g 
weight).  The  pickup  was  (in  turn)  attached  (using  plasticine)  in  diffe¬ 
rent  points  on  the  receiving  room-side  of  the  plates  tested  (Figure  1). 
Since  the  acceleration  measured  depended  on  the  sound  pressure  in  the 
source  room  (similar  value  in  the  receiving  room  is  comparatively  small 
and  can  be  neglected  with  the  point  of  view  of  partition  vibrations), 
the  modified  (re  sound  pressure  level  of  100  dB)  acceleration  levels 
were  calculated  using  the  obvious  relationship: 


L  =  -  L,  +  100  dB 

m  a  I 


(1) 


where  L  and  L,  are,  respectively,  the  acceleration  and  the  sound  pres¬ 
sure  levels  measured. 

ANALISIS  OF  EXPERIMENTAL  DATA 


In  the  frequency  region  2-3  fj^  <  f  <  0.5  f^  (f^  is  a  critical 
coincidence  frequency,  fj^  is  the  first  natural  frequency  of  bending  vi¬ 
brations)  a  thin  plate  influenced  by  an  incident  sound  wave  may  be  con¬ 
sidered  to  have  about  a  pure  inertial  Impedance.  Thus,  the  vibration 
acceleration  of  that  plate  equals 


2  P 
nf 


(2) 


(the  "Schoch  law"  [2])  where  p  is  sound  pressure  in  the  source  room. 
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is  the  plate  surface  dencity,  factor  2  is  used  to  take  into  account 
both  incident  and  reflected  sound  waves.  In  case  L.=100  dB  (re  .00002 
Pa)  one  finds;  p=2  Pa.  Substituting  this  value  into^Bq.(2)  one  can  ob¬ 
tain  (in  terras  of  acceleration  levels); 

Lg  *  -17  dB  ^18  Hz  <  f  <  5000  Hz) 
for  the  thinner  plate  tested  (fif  =  j  kg/m^) 

=  -29  dB  (72  Hz  <  f  <  1250  Hz) 

•y 

for  the  thicker  one  (m  *  12  kg/in  ) . 

These  results  are  close  to  experimental  data  (Figure  2).  Hence, 
the  plates  tested  have  approximately  a  pure  inertial  impedance  at  fre¬ 
quencies  mentioned  above  and  their  transmission  loss  should  be  cont¬ 
rolled  by  the  "mass  law".  The  numerical  values  predicted  in  accordance 
with  this  rule  depend  on  an  incident  sound  pressure  distribution  on 
the  plate  surface.  It's  clear  that  the  normal  incidence  conditions  can 
be  about  accomplished  if  the  airborne  sound  length  is  large  enough  in 
comparison  with  the  plate  dimensions  (its  length  and  width).  Sound  in¬ 
cidence  angle  doesn't  play  the  essential  role  in  such  a  case.  One  can 

suppose  that  it  tooks  place  in  frequency  region 

f  <  fn  =  cYb^T^  j  (2b^b2)  (3) 
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Figure  2 — Airborne  transmission 
loss  (a)  and  acceleration  levels  V 
(b)  measured:  J 

2 

1  —  for  the  plate  with  m=3kg/m  : 
2--for  the  plate  with  m=12kg/m^, 

1'  and  2'  designate  theoreti¬ 
cal  results  (a--"mass  law"  in 
case  of  normal  sound  incidence, 
b--calculations  using  Eq.(2)  ), 


The  acceleration  levels  drawn 
are  determined  in  accordance 
with  Eq . ( 1 ) . 


f) 


-Tre ,  Ns 


where  b.  and  b_  are  the  plate  length  and  width,  c  is  airborne  sound 
speed  (340  m/s7  [151 .  Substituting  bj=b2=l  m  into  Eq.(3),  one  finds  f^= 
=240  Hz.  Frequency  characteristics  calculated  in  accordance  with  "mass 
law"  for  case  of  normal  sound  incidence  are  shown  in  Figure  2.  One  can 
note  that  the  experimental  transmission  loss  is  much  bigger  in  both  ca¬ 
se  (at  frequencies  below  100  Hz)  than  the  appropriate  theoretical  va¬ 
lues.  It  should  be  noted  that  "niche  effect"  (caused  by  interaction  of 
incident,  reflected  and  radiated  sound  waves  with  the  sides  of  the  test 
opening  [8])  doesn't  "work"  at  these  frequencies  under  test  conditions 
used  here.  Its  frequency  region  is  checked  to  be  disposed  about  from  125 
to  400  Hz.  This  is  the  frequency  range  where  the  plate  transmission  loss 
strongly  depends  on  disposition  of  the  plate  in  the  test  opening  and  on 
the  opening  dimensions  and  shape. 

Thus,  we  can  neglect  of  the  "niche  effect"  and  not  to  take  into  ac¬ 
count  the  thickness  of  the  wall  in  order  to  create  mathematical  model  of 
the  phenomenon  investigated. 

THEORY 

As  noted  before,  at  frequencies  2-3  f.  <  f  <  min(.5  f  ,  f^)  a  sin¬ 
gle  partition  may  be  treated  as  a  plane  rigid  piston  with  a  mass  equal¬ 
led  the  mass  of  the  partition.  Let's  find  an  airborne  sound  insulation 
efficiency  of  a  rigid  piston  in  a  semiinfinite  tunnel  with  a  rigid  inner 
surface  (Figure  3).  The  piston  (on  the  tunnel  edge  wall)  vibrates  with 
the  velocity 

V(t)  =  Vq  exp(-jWt). 
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Figure  3--S6miinfinite  tunnel  with  a  rectangular  piston 
on  the  edge  wall 


Here  Vq  is  a  velocity  amplitude,  W  =  2^f  is  an  angular  frequency, 
t  is  time,  J  .  The  piston  (ABCD)  and  the  wall  (OMNK)  are  rectangu¬ 

lar,  the  point  0  is  the  origin  of  the  rectangular  plane  co-ordinate  sys¬ 
tem,  |AB|=|CD|=b2,  |AD|=|BC|=bj,  | OM | = | NK | =a2 ,  | OK | = 1 MN | 'a^ .  The  geomet¬ 
rical  center  of  the  piston  (the  point  E)=(dj,d2)-  Using  results  [16]  one 
can  write  equations  expressing  the  vibration  velocity  amplitude  of  air 

OO  qO 

v(z,y)  =2  ^  u  cos(^mz/a,)  cos(^ny/a,) 

—  «  inri  i  ^ 

m=0  n=0 

and  the  sound  pressure 

p(z,y)  =  q  c  21  2  u  cos(^mz/a,)  cos(7^ny/a,)  j 

m=0  n=0  '■  ^  '  mn 

on  the  surface  of  the  tunnel  edge  wall.  Here: 


u 


mn 


/7‘ 


a.  a» 

hi  h2 


cos('^ mz/ai ) 


cos(^ny/a2)  dz  dy, 


Qmn^k)  =  -  ( J'n) /(ka2)  J  ^  , 

hi  2“‘^1  2”*’l  2^^  ’  ®1  2”'^!  2**^1  2^^’  is  the  wavenumber  of  sound 

waves  in  air,  q  is  the  air  density. 

Using  these  equations  one  finds  the  sound  power  radiated  by  the 
piston  into  the  tunnel: 
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Figure  4 — Frequency  characteristics  of  the  piston  radiation  effi¬ 
ciency  (averaged  within  one-octave  frequency  bands: 

r^=r(f^)=[/^  r(f)  df]  /  where 

for  different  dispositions  of  the  piston:  1  -  central,  2  -  corner 
brb2=b.  ai=a2=a,  a/b=4 

^2 

P(f)  =  .5  Re  ‘ff  p(z,y)  v*(z,y)  dz  dy  )  =  . SqcSp | Vq | r(  f ) 

0  0 

where  the  piston  radiation  efficiency 

/  i/ - - 

r(f)  =  (S_/S)  Z  Z  R^Cm)  R2(n)  /  V  Q^ndt)  •  (4) 

”  ran 

Here  Sg^bj^b^,  S=a^a2,  R^(0)  =  1, 

Jln(T„.)  2 

=( - ; - cos(Hj,.)] 

^Ni 

(i  =  l,2;  ra,n=0,±l,±2,±3,...;  N=±l ,  ±2 , +  3 , . . .  ;  Tj,^»'^Nb^/ ( 2a^ ) ; 

"Ni“  (.5-d^/a^)  ). 

Analyzing  the  equations  obtained  one  could  note  that  the  piston 


radiation  efficiency  is  of  a  constant  value  (r=SQ/S)  at  frequencies  be¬ 
low  the  threshold  f2Q=c/a  (a  =raax[aj^  .a,] )  in  case  of  central  (d.=a^/2, 
i=l,2)  or  close  to  tne  central  disposition  of  the  piston.  In  otner^Cfor 
instance,  corner)  case  the  threshold  is  half  as  much  ( f ^q=c/ ( 2a ) ) .  Using 
auxiliary  formula 


in  the 


J"  [sin(^ng)/C^ng)]^  »  (l-g)/(2g) 

n=l 


equations  obtained,  one  finds  that  lim  r  =i. 

f>»oe 


Calculated  spectrum  of  the  radiation  efficiency  (averaged  within 
one-third  octave  frequency  bands)are  represented  in  Figure  4  for  cases 
of  the  central  and  corner  disposition  of  the  square  piston  on  the  square 


wall.  Here  Sq/S=1/16  so  10  log 
rence  between  the  transmission 


'9 


(r)  =  12  dB.  This  should  be  the  diffe- 
oss  measured  and  the  "mass  law"  (for 


normal  incident  sound  waves)  prognosis. 

We  din't  take  into  account  a  wall  which  is  opposite  to  the 
wall  with  a  partition  tested  in  reality.  However,  it  should  not  essenti¬ 


ally  change  the  evaluation;  transmission  loss  at  pretty  low  frequencies 
(2-3  f  <  f  <  f 

b  20  -  for  case  of  about  the  central  disposition  of  parti¬ 

tions  tested  on  the  wall  of  reverberant  rooms)  is  higher  (in  comparison 
with  the  result  predicted  by  the  theory  of  infinite  partitions)  by  value 


10  logj^Q(SQ/S) .  It's  important  only:  the  length  of  the  room  should  be 
bigger  not  less  than  twice  as  much  than  height  or  width  of  the  wall  with 
the  partition  tested.  In  reality,  the  ratio  Sq/S  is  about  10.  So  one  can 
speak  of  10  dB  -  transmission  loss  growth  at  low  frequencies  (in  case  of 
light  partitions,  frequency  f.  is  usually  not  bigger  than  20-30Hz;  so 
if  a=3  m  then  the  frequency  region  mentioned  is  between  approximately 
60  and  100  Hz).  One  can  also  presume  that  this  relationship  is  valid  in 
case  of  multiple  partitions  consisting  of  two  or  even  more  plates;  here¬ 
in,  the  frequency  f.  is  the  maximum  first  natural  frequency  of  bending 
vibrations  of  the  components. 

The  author  believes  that  results  obtained  could  be  used  in  analysis 
of  measurements  of  transmission  loss  of  light  partitions. 
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ABSTRACT 

The  evaluation  of  transsission  efficiency  of  structural 
junctions  foras  an  iaportant  part  in  the  study  of  structure-borne 
noise.  In  this  paper,  a  general  aethod  for  calculating  the 
transaission  efficiency  of  plate-plate  and  plate-beaa  Junctions  is 
described.  This  aethod  takes  into  account  of  the  effects  of  in¬ 
plane  notions  of  plates  as  sell  as  the  elastic  vibrations  of 
beans.  It  is  found  that  for  typical  naval  ship  constructions  that 
consist  of  plates  coupled  to  light  thin  beaas,  the  elastic 
vibrations  of  the  bean  has  a  significant  effect  on  the 
transaission  efficiency. 

INTRODUCTION 

One  of  the  Uniting  factors  in  the  analysis  of  vibration 
transaission  through  conplex  structures,  such  as  naval  ships,  is 
the  transaission  across  junctions  and  discontinuities  in  the 
structure  where  vibration  waves  are  partially  reflected  and 
partially  transnitted.  The  wave  transaission  properties  of  a 
structural  discontinuity  any  be  characterised  by  the  transaission 
efficiency  which  is  defined  as  the  ratio  between  the  transnitted 
wave  power  and  the  Incident  wave  power.  As  well  as  being  a 
paraaeter  of  intrinsic  inportance  in  the  study  of  structure-borne 
noise,  the  transaission  efficiency  aay  also  be  used  to  calculate 
the  coupling  loss  factor  in  Statistical  Energy  Analysis  (SEA)  for 
prediction  of  vibrational  response  in  structures. 

One  of  the  early  attenpts  to  evaluate  the  transaission 
efficiency  was  carried  out  by  Creaer  and  Heckl  [1].  Their  work 
included  right-angled  plate  junctions  and  plate-beaa  junctions 
subjected  to  oblique  incident  bending  waves.  Other  authors  [2-4] 
have  extended  the  analysis  to  include  in-plane  waves.  The 
contribution  of  in-piane  waves  to  structure-borne  noise  has  been 
investigated  by  Lyon  (5J.  In  the  previous  studies  involving 
transaission  efficiency  of  plate-beM  structures,  the  stiffening 
bean  was  aodelled  by  using  conventional  bean  theory  and  the  effect 
of  bending  and  in-plane  waves  in  the  beaa  was  neglected.  While 
this  so  called  'blocking  nass’  approach  night  be  valid  for  heavy 
thick  beans,  there  are  situations  where  elastic  vibrations  of  the 
bean  have  to  be  considered.  For  exaaple,  in  plate-bean  structures 


typical  of  ship  constructions,  the  bea«  thickness  say  be  of  the 
sale  order  as  the  plate  and  hence  the  effect  of  bean  vibration  has 
to  be  accounted  for  in  the  evaluation  of  transaission  efficiency. 

In  this  paper,  a  general  aethod  for  evaluating  the 
transaission  efficiency  of  structural  junctions  typical  of  those 
found  in  ship  constructions  is  described.  The  effect  of  elastic 
vibrations  of  the  beaa  in  a  plate-beaa  junction  is  investigated  by 
aodelling  the  beaa  as  a  finite  plate  coupled  to  a  systea  of  seal- 
infinite  plates.  Saaples  of  calculations  for  soae  plate-beaa 
junctions  are  presented. 

MATHEMATICAL  EAFBESSIONS  FOB  BENDING  AND  IN-PLANE  HAVES 

Figure  1  shows  a  scheaatic  diagraa  of  a  plate-plate  junction 
which  consists  of  n  plates  coupled  along  a  line.  The  plates  are 
assuaed  to  be  infinite  along  the  xi  to  xh  directions.  It  is 

further  assuaed  that  the  plates  are  thin  so  that  the  boundary 

conditions  can  be  applied  on  the  plate  centreline.  Plate  1  is 
subjected  to  an  oblique  incident  wave  which  can  be  either  bending 
IB),  longitudinal  (t)  or  transverse  shear  (D.  The  incident  wave 
is  partially  reflected  and  partially  transaitted  at  the  junction 
as  bending  and  in-plane  waves  as  shown.  By  using  the  system  of  co¬ 
ordinates  as  shown  in  Figure  2,  aatheaatical  expressions  for  the 
waves  aay  be  derived  [1,41. 

For  a  sinusoidal  incident  bending  wave,  the  transverse  bending 
velocity  is  given  by: 

Viei  =  V  eJ*<<=<>“  “I  (1) 

where  a  is  the  incident  angle  and  k  is  the  incident  wave  nuaber. 

For  an  incident  bending  wave,  k  =  ket.  The  quantity  V  represents 

the  ,v-direction  dependency  and  tiae  dependency  of  Che  velocity 
aaplitude  V  and  is  given  by: 

V  =  yeJX(ain  (2) 

For  incident  longitudinal  and  transverse  waves,  k  =  kii  and 
kri  respectively,  the  velocity  components  in  the  xi  and  y 


directions  are  given  by: 

F/ix  =  -F(cos  a)  cJ*(co8  mtxi  (3) 

Viir  =  -F(sin  al  eJ*''"*  (4) 

Kirx  =  -F(sin  a)  eJ**':®"  (5) 

Virr  =  F(co8  a)  el**®”*  (6) 


The  transaitted  bending,  longitudinal  and  transverse  shear 
waves  in  plate  i  (i  =  2....n)  aay  be  expressed  in  terns  of  a 
product  of  the  incident  wave  luiplitude  and  a  complex  transmission 
factor  £  as  follows: 


Vtbzi  - 

V 

tBi 

e-J* 

NBi  xi  ^  y 

tNBi 

e’  * 

MMBi  Xi 

(7) 
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y 
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524 


VTTTi  =  -y  tn  [MTi/ikn/k))  e'J*  »ri  (H) 

where  MDi  =  ■^[(kot/k)^  -  sin^  a)  (12) 

D  =  B,  L  or  T 

urn  =  4{(k»j/k)i  +  sin*  a),  (13) 

the  transBission  factors  tsi,  tti  and  tn  in  the  wave  equations 
represent  travelling  waves  while  tsM  represents  the  near  field 
evanescent  bending  wave. 

In  equation  (12),  if  the  quantity  inside  the  square  root  is 
negative,  the  exponential  term  representing  travelling  wave  in  the 
wave  equations  becomes  a  real  quantity  and  wave  propagation  cannot 
exist.  One  must  then  replace  the  quantity  V( ( ioi/*)*  -  sin*  a)  by 
-j/(sin*  a  -  (faii/lt)*}  in  the  solution  for  transmission  and 
reflection  factors. 

Equations  (7)  -  (11)  may  also  be  used  to  express  the  velocity 
components  of  the  reflected  waves  ( Eaax,  Vmix,  Vmr,  Vxrx  and 
VxTy)  except  that  in  this  case  i  =  1  and  the  transmission  factors 
tsj  ,  tvBi,  tn  and  tn  are  replaced  by  their  corresponding 
reflection  factors  rti,  rxBi,  rii  and  rn.  Hence,  for  a  junction 
consisting  of  n  plates  coupled  together,  there  are  4  x  n  unlcnown 
transmission  and  reflection  factors  to  describe  the  wave  motions. 
These  factors  may  be  solved  by  the  appropriate  boundary  conditions 
of  the  junction. 

BOUNDARY  CONDITIONS 

Plate  -  plate  junction 

At  the  plate  junction  (i.e.  xi ,  X2  ...Xn  =  0),  compatibility 
of  plate  motions  requires  that  tl>f  velocity  components  of  all 
plates  along  a  set  of  reference  co-ordinates  (e.g.  xi ,  ,v  and  zi) 
must  be  the  same.  In  addition,  the  angular  velocity  about  the  y 
axis  of  all  plates  should  be  equal.  Using  xi ,  y  and  z\  as  the 
ref' ,'encfe  co-ordinates,  the  compatibility  requirments  between 
plate  i  and  plate  1  lead  to  the  following  equation; 
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where  bi  is  the  angle  between  plate  i  and  plate  1,  Ifi  is  the 
angular  velocity  of  plate  i  at  the  junction  and  Vxi,  Vyi  and  Vti 
are  the  velocity  components  of  plate  i  at  the  junction.  The 
velocity  components  can  be  expressed  in  terms  of  the  wave 
velocities  given  by  equations  (1)  -  (13)  end  the  angular  velocity 
is  given  by  =  dVzj/dxi. 

Based  on  the  assumption  of  thin  plates,  the  forces  and  moment 
per  unit  length  of  plate  i  (i  =  1..  .n)  may  be  expressed  in  terms 
of  the  velocity  components,  elastic  modulus  E,  plate  thicl<ness  h 
and  Poisson’s  ratio  p  as  follows: 

jwfVi  =  -{El  Aj/(  1-pi*  )  K  dP*i/dxi  +  indVri/dy\  (15) 

jt/Fyi  =  -(Eihi/El  1+pi )  )(dP»i/dy  .  dVyi/dxi]  (16) 
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jwFzi  =  (ffi/iiV12(l-Pi2)Hd3('*i/d’*i  + 

(2-iii)  »Vzi/dxi»y)  (17) 

Sw  Mi  =  -{Eihi^/\2[l-iii'^)){»Vzi/»Xi  + 

Uiii^Vzi/»y).  (18) 

Equilibriun  requireaents  for  forces  and  Boaents  at  t)ie  plate 
junction  lead  to  four  additional  governing  equations.  The 
equilibriun  and  compatibility  equations  together  provide  the 
necessary  boundary  conditions  to  solve  the  transaission  and 
reflection  factors  of  interest. 

Plate  -  bean  junction  (thick  beaa) 

Figure  3  shows  a  scheaatic  diagraa  of  a  systea  of  seal- 
infinite  plates  coupled  to  a  thick  beaa.  The  ’thick  beaa’ 
assunption  in  the  context  of  this  paper  iaplies  that  no  incident 
wave  is  transaltted  to  the  beaa.  It  is  further  assuaed  that  the 
beaa  is  syaaetrical  about  the  Xb  axis  and  the  boundary  conditions 
can  be  applied  on  the  bean  centreline.  Hence,  the  coapatibility 
requireaents  for  plate  notions  in  this  case  is  exactly  the  sane  as 
for  a  plate-plate  Junction  (equation  (14)).  However,  the  force  and 

aoaent  balance  equations  aust  be  modified  to  allow  for  the 

torsional,  bending  and  inertia  effects  of  the  beaa.  Detials  of  the 
derivation  of  force  and  aonent  equations  for  plates  coupled  to  a 
thick  beaa  are  described  in  [6]. 

MATHEMATICAL  MODEL  FOR  A  PLATE-BEAM  JUNCTION  (THIN  BEAN) 

The  structure  of  naval  ships  quite  often  involves  the  use  of 
thin  beans  to  reinforce  plate  eleaents.  A  thin  beaa  in  the  context 
of  this  paper  iaplies  that  the  bean  thickness  is  of  the  saae  order 
as  the  plates  and  is  therefore  subjected  to  bending  and  in-plane 
waves  travelling  in  both  the  positive  and  negative  directions 
across  the  bean.  A  scheaatic  diagram  of  the  structure  is  shown  in 
Figure  4.  By  aodelling  the  beaa  as  a  finite  plate  in  a  plate-plate 

junction,  the  expressions  for  bending  and  in-plane  waves  aay  be 

derived. 

For  bending  waves: 

Vtbzz  =  V  {taz  e'j*  +  tuBZ  e"*  uxbz  xZ  + 

FBZ  eJ»  +  FHBZ  e*  (19) 

for  longitudinal  waves: 

Vtlxz  =  y  {MLz/l  kiz/k) )  I  tiz  e'J*  xz  _ 

riz  ei*  "tr  *7}  (20) 

yrirz  =  -F  ((sin  a)/(  kLz/k)}i  tiz  e-i*  xz  + 

ri7  el*  *^  ),  (21) 

and  for  transverse  shear  waves: 

Frrxy  =  -F  ((sin  a)/(kTz/k)}(  trz  e'l*  xz  + 

rrz  el*  "^z  xZ}  (22) 
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VTTr2  =  -V  { MT2/{  kn/k)  tT2  e‘J*  - 

rT2  ej»  ><r2  ,2).  (23) 

Note  that  in  the  case  of  a  finite  plate,  there  are  four 
additional  unknowns  in  the  wave  expressions,  nanely,  the 
reflection  factors  r«2,  rw»2,  rt2  and  rr2.  Hence,  four  additional 
boundary  conditions  are  required  to  solve  the  transmission  and 
reflection  factors.  These  boundary  conditions  can  be  obtained  by 
noting  that  the  forces  and  moment  must  vanish  at  the  free  end, 
i.e. , 


F.\2  =  Fy2  =  Fi2  =  M2  -  0 


(24) 


at  X2  =  iw. 

TRANSMISSION  AND  REFLECTION  EFFICIENCIES 

The  wave  power  per  unit  length  of  a  junction  may  be  expressed 

as  the  energy  per  unit  area  times  the  component  of  group  velocity 

normal  to  the  Junction.  For  transmitted  waves,  the  expression  for 
wave  power  is  given  by: 

Pbi  =  Cci(k/koi)Re'l{{kDi/k)^  -  sin*  a)]  (25) 

where  D  =  B,  L,  or  T 

mi  -  mass  per  unit  area  of  plate  i 
Cat  =  group  velocity  of  plate  i 
=  2  Cat  for  bending  waves 
=  Cii  for  longitudinal  waves 
=  Crt  for  transverse  shear  waves. 

Equations  (25)  may  also  be  used  to  express  the  reflected  wave 

power  by  substituting  i  =  s  (s  is  the  carrier  plate  of  the 

incident  wave)  and  the  transmission  factors  by  the  appropriate 
reflection  factors. 

Similarly,  the  incident  wave  power  may  be  expressed  as; 

Ps  =  a»  I®  Cgs  cos  a.  (26) 


The  transmission  /  reflection  efficiency  may  be  calculated  as 
the  ratio  of  the  transmitted  /  reflected  wave  power  to  the 
incident  wave  power: 

t’  ‘  =  Pdi/Pb  (27) 

«  u 

where  i  represent  the  carrier  plate  of  the  generated  waves,  q  and 
u  represent  the  wave  type  of  the  incident  and  generated  waves 
respectively.  Conservation  of  energy  requires  that  the  sun  of  all 
transmission  and  reflection  efficiencies  to  be  equal  to  one. 

It  is  evident  from  the  above  analysis  that  the  transmission 
and  reflection  efficiencies  vary  with  the  incident  angle.  If  one 
assumes  a  diffused  vibration  field  incident  on  a  junction,  the 
mean  or  diffuse  wave  transmission  efficiency  may  be  obtained  by 
averaging  the  efficiencies  over  the  entire  range  of  incident 
angles  (i.e.  from  0  to  90  degrees).  The  sample  calculations  in  the 
following  section  are  based  on  mean  transmission  efficiencies. 
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APPLICATIONS  TO  PLATE-BBAM  JUNCTIONS 

The  aatheBatical  nodels  for  a  thick  bean  and  a  thin  bean 
coupled  to  seni-infinite  plates  were  applied  to  the  plate-bean 
junction  shown  in  Figure  5.  Since  the  bean  thickness  chosen  in 
this  exanple  is  the  sane  as  the  plate,  the  bean  would  vibrate  due 
to  the  incident  wave  and  it  is  reasonable  to  argue  that  the  thin 
bean  nodel  would  give  a  nore  accurate  prediction  of  the 
transnission  efficiency.  Figure  6  shows  the  bending  wave 
transmission  efficiency  of  the  junction  calculated  by  both  nodels. 
The  thick  bean  nodel  predicts  a  low-pass  characteristic  of  the 
plate-bean  junction  and  underestinates  the  transnission  efficiency 
at  frequencies  above  500  Hz.  The  effect  of  resonant  bending 
frequency  of  the  bean  on  wave  transnission  can  be  observed. 

As  a  second  exanple  on  plate-bean  junctions,  the  bean 
thickness  in  Figure  5  is  increased  to  20  nn.  Figure  7  shows  the 
calculated  transnission  efficiency.  Below  1  kHz,  the  agreement 
between  the  thick  bean  nodel  and  the  thin  bean  nodel  is 
reasonable.  At  higher  frequencies,  the  thin  bean  nodel  predicts  a 
higher  transmission  efficiency,  possibly  due  to  the  effect  of  bean 
resonance.  It  should  be  noted  that  the  nathenatical  nodels  used  in 
this  paper  are  based  on  thin  plate  theory  and  the  assumption  that 
the  boundary  conditions  can  be  applied  on  the  bean/plate 
centreline.  These  assumptions  are  not  justified  if  the  thickness 
of  bean  is  large  compared  with  the  plate.  The  effect  of  plate 
offset  from  the  centreline  of  a  thick  bean  has  been  investigated 
by  Langley  and  Heron  [3].  Despite  the  assumptions  used  in  the 
models,  the  present  analysis  shows  that  the  conventional  heavy 
bean  theory  nay  lead  to  a  serious  underestination  of  the 
transnission  efficiency  when  applied  to  plate-thin  bean  junctions. 

CONCLUSIONS 

A  general  nethod  for  evaluating  the  transnission  efficiency  of 
structural  junctions  has  been  presented.  The  method  can  be  applied 
to  junctions  that  consist  of  plates  coupled  to  thin  beans  typical 
of  naval  ship  constructions.  A  study  of  the  transnission 
efficiency  of  plate-thin  bean  junctions  shows  that  the  vibrations 
of  bean  has  a  significant  effect  on  wave  transnission  and  should 
be  considered  in  the  analysis. 
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PREFACE 

Designers  of  land,  aero,  space,  and  naval  vehicles  often  demand  one-to-one  predictive  schemes  so  that 
the  performance  of  the  vehicles  can  be  a  priori  ensured.  Those  research  scientist  who  humbly  and  truthfully 
"ha  and  dah"  about  their  ability  to  comply  with  this  demand  are  left  out  by  the  brokers  for  the  designers.  Under 
this  piessure  some  research  scientists  are  willing  to  exaggerate  capabilities  that  lie  in  their  models  by  claiming 
them  to  be  bona  fide  predictive  schemes.  When  one  admits  to  a  broker  that  his  models  bear  only 
phenomenological  correspondence,  these  models  are  designated  academic  and  treated  as  if  "academia”  is  a 
disease  from  which  designers  are  to  be  protected  at  all  costs.  There  is  a  need  for  establishing  clearing  houses  in 
which  competent  brokers  could  help  to  transfer  models  that  provide  good  phenomenological  correspondence 
into  one-to-one  predictive  schemes.  Such  honest  brokers  could  then  match-make  between  research  scientists 
and  designers  to  the  bliss  of  both.  Successful  marriages  of  this  kind  could  yield  manufacturing  of  better 
vehicles  at  lower  costs. 

TEXT 


The  models  to  be  discussed  are  ideal  and  bear  a  phenomenological  correspondence  to  behavior  of  many 
complex  structural  systems  that  constitute  the  vehicle.  In  modeling  for  a  phenomenological  correspondence, 
one  needs  to  ensure  that  the  phenomenon  under  investigation  is  manifested  in  the  model.  The  one-to-one 
correspondence  is  largely  sacrificed  so  that  the  behavior  of  the  model  can  be  investigated  by  reasonable 
analytical  descriptions.  Reasonable  analytical  descriptions  are  those  that  harbor  information  that  can  be 
managed  and  deciphered.  Situations  exist  in  which  despite  the  sacrifice  of  one-to-one  correspondence  the 
descriptions  are  still  cumbersome  and  may  be  complicated.  In  an  attempt  to  alleviate  the  cumbersomeness  and 
the  complication  one  may  resort  to  introducing  quadratic,  and  subs^uently  statistical,  descriptions.  Not 
withstanding  that  statistical  descriptions  may  become  appropriate  simply  because  the  definition  of  the  strucmtes 
cannot  be  specified  except  statistically.  These  quadratic  and  statistical  descriptions  basically  pertain  to 
estimating  the  energetics  of  the  complex  structural  systems;  among  these  kinds  of  descriptions  is  the  so  called 
statistical  energy  analysis  (SEA). 

The  model  approach  to  the  derivation  of  SEA  is  briefly  reviewed.  Some  of  the  advantages  of  using 
SEA  are  discussed  and  exemplified.  As  a  counter  point,  some  of  the  difficulties  that  may  beset  the  use  of  SEA 
are  also  discussed  and  exemplified.  An  extension  is  introduced  to  SEA  that  accounts  for  the  stored  energy  in 
terms  ot  a  reverberant  portion  as  well  as  a  non-reverberant  portion.  A  mention  is  made  of  the  wave  approach  to 
the  derivation  of  SEA  and  its  relationship  to  the  modal  approach  is  cited  and  compared. 
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ABSTRACT 

The  Space  Station  Freedom  (SSF)  program  was  established  to  provide  a  near-zero 
gravity  laboratory  for  scientific  experiments  which  may  be  conducted  by  a  human  crew. 
Microgravity  limit  requirements  were  established  for  both  transient  and  stationary 
vibration  events  to  ensure  the  success  of  the  proposed  experiments.  Crew  acoustic  noise 
requirements  were  established  to  eliminate  fatigue  and  potential  hearing  loss  from  long 
term  exposure,  and  to  facilitate  speech  communications.  The  stationary  noise  and  vibration 
environments  may  be  Induced  by  various  source  classes  such  as  fans,  pumps,  compressors,  and 
other  mechanical  devices.  Prediction  of  the  stationary  on-orbit  environments  in  one  SSF 
module  was  performed  using  the  Vlbroacoustlc  Payload  Environment  Prediction  System 
(VAPEPS). 

VAPEPS  is  a  computer  progreun  that  utilizes  statistical  energy  analysis  (SEA) 
techniques  to  predict  the  vlbroacoustlc  environments  In  complex  systems.  A  model  of  the 
reconfigured  U.  S.  laboratory  module  was  developed.  The  model  Included  the  outer 
structure,  equipment  and  payload  racks,  and  the  avionics  and  cabin  air  duct  systems. 
Acoustic  and  vibratory  outputs  of  the  various  source  classes  were  derived  and  Input  to  the 
model  to  predict  their  effects  on  the  system.  Analyses  were  performed  In  one-third  octave 
frequency  bands  from  10  to  10,000  Hz.  Initial  results  showed  that  both  the  microgravity 
and  acoustic  requirements  would  be  exceeded  In  some  one-third  octave  bands  with  the  current 
SSF  design.  Further  analyses  Indicated  that  Interior  acoustic  level  requirements  would  be 
exceeded  even  if  the  mlcrogravlty  requirements  were  met. 

INTRODUCTION 

A  major  concern  for  SSF  is  the  interior  acoustic  noise  and  vibration  levels  which 
the  crew  and  science  experiments  will  experience.  Acoustic  noise  requirements  for  SSF  are 
established  at  NC  (Noise  Criteria)  50  for  work  areas,  and  NC  40  for  sleep  compartments.^ 
Vibration  requirements  for  SSF  are  established  at  10“^  G's  above  100  Hertz  and  decreases 
linearly  with  frequency  below  100  Hertz. ^  The  SSF  Office  In  Reston,  Virginia  assigned  JPL 
to  develop  a  computer  model  to  simulate  the  on-orblt  stationary  vlbroacoustlc  environment 
for  SSF.  This  model  Is  to  be  made  available  to  all  SSF  contractors  and  sub-contractors. 

The  model  was  developed  using  VAPEPS,  which  Is  a  computer  program  that  predicts  noise  and 
vibration  environments  and  uses  statistical  energy  analysis  (SEA)  methods. 

The  techniques  used  by  VAPEPS  to  help  predict  the  noise  and  vibration  levels  within 
the  SSF  will  be  discussed.  The  prediction  techniques  prove  to  be  very  useful  for  this  type 


[Work  performed  by  the  Jet  Propulsion  Laboratory,  California  Instltute^of  Technology,  and 
under  contract  to  the  National  Aeronautics  and  Space  Administration.  Gloria  Badllla  Is  an 
employee  of  STSCON  Corporation  under  contract  to  the  Jet  Propulsion  Laboratory,  California] 
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of  analysis.  They  also  have  a  rapid  turn  around  time  so  that  designers  can  get  quick 
answers  to  the  effects  that  various  configurations  and  treatments  may  have  on  the  noise  and 
vibration  levels  In  the  SSF.  The  theory  used  within  VAPEPS  la  presented  and  a  description 
of  the  model  is  discussed.  The  results  of  the  analysis  and  their  implied  effects  on  crew 
comfort  and  science  experiments  are  discussed  in  the  conclusions. 

BACKGROUND  ON  SPACE  STATION 

NASA  has  developed  various  requirements  for  noise  and  vibration  levels  tc  maintain 
comfort  and  reduce  stress  and  fatigue  of  Its  astronauts  and  to  ensure  successful 
microgravity  experiments  while  on  orbit  in  the  SSF.  Noise  levels  In  both  the  space  shuttle 
crew  module  and  Skylab  during  orbit  have  caused  adverse  effects  on  astronaut  communications 
and  sleep.  NASA  wants  to  ensure  that  these  problems  are  not  repeated  in  SSF. 

The  principal  Investigators  for  Space  Station  Science  experiments  have  determined 
from  previous  space  science  experiments,  that  a  long  duration,  very  low  mlcrogravlty 
environment  Is  necessary  to  obtain  successful  results.  The  support  of  mlcrogravlty 
experiments  have  been  established  as  the  primary  function  of  SSF. 

Efforts  were  made  In  the  Shuttle  and  Skylab  programs  to  reduce  noise  and  vibration, 
however  noise  and  vibration  treatments  were  not  designed  Into  the  vehicles.  This  design 
aspect  must  be  considered  for  SSF.  Including  noise  and  vibration  reduction  techniques  in 
the  vehicle  design  will  produce  a  quieter  and  lower  vibration  level  station  at  reduced  cost 
and  effort.  VAPEPS  la  a  software  program  that  can  help  designers  In  the  early  stages  of 
the  design  to  Incorporate  the  moat  effective  noise  and  vibration  reduction  treatments.  The 
rapid  turn  around  time  of  a  prediction,  as  well  as  the  simplicity  of  the  models,  allows  for 
easy  use  during  the  concept  stage. 

ENVIRONMENTAL  REQUIREMENTS 

Acoustic  levels  In  SSF  must  be  low  enough  to  ensure  crew  comfort  and  safety.  The 
crew  will  be  exposed  to  the  noise  levels  for  extended  periods  of  time.  Once  permanently 
manned,  the  SSF  will  be  able  to  support  crews  for  periods  of  months.  This  varies  from 
conventional  work  environments  In  that  the  crew  will  be  unable  to  take  rest  from  the  noise 
environment.  The  Occupational  Safety  and  Health  Administration  (OSHA)  requirements  for 
loud  noise  exposures  assume  an  8  hour  exposure  time  with  a  rest  period  in  an  environment 
where  noise  levels  are  at  least  10  dB  less. 

In  order  to  account  for  the  constant  exposure  to  the  noise,  NASA  developed  acoustic 
noise  requirements  that  are  more  stringent  than  OSHA's.  Noise  criteria  requirements  for 
SSF  are  NC-50  for  the  work  areas,  and  NC-40  for  the  sleep  areas.  Figure  1  shows  the  NC-50 
and  NC-40  octave  band  sound  pressure  levels.  A  NC-50  curve  allows  for  a  subject  (with  an 
average  male  voice)  to  speak  In  a  normal  voice  and  be  understood  at  a  distance  of  7  feet  (a 
subject  with  an  average  female  voice  would  need  to  be  4  feet  from  the  other  person).  The 
following  applications  of  the  NC-40  and  NC-50  design  criteria  help  to  illustrate  what  a 
person  would  hear  If  subjected  to  these  levels:  the  NC-40  curve  Is  recommended  for  design 
of  open-plan  offices,  retail  shops  and  stores,  cafeterias,  restaurants,  etc.^  The  NC-50 
curve  Is  suggested  design  criteria  for  kitchens,  laundries,  garages,  machinery  spaces, 
power  plant  or  mechanical  equipment  control  rooms,  etc. 

Broadband  vibration  level  requirements  are  established  for  SSF  as  shown  In  Figure  2. 
The  broadband  performance  criteria  was  generated  to  assess  the  combined  environment  from 
multiple  stationary  sources,  and  were  derived  directly  from  the  narrow  band  requirements. 

At  each  center  frequency  the  narrowband  criteria  establishes  the  allowable  acceleration 
amplitude  limit.  This  Is  then  reduced  by  0.707  to  formulate  a  root-mean-square  (RMS) 
allowable.  The  RMS  acceleration  response  due  to  the  acceleration  response  at  all 
frequencies  within  the  one-third  octave  band  must  satisfy  this  value.  Once  the  allowable 
RMS  levels  were  determined,  the  equivalent  power  spectral  density  (PSD)  curves  were 
computed.  The  integrated  values  obtained  from  these  curves  within  each  one-third  octave 
band  corresponds  to  the  mean  square  acceleration  allowable  over  that  band.  Thus,  the 
square  root  of  the  Integrated  sud  Is  equal  to  the  RMS  level  derived  from  the  narrowband 
curve. 

The  broadband  curve  was  used  for  comparisons  with  the  VAPEPS  predictions.  This  was 
done  because  all  sources  within  the  SSF  lab  were  incorporated  Into  the  model.  The  combined 
environment  from  all  sources  Is  considered  to  be  broadband  even  though  the  Individual 
sources  may  have  harmonics  at  discrete  frequencies. 

OVERVIEW  OF  VAPEPS 

The  primary  objective  of  the  VAPEPS  activity  was  to  develop  a  more  consistent  and 
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Figure  1;  Noise  Cfiteiia  Requirements 


reliable  method  for  establishing 
vlbroacoustlc  design  and  test  requirements 
for  payload  components.  Lockheed  Missiles 
and  Space  Company,  (LMSC),  under  the 
sponsorship  of  NASA  Goddard  Space  Flight 
Center  and  the  United  States  Air  Force  Space 
Division  was  contracted  to  develop  VAPEPS. 
The  VAPEPS  Management  Center  (VMC)  provides 
the  aerospace  community  with  a  cost 
effective  tool  for  payload  vlbroacoustlc 
environment  predictions.  Currently,  the  VMC 
Is  sponsored  by  NASA  Lewis  Research  Center 
to  perform  program  and  modeling  validations, 
user  consultation,  technology  development, 
and  program  and  database  management, 

SEA  CONCEPTS 

The  theory  incorporated  Into  VAPEPS  Is 
Statistical  Energy  Analysis  (SEA).  This 
prediction  scheme  uses  structural 
parameters,  acoustic  spaces,  and  excitation 
parameters  of  a  space  vehicle.  It  provides 
an  energy  balance  from  which  the  mean- 


squared  value  of  acoustic  and/or  vibration 
response  can  be  determined  in  one-third 
octave  Increments  from  10  to  10,000  Hertz. 

The  most  Important  feature  of  SEA  Is 
the  description  of  a  vibrating  element  as  a 
member  of  a  statistical  population 
(ensemble).  The  SEA  methods  Identify  energy 
as  the  primary  variable  so  that  the 
fundamental  dynamic  equations  are  simple. 
When  steady-state  condition  Is  reached,  the 
power  Input  to  an  element  must  be  equal  to 
the  power  output  of  the  element.  This 
energy  balance  Is  the  basis  of  SEA.  The  use 
of  SEA  leads  to  the  statistical  estimates  of 
average  modal  energy.  The  average  is  taken 
over  time  and  frequency  bands.  The  average 
modal  energy  Is  used  to  calculate  the 
spatial  average  mean  square  response. 

VAPEPS  ANALYSIS  OF  THE  SSF  LABORATORY  MODULE 

The  reconfigured  design  of  the 
laboratory  module  consists  of  a  cylinder 
with  bulkheads  welded  to  the  ends  (see 
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Figure  2:  Broedband  Siaiionary  Microgravity  Requirement 


Fifuie  y.  SSF  Module  Outer  Suuctuie  (Reconfltunlion) 


Figure  3)^.  The  alumlnuro  module  is  atrc**** 

275  Inches  long,  and  Is  divided  into  two  sections.  Each  section  Is  formed  of  cylindrically 
curved  waffle-stiffened  skin  panels  that  are  welded  together  to  form  a  166  Inch  (4.2  m) 
diameter  cylinder.  Each  section  Is  welded  together  and  reinforced  at  the  Joints  with 
mldrlngs.  The  module  Is  additionally  stiffened  longitudinally  with  longerons  and 
circumferentially  with  stability  rings.  Equipment  racks  are  mounted  to  longerons  Inside 
the  module.  Equipment  contained  In  the  racks  Include  science  experiments  as  well  as 
ventilation  equipment,  and  associated  duct  work,  which  Is  a  primary  source  of  noise  and 
vibration  Inside  the  module. 


The  following  sections  describe  the  SEA  modeling  of  the  module  using  the  VAPEPS 
software.  Since  statistical  technlqu<!s  are  being  used,  geometry  and  material  properties 
are  spatially  averaged  providing  a  much  simpler  representation  of  the  structure  (see  Figure 
4).  A  description  of  the  SEA  elements  used  and  their  energy  path  connections  are  provided. 
The  excitation  Inputs  are  also  described  and  the  results  produced  by  the  VAPEPS  analysis 
are  presented. 


SEA  Element  Description 
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The  structural  elements  used  to  define 
the  laboratory  module  Include  the  skin 
panels,  stiffening  beams,  the  equipment 
racks,  and  the  ventilation  ducts.  Material 
properties  for  aluminum  were  input  to  the 
model  except  vhere  noted.  The  acoustic 
elements  modeled  include  the  spaces  Inside 
the  racks  and  the  ducts  as  well  as  in  the 
llvlng/worklng  space. 

The  equivalent  plate  (EQPL)  processor 
in  VAPEPS  was  used  to  convert  the  properties 
of  the  waffle-stiffened  skin  panels  into 
properties  of  equivalent  isotropic 
homogeneous  panels.  The  waffle  stiffeners 
were  treated  as  wldthwlse  and  lengthwise 
beam  layers.  VAPEPS  does  not  provide  for 
the  Input  of  curved  plate  parameters,  so  the 
panels  were  defined  as  flat  plates  with  the 
same  surface  area  as  the  curved  plates  in 
the  design.  The  end  bulkheads  were 
similarly  modeled  as  flat  plates. 

No  engineering  drawings  of  the 
equipment  racks  were  available.  Overall 
dimensions  were  obtained  from  preliminary 


sketches.  The  racks  were  treated  as  boxes 
with  dimensions  compatible  with  the  Interior 
of  the  module.  The  boxes  were  formed  of  six 
panels  of  aluminum  honeycomb  with  thin 
graphite  epoxy  face  sheets.  The  actual 
materials  to  be  used  have  not  been 
determined,  however  lightweight  composite 
materials  are  most  commonly  used  for 
equipment  panels.  The  EQPL  processor  was 
used  to  calculate  equivalent  Isotropic 
properties  of  these  honeycomb  panels.  A 
total  of  24  racks  was  included  in  the  model. 

Racks  and  duct  systems  were  Included 
in  the  interior  of  the  structure.  The  ducts 
were  modeled  as  cylinders  and  were  point 
connected  to  the  primary  structures  at  the 
standoffs.  A  duct  system  was  defined  for 
the  avionics  air  and  the  cebln  air,  and 
crossover  ducts  were  Included,  Vertical  and 
horizontal  stiffening  beams  representing  a 
support  structure  for  the  racks  were 
connected  at  points  to  the  sides  and  corners 
of  the  racks.  The  racks  were  connected  to 
the  primary  structure  via  the  longerons. 

Acoustic  elements  were  defined  for  each  rack 
and  duct  Interior  space  as  well  as  for  the  Interior  acoustic  space.  The  avionics  duct 
spaces  were  acoustically  coupled  to  the  rack  spaces,  and  the  cabin  air  duct  spaces  were 
acoustically  coupled  to  the  Interior  acoustic  space.  Excitation  of  the  system  was  provided 
In  the  form  of  acoustic  and  mechanical  power,  as  well  as  turbulent  boundary  layer  forces  in 
the  ducts.  A  cross-sectional  view  of  the  VAPEPS  model  elements  Is  shown  In  figure  5. 

Energy  Path  Connections 

The  basic  types  of  energy  psths  used  by  VAPEPS  are  structural-to-structural  element 
connections  and  structural-to-acoustlc  element  connections.  The  latter  provide  for 
resonant  and  non-resonant  (mass  law)  connections.  Paths  used  In  this  model  Include  the 
butt  welding  of  plates  and  cylinders,  and  the  point  connections  of  beams  to  plates. 

The  outer  structure  was  modeled  as  a  cylinder.  The  forward  and  aft  bulkheads  were 
welded  at  a  ninety  degree  angle  to  each  end.  The  equivalent  midring  and  longeron 
stiffening  beams  were  point  connected  to  the  cylinder. 

The  rack  panels  were  welded  at  ninety  degree  angles  to  form  boxes.  The  corners  of 
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the  top  and  bottom  panels  were  then  point 
connected  to  the  longerons  in  the 
configuration  shown  In  Figure  5. 

The  cabin  air  and  avionic  ducts  ran 
the  length  of  the  module,  and  were  point 
connected  to  the  standoffs  as  shown  in 
Figure  5. 


Excitation  Inputs 

Source  power  levels  were  derived  for 
the  fans  and  pumps  In  the  U.S.  Laboratory 
system  racks  as  Identified  by  Boeing 
Aerospace.  There  was  a  total  of  20  fans  and 
28  pumps/compressors.  Power  levels  were 
estimated  In  one-third  octave  bands  from  10 
to  10,000  Hz  for  the  three  specified  sizes 
of  the  fans  and  pumps/compressors:  small, 
medium,  and  large.  Table  I  summarizes  the 
disturbance  sources  Included  In  the 
analysis.  Acoustic  and  mechanical 
(vibrational)  components  of  the  source 
levels  were  determined.  Pumps  and 
compressors  were  taken  to  be  essentially  the 
Figure  9:  Urge  Fin  Pourer  gang  type  of  equipment,  and  were  assumed  to 

produce  the  same  source  levels  for  similar  horsepowers.  The  five  small  centrifugal 
separators  included  in  the  U.  S.  Laboratory  rack  list  were  not  considered  in  this  analysis. 
However,  the  Boeing  Aerospace  reported  air  flows  In  the  laboratory  ducts  were  used. 
Velocities  In  the  20  foot  per  second  range  generated  turbulent  boundary  layer  disturbances 
In  the  ducts  beneath  the  rack  standoffs. 

TABLE  I 


Size  of  Fan 

Quantity 

Assumed  Flow  Kate  (cfm) 

Assumed  Static  Pressure  (In.  water) 
Assumed  Mounting  Plate  Thickness  (In.) 
Approximate  Power  (hp) 

Overall  Sound  Power  (dB*) 

Overall  Mechanical  Overall  Power  (dB*) 

Size  of  Pump 

Quantity 

Assumed  Mounting  Plate  Thickness  (In.) 
Approximate  Size  (hp) 

Overall  Sound  Power  (dB*) 

Overall  Mechanical  Power  (dB*) 

*  All  power  levels  are  In  dB  re  l.E-12  W 


Snail 

Medium 

Large 

7 

8 

5 

100 

400 

Unknown 

1 

3 

Unknown 

1/16 

1/8 

1/4 

1/20 

1/2 

Unknown 

77 

93 

90 

63 

77 

89 

Small 

Medium 

Large 

18 

7 

3 

1/16 

1/8 

1/4 

0.013 

0.1 

0.6 

75 

84 

92 

83 

86 

98 

Acoustic 

Acoustic  levels  for  the  large  fan  (THC/ Avionics)  were  provided  by  Boeing  Aerospace. 
The  overall  levels  and  frequency  weighing  for  small  and  medium  fans  were  calculated  from 
assumed  scaled  down  flow  rate  and  static  pressure  parameters  using  generic  results  from  the 
ASHRAE  Handbook^  for  tubeaxlal  fans  under  40  inches  In  diameter.  Blade  passage  frequency 
Increments  were  neglected. 

The  pomp  acoustic  power  levels  were  determined  by  scaling  of  empirical  data  from: 
"Noise  Control  for  Building  and  Manufacturing  Plants"  taught  by  Laymon  Miller  and  Bob 
Hoover,  In  November  1990^. 

Mechanical 


The  mechanical  power  Inputs  were  based  on  imbalance  force  data  provided  by  Boeing 
Aerospace  for  each  class  of  equipment.  The  power  input  to  a  mounting  structure  due  to  the 


mechanical  Imbalances  were  computed  from  an  assumed  Impedance  of  the  mounting  structure. 

The  point  Impedance  of  the  mounting  structure  was  assumed  to  Increase  with  equipment 
mechanical  power  since  more  powerful  equipment  will  probably  be  mounted  on  heavier 
structure.  The  overall  mechanical  power  level  (total  power)  was  computed  and  the 
mechanical  power  levels  were  assumed  to  have  the  same  spectral  shape  as  the  acoustic  levels 
for  each  type  of  equipment. 

Input  of  Disturbances 

All  acoustic  power  Inputs  were  Injected  Into  the  acoustic  spaces  of  the  U.  S.  Lab 
system  racks  which  supported  the  particular  pieces  of  equipment.  The  mechanical  power 
Inputs  were  Injected  Into  the  stiffening  rails  of  the  Individual  system  racks  that  support 
that  equipment.  No  Inputs  were  assumed  for  payload  racks.  The  locations  of  the  various 
equipment  sources  were  determined  from  configuration  Information  provided  by  Boeing 
Aerospace.  Figure  6  Illustrates  the  proposed  U.S.  Laboratory  layout  at  permanently  manned 
capability  stage  (PMC).  Note,  that  the  large  fans  are  positioned  in  the  aft-most  racks 
which  are  designated  as  rack  number  6,  celling,  starboard,  floor,  and  port.  Figures  7-9 
plot  the  acoustic  and  mechanical  power  Input  levels  of  small,  medium,  and  large  fans 
respectively,  and  figures  10-12  of  the  pumps/compressors.  Plots  of  the  source  power  are 
In  one-third  octave  bands  from  10  to  10,000  Hz.  Power  from  assumed  turbulent  boundary 
layer  excitation  of  ducts  based  on  flow  rates  obtained  from  Boeing  Aerospace  was  also  Input 
to  the  model.  These  power  levels  were  found  to  be  negligible  compared  to  other  sources. 


ONI  THBOOCTAVt  »Ar*D  FUOVBCT  (Nxt 

Figure  1 1:  Medium  Pump  Power 
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The  responses  at  the  12  U.S.  Lab 
payload  racks  were  determined  by  averaging 
the  responses  of  the  four  vertical  corner 
beam  elements  of  each  rack.  Plots  of  these 
responses  are  compared  with  the  ndcrogravlty 
broadband  requirement  In  figures  13-16.  The 
response  data  are  presented  In  one-third 
octave  bands  from  10  to  10,000  Hz  In 
acceleration  power  spectral  density  (g^Alz) 
format.  The  celling  racks  are  denoted  as  "lac#",  the  starboard  racks  as  "las#",  the  floor 
racks  as  "laf#",  and  the  port  racks  as  "lap#".  The  numerical  Identifier  can  range  from  1 
to  6,  with  1  at  the  forward  end,  and  6  at  the  aft  end. 

Preliminary  analysis  of  the  results  show  that  predicted  accelerations  on  the  mounting 
posts  of  the  payload  racks  exceed  the  mlcrogravlty  requirements  In  the  100  Hz  and  1250  Hz 
one-third  octave  bands.  The  100  Hz  peak  Is  due  to  the  peak  In  the  large  fan  acoustic 
output.  The  coincidence  frequency  of  the  rack  panels  as  they  are  modeled  In  this 


Figure  iO:  SnuU  Pump  Power 


Figure  12:  Large  Pump  Power 


Hgure  13:  Average  Ceiling  Payload  Rack  Support  Respooae 
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Figuit  14:  Avenge  Sutboud  Payload  Rack  SuppoR  Respoiue 


simulation  occurs  in  the  1250  Hz  band, 
coincidence  is  responsible  for  the  8*10”" 
g^/Hz  peak  in  the  1250  Hz  band,  and  exists 
at  all  racks,  regardless  of  position.  This 
results  in  one-third  octave  band  root-mean- 
square  levels  in  the  order  of  1500  mlcro-g 
which  is  approximately  twice  the  707  micro-g 
allowable.  In  the  100  Hz  range,  the  three 
starboard  payload  racks  are  at  or  below  the 
requirement  curve.  There  is  a  continuous 
degradation  in  performance  from  port,  to 
celling,  to  floor  locations  with  no 
significant  response  differences  in  the 
forward-aft  direction.  The  cause  of  these 
effects,  or  lack  thereof,  merits  further 
investigation.  In  the  worst  case,  the 
single  floor  payload  rack  acceleration 
response  has  a  maximum  one-third  octave  band 
root-mean-square  level  of  2275  mlcro-g  which 
is  3.2  times  the  requirement.  The  effects 
from  the  turbulent  toundary  forces  due  to 
duct  air  flow  were  minimal. 

Below  100  Hz,  all  predicted 
accelerations  of  the  payload  racks  appear  to 


diverge  from  the  requirement  as  the 
frequency  approaches  10  Hz.  The  divergence 
may  indicate  that  the  predictions  become 
less  accurate  as  the  low  frequencies  are 
approached.  Source  assumptions  and  the 
sparse  oiodal  densities  could  degrade  the 
accuracy  of  the  SEA  predictions.  The 
results  below  100  Hz  require  further 
investigation.  The  high  frequency  SEA  and 
low  frequency  finite  element  results  need  to 
be  reconciled  in  the  10  to  15  Hz  frequency 
range. 

Based  on  the  simplified  vlbroacoustlc 
model  used,  the  results  show  that  the 
predicted  noise  levels  inside  the  untreated 
module  do  not  meet  the  noise  criteria, 
exceeding  NO- 50  by  as  much  as  25  dBA  (see 
figure  17).  For  extended  periods,  the 
overall  noise  level  of  101  dBA  Inside  the 
habitation  module  would  Indeed  be  agonizing 
if  not  damaging.  The  crew  would  be  required 
to  wear  hearing  protection  while  sleeping  at 
levels  above  76  dBA.  It  must  be  noted  that 
only  one  noise  source  is  Included  in  this 
model,  and  the  inclusion  of  additional 

sources  will  only  Increase  the  levels.  In  addition,  this  model  does  not  Include  any  noise 
control  measures.  Various  noise  control  treatments  are  currently  being  investigated. 

These  measures  may  be  insufficient  and  a  quieter  fan  may  have  to  be  used. 


Figuzv  15:  Average  Floor  Piyloid  Rack  Support  Response 


SUMMARY  AND  CONCLUSIONS 


VAPEPS  proved  to  be  an  effective  tool  in  this  analysis,  allowing  for  the 
implementation  of  large  models  and  the  ability  to  change  parameters  easily.  Parametric 
studies  of  the  effects  of  acoustic  absorption  and  damping  are  performed  simply  by  running 
separate  models  with  different  absorption  and  damping  values.  VAPEPS  may  be  employed  to 
determine  the  required  parameters  to  meet  noise  level  requirements,  however  Implementing 
the  measures  may  be  much  more  difficult. 

Drastic  damping  and  acoustic  absorption  measures  will  be  required  to  bring  the  noise 
levels  down.  Since  acoustic  paths  are  the  primary  contributors  to  the  Interior  noise 
levels,  increased  acoustic  absorption  should  have  a  greater  effect  on  noise  attenuation 
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than  Increased  structural  damping. 
Unfortunately,  the  use  of  acoustic  materials 
such  as  fiberglass  is  not  allowed  since  SSF 
is  a  closed  system,  and  contamination 
requirements  are  stringent.  In  addition, 
the  use  of  structural  damping  materials  must 
be  limited  because  they  can  add  considerable 
weight  to  the  structure.  These  factors 
present  a  serious  problem  for  SSF  designers. 
Noise  sources  and  noise  control  treatments 
need  to  be  considered  In  the  design  stage  to 
ensure  that  noise  requirements  are  achieved 
in  a  cost  effective  manner.  VAPEPS  Is  an 
effective  tool  to  support  this  design 
effort. 
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ABSTRACT 

The  VibroAcoustic  Payload  Environment  Prediction  System  (VAPEPS)  is  an  applications  package 
for  modeling  interactions  between  vibrating  structures  and  acoustically  active  spaces  when  the  motion 
is  statistically  stationary.  In  particular,  VAPEPS  can  predict  sound  power  levels  (SPLs)  inside  enclosures 
given  .SPLs  outside.  This  paper  presents  a  method  of  using  VAPEPS  to  provide  an  upper-bound  estimate 
of  the  strength  of  an  acoustic  pulse  transmitted  to  the  inside  of  a  structural  enclosure,  thereby  extending 
VAPEPS  to  a  non-stationary  problem.  The  method  is  illustrated  for  a  particular  enclosure,  but  the 
principle  is  general  in  scope. 

METHOD  OF  ANALYSIS 

VAPEPS  was  developed  by  Lockheed  and  JPL  to  assess  acoustic  levels  in  the  payload  bay  of  a 
rocket.  It  has  the  capability  to  couple  structure-borne  vibrations  in  the  form  of  bending  waves  to 
reverberant  sound  in  spaces.  Since  large  structures  and  spaces  can  have  thousands  of  relevant  acoustic 
modes,  a  finite  element  analysis  In  which  modes  are  individually  characterized  is  not  practical.  Instead, 
VAPEPS  uses  statistical  energy  analysis  (SEA).  SEA  solves  for  the  density  of  modes  within  given 
frequency  bands  and  assumes  that  the  available  energy  is  evenly  distributed  among  all  the  modes  in  that 
band,  a  good  assumption  as  long  as  there  are  at  least  a  few  modes  per  band.  SEA  can  thus  neglect  the 
exact  mode  shapes  since  that  has  little  effect  when  the  modes  are  closely  spaced  in  frequency. 

VAPEPS  accepts  input  in  the  form  of  an  acoustic  power  spectrum,  and  assumes  that  this  forcing 
is  steady-state  random.  This  is  definitely  not  the  case  for  an  acoustic  pulse.  The  difference  between 
steady-state  and  transient  cases  is  contained  in  the  phase  information,  which  VAPEPS  normally 
discards.  The  approach  used  here  was  to  assume  a  worst  case;  that  the  phase  of  the  pulse  does  not 
change  as  the  acoustic  energy  is  transmitted  through  the  walls.  This  assumption  provides  phase 
information  inside  the  walls,  which  can  then  be  combined  with  the  VAPEPS-predicted  magnitudes  to 
yield  a  transient  pressure  time-history.  Assuming  no  change  in  the  phase  portion  of  the  pulse  is  a 
worst-case  prediction  because  in  reality,  reflection  and  absorption  will  occur  as  functions  of  frequency, 
and  this  will  degrade  the  phase  alignment  of  the  input  and  spread  the  pulse.  Thus  the  assumption  being 
made  here  should  result  in  an  upper  bound  for  the  interior  acoustic  environment. 

Figure  1  depicts  the  structure;  acoustic  predictions  are  desired  for  the  interior  of  the  center 
compartment.  The  source  of  the  forcing  on  the  structure  is  the  exterior  space  acting  through  all  the 
outside  walls.  The  front  side  of  the  structure  faces  the  source  of  the  pulse.  A  separate  pressure  time  series 
was  prescribed  for  the  front,  back,  top,  and  bottom  of  the  structure.  The  left  and  right  ends  used  the  same 
forcing  function  as  the  top.  Fourier  transforms  of  the  pressure  time  series  were  created  and  the 
magnitude  portions  were  processed  to  give  third-octave  band  power  spectra. 


Figure  1— Geometry  of  structure 


The  next  step  was  to  apply  these  spectra  to  the  VAPEPS  model.  Since  each  spectrum  has  its  own 
phase  information,  it  is  only  possible  to  recombine  magnitude  and  phase  if  each  spectrum  is  run 
separately  through  the  VAPEPS  model.  The  output  from  VAPEPS  is  an  interior  magnitude  in  the  form  of 
a  spectrum.  After  the  interior  magnitude  is  combined  with  the  original  (unchanged)  phase,  one  has 
produced  a  pressure  history  due  to  the  pulse  acting  on  one  face  of  the  structure.  This  may  be  repeated 
for  all  faces  and  summed  as  a  function  of  time.  The  time  summation  implies  correlated  signals,  which 
is  a  worst-case  scenario.  The  entire  process  just  described,  from  exterior  pressures  to  interior 
predictions,  is  pictured  schematically  in  the  flowchart  of  Figure  2.  The  use  of  a  finite-duration  Fourier 
transform  imposes  periodicity  on  the  prediction  of  the  interior  pressure  time  history,  visible  as  the  dip  at 
the  end  of  the  pressure  trace. 

CONCLUSIONS 

Although  VAPEPS  was  designed  for  statistically  stationary  problems,  it  is  possible  to  apply  it  to 
predictions  of  transmitted  transients  if  the  assumption  of  unchanged  phase  is  used.  Since  tfie 
assumption  is  overly  pessimistic,  an  upper  bound  for  the  strength  of  the  transmitted  pulse  will  be 
obtained. 
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ABSTRACT 

Westphale's  method,  which  is  also  called  the  SEA  method  and  based  on 
using  of  the  principle  of  conservation  of  energy,  is  often  used  for  calcu¬ 
lations  of  vibrations  of  many  engineering  structures.  Usually  only  ap- 
pearancles  of  bending  waves  in  this  structures  is  taken  into  consideration. 
In  this  case  the  agreement  between  calculated  and  measured  data  will  be 
•ssentlally  worse  the  further  a  point  of  observation  gets  from  a  source 
of  vibrations. 

It  is  shown  in  the  report  that  if  we  consider  mutual  interaction  of 
bending  and  longitudinal  waves  which  take  place  on  the  structure  obstacles, 
the  above  mentioned  agreement  is  true  also  at  the  far  distances  from  the 
vibration  source. 

The  acoustic  interaction  between  vibratory  plates  and  air  volumes 
limited  by  them  is  not  taken  into  consideration  in  this  methods.  That 
expels  the  possibility  of  accounting  energy  exchange  between  the  structure 
plates  through  the  air  volumes  distinguishing  them  and  in  consequence  re¬ 
duces  the  accuracy  of  the  calculations. 

As  it  was  shown  in  the  report,  if  we  include  into  scheme  of  the  cal¬ 
culation  the  interaction  between  the  plates  and  the  air  volumes  we  can 
calculate  not  only  the  plate  vibrations  but  the  acoustic  pressure  inside 
of  the  air  volumes  limited  by  plates. 


1.  The  first  article  about  an  application  of  statistical  energy  analyse 
(SEA)  for  calculations  of  vibration  fields  in  complex  engineering  struc¬ 
tures  was  published  45  years  ago.  It  was  the  article  by  H,  Westphal  [l] 
about  a  propagation  of  the  structure-bom  sound  in  building  constructions 
published  on  1957.  Usually  authors  cite  on  the  more  late  article  in  this 
area  vibroacoustic  published  by  R.  Lyon  and  G.  Maidanik  on  1964  [2], 

Meanwhile  this  results  is  equal  in  principle.  Indeed,  the  equation  of  ein 
energy  balance  for  the  simplest  structure  consisting  of  connected  between 
themself  two  plates  look  as: 

-  by  Westphal 

where:  H)'  ,  UO’.  -  densities  of  vibration  energy  (VE);0^,o^-  coefficients 
12  12. 
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describing  transmissions  VE  from  the  plate  1  into  the  plate  2  and  in  the 
opposite  direction;  coefficients,  describing  absorption  VE  in 

plates  1  and  2: 


1  rw 

length  of  contact  line  between  plates  1  ajid  2;  coefficient  of 

transmission  of  bending  waves  energy  from  plate  i  into  plate  K  : 

'2^-  loss  factor  of  plate  1  ;  St  -  area  of  plate  \  ;  (0  -  circular 

frequence;  Ct  ,  C2-  group  speed  of  bending  waves  in  plates  1  and  2; 

-  by  Lyon  and  Maidanik;  p 


where;  Ct ,  tj,-  total  VE  in  plates  1  and  2;  TV^  ,  Ttj.-  densities  of  natur¬ 
al  frequencies  of  plates  1  and  2;  loss  factor  describing  of  leaving 

of  VE  from  the  plate  1  into  the  plate 

Taking  Ao.o.nnnt  nf  pmiAt.-innA  =  onH  .  .  .  .  the  identity 


Taking  account  of  equations  Ei=  Si  UTi  vi  a  \ 

of  eq.(l)  and  (2)  become  obvious.  "vK^^vV^v* 

The  demonstration  of  the  equation 


is  the  major  result  of  the  work  improving  the  work  [l  ]  .  As 

showed  in  eq.  (4)  VE  tranamited  from  the  plate  with  the  greater  quantity 
of  natural  frequencies  exceed  VE  trsuismited  in  the  opposite  direction  be¬ 
cause  each  mode  of  one  plate  exite  mode  of  other  plate  with  an  equal  fre¬ 
quence  only. 


2.  In  above  mentioned  works  [l]  and  [2]  the  acoustic  interaction  bet¬ 
ween  vibratory  plates  and  air  volumes  limited  by  them  (for  instance,  ship 
accomodations;  is  not  taken  into  consideration.  Indeed  if  the  exchange  by 
VE  between  plates  through  air  volumes  is  not  taken  account  the  accuracy 
of  calculations  is  decreased.  If  air  volumes  is  included  in  the  system  of 
energy  balance's  equations  we  can  calculate  besides  a  vibration  of  plates 
a  sound  pressure  in  air  volumes  also  deciding  the  same  system  of  equations. 

M.  Crocker  and  A.  Price  in  their  work  [_33  investigated  a  sound 
transmission  through  a  partition  using  SEA  on  1969.  Probably  it  was  the 
first  attempt  to  include  air  volumes  into  a  system  of  energy  balance's 
equations.  In  this  work  some  acoustic  situations  arised  in  one  or  two 
air  volumes  divided  by  a  partition.  Supplementing  this  situations  ainther 
ones  (the  estimate  of  a  vibration  in  thv'  plate  exited  by  a  source  of  VE, 
the  estimate  of  a  sound  pressure  in  the  volume  exited  by  a  source  of 
sound  energy,  ect.)  and  using  more  rational  form  of  equations  it  was  ob¬ 
tained  the  following  equations  for  estimates  of  a  vibration  and  sound 
pressure  for  cases  of  one  and  two  air  volumes:  _ 

-  for  a  vibration  of  the  plate  exited  by  source  of  VE  Ip  ; 


(O'  =-Ii-  ■ 

for  a  vibration  of  the  plate  exited  by  source  of  sound  power 


-  for  a  sound  pressure  in  the  air  volume  radiated 


(6) 

bending  vibrations  of 
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the  plate  exited  a  source  of  VE  Ip: 


-^for  a  sound  pressure  in  the  air  volume,  exited  a  source  of  sound  power 

iiT  --is—  .  • 


where  iiTp=tnp<4p>  ;  u)'o  =  <Po^>/(?oC<f); 

trip-  mass,  of  plate  per  unit  of  area;  ^cto-  acoustic  resistance  of  air 
medium;  ^Vp^  -  meansquare  vibration  velocity  of  plate;  meansquare 

sound  procure  in  air  volume.  _  /*>  (V  /in  • 

Besides  next  conventional  sign  is  assumed:  'Pi~3fp/ Jo  '>  r2~yp/ToP> 

Vp~^p^p  ’  yo“^«Vo  ’  ^rad^KroxL /((«)Ttlp  Sp)  i 

Rro<t-  radiation's  resistance  of  plate;  tip  -  density  of  natural  frequen¬ 
cies  of  plate;  tlo  -  density  of  natural  frequencies  of  air  volume;  W., 

Yj  -  inner  loss  factors  of  plate  and  air  volume.  * 

For  estimates  of  a  ratio  of  vibration  velooity  and  sound  pressure 
levels  in  various  elements  of  above  mentioned  structures  it  is  possible 
to  use  the  following  equations: 

-  for  a  ratio  of  vibration  velocity  of  the  plate  and  sound  pressure  in 
the  air  volume  when  the  plate  is  exited  by  a  source  of  VE: 


<i:>  'ix  h  . 
<p.'>  ’ 


-  for  a  ratio  of  vibration  velocity  of  the  plate  and  sound  pressure  in  the 
air  volume  when  the  air  volume  is  exited  by  a  source  of  sound  power: 


(f«  +a  )  . 


-  for  a  ratio  of  sound  pressures  in  adjoining  air  volumes  (sound-insula¬ 
tion  of  the  partition): 


-  for  a  ratio  of  vibration  velocities  of  adjoining  plates  (vibro-insula- 
tion  of  the  obstacle); 


VLeiZ  =  VI*  1+^ 


.The  following  conventional  sign  is  as.sumed  in  eq.(11)  and  (12): 
pp“  "ap^/Ypp  J  Voo  =TVoi CoiSp/wwVo’Slow) ) 

ST~-  sound-insulation  by  law  of  mass,  V  =  ’  So“  s^rea  of 

partition.  ' 

Estimates  of  an  influence  of  energies  transmited  by  various  paths 
may  be  fulfilled  with  the  aid  of  eq.(5-12).  For  Instance,  the  ratio  of 
energies  transmited  into  the  adjoining  accomodation  by  a  partition  and  by 
external  plates  is  equal: 


3.  Results  of  calculations  by  Westphal’s  method  and  measurements  are  not 
coincident  in  the  large  distance  from  a  jource  of  vibrations.  It  may  be 
the  result  of  the  transmission  of  VE  by  ribbs  for  ribbed  plates  of  the 
influence  of  the  transformation  types  of  resilient  vawes  wich  take  place 
on  the  structure  obstacles  and  of  energy's  exchange  between  plates  and 
air  volumes.  This  factors  may  be  taken  into  account  by  an  idea  about  the 
propagation  of  an  energy  on  several  canals  with  the  interaction  between 
this  canals.  Two  methods  may  be  used  in  this  case:  the  method  of  knot 
points  and  the  method  of  equivalent  plates. 

The  method  of  knot  points  is  more  general  case  of  Westphal's  method 
for  limited  number  of  canals  for  a  propagation  of  an  energy.  This  canals 
for  ribbleas  plates  are: 

-  bending,  shear  and  longitudinal  waves  in  structure’s  plates  Cm  =1,2,3); 

-  sound  waves  in  a  medium  contacted  with  a  structure  (m  =  4). 

The  general  equation  of  conversation  of  an  energy  with  account  of 
energy  exchanged  between  ribbless  plates  and  the  medium  contacting  with 
this  plates  for  the  k-th  element  of  structure  (plates  or  volumes)  in  m-th 
canal  have  the  following  form; 


w 


(14) 


where^ 

W^-  energy  entered  in  k-th  element  in  m-th  canal; 

If*'  -  number  of  canals; 

TV,n,-  number  of  elements  (plates  and  volumes); 

,  -  flow  of  energy  in  k-th  element  for  m-th  canal ; 

C5i’ -  coefficient  of  transmission  of  energy  from  j-th  canal  in  i-th 
element  into  m-th  canal  in  k-th  element; 
y  -  coefficient  of  absorption  of  energy  in  m-th  canal  in  k-th  ele¬ 
ment  . 


Evidently  oCTr*  0  for  any  TTl  ;  0  (  j  =  1 ,2,3)  ,o4.U  =0  (i=4) 

=  1,2,3*,od^  for^m  =1,2,3;  oCi  =  0  for  m  =  4. 
Coefficients"‘oC^  &  may  be  defined  by  [4"1  and  [5]  . 

?ig.1  show  flows  of  n  for  a  case  of  line  junction  of  elements 
of  a  structure  when  N  =  2. 


for 


4.  The  application  of  the  method  of  knot  points  is  convinient  if  a  struc¬ 
ture  include  small  number  of  elements. 

For  structures  included  ribbed  plates  it  is  conveniently  to  consider 
their  as  plates  with  equlvalwBt  parameters.  This  approach  allow  to  de¬ 
scribe  of  a  propagation  of  VE  on  the  structure  by  differential  equations 
similar  to  the  equation  of  heat  conductivity  for  a  plate  with  radiation 
of  heat  in  an  environment  medium. 

The  supposition  about  substitution  of  discrete  obstacles  by  a  para¬ 
meter  with  unbroken  distribution,  is  used.  For  one  canal  of  propagation 
of  VE  on  the  orthotropic  structure  the  differential  equation  described  a 
propagation  of  VE  have  the  following  form; 


where:  tiy-  density  of  VE  in  equivalent  plate; 

K  ,Ku  -  coefficients  characterizing  of  decrement  of  VE  in  direction"’ 
*  ’  X  and  y; 

H-  coefficient  of  absorption  of  VE  in  element  of  structure  with  unit 
surface . 

The  formulas  for  this  coefficients  is  cited  in  [6]  . 

For  a  two  dimensional  structure  with  coupling  canals  the  analogy 
differential  equation  have  the  following  form: 
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where:  UXnv-  density  of  energy  in  m-th  canal  of  propagation  of  VE; 

1^.  K  .  -  coefficients  characterizing  exchange  of  VE  between  j-th 
jm.’  mj  and  m-th  canals. 


For  a  two-dimensional  structure  the  solution  of  system  of  eq.(l6)  may  be 
realized  by  a  computer  only.  In  some  case  an  analys  solution  of  this 
system  of  equations  is  possible.  For  instance,  for  a  case  of  two-canal 
propagation  of  VE  when  one  canal  is  excited  by  a  point  source  the  distri¬ 
bution  of  a  density  of  VE  along  axis  have  the  following  form  (for  0): 


where  Wo-  energy  entered  into  structure  where  (K  =0; 
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Fig. 2  shows  the  distribution  of  VE  along  two  canals  of  the 
structure  when  an  exchange  of  an  energy  between  canals  is  taken  into 
consideration.  Parameters  shown  on  the  Fig. 2  are  connected  with  para¬ 
meters  of  structure  as: 


A 


0 


(^12. 


g^t 

■  kTTF 


9 


X 


0 


jtvA 

X-Xz 


\  _  (Kt~ Ti^) Vt  (IS) 


Fig. 2  shows  also  distributions  of  vibration's  levels  along  a 
structure  with  periodical  obstacles  received  by  a  calculation  and  a 
measurement.  Theseresults  coincide. 
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ABSTRACT 

A  test  structure  comprising  sections  of  cylindrical  shell  connected  by  bolted,  flanged 
joints  has  been  fabricated,  generically  typical  of  aerospace  structures.  This  is  being 
used  to  explore  various  aspects  of  SEA  modelling  of  vibration  levels  within  the 
structure  for  given  external  excitation.  The  aim  is  to  study  coupling  loss  factors 
between  the  sections  by  a  variety  of  approaches.  These  include  (a)  inverse  estimates 
based  on  measuring  mean  modal  energy  in  the  subsystems  under  conditions  of 
known  power  injection,  both  for  a  system  containing  many  subsystems  and  cnc 
assembled  with  just  two  sections;  (b)  measurements  of  individual  coupled  modes  of 
the  system,  and  then  calculation  of  appropriate  averages  of  these;  (c)  calculation  of 
modal  coupling  strengths  or  wave  transmission  coefficients  through  the  joints 
separating  the  subsystems.  Experimental  results  are  compared  with  theoretical 
predictions  and  differences  shed  light  on  the  SEA  modelling  of  such  structures. 

INTRODUCTION 

Laboratory  and  in-flight  testing  of  aerospace  structures  to  determine  their  vibrational 
behaviour  is  costly  and  time-consuming.  Finite  element  and  modal  analysis 
computer  packages  already  enable  the  assessment  of  candidate  designs  at  low 
frequencies,  during  "drawing  board"  studies.  A  predictive  tool  for  higher  frequencies 
is  clearly  desirable.  The  current  studies  aim  to  validate  the  highly  successful  room 
acoustics  theory  of  statistical  energy  analysis  (SEA)  applied  to  cylindrical  structures 
typical  of  those  found  in  the  aerospace  industry. 

THE  TEST  STRUCTURE 

For  the  purposes  of  this  study  a  'kit'  of  parts  has  been  produced  from  which  vari''-!' 
uylindrical  structures  can  be  made,  broadly  representative  of  basic  aerospace  structures. 
It  has  been  designed  with  the  aim  of  being  simple  enough  to  be  amenable  to  detailed 
theoretical  analysis,  whilst  providing  an  adequate  degree  of  non-idealism  to  represent 
a  valid  test  of  the  statistical  modelling  techniques.  It  was  anticipated  that  certain 
aspects  of  the  design  might  expose  difficulties  in  SEA  modelling  of  this  sort  of 
structure:  these  might  include  the  near  rotational  symmetry  and  chain  connectivity  of 
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the  structure  and  the  possibility  of  joint  "coincidence”  effects  (see  [1]). 

The  kit  consists  of  five  sections  made  from  aluminium  plate  1.6mm  thick,  bent  to 
cylindrical  form  with  radius  0.25m  and  welded  with  a  single  axial  seam.  The  lengths 
of  all  the  sections  are  different,  ranging  from  0.545m  to  0.845m.  There  is  also  one 
section  made  of  plate  2.5mm  thick,  with  length  matching  that  of  one  of  the  thinner 
sections.  All  are  drilled  with  12  equally  spaced  holes  near  the  ends,  so  that  bolted 
connections  to  simple  L-section  flanges  can  be  made.  These  in  turn  can  be  used  to  bolt 
sections  together,  with  or  without  an  intervening  plane  circular  baffle  made  of  2.5mm 
aluminium  plate.  These  components  can  be  assembled  in  a  variety  of  configurations, 
with  two  or  more  sections,  and  with  or  without  heavy  wooden  end-plates. 

TRANSMISSION  CHARACTERISTICS  ACROSS  MANY  SECTIONS 

A  preliminary  measurement  was  carried  out  to  investigate  the  general  characteristics 
of  the  transmission  through  many  jointed  sections  of  cylinder.  This  immediately 
revealed  difficulties  which  can  arise  when  a  structure  has  the  connectivity  of  a  simple 
chain.  Each  section  is  only  connected  mechanically  with  its  nearest  neighbours,  and  if 
the  air-borne  pathway  for  vibration  transmission  is  not  significant  then  we  might 
presume  that  the  coupling  loss  factors  will  be  zero  except  between  neighbouring 
sections.  Also,  we  expect  the  nature  of  the  mechanical  coupling  to  be  rather  similar 
across  each  boundary,  since  all  the  joints  are  nominally  identical.  Any  SEA  model 
obeying  these  two  conditions  predicts  a  very  simple  pattern  of  exponential  decay 
along  the  system  from  excitation  at  one  end.  However,  very  simple  observations 
confirm  what  one  might  expect  from  other  such  problems,  that  the  actual  decay 
behaviour  is  not  of  this  form.  Figure  1  illustrates  response  levels  averaged  over 
frequency  bands  derived  from  five  jointed  cylindrical  sections  with  the  baffles  in 
place,  to  minimise  acoustic  coupling. 

What  we  see  is  a  large  attenuation  across  the  first  junction,  and  then  progressively 
less  across  the  later  ones.  Behaviour  of  this  kind  is  to  be  expected  if  there  is  a 
significant  difference  between  different  modes  or  travelling-wave  directions  in  the 
reflection  and  transmission  coefficients  at  the  boundary.  In  the  driven  section  we 
perhaps  excite  a  broad  range  of  modes  to  roughly  similar  energies,  as  assumed  by 
standard  SEA.  Of  these,  some  will  be  more  strongly  reflected  than  others  at  the  first 
boundary,  so  that  those  which  reach  the  adjacent  section  will  have  a  much  higher 
proportion  of  the  ones  with  high  transmission  coefficients.  Since  the  next  boundary 
has  similar  characteristics  to  the  first,  the  new  mixtures  of  modes  is  better  suited  to 
being  transmitted  through,  and  a  smaller  attenuation  is  thus  seen.  This  process 
repeats,  the  weaker-transmitting  components  being  filtered  out  of  the  mixture  more 
and  more  effectively. 

Since  chain-like  systems  are  not  uncommon,  it  is  of  value  to  investigate  ways  in 
which  SEA  might  be  used  to  study  them.  For  example,  straightforward  application  of 
an  SEA  inverse-fitting  procedure  to  the  present  data  produces  significantly  large 
"indirect  coupling"  elements  in  the  matrix  of  loss  factors. 

DETAILED  INVESTIGATION  OF  A  TWO-SECTION  STRUCTURE 

Modal  Analysis 

Two  cylindrical  sections  were  bolted  together  with  the  baffles  in  place  to  minimise 
acoustic  coupling  between  sections.  A  set  of  transfer  functions  was  measured  to  a 
fixed  accelerometer  on  each  section  from  a  ring  of  driving  points  equally  spaced  about 
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the  circumference  again  of  each  section.  By  Fourier  analysing  with  respect  to 
azimuthal  angle,  0,  of  a  given  drive  point,  the  signal  is  decomposed  into  the  separate 
contributions  for  each  value  of  angular  order  n,.,  i.e.  having  the  form  cosfn^Ol  or 
sin(nj.0)  for  values  of  n^,  =  0, 1, 2,  3  etc.  A  well-defined  series  of  peaks  is  observed  in 
the  frequency  spectra  corresponding  to  the  modes  of  the  structure.  It  was  observed 
that  each  mode  "lives"  predominantly  in  one  or  other  of  the  two  sections  and  may  be 
associated  primarily  with  one  specific  value  of  n^.  About  300  modes  were  catalogued 
in  terms  of  frequency,  section  and  n^,  up  to  about  1800Hz,  above  which  increasing 
modal  overlap  makes  the  identification  process  more  difficult.  The 
frequency/wavenumber  characteristics  of  these  modes  correspond  well  with 
theoretical  predictions  of  the  dispersion  behaviour  of  an  infinitely-extended  version 
of  one  of  our  cylinder  sections  [2].  Having  identified  the  individual  modes  of  each 
section  and  their  associated  values  of  n^,  a  measure  of  the  strength  of  coupling  across 
the  joint  (as  a  function  of  frequency  and  n^)  was  made  in  terms  of  a  ratio  of  rms 
responses  at  the  mode  frequencies.  A  typical  ratio  is  10:1. 

Inverse  SEA  Measurements 

An  extensive  set  of  in  situ  SEA  inverse  measurements  has  been  made  on  the  same 
two  cylinder  sections,  partly  to  investigate  the  effect  of  the  internal  and  external 
airborne  noise  paths.  The  measurements  were  performed  such  that  these  paths  were 
independently  modified  through  combinations  of  baffles  and  fibrous  filling.  In  each 
configuration  a  full  set  of  256  transfer  mobilities  was  taken  using  eight  points  in  each 
section,  located  uniformly  in  an  axial  direction  and  randomly  circumferentially.  A 
simple  two-subsystem  SEA  model  was  assumed  in  the  inverse  procedure.  The 
measurements  allowed  calculations  of  the  mean  velocity  squared  responses  which 
were  used  to  give  damping  loss  factors  (DLFs)  and  coupling  loss  factors  (CLFs).  A 
summary  of  the  conclusions  relating  to  coupling  follows: 

(1)  external  airborne  acoustic  coupling  is  not  significant; 

(2)  internal  airborne  acoustic  coupling  is  significant  in  two  specific  frequency  ranges: 
i)  above  the  equivalent  flat  plate  coincidence  frequency  (-7kHz)  and  ii)  over  a 
range  of  frequencies  just  below  the  ring  frequency  (~3kHz)  (see  [3]);  presumably 
both  may  be  related  to  resonant  excitation  of  the  internal  airspace(s); 

(3)  the  presence  of  the  aluminium  baffle  in  the  joint  significantly  reduces  the 
acoustic  coupling; 

(4)  the  addition  of  a  fibrous  filling  also  reduces  acoustic  coupling; 

(5)  the  presence  of  the  aluminium  baffle  in  the  joint  reduces  the  structural  coupling 
below  2kHz.  Resonant  coupling  through  the  joint  is  unimportant  over  this 
range  of  frequencies,  and  we  believe  transmission  is  controlled  purely  by  joint 
stiffness; 

(6)  in  contrast  the  aluminium  baffle  appears  to  increase  the  structural  coupling 
around  the  ring  frequency;  we  may  ^  seeing  the  effects  of  resonant  coupling  via 
joint  modes. 


Results  (2)  and  (6)  both  suggest  that  more  subsystems  need  to  be  included  in  our  SEA 
model,  corresponding  to  the  internal  airspaces  and  the  joint  configuration. 


Indirect  Coupling 

Work  on  a  three-bay  structure  is  currently  in  progress,  to  investigate  the  significance 
and  physical  mechanisms  associated  with  indirect  coupling. 

THEORETICAL  PREDICTIONS  OF  COUPLING  LOSS  FACTORS 

In  parallel  with  the  detailed  measurements  studying  the  significance  of  various 
factors  in  determining  a  suitable  SEA  model,  theoretical  predictions  have  been  made. 
The  predictions  use  a  variational  model  of  the  joint  [4). 

The  first  stage  is  to  calculate  transmission  coefficients  through  the  joint.  To  obtain 
these  the  dispersion  equation  for  an  infinite  cylindrical  shell  (for  a  given  frequency 
and  angular  order)  is  solved  to  obtain  a  total  of  eight  modes,  some  evanescent  and 
some  propagating.  A  set  of  associated  generalised  forces  and  displacements  is  then 
calculated  for  each  mode.  Considering  two  semi-infinite  cylinders  connected  through 
the  joint  model,  it  is  required  to  match  these  generalised  forces  and  displacements 
using  an  appropriate  admittance  matrix  for  the  joint.  This  matrix  is  calculated  from 
the  joint  model.  This  solves  the  transmission/reflection  problem  at  the  joint,  for  any 
possible  incident  wave  field.  The  result  is  expressed  in  terms  of  a  matrix  of  complex 
transmission  coefficients,  connecting  the  various  propagating  wave  types.  Coupling 
loss  factors  are  obtainable  from  these  using  a  wave  transmission  analysis  (see  for 
example  Lyon  [5]).  These  predictions  are  plotted  on  Figure  2  along  with  the 
corresponding  inverse  measurements  for  the  appropriate  joint  geometry  (no 
aluminium  baffle  included  in  the  joint)  shown  with  a  broken  line. 

COMPARISON  OF  MEASURED  AND  THEORETICAL  COUPLING  LOSS  FACTORS 

The  predictions  are  of  the  right  order  of  magnitude  but  reveal  interesting  and 
significant  differences  from  the  inverse  measurements.  These  differences  are 
discussed  in  turn  below. 

Anomalies  at  Higher  Frequencies 

Above  7kHz  and  around  3kHz  there  are  significant  peaks  in  the  measured  CLFs,  not 
present  in  the  prediction.  As  noted  earlier,  7kHz  marks  the  position  of  the  flat  plate 
coincidence  frequency  for  the  current  shell  thickness,  and  so  the  fluid-structure 
coupling  is  particularly  strong  just  above  that  frequency.  Thus  the  associated  peak  in 
the  CLFs  can  be  attributed  to  internal  acoustic  coupling  of  the  two  cylinder  sections. 
The  peak  around  3kHz  is  attributable  to  a  similar  mechanism,  the  coincident  fluid- 
structure  coupling  just  below  the  ring  frequency  arising  as  a  consequence  of  the 
curvature  of  the  shell  [3].  Fluid-loading  was  omitted  from  the  theoretical  modelling 
used  to  obtain  the  CLFs.  Evidently  the  theory  will  have  to  be  extended  to  include 
such  effects  to  obtain  accurate  predictions  in  these  frequency  ranges. 

Anomaly  at  Low  Frequencies 

The  theoretically  predicted  estimates  for  the  CLFs  are  far  too  high  at  low  frequencies. 
There  are  two  possible  explanations  for  this.  The  first,  again,  relates  to  fluid  loading. 
It  is  well  known  [3]  that  there  exist  a  class  of  cylinder  modes  of  low  angular  order  and 
over  a  frequency  range  up  to  the  ring  frequency  which  are  strongly  radiation-damped. 
These  co-exist,  over  the  same  frequencies,  with  weakly  damped  modes  of  higher  n^,. 
This  invalidates  the  assumption  of  equipartition  of  energy  between  modes  implicit  in 
the  standard  'wave  analysis'  derivation  of  theoretical  coupling  loss  factors. 
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The  second  possible  explanation  arises  as  a  coi«equence  of  low  modal  overlap  at  these 
frequencies,  and  links  closely  with  observations  made  from  purely  theoretical 
calculations  by  Yap  and  Woodhouse  [6].  (The  modal  overlap  factor  is  less  than  1 
below  2kHz.)  Some  insight  can  be  gained  by  referring  to  the  discussion  by  Hodges  and 
Woodhouse  (7],  Section  3.5.  They  discuss  a  simpler  problem  of  coupled  one¬ 
dimensional  systems,  and  derive  results  which  are  qualitatively  similar  to  the 
behaviour  in  this  study  by  both  modal  and  wave  approaches.  It  is  the  interplay 
between  these  complementary  approaches  which  is  particularly  at  issue  here. 

From  a  modal  standpoint  it  is  not  difficult  to  see  that  anomalous  behaviour  of  the 
coupling  loss  factor  should  generally  be  expected  when  the  modal  overlap  is  low.  The 
behaviour  of  the  typical  member  of  the  ensemble  (as  opposed  to  the  ensemble- 
average  behaviour)  will  involve  only  modes  which  "live”  in  one  subsystem  or  the 
other,  and  no  coincidences  of  mode  frequencies  across  the  subsystem  boundary 
should  be  expected.  Under  such  circumstances  the  coupling  loss  factor  will  have  the 
functional  form  of  the  underlying  two-oscillator  result  (Hodges  and  Woodhouse  [7] 
equation  (3.33)).  This  is  significantly  different  from  the  usual  SEA  averaged  result  ([7] 
equation  (3.31)),  which  in  turn  corresponds  exactly  to  the  standard  wave-method 
estimate  which  we  have  adopted  above. 

The  principle  difference  lies  in  the  dependence  of  the  coupling  loss  factor  on 
damping.  The  averaging  procedure  produces  a  factor  of  the  order  of  1/A,  where  A  is 
the  typical  modal  damping  bandwidth.  This  cancels  the  factor  of  A  appearing  in  the 
two-oscillator  coupling  factor,  to  produce  a  coupling  loss  factor  independent  of 
damping.  The  standard  wave  analysis,  after  all,  only  considers  transmission 
behaviour  near  the  junction,  and  such  subsystem  properties  as  damping  simply  do 
not  enter.  For  low  modal  overlap,  then,  we  may  expect  that  a  better  estimate  of  the 
coupling  loss  factor  will  be  proportional  to  A. 

It  remains  to  explain  why  dependence  on  damping  should  produce  the  anomaly  we 
see  in  Figure  2,  where  the  variable  against  which  the  CLF  is  plotted  is  frequency.  We 
would  also  like  to  understand  more  clearly  how  this  anomaly  might  be  viewed  from 
a  "waves"  standpoint.  The  "waves"  part  of  the  discussion  by  Hodges  and  Woodhouse 
[7]  employs  a  rather  special  case  to  obtain  a  CLF  proportional  to  A  ([7]  equation  (3.37)). 
They  consider  systems  such  that  the  modes  of  the  driven  subsystem  line  up  with  the 
anti-resonances  of  the  non-driven  subsystem.  The  different  behaviour  is  then  traced 
to  correlation  between  the  wavefields  on  either  side  of  the  junction,  with  a  suitable 
sign  such  that  the  power  flow  is  reduced  ([71  Figure  6(c)).  At  least  for  this  particular 
case,  the  CLF  is  then  found  to  differ  from  the  usual  one  by  a  factor  of  the  inverse  of 
the  modal  overlap  factor.  Since  modal  spacing  is  not  varying  rapidly  at  low 
frequencies,  while  the  modal  bandwidths  are  approximately  proportional  to 
frequency,  the  result  is  a  dependence  (1  /<o).  This  is  in  reasonable  agreement  with  the 
low-frequency  peak  shown  in  Figure  2  for  the  theoretical  predictions. 

COUPLING  LOSS  FACTOR  PREDICTION  FROM  DETAILED  MODAL  ANALYSIS 

As  previously  stated,  for  low  frequencies  modal  overlap  tends  to  be  low.  In  that  range 
a  different  approach  can  be  taken  to  CLFs.  It  yields  a  result  which  is  significantly 
different  from  the  wave-transmission  answer  discussed  above,  and  sheds  some  light 
on  the  high  values  predicted  by  that  method  at  low  frequencies.  The  approach  makes 
use  of  the  detailed  modal  analysis  on  the  two-bay  structure.  The  data  allow  amplitude 
ratios  of  the  spectra  for  each  bay  on  either  side  of  the  joint,  at  each  identified  mode,  to 
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be  calculated.  This  information  can  be  used  to  estimate  the  CLF,  essentially  by 
carrying  through  the  textbook  mode-averaging  procedure  explicitly  (c.f.  Lyon  [5]). 

We  have  assumed,  in  addition  to  low  modal  overlap,  that  we  have  weakly  coupled 
subsystems  with  mode-dominated  response  characteristics.  Furthermore,  no  mode 
frequency  lies  within  a  modal  bandwidth  of  any  other;  this  can  be  compared  to  the 
modal  "anti-line-up"  condition  of  the  previous  section.  The  resultant  expressions  for 
the  CLFs  r|]2  and  tIj]  are: 


T1i2-=:4— 

coni 

(1) 

Tl2l 
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where: 

A  is  again  the  modal  damping  bandwidth  or  modal  damping  factor; 

0)  is  the  centre  frequency  of  a  given  frequency  bin; 

n,  and  nj  are  the  average  modal  densities  of  each  section  over  the  frequency 
bin; 

A]  and  A2  are  the  subsystem  lengths;  and 

M.„  and  tip  are  the  ratios  of  the  mean  squared  velocities  in  each  section  for 
modes  of  section  1  and  section  2  respectively. 

The  results  from  the  detailed  modal  analysis  [2]  when  substituted  into  equations  (1) 
and  (2)  over  bandwidths  that  coincide  with  those  used  for  the  inverse  measurements 
mentioned  earlier  are  shown  in  Figure  3.  The  measured  results  are  also  shown.  The 
predictions  are  of  the  correct  order  of  magnitude,  though  somewhat  low  in  the  lowest 
bin  and  perhaps  high  in  the  higher  bins. 

The  agreement  is  much  closer  than  that  obtained  using  the  purely  theoretical 
transmission  coefficients  and  the  'wave  approach'  to  estimating  coupling  loss  factors. 
This  difference  occurs  despite  the  fact  that  values  of  the  and  pp  are  broadly  in 
accordance  with  the  typical  values  of  corresponding  theoretical  transmission 
coefficients.  The  difference  results  from  the  way  these  numbers  are  co^rbined  to  give 
CLFs,  the  latter  including  for  example  an  explicit  dependence  on  damj-  ng. 

Two  possible  difficulties  with  the  purely  theoretical  "wave"  approach  were  identified 
earlier.  One  was  the  effect  of  radiation  damping  essentially  removing  the  influence  of 
a  set  of  modes  which  are  (potentially)  particularly  strongly  coupled  across  the  joint. 
The  second  was  identified  with  the  difference  between  the  ensemble-averaged 
structural  response  and  that  of  a  typical  member  of  the  ensemble,  particularly  at  low 
modal  overlap.  Both  difficulties  are  circumvented  by  the  hybrid  experimental- 
theoretical  treatment  described  in  this  section.  The  much-improved  agreement  with 
the  inverse  measurements  achieved  here  supports  the  above  explanations  of  the 
earlier  low  frequency  anomaly. 
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FIGURE  1  Mean  square  velocities  averaged  over  frequency  bands  and 
position,  derived  from  a  structure  consisting  of  five  sections, 
driven  in  Section  1. 
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FIGURE  2  Theoretically  predicted  coupling  loss  factors  compared  with 
measured  results  for  a  two  section  structure. 
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FIGURE  3  Coupling  Loss  Factors  for  a  two  section  structure  (t1i2  -  top;  t)2i  • 
lower)  predicted  from  a  detailed  modal  analysis  compared  with 
measured  results. 
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ABSTRACT 

Previous  work  to  incorporate  modal  output  data  from  finite  element  structural  models 
into  the  more  conventional  framework  for  space-  and  frequency- averaged  vibrational 
response  and  interior  noise  predictions  of  an  armoured  personnel  carrier,  is  reviewed. 
The  Statistical  Energy  Analysis  (SEA)  method  is  also  applied  and  shown  provide  close 
estimates  of  the  interior  noise-to-force  transfer  functions  over  a  wide  frequency  range 
and  to  complement  the  finite  element  based  analysis  down  towards  frequencies  of  the 
fundamental  modes  of  the  key  structural  elements. 

INTRODUCTION 

At  low  frequencies,  normal  mode  analysis  can  be  used  effectively  to  model  complex  vibro- 
acoustic  problems.  Relationships  for  space-  and  frequency  band-averaged  vibrational 
response  and  acoustic  power  radiation  are  written  in  terms  of  the  (modal)  output 
parameters  of  numerical  modal  methods  such  as  finite  element  analysis  (FEA),  to  bridge 
between  the  output  data  of  numerical  methods  and  the  conventional  formalism  of  vibro- 
acoustics.  At  high  frequencies,  statistical  vibro-acoustic  methods  such  as  SEA  can  be 
used  but  skill  in  modelling  the  coupling  across  joints  and  at  power  input  locations  is 
required.  Both  FEA  and  SEA  are  then  used  to  predict  the  noise  levels  inside  a  tracked 
vehicle. 

VIBRATIONAL  RESPONSE  OF  A  COMPLEX  STRUCTURE  TO  MECHANICAL  EXCITATION 

Calculation  of  (i)  the  power  flow  from  a  source  into  a  structure  comprising  beams  and 
plates,  (ii)  its  associated  vibrational  response  and  the  (iii)  ensuing  radiation  to  the 
interior  (and  exterior)  acoustic  field,  is  quite  complex  for  all  but  the  simplest  vibro- 
acoustic  systems.  Resort  can  be  made  to  numerical  modelling  methods  such  as  FEA,  to 
provide  a  deterministic  solution  for  the  exact  vibration  response  or  acoustic  pressure  at 
any  point  in  space  or  time  for  given  dynamic  input. 

Consider  a  complex  structure  driven  by  an  excitation  force  of  amplitude  spectrum  F(u)  at 
frequency  u  applied  at  x  «  xp  and  loaded  by  interior  and  exterior  pressure  fields.  The 
structure  is  represented  by  its  set  of  independent  normal  modes  so  that  the  total 
displacement  response  of  the  structure  w(x,w)  at  a  point  x  on  the  surface  is  given  by 

w(x,u)  -  s  fr  Tir(x)  (1) 

r 

where  fr  *  fr(“)  the  displacement  amplitude  of  the  rth  normal  mode.  The  response  to 
the  forces  and  pressure  fields  acting  is  found  by  integrating  the  product  of  the 
structure's  Greens  function  and  the  forces  acting  on  the  surface,  all  over  the  vibrating 
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surface.  The  forces  developed  by  the  pressure  fields  will  be  negligible  for  heavy 
structures  vibrating  in  air  so  that  the  total  response  of  the  structure  is  given  by 

w(x,,.,)  =  F(«)  ^  ^r(x)y|>r(xF)  (2) 

where  i>r,  Mr  and  Yr  are  the  mode  shape,  generalized  mass  and  admittance  function  for  the 
rth  structural  mode,  ijr  is  the  sum  of  the  structural  and  radiation  loss  factors. 


The  time  average,  mean  square  displacement  at  frequency  u  is 


W^(X,u) 


iRe[w.w*] 


Re  E  E 
r  s 


3) 


As  frequency  increases  above  the  fundamental  structural  resonance  frequencies,  the  modes 
accumulate  rapidly  with  frequency.  Certain  structural  elements  may  tend  to  respond  more 
strongly  than  connected  elements,  and  may  tend  to  contribute  most  to  the  structural  modal 
mass,  this  situation  corresponding  to  local  panel  resonances.  An  estimate  for  the  space- 
averaged,  mean-square  velocity  of  each  of  the  major  structural  elements  to  a  band-limited 
force  excitation  of  mean  square  force  of  F^^  in  au  is  useful  in  the  evaluation  of  the 
effects  of  structural  modification^  on  both  the  structural  vibration  response  and  the 
associated  interior  acoustic  radiation. 


The  space-average,  mean-square  velocity,  for  an  element  A  of  the  structure,  averaged  over 
a  narrow  frequency  band  containing  several  resonant  modes  (r«Aa>),  i$  calculated 
by  integrating  1  Re[v.v*]  over  the  elemental  area  A  and  over  the  frequency  band  Au  viz. 


~T 

<va>,A 


r2  2 
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r«Au 


JT 


—  /  |Y  I'^dw  +  2nd  Order  Terms 

Aw  Aw  T 


Aw  u2  _ 

TfAw 

r  r 
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Here  the  modal  cross-coupling  terms  (rp‘s)  do  not  contribute  to  the  response  and  the 
response  is  assumed  to  be  dominated  by  the  modes  resonant  in  aw. 

The  contribution  of  structural  elements  to  the  total  modal  mass  can  be  calculated  for 
each  structural  element  using  for  example  FEA,  as: 

M_  A  ■  /  "i(x)\>_^(x)dx  -EE  m(i,j)0  ^(i,j)  -  E  m(3,j)0  ^(3,j)  (5) 

A  i  J«A  jcA  ^ 

Here  ra(i,j)  is  the  nodal  mass  of  the  jth  node  referred  to  the  ith  coordinate  direction 
and  i-3,  the  surface  normal  displacement  component,  is  usually  most  significant. 

ACOUSTIC  POWER  RADIATED  TO  INTERIOR  ACOUSTIC  FIELD 


The  time-averaged  acoustic  power  being  radiated  due  to  motion  of  the  rth  structural  mode 
is  given  in  terms  of  the  medal  radiation  resistance  as 

Wrad(“)  ■  Rrad(“)  <Vr>  (0) 
At  those  frequencies  where  several  acoustic  modes  occur  in  the  analysis  band,  the  band 
averaged  radiation  resistance  will  provide  a  good  estimate  of  the  structural -acoustic 
coupling  for  each  element.  For  N  modes  in  frequency  band  Aw  and  assuming  equipartition 
of  energy  between  these  applies,  the  total  time-average  acoustic  power  is 


,.2  1 


N  rfA  ’’rad^“^ 


(7) 
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where  is  the  space-averaged,  mean  square  velocity  of  the  radiating  surface  and  Read 
is  the  band-averaged  radiation  resistance.  Eq.(4)  may  be  used  to  calculate  v2^  and  Rrad 
can  be  calculated  using  the  methods  of  SEA.  for  a  structural  element  A,  the  band-limited 
radiated  acoustic  power  is 

2  jT  2 

°  ■  Vad.A  ”  2o>  Ou  r?Au'  ^  Taa.A 

APPLICATION  TO  THE  HULL  OF  A  TRACKED  APC  VEHICLE  *' 

The  armoured  personnel  carrier  (APC)  is  a  box  like  structure  comprising  approximately  ten 
thick  aluminium  plates.  The  dominant  vibration  source  in  the  APC  is  that  associated  with 
repeated  impacts  of  the  track  components  on  the  idler  wheel.  These  impacts  produce 
broad-band  force  spectra  on  the  idler  which  are  then  transmitted  through  the  stub  axle  to 
the  hull  structure,  developing  a  strong  vibrational  response  on  all  hull  structural 
elements.  In  turn  these  radiate  acoustic  power  into  the  hull  volume,  producing  interior 
noise.  In  terms  of  a  vibro-acoustic  systems  analysis,  the  power  radiated  in  the  full 
acoustic  space  from  the  vibrating  hull  equals  that  absorbed  inside  the  vehicle,  while  the 
power  balance  between  the  input  power  and  that  dissipated  in  the  hull  structure 
determines  the  level  of  the  hull  vibrational  response. 

The  FEA  package  STARDYNE  was  used  to  compute  resonance  frequencies,  mode  shapes  and  modal 
masses  for  the  APC  hull  structure.  221  nodes  were  used  to  represent  half  of  the 
structure,  as  in  Figure  1(a).  Bilateral  symmetry  was  assumed  for  modelling  economy  with 
the  problem  solved  twice  for  symmetric  and  symmetric  centreline  boundary  conditions. 
Figure  1  shows  typical  vibrational  mode  shapes  for  several  modes:  about  60  modes  are 
resonant  below  250  Hz  while  in  the  200  Hz  1/3  octave  frequency  band,  about  ten  modes  are 
resonant.  The  latter  involve  flexure  of  top  and  bottom  plates  and  the  sidewalls  i.o. 
hull  plates  are  beginning  to  act  as  separate  subsystems  above  200  Hz.  By  comparison,  the 
hull  interior  volume  has  about  10  and  110  acoustic  modes  resonant  in  the  200  and  500  Hz 
1/3  octave  bands  respectively. 
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Figure  1:  APC  Nodal  Hodel  and  Typical  Vibration  Mode  Shapes 


The  total  acoustic  power  radiated  into  the  hull  interior  volume  from  the  various 
structural  elements  in  response  to  a  driving  force  at  the  idler  attachment  position  will 
be  absorbed  on  the  hull  surfaces.  From  this  power  balance  the  interior  noise-to-idler 
force  transfer  function  for  each  structural  element  can  be  derived  as 


<  P?  > 


p  Rrad.A 

V  ,i  .. 


(m-4) 


(9) 


where  <Pi2>  is  the  space-average  mean-square  interior  acoustic  pressure,  is  the  mean 
square  idler  force  and  v2^^a  is  the  mean  square  velocity  of  element  A.  V,  pc  and  ri\  are 
the  volume,  characteristic  acoustic  impedance  and  acoustic  loss  factor  of  the  hull 
interior  space.  Then,  from  calculated  values  of  Rrad,A  snd  measured  values  of  V  and  rjt, 
the  noise-to-force  transfer  functions  for  each  major  element  were  calculated  and  summed 
to  give  the  overall  noise-to-force  transfer  function.  An  example  for  vertical  excitation 
of  the  idler  axle  is  shown  in  Figure  2,  together  with  measured  data  in  1/3  octave  bands. 


Figure  2  Comparison  of  Measured  and  Predicted  Noise-to-Force  Transfer 
Function  for  Vertical  Excitation  of  M113A1  Idler  Spindle. 

The  agreement  is  quite  good  and  with  refinement,  improved  matching  between  predictions 
and  measurements  and  understanding  of  the  effects  of  local  attachment  details  could  be 
made.  The  project  duration  was  5  months  with  600  hours  spent  on  FEA  models  and  post¬ 
processing  for  a  total  cost  in  1991  dollars  of  $50,000.  There  are  strong  costs  drivers 
to  provide  more  efficient  analysis  tools  and  methods  for  use  throughout  the  vibro- 
acoustics  field. 

CALCULATION  USIN6  STATISTICAL  ENERGY  ANALYSIS 

At  higher  frequencies  and  for  stationary  random  excitations,  it  can  be  satisfactory  to 
use  other  energy  based  methods  for  analysis.  Statistical  Energy  Analysis  (SEA)  is  one 
such  approach  to  vibro-acoustic  analysis  at  higher  frequencies  and  has  been  applied  to 
the  tracked  vehicle  noise  transmission  problem.  The  analysis  program  used  was  AUTOSEA 
[2],  developed  by  Vibro-Acoustic  Sciences  Ltd. 

Ihe  SEA  network  for  the  tracked  vehicle  is  shown  in  Figure  3. 
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Predictions  of  the  interior  noise-to-force  transfer  functions  are  superimposed  on  Figure 
2  for  comparison  with  the  FEA  predictions:  the  agreement  is  close  for  all  frequencies 
above  100  Hz.  It  is  clear  that  the  two  analysis  methods  are  complimentary.  However  it 
would  appear  that  SEA  can  provide  good  estimates  across  the  broad  frequency  range 
including  low  frequencies.  The  time  for  development  of  the  SEA  model  was  about  25  hours, 
Including  collation  of  geometry  data. 

The  next  step  in  the  analysis  is  to  carry  out  sensitivity  studies,  for  example,  varying 
attachment  location,  plate  thickness,  beam  properties  to  understand  the  influence  of  each 
on  power  transmission  into  the  hull.  SEA  can  enable  speedy  system  level  evaluations  of 
such  vibroacoustic  problems  and  lead  refined  analysis  using  for  example  FEA. 

CONCLUSIONS 

A  method  for  incorporating  modal  output  information  generated  from  finite  element 
analysis  models  for  complex  structures,  into  the  more  familiar  framework  of  frequency- 
and  space- averaged  response  and  transfer  functions,  has  been  developed.  While  the  method 
is  fully  consistent  with  the  conventional  approach  of  using  transfer  function  spectral 
densities,  the  averaging  procedures  presented  are  computationally  efficient  and  provide, 
for  vibroacoustics  problems,  results  directly  useful  in  understanding  the  effects  of 
various  structural  parameters  or  of  changes  to  basic  structure. 

SEA  provides  a  convenient  speedy  method  of  analysing  complex  vibro-acoustic  issues  using 
a  system  level  analysis.  It  can  focus  attention  quickly  on  key  design  or  analysis  issues 
and  lead  to  clearer  interpretation  of  measured  data.  SEA  can  then  be  used  in  conjunction 
with  other  analysis  methods  such  as  Finite  Element  Analysis  and  so  allow  many  vibro¬ 
acoustic  problems  to  be  understood  in  a  more  cost  effective  manner. 

REFERENCES 

1.  Hammond  S.A.,  Rennison  D.C.,  Garinther  G.R.,  etalia  "Experimental  Quiet  Sprocket 
Design  and  Noise  Reduction  in  Tracked  Vehicles"  U.S.  Army  Hurman  Engineering 
Laboratory  Technical  Memo  8-81,  April,  1981. 

2.  AUTOSEA  User  Manual,  Vibro  Acoustics  Sciences  Ltd,  September  1991. 


576 


SECOND  INTERNATIONAL  CONGRESS  ON 
RECENT  DEVELOPMENTS  IN  AIR-  AND 
STRUCTURE-BORNE  SOUND  AND  VIBRATION 

MARCH  4-6.  1992  AUBURN  UNIVERSITY.  USA 


MEASUREMENT  OF  ENERGY  FLOW  ALONG  PIPES 

C.A.F.  de  Jong  &  J.W.  Verheij 
TNO  Institute  of  Applied  Physics 
P.O.  Box  155,  2600  AD  Delft 
The  Netherlands 


ABSTRACT 


Practical  methods  have  been  developed  to  determine  acoustic  and  vibrational  energy  flow  along 
straight  fluid-filled  pipes  from  acceleration  measurements  on  the  pipe  surface.  For  practical  pipes  only 
the  first  three  circumferential  modes  (n=0,  n  =  1  and  n  =  2)  have  to  be  considered  to  cover  the  most 
important  frequency  range.  Starting  from  the  basic  shell  equations,  approximate  expressions  have  been 
derived  for  the  wave  speed  and  energy  flow  equations.  Appropriate  accelerometer  configurations  are 
chosen  to  be  able  to  measure  the  energy  flow  in  the  different  wave  types  separately.  It  is  shown  that 
the  existing  measurement  methods  for  structure-borne  energy  flow  along  beams  can  also  be  used  for 
pipes,  provided  that  some  frequency-dependent  correction  factors  are  taken  into  account.  New 
methods  are  described  to  measure  the  fluid-borne  energy  flow  (n  =  0)  and  the  energy  flow  in  n  =  2  shell 
waves. 

NOMENCLATURE 


a  mean  pipe  radius 

c,  acoustic  wavespeed  in  the  fluid 
c,  plate  wave  velocity  in  the  shell 
0  membrane  stiffness  of  the  shell 
E,  Young's  modulus  of  the  shell  material 
f„  cut-on  frequency  for  mode  n  >  1 

f™,  ring  frequency  c,/2na 

h  shell  thickness 

I,  axial  component  of  intensity 

J„  Bessel  function 

k  wavenumber 

m  axial  mode  number 

n  circumferential  mode  number 

N  thin  shell  resultant  force 

p  acoustic  pressure  in  the  fluid 

P,  axial  energy  flow 

r  radial  coordinate 

S  auto  or  cross  power  spectrum 
t  time 

u  axial  shell  displacement 

v  tangential  shell  displacement 

V,  axial  acoustic  fluid  velocity 


w  radial  shell  displacement 

X  axial  coordinate 

^  shell  thickness  parameter  h’/t  2a’ 

Ax  axial  distance 

e„  factor  leo  =  2,  e„>„  =  II 

C  wavenumber  factor  |eq.12) 

ij  fluid-shell  mass  ratio  aPi/hP. 

9  circumferential  angle 

X  non-dimensional  wavenumber  ka 

V  Poisson  ratio 

p  density 

'»  wave  speed  ratio  lc,/c.l’ 

w  angular  frequency 

Q  non-dimensional  frequency  f/f„, 

subscripts 

f,s  fluid,  shell 

x,r,9  axial,  radial,  circumferential 

m.n  axial,  circumferential  mode 

B.L  bending,  lobar  mode 

S,F,T  longitudinal,  fluid,  torsional  mode 
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INTRODUCTION 


Methods  for  measuring  structure-borne  energy  flow  along  pipes  have  been  proposed  by  Pavic  [  1 1 
and  Verheij  |2|.  For  these  methods  the  structure-borne  energy  flow  along  straight  pipes  is  described 
using  simple  beam  theory.  This  description  is  restricted  to  the  low  frequency  range  where  only 
longitudinal,  torsional  and  bending  waves  occur.  However,  pipes  are  shell-type  structures  and  the 
vibrational  behaviour  of  fluid-filled  shells  deviates  significantly  from  that  of  beams  [3,4,5].  Recently 
some  important  contributions  to  the  subject  of  energy  flow  in  pipes  were  presented  by  Fuller  {31, 
Williams  [61  and  Pavic  [7,81.  In  this  paper  we  will  show  how  these  ideas  can  be  applied  in  practical 
methods  to  determine  acoustic  and  vibrational  energy  flow  along  straight  fluid-filled  pipes. 

GENERAL  DEFINITIONS 

We  consider  only  axial  energy  flow  along  straight  fluid-filled  pipes.  The  total  axial  energy  flow  P, 
is  the  sum  of  the  axial  structure-borne  energy  flow  P„  and  the  axial  fluid-borne  energy  flow  P,,: 

P,  =  (1) 

Structure-borne  Energy  Flow 

The  axial  vibrational  energy  flow  in  the  shell  can  be  described  using  the  axial  component  of  the 
structural  intensity  vector  [4[.  In  thin  cylindrical  shells,  which  have  a  small  ratio  of  the  shell  thickness  h 
to  radius  a,  the  energy  flow  is  carried  almost  entirely  by  extensional  and  torsional  stretching  motion  of 
the  shell  [3,4|.  Radial  shear  stresses  and  bending  and  twisting  moments  of  the  shell  are  proportional  to 
^’  =  h^/12a’  and  therefore  much  smaller  than  the  longitudinal  and  tangential  shear  stresses.  The  instan¬ 
taneous  axial  structural  intensity  l„  may  be  expressed  in  terms  of  the  classical  resultant  forces  N.,N,, 
and  of  the  three-dimensional  displacements  u,v,w  of  the  mid-surface  of  the  shell  (figure  1),  where  the 
dot  denotes  a  time  derivative: 

[„  =  -  N.U  -  N^v  (21 

Using  the  stress-strain  relationships  from  the  Donnell-Mushtary  shell  equations  13),  the  intensity  can  be 
written  in  terms  of  shell  displacements  only: 
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where  D  is  the  membrane  stiffness  of  the  shell:  D  =  E,h/(1-v^).  The  total  axial  structure-borne  energy 
flow  in  a  time-averaged  sense  is  obtained  from  integration  over  the  shell  cross-section: 

P«  =  /<!«>,  ade  14) 
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Eluid-borne  Energy  Flow 

The  axial  energy  flow  in  the  fluid  can  be  determined  using  the  definition  of  acoustic  intensity  [4|: 

2*  a 

=  f  rdrde  (5) 
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Decomposition  In  Terms  of  Circumferential  Modes 

Due  to  the  circular  symmetry,  wave  propagation  occurs  in  circumferential  modes  of  various 
orders  n.  The  shell  displacements  u,v,w  and  the  acoustic  pressure  p  can  be  expanded  in  these  modes 
[3-81.  Each  mode  n>0  has  its  own  modal  amplitudes  u„(x.tl,v„(x,t),w„(x,t)  and  p„(x,r,t)  and  polarization 
angles  0„(x,t).  The  extensional  stresses  in  the  shell  and  the  acoustical  fluid  velocity  can  be  expanded 
similarly.  The  total  energy  flow  is  then  obtained  by  summation  of  modes  plus  integration  over  the 
circumference.  Intermodal  cross  terms  do  not  contribute  to  the  integral  [7|,  so  that  the  total  energy 
flow  can  be  written  as: 


P.  =  E  [  (P-)«  *  (P-)n  1 


(6) 


Fourier  Tr«n»form 

Temporal  averaging  in  the  time  domain  has  equivalent  operations  in  the  frequency  domain  [2|, 
hence  the  Fourier  transform  of  the  modai  structure-borne  energy  flow  can  be  expressed  as: 
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where  ~  denotes  a  Fourier  transform.  *  denotes  a  complex  conjugate  and  Im  denotes  the  imaginary 
part  of  a  complex  quantity.  The  factor  e„  equals  2  if  n=0  and  equals  1  if  n>0. 

Similarly  the  fluid-borne  energy  flow  can  be  written  as  (41; 


■  7^'  •  (’  -  (ii^f 

where  k,"  is  the  radiai  wavenumber,  which  is  determined  by  the  Helmhoitz  equation  for  the  fiuid  with 
the  appropriate  boundary  conditions,  and  denotes  the  derivative  of  the  Bessel  function  J„  with 
respect  to  its  argument.  The  acoustic  pressure  p  in  the  fluid  is  coupled  with  the  radial  shell  displace¬ 
ment  w  via  the  condition  of  continuity  of  velocity  at  the  inner  shell  wall: 
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This  equation  indicates  that  the  fluid-borne  energy  flow  can  in  principle  be  determined  from  measure¬ 
ments  of  adial  shell  displacements. 


Cross  Spectral  Method 

The  equations  (7-9)  form  the  theoretical  basis  for  the  energy  flow  measurements.  The  first 
requirement  is  that  the  circumferentiai  modes  n  can  be  separated  experimentally  (see  below).  The 
structure-borne  energy  flow  per  mode  n  can  then  in  principle  be  determined  from  four  cross-spectral 
measurements  of  the  shell  displacements,  according  to  eq.(7).  Processing  is  performed  in  the  frequency 
domain,  hence  normai  accelerometers  can  be  used  to  determine  sheli  dispiacements.  The  spatial 
derivatives  that  occur  can  be  determined  with  a  finite  difference  approach,  as  used  in  acoustic  intensity 
methods  (1,2].  For  example: 


^/ra{S(0„(x,).0„()g)] 


(10) 


where  S  denotes  the  cross-spectrum  between  the  modal  accelerations  at  the  axiai  positions  x,  and  x,, 
with  Ax  =  x2-x,.  Practical  considerations  require  a  Ax  that  is  large  enough  to  be  able  to  measure  phase 
differences  between  the  two  acceleration  signals.  The  finite  difference  approximation  requires  Ax  to  be 
smail  compared  to  the  axial  wavelength.  Therefore  the  vibrational  behaviour  of  fiuid-filled  shelis  has  to 
be  considered  to  arrive  at  a  good  choice  for  Ax. 


Pipe  and  Fluid  Motion 

In  a  fluid-filled  pipe  an  infinite  number  of  axial  modes  m  correspond  to  each  circumferential 
mode  n.  In  most  cases  only  the  real  axial  wavenumbers  k  are  of  interest  for  the  energy  flow,  because 
complex  wavenumbers  are  associated  with  exponentially  decaying  waves.  Real  wavenumber  solutions 
of  the  equations  of  motion  for  n>1  show  cut-on  frequencies  f„,  so  that  no  wave  of  mode  n  can 
propagate  at  frequencies  beiow  f,.„  [3-8].  These  cut-on  frequencies  are  approximateiy  equal  to  (5]: 


1-tn*+qn 


(11) 


where  is  the  sheil  ring  frequency  and  r!  =  ap,/hp,  the  fluid-shell  mass  ratio. 

LOW  FREQUENCY  APPROXIMATIONS 


In  many  practical  pipe  systems  the  ring  frequency  lies  well  above  the  frequency  range  of 
interest.  Existing  methods  for  energy  flow  measurements  (1,2]  can  only  be  used  at  frequencies  below 
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the  cut-on  frequency  of  n  =  2  waves.  The  method  that  is  proposed  here  extends  the  frequency  range  of 
applicability  up  to  the  cut-on  frequency  of  n  =  3  waves. 


Wavenumbers 

Below  the  cut-on  frequency  f.,  of  propagating  n  =  3  waves,  only  a  limited  number  of  propagating 
wave  types  can  exist.  At  n  =  0  there  is  a  wave  (T')  that  is  associated  with  torsional  shell  motion,  a 
wave  ('S')  associated  with  longitudi^.ai  shell  motion,  coupled  to  fluid  motion  via  Poisson  contraction, 
and  a  plane  pressure  wave  ('F')  in  the  fluid  that  is  coupled  to  a  radial  'breathing'  shell  motion.  At  n  =  1 
only  a  bending  type  of  wave  ('B')  propagates  and  at  n  =  2  the  first  'lobar'  wave  ('L'),  showing  an 
ovalling  of  the  pipe  cross  section.  The  axial  wavenumbers  lc„„,  of  these  waves  are  the  real  solutions  of 
the  dispersion  equation  for  a  fluid-filled  shell.  Using  Donnell-Mushtary  shell  theory  the  following 
approximate  expressions  can  be  derived  for  non-dimensional  wavenumbers  x  =  k„„a  at  low  non- 
dimensional  frequencies  Q  =  f/f„„,  (Q^«  1 ): 
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where  f  is  a  wavenumber  factor,  't'  =  (c„/c,)^  and  A  =  v^(*P-1)/l('P-1)(1-v ’) -F 2/;-f  v*).  The  first  three 
wavenumbers  were  derived  by  Pavic  (8).  The  bending  wavenumbers  exhibit  a  cut-on  frequency.  This  is 
not  realistic,  however,  but  is  due  to  the  simplifications  of  the  Donnell-Mushtary  shell  theory  13]. 


Modal  Amplitude  Relationships 

The  equations  of  motion  determine  the  relationships  between  the  modal  amplitudes  U,V,W  and 
P  for  each  mode  n,m  [7,81.  At  low  frequencies  (Q’«1)  these  relationships  are  approximately  equal  to: 


(13) 


where  FsvfXf'-l)  and  f  is  defined  in  eq.(12).  For  the  torsional  mode  Ut  =  Wt  =  Pt  =  0,  while  for  the 
longitudinal  shell  and  fluid  modes  V, =Vf=0.  Thus  each  wave  type  has  its  most  characteristic 
displacement  amplitude,  from  which  the  other  modal  amplitudes  can  be  derived. 

Approximate  Equations  for  Energy  Flow  per  Wave  Type 

The  amplitude  relationships  (13)  can  be  applied  to  the  energy  flow  equations  (7,8)  to  determine 
simplified  equations  for  the  structure-borne  and  fluid-borne  energy  flow  per  wave  type.  For  three  wave 
types  (T,B,LI  the  energy  flow  can  be  determined  from  single  cross-spectral  measurements  of  the 
appropriate  modal  accelerations: 
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There  is  no  fluid-borne  energy  flow  associated  with  the  torsional  wave.  The  fluid-borne  energy  flow 
associated  with  bending  or  lobar  waves  is  an  order  smaller  than  the  corresponding  structure-borne 
energy  flow  and  hence  of  minor  importance.  These  expressions  for  energy  flow  assume  that  no  near¬ 
fields  are  present.  This  means  that  measurements  should  be  taken  at  positions  that  are  at  least  half  a 
wavelength  away  from  pipe  bends  or  other  discontinuities.  Note  that  the  derivation  of  the  approximate 
energy  flow  equation  for  bending  waves  should  be  performed  very  carefully.  In  [8]  Pavic  describes  only 
half  of  the  energy  flow  in  the  bending  wave,  the  part  due  to  bending  moments.  The  other  half,  that  is 
due  to  tangential  shear,  is  described  by  a  small  term  in  the  equations  which  becomes  important  after 
adding  two  large  terms  that  are  opposite  in  sign.  With  the  dispersive  wavenumber  x,  from  eq.(12)  the 
expression  for  the  structure-borne  energy  flow  in  bending-type  waves  of  eq.(14)  can  be  used  in  a 
frequency  range  beyond  the  range  where  simple  beam  bending  is  valid. 

The  remaining  two  wave  types  (S,F)  form  two  coupled  n  =  0  waves.  The  energy  flow  equations  (7,8) 
for  these  waves  are  complex,  because  cross-terms  occur  between  the  modal  amplitudes  of  both 
waves.  To  be  able  to  determine  the  energy  flows,  some  simplifying  assumptions  have  to  be  made.  The 
energy  flow  for  the  longitudinal  shell  wave  is  mainly  propagating  in  the  shell,  while  the  energy  flow  for 
the  fluid  wave  is  mainly  propagating  in  the  fluid  14).  )t  can  be  shown  that  both  energy  flows  can  be 
determined  from  shell  displacement  amplitudes,  provided  that  the  energy  distribution  over  the  wave 
types  is  about  equal.  In  cases  where  the  energy  flow  in  one  of  the  wave  types  is  larger,  then  at  least 
the  dominant  energy  flow  can  be  determined.  The  approximate  energy  flow  equations,  again  in  terms 
of  single  cross-spectral  measurements,  are  given  by: 


Ws  =  -T  ^  /'"[S(0o{x,).0o(xj)] 
Cs  “ 


_ 2 _ 

({*-T)2q2 


«®Ax 


/m[S(*o(Xi),*o(X2))] 


(15) 


EXPERIMENTAL  METHODS 

On  the  condition  that  a  straight  pipe  of  sufficient  length  is  available,  the  energy  flow  in  the  five 
propagating  waves  at  frequencies  below  the  cut-on  of  n  =  3  can  be  determined  using  the  approximate 
equations  that  are  given  above.  The  optimal  axial  distance  Ax  can  be  chosen  for  each  wave  type 
separately. 

Circumferential  mode  decomposition 

Below  the  cut-on  of  n  =  3  waves  the  circumferential  modes  can  be  separated  easily,  thanks  to 
the  simple  9-dependence  of  the  shell  displacements.  For  example: 

u(x.t)  =  Uo(x.t)  +  u,(x,t)cos[e«e,(x,t)]  +  U2(x,t)cos[2e«^e2(x,t)]  (16) 

Three  amplitudes  and  two  phase  angles  have  to  be  determined  from  measurements.  This  means  that 
the  shell  displacement  should  be  measured  at  five  cirqumferential  positions  at  least.  In  practice  the 
modal  accelerations  and  polarization  angles  are  determined  according  to  figure  2: 

0,  =  1(0*  ♦  Q,  +  Up  +  Qo)  .  Vq  =  *  ^d)  •  *o  =  +  *b  *  *c  ♦  *o) 

*,oos(0,)  =  !(**  -  *c)  >  *i*ln(0))  =  ^(*B  -  *d) 

*,008(62)  =  ^(*A  -  ♦  *c  -  *0)  •  *z»''i(0z)  =  ^  -  *w  *  *c'  -  *0') 

Four  accelerometers  at  90”  angle  are  used  for  the  n  =  0  and  n  =  1  modes.  The  amplitude  and  the 
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polarization  angle  of  the  n  =  2  mode  is  determined  after  rotating  the  set  of  accelerometers  over  45°. 
The  advantage  of  using  eight  circumferential  positions  instead  of  five  is  that  the  decomposition  can  be 
performed  with  simple  hardware  addition  and  subtraction  devices  [11],  thus  reducing  the  number  of 
signals  which  need  to  be  recorded. 

Measuring  Energy  Flow  ner  Wave  Type 

The  equations  (14-15)  can  be  applied  directly  to  the  signals  that  are  obtained  by  circumferential 
mode  decomposition,  to  determine  the  energy  flow  per  wave  type.  The  expressions  for  the  structure- 
borne  energy  flow  in  torsionai,  longitudinal  and  bending  waves  are  equivalent  to  the  expressions  that 
are  used  for  energy  flow  measurements  on  beams  11,2],  They  only  contain  some  correction  factors  to 
account  for  shell  behaviour.  The  method  as  presented  here  provides  an  extension  of  the  frequency 
range  of  applicability  up  to  the  cut-on  frequency  of  n  =  3  waves,  while  it  is  still  based  on  two-channel 
measurement  techniques,  using  accelerometers  on  the  surface  of  the  pipe. 

Measuring  Energy  Flow  when  Couded  Waves  Occur 

The  equations  (14-15)  are  bound  to  show  errors  if  the  separation  of  wave  types  is  difficult.  This 
can  occur  when  measuring  near  discontinuities,  where  near-fields  occur,  or  in  cases  where  the  energy 
flow  is  not  distributed  equally  over  the  coupled  axial  shell  and  fluid  waves  (n  =  0).  In  these  cases  wave- 
type  separation  may  be  performed  by  means  of  measuring  at  three  or  four  axial  positions,  as  has  been 
shown  for  bending  waves  on  beams  by  Taylor  (9).  For  this  method  longer  sections  of  straight  pipe  are 
required,  which  might  be  a  disadvantage  in  practical  situations.  An  alternative  approach  is  the  direct 
application  of  eq.(7).  It  involves  the  measurement  of  all  three  components  of  wall  displacement,  for 
each  circumferential  mode,  at  two  axial  positions.  Only  structure-borne  energy  flow  can  be  determined 
with  this  method.  Nevertheless  the  method  appears  promising  for  application  in  practical  situations 
where  only  short  lengths  of  straight  pipe  are  available.  Experiments  will  show  whether  this  method  is 
practicable. 

EXPERIMENT 


As  a  first  check  of  the  theoretical  results  and  the  wave-type  decomposition  method  the 
dispersion  curves  for  bending  and  lobar  waves  were  determined  experimentally. 


Method  for  measuring  wavenumbers 

Carniel  &  Pascal  (101  proposed  a  method  to  measure  the  dispersion  curve  for  bending  waves  on 
a  beam.  The  method  Is  based  on  a  finite  difference  description  of  the  second  spatial  derivative  of  the 
transverse  displacements  that  are  associated  with  the  bending  waves.  The  dispersion  curve  is  derived 
from  two  cross  power  spectra  (821,823)  and  one  auto  power  spectrum  (823)  of  accelerations  at  three 
equidistant  axial  positions  (x,,X2,x,)  along  the  beam: 


k(«) 


(18) 


The  same  method  can  be  applied  to  measure  dispersion  curves  for  bending  (n  =  1 )  and  lobar  (n  =  2) 
waves  on  pipes,  provided  that  no  near-fields  are  present  and  that  sets  of  accelerometers  are  used  to 
achieve  wave-type  decomposition.  As  energy  dissipation  in  the  short  length  of  pipe  between  the 
accelerometer  positions  is  negligible,  the  imaginary  parts  of  the  two  cross  power  spectra  are  expected 
to  be  equal  in  magnitude  and  opposite  in  sign,  resulting  in  real  wavenumbers. 


Measurements  and  results 

Measurements  were  performed  on  an  empty  stainless  steel  pipe  of  mean  radius  a  =  60.8  mm  and 
thickness  h=14.0  mm,  a  1:3  scale  model  of  a  ship  propeller  shaft.  The  cut-on  frequencies  (eq.11) 
were  calculated  to  be  1^2 ■■2566  Hz  and  fc]»7258  Hz.  The  test  arrangement  is  shown  in  figure  3.  The 
pipe  was  excited  in  the  transverse  direction  with  a  periodic  chirp  in  the  range  from  300  to  6000  Hz 
with  a  repetition  frequency  of  1 .9  Hz.  At  the  other  end  of  the  pipe  r.ome  dissipation  is  introduced 
through  damped  plates  which  have  many  resonating  modes  in  the  frequency  range.  By  matching 
accelerometers  and  eliminating  phase  mismatch  between  the  instrumentation  channels,  phase  errors  in 
the  cross  power  spectra  (estimated  from  400  sample  records)  are  smaller  than  0.15°  (1 1). 

Figure  4  shows  the  dispersion  curve  for  bending  waves  on  the  pipe.  It  is  compared  with 
theoretical  curves,  both  from  beam  theory  and  shell  theory  (eq.12).  Below  the  artificial  cut-on 
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frequency,  that  is  due  to  Donnell  theory  (31,  the  beam  description  is  satisfactory,  but  for  frequencies 
above  1500  Hz  (>fe,/2)  shell  theory  gives  a  better  description.  Unfortunately  the  wave-type  decompo¬ 
sition  method  appears  to  be  insufficient  when  n  =  2  waves  cut  on.  In  the  frequency  range  above  the 
cut-on  of  n  =  2  waves  the  wavenumber  calculation  becomes  unreliable.  This  is  probably  caused  by  the 
sensitivity  of  the  accelerometers  to  transverse  acceleration.  The  acceleration  levels  for  the  lobar  wave 
were  20  dB  higher  than  the  acceleration  levels  for  bending  waves,  while  the  typical  transverse  to  main 
axis  sensitivity  ratio  of  the  accelerometers  (B&K  4382,  delta-shear  type)  is  not  much  smaller  than  - 
40  dB.  Figure  5  shows  the  dispersion  curve  for  the  first  lobar  waves  (n  =  2)  on  the  pipe.  This  wave  type 
is  not  described  by  simple  beam  theory.  The  cut-on  frequency  agrees  with  the  value  that  is  calculated 
according  to  eq.dl).  The  dispersion  curve  that  is  determined  from  Donnell-Mushtary  shell  theory 
shows  wavenumbers  that  are  too  low,  compared  with  the  experimental  result.  Recently  the  author  has 
shown  that  a  more  elaborate  shell  theory,  like  FlOgge's  (31,  gives  a  much  better  description. 

Figures  6  and  7  show  the  magnitude  of  the  imaginary  parts  of  the  transfer  functions  831/822  and 
833/828  which  correspond  to  the  wavenumber  curves  (fig.S,6).  The  imaginary  parts  of  the  two  different 
cross  power  spectra  83,  and  83a  can  be  used  to  determine  the  energy  flow  at  two  different  cross- 
sections  of  the  pipe,  according  to  eq.(14).  The  close  agreement  between  the  two  curves  shows  that 
reliable  energy  flow  measurements  can  be  performed  for  both  wave  types. 

CONCLU8IONS 

The  theoretical  foundations  of  energy  flow  measurements  for  quantifying  sound  transmission 
along  shell-type  structures  are  described  here.  Expressions  have  been  given  that  form  a  basis  for 
practical  measurement  methods,  using  accelerometers  on  the  surface  of  the  shell.  They  present  an 
extension  of  the  frequency  range  of  applicability  compared  with  methods  that  are  based  on  beam 
theory.  Preliminary  measurements  show  that  practical  energy  flow  measurements  on  pipes  are  feasible, 
provided  that  a  reliable  wave-type  decomposition  and  accurate  phase  measurements  can  be  performed. 
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ABSTRACT 


A  mode-to-mode  power  flow  approximation  is  derived  for  stepped  beams  based  on  the  eigen-solutions  of  the 
uncoupled  sub-beams  by  taking  into  account  both  the  shear  force  and  moment  power  flow.  This 
approximation  is  compared  with  the  global  solution  of  the  power  flow  for  the  stepped  beams.  It  is  found  that 
the  approximation  agrees  well  with  the  global  solutions  when  the  weak-to-stn>ng  coupling  is  considered. 


1.  INTRODUCTION 

The  study  of  structural  borne  sound  transmission  through  an  engineering  stnicture  is  often  concerned  with  a 
wide-range  frequency  vibrations.  The  finite  element  method  is  generally  used  at  low  frequencies,  while  the 
statistical  energy  analysis  is  practicable  at  high  frequencies.  There  is  a  lack  of  general  analysis  method  for  the 
mid-frequencies  where  the  finite  element  method  is  too  expensive  and  the  confidence  limit  of  the  statistical 
energy  method  is  relative  large.  The  research  woik  on  a  new  power  flow  method  which  could  bridge  the 
mid-frequency  range  is  intensive.  Among  a  number  of  publications.  Miller  and  Von  Flotow  [1]  suggested  a 
local  and  global  power  flow  analysis,  through  the  use  of  travelling  wave  concepts.  Cuschieri  [2]  proposed  a 
mobility  power  flow  method  for  both  point  and  line  coupled  structures. 

The  mode-to-mode  power  flow  was  first  proposed  by  Pope  and  Wibly  [3]  in  the  study  of  structural/acoustic 
coupling  where  the  acoustic  cavity  was  treat^  as  a  weak  sub-system  and  the  structure  as  a  strong  sub-system. 
This  concept  was  adopted  by  Bremner  and  Wu  [4]  in  the  study  of  the  weak-to-strong  coupling  of  two  plates. 
Due  to  the  lack  of  the  exact  solutions  for  two  coupled  plates,  the  accuracy  of  the  mt^e-to-mc^e  power  flow 
approximation  is  unknown. 

In  this  paper,  a  mode-to-mode  power  flow  approximation  is  derived  for  a  stepped  beam.  This  approximation 
is  compai^  with  the  global  solution. 

2.  GLOBAL  MODE-TO-MODE  POWER  FLOW  FORMULATION 

The  theoretical  model  considered  here  is  for  a  stepped  beam  with  total  length  L,  as  shown  in  Figure  1.  The 
stepped  beam  consists  of  two  sub-beams  with  lengths  of  L,  and  Lj.  The  beams  1  and  2  have  the  same  Young 

modulus  E  and  density  p.  The  boundary  conditions  at  the  ends  of  the  beam  can  be  clamped,  pinned  or  free. 
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Consider  the  transverse  vibration  of  the  Bemoulli-Euler  beam,  the  eigenfunctions  and  frequencies  can  be 
solved  globally  from  the  governing  equation  and  boundary  conditions.  Let  <^,(x)  be  the  eigenfunctions  of  the 
stepped  beam.  The  eigenfimctions  satisfied  the  displacement  compatibility  and  force  equilibrium  conditions 
at  the  coupling  boundary.  The  eigenfunctions  are  also  orthogonal  with  the  normalization  factors  of  ot,. 

Consider  a  harmonic  force  acting  on  the  beam  1  at  location  4.  the  displacement  of  the  beam  is 


V(x)  =—!.—= — 

=  -  to  ) 


(1) 


where  is  the  amplitude  of  the  external  force  and  is  the  mass  per  unit  length  of  the  beam  1.  (o,  are  the 
complex  eigenfrequencies  (angular)  of  the  stepped  beam. 

The  power  flow  from  the  beam  1  to  beam  2  is  the  sum  of  the  power  flow  due  to  the  internal  shear  force  and 
internal  bending  moment  at  the  coupling  boundary.  The  internal  shear  force  atx  =L,  is 


ax’ 


. — 2  2\  ’ 

mil"!  a,.(cB,  -0)’) 


(2) 


where  /|  is  the  moment  of  inertia  and  L,  is  the  length  of  the  beam  1.  The  internal  bending  moment  is 


ax’  a,(cJ-co’) 

The  power  flows  associated  with  the  shear  force  and  moment  are  defined  as 
Pf=\Re{Fjm‘], 


1 , 


P„=-Re{Mj 


where  *  denotes  the  complex  conjugate.  Insert  equations  (1)  and  (2)  into  (4)  gives 
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Because  the  eigenfunctions  for  the  stepped  beam  are  orthogonal,  there  is  no  power  flow  in  cross  modes. 
Consider  the  complex  Young  modulus  £  =  £(1  +  yfl)  where  q  is  the  loss  factor  of  the  beam,  equation  (6) 
becomes 


(3) 

(4) 

(5) 

(6) 
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Similarly,  the  powi  r  flow  associated  with  the  internal  bending  moment  can  be  obtained  as  follows 


2  \mi)  "->ai,|(oS,-(B’)|' 

The  total  power  flow  from  the  beam  1  to  beam  2  is  then 


ai|(o£-<o’)|* 


(7) 


(8) 


(9) 
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where 


p..  =  (10) 

It  can  be  seen  from  equations  (9)  and  (10)  that  the  power  flow  can  be  calculated  when  the  eigenfunctions  and 
eigenfrequencies  for  the  stepp^  beam  are  solved. 

3.  APPROXIMATION  OF  MODE-TO-MODE  POWER  FLOW  FORMULATION 

The  global  solutions  of  flow  powers  require  the  solutions  of  the  global  eigenfunctions  and  eigenfrequencies. 
The  global  eigenfunctions  and  eigenfrequencies  of  coupled  systems  can  only  obtained  for  limited  cases.  The 
finite  element  method  solutions  will  be  expensive  at  high  frequencies.  It  is  desirable  to  analyze  the 
sub-systems  individually  and  to  calculate  die  power  flow  basM  on  the  eigen-solutions  for  the  uncoupled 
sub-systems. 

Consider  the  stepped  beam  with  two  sub-beams  as  shown  in  figure  1.  Assume  the  beam  2  is  much  rigider 
than  beam  1,  i.e  EI^ «  The  structural  interaction  can  be  approximated  in  the  modal  expansion  of  the  two 
uncoupled  beams,  by  considering  the  beam  1  “clamped"  and  the  beam  2  "flee at  the  coupling  boundary. 

Let  d>,,(x,)  and  be  the  eigenfunctions  of  the  uncoupled  beams  1  and  2.  Consider  a  harmonic  force 
acting  on  the  beam  1  at  location  4>  the  displacement  of  the  beam  1  is 


,  ,  /'o  <i'„(j;i)<i'i,(^) 

v.(x,)  =  — I— = - 


(11) 


where  o),,  is  the  complex  eigenfrequencies  (angular)  of  the  uncoupled  beam  1  and  a,/  is  the  normalization 
factors  of  <I>i;(Jti). 

The  shear  force  F  and  moment  M  at  the  end  of  the  beam  l,Xt  can  be  expressed  as  equations  (2)  and  (3) 
by  replacing  the  global  eigen- variables  with  the  uncoupled  eigen- variables  of  the  beam  1.  The  internal  shear 
force  F  and  moment  M  from  the  beam  1  will  apply  on  the  end  of  the  beam  2.  The  displacement  of  the  beam  2 
due  to  F  and  M  atXj  =  0  is 


,  ,  F  -  ‘I»i.(Xj)O^(0)  M  - 

Vj(-f2)=—  2 - = - -  +  —  I - =r - -. 

"i2"  =  ia2,(^-a)^)  '"3"-‘a2,((^-(B^) 


Insert  the  expressions  for  F  and  M,  equation  (12)  becomes 
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where  C„.  =  («I>i:(L,)<I)2,(0)+<t>i„(L,)<I)i,(0)). 


Following  equations  (4)  and  (5)  the  power  flow  formulation  is  obtained 


Pr 
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Thus,  the  power  flow  can  be  calculated  based  on  the  solutions  of  two  sub-systems. 


(14) 


4.  NUMERICAL  RESULTS 

A  numerical  study  was  carried  out  to  compare  the  results  of  the  mode-to-mode  approximation  with  the  global 
solution.  As  an  example,  consider  a  rectangular  stepped  beam  of  clamped-clamp^  ends,  with  L,  =  L,  =  0.5 
meter, £,  =£3  =  7.2 x lO'^N/m’, p,  =  p2  =  2700 tg/m’.ti,  =T\j =11  =  0.01, and/,  =  1.125 x  10'‘°m*.  Let 
/  =  /j//,  =  P’  and  p  =  A-)/Ai.  The  power  flow  results  for  various  values  of  I  were  calculated. 
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For  the  approximate  solutions,  the  eigenfunctions  and  eigenftequencies  of  each  sub-beam  were  obtained  from 
reference  [5]  by  assuming  beam  1  is  clamped-clamped  and  beam  2  is  free-clam;^.  The  power  flow  was 
calculated  from  equation  (14).  For  the  global  solutions,  the  eigenfunctions  and  eigenffequencies  were 
calculated  numerically  [6]  and  then  the  power  flow  was  calculated  from  equation  (9). 

Figure  2  shows  the  comparison  of  the  power  flow  for  the  stepped  beam  with  1=5.  It  can  be  seen  that  the 
approximation  matches  not  so  well  with  the  global  solution  at  the  first  three  resonances.  The  errors  are  due  to 
the  weak-to-stiong  assumption.  At  the  frequencies  from  120  Hz  to  850  Hz  the  two  solutions  agree  quite  well. 
However,  the  approximate  solution  largely  overestimates  the  power  flow  at  the  880  Hz  resonance.  This  is 
because  two  sub-beams  having  the  same  eigenfrequencies.  This  eigenfrequency  match  of  the  sub-beams  will 
create  a  large  power  flow  in  the  approximate  solution.  Figure  3  shows  the  results  of  the  octave  band  average 
power  flow.  The  differences  of  the  two  solutions  are  reduced  except  for  the  1000  Hz  band. 

Figure  4  shows  the  comparison  of  the  power  flow  for  the  stepped  beam  with  1=10.  The  agreements  of  the  two 
solutions  are  improved  at  the  low  frequencies.  Figure  5  shows  the  octave  band  average  power  flow  of  the  two 
solutions.  It  can  be  seen  that  the  agreements  are  good  over  the  frequency  range  for  31  Hz  to  ICKX)  Hz. 

The  power  flow  comparison  for  the  case  of  1=40  is  shown  in  Figure  6.  The  improvements  can  be  noticed  at 
low  frequencies.  However  the  power  flow  from  the  approximation  is  lower  than  the  global  solutions  at  the 
frequencies  of  anti-resonances.  The  over-estimating  at  9(X)  Hz  is  due  to  the  eigenfr^uency  nnatch  of  the  two 
beams.  The  octave  band  results  are  shown  in  Figure  7. 


5.  DISCUSSION  AND  CONCLUSIONS 

The  mode-to-mode  power  flow  approximation  was  derived  for  the  stepped  beam.  The  approximation  was 
compared  with  the  global  solution  for  the  weak-to-strong  cases.  It  was  found  that  the  approximate  method 
overestimated  the  power  flow  when  the  two  uncoupled  systems  had  the  same  eigenfrequencies.  The  power 
flow  estimation  for  other  cases  showed  that  the  approximate  solutions  agreed  well  with  the  global  solutions. 

The  mode-to-mode  approximation  for  the  beams  can  be  extended  to  the  cases  of  plate-to-plate  coupling. 
Further  work  is  requir^  to  improve  the  accuracy  of  the  mode-to-mode  approximation. 
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Figure  1  Stepped  beams:  (a)  geometry  for  global  solution, 

(b)  geometry  for  mode-to-mode  approximation. 


Figure  2  Power  flow  through  stepped  beam 
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Figure  3  Power  flow  through  stepped  beam 
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ABSTRACT 

A  substitution  source  method  is  described  to  enable  separation  of  the  airborne  sound 
transfer  from  a  particular  source  in  situations  of  combined  structure-borne  and  airborne 
sound  transfer  or  in  multiple  source  configurations. 

The  method  describes  the  “source  strength”  of  radiating  surfaces  by  means  of  radiated 
power.  This  quEmtity  is  derived  from  sound  intensity  measurements  close  to  the  radiating  area 
of  interest.  The  transfer  function  for  radiated  power  to  mean  square  sound  pressure  at  a 
receiver  location  is  determined  reciprocally.  The  basis  for  this  reciprocity  measurement  is  the 
assumption  that  the  actual  sound  radiation  can  be  replaced  by  a  fictitious  distribution  of 
uncorrelated  monopole  sources  over  the  radiator.  The  paper  describes  the  method  and  a 
laboratory  experiment  in  which  the  sound  transfer  from  an  engine-type  source  to  an 
underwater  receiver  is  modelled.  A  discussion  is  presented  on  limitations  and  on  other 
potential  applications. 


METHOD 

In  a  research  project  on  procedures  for  sound  path  quantification  from  shipboard 
machinery,  the  author  has  explored  a  so-called  equivalent  or  substitution  source  method  to 
quantify  the  contribution  of  sound-radiating  machine  surfaces  to  underwater  sound.  The 
method  assumes  that  the  sound  radiation  of  a  partial  surface  can  be  replaced  by  a  number  of 
uncorrelated  point  sources  evenly  distributed  over  the  surface.  When  the  machine  and  all  other 
sound  sources  are  turned  off,  the  substitution  point  sources  should  generate  the  same  response 
at  a  receiver  location  as  the  original  radiator  if  they  radiate  in  total  the  same  sound  power  as 
the  original  radiator. 

To  be  valid,  of  course,  it  is  required  that  the  radiator  has  no  strong  directivity.  It  is  supposed 
a  priori  that  broadband  sources  with  dimensions  which  are  not  small  compared  to  the 
wavelength  in  air  are  more  suited  to  the  method  than  tonal  or  small  sources. 

Fig.  1  shows  the  type  of  measurements  that  are  to  be  performed. 
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The  assumption  is  that  it  is  easy  to  enclose  the  engine  by  a  number  m  of  flat  measurement 
surfaces  more  or  less  parallel  to  the  surfaces  of  the  engine.  For  the  choice  of  m  the  following 
considerations  are  applied: 

-  each  partial  surface  shoidd  be  small  enough  to  allow  intensity  measurements  to  be  made  by 
hand-scanning  from  a  stationary  position 

-  more  or  less  homogeneous  intensity  distribution  over  each  partial  surface. 

For  partial  surface  Sj  the  radiated  power  is  determined  according  to 

Prad(j)  =  Js.IndS  (1) 

where  denotes  the  sound  intensity  normal  to  Sj . 

For  each  surface  Sj  a  transfer  function  to  underwater  is  defined  by  Pw(j)/PradCi)-  Then  in 
combination  with  the  results  according  to  eq.  (1)  the  contribution  of  the  airborne  path  to  the 
underwater  sound  pressure  is  obtained  from 

fn  m  _ 

Pw  =  Ipl(j)  =I  Pl(j)/Prad(j)  PradO)  (2) 

j=l  j=l 

Measurement  of  the  transfer  functions  between  brackets  will  now  be  studied. 

Assume  that  a  partial  surface  Sj  is  covered  with  n(j)  uncorrelated  fictitious  monopole  point 
sources  with  volume  acceleration  Qq.  Then  the  fictitious  power  radiated  by  these  sources  is 

oU) 

PA'd(j)  =  ;^-Q§£cK.i  (3) 

The  term  QgpMnc  equals  the  free  field  value  of  radiated  power  for  a  point  monopole  source.  The 
correction  factors  C|{  j  originate  from  the  fact  that  the  radiation  resistance  of  a  point  source 
against  a  hard  wall  is  twice  the  free  field  value  (i.e.  Cj^  ^  =  2).  However,  for  positions  close  to  (in 
terms  of  wavelength)  edges  and  comers  of  a  machine,  the  value  will  decrease,  with  =  1  as  a 
minimum  (free  field  value). 

The  transfer  function  for  each  point  source  Q(i)  is  determined  reciprocally  using  the  well 
known  relation  (see  fig.  1): 

pI  -P'lW  (4) 

Qi(i)  Qi 

Therefore,  the  radiated  underwater  sound  due  to  Sj  follows  from  eqs.  (2-4)  as 

p  Pw(j)l..p  /iJA2y^’pti(j)l  1  _  Pr»d(j)  471C  "^Vli(j) 

Pw(j)  -  PradO).  I  -  PradO).  Qo 


L‘rad'J/J  L  i=l  J  ^rad'J'  ^Cr  ^ 

i=l 

In  practical  cases  it  might  be  justified  to  measure  the  transfer  functions  to  just  a  few  positions 
on  each  Sj .  A  selection  of  positions  with  different  Cr  j  may  be  taken.  One  may  distinguish 
between  positions  close  to  comers,  close  to  edges  and  "center”  positions  on  Sj .  For  each  category 
an  averaged  transfer  function  must  be  multiplied  with  a  weighting  factor,  taking  into  account 
the  fraction  of  Sj  which  is  represented  by  the  same  value  of  Cr  j.  For  the  experiments  in  this 
paper  this  procedure  has  been  applied. 


EXPERIMENTS 


Some  experimental  validation  of  the  method  has  been  performed  in  the  laboratory.  A  water 
tank  facility  (360  m^  with  hull-type  boundaries  was  used  as  a  receiver  system.  The  sound 


592 


source  was  a  steel  box,  constructed  of  5  mm  steel  plate  and  profiles.  The  dimensions  (1,6  m  x 
1,0  m  X  0,5  m)  were  chosen  to  be  approximately  a  1:2  scale  model  of  a  shipboard  diesel  engine. 
Inside  this  box  a  2  kN  vibration  exciter  has  been  installed  to  simulate  the  machinery  noise. 
This  model  engine  has  been  installed  in  an  “engine  room”  which  has  the  tank  hull  as  one  of  its 
boundaries,  see  figures  2  and  3. 

The  experiments  consisted  of  three  parts 

-  measurement  of  C r  ^ 

-  measurement  of  sound  intensity  and  underwater  sound 

-  reciprocity  measurement  of  transfer  functions. 

The  factor  Cr  is  by  definition  the  ratio  of  the  radiation  resistance  of  a  point  monopole  source 
at  the  machine  surface  and  that  in  the  free  field.  Using  the  reciprocity  principle  it  can  be 
shown  that  this  ratio  can  easily  be  estimated  from  measurements  in  a  reverberation  room.  The 
reader  is  reminded  of  the  well  known  fact  that  for  a  wall  of  a  reverberation  room:  p^  =  2  p^m  > 
which  corresponds  with  a  radiation  resistance  at  the  walls  twice  as  high  as  in  the  reverberant 
field  and  thus  twice  as  high  as  in  the  free  field.  Based  on  this  principle  Cr  j  was  estimated  for 
three  categories  of  positions  on  the  engine  surface  using 

CR.i=^/t  i  =  l,  2,  3  (6) 

For  category  nr.  1,  the  “comer”  positions,  pf  was  obtained  from  microphone  positions  at  a 
distance  of  0.1  m  from  comers.  Category  nr.  2  were  “edge”  positions  at  0.1  m  from  edges. 
Category  nr.  3  were  “center”  positions  at  a  distance  of  0.2  m  or  more  from  edges  and  comers. 
The  engine  was  located  in  a  200  m^  reverberation  room  which  was  excited  by  two  loudspeakers 
driven  with  random  noise.  The  microphone  for  measuring  pf ,  was  held  at  1  mm  distance  from 
the  engine  surface.  Pig.  5  shows  the  measurement  results  of  10  Ig  Crj.  Table  1  shows  the 
approximations  used  for  further  calculations.  Above  630  Hz  (corresponding  with  315  Hz  at  full 
scale)  Cr  i  =  2  is  a  good  approximation  for  all  positions.  At  lower  frequencies  only  the  “comer” 
positions  deviate  significantly  from  2.  Because,  these  “comer”  positions  represent  )nly  a  small 
part  of  the  engine  surface,  replacement  of  all  Cr  j.in  eq.  (5)  by  2  will  not  lead  to  serious 
deviations  (see  also  fig.  11). 

Sound  intensity  and  underwater  sound  measurement 

The  vibration  exciter  inside  the  model  engine  was  driven  with  a  periodically  swept  sine.  The 
spectral  line  distance  was  chosen  to  be  12,5  Hz  to  model  at  the  reduced  scale  1:2  the  Af  =  6.25  Hz 
of  a  four-stroke  diesel  engine  at  750  rpm.  The  sound  power  for  eight  partial  surfaces  A-H  (see 
fig.  4)  was  determined  using  the  averaged  sound  intensity  vector  Ipfj)  normal  to  Sj .  The  results 
were  reduced  to  those  of  five  partial  surfaces  by  combining  A  and  B,  C  and  D,  E  Emd  P.  The 
bottom  surface  was  neglected,  being  not  accessible. 

I„  was  obtained  from  handscanning  in  two  perpendicular  directions  following  grid  lines 
0.1  m  apart.  The  distance  of  the  intensity  probe  (B&K  4181,  spacer  12  mm)  to  the  engine  surface 
was  0.1  m.  The  scanning  speed  was  approximately  0.2  m/s.  Repeatability  of  the  1/3  octave  band 
results  of  was  within  1  dB.  The  signal  processing  was  performed  using  a  multi-channel 
FFT-analyzer.  To  correct  for  the  phase  mismatch  of  the  probe  and  the  instrument  channels, 
measurements  with  a  soimd  intensity  calibrator  B&K  type  3541  were  used. 

To  get  an  indication  of  the  nature  of  the  sound  field  on  the  partial  surfaces,  the  so-called  F3 
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indicator  has  been  calculated  according  to 

F3=Lp-101g([In|pc/p§)  dB  rel  (7) 

Fig.  6  shows  the  results  of  Fj  on  the  partial  surfaces.  For  measurements  on  the  intensity 
calibrator  the  values  of  F3  were  at  least  IS  dB  higher  than  for  the  measurements.  This  implies 
negligible  errors  due  to  phase  mismatch  for  the  measurements. 

Fig.  7  shows  the  results  of  PradO)- 

The  underwater  sound  was  measured  at  two  hydrophone  positions  in  the  tank.  Due  to  the 
reverberant  nature  of  the  sound  field  for  f  >  200  Hz  the  1/3-octave  band  levels  at  these  two 
positions  differed  was  less  than  5  dB. 


Transfer  functions 

Measurements  according  to  the  righthand  side  of  eq.  (4)  were  performed  with  a  hydrosounder 
(type  Dyna  Empire  Jll)  successively  at  the  two  hydrophone  positions.  The  volume  acceleration 
was  derived  from  the  measured  piston  acceleration.  Omnidirectionality  of  the  source  was 
assumed,  which  becomes  less  correct  above  2  kHz. 

Sound  pressures  were  measured  against  the  engine  surface  (see  fig.  1)  at  1  mm  distance. 
For  ach  partial  surface  (AB  ,  CD,  EF,  G  and  H)  three  transfer  functions  have  been  determined, 
for  “comer”,  “edge"  and  “center”  positions  respectively,  according  to 


def 


i  =  l,  2,  3 


(8) 


The  underwater  sound  source  was  driven  with  the  source  spectrum  as  the  model  engine. 
Fig.  8  shows  transfer  functions  for  center  positions  on  the  partial  surfaces.  Surface  AB  is 
clearly  predominant.  This  is  the  partial  surface  nearest  to  the  hull. 

For  f  <  500  Hz  the  transfer  functions  for  comer  and  edge  positions  were  generally  lower  only  on 


AB. 


Results 

Fig.  9  shows  calculated  underwater  sound  pressures  at  one  hydrophone  position  due  to  five 
partial  surfaces.  AB  is  predominant  except  at  500  Hz,  where  H  appears  predominant.  The 
strong  radiation  of  H  at  500  Hz  (see  fig.  7)  is  caused  by  resonance  of  the  ventilation  grid  (see  figs. 
3  and  4). 

Fig.  10  shows  the  measured  underwater  soimd  pressure  levels  at  one  hydrophone  position 
and  those  calculated  according  to  eq.  (5).  Fig.  11  shows  that  replacement  in  eq.  (5)  of  j  values 
according  to  Table  1  by  Cr  ;  =  2  gives  negligible  differences.  The  agreement  between 
measurements  and  calculations  is  within  a  few  dB.  A  similar  result  was  found  for  the  other 
hydrophone  position. 

DISCUSSION 

An  attractive  aspect  of  the  proposed  method  is  that  the  “source  strength”  measurement,  i.e. 
of  I„(j)  is  relatively  simple,  also  in  cases  of  real  engines  with  non-flat  surfaces.  At  the  lower 
end  of  the  frequency  range  covered  in  the  validation  described,  the  length  of  the  model  engine 
was  approximately  equal  to  the  wavelength  in  air,  whereas  the  width  was  approximately  equal 
to  X/3  at  this  frequency.  Moreover  the  1/3  octave  filter-bandwidth  contained  only  three  spectral 
lines.  Nevertheless,  the  substitution  by  imcorrelated  point  sources  does  not  lead  to  unacceptable 
inaccuracies. 
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With  respect  to  the  low  frequency  limits  of  validity  further  tests  are  needed,  especially  for 
other  types  of  spectra  and  other  types  of  transfer  systems.  Potential  applications  could  be  to 
aircraft  and  vehicle  interiors.  The  boundaries  of  such  interiors  may  be  considered  as  multiple 
radiator  configurations.  The  sound  intensity  method  may  also  be  used  to  localize  important 
radiators.  However,  as  such  it  gives  no  indication  on  the  transmission  attenuation  between 
strongly  radiating  components  and  observers.  The  proposed  reciprocity  method  provides  the 
additional  information  on  that  important  aspect.  This  improves  knowledge  needed  for  cost- 
effective  noise  control  measures. 

The  method  would  fail,  however,  for  radiators  with  strong  directivity  due  to  the  neglect  of 
correlation  between  the  substitution  sources.  Mason  and  Fahy  [1]  have  proposed  a 
“deterministic’’  method  for  that  situation.  However,  this  method  requires  detailed  velocity  data 
of  the  source  surface.  For  diesel  engines  of  the  type  used  on  board  ships  this  would  be  quite 
difficult  to  obtain. 
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Figure  1  Substitution  source  principle  for 
quantifying  the  airborne  sound  transfer 
from  machine  to  underwater.  An  equivalent 
set  of  ficititiouB  point  sources  is  defined  on 
the  machine  surface  to  generate  the  same 
sound  power  as  the  machine.  The  transfer 
function  of  these  point  sources  to  the  water 
is  measured  reciprocally. 
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Figure  2  General  overview  of  the  “engine  Figure  3  Model  engine  in  engine 

room”  and  water  basin.  room’.  The  wall  behind  the  engine 

is  the  hull  of  the  water  basin. 


Figure  4  Enclosing  surface  for 
sound  intensity  measurements. 
Eight  partial  surfaces  were  used. 
Results  of  A  and  B,  C  and  D,  E  and 
F  were  combined  to  AB,  CD  and 
EF,  respectively. 
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dB  re  1 
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Figure  5  10  Ig  Cjj  measured  according  to  eq.  Figure  6  F3  indicator  for  partial  surfaces,  eq. 
(6)  for  three  categories  of  positions.  (7). 
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Figure  7  Radiated  sound  power  for  five 
partial  surfaces. 


-  800  partial  surface  AB 

-  001  partial  surface  CD 

-  802  partial  surface  EF 

. .  803  partial  surface  G 


804  partial  surface  H 


Table  1  Approximate  values  of  Ch  ^  derived 
from  fig.  5. 


f(H2)  Cr^i 

corner 

^R,2 

edge 

^R,3 

center 

200  1.25 

1.5 

1.6 

260  1.35 

1.6 

2 

316  1.45 

1.7 

2 

400  1.6 

1.8 

2 

500  1 7 

1.9 

2 

630  1.85 

2 

2 

800  2 

2 

2 

lk-5k  2 

2 

2 
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125  250  500  Ik  2k  4k 

- frequency  [Hzl 

-  305  partial  surface  AB 

-  405  partial  surface  CD 

-  505  partial  surface  EF 

-  604  partial  surface  G 

.  703  partial  surface  H 


Figure  8  Transfer  function  10  Ig  T 
according  to  eq.  (8)  for  center  positions. 


dB  re  1  Pa 
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-  900  partial  surface  AB 

-  901  partial  surface  CD 

-  902  partial  surface  EF 

-  903  partial  surface  G 

.  904  partial  surface  H 


Figure  9  Underwater  sound  pressure  levels 
due  to  partial  surfaces. 
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Figure  10  Measured  and  calculated  (solid 
line)  underwater  sound. 
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Figure  11  Calculated  underwater  sound 
according  to  eq.  (5)  (solid  line)  and  to  eq.  (5) 
with  Cg  j  *  2. 
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Abstract 


The  problem  of  two  coupled  unidirectional  fiber  composite  beams  is  considered.  For  the  simplifying  case  when 
pure  bending  occurs,  the  vibrational  amplitudes  of  the  two  beams  are  obtained.  Results  from  an  experimental 
set-up  of  two  graphite  epoxy  beams  bolted  together  are  compared  to  those  obtained  from  analysis.  Also  presented 
is  analytically  computed  power  flow  variation  over  the  frequency  range. 


N  omenclature 


Ai 

Ct 

^mt 

fi 

t 

J. 

h 

me 

a 

n 

li 

It 

^nj 

Pi 

* 


area  of  cross-section  of  the  yth  beam 
torsional  rigidity  of  the  beam 
mutual  stiffness  coefficient 
flexural  rigidity  of  the  jth  beam 
external  excitation  on  the  jth  beam 
shear  modulus 
v/=T 

polar  moment  of  inertia  about  the  z  axis 
wave  number  of  the  yth  beam 
length  of  the  yth  beam 

coupling  moment  at  the  junction  of  the  beams 
transverse  vibrational  displacement  of  the  jth  beam 
axial  coordinate  for  the  jth  beam 
torsional  deformation  about  the  z  axis 

loss  factor  for  the  yth  beam 
shape  factor 

nth  eigenfunction  for  the  jth  beam 
density  of  the  yth  beam 
rotational  displacement  of  beam  cross-section 
natural  frequency  of  the  jth  beam 
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1  Introduction 


The  problem  of  two  coupled  beams  in  vibration  has  been  considered  by  many  researchers  (Davies  and  Wahab,  1981; 
Lyon,  1975).  However,  the  specific  problem  of  fiber  composite  beams  has  not  received  much  attention.  Composite 
structures  are  used  quite  widely  in  many  applications  where  one  finds  beams  welded  or  bolted  together. 

In  general,  the  vibrational  problem  of  composite  beams  is  quite  complicated  due  to  coupling  of  torsion  and  flexure 
(Teh  and  Huang,  1980).  When  two  or  mote  beams  are  coupled  together,  the  problem  gets  further  intricate  since 
energy  exchange  can  occur  between  the  two  beams  in  torsion  and  flexure. 

This  paper  considers  two  unidirectional  fiber  composite  beams  bolted  together.  As  a  first  step,  the  fiber  angle 
will  be  chosen  to  be  zero  with  respect  to  the  symmetry  axes,  which  essentially  renders  the  problems  of  torsion 
and  flexure  independent.  Results  from  analysis  will  be  compared  to  that  from  a  simple  experimental  set-up. 


2  Mathematical  Model 


Before  considering  coupled  beams  we  will  first  look  at  a  fiber  composite  beam  in  free  vibration.  The  equations 
of  motion  are  quite  involved  and  typically  display  coupling  between  torsion  and  flexure  (Teh  and  Huang,  1980). 
Although  we  will  be  subsequently  making  assumptions  that  will  obviate  the  need  to  use  this  coupled  model,  the 
equations  are  given  below  for  completeness.  Please  see  the  nomenclature  for  a  description  of  the  various  constants 
used  in  the  equations.  Fig.  1  shows  the  coordinate  systems;  the  primary  response  variables  are:  v  for  tranverse 
displacement,  0  for  rotaticsi  of  the  beam  cross-section,  sind  a  for  torsional  deformation  about  the  z  axis. 


a*v 

= 

(1) 

-».|n 

<». 

II 

(2) 

c,  a^t  c,ah 
V  c„,  az^  ^  V 

(3) 

When  the  fiber  orientation  with  respect  to  the  longitudinal  axis  differs  from  zero,  the  above  set  of  coupled 
equations  would  have  to  be  solved.  However,  in  this  paper,  we  are  concerned  with  the  special  case  of  zero 
orientation  (as  a  starting  point).  In  that  case,  it  can  be  shown  the  above  system  of  equations  gets  decoupled. 
F^irther  ^proodmation  in  the  form  of  neglecting  shear  effect  will  lead  to  the  standard  Euler  beam  equation  as 
given  below. 


a*v 


.ah 


(4) 


Next,  we  coodder  two  such  coupled  beams  using  the  above  simplifying  assumptions.  Since  the  two  beams  are 
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Figure  2:  Coupled  Composite  Beams  and  Coordinate  Systems 


coupled  however,  the  above  equation  gets  modified  with  the  coupling  moment  appearing  as  a  forcing  function. 
We  will  also  include  external  forces  and  linear  viscous  damping.  Fig.  2  shows  two  unidirectional  fiber  composite 
beams  coupled  end  to  end.  The  coupling  between  them  couid  be  physically  achieved  by  bolting,  welding  or  other 
means. 

+ci^ +(pA)i-gj^  =  +  mcS'{z\  -  lx) 

-  /»{*»>*)  ~  mcS\z2  -  fj)  (5) 

Here,  fi  and  /}  are  the  transverse  forces  acting  on  the  two  beams,  and  is  the  bending  moment,  whose  value 
at  the  coupling  point  is  used  in  the  equations  by  employing  S'  which  is  the  derivative  of  the  dirac  delta  function. 


The  boundary  conditions  that  need  to  be  satisfied  are: 


ui(0,0  =  0 

=0 

L=o 

vi(/i,<)  =  0 


(F  I  1  ^ 
(E..Ir)Xdz^z 


*1=/| 


-(F  I  \  ^ 


®2(o,0  =  o 

d^V2 


dzi' 


=  0 


U2=0 
vzihft)  =  0 
dvi  I 


dV7 

^^2  *2=17 


(6) 


The  last  two  statements  reflect  the  condition  that  the  bending  moment  and  slope  are  continuous  at  the  junction 
of  the  two  beams. 


Taking  Fourier  transforms  of  the  equations'of  motion  with  respect  to  time,  we  get 

(E»I*)tVr  +  iwctVi-u>HpA),Vt  =  F,{zt,i^)  +  McS'{zx-li)  (7) 

(E..Ir)2Vi'‘  +  iuCjV2-J‘(pA)iV2  =  +  Mc«'(a2  - /j)  (8) 

(9) 

where,  the  upper  case  variables  represent  the  Fourier  transforms  of  the  corresponding  lower  case  variables. 


We  seek  a  solution  to  the  above  equations  by  modal  analysis. 


Vi(zi,u,)  = 

m 

(10) 

V2(C2,«)  = 

(11) 

n 


where,  ^  are  the  eigenfunctions  of  free  vibration  of  each  (decoupled)  beam  simply  supported  at  both  ends;  i.e.. 


“'m.l 

_2-_2 

-  ’”’V(M)./f 

(12) 

,  mtai 
=  sin  — ,  ■ 

«i 

(13) 
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where,  u>„,i  are  the  natural  frequencies  of  beam#l.  Similar  expressions  can  be  written  for  the  second  beam. 
Substituting  into  the  above  equations  and  using  orthogonality  properties  of  eigenfunctions,  we  get 

2^5/2  -  =  Fn,i 

where, 

^m,l  =  (: 


fit 

fm.i  =  /  f^i(ii,'j)^m.i(ri)dri 

Jo 


Here,  ki  is  the  wave  number  given  by 


where,  rii  is  the  loss  factor  for  beam^l  which  will  be  assumed  to  be  the  same  for  all  the  modes. 


Since  the  slope  is  continuous, 


From  the  above  equations  we  can  solve  for  the  unknown  moment  at  the  junction  as  well  as  the  displacement 
amplitudes,  Vi  and  Vj. 

Af,  =  (Ar,-Ar,)/(B,-flj)  (21) 

where, 

A'l  =  ?  E  FnMhVA^a 

‘I  m  ‘J  V 

=  B2  =  ^^<,(l2)//l„.2  (22) 

Mm 


The  power  flow  from  beam#l  to  beam#2  is  computed  from  the  expected  value  of  product  of  the  moment  and 
rate  of  change  of  slope  at  the  junction  of  the  beams;  i.e., 

Pi,(u>)  =  ReE  »wM<,5^a„,it(>m.i(Ji)  (24) 

m 

If  we  make  the  assumption  that  the  forces  on  the  two  beams  are  statistically  independent  from  each  other,  and 
that  they  are  random  in  the  sense  that  their  modal  participations,  F„,i  and  P„,2  are  independent  of  each  other, 
the  power  flow  can  be  computed  to  be  (Davies  and  Wahab,  1981) 

where,  Ei  and  £]  are  the  uncoupled  modal  energies  given  by 

£]  is  given  by  a  simitar  equation.  5n,i  is  the  power  spectral  density  of  the  nth  modal  generalized  force,  P„,i, 
which  has  been  assumed  to  be  white  noise. 
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Figures:  Computed  Amplitude  of  Beam#  1  at  zj  =  li/2 

3  Numerical  Example 


The  two  beams  are  taken  to  be  made  from  unidirectional  graphite  epoxy  composite  with  the  fiber  angle  zero  with 
respect  to  the  longitudinal  (z)  axis.  The  material  properties  that  are  relevant  to  the  analytical  model  used  in 
this  paper  are  as  follows  (Abarcar  and  Cuniff,  1972):  E„  =  1.29E+11  Pa,  p  =  1550  Kg/m®.  The  geometrical 
dimensions  are  as  follows:  (i  =  10.2  cm,  (j  =  12.7  cm,  width  (both  beams)  =  2.83  cm,  thickness  (both  beams) 
=  .027  cm.  The  analysis  bandwidth  is  0-2500  Hz.  In  this  bandwidth,  the  natural  frequencies  of  beam#l  are  (in 
Hz):  107,  429,  966,  1717  and  2683;  for  beam#2,  they  are:  69,  277,  623,  1108,  1730,  and  2492. 

Beam#l  is  subject  to  a  broadband  excitation,  and  the  point  of  application  of  the  force  is  6.5  cm  from  the  end 
remote  from  the  Junction.  The  vibrational  amplitudes  are  computed  from  analytical  expressions  in  the  previous 
section  and  representative  results  are  shown  in  Figs.  3  and  4.  Experimentally  measured  amplitude  of  beam#2  at 
the  same  location  is  shown  in  Fig.  5. 

It  may  be  observed  that  the  analytical  and  experimental  results  do  not  agree  exactly  in  their  peak  values  primarily 
owing  to  the  fact  that  the  analysis  assumed  the  same  loss  factor  for  all  the  modes  which  is  unlikely  to  be  the  case 
in  practice.  However,  the  peaks  do  occur  at  about  the  same  frequencies. 

Fig.  6  shows  the  computed  power  flow  from  beam#l  to  beam#2  as  a  function  of  frequency.  Future  work  will 
focus  on  the  possible  application  of  Statistical  Energy  Analysis  to  this  problem  for  comparison  with  the  ("exact” ) 
results. 


4  Conclusion 


Two  coupled  unidirectional  fiber  composite  beams  are  considered.  For  the  simplifying  rase  when  pure  bending 
occurs,  the  vibrational  amplitudes  of  the  two  beams  are  obtained.  Results  from  an  experimental  set-up  of  two 
graphite  epoxy  beams  bolted  together  are  compared  to  those  obtained  from  analysis.  In  addition,  analytically 
computed  power  flow  variation  over  the  frequency  range  is  presented. 

Future  work  will  Involve  a  more  general  case  of  nonzero  angle  of  orientation  between  the  fiber  axis  and  the 
geometric  (longitudinal)  axis  in  which  case  coupling  between  torsional  and  flexural  vibration  can  not  be  ignored. 
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Figure  6:  Power  Flow  from  Beam#l  to  Beam#2 
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